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Comparison of the performance of a vapor-injection scroll compressor with a two-

stage scroll compressor working with high pressure ratios 

Tello-Oquendo F.M., Navarro-Peris E., Gonzálvez-Maciá J. 

Abstract 

This paper presents a comparative analysis of the performance of a vapor-injection scroll 

compressor (SCVI) and a two-stage scroll compressor (TSSC) working with high pressure ratios 

in heat pump applications. Semi-empirical models of the compressors are implemented. The 

models are adjusted with experimental data obtained in a calorimetric test bench. The optimum 

displacement ratio (DR) is analyzed considering two criteria, COP maximization, and discharge 

temperature minimization. Once defined the optimum DR, a systematic comparison of the 

compressors is performed in terms of compressor efficiencies, heating capacity, COP, and 

discharge temperature. Finally, the intermediate pressure is optimized for a high-temperature 

water heating application, taking into account heat sink of finite capacity. Results show that the 

optimum DR of TSSC is around 0.58 and the COP is 6% larger than that the SCVI at the nominal 

point. Considering a wide range of operating conditions, the SCVI presents better efficiency and 

COP for pressure ratios below 5. For higher-pressure ratios, the TSSC presents better performance 

and achieves lower discharge temperature. The heating capacity of the TSSC can be improved by 

7% by varying the swept volume of the high-stage compressor compared with the SCVI, with a 

minimum effect on the COP and on the discharge temperature from the optimum conditions. 

 

Keywords: two-stage compression, scroll compressor; reciprocating compressor, vapor-

injection; optimization; performance comparison 

  



1. Introduction 

Heat pumps with a single-stage vapor compression cycle present several limitations when 

operating with large temperature differences between evaporation and condensation. At high 

pressure ratios, the performance (COP) and capacity of heat pumps decrease dramatically due 

mainly to the limitations in the compression process. Under these conditions, the compressor’s 

isentropic and volumetric efficiencies significantly decrease, while the discharge temperature 

increases. This could compromise the compressor integrity and restrict its operating envelope. On 

the other hand, the advantage of using heat pumps instead of boilers is diminished, especially for 

space heating in places with cold climates and for high-temperature water heating applications.  

In this context, the use of two-stage compression systems with vapor-injection constitutes 

an effective solution to improve the performance of heat pumps and to extend the operating 

envelope of these systems. The two-stage compression allows lower pressure ratios for each 

compression stage; therefore, each compression stage works closer to its optimum efficiency, 

which reduces the compressor power input. The vapor-injection technique improves the system 

capacity and COP and reduces the discharge temperature of the compressor (Xu et al., 2011a).  

The scroll compressor with vapor-injection (SCVI) is one of the most used compressor 

technology in two-stage cycles with vapor-injection. This compressor technology is not exactly a 

two-stage compressor because it has only one pair of scroll wraps and the refrigerant injection is 

performed during the compression process in the same pair of scroll wraps. The advantage of 

SCVI is the easy implementation of vapor-injection from the machining point of view. The 

refrigerant injection is done through one or more holes (injection ports), which are located in the 

non-orbiting scroll member to open into the enclosed spaces or pockets formed by the scroll 

wraps. The size and position of the injection ports define the maximum flow that can be injected 

between the scroll wraps. The system capacity and the compressor efficiency are maximized by 

maximizing the injected refrigerant flow. 

Numerous studies have been conducted using SCVI in heat pumps and refrigeration 

systems. Some of the studies have shown the advantages of two-stage cycles with vapor-injection 

over single-stage cycles. In these studies, the improvements in COP, capacity, and the extension 

of the work map of the systems are quantified (Ma et al., 2003; Ma and Chai, 2004; Ma and Zhao, 

2008; Wang et al., 2009b; Navarro et al., 2013). Other studies have focused on the control and 

optimization of the system (Wang et al., 2009a and 2009c; Xu et al., 2011b; Cho et al., 2012; Roh 

and Kim, 2011), and the use of different refrigerants in vapor-injection cycles (Feng et al., 2009; 

Xu et al., 2013a, 2013b and 2017). Moreover, the SCVI characterization methodologies have 

addressed by Winandy and Lebrun, (2002), Navarro et al. (2013) and Tello-Oquendo et al. (2017); 

and the SCVI modeling by Dutta et al. (2001), Winandy and Lebrun (2002), Wang et al. (2008), 

Dardenne et al. (2015), Qiao et al. (2015), and James et al. (2016). 

Nevertheless, scroll compressors have a fixed built-in volume ratio, which is determined 

by the scroll geometry. This produces over and under-compression when the operating conditions 

deviate from the specified design condition. Therefore, the compressors can not work with the 

optimum efficiency when the operating pressure ratio differs from the design pressure ratio. This 

fact can reduce the adaptability of the scroll compressor in vapor-injection heat pump applications 

working with high pressure ratios. 

Another possibility to improve the compression process is by using a two-stage scroll 

compressor (TSSC). This compressor consists of two scroll compressors arranged in series with 

vapor-injection between the two stages. A few studies have been developed about the application 



of the TSSC in heat pump systems. Park et al. (2006) investigated the effects of refrigerant charge 

on the performance of a heat pump with two-stage compression for water heating (50 °C-55 °C), 

using river water as a heat source, and R-134a as refrigerant. The system uses a TSSC, an internal 

heat exchanger (economizer) in the injection mechanism and a flash tank for the intermediate 

refrigerant mixing. In the heating mode, the capacity increases with the increase of the low-stage 

EEV opening. However, the low-stage EEV opening is limited by the superheat in the low-stage 

compressor, which should be between 5 K and 10 K. The optimum intermediate pressure is 

obtained when the temperature difference between the condenser and the flash tank is controlled 

between 28 ℃ and 30 ℃. The maximum COP is 3.45 at the optimum charge of 10.1 kg.  

In the same line, Kwon et al. (2013) studied a heat pump with two-stage compression for 

district heating using waste energy. The authors analyzed the influence of the heat source 

temperature and the superheat at the low-stage compressor on the heating capacity and the COP. 

The system uses a TSSC working with R-134a as refrigerant. These authors found that the COP 

improves by up to 22.6% when the heat source temperature is raised from 10 °C to 30 °C. As the 

low-stage compressor inlet superheat increases from 2 K to 11 K, the refrigerant mass flow rate 

and heating capacity decreases by up to 7.6% and 2.2%, respectively. However, there is no major 

impact on the temperature of the hot water produced nor on the COP. Varying the frequency of 

the high-stage compressor to control the intermediate pressure results in a performance 

improvement of up to 5.2% under the same heat source conditions. 

Bertsch and Groll (2008) studied an air-source heat pump using a TSSC working with R-

410A as refrigerant. The heat pump was tested at ambient temperatures as low as -30 °C to 10 °C 

and supply water temperatures of up to 50 °C in heating mode. They found that the two-stage 

mode operation approximately doubles the heating capacity compared with the single-stage mode 

operation at the same ambient temperature. The discharge temperatures of each compression stage 

are kept below 105 °C, over the whole operating range.  

On the other hand, Tello-Oquendo et al. (2016) conducted a comparison of two compressor 

technologies with vapor-injection, an SCVI and a two-stage reciprocating compressor (TSRC). 

The compressor performances were studied in a vapor-injection cycle with an economizer, using 

R-407C as refrigerant. The seasonal performances of both systems were estimated for an 

evaporating range between -30 °C and 0 °C in cooling mode, and a condensing range between 40 

°C and 70 °C in heating mode. The compressors comparison was conducted in terms of 

compressor efficiencies, COP, and heating capacity working in a wide range of operating 

conditions. This study gives a general idea about the application range of the studied compressors 

in cooling and heating applications and the differences in the compressor performance. Results 

showed that the SCVI presents better efficiency and COP when working with pressure ratios 

below 7.5, and the TSRC improves the COP when working with higher pressure ratios. 

Nevertheless, the catalog data of the TSRC were limited and it was not possible to predict the 

discharge temperature of this compressor. The TSRC model was based on efficiency curves and 

no comparison was made of the discharge temperature of the compressors.  

Up to this point, based on the literature review, a systematic comparison between an SCVI 

and a TSSC has not been addressed. The vapor-injection in these two compressors is different. In 

the SCVI, the refrigerant injection is performed continuously in the same set of scrolls during the 

compression. Instead in the TSSC, the two compression stages are separated. The compressed 

refrigerant in the first stage is mixed with the injection refrigerant in a mixing chamber at constant 

pressure. The resulting mixture is then compressed in the second compression stage.  



In this context, questions about the advantages and disadvantages of compressor 

technologies available for two-stage systems, the correct sizing of the compressors, the optimum 

intermediate pressure are posed and these need to be understood in order to design heat pump 

systems working with high pressure ratios. 

In order to answer to the questions posed above, the current paper addresses evaluation of 

the performance of an SCVI for heat pump applications (capacities above 5 kW), working under 

extreme conditions, that is, at low evaporating temperatures or at high condensing temperatures. 

The analysis is based on a systematic comparison of the SCVI with a TSSC. In addition, in order 

to establish an objective comparison that contemplates an alternative two-stage compressor 

technology available in the market, a two-stage reciprocating compressor (TSRC) is included in 

the comparative analysis.  

Semi-empirical models of the three compressors are used in the study. The models are 

adjusted with experimental data collected in the laboratory. To do so, an SCVI, a non-injected 

scroll compressor (SCNI) and a reciprocating compressor (RC) were characterized in a 

calorimetric test bench, using R-290 as refrigerant.  

The optimum displacement ratio of the two-stage compressors (TSSC, TSRC) are defined 

taking into account two criteria, COP maximization, and discharge temperature minimization. 

Once the size of the compressors is defined, a systematic comparison of the performance of the 

three compressors (SCVI, TSRC, and TSSC) is conducted in terms of compressor efficiencies, 

COP, heating capacity, and discharge temperature, in a wide range of operating conditions. 

Finally, for a high-temperature water heating application (>60 °C) and large water temperature 

lift (20 K), the intermediate pressure is optimized taking into account the temperature level and 

temperature lift of the secondary fluid in the condenser.  

2. Experimental setup 

Fig. 6.1 illustrates the scheme of the experimental setup used for testing the compressors. 

The installation consists of a calorimetric test bench with an additional injection line (gray line in 

Fig. 6.1) for testing the SCVI, as described by Tello-Oquendo et al. (2017). 

The refrigerant conditions at compressor inlet (pressure and temperature) and outlet 

(pressure) are adjusted with PID control loops. The condensing pressure, evaporating pressure 

and the superheat at the compressor inlet are set acting on the flow rate of the water condenser, 

valves EEV-2, and resistors of the calorimeter, respectively.  

To test the SCVI, the injection line is enabled by opening the ball valve V-1. The electronic 

expansion valve EEV-1 regulates the intermediate pressure. The injection superheat is fixed with 

the water-glycol temperature through a heat exchanger. Electric resistors control the temperature 

of the water-glycol mixture in order to fix the injection superheat. To test the non-injected scroll 

compressor (SCNI) and the reciprocating compressor (RC), the injection line is disabled by 

closing the ball valve V-1. 

 



 

Fig. 0.1 Scheme of the calorimetric test bench. 

 

The test bench is equipped with instruments for measuring the pressure and temperature in 

the suction and discharge of the compressor (points 1 and 8 in Fig. 6.1). The instrument accuracies 

of pressure transmitter (Fisher–Rosemount 3051) and temperature transmitter (RTD-PT 100) are 

0.02 % and 0.05 ºC, respectively.  

The refrigerant mass flow rate is measured based on the European Standard EN 13771-1 

(2016). Primary and confirming measurements were conducted simultaneously. The primary test 

procedure is the secondary refrigerant calorimeter method and the confirming test method is a 

Coriolis-type mass flow meter. The mass flow rate through the condenser was measured after the 

subcooler by using a Coriolis-type (Fisher–Rosemount Micro-Motion CMF025M), C-1 in Fig. 

6.1. The injection mass flow rate was measured with a Coriolis-type mass flow meter with 

uncertainty of ±0.025 g s-1 (C-2). The evaporator mass flow rate is calculated as the difference 

between the condenser mass flow rate and the injection mass flow rate and is compared with the 

secondary refrigerant calorimeter based result.  

The injection line was also equipped with a pressure transducer with a precision of 0.2%, 

an RTD with a precision of 0.1 K, and an electrovalve located before the expansion valve (EEV-

1). The compressor power input was measured with an electrical power meter with a precision of 

0.1%. 

The swept volumes of the compressors are 17.28 m3h-1 for the SCVI, 17.49 m3h-1 for the 

SCNI and 20.71 m3h-1 for the RC. All the compressors were tested with R-290 as refrigerant. For 

the SCVI, the laboratory tests were performed according to the following parameters: suction 

superheat of 10 K, injection superheat of 5 K and 5 K of subcooling at the condenser outlet. For 

the SCNI and the RC, the parameters used were suction superheat of 10 K and subcooling at the 

condenser outlet of 5 K. The test points were selected as a function of the compressor working 

envelope of the manufacturer and considering operating conditions for heating applications. Fig. 

6.2 shows the working map of the compressors and the tested points for each compressor.  

 

Sight

Oil 

separator

Condensers
Liquid 

reservoir

Subcooler

Electrovalves

Expansion Valves

EEV-2

Filter

P8

T8

T

P

Coriolis

C-1

T

T

Sight

Compressor

Pint Tinj

 

Oil return

Sight Sight

Calorimeter

Coriolis

C-2

Water-glycol circuit 

Expansion 

Valve

EEV-1

Electrovalve

P1

T1
1

8

inj

  
V-1



Safety was a major concern during the design of the test facility. Specific procedures and 

standards regarding the handling and use of flammable gasses were taken into account (European 

Standard EN 378, 2017). The specific measures include the use of intrinsically safe electric 

material, specific propane sensors, the use of emergency switches and alarms and appropriate air 

renewal procedures to ensure no-critical concentrations in the case of leakage (European 

Standards: EN 60079-14, 2014; EN 60079-15, 2010; EN 60335-2-34, 2013; EN 60335-2-40, 

2003). 

 

a) b) 

 

 

Fig. 0.2 Compressor working envelope and test points for the compressors working with R-290. a) 

SCNI and RC. b) SCVI. 

 

3. Methodology 

3.1 Model development 

A thermodynamic model of the cycle is implemented to establish the parameters for the 

two-stage cycles with vapor-injection. Fig. 6.3 depicts a general schematic of the two-stage vapor 

compression cycle and the P-h diagram. The cycle uses an internal heat exchanger (economizer) 

in the injection mechanism.  

The pressure levels of the system (P1, P4, P8) are calculated as the saturation pressures of 

the dew temperatures at the evaporator, condenser, and injection, respectively. The pressures of 

points 5, 6, 7 and 9 are defined by introducing the assumption of null pressure drop in the lines 

and heat exchangers of the system. The enthalpies of points 7 and 9 are defined by introducing 

the assumption of isenthalpic expansion in the valves (see Fig. 6.3b).  

The temperatures of points 1 and 5 and therefore their enthalpies are calculated using the 

input parameters of superheat and subcooling.  
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Fig. 0.3 Two-stage vapor compression cycle with vapor-injection. a) Schematic of the cycle with an 

economizer. b) P-h diagram. 

 

The energy balance of Eq. (6.1) is met in the injection mechanism (economizer), and the 

condenser mass flow rate is defined by Eq. (6.2). 

 

𝑚̇𝑐ℎ5 = 𝑚̇𝑒ℎ6 + 𝑚̇𝑖𝑛𝑗ℎ8 (6.1) 

𝑚̇𝑐 = 𝑚̇𝑒 + 𝑚̇𝑖𝑛𝑗  (6.2) 

 

The model parameters are the dew evaporation and condensation temperature (Te,d, Tc,d), 

suction superheat, injection superheat and subcooling at the condenser outlet (SH, SH inj, SC). The 

compressor models described below calculate the evaporator mass flow rate, injection mass flow 

rate, compressor efficiencies, and discharge temperature of the compressor. The output variables 

calculated by the cycle model are heating capacity (Eq. (6.3)) and heating COP (Eq. (6.4)). 

 

𝑄̇ℎ = 𝑚̇𝑐(ℎ4 − ℎ5) (6.3) 

𝐶𝑂𝑃ℎ =
𝑄̇ℎ

𝐸̇
 (6.4) 

 

The injection superheat is fixed to 5 K. The economizer size is fixed by setting a 

temperature approach in the economizer (T6 -T7 in Fig. 6.3a) of 5 K. For all operating points, this 

temperature approach is assumed constant (EN 12900, 2013).  

Some cycle parameters are introduced for comparison purposes. Xinj is the injection ratio 

defined by Eq. (6.5). Co is the ratio between the actual intermediate pressure and the geometric 

mean of pressures defined by Eq. (6.6), and DR is the displacement ratio between the second and 

first stage of compression defined by Eq. (6.7). 

𝑋𝑖𝑛𝑗 =
𝑚̇𝑖𝑛𝑗

𝑚̇𝑐
 (6.5) 

𝐶𝑜 =
𝑃𝑖𝑛𝑡

√𝑃𝑒  𝑃𝑐

 (6.6) 

𝐷𝑅 =
𝑉̇𝑠,𝐻

𝑉̇𝑠,𝐿

 (6.7) 
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Compressor models 

In the present study, three types of compressors are considered. A scroll compressor with 

vapor-injection (SCVI), a two-stage reciprocating compressor (TSRC) and a two-stage scroll 

compressor (TSSC). Fig. 6.4 illustrates the schematic of the compressor models. In the SCVI, the 

vapor-injection is performed at an intermediate pressure during the compression (see Fig. 6.4a). 

In the TSRC and the TSSC, the vapor-injection is performed after the first stage of compression 

in a mixing chamber at constant pressure (see point 3 in Fig. 6.4b). Point 3 is defined by Eq. (6.8), 

assuming a perfect adiabatic mixing between the injection mass flow rate at (point 8) and the 

evaporator mass flow rate (point 2). 

 

𝑚̇𝑐ℎ3 = 𝑚̇𝑒ℎ2 + 𝑚̇𝑖𝑛𝑗ℎ𝑖𝑛𝑗 (6.8) 

 

 

Fig. 0.4 Model scheme of the vapor-injection compressors. a) SCVI. b) TSRC and TSSC.  

 

The TSSC is composed of two non-injected scroll compressors (SCNI) arranged in series, 

with vapor-injection between the two compression stages. To model each SCNI, a semi-empirical 

model of scroll compressor was implemented according to Tello-Oquendo et al. (2018b) and 

(2019). This model was validated experimentally and can reproduce the compressor efficiency 

and the volumetric efficiency with a deviation lower than ±5% and ±3%, respectively. In addition, 

the model estimates the mass flow rate, the compressor power input and the discharge temperature 

with a deviation lower than ±3%, ±5%, and ±3 K, respectively (Tello-Oquendo et al., 2019). The 

model describes the ideal evolution of the refrigerant throughout the compressor and takes into 

account the main sources of losses in the compression process. The compressor losses are 

associated with a specific model parameter. These parameters of the model are fitted from 

experimental data. 

Fig. 6.5 shows the refrigerant evolution through the compressor assumed in the model. The 

refrigerant enters the compressor at point 1 (suction) and leaves the compressor at point 2 

(discharge). The refrigerant evolution through the scroll compressor is divided into the following 

sequence of effects: 

(1-12): Isobaric vapor heating due to motor cooling and mechanical loss dissipation. 

(12-13): Isobaric vapor heating due to the heat transferred from the hot side of the 

compressor (discharge plenum) to the inlet flow. 

(13-14): Isenthalpic pressure loss in the suction port. 

(14-14’): Isobaric vapor heating due to the leaks. 

(14’-ad): Isentropic compression from the scrolls intake conditions (leaks appear in this 

part of the process) to the adapted pressure at the discharge port. 
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(ad-15): Isochoric compression from the adapted pressure to the discharge pressure (Pc) at 

the discharge plenum. 

(15-16): Isenthalpic pressure loss in the discharge port. 

(16-17): Isobaric vapor cooling due to the heat transferred to the suction side. 

(17-2): Heat loss to ambient through the compressor shell.  

 

 

Fig. 0.5 Model scheme of the refrigerant evolution inside the compressor, for non-injected scroll 

compressors (SCNI) and reciprocating compressors (RC).  

 

The reference for the overall compressor efficiency is given by an isentropic condition from 

the inlet to the outlet of the compressor (2s). The volumetric efficiency and the overall compressor 

efficiency of the SCNI are calculated by Eqs. (6.9) and (6.10), respectively. Eq. (6.10) represents 

the ratio between the ideal isentropic power consumption and the real indicated work for the 

compressor.  

  

𝜂𝑣 =
𝑚̇𝑒

𝑉̇𝑠  𝜌1

 (6.9) 

𝜂𝑐 =
𝑚̇𝑒 (ℎ2𝑠 − ℎ1)

𝐸̇
 (6.10) 

 

The mass flow rate is calculated with Eq. (6.11), where 𝑉̇𝑠 is the swept volume of the 

compressor defined by the Eq. (6.12), ρ1 is the density at the compressor inlet, and n represent the 

compressor speed. 

 

𝑚̇𝑒 = 𝜂𝑣 𝑉̇𝑠  𝜌1 (6.11) 

𝑉̇𝑠 = 𝑛 𝑉𝑠  (6.12) 

 

Moreover, in order to define an overall compressor efficiency of the TSSC the Eq. (6.13) 

is defined, where h4s represents the enthalpy at the discharge pressure of the high-stage 

compressor, considering an isentropic compression from the compressor inlet condition (point 3 

in Fig. 6.4b). 

 

𝜂𝑐 =
𝑚̇𝑒 (ℎ2𝑠 − ℎ1) + 𝑚̇𝑐  (ℎ4𝑠 − ℎ3)

𝐸̇𝐿 + 𝐸̇𝐻

 (6.13) 
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The SCVI was modeled as proposed by Tello-Oquendo et al. (2019). This semi-empirical 

model describes the vapor-injection into scroll compressors by using an empirical correlation (Eq. 

(6.14)), which relates the injection ratio (𝑚̇𝑖𝑛𝑗/𝑚̇𝑒) and the intermediate pressure ratio (𝑃𝑖𝑛𝑡/𝑃𝑒), 

as described by Tello-Oquendo et al. (2017). The correlation (6.14) allows estimating the injection 

mass flow rate as a function of the intermediate pressure for a given evaporation pressure level. 

The coefficients A and B are obtained by linear regression, based on the experimental data of the 

SCVI. 

 

𝑚̇𝑖𝑛𝑗

𝑚̇𝑒
= 𝐴 + 𝐵 

𝑃𝑖𝑛𝑡

𝑃𝑒
 (6.14) 

 

Fig. 6.6 depicts the evolution of the refrigerant assumed in the SCVI model in a P-h 

diagram. The complex process of refrigerant injection is simplified as instantaneous isobaric 

mixing at the intermediate pressure. Therefore, the model assumes that the compression process 

is composed of the following sequence of effects:  

 (14’-19): Isentropic compression from the scrolls intake conditions (leaks appear in this 

part of the process) to the intermediate pressure.  

(19-10) Isobaric mixture of the suction mass flow rate (ṁe) and the injection mass flow rate 

(ṁinj) at the intermediate pressure.  

(10-ad): Isentropic compression from the mixture conditions at the intermediate pressure 

to the adapted pressure at the discharge port.  

(ad-5): Isochoric compression from the adapted pressure (Pad) to the discharge pressure (Pc) 

at the discharge plenum.  

 

 

Fig. 0.6 P-h diagram of the refrigerant evolution inside the vapor-injection scroll compressor. 

 

The reference for the compressor efficiency is given by an isentropic condition from the 

inlet to the outlet of the compressor (4s) for the suction mass flow rate, and by an isentropic 
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condition from the injection (inj) to the discharge pressure (11s) for the injected mass flow rate. 

The real conditions at the compressor outlet are indicated by state 4 in Fig. 6.6. 

The volumetric efficiency of SCVI is defined by the Eq. (6.9). The overall compressor 

efficiency of SCVI is defined by Eq. (6.15), where h4s  represents the enthalpy at the compressor 

discharge pressure considering an isentropic compression from the compressor inlet pressure 

(point 1), and h11s represents the enthalpy at the compressor discharge pressure considering an 

isentropic compression from the intermediate pressure (point inj).  

 

𝜂𝑐 =
𝑚̇𝑒 (ℎ4𝑠 − ℎ1) + 𝑚̇𝑖𝑛𝑗  (ℎ11𝑠 − ℎ𝑖𝑛𝑗)

𝐸̇
 (6.15) 

 

The described model of the SCVI was validated experimentally and can reproduce the 

compressor efficiency and the volumetric efficiency with a deviation lower than ±5%. In addition, 

the model estimates the mass flow rate, the injection mass flow rate, the compressor power input 

and the discharge temperature with a deviation lower than ±2%, ±4%, ±5%, and ±4 K, 

respectively (Tello-Oquendo et al., 2019). 

On the other hand, the TSRC is composed of two reciprocating compressors (RC) arranged 

in series, with vapor-injection between the two compression stages (see Fig. 6.4b). In order to 

model the RC of each stage, a semi-empirical model was implemented according to Navarro-Peris 

et al. (2007a) and (2007b). The model was validated experimentally and can reproduce the 

compressor efficiency and the volumetric efficiency with a deviation lower than ±4%. In addition, 

the model estimates the mass flow rate, the compressor power input and the discharge temperature 

with a deviation lower than ±2%, ±3%, and ±4 K, respectively. 

The compressor efficiency of each compressor stage is calculated by Eq. (6.10) and the 

volumetric efficiency is calculated by Eq. (6.9). Moreover, the overall compressor efficiency of 

the TSRC is calculated by Eq. (6.13). The thermophysical properties of the refrigerant at the 

different points are calculated with the NIST REFPROP database (Lemmon et al., 2010). All the 

models presented have been implemented using EES software (Klein and Alvarado, 2017). 

3.2 Optimization of the displacement ratio of the two-stage compressors 

When the systems are designed, the size of the compressors of each stage and, therefore, 

the displacement ratio (DR) must be defined. Generally, the DR is determined under the criterion 

of maximizing the COP of the cycle. However, two-stage compression is also applied to reduce 

the discharge temperature of the compressor. In the present work, the optimization of the DR is 

performed considering the two criteria, to maximize the COP and to minimize the discharge 

temperature.  

The nominal point used in this study is Te=-15 °C, Tc=50 °C, SH=5 K, SC=5 K, SHinj=5 K. 

The compressors sizes (swept volumes) are defined for having the same heating capacity as the 

SCVI at the nominal point. The refrigerant used is R-290.  

The described models of the cycle and the compressors are implemented to simulate the 

system performance. The DR is varied from 0.50 to 0.70, and it is analyzed in terms of the heating 

COP and discharge temperature. Results are discussed in section 6.4.1. 

In addition, the optimum parameters of the ideal two-stage cycle and the ideal two-stage 

cycle with economizer are calculated. The ideal two-stage cycle is one that meets the conditions 



of perfect heat transfer in the injection mechanism (DTb = 0 and DTd = 0), compressor efficiencies 

equal to unity and null heat loss. The variables DTb and DTd are defined by Eqs. (6.16) and (6.17), 

respectively, as described by Redón et al. (2014). These variables correspond to the 

thermodynamic limits of the second law in the injection mechanism of the cycle. The ideal 

condition of the cycle is reached when the economizer has an infinite heat transfer area. 

 

𝐷𝑇𝑑 = 𝑇5 − 𝑇8 ≥ 0 (6.16) 

𝐷𝑇𝑏 = 𝑇6 − 𝑇𝑖𝑛𝑡,𝑏 ≥ 0 (6.17) 

 

The ideal two-stage cycle with economizer is one that has a defined size of the economizer. 

As commented before, the economizer size is fixed by setting the temperature approach of 5 K in 

the economizer. 

3.3 Comparison of the compressors’ performance 

In real systems, the compressor can work in temperature conditions different from the 

nominal ones. In this section, the performance of the three compressors is calculated for several 

operating conditions considering heat pump applications working with high pressure ratios. These 

applications include heat pumps operating in cold regions (low evaporating temperatures), and 

heat pumps operating with high condensing temperatures such as high-temperature water heating 

applications and radiator heating systems.  

Table 6.1 shows the operating conditions for the simulations. The compressor models were 

adjusted using the experimental data obtained in the calorimetric test bench. The swept volumes 

of the compressors defined in section 6.4.1 are used. The cycle has an economizer as injection 

mechanism (see Fig. 6.3a). The cycle parameters are SH=10 K, SHinj=5 K, SC=5 K, DTb=5 K. 

The compressors’ performance are compared in section 6.4.2. 

 

Table 0.1 Matrix of working points for the simulation of the two-stage cycle. Parameters: SH=10 K, 

SHinj=5 K, SC=5 K, DTb=5 K. Refrigerant R-290. 

Tc 
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3.4 Optimization of the intermediate pressure for a water heating application 

In a two-stage cycle, when the compressor size and the injection mechanism are defined, 

the intermediate pressure is restricted to a determined value depending on the compressor design 

(DR) and the injection superheat. Generally, the intermediate pressure in a two-stage cycle is 

controlled by a thermostatic expansion valve, which maintains a fixed superheat in the injection 



line. When the injection superheat is fixed, the unique degree of freedom in the cycle for varying 

the intermediate pressure is the subcooling at the condenser outlet.  

As established by Redón et al. (2014) and Tello-Oquendo et al. (2018a), in an ideal two-

stage cycle, the COP improves when subcooling is increased until the condenser outlet 

temperature matches the secondary fluid inlet temperature. Therefore, the subcooling is limited 

by the heat transfer in the condenser and by the temperature conditions of the secondary fluid. In 

this context, the subcooling is a determining factor in the calculation of optimum intermediate 

pressure in two-stage cycles. 

This section addresses the optimization of the intermediate pressure for a water heating 

application. The simulated system is an air-to-water heat pump for high-temperature application 

and large temperature lift. The conditions of the secondary fluid (water) are inlet temperature of 

45 °C, variable water flow rate and fixed water temperature lift of 20 K. The refrigerant used is 

R-290. The evaporating temperature is assumed constant (-15 °C), and the condensing 

temperature is fixed by the secondary fluid (water) through an energy balance in the condenser. 

The parameters used in the simulation are suction superheat of 10 K, injection superheat of 5 K, 

and the temperature approach in the economizer of 5 K (DTb). In order to show the influence of 

the subcooling on the optimum intermediate pressure and the COP, the subcooling was varied 

between 0 K to 28 K. Results are discussed in section 6.4.3. 

4. Results and discussion 

Fig. 6.7 shows the compressor efficiencies of the three compressors tested in the 

calorimetric test bench. The experimental efficiencies are plotted as a function of the pressure 

ratio.  

 

 
Fig. 0.7 Experimental efficiencies of the compressors. Refrigerant R-290. 

 

The experimental data of the tested compressors are used to fit the parameters of the 

compressor models. Table 6.2 summarizes the parameters of the compressor models used in the 

present study. Once the compressor models were adjusted, they can be used to simulate the 

compressor performance of the SCVI, and of each compression stage of the TSRC and the TSSC. 

 

Table 0.2 Model parameter fitted from experimental data of the compressors. 
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SCNI RC SCVI 

ɛ (-) 2.9 - 2.98 

K1 (K-1) 0.928 0.9 0.92 

K2 (m1/5) 0.085 0.9018 0.08 

K3 (m-4) 1.369E+06 3.833 E+08 4.058E+06 

K4 (m-4) 2.205E+08 3.181 E+09 8.711E+08 

K5 (-) 70.68 69.34 54.57 

K6 (J s) 127 231.9 335.1 

ηel (-) 0.88 0.859 0.864 

UAamb (W K-1) 0. 55 0. 75 0.81 

Aleak (m2) 1.146E-05 1.084 E-04 8.525 E-06 

Kv  (-) - 0.0548 - 

A  - - -0.5928 

B  - - 0.4744 

 

4.1 Optimization of the displacement ratio of the two-stage compressors 

Fig. 6.8 illustrates the variation of the heating COP and discharge temperature as a function 

of DR of a two-stage cycle with vapor-injection, using TSRC and TSSC in the nominal point (Te=-

15 °C, Tc=50 °C, SH=5 K, SC=5 K, SHinj=5 K). Fig. 6.8a shows that the optimal point of the 

system, in terms of the COP, is very close to the point that minimizes the discharge temperature. 

The DR that maximizes the COP is 0.57 and the DR that minimizes the discharge temperature is 

0.6. This difference in DR represents a difference in the COP lower than 1%, and a difference in 

the discharge temperatures below 1 K. Therefore, the influence of the DR on the optimum COP is 

minimal. The same conclusions are verified in the case of the TSSC, as shown in Fig. 6.8b. 
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Fig. 0.8 Variation of the heating COP and discharge temperature as a function of the displacement 

ratio. Working point Te=-15 ºC, Tc=50 ºC, SH=10 K, SHinj=5 K, SC=5 K, refrigerant R-290. a) TSRC. 

b) TSSC  

 

Table 6.3 shows the cycle parameters of the optimum operating conditions at the nominal 

point for all the compressors studied. The parameters of the ideal two-stage cycle and the ideal 

two-stage cycle with economizer are also shown. 

 

Table 0.3 Optimum operation conditions for two-stage cycles. Working point Te=-15 ºC, Tc=50 ºC, 

SH=10 K, SHinj=5 K, SC=5 K. Refrigerant R-290. 

Parameter 

Cycle 

Ideal 
Ideal with 

economizer 
SCVI  TSRC  TSSC  

TSSC 

Pint,SCVI 

DR (-) 0.533 0.549 - 0.569 0.580 0.746 

COPh (-) 4.36 4.29 2.97 2.82 3.15 3.10 

∆COPh,opt,eco (%) +1.63 0 -30.77 -34.27 -26.57 -27.74 

𝑄̇ℎ (kW) 13.84 13.84 13.84 13.84 13.84 14.81 

𝑄̇𝑒𝑐𝑜 (kW) 2.63 2.40 2.45 2.04 2.18 2.72 

𝑉̇𝑠,𝐿  (m3/h) 18.54 18.94 17.28 20.71 17.49 17.49 

𝑉̇𝑠,𝐻  (m3/h) 9.9 10.40 - 11.78 10.15 13.05 

Tdis (ºC) 69.51 64.85 88.27 89.70 81.60 82.24 

Pint (kPa) 740.31 706.70 576.11 712.29 698.89 576.19 

𝐸̇ (kW) 3.17 3.23 4.67 4.91 4.40 4.78 

Co (-) 1.05 0.99 0.82 1.01 0.99 0.82 

Xinj (-) 0.202 0.210 0.256 0.208 0.213 0.256 

SHinj (K) 29.57 5 5 5 5 5 

DTb (K) 0 5 5 5 5 5 

DTd (K) 0 26.27 33.49 25.98 26.67 33.48 

Pr (-) 5.875 5.875 5.875 5.875 5.875 5.875 

𝜂𝑐 (-) - - 0.601 0.586 0.677 0.672 

𝜂𝑣 (-) - - 0.891 - - - 

Pr,L (-) 2.538 2.423 - 2.442 2.396 1.98 

𝜂𝑐,𝐿 (-) 1 1 - 0.557 0.656 0.588 

𝜂𝑣,𝐿 (-) 1 1 - 0.785 0.969 0.976 

Pr,H (-) 2.314 2.424 - 2.405 2.452 2.974 

𝜂𝑐,𝐻 (-) 1 1 - 0.610 0.693 0.716 

𝜂𝑣,𝐻 (-) 1 1 - 0.801 0.971 0.967 

 

In the first column of Table 6.3, the optimum parameters of the ideal two-stage cycle are 

shown. As commented before, the ideal cycle is one that considers unitary efficiencies of the 
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compressors, a perfect heat transfer in the injection mechanism (DTb= 0, DTd= 0) and null losses 

in the rest of the components. Under these conditions, the ideal cycle presents a COP of 4.36 and 

a displacement ratio of 0.533. 

In the second column of Table 6.3, the parameters of the ideal cycle with economizer are 

shown. In this case, by including in the system an economizer with a finite heat transfer area, the 

COP of the cycle is reduced by approximately 2%. In addition, the DR increases to 0.549.  

The cycle parameters by using the compressors SCVI, TSRC, and TSSC are shown from 

the third column to the fifth column of Table 3. The compression irreversibilities produce a 

reduction of the cycle COP. Considering as a baseline the ideal cycle with an economizer, the 

COP decreases around 25% to 35% depending on the compressor technology, under nominal 

conditions. The TSSC compressor presents the lowest COP reduction, followed by the SCVI and 

finally the TSRC.  

Comparing the three compressors, the cycle with TSSC achieves the highest COP, followed 

by the SCVI and finally the TSRC. This is due to the differences in the overall efficiencies of the 

compressors (𝜂𝑐). The SCVI has an efficiency comparable to that of the TSRC, but a lower 

efficiency than that of the TSSC.  

In the two-stage compressors (TSRC, TSSC), each compression stage works with a lower 

compression ratio, which implies that the compressors are working closer to the optimum 

efficiency in each compression stage. On the contrary, the SCVI works with a higher pressure 

ratio to that of each compression stage in the TSRC and the TSSC, because the SCVI compress 

from the evaporating pressure to the condensing pressure. This fact has a significant impact on 

the compressor efficiency so that the SCVI is working outside the optimum efficiency range. As 

shown in Fig. 6.7, the maximum efficiency of the SCVI is found at a pressure ratio around 3, but 

the compression ratio in the nominal point is 5.87, and its efficiency decreases by 12% 

approximately.  

The displacement ratio of the TSRC and the TSSC is around 0.57. However, the TSRC has 

a larger swept volume of the low-stage of compression (𝑉̇𝑠,𝐿), because of its lower volumetric 

efficiency. 

With regard to the discharge temperature, the TSSC achieves a lower discharge 

temperature, while the other compressors have similar discharge temperatures but at least 8 K 

higher than the TSSC. 

The intermediate pressure is another important parameter in two-stage cycles with vapor-

injection. In the ideal cycle, the optimum intermediate pressure is greater than the geometric mean 

pressure (Co>1). In the ideal cycle with an economizer, the optimum intermediate pressure is 

almost equal to the geometric mean of pressures (Co=1) in the nominal point. The SCVI works 

with lower intermediate pressure, however, the injection ratio is the highest of the three 

compressor technologies. In the SCVI, the amount of injected refrigerant is restricted by the size 

of the volutes and by the location of the injection port. 

The two-stage compressors get closer to the geometric mean of pressures in the injection. 

This is due to the fact that in the design of the compressor, the volume of each compression stage 

can be optimized with more freedom.  



4.2 Comparison of the compressors’ performance in a wide range of operating 

conditions 

4.2.1 Comparison of the compressor efficiencies 

Fig. 6.9a depicts the overall compressor efficiency as a function of the pressure ratio, for 

several condensing temperatures. The studied operating conditions correspond to pressure ratios 

greater than 3, where the vapor-injection technique results interesting. Under these conditions, 

the SCVI is working outside the optimum efficiency. The optimum efficiency of the SCVI could 

be achieved for pressure ratios around 3 (see Fig. 6.7), nevertheless, for higher pressure ratios the 

efficiency decreases rapidly due to the effects of under-compression, as shown in Fig. 6.9a. 

The optimum efficiencies of the TSRC and TSSC are found for pressure ratios around 5.5 

and 7.5, respectively. For higher pressure ratios, the efficiencies decrease smoothly, getting to 

work with a wide range of pressures. The efficiency curves of the two-stage compressors (TSRC 

and TSSC) have less slope than that of the SCVI. This is owed to the differences in the 

compression process. As mentioned before, the SCVI works with a higher pressure ratio than each 

stage compressors of the TSRC and the TSSC. The SCVI compress from the evaporating pressure 

to the condensing pressure. Nevertheless, in the two-stage compressors, each compression stage 

works with a lower compression ratio. Hence, they are working closer to their optimum efficiency. 

The SCVI improves the efficiency for pressure ratios up to 4.5 and 6.5 compared with the 

TSSC and TSRC, respectively. For example, for Pr=3.3 at the point (10 ºC, 60 ºC), the SCVI 

efficiency improved by 21% and 15% compared with the efficiencies of the TSRC and the TSSC, 

respectively.  

  



a) 

 

b) 

 

Fig. 0.9 a) Compressor efficiency as a function of pressure ratio. b) Volumetric efficiencies as a 

function of pressure ratio at several condensing temperatures. 

 

The TSSC improves the efficiency for all the studied range of pressures compared with the 

TSRC and improves the efficiency for pressure ratios from 4.5 compared with the SCVI. For 

example, for Pr=10.6 at the point (-20 ºC, 70 ºC), the TSSC efficiency improved by 39% and 37% 

compared with the efficiencies of the SCVI and the TSRC, respectively. 

Fig. 6.9b depicts the volumetric efficiency as a function of the pressure ratio for several 

condensing temperatures. For comparison purposes, the represented curves for the two-stage 

compressors correspond to the first stage of compression, since the volumetric efficiency is 

related to the evaporator mass flow rate. 

The SCVI and TSSC present curves of volumetric efficiency with less slope. These scroll 

compressors present high volumetric efficiency, above 0.8 for any operating point. This is owed 

to the absence of re-expansion volumes, the continuous-flow process, and the good axial and 

radial compliance of the scroll members (ASHRAE Handbook, 2008). Hence, the scroll 

compressors have better volumetric efficiency than the TSRC for any pressure ratios and can 

achieve improvements of 18% and 34% for pressure ratios of 2.0 and 3.3, respectively. 
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The TSRC presents volumetric efficiency curves with a higher slope. For the first stage of 

compression, the volumetric efficiency drops to 0.7 for a pressure ratio of 3.3.  

4.2.2 Comparison of the heating capacity 

Fig. 6.10a illustrates the heating capacity as a function of the evaporating temperature for 

several condensing temperatures. The heating capacities of the compressors are similar since the 

compressor size of the two-stage compressors were optimized to have the same heating capacity 

than the SCVI at the nominal point. Nevertheless, for working conditions different from the 

nominal one, some differences can be observed. 

The SCVI presents curves of capacity with less slope compared with the curves of the two-

stage compressors. The heating capacity of the SCVI is slightly higher for low evaporating 

temperatures (less than 0 °C); this is owed to the differences in the volumetric efficiency of the 

compressors shown in Fig. 6.9b, and because the SCVI has a larger injection ratio, as shown in 

Fig. 6.10b. For higher evaporating temperatures, like 20 °C, the TSRC improves the heating 

capacity by 1.5% and 3.6% compared with TSSC and SCVI, respectively (condensing at 80 °C). 

The differences in the injection ratio of the three compressor technologies are owed to the 

SCVI compresses the refrigerant in a single stage with refrigerant injection at an intermediate 

point during the compression. The amount of injected refrigerant depends on the location and size 

of the injection ports. While the two-stage compressors have two well-defined stages of 

compression in separated pistons or scrolls, and the amount of injected refrigerant depends on the 

size of the high stage compressor. 
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Fig. 0.10 a) Heating capacity as a function of evaporating temperature. b) Injection ratio as a function 

of evaporating temperature at several condensing temperatures. 

4.2.3 Comparison of the heating COP 

Fig. 6.11 illustrates the heating COP according to the evaporating temperature at several 

condensing temperatures. The system with SCVI presents curves of COP with a higher slope. 

Therefore, the SCVI improves the COP compared with the TSSC for working conditions 

corresponding to pressure ratios above 5. This is due to the higher compressor efficiency of the 

SCVI in these conditions (see Fig. 6.9a) and the differences in the economizer capacity (see Fig. 

6.12). 

 

 

Fig. 0.11 Heating COP as a function of the evaporating temperature at several condensing 

temperatures. 

 

The systems with two-stage compressors present curves with less slope, which implies a 

better performance when the compressors work with lower evaporating temperatures. 

Nevertheless, the TSSC improves the COP in all working conditions compared with TSRC, 

mainly owed to the higher compressor efficiency of the TSSC (see Fig. 6.9a). 

Under extreme working conditions (pressure ratios above 7.5), the TSSC presents a better 

COP than the other two compressors. For example, at the point (-20 °C, 50 °C), the system with 
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TSSC improves the COP by 11.3% and 12.5% compared with SCVI and TSRC, respectively. For 

higher condensing temperatures such as 80 °C, the COP of the TSSC is improved by 19.7% and 

9.4% compared with SCVI and TSRC, respectively.  

In the same point (-20 °C, 50 °C), the system with SCVI improves the COP by 1.1% 

compared with TSRC, but for higher condensing temperatures, such as 80 °C, the COP is lower 

than TSRC by 9.5%. This COP difference is owed to the SCVI efficiency decreases for pressure 

ratios higher than 6.5.  

When the compressors work with higher evaporating temperatures like 0 °C (pressure 

ratios below 7), the system with SCVI improves the COP up to 11.6% and 17.7% compared with 

TSSC and TSRC, respectively (condensing at 50 °C). However, for higher condensing 

temperatures, such as 80 °C, the system with TSSC improves the COP by 7.1% and 9.9% 

compared with SCVI and TSRC, respectively. 

The results suggest that the SCVI can be used in heat pumps and air conditioning systems 

working under moderate temperature conditions and pressure ratios below 6.5; the TSRC can be 

used in water heating systems in cold climates and high pressure ratios (above 6.5). The TSSC 

can be used in water heating systems in cold climates but under a wider range of pressure ratios 

(above 4.5). 

It is important to note that the results obtained in the present study for TSSC and TSRC 

correspond to compressors with independent compression stages. This methodology was adopted 

in order to establish a fair comparison between two-stage compressors, since, in the case of scroll 

technology, no compressors available on the market that carry the two compression stages in the 

same housing have been found so far. However, the conclusions obtained in the present study for 

the TSRC, do not differ from the conclusions obtained for two-stage compressors where the two 

compressors are in the same shell and are driven by the same shaft (Tello Oquendo et al., 2016). 

This fact leads us to think that the conclusions obtained in the present work may be valid for two-

stage scroll compressors with the two stages inside the same shell.  

In the present study, the economizer capacity is a qualitative parameter, which is related 

with the size of the internal heat exchanger (economizer) and the capacity available to exchange 

heat to the injected refrigerant in the system. Fig. 6.12 illustrates the economizer capacity for the 

three compressors as a function of the evaporating temperature. 

Fig. 6.12 shows that the economizer capacity curves of the two-stage compressors have 

less slope than the curves of the SCVI. The SCVI presents higher economizer capacity than the 

TSRC in all working conditions. For low evaporation temperatures (below -10 °C), which involve 

high-pressure ratios (above 6.5), the TSSC system presents higher economizer capacity than the 

SCVI system.  

 



 

Fig. 0.12 Economizer capacity as a function of the evaporating temperature at several condensing 

temperatures. 

 

Comparing the TSSC and TSRC compressors, Fig. 6.12 shows that the economizer 

capacity of TSSC is greater than that of the TSRC as the evaporating temperature decreases and 

the condensing temperature increases. This effect explains the differences in the heating capacity 

of Fig. 6.10a, and the differences in the injection ratio of Fig. 6.10b. 

4.2.4 Comparison of the discharge temperature 

Discharge temperature is an important compressor parameter due to the possibility of 

estimating the working limits of the compressors taking into account the possible oil degradation 

at high temperatures. Hence, the extension of the working map of compressors with vapor-

injection technique can be estimated. 
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Fig. 0.13 a) Discharge temperature as a function of the evaporating temperature. b) Discharge 

temperature as a function of the pressure ratio at several condensing temperatures. 

 

Fig. 6.13a shows the discharge temperature of the compressors as a function of the 

evaporating temperature for several condensing temperatures. The discharge temperature curves 

of the two-stage compressors have less slope than the curves of the SCVI. This means that the 

two-stage compressors can extend more the working map for lower evaporating temperatures than 

the SCVI. 

Comparing the SCVI with the two-stage compressors, Fig. 6.13b shows that the SCVI 

achieves a lower discharge temperature than the TSSC for low pressure ratios (below 4.8). For 

pressure ratios lower than 7, the SCVI achieves lower discharge temperatures than the TSRC.  

Regarding the two-stage compressors, the TSSC achieves a lower discharge temperature 

than the TSRC for all the working conditions considered in the study. This is owed to the higher 

compressor efficiency of the TSSC. For extreme conditions (Pr>4.8), the TSSC presents a lower 

discharge temperature than the SCVI. 

If the discharge temperature is limited to 120 °C, taking into account the possible 

degradation of the lubricating oil, the working map of the SCVI is more restricted than that of the 

two-stage compressors. The SCVI could work evaporating up to -30 °C, -25 °C, -18 °C and -12 

°C, condensing at 50 °C, 60 °C, 70 °C and 80 °C, respectively. This corresponds to compression 

ratios less than 10.5 for condensing temperatures between 50 °C and 70 °C, and compression 

ratios less than 9.5 for a condensing temperature of 80 °C. 

Since the curves of the two-stage compressors have less slope, they can work in a wider 

range of working conditions. However, for very high condensation temperatures (80 ºC), the 

TSRC could work evaporating up to -18 ºC (Pr=12.5).  

The differences in the discharge temperature between the SCVI and the two-stage 

compressors is due to the fact that the compression in the SCVI is more like compression in one 

stage, while in the other compressors there are well-defined compression stages. This leads us to 

think that the two-stage compression with vapor-injection, independently of the compressor 

technology, is more effective in the reduction of the discharge temperature than the compressors 

with vapor-injection (SCVI). Therefore, two-stage compressors can be used in applications such 

as high-temperature water heating up to 80 °C. 
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It is important to note that the results of the discharge temperature shown in this work were 

obtained with the compressors working with R-290 as refrigerant. Generally, the discharge 

temperatures obtained with this refrigerant are moderate compared with those obtained using 

other refrigerants such as R-410A, R-407C or R-134a. Therefore, the working map of the SCVI 

can be further limited when the system uses a different type of refrigerant. In that case, a two-

stage scroll or reciprocating compressor would be favorable to reduce the discharge temperature 

working with high pressure ratios. 

4.3 Comparison of the optimal intermediate pressure for a water heating application 

This section presents the optimization of the intermediate pressure for the high-temperature 

water heating application with large temperature lift, described in section 6.3.4 (Tw,in=45 °C, 

ΔTw=20 K). In this study, the optimized compressors described in section 6.4.1 are used. 

Fig. 6.14a shows that the optimum point is achieved when the SC=14.6 K for the cycle 

with SCVI, SC=14.9 K for the cycle with TSRC and SC=15.8 K for the cycle with TSSC. Overall, 

for the studied application, the optimum subcooling is around 15 K independently of the 

compressor technology. However, differences in the optimum COP of the cycle and in the 

correspondent intermediate pressure can be observed. The TSSC cycle improves the COP by 

11.9% and 11.2% compared with SCVI and TSRC, respectively. The optimum COP of the cycle 

with SCVI and TSRC are almost equal.  

The optimum intermediate pressure is lower than the geometric mean of pressures (red line 

in Fig. 6.14a) for all the compressors studied. The optimum intermediate pressure is 5.5%, 9.9%, 

and 26.5% lower than the geometric mean of pressures for TSRC, TSSC, and SCVI, respectively. 

Fig. 6.14b shows the influence of the subcooling on the heating capacity. For all the 

compressors, the heating capacity increases mainly owed to the increase of the enthalpy difference 

in the condenser for larger values of subcooling. The heating capacity of the SCVI working with 

the optimum subcooling is 2.4% greater than the TSSC, and 3.6% greater than the TSRC.  

Regarding the discharge temperatures, the studied compressors present some differences. 

In the optimum point, the SCVI presents the highest discharge temperature, which is 3.7 K and 

12.3 K higher than discharge temperatures of TSRC and TSSC, respectively. The temperature 

difference increases as the subcooling increases.  

These results suggest that the subcooling is an important parameter to find the optimum 

intermediate pressure for heat pump applications with large temperature lift of the secondary 

fluid. The TSSC presents higher COP in the optimum conditions. This compressor technology is 

more effective for reducing the discharge temperature.  

 

a) 



 

b) 

 

Fig. 0.14 a) Influence of the SC on the intermediate pressure and heating COP. b) Influence of the SC 

on the heating capacity and discharge temperature. 

 

4.4 Performance comparison of the SCVI and the TSSC working with the same 

intermediate pressure 

Up to this point in the analysis, the performance of the compressors has been compared 

when the two-stage compressors have the same heating capacity as the SCVI at the nominal point, 

and the DR is optimized to maximize the COP. Nevertheless, as observed in Table 6.3, the Pint of 

the SCVI is lower than those corresponding to the two-stage compressors. The Pint depends on the 

design of the SCVI, the size of the scroll wraps and the location of the injection port. In the case 

of the TSSC, the compressors size of each stage can be defined independently. In this context, it 

is proposed to compare the performance of the TSSC working with the same P int than the SCVI 

at the nominal point. For this, the displacement ratio of the TSSC has been changed so that its Pint 

coincides that of the SCVI. To change the DR, only the swept volume of the high-stage compressor 

has been modified. 

The last column of Table 6.3 shows the parameters of the cycle using the TSSC operating 

at the same Pint as the SCVI. The DR of the TSSC was increased to 0.746 since the swept volume 

of the second stage is 28.6% larger. This change in the design of the TSSC makes that the 

compressor works out of the optimum of COP. However, the percentage of decrease is 1.59% 

with respect to the optimum COP, and the compressor efficiency decreases by 0.74%. 
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The most interesting result is the variation of the heating capacity. With the new DR, the 

TSSC presents an increase of 7% with respect to the optimum design. This increase of capacity 

is explained by the increase in the injection mass flow rate and thus the economizer capacity. On 

the other hand, the discharge temperature increases slightly, less than 1 K. 

Comparing the results of the new TSSC design with the SCVI, it is observed that the TSSC 

achieves a higher heating capacity (+7%); the overall compressor efficiency (ηc) is 11.8% higher 

than that of the SCVI and achieves a 4.4 % higher COP. The discharge temperature of the TSSC 

is 7 K lower, and the economizer capacity is 11% higher than that of the SCVI. 

Moreover, the performance of the new TSSC was calculated for a wide range of operating 

conditions. The results are compared with the performance of the SCVI working in the same 

conditions. The parameters of the two compressors are shown in Fig. 6.15. 

Fig. 6.15a shows that the TSSC achieves a higher heating capacity than the SCVI. The 

difference becomes larger when the compressors work at high evaporation temperatures. 

However, the curves of the SCVI have less slope, so that for low evaporation temperatures, the 

heating capacity of the SCVI is slightly lower than that of the TSSC. 

As commented before, the higher heating capacity of the TSSC manifests in a greater 

economizer capacity as shown in Fig. 6.15b. The difference in economizer capacity becomes 

more noticeable for high condensing temperatures. 

 

a) b) 

  

c) d) 

 

 

Fig. 0.15 Comparison of the performance of TSSC and SCVI. a) Heating capacity. b) Economizer 

capacity. c) Heating COP. d) Discharge temperature. 
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Regarding the heating COP and the discharge temperature (Figs. 6.15c and 6.15d), the 

trends are similar to those obtained with the optimum design of the TSSC shown in Figs. 6.11 

and 6.13, respectively. As it was expected, the only difference is that the COP of the TSSC is 

slightly lower and the discharge temperature is slightly higher than previously obtained values. 

The results of the SCVI suggest that the compressor design allows keeping flatter curves 

of heating capacity. This is an advantage from the point of view of extending the working range 

of the compressor.  

With respect to the TSSC, it is concluded that with the variation of the swept volume of the 

second stage of the TSSC compressor, it is possible to improve the heating capacity compared 

with that the SCVI, with a minimum effect on the COP and on the discharge temperature. In 

practice, this can be achieved with the use of a variable speed compressor in the second stage, 

which allows obtaining different capacities of the compressor. This is favorable when the 

operating conditions change with respect to the nominal point. Hence, the compressor could work 

with different intermediate pressures, which implies a change in the injection ratio and the 

economizer capacity, and consequently allows adjusting the heating capacity to maximize the 

COP. 

5. Conclusions 

A comparative analysis of the compressor performance of a vapor-injection scroll 

compressor (SCVI) and a two-stage scroll compressor with vapor-injection (TSSC) working with 

high-pressure ratios is presented. The analysis was performed in terms of compressor efficiencies, 

heating capacity, COP, and discharge temperature. In addition, a two-stage reciprocating 

compressor (TSRC) was included in the study, as an alternative compressor technology available 

in the market for heat pump applications. Semi-empirical models of the three compressors are 

used in the study. The models were adjusted with experimental data obtained in a calorimetric 

test bench. The compressors were tested in a wide range of operating conditions using R-290 as 

a refrigerant. The following conclusions can be drawn from the study: 

• The SCVI advantage is the easy implementation of vapor-injection from the machining 

point of view. Instead, the disadvantage of the SCVI is that over- and under-compression 

easily occurs when the operating conditions deviate from the specified designed condition 

due to the fixed built-in volume ratio determined by the scroll geometry. Hence, SCVI 

could not achieve the optimum when the operation conditions differ from the design 

compression ratio.  

• The optimum DR of the two-stage compressors (TSSC, TSRC) taking into account the 

COP maximization criterion and the discharge temperature minimization criterion are 

very close. The COP difference is lower than 1% between the two criteria optimization 

and the difference in the discharge temperature is below 1 K. 

• The implementation of a finite heat transfer area in the injection mechanism (fixed size 

of economizer), has a negative effect on the cycle COP. That is less 2% from the COP of 

the ideal cycle.  

• In the nominal operating conditions (Te=-15 ºC, Tc=50 ºC), the optimum DR is 0.57 for 

TSRC and 0.58 for TSSC. The TSSC achieves the highest COP (3.15) followed by the 

SCVI (2.97) and finally the TSRC (2.82). The TSSC achieves the lowest discharge 

temperature (81.6 ºC) followed by the SCVI (88.3 ºC) and finally the TSRC (89.7 ºC). 

• In the nominal operating condition, the SCVI works with lower intermediate pressure, 

however, its injection ratio is the highest of the three compressor technologies. The 



intermediate pressure of the two-stage compressors gets closer to the geometric mean of 

pressures.  

• The SCVI presents better compressor efficiency for pressure ratios up to 4.5. For higher-

pressure ratios, the TSSC presents better compressor efficiency than SCVI and TSRC. 

• Across the working range, the SCVI and TSSC present better volumetric efficiency than 

the TSRC, and the relative difference increases as pressure ratio increases. 

• The system with SCVI presents better COP for pressure ratios below 5 due to the higher 

compressor efficiency in such conditions. For higher pressure ratios, the TSSC presents 

a better COP than the other two compressors. Nevertheless, the TSRC presents better 

COP than SCVI for pressure ratios higher than 7.5.   

• Regarding the two-stage compressors, the TSSC achieves a lower discharge temperature 

than the TSRC for all the working conditions considered in the study. The SCVI achieves 

a lower discharge temperature than the TSSC for low compression ratios (lower than 4.8), 

and a lower discharge temperature than the TSRC for compression ratios below 7. 

• The subcooling is an important parameter to find the optimum intermediate pressure for 

heat pump applications with large temperature lift of the secondary fluid. For the studied 

application (Tw,in=45 °C, ΔTw=20 K), the optimum intermediate pressure is achieved 

when the system works with subcooling around 15 K, independently of the compressor 

technology. The TSSC presents higher COP in the optimum conditions and is more 

effective for reducing the discharge temperature. The optimum intermediate pressure is 

lower than the geometric mean of pressures. 

• The variation of the swept volume of the high-stage compressor in a TSSC can improve 

the heating capacity with respect to the SCVI, with a minimum effect on the COP and on 

the discharge temperature compared with the optimum conditions. 

The SCVI is a solution easy to implement from the industrial point of view, which allows 

extending the operation of single stage compressors. However, based on the results obtained in 

the present study, it is still far from the advantages of working with two-stage compressors in 

terms of efficiencies, COP, and reduction of the discharge temperature, working under extreme 

operating conditions. 
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