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Abstract

During automotive urban driving conditions and future homologation cycles, automotive radial turbines
experience transient conditions, whereby the same operate at very high blade speed ratios and, thus, at
very low power outputs. Under those conditions, the turbine power output might not be enough to feed
the mechanical power needs of the compressor. Typical fast one-dimensional full engine simulations rely
on steady-state performance maps to characterize the turbocharger. Due to the restricting compressor
braking power, extreme off-design measurements cannot be obtained in standard gas stands without using
an external brake instead of the compressor or without using a motor attached to the turbocharger shaft.
Such turbocharger assemblies cause shaft balancing issues inherent to the connection to a brake operating
at high rotational speeds or need basic changes of the turbocharger geometry. This paper presents a novel
approach for turbine performance map measurements at very low expansion ratio and very low mass flow
without the aforementioned issues. The method uses the turbocharger compressor as a centrifugal turbine,
providing mechanical power to the shaft and enabling turbine performance measurements from points of
very high expansion ratio up to very low pressure ratio. It is even possible to measure at almost zero flow
rate in the turbine when it consumes shaft power instead of producing it. This experimental procedure that
can be applied to whatever turbocharger produces valuable information for the development and validation
of turbine performance models aiming to extrapolate its behaviour at off-design conditions.

Keywords: Turbocharger, Model, Mean-line model, Radial turbine simulation, Off-design, High BSR

1. Introduction

In traffic conditions, where engines change their speed frequently their mean air consumption changes
additionally to the pulsating flow that can be found at the turbocharger turbine inlet. Hence, the turbine
has to operate at extreme off-design conditions up to very high BSRs, very low mass flow, and zero power
outputs. Such conditions can occur in urban driving cycles, which are part of the EURO5 and later the
EURO6 [1] (and also, at engines with low number of cylinders or with cylinder deactivation techniques). Since
the turbine map measurement is usually realized by means of stationary experiments, this paper presents
a novel procedure to characterize the turbine at high BSRs and stationary flow. Such types of systematic
measurements close to the zero isentropic turbine efficiency point without modifying turbocharger parts
cannot be found in the literature yet.

Engine manufacturers rely on fast one-dimensional models during the engine development. Thus, good
methods for extrapolating the turbocharger performance during off-design conditions are needed. A lot
of effort has been put into this area lately. Approaches such as the one by Payri et al. [2], which uses a
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physically based yet fast method for computing the turbine performance maps, or the models by Romagnoli
and Martinez-Botas [3] and Zhu et al. [4] for stationary flow modeling were published. Further models for
transient computations like in Rajoo et al. [5], Chiong et al. [6], and Galindo et al. [7] are available. All
these models have to cope not only with off-design conditions, but also with highly pulsating flow during
transients, so a lot of effort has been put into producing fast and accurate one-dimensional models for engine
simulations [8, 9, 10]. Also these transient models rely on the experimental data of static maps as well. All
this modeling effort has to be validated using experimental data of extreme off-design conditions. Thus, a
method to provide such results is highly valuable. A good prediction of the turbocharger behaviour in these
operating conditions can be used to optimise the engine control or even physical parts such as the exhaust
manifold [11].

Since heat fluxes influence the efficiency of small sized geometries in particular, like shown by Serrano
et al. [12], these have to be computed during the simulation to supply reliable data. A method to obtain
the complex system of internal heat fluxes, which occurs in turbocharger geometries, during experiments
has been proposed by Serrano et al. [13]. The correlations for external heat transfer can be obtained using
procedure presented by Payri et al. [14]. By means of the gained measurements heat flux models like
presented by Serrano et al. [15] can be used to transform regular turbine maps into the needed adiabatic
maps. When measuring high BSR points the turbine operates at extremely low power outputs, whereby
even low heat fluxes, which are negligible at normal operating point measurements, are from even higher
importance, as it has been shown by Serrano et al. [16].

Due to the energy equilibrium of turbine power, compressor power, bearing losses and heat losses, the
compressor power consumption has to be low for measurements at very low turbine power outputs, which
can cause compressor surge. At the same time the turbine experiences a limitation due to the highest
possible braking compressor power, which is affected by choking. Thus, measured turbocharger maps are
naturally restricted to a narrow range of BSRs.

There are several works in the literature that propose methods for a proper characterisation of several
parts of the engine during transient and off-design conditions [17], but there are only limited references for
measuring only the turbocharger. In past publications by Romagnoli and Martinez-Botas [3], Bellis et al.
[18] and Smiljanovski et al. [19] the potential of an electrical brake instead of a compressor wheel as a power
consuming part is pointed out. With the use of a brake, the consumed power can be reduced down to zero.
At this specific running point the turbine still produces power to overcome the bearing and heat losses.
Thereby, this method for achieving low turbine efficiencies is restricted to the zero mechanical efficiency
point, where the turbine especially at high rpms produces power outputs much bigger than zero. Reversible
brakes could be used for pushing the limit to even lower measurable turbine power, even though this
procedure is just eligible for lower rpms due to arising balancing issues [20], when increasing the rotational
speed. An electrically assisted turbocharger has successfully been tested with extreme low and even negative
mass flows by Terdich [21] also for higher speeds. For the testing of common turbochargers a modification
towards a electrically assisted assembly is not feasible, as the thermal characterization changes and the effort
is remarkable. Salameh et al. [22] replaced the compressor wheel with a designed turbine wheel to supply
extra energy to the shaft.

Instead of using low mass flows on the compressor side, the compressor could be fed by pressurized high
mass flow rates making the compressor working at pressure ratios lower than one. When the mass flow can
be increased enough, the compressor is able to act as a centrifugal turbine and to produce the necessary
power to overcome the bearing losses. Hence, measurements at zero turbine power output and thus, at zero
efficiency are achievable.

Measurements of radial compressors at pressure ratios lower than one can rarely be found in the literature.
Pucher [23] fed the turbocharger by means of an additional compressor upstream of the turbo compressor
to expand the achievable mass flow range of the turbo compressor. Leufvén and Eriksson [24] were able
to measure non-modified radial compressors at pressure ratios lower than one with a similar test bench
by supplying a compressor inlet pressure of up to two bar for low rotational speeds. Since the compressor
consumes higher mass flows when reaching pressure ratios lower than one with increasing speed, the power of
the pressurizing facility is the limiting factor. Also, at very high speeds the choking mass flow will be reached
before arriving to the map region of gas expansion. Wallace et al. [25] and Najjar and Akeel [26] showed
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that the compressor map can be expanded significantly by introducing a swirl component in the compressor
inlet, what can result in later choking of the compressor wheel in the zone of compression ratios higher than
one. Furthermore, Müller et al. [27] have used a circumferential loading by introducing a swirled inlet flow
at the blade tip to allow the compressor to run as a centrifugal turbine. However, it requires significant
changes of the casing geometry.

In this paper an experimental procedure to supply measurement data at extreme turbine off-design
conditions is presented. The proposed procedure works without any change of the turbocharger geometry,
so that it can be easily used for different turbochargers. To minimize heat transfer, tests have been executed
under quasi-adiabatic conditions. Gained results supply needed data for validating extrapolation models
or CFD simulations in a broad range. This paper includes the following sections: first, the theoretical
background of the turbine testing is given; second, the experimental method is shown; third, experimental
methodologies, obtained results, and limitations are presented and discussed; last, main conclusions are
written.

2. Theoretical background

2.1. Turbine testing principle

The main problem when trying to measure turbocharger turbine performance in a wide range of operating
conditions is the lack of a suitable braking capacity of the remaining turbocharger parts. For high powers,
the mechanical losses due to friction can be risen by using a high viscosity oil or the compressor can be
forced to consume more power by rising the density of the air even at its inlet and operating with high
reduced flow rates. For low powers, a low viscosity oil can be used and the compressor can be operated near
its surge line with low density at its inlet. Even when doing this, the measurable range in the turbine map
for a given reduced speed is small Galindo et al. [28]. For reaching higher and lower power outputs, a brake
can be used. This leads to system disassembling and reassembling with associated shaft balancing issues
that arise at high rotational speeds of automotive turbochargers. Anyway, no brakes have been found in
the literature (nor electric neither hydraulic ones) for measuring turbine performance well over 100 krpm.
Furthermore, no commercial equipment for measurements at such or higher rotational speeds without severe
modifications of the turbocharger shaft and bearing system are readily available.

Another possibility is to force-feed the turbocharger compressor, without modifications of the shaft or
of the rotor and thus, avoiding the shaft balancing issues. Moreover, it can be feasible to measure the full
range of turbine operating conditions, which can be found in normal automotive driving cycles.

According to Figure 1, high turbine power outputs (B-A) are measurable by running the compressor in
the range of A’ to A within the normal range of compressor power consumption and, thus providing braking
power. By force-feeding the compressor, points beyond A’ are achievable. In addition the compressor can
be even made to work as a centrifugal turbine, producing enough power to drive the turbocharger shaft. To
realize this has been the main challenge to obtain measurements for the turbine side in a broad range.

For doing so, the compressor pressure ratio has basically to become lower than one (Point C) to operate
in the range of C’ (ηturb.,mech. = 0) and D, where the compressor produces a net power output (Ẇcomp. > 0).
When running at high speeds the compressor may starts to choke at pressure ratios bigger than one. Then,
the needed reduced mass flow to gain power output is not obtainable and the zero efficiency point D of the
turbine is hard to reach at these speeds.

2.2. Potential in common configurations

Euler’s turbomachinery equation has been used for computing the power output of a compressor rotor:

Ẇcomp. = ṁcomp. · ω ·
(
R̄1 · cθ,1

−R2 · cθ,2) .
(1)

Where Ẇcomp. is the compressor power output, ṁcomp. is the compressor mass flow rate, ω is the rotor
rotational speed, R̄1 is the mean radius at the rotor inlet, R2 is the radius at the rotor outlet and cθ,1 and
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Figure 1: Relation between compressor and turbine running condition

cθ,2 are the tangential speeds in an inertial reference frame fixed in the center of the rotor at its inlet and
at its outlet (Figure 2).

In common cases with axial flow inlet cθ,1 is negligible and cθ,2 is bigger than 0, leading to a power
consumption (negative power output) as figure Figure 2 (a) shows. If the compressor flow rate is high
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enough and the rotational speed is low the tangential speed at the rotor outlet in the relative reference
frame can be high enough to produce a negative tangential speed component in the inertial reference frame
cθ,2 as Figure 2 (b) illustrates. According to Equation 1 this results in positive power outputs. This can be

ω ·R2

c2
w2

wθ,2

β2

cθ,2 ω ·R2

ω

β2

c2

ω

ω ·R2

w2

wθ,2 ω ·R2

a) b)

cθ,2

Figure 2: (a):Velocity triangle at normal operating condition; (b):velocity triangle with high flow rate

achieved by force-feeding the compressor with pressurized air and high mass flows at its inlet, making it to
operate at lower than one pressure ratios. In these conditions, the turbine might be measured with very low
power outputs and at a given turbocharger speed, as the compressor provides part of the power consumed
in mechanical losses. In some cases, the compressor might provide even more power than the mechanical
losses, and the turbine can be measured at the zone of very low pressure ratios, where it consumes mechanical
power instead of producing it.

A simple model can be used to estimate the trends of limitations faced during the experimental campaign
and was also used to show the potential of several setups, which were installed step by step into the test bench.
Objective of the model is to deliver the unknown parameter cθ,2 of Euler’s turbomachinery Equation 1,
calculating the relative outlet velocity by means of the rothalpy conservation equation, rearranged as:

w2 =

√√√√2 · cp · Tt,1 ·
[

1 −
(
pt,1 −∆pt

p2

) 1−γ
γ

]
−

−ω2 ·
(
R̄2

1 −R2
2

)
.

(2)

Here ∆pt is the sum of the NASA loss models for incidence and passage losses by Futral et al. [29].
When the critical pressure ratio is reached, the NASA shock model is used. Assuming that the flow exits
the passage with the blade angle β2 defined like in Figure 2 and thus, not considering deviation or estimating
a slip factor, the velocity component cθ,2 can be calculated as:

cθ,2 = w2 · cosβ2 + ω ·R2. (3)

Results of the calculation of the compressor power with low inlet temperature of 50 ◦C are presented in figure
Figure 3. The expected maximum measurable rot. speed where the compressor operates as a centrifugal
turbine is rather low and the needed pressure ratio rather low. When the blade tip tangential speed rises,
the flow speed at the rotor outlet has to rise to produce a negative tangential absolute speed component,
as Equation 3 shows. Since the available compressor inlet pressure is usually restricted by the maximum
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Figure 3: Compressor model results of compressor power output with 50 ◦C inlet air temperature

power of the air supplying units, just very low speeds are measurable with such an unmodified test config-
uration. Additionally compressor choking could take place before a sufficient net compressor power output
is noticeable and no further velocities may be reached.

Experimental results of a complete compressor map measurement, where the compressor was not config-
ured but force-fed to reach very low pressure ratios are presented in section 4. Procedures for realising the
needed compressor power production and thereby obtainable results on the turbine side at very low turbine
efficiencies are presented in section 5.

3. Experimental method

This section contains the description of the experimental test facility used in the present work. The gas
stand setup and its control will be introduced; then the turbocharger installation is described.

3.1. Gas stand setup

The scheme of the final gas stand arrangement can be found in Figure 4. A truck engine is used as a gas
generator for the turbine. Its crankshaft is connected to a reversible asynchronous motor, that can brake
and power the engine, so the temperature at the inlet of the turbine can be controlled by the amount of fuel
injected regardless of the rotational speed of the engine. The engine discharges towards a plenum a that
is connected to the turbine and to the exhaust line, being the latter connection controlled by means of two

automatic valves 1 . When the flow rate through the turbine has to be set lower than the engine flow rate,
this plenum valves can be opened to divert a part of the flow and reduce the turbine pressure ratio.

The reversible asynchronous motor has two heads: one end is connected to the engine crankshaft, and the
other one is connected to a gearbox that drives an auxiliary screw compressor. This compressor is used for
boosting the engine and as a gas generator for the turbocharger compressor. By controlling the rotational
speed of the engine (and, thus, the speed of the screw compressor) the pressure and temperature at the
engine intake and the turbocharger compressor inlet can be regulated. In combination with discharge valves

in the engine intake line 2 and the turbocharger compressor inlet line 3 the loading can be adjusted for
both lines independently. To manipulate the back pressure of the turbocharger compressor two electrical

valves 4 are installed in parallel.
For obtaining the needed turbine measurements the turbine has initially been operating at moderate

mass flow like in point A of Figure 1. At this conditions the valves 1 are in mid-position, the valves 2
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and 3 are completely opened whereas the compressor outlet valves 4 are predominantly closed. First,

the turbine mass flow has been increased by means of closing the turbine valves 1 . In order to maintain

the rotational speed the compressor back pressure has been reduced by opening the compressor valves 4
until the braking power has been sufficiently increased. This procedure can be continued until the maximum

braking power is obtained, corresponding to point B in Figure 1. Following, the turbine valves 1 have
been opened slowly again to measure at low turbine mass flows beyond running point A’ in Figure 1. At
low turbine mass flow the turbo compressor running condition is driven towards even lower compression

ratios via a stepwise closing of valve 2 and simultaneous opening of valve 3 . When the turbine runs with
very low mass flow, at running points where the compressor has to supply supporting power (beyond C’ in

Figure 1), the rotational speed of the screw compressor can be risen and valves 4 can be further opened.
Thus, it has been possible to force-feed the compressor additionally.

The mass flow rate is measured at the outlet of the compressor and at the outlet of the turbine, as well
as at the engine inlet. The engine also counts with a fuel flow rate sensor and a blow-by flow sensor, so the
composition of the gases passing through the turbine can be computed. Also, the turbine flow rate can be

measured redundantly when the engine exhaust plenum valves 1 are totally closed. The mass flow rate
at the compressor outlet and engine inlet is measured with hot-wire flow meters, while the turbine outlet
sensor is a differential pressure, V-cone shaped flow meter [30].

The pressure and temperature probes are six diameters away of the inlet and outlet of compressor
and turbine. In each of this measurement planes there are two piezoresistive transducers for pressure
measurements. On the compressor side the temperatures have been measured by two K-type thermocouples,
on the turbine side by four.

An independent lubrication system is used. This way, the pressure and temperature of the lubrication
oil of the turbocharger can be set for each experiment. The oil flow rate is measured with a coriolis flow
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meter, its pressure with piezoresistive transducers and its temperature at the turbocharger inlet and outlet
with thermocouples. The accuracy of the measurement media used in the experiment are listed in Table 1.

Variable Sensor type Accuracy
Gas pressure Piezoresistive ± 1250 Pa
Gas and metal K-type ± 2.2 K
temperature thermocouple
Gas mass flow V-cone ± 0.5 %
Oil pressure Piezoresistive ± 2500 Pa
Oil temperature RTD ± 0.15 K
Oil mass flow Coriolis ± 0.1 %

Table 1: Accuracies of measurement sensors

3.2. Turbocharger setup

An automotive turbocharger has been measured during the experimental campaign. It has a variable
geometry turbine, is equipped with a water cooling system and normally operates in 2 L diesel engines.

During the experimental campaign, the internal and external heat flows were kept as low as possible,
so that the water cooling system was disconnected. The turbocharger as well as its inlet and outlet ducts
were also thermally insulated. The flow temperature at the turbine inlet was kept close to the lubrication
temperature, minimizing the internal heat transfer. Even after taking these measures, the flow evolution
differs from the fully adiabatic one. Low turbine power is affected by residual heat fluxes, which would
normally be considered as negligible as the turbine power output is of higher magnitude. Effectively, the
power output can be obtained by measuring the enthalpy leap in the turbine, Equation 4:

ṁturb. · c̄p · (T3t − T4t) = Ẇturb. + Q̇turb. (4)

Where ṁturb. is the turbine flow rate, c̄p is the average isobaric specific heat capacity of the evolution inside

the turbine, T3t is the turbine inlet total temperature, T4t is the turbine outlet total temperature, Ẇturb.

is the turbine power output and Q̇turb. is the heat transfer to the oil and to the turbine casing. When the
absolute value of the last term is much smaller than the former, which is a normal condition during the
almost adiabatic measurements (with Q̇turb. < 0), the turbine power output is easily approximated with
a high degree of precision from the enthalpy leap. However, at very high BSRs, the power output is low
enough to be comparable to the residual heat flow, so that it has to be additionally measured.

This residual heat flow has been measured using the method described in Serrano et al. [12] and [13].
15 thermocouples have been placed in five different planes of the turbocharger, and the internal heat flow
has been computed using a one-dimensional heat flow model. The internal conductances were obtained in
a different testing campaign. The external heat flow has been computed by measuring the temperature
of the thermal insulation skin at the turbocharger and inlet and outlet ducts, as well as the ambient
temperature and air speed. During the turbine measurements these turbocharger casing temperatures have
been monitored. After changing the turbine and compressor running conditions, the measurements has been
taken as soon as the temperatures are stabilized. This is from growing importance, when measuring at low
turbine power.

Four rack positions have been set for the variable geometry turbine stator during the experiments: 10 %,
30 %, 60 % and 80 % of displacement. Whereby 0 % marks the closest stator position and 100 % the widest
stator opening. At each, 6 different reduced rotational speeds have been measured: 1710, 2830, 3890, 4890,
5830 and 6715 rpm/K0.5. Extremely high blade speed ratios have been measured for the first four reduced
speeds, which are equivalent to a physical speed range from 45 krpm to 130 krpm when operating at a
common turbine inlet temperature of around 700 K, and from 56 krpm to 160 krpm at around 1100 K. This
is a common range for the diesel engine exhaust gas temperature upstream of the turbine.

8



3.3. Procedure Check List
1. Prepare test bench; Set oil temperature; Adjust VGT position.
2. Set valves in starting position.
3. Start the installation preferably with high mass flow to achieve fast thermal stabilization. (30 min to

60 min)
4. Change valve positioning according to the aforementioned description to modify the operating point.
5. Wait for thermal stabilization. (5 min to 10 min)
6. Take measurements.
7. Continue with 4. until the desired points are measured or until one of the below mentioned limitations

are reached.

4. Compressor measurements without modification

Since the regime of the compressor plays a significant role for the obtainable turbine measurements
the compressor map results are shown in Figure 5(a) first. Aside of the traditional compressor map also
the specific enthalpy change is plotted in Figure 5(b). Thus, the potential of running the turbine with

0.0 0.5 1.0 1.5 2.0 2.5 3.0
0.5

1.0

1.5

2.0

1.0
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Figure 5: Compressor maps in unmodified configuration

the positive power output of the compressor can be seen as relatively small. For the two lowest reduced
speeds positive power outputs are achievable: for 1710 krpm from moderately low compression ratios less
than 0.91; for 2830 krpm the compression ratio has to pass even below 0.83. However, these positive power
outputs are rather low. At 3890 krpm and higher speeds no net positive compressor power output has been
achieved. Hence, some turbine measurements below the mechanical turbine efficiency are feasible by means
of simply force-feeding the compressor, though the number of points is low. To expand the limiting number
of measurable points some modifications have to be made, like presented in the following sections.

5. Enhanced testing methodology and discussion of the results

Anticipating the experience of the performed measurements it can be said, that the need of high com-
pressor mass flows and operating at compression ratios lower than one has several inherent limitations for
common test benches and common compressors, which have been overcome during the performed measure-
ments. Thereby, three different setups have been used on the compressor side to obtain as much turbine
measurements at high BSRs as possible. These arrangements for high BSR measurements have kept identical
for speedlines over changing VGT openings.
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5.1. Inlet Guide Vane

Examining the Equation 1 shows that the possible control of the inlet velocity has been unused yet.
Thus, the aforementioned limitation can be risen by rotating the flow at the rotor inlet. Indeed, by using a
properly sized IGV device, the absolute tangential speed cθ,1 can be risen to non-negligible values like shown
in Figure 6, thus contributing to the compressor net positive power output. Thereby, the necessary power

a) b)

ω ·R1

wθ,1

α1

c1
w1

ω ·R1

wθ,1

c1
w1

α1

cθ,1cθ,1 = 0

Figure 6: (a): Velocity triangle at normal operating condition; (b): velocity triangle with inlet swirl

output can be obtained at lower reduced mass flows. In Figure 7 the modeled net compressor power output
can be noticed at lower pressure ratios and at higher speeds than in Figure 3 without swirl component.
Furthermore, the rotor choking limit itself could be pushed towards higher reduced mass flows since the
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Figure 7: Compressor model results with 50 ◦C inlet temperature and imposed swirl component cθ,1 (α1 = 50◦); compared
with results of Figure 3 (light color lines)

relative inlet Mach number decreases Najjar and Akeel [26].
The assembled IGV is shown in Figure 8. It has been positioned 55 mm upstream of the compressor

inlet. The IGV has five arc shaped blades, which are slightly twisted in circumferential direction, with 1 mm
thickness and a reduced blade-width at the trailing edge to decrease the boundary layer separation. These
blades are extruded from a rotated NACA0012 profile (Jacobs et al. [31]), which acts as a hub. In addition
the IGV blade angle is optimized by the use of CFD simulations to guarantee an average flow angle between
45◦ and 55◦, according to the definition in Figure 6, and a low pressure drop across the full operating range.
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(a) Inlet view (b) Outlet view

Figure 8: IGV upstream of the compressor

5.1.1. Compressor side

During all measurements at very low turbine mass flow rates, the IGV has been used to guide the inlet
flow of the compressor. When measuring at normal operating conditions, it is not necessary to support the
turbine with power gained by the compressor and the swirl at low compressor mass flow would result in
high incidence angle (Wallace et al. [25]). Thus, the IGV was detached to avoid compressor surge during
the measurements at normal turbine operating conditions of lower BSRs and high turbine efficiencies.

By means of the IGV the compressor power output can be risen high enough, so that the turbine efficiency
map at low turbine efficiencies has been measurable between the reduced rotational speeds 1710 rpm/K0.5 to
3890 rpm/K0.5. The characteristic compressor lines measured, while using the IGV at the inlet, are shown
in Figure 9. The IGV has realized the generation of positive compressor power at a rotational speed of
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Figure 9: Compressor maps with IGV in comparison with the results of the unmodified configuration

3890 rpm/K0.5, which has not been possible before (Figure 9(b)). However, the flow starts to choke at lower
reduced mass flows than without IGV (Figure 9(a)). When the compressor mass flow has been risen, choking
inside of the compressor volute and diffuser has taken place, before a sufficient power can be obtained to
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achieve measurements at higher rotational speed. Thus, no further reduced speedlines at very low turbine
mass flow have been measured with this method.

5.1.2. Turbine side

The obtained measurements are executed in high resolutions to guarantee a high reliability of the gained
data. The measurement results achieved on the turbine side; together with turbine model results of the
models described in the work of Serrano et al. [32] and Payri et al. [2]; are shown in Figure 10.
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(f) ṁred. at 3890 rpm/K0.5

Figure 10: Turbine maps with IGV
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The model is fitted with five points of each speedline in normal operating range with high turbine
power (lower BSR) and predicts the efficiency and mass flow for higher BSRs. Thus,the model lines can be
understood as a guide for achieved results from the experiment. In Figure 10 ((a), (b) & (c)) efficiencies are
shown down to −50 % and a BSR up to 1,2, even when further points with much lower efficiency have been
measured.

In the mass flow maps, shown in Figure 10 ((b), (d) & (f)), it can be seen that it has been possible
to measure at very low turbine mass flow for each particular speed. Measurement discontinuities at higher
mass flow in the maps of Figure 10(c) - Figure 10(f) for 80 % VGT opening are caused by the detachment
of the IGV. Furthermore, lines of zero compressor work and zero efficiency are added here. The line of zero
compressor work visualizes the improvement of the measurement range regarding obtainable measurements
with current state of the art methods Smiljanovski et al. [19]. A remarkable improvement has been gained
for all speedlines by means of the presented procedure. The line of zero efficiency marks the region, where
the turbine work starts to be negative. Here the turbine wheel consumes power from the shaft since the
aerodynamic losses are from dominant behaviour and effect a contrary momentum/torque.

In the mass flow measurements a sudden change of the curvature in regions of negative efficiencies is
conspicuous. This distinction appears strongly at 30 % VGT opening and grows with reduced speed as it is
highlighted by Figure 11. It is worth highlighting, that during the mass flow measurements in this particular
region unusual fluctuations have been recognized. Similar behaviour of the mass flow curves can be observed
in the experimental data by Terdich [21] for 30 % VGT opening at very low mass flow.
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Figure 11: Conspicious behaviour of very low mass flow

Such a behaviour could be affected by small fluctuations of the VGT blades, caused by a drop of stator
blade loading, loose blade positioning caused by production. Furthermore the flow could start to fluctuate
before changing the direction entirely, when reducing the pressure ratio even more. A change of the flow
direction has been observed by Terdich [21] at expansion ratios close to one.

Due to the low magnitude of power outputs and pressure ratios, which are measured in the extreme
off-design condition, high uncertainties can occur. With common precision of k-type thermocouples of 2.2 K
and the precision of 2500 Pa of the pressure probes, like shown in Table 1, along with the aforementioned
conditions and at the same time not negligible heat fluxes the uncertainties in efficiency are naturally
high. Hence, the inaccuracies are growing towards lower rotational speed and towards decreasing efficiency.
Nevertheless a high repeatability has been stated for the efficiency and the trends match the extrapolation
results. A comparison with further data is not possible since this turbocharger has not been measured by
authors that propose different procedures for measuring at high BSRs like ?? and ??. The uncertainties for
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the mass flow are rather low for the full measurement range.

5.2. Milled Volute

After decreasing the compressor pressure ratio by means of the IGV it has been noticed, that the
reduced mass flow is limited again as shown in Figure 9. This time by volute and diffuser choking, since
the compressor volute requires tangential rotor outlet flow with an opposite orientation (Figure 2), which
results in high mixing and pressure losses in the volute. Furthermore, the compressor area ratios are not
designed for gas expansions.

(a) Top view

(b) Side view

Figure 12: Milled compressor casing

Hence, this limitation can be overcome by milling the compressor casing, maintaining its inlet pipe but
removing material from the outlet diffuser and volute, so that the rotor expands towards the ambient as it
can be seen in Figure 12.

5.2.1. Compressor side

To reach the following required reduced speed a compression ratio close to 0.5 is required while expanding
to the ambient pressure. Thus, using the milled compressor volute, the gas does not pass neither the mass
flow meter nor the temperature and pressure probes downstream the compressor. Hence, none compressor
map can be obtained for this experiments. When it has been tried to reach even higher rotational speeds
during the expansion to the ambient pressure, the lubrication film has broken down. At this condition a huge
amount of oil is sucked and blown to the surrounding and metal to metal contact occurs, which can result
in the destruction of the turbocharger. This denotes a limitation of obtaining zero efficiency measurements
of the turbine driven by the compressor for the test facility in the current setup of Figure 4.

5.2.2. Turbine side

Via using the milled compressor volute the reduced speed of 4890 rpm/K0.5 has additionally been mea-
sured. The results are shown in Figure 13. Due to the blown compressor exhaust the experimental condition
inside of the test bench has changed to higher outer air velocities and thus higher convective heat fluxes.
Hence, the measurements at particular operating points have been repeated to prove the repeatability of
those and a high repeatability has been stated.
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Figure 13: Turbine maps with milled compressor casing

It is worth highlighting that especially for the VGT opening of 80 % a strong agreement between exper-
imental and calculated (extrapolated) efficiency has been obtained with the model described in Payri et al.
[2].

5.3. Without compressor wheel

To gain beneficial results for the two remaining speeds 5830 rpm/K0.5 and 6715 rpm/K0.5, the point close
to zero mechanical efficiency has been measured (Ẇcomp. = 0). For this purpose the power output/input of
the compressor has to become zero wherefore the compressor wheel and its casing have been detached. Due
to balancing issues a metal cylinder has been replaced.

Figure 14: Metal cylinder which replaces the compressor wheel

Hence, the turbine has had to produce the power to overcome the friction losses in the bearings and also
the friction losses of the metal cylinder with the surrounding air.

5.3.1. Turbine side

For the two higher rotational speeds the normal operating range has been measured by means of the
original compressor volute. Additionally, the points of zero mechanical efficiency have been measured with
the aforementioned assembly. The obtained results are presented in Figure 15(a) - Figure 15(d).
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(c) Efficiency at 6715 rpm/K0.5
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Figure 15: Turbine maps; stars obtained with cylinder on compressor side

In the case of the measurements for 80 % VGT opening the points measured with zero compressor power
show very bad agreement with extrapolated trends for the reduced speeds 5830 rpm/K0.5 and 6715 rpm/K0.5

(Figure 15). It is expected to have an error in the measurement according to VGT position or turbospeed
since they are the only points with such a level of disagreement and the uncertainty is low at these reduced
speeds.

6. Uncertainty analysis & future improvement discussion

The uncertainties for the BSR and the efficiency are calculated as it is proposed in GUM [33]:
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u2c =

n∑
i=1

{
1

2
(f [x1, ..., xi + u(xi), ..., xn]

− f [x1, ..., xi − u(xi), ..., xn])

}2

.

(5)

High inherent inaccuracies occur when measuring at low turbine power with low pressure ratio and are
naturally increasing towards higher BSRs and towards lower reduced speeds like visible in Figure 16.
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Figure 16: Measurement uncertainties

Consequently, measuring at higher rotational speeds for obtaining extreme off-design results allows to
obtain a more trustworthy dataset. Thus, it is from interest to improve the measurement method and to
allow measurements at higher speeds. The obtained mass flow maps in this paper are less influenced by
the heat transfer, as observed by Serrano et al. [12], and thus, its measurement accuracies. Since these
uncertainties are not worth mentioning they are not presented.

For an improvement of the measurement quality at the running points of extreme off-design and low
reduced speeds advanced measurement methods like presented by Baar et al. [34] would be of high interest.

Apart from the presented three assemblies remaining possibilities do exist to control and to increase
the power output of the compressor in order to obtain turbine measurements at low mass flows for higher
compressor speeds. From Equation 2 and Equation 3 it is easily deduced that the inlet Temperature has a
high impact on the compressor work. Thus, increasing the inlet temperature results in significantly higher
compressor power outputs according to the model results in figure Figure 17.
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with results of Figure 7 (light color lines)

The inlet temperature and simultaneously the inlet pressure can be risen by increasing the power of
the screw compressor, which has been limited by the maximum power of 150 kW of the reversible brake in
the presented experiment. Also it has to be taken care, that the quasi-adiabatic test condition keeps valid.
Furthermore, the limitation of the second assembly due to lubrication film failure could be overcome by
reducing the oil pump pressure below ambient (e.g. 0.7 bar to 0.6 bar) conditions by means of a vacuum
pump. Thus, loss of the oil can be controlled.

7. Summary & conclusion

In this paper, a systematic procedure for measuring radial turbine performance at extreme high blade
speed ratios and almost zero mass flow has been developed.

In the experiments, the turbocharger compressor acts not only as a braking unit but also as a power
supplier for the turbine. To run the compressor as a centrifugal turbine several limitations like e.g. rotor
choking and volute choking have had to be overcome due to modifications of the initial assembly.

First, an IGV has been introduced into the inlet duct of the compressor to produce a inlet momentum
and to take advantage of Euler’s turbomachinery equation for assisting and powering the turbocharger shaft.
A comparison with a unmodified compressor has clarified the benefit of using inlet swirl for the conversion
of the compressor into a centrifugal turbine. By means of this assembly turbine efficiencies much lower than
zero percent, where the turbine even consumes power, have been measurable for three moderate reduced
rotational speeds at almost adiabatic conditions. Since the compressor has worked close to choke when
powering the turbocharger shaft, no higher speed has been measurable.

Second, by milling the compressor volute the air has been able to expand to the ambient pressure and
thus, the compressor has been able to produce enough power to turn the turbocharger shaft at higher
speed. At even higher speed the lubrication film has collapsed due to the low pressure at the compressor
side. Consequently, four complete speedlines have been measured by means of the presented approaches.
In normal hot conditions these result in the full range of turbocharger speeds, that is usually found during
urban driving. Thus, valuable data for model development and evaluation have been obtained.

Third, for even higher speeds the compressor wheel has been replaced by a balanced cylinder. With this
kind of assembly it has been possible to obtain the point of zero mechanical efficiency in a simple way and
to gain additional data for very high speeds.

The uncertainties, which play an important role at low efficiency measurements, have been observed.
The possible errors have a very high magnitude for low rotational speeds. Even though, a high repeatability
has been stated for the tests.
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Nomenclature

BSR Blade speed ratio -
c velocity in absolute reference frame m s−1

cp Isobaric specific heat capacity J kg−1 K−1

comp. Compressor -
ICS Independent Cooling System -
ILS Independent Lubrication System -
mech. Mechanical condition -
ṁ Mass flow kg s−1

N Rotational speed rpm
p Pressure Pa

Q̇ Heat flow W
R Radius -
red. Reduced numbers -
s Static conditions -
T Temperature -
t Total or stagnation conditions -
turb. Turbine -
u Uncertainty -

Ẇ Power W
w velocity in relative reference frame m s−1

1 Compressor inlet section -
2 Compressor outlet section -
3 Turbine inlet section -
4 Turbine outlet section -

Greek letters
α Angle in absolute reference frame ◦

β Angle in relative reference frame ◦

γ Heat capacity ratio -
∆ Difference -
η Efficiency -
θ Circumferential components -
π Corresponding pressure ratio -
σ Blade speed ratio -
ω Angular velocity s−1

Overbar
Averaged value
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