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Abstract

The increasingly stringent internal combustion engines emissions regulations, the extended use of after-treatment
systems, the climatic change as consequence of green house gases emissions and the decrease of fossil fuel storages,
have moved the research interest towards optimization of the internal combustion engine operation with the aim of
reaching the maximum efficiency possible. This renewed interest takes into account the optimization of all the engine
sub-systems to reduce as much as possible the energy losses. In this framework, the evaluation and optimization of
the engine mechanisms and auxiliary systems, aimed at reducing the friction and parasitic energy consumption is one
common path to achieve the efficiency targets. This work is devoted to the development of a model to determine the
friction losses and the auxiliary energy consumption, based on parameters usually obtained in standard test benches.
This model allows the diagnosis of the sub-systems behaviour as well as the evaluation of potential improvement by
replacing or redesign some parts and components. In this work, a complete description of the models to estimate
friction in the piston assembly, bearings and valve train, and energy consumption of the coolant, oil and fuel pump
are provided. Finally, a brief application to demonstrate the model potential in diagnosis and predictive applications
is discussed.
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Young modulus ......oovnuiiiiii e [Pa]
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Friction coefficient ........ ... ..o it [-]
BOrCe o e [N]
Netheating value ...ttt [J/kg]
Oil thickness . .......c.oiiiiiiii i e e [m]
Taylor parameter for bearings ................c.cooiiiiiiio... [-]
Length ... [m]
Torque ... [Nm]
MaaSS .o [kg]
POWeET o [kW]
Sommerfeld number ........... ... .. ... . [-]
Engine speed ..ot e [rpm]
PressuUre . ... [bar]
Temperature ...........couueeiniinte i [°C]
A T [m3]
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Number of cylinders ... [-]
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Crank angle ...t e e [rad]
Pressure viscosity coefficient ................ ... . ... [m?/N]
Asperities radius of curvature ........... ... oo [um]
Eccentricity 1atio . ......oovnnuttei i e [-]
Efficiency ...... ..o [-]
Rate of change of shear stress with pressure .................... [-]
Separation Parameter ............euuueeeennunneeennnneeennnns [-]
VASCOSILY .« vt vttt ettt et [P,s]
DenSitY ..ot e [kg/m’]
Asperity density ..............ieiiie e [um=2]
Attitude angle ...... ... e [rad]
Angle between Fpregr and Vp o ovvvviiie i [rad]
Load per unit area . ...........ouiuuemueen i [N]
Composite surface roughness parameter ...................... [pem]
Shear StreSs ...ttt [MPa]
Bearing angle ............ . [rad]
Angularspeed ... [rad]s]
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1. Introduction

In spite of the stringent emissions regulations imposed in the last years and the growing use of electric and hy-
brid powertrains, the Reciprocating Internal Combustion Engine (RICE) is still the most widespread technology in
the automotive sector. To comply with the regulations aimed at the reduction of the NO,, HC and soot emissions,
the engine research has been mainly focused on the limitation of pollutants formation during the combustion process
and the reduction of the engine tailpipe emissions [1, 2]. However, to accomplish with the current as well as the
upcoming emissions regulations, the use of after treatment systems such as catalytic converter [3], selective catalytic
reduction [4] and Diesel particulate filters [5] have become a very common solution in the automotive industry [6].
Such systems reduce effectively the emissions but penalize the fuel consumption as consequence of the exhaust gas

back pressure, which increase the pumping work.

The climatic change consequence of green house gases emissions such as CO;, along with the decrease of fossil
fuel storages, have moved the research interest towards optimization of RICE operation with the aim of reaching the
maximum efficiency possible. Since the signing of the Kyoto protocol in 1998, the industrialized countries have been
committed to binding green house gases emission reduction targets, thus, current international legislation set the new
research lines, in which the reduction of CO; is one of the most important objectives. According to the new European
regulation [7], the CO, emissions must be increasingly reduced in the upcoming years, putting even more pressure

over the automotive industry.

One way to reduce the fuel consumption consists on reducing as much as possible the mechanical losses through
evaluation and optimization of the mechanical systems. The mechanical losses of an engine are understood as those
which reduce the gross indicated-to-brake power ratio. These are the pumping losses, the friction losses and the en-
ergy used to drive engine accesories. The pumping losses are taken into account in the indicated cycle by calculating
the net indicated power; therefore, the optimization of the pumping work is closely related with the indicated cycle
optimization, for instance, by using variable valve timing [8]. Therefore, this work deals with the mechanical losses

which lead to energy degradation from the net indicated power to the brake power.

Friction and auxiliary losses accounts for up to 12% of the total fuel energy [9]. Regarding the relative importance
of each engine sub-system in the total mechanical losses, a wide variation range can be found in the literature [10, 11],
thus the pumping work ranges between 15% and 30% of the total mechanical losses, friction between 45% and 65%
and auxiliary between 15 and 25%. At the same time, the friction weight of each engine part is also variable depending
on the source: piston rings and skirt accounts for about 40-75% of total friction, bearings between 20% and 40%, and
the camshaft ranges between 7% and 30%. The reduction of friction and auxiliary losses leads directly to more brake

power output.
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The friction level depends on the contact surfaces and lubricating oil properties. Some of the techniques used
to reduce the friction are the use of smooth surfaces [12], high oil temperature [13], low viscosity oil [14] and the
optimization of components design such as reducing sizes and weights of the piston, bearings and camshaft elements
[15], better refinement of the piston rigs surface [16], decreasing the sealing force of the rings [17], using cam roller
followers [18], decreasing the loads of valve springs [19] and substituting multiple belts for conventional V-belts [15].
All this changes are restricted by the engine operating requirements and the materials resistance, e.g. lower rings
sealing forces reduce the friction between them and liner but can increase the blow-by leakage and the flow of oil

from the crankcase to the combustion chamber.

The auxiliary systems of the engine are those necessary to the appropriate and safe engine operation, i.e. cooling,
lubricating and injection systems. The coolant, oil and fuel pumps are usually driven by the engine crankshaft, thus
the improvement of these components is key to increase the engine mechanical efficiency. The mechanically activated
pumps have been designed to comply with high power requirements, which makes them inefficient at low power op-
erating conditions. The new auxiliary systems incorporates electric pumps [20, 21, 22], variable flow pumps [23],

electric valves [24] and optimized circuits [25] among others.

The evaluation of friction and auxiliary losses through modelling provides a clear insight of which systems should
be improved. Moreover, with the proper model implementation, the benefits provided by using a new configuration
can be evaluated. It is clear, that the development of a generally applicable model to estimate friction and auxiliary
losses in RICE will facilitate the estimation, evaluation and optimization of the engine efficiency, and hence the re-

duction of the CO, emissions.

This work deals with the development of a complete mechanical losses model, which allows determining and
evaluating friction and auxiliary energy consumption. The model has been developed for a conventional Diesel engine,
but it can be applied in any RICE after proper calibration which methodology is also included, based on parameters
usually acquired in standard test benches. This makes the present model a valuable tool to any engine testing program
allowing a deeper understanding of the elements/processes under study and their consequences in terms of mechanical

efficiency. Finally, a brief application of the model in diagnosis and predictive applications is discussed.

2. Methodology

Before start with the description of the models, a short theoretical introduction will be provided, as it is necessary

to understand the development procedure followed in this work.
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Strictly speaking, the mechanical losses power (IV,,) is defined as:

Ni;lsz'r+Na+Np (D

where Ny, is the total friction losses, N, is the energy consumption of auxiliary systems and N, is the pumping power
directly determined from the indicated cycle. Note that in naturally aspirated engines N,, is positive, thus increasing
N,, value, whilst in highly turbocharged engines N, could be negative, thus reducing the N,,. In a more detailed

approach, the terms Ny, and N, can be split as:

Nfr = Nfr,pis + Nfr,bear + Nfr,valv (2)

N, =Ncool+Noil+Nf 3

where Ny, pis, Nyrpear and Ni,.,qp, are the friction losses in the piston, the bearings and the valve train, and Neyor, Nois
and Ny are the energy consumption of the coolant, oil and fuel pumps.

Taking into account that experimental determination of friction and auxiliary terms cannot be performed in con-
ventional engine test benches, they have to be indirectly determined from available experimental information along
with specific sub-models. As the objective to this work is to provide a universally applicable model, both the determi-
nation and the calibration of the models for a specific engine need to be provided. Following, the main considerations

to determine the friction and auxiliary are mentioned:

e In the case of the friction models, they will be determined based on lubrication and friction theories that can be
found in the literature survey, as will be properly shown. As the models are theoretically determined, the model
calibration requires further analysis of the experimental mechanical losses (N,,). The calibration process will

be explained later in this paper.

e In the case of the auxiliary systems, experimental data is provided by the manufacturer; therefore, the models

can be developed and calibrated based on that information.

To develop a friction model, the lubrication mechanism between elements in contact has to be considered; there-

fore, the main lubricating regimes are following described.

2.1. Lubrication regimes

The lubricating regimes can be identified by means of the Stribeck diagram, presented in Figure 1. In this diagram,
the friction coefficient (f) in a bearing is represented as function of the Sommerfeld number (S'), also known as duty
parameter, which is defined as:

S = “)

Hw
o

6
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where p is the oil dynamic viscosity, w is the rotational speed and o is the load per unit area.

As can be seen in Figure 1, depending on the duty parameter the main lubricating zones can be defined as bound-
ary, hydrodynamic and mixed regime. In the first one surfaces reach direct contact, not completely separated by a
lubricant hence friction losses depend directly on the material roughness and the dry contact between the surfaces,
having higher friction levels than the other lubrication regimes. At hydrodynamic regime, there is a lubricant film is
fully developed. This kind of lubrication occurs at stable steady operation, where the movement of the pieces con-
stantly drag oil towards the lubricant film, thus keeping it stable. Finally, the mixed regime where asperities of the
surfaces protrude through the oil film, thus some dry contact takes place between them. This occurs when the oil drag
speed is low and its temperature is high, thus reducing both the viscosity and film thickness. At this regime, both
boundary and hydrodynamic lubrication occurs. A special regime occurs when the lubricant between surfaces in con-
tact is subject to sufficiently high load to elastically deform them during the hydrodynamic action. The oil viscosity
increases importantly due to the high pressure, thus allowing keeping the film. This is known as elastohydrodynamic

regime.

In Figure 1, S is the duty parameter at which transition between boundary and mixed lubrication occurs, fj is the
dry friction coefficient during boundary lubrication, S, is the critical duty parameter at which the transition between

mixed and hydrodynamic lubrication occurs and f,, is the friction coefficient when S = S ,.

Depending on the element analysed and the instantaneous operating condition, several lubricating regimes can take
place. For the sake of simplicity, only the most significant regimes taking place of each element will be considered to

calculate friction. Figure 2 shows the main lubrication zones for the elements considered in this work.

2.2. Model development methodology

Once the main theoretical considerations have been taken into account, the steps followed for the development,

calibration and evaluation of the mechanical losses model are listed as follows:

1. Description of the experimental facility used to obtain the main parameters required by the models.
2. Development of the friction and auxiliary models.
3. Calibration and validation of the general model.

4. Analysis and Evaluation of the model performance in diagnosis and predictive applications.

3. Experimental set-up

The research was carried out in a DI Diesel Engine, whose main characteristics are presented in Table 1. The
technical characteristics of the test cell instrumentation are presented in Table 2, and the test cell layout is shown in

7
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Figure 3. The installation was prepared to acquire the standard data necessary to perform the combustion diagnosis
and analyse the indicated cycle, and hence to determine the experimental N, + N,. Therefore, the in-cylinder pressure,
some mean variables such as air and fuel mass flows, gas temperatures and pressures at different intake and exhaust

positions and some liquids (oil and coolant) mass flows and temperatures, were measured.

To measure the in-cylinder pressure, an AVL GH13P piezo-electric transducer was installed at the glow plug hole
of each cylinder. The signal provided by the piezo-electric transducer was conditioned by means of a Kistler 5011B
amplifier and the digital processing was performed following the method described in [26]. In order to ensure the
accuracy of the pressure signal obtained, the pressure sensor was calibrated according to the traditional method pro-
posed in [27], and an in-house developed methodology [28] to determine some experimental and engine uncertainties

(pressure pegging, top dead center position, compression ratio and so on) was applied.

The mean temperature of the gases was measured by means of K-type thermocouples, whilst the mean pressure
was measured with piezo-resistive pressure transmitters. The injected fuel was measured with an AVL 733S Fuel
meter, the air flow was measured with a DN80 sensiflow, the blow-by leakage, necessary to the determination of the

load in the rings, was measured with an AVL blow-by Meter.

The acquisition and control of the low frequency signals (mass flows, mean pressures and temperatures) was
carried out with an in-house developed software SAMARUC, which also allows visualizing the engine operation
parameters, and controlling the operating conditions. The sensors signals were collected and processed in a PXI plat-
form of National instruments. Finally, the instantaneous in-cylinder pressure signals were acquired by means of a

Yokogawa DL708E Oscillographic recorder with 16 A/D converter module.

The experiments performed in this work consist on a complete swept of the engine speed and load, thus obtaining
information in the whole engine map. The operating conditions are summarized in Table 3. These measured points

are used along this work for the development, calibration and validation of the mechanical losses model.

4. Sub-models description

4.1. Piston rings friction losses

The piston elements considered to be in contact with the liner are the top compression, the intermediate, the oil
control rings and the piston skirt. These elements are referred henceforth as piston pack. The friction in these ele-
ments accounts for 40-75% of friction losses [29]. The seal between the liner and the rings is not perfect, thus some
gas leakage occurs. This leakage produce a pressure load on the rings back-face, which increase the contact force

between them and the liner, and hence the friction. The piston-rings assembly depends on the engine design, thus

8
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several different configuration are used in current production engines. A rather common configuration of three rings

(i.e. top compression, intermediate and oil control rings) is considered for the model development.

To determine the friction of each element, it is necessary to assume some simplifications of the real operation:

e No movement of the ring in the groove is considered.

e At each crank angle (@), the oil film has a uniform thickness around the perimeter of the ring and it is treated as

an in-compressible fluid.

o After assembled, the rings and liner are assumed to be a rigid body, thus no twist, mechanical nor thermal

deformations are allowed.

e The ring’s face is always in contact with the lower face of its groove.

In spite of the existence of friction models of the piston assembly that addresses some of the phenomena dismissed
by the previous assumptions [30, 31, 32, 33, 34], it has to be considered the the approach of the presented model is to
give a general insight of the power loss in the piston assembly rather than describe the specifics of oil transport, oil
thickness variation, rings twisting and deformation among other specific phenomena out of the scope of this study.

Considering that the in-cylinder pressure is the main input of the friction model presented, the results obtained
with the assumptions made are considered to be accurate enough and are in accordance with those used by other

authors [35].

In Figure 4, a scheme of the loads acting on the piston pack are presented (for the sake of clearness, piston-ring
interactions were omitted). The normal force (Fu,;) exerted on each ring is due to the gas force (F, ;) applied onto

the ring’s back-face, and the ring’s mounting force (F,, ), thus:

FN,ri = lgyri + Fm,ri (5)
where ri refers to the ring 7 (i.e. r1 -top compression ring-, 2 -intermediate ring- or 73 -oil control ring-). F, ,; can be
determined as function of the pressure in each groove/ring volume (p,;) and the ring area in contact with the gas (A,;)
as:

Fg,ri = Dri XAri (6)

As shown in Figure 4, p, p,, and p,, are the gas pressures applied in the top compression, intermediate and oil
control rings respectively, being the in-cylinder pressure (p) experimentally obtained, and p,, and p,, estimated by

means of a blow-by model [36].
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To determine the mounting force of each ring (F,, ) it is necessary to know the contact pressure of the assembled
ring (p.r;)- It is commonly calculated from the tangential (F; ;) or the diametral (F,,;) forces, according to Equations

(7) and (8) respectively [37]:

Fm,ri =2n Ft,ri (N

=09n Fd,ri (8)

In the case of the piston skirt, it is assumed that the resulting normal force exerted over the piston is applied in the

skirt. Therefore, it can be determined from the engine mechanism dynamics [36].

To determine the friction coefficient between piston pack and liner, the instantaneous lubrication regime charac-
terized by the duty parameter has to be estimated. Since the piston has an alternative movement, some modifications

have to be made in Equation (4), thus obtaining the instantaneous duty parameter for the rings (S ,;) as follows [10]:

7D pvy (@)
Fy (@)

where w in Equation (4) was replaced by the instantaneous piston speed (vy,,) determined from the engine mechanism

Si(@) = €))

dynamics [36], and o was calculated from the load in the ring (Fy,;) and the contact length (xD), following the con-

siderations made by Taraza and Henein [10].

The friction coefficient (f,;) at hydrodynamic conditions can be determined from the duty parameter (S ,;) following
the proposal of Stanley et al. [35], who stated that there is a linear correlation between the Ln(f,;(«)) and Ln(S ,;(@))

in the hydrodynamic region (S ,; > S,); thus, known the duty parameter, f,; is instantaneously determined as:

Ln(fyi(@)) = m Ln(S ri(@)) + Ln(B) (10)

where m and Ln(B) are the slope and y intercepts, whose values depends on the rings geometry. In this work, the mean

value of those proposed in [35] were used, thus m = 0.625 and Ln(B) = 1.962.

In the case of operating in the mixed region (S¢ < S,; < S¢), fi(@) is determined following the proposal of Taraza

and Henein [10]:

Sri Sri
@) =fo(1 _| SS’)')w,(' Sf_f’)') (11)

where S, = 1 x 107* is the critical duty parameter, f., = 0.0225 is the friction coefficient when S,; = S, and

fo = 0.14 is the dry friction coefficient. Note that for very low values of S ,;, f;; = fo, which means that the lubrication

10
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is in the boundary regime.

In the case of the skirt, there is always an oil film between skirt and liner due to the high contact surface; therefore,

hydrodynamic regime is assumed. The instantaneous duty parameter of the skirt (S ;(@)) is determined as [35, 10]:

_ lu Vy,g(a')
Pes(@) Ly

being L; the skirt length and p, (@) the contact pressure applied on the skirt, which is estimated from the normal force

Ss(@) (12)

in the skirt (Fy ) as:

Fy, (@)
cs(@) = —= 13
Pes(@) <DL (13)
The friction coefficient between skirt and liner is then determined as proposed in [10]:
fs(@) =258 (@) (14)

Once the friction coeflicient of each element of piston pack is determined, the friction force of each ring (Fy,;)

and the skirt (F', ) is calculated as:

Frrri(@) = fri(@) Fy,ri(@) 15)

Frrs(@) = fs(@) Fys(@) (16)

and the total power lost by friction in the piston pack during one cycle (Ny,.p;s) is determined as:

3
Nirpis = Z [95 Frri(@) vy, (@) da
ri=1

4.2. Bearings friction losses

+ 9§Ff,,s(a) vy (@) da 17

The friction in the bearings accounts for 20-40% of friction losses [29]. The model presented in this work is
based on the mobility method [38], in which the minimum oil film thickness (/o) and the journal centre location and
trajectory inside the bearing are calculated. In Figure 5, the geometry of a loaded bearing is presented, where e is the
eccentricity between the journal and bearing centres, v, is the journal centre speed, Fj.- 1S the instantaneous load, ¢

the angle between F., and the centres line (attitude angle) and ¢ is the angle between Fj.q- and v,,.

Note that F., depends on the bearing location on the engine mechanism (i.e. connecting rod or crankshaft).
Figure 6 presents the forces exerted on each bearing in a 4-cylinder engine. In each i-cylinder, the load applied on a
connecting rod bearing (F, ;) can be directly obtained from the dynamic analysis of the engine mechanism [36]. On
the other hand, despite the force exerted by each i-cylinder in the crankshaft (Fp;) can be also determined from the

11
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dynamic analysis of the engine mechanism, how this force is supported by each crankshaft bearing requires specific
measurements or finite element analysis. According to the results shown in [39], it is accurate to assume that each of

them supports half of the force of adjacent cylinders, as shown in Figure 6.

According to [38], the friction force in the bearings (F f.peqr) can be determined as:

2 0
H D w Lbear J(l) + CE€ Fbeur sin 2 Vo Fbear

bear

Ffr,bear = siny (18)

4c Dyear Dipear @

where w is the angular speed assumed to be the same for the journal and bearing, Dy, is the bearing diameter, Ly,
is the bearing length, u is the oil dynamic viscosity, c¢ is the clearance between journal and bearing, € = e/c is the
eccentricity ratio, v, is the speed of the bearing centre displacement and J?O is a parameter that characterize the film
extent and film thickness change along the bearing, which is determined for a complete film extent as proposed by

Taylor [38]:

9=21
1 2n
Joozf do = 19
! g=0 1+ e€cosb V1=e2 (19)

The terms of the friction force in Equation (18) correspond, from left to right, to the shear stress, the pressure
constituent and the translatory constituent, this last related with the movement of the journal centre [38]. The model
presented in this work is a quasi-steady model; therefore, equilibrium values of Fp,,, ¢ and ¢ are reached at each
crank angle, and hence, there is no translatory component (v, = 0) [10]. Taking this into account and replacing

Equation (19) in (18), F ¢, peqr can be finally calculated as:

2 T D2 w Lhmr CE€ Fbear

bear +
c V1 - 62 Dbeur

For a constant loaded bearing, the friction force correspond to the Ocvirk’s short bearing theory [40]. According

Ffr,hear = sin @ (20)

to this theory, € can be determined as:

2F ear Lear 2 2 D ear :
bear/ Ly ( C)(” ): X N062 + 1 Q1)
wﬂDbear Dbear Lhear (] — € )
and ¢ as:
Vi-e?
¢ = tan™ [”4—6} (22)
€

To solve the Equations (21) and (22), it is necessary to know specific bearing geometry. As this geometrical infor-
mation is not usually available, in Table 4, typical geometrical values of engine bearings as function of engine bore

are provided.
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Once the friction components presented in Equation (20) are determined, the power lost by friction in the bearings

during one cycle can be calculated as:

NB
w Dbear,i
Nfr,bear = ; [§ TFfr,bear,i(a') da (23)

where i is the analysed bearing and N B is the total number of bearings considered.

4.3. Valve train friction losses

The friction losses in valve train mechanisms depend on their design but commonly ranges between 7 and 30% of
friction losses [29]; in a conventional Diesel engine with tappet follower, the rocker arm bearing accounts for about
10% of the total friction in the valve train system, the cam bearing between 1 and 12%, the stem and valve guide about
2% and the cam/tappet contact between 85 and 90% [41]. As most of the friction occurs in the cam/tappet contact,
in some designs the sliding contact is replaced by a rolling contact by using a roller instead of a tappet, thus reducing

the friction about 50% [42].

In this work, several models for tappet and rolling contacts are presented to provide a suitable analysis tool for
most widespread valve train systems. The kinematics and dynamics of both, tappet and rolling contacts, are presented

in Appendix A.

The cam and follower contact surface is separated by a thin oil film, which is exposed to very high load. This
causes an elastic deformation in the cam and the follower that is comparable with the oil film thickness. To estimate
the oil film thickness, the elastohydrodynamic lubrication theory can be used [43]. Therefore, the non-dimensional
film thickness (H) is estimated through the Dowson and Higginson proposal for line contact between two cylinders
[44]:

H - % — 265 U0.7 G0.54 W—0.13 (24)

C

where kg is the minimum oil film thickness, key parameter to calculate the friction in the valve train, R, is the

equivalent radius of curvature (see Appendix A) and U, G and W are dimensionless parameters defined as:

M Ve

U= 25

E.R. 25)

G=a,E, (26)
F N,valv

__Fw 27

v Ec Rc LL'am ( )

being v, the entrainment velocity, Fy,,4 the force normal to the common tangent, a, the pressure viscosity coefficient,
Lay, the cam width and E, the effective elastic modulus calculated as [45]:
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where E., and Ey, are the Young’s modulus and v, and vy, are the Poisson’s ratios of the cam and follower
respectively. As this information is not usually available, a reasonable assumption is to use the Young’s modulus of

the steel as the effective elastic modulus (E, = Eep).

The friction in the cam/follower contact (F'y,.,4) has two components, the boundary friction (F}4) due to the

asperity contact, and the viscous friction component (F ) due to the shear of lubricant [45, 46]:

Ffr,valv = Fb,valv + Fv,valv (29)

Fpvaiy 18 determined as proposed in [47]:

Fb,valv =T, Ay + ky Py (30)

where 7, is the Eyring shear stress, A, is the asperity area, k,, is the pressure coeflicient of the boundary shear strength

and P, is the load carried by the asperities. The asperity area is calculated as [47]:

Ay =m0V AF, 31)

and P, can be determined as:

16 V2
P, = % n(0 L o) \E E. A Fs), (32)

being o the asperity density, { the asperities radius of curvature, o the composite surface roughness parameter and A
the Hertzian contact area that can be calculated by modelling the cam/follower contact as in the case of two cylinders

[46]. In Figure 7, the typical load distribution in the cam/follower contact is presented. Thus, the Hertzian area is:

A =2b Lep (33)

being b the half Hertzian width calculated as [43]:

8 F valy Rc
b= /L (34)
nE.

The statistical functions F, and Fs;, (see Equations (31) and (32)) are defined as function of the separation

parameter (A = %) as follows [46, 45]:

1 o >
F,() = — — )" e 35
@) mj;(s ) e s (35)
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It is convenient to use simplified expressions to solve Equation (35); therefore, several empirical correlations are
presented in Equations (36) and (37). This kind of simplification facilitates the application of the model, and similar

expressions can be also found in related works [45].

Fr =147 *+0.01172% - 0.1432% + 0.611 - 0.93 (36)

Fspp =2.26¢1+0.032° —0.312% + 1.1721 - 1.64 (37)

In a cam/tappet follower contact, the viscous friction component (F,,,;,) is determined as [46]:

Fv,valv =T (A - Aa) (38)

where 7 is the shear stress of the oil, which is calculated depending on whether the oil has a Newtonian or non-
Newtonian performance. This can be determined by comparison of the Eyring shear stress with the actual shear

stress. Therefore:

=B it r < (39)
ho
T=T9o+kp. ; if T>19 40)

being v, the sliding velocity, « the rate of change of shear stress with pressure, p. the pressure on the oil film contact

and p, the oil viscosity at the contact point. p, is determined as [48]:

FN valv — Pa
= ——— 41
p A—A 41)
and u,. as [49]:
e = 1 o\ Pe) (42)

Note that several parameters regarding the lubricant and surface properties are required to determine the friction

components. Table 5 summarises typical values of these parameters [46, 45, 50].

Similarly as for the cam/tappet follower contact, the friction in the cam/rolling follower contact (F ;.,q4;) has two
components, the boundary friction (F},4,) and the viscous friction (F, ,) [45, 46]. The boundary component is

determine as for the cam/tappet follower as shown previously in Equation (30).

To determine the viscous friction component, the tribological features of a cam/rolling follower contact must be
considered. Therefore, F ,,, is determined as proposed by Goksem and Hargreaves [49], which provide a simplified
expression for the case of isothermal fully flooded rolling traction (i.e. not including shear heating):
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4.318

Fovay = (G U)*658 Wo0126 R’ Leam (43)

where G, U and W are determined as:
U= bf‘ . V};é (44)
G=qa.E, (45)

Taking into account the previous analysis, Equation (47) provides the final expression used to determine the total

friction in the valve train Ny, :

Nirvary = N1y [95 F (@) v (@) da

+ Ngy [ 56 F (@) vE (@) da 47

where the index int and exh refers to intake and exhaust, v, is the contact speed and N;y and Ngy are the total number

of intake and exhaust valves respectively.

4.4. Coolant pump energy consumption

To pump the coolant, centrifugal pumps with straight blades are commonly used, thus the energy consumption
(N¢oor) can be determined as:

Ncool — Apcool Vcoul (48)

Ncool

where V.., is the coolant flow rate, 1., is the pump efficiency and Ap,,; is the coolant pressure drop. As these
parameters are not always available, they can be determined as follows:

Apcaol = kl,cool VLZ (49)

ool

being kj ..o @ proportionality value experimentally adjusted.

Since the coolant pump is a centrifugal machine, the mass flow does not necessarily share a linear trend with the
rotating speed. However, from the experimental results shown in Figure 8, it can be stated that this hypothesis is
suitable. As can be seen, the pressure and flow rate intersection points fits linearly with the engine speed having a
coefficient of determination (R?) close to 1. Therefore, it is reasonable to assume that:

Veoot = k2,c001 n (50)
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where k; ¢001 1 the proportionality constant between coolant flow and engine speed.

By combining Equations (48), (49) and (50), the following expression for N, can be obtained:

’ 3 3
k1 cool V3 k1.coot k n
, cool ’ 2,co0l
Neoot = = (51 )
Ncool Ncool

4.5. Oil pump energy consumption

In RICEs, the oil is usually pumped by means of gear or lobe pumps. Therefore, the power consumption (N,;;)
can be calculated as:
Ny = Apoir Voir (52)
Toil
where 7,; is the pump efficiency, Ap,; is the oil pressure drop and V., is the coolant flow rate. In the case that Ap,;
and V,,; are not available from measurements, they must be estimated. On the one hand, taking into account that the
oil pump is a volumetric machine, the oil flow rate can be obtained as a function of the engine speed as:

Voir = ki (53)

where ki ,; is the proportionality between oil flow and engine speed.
On the other hand, since the pump has a relief valve, Ap,; depends on V,; until a certain engine speed (1A p max)
at which the maximum oil pressure (Apoiimqx) i reached. For values lower than Ap,ijmax (' < Rapmax), APoir can be

determined by considering a simplified model in which the pressure losses in a pipe is computed.

The friction factor in a pipe (fpip.) can be obtained with the Darcy-Weisbach equation:

3 fpipe Lpipe V2

Apoil = ) il
2 Dp[.pg g 7
= K3 it Jyive Vou (54)
being L. the pipe length, D, the pipe diameter, g the gravity and k5 ; = 8Lpipe /nzDiipe g a constant value. To

determine f;p., the empirical formula of Moody can be used [51]:

T Dpipe Moil X 106

ire = 0.001375<1 + 1200 o, + -
f[’ﬂ { [ 4 Vpoil

1/3
} (55)

where o, is the pipe rugosity, u,; is the oil dynamic viscosity and p,; is the oil density.
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In practice, it is not easy to choose representative values for o and D, to solve Equation (55), thus, a simpler

proposal based on this expression is presented:

K Hoil k3,0t
3,0il
ipe = — 56
fPP ( Voil ) ( )

Replacing Equation (56) into (54), and bearing in mind that V,; = ki 0i1 1, the following expression for Ap,;; is

obtained:

’ K3l
k3 o /‘ml) 2 (kz,oﬂ Hoil
Voil

k3 0il
oil = ) (k1 it 1)? (57)
Note that, if the oil pressure is measured at some point along the oil line, it can be used either directly in Equation

Apoir =k, .
Poi 2,0il kl,oil n

(52) or to calibrate the constants k ,; and ks ,; of Equation (57). Regardless of whether this information is available,

the set of equations presented in this section allows modelling the oil pump power consumption. Therefore, from

Equation (52) and taking into account Equations (53) and (57), the oil pump power can be determined as:

ki oil Apoil,max

Nuil = if Apoil = Apuil,max (58)
Noil
(kv ) (kaoit o\ ™" .
Noil = z culai 5 if Apoil < Apuil,max (59)
Noil ki it n

4.6. Fuel pump consumption

In conventional piston pumps, the total amount of fuel compressed by the pistons (part of which is injected and
part returns to the low pressure circuit) depends on the pump rotating speed and pump size, thus the volumetric flow
(Vf) is proportional to the engine speed. Thereby, the fuel pump power depends on the engine speed and the pressure
drop (Apy), which can be assumed to be equal to the rail pressure (p,q4;), taking into account that p,,;; is much higher

than the feeding pressure. Taking into account these comments, Equations (60) and (61) are proposed:

Vi A
Ny = Yraps (60)
Ny
k| N Prail
ny

where k} is the proportionality constant between Vf and n, and 7y is the pump efficiency.

It is important to consider that, some new fuel pumps include both, a pressure control valve and a volume control
valve, which performance differs from conventional piston pumps. As can be seen in Figure 9 (a), the fuel pump
power consumption (Ny) in this kind of pumps depends on p,;, n and the injected fuel mass as well. To determine

the power consumption, a characterization campaign was carried out through a modification of the engine and the
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test bench, consisting on dismounting the injectors from the combustion chambers and performing motoring tests
at different speed, p,,; and injected fuel mass (injecting in a vessel). The rest of friction losses were kept constant
by controlling the oil temperature, thus the mechanical losses variations can be only attributed to injection setting

changes.

Firstly, a motoring test without fuel pump activation (p,,; = 0) is measured to determine the reference power
consumption of the engine (Nyo). Then, p,,; and the injected fuel mass were swept. The power required to drive
the fuel pump is then calculated as the difference between the current power consumption and the reference power as

presented in Equation (62):

Aps Vy
ny

Nf=27T}’lMe—Nf,0= (62)

where M, is the brake torque.

In Figure 9 (b), the variation of M, due to the injection of a high (m/+) or a low (m—) fuel amount is presented.
This dependency with m is explained by the strategy of the ECU, which manages the volume control valve and reg-

ulates the amount of fuel compressed in the high pressure pump to reduce the power waste.

Due to the difficulty to determine V/, in this kind of pumps, an empirical correlation was adjusted based on the

experimental results:

Vf = kl,f m];f” (63)

where k; ; and k; ; are calibration constants and 71 is the total fuel mass injected.

Finally, by replacing Equation (63) in (60), the power consumption can be estimated as:

. koy
kig i prain
Ny=— S (64)
ny

In Figure 10, the comparison between the experimental and modelled fuel pump power is presented. It is possible
to see how the model fits well in all operating conditions measured, considering a wide engine speed, p,,; and fuel

mass range.

5. Model calibration and validation

To adjust the mechanical losses model, the total modelled losses (N, + Ng)moq) are compared with the experi-

mental ones (N, + Ny)exp). Thus, the adjustment criterion is the reduction of the difference between them:

19



393

394

395

396

397

398

399

400

401

402

403

404

405

406

407

408

409

410

41

412

413

414

415

416

417

418

419

420

(Nfr + Na)exp = (Nfr + Na)mod

= kpis Nfr,pis + kbear Nfr,bear + kvalv Nfr,valv + kcool Ncool + koil Nail + kf Nf (65)

As shown in Equation (65), six calibration constants have to be adjusted. In order to assure the calibration robust-
ness, it is desirable to reduce this amount of parameters. Therefore, the auxiliary (Neoo1, Noir and Ny) were calibrated
based on information provided by manufacturers and by means of dedicated experimental campaigns. Table 6 sum-
marizes the calibration constants obtained to determine the power of the coolant, oil and fuel pumps from Equations

(51), (59) and (64) respectively.

Since the auxiliary systems were prior calibrated, the terms koo, koir and ks of Equation (65) become 1. The

adjustment of the friction constants (K;s, kpeqr and k) was performed in the engine map.

It is important to notice that the accurate estimation of friction components depends on the derivation of suit-
able values for the empirical coefficients. The discrepancy of the constants with respect to the reference values (i.e.
kpis = kpear = kyqry = 1) is a consequence of uncertainties regarding the elements geometry, load determination and
sub-models imperfections. This discrepancy with respect to reference values is also reported in other works [52],
which proposed “variable" constants values as a function of the engine speed. As it was found that friction losses
were overestimated at low engine speed, this approach was also considered in this work. A linear correlation for the
piston constant as function of the engine speed (n) was finally proposed: k,i; = ki pis + k2, pis n. In the case of kp,
and k,,, no clear improvement was found by applying this approach; therefore, they were maintained constant for all

operating conditions. In Table 7, the results of the friction models calibration campaign are summarized.

Figure 11 shows the mechanical losses repartition in the engine map. In the upper Figure 11, it is possible to
see the good agreement between the experimental and modelled total mechanical losses, having a good behaviour for
all the operating points. In the bottom of Figure 11, it is possible to see the good agreement of N, + Ny, relative
distribution when compared with that found in the literature [10, 53, 54], being Ny, ,;; between 40-60% , Ny pear
between 15-25%, N var, between 5 and 15%, Ny, about 15%, N, about 5% and Ny about 20% of the total N, + N,

6. Results and discussion

6.1. Mechanical losses analysis

Once the mechanical losses model was calibrated and validated, a brief application to determine the detailed

mechanical losses in a conventional Diesel engine is presented. In this regard, the following comments can be made:
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— Friction values of piston pack, bearings and valve train throughout the engine map are shown in Figures 12,
13 and 14. In absolute terms, the friction increases mainly with the speed, except in the piston pack where it
increase with both speed and load. This is explained by the fact that friction power is highly dependent on the
engine speed [39], as can be seen in Equations (17), (23) and (47). In addition, the friction coefficient, used
to calculate the friction force, depends mostly on the engine speed. Nevertheless, in relative terms, the friction

decreases when increasing the load, which is explained by the higher input of fuel energy.

As can be seen, Ny, p; is the most important friction term, reaching values up to 5.5%ri1yH, at high speed and
low load, followed by Ny peqr With a maximum weight of 2%riisH, at low load and high speed, and finally, the

less important term is N, ,q,, Whose maximum value is 0.8%ri1sH, at low load.

— The coolant, oil and fuel pumps energy consumption is shown in Figures 15, 16 and 17. As can be seen, the
absolute power of the coolant and oil pumps is proportional to the engine speed. However, their relative weight
changes with both, speed and load. The relative weight of N, ranges between 0.2-1%ri1,H,, being specially
important at high speed and low load, whilst N,; maximum weight lies between 0.3-0.4%ri1,H, at low load.

The general higher weight of N,,,; is explained by the higher coolant flow requirements.

In the case of the fuel pump, its absolute power increases with both, speed and load, since this pump has a
pressure control valve and a volume control valve. Therefore, the compressed fuel is controlled by the ECU at
low load to reduce unnecessary fuel pumping. As a consequence, the relative weight of N, in the complete map

is almost constant about 0.6-0.8%ri s H,.

6.2. Evaluation of the use of a rolling follower

As a brief example of the possible applications of this model, an example of the expected friction reduction due
to change the cam/follower system is presented. The study consist on evaluating the effect of using a rolling follower
instead of the original tappet follower. To perform the study, the valve train friction model for rolling followers has
to be calibrated in an engine with this system. Therefore, an engine with the same geometry and performance as the
original engine, but with a rolling follower was used. In Figure 18, the calibration performance of the mechanical
losses in the new engine is presented. As can be seen, there is a good agreement between the modelled and experi-
mental results, ensuring a good behaviour of the model. As the detailed results are very similar as those obtained in

the reference engine used in this work, no further analysis will be presented.

Once the model is calibrated, it can be used to assess the friction of a rolling follower in the reference engine.
In Figure 19, the results of the friction in the cam/follower contact at full load by using both, tappet and rolling

followers, is presented. As can be seen, a reduction of the friction about 50% at low speed and 70% at high speed can
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s« be expected. The results observed are consistent with those reported by other authors [42], which demonstrates the

s potential of the tool described in predictive applications.

6 7. Conclusions

as7 In this work, semi-empirical sub-models to calculate the friction between piston pack and liner, bearings and valve
s train have been proposed, considering the kinematic, dynamic and tribological processes of each element. Similarly,
w0 simple sub-models to determine the coolant, oil and fuel pumps power have been developed, taking into account
w0 simplified geometrical information to estimate the mass flow and pressure drop of each pump. For these friction and
1 auxiliary models, calibration constants can be adjusted based on experimental information obtained in standard test
w2 benches.

463 An application to evaluate friction and auxiliary losses in the complete map of a conventional Diesel engine was

sss  presented, being the most relevant observations as follows:

465 — Most of the engine friction takes place in the piston pack, being about 40-60% of the total mechanical losses,
a6 and reaching up to 5.5%ri1sH, relative to the total input energy.

467 — Bearings friction reaches up to 2%riisH,, whilst the valve train friction represents less than 1%ri1H, .

a8 — The fuel pump has an energy consumption of about 0.7%ri1 ¢ H,, being the most important of the auxiliary energy
469 losses. The coolant and oil pump have an energy consumption lower than 0.4%risH,.

470 To demonstrate the predictive potential of the model, a study consisting on replace the cam/tappet follower model

a7 to a calibrated cam/rolling follower was performed. The results shows that using rolling followers can reduce the

a2 friction in the valve train up to 70%.
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Feature Description
Cylinders 4 in-line
Strokes 4

Bore [mm] 75

Stroke [mm)] 88

Unitary displacement [cm®] 390

Total displacement [cm?] 1560
Compression ratio 16:1

Air management Turbocharged
Maximum power [kW] 82 at 3600 rpm

Maximum torque [Nm]
Cycle
Injection

Valve train

270 at 1750 rpm
Diesel
Common rail

cam/tappet contact

Table 1: Tested Engine technical data

Variable Equipment Range Accuracy
Cylinder pressure AVL GH13P 0 to 250 bar Linearity 0.3%
Amplifier Kistler 5011B +10V -

Speed control SIEMENS Dynamometer 6000 rpm +2 rpm
Torque control SIEMENS Dynamometer +450Nm 0.5 Nm

Air mass flow Sensiflow DN80 20to 720kg/h 2%

Fuel mass flow AVL 733S Fuel meter 0 to 150 kg/h 0.2%

Blow-by mass flow AVL blow-by Meter 1.5to75l/min  1.5%
Temperature K-type Thermocouples -200 to 1250°C  1.5°C

Mean pressure Kistler Piezo-resistive Pressure Transmitters ~ 0-10 bar Linearity 0.2%

Table 2: Test cell instrumentation



Paramenter Range Step

Speed
Load
T ool
Toit

1000 to 4000 rpm 500 rpm

25 to 100% 25%
85°C -
90 to 120°C Depending on the operating point

Table 3: Measured operating points

Parameter Connecting rod Crankshaft

Dpear 07D 0.6 D
Lyear 0.28 D 0.24 D
e 0.0005 D 0.0004 D
¢ 0.0018 D 0.0015 D

Table 4: Bearings geometrical parameters determination in function of cylinder bore

Parameter Value Units
. 1.4x1078-1.8x10%  m*N
o 0.4 pum
(o/0) 0.001 -
o) 0.055 -
To 2-10 MPa
km 0.17 -

K 0.08 -
E. 187-210 GPa

Table 5: Typical values of the model parameters

Coolant pump Oil pump Fuel pump
min —9 m’/s
Kicool  514x107° 24 | ke 7951073288 |y 3.43x107 2L
kacoor  SSIX102EE | ko 2034 | Ky 0.6
ki 0.64

Table 6: Calibration constants of the auxiliary losses models

kl,pis

k2,pis kbear kvalv kcool koil kf

0.498

228x10%rpm™t 39 25 1 1 1

Table 7: Calibration constants of the friction and auxiliary losses models
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Figure 1: Stribeck diagram
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ELEMENTS LUBRICATION

Piston pack > Boundary
Mixed

Bearings ‘> Hydrodynamic

Valve train > EHL

igure 2: Lubrication regimes for each element
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Figure 3: Scheme of the experimental facility

27



Ring free body

diagram
lFﬂri
pg”’lé Fm,ri_’ (—FN,ri

Fs Oil ring free body
F,5 |, P I diagram
g 0'5Fm,3 -
Pgs ~—Fys
g 0'5Fm,3 -

psum -

Figure 4: Forces acting on the piston pack
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Figure 5: Scheme of bearings geometry
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Figure 6: Scheme of loads applied on the bearings in a 4-cylinder engine
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Figure 7: Hertzian contact area
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Figure 9: Fuel pump power (left) and brake torque (right) at two levels of injected fuel mass
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Figure 10: Experimental and modelled fuel pump power consumption
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Figure 11: Auxiliary and friction results
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Figure 13: Friction in the bearings (Nypeqr). Left: absolute value (kW). Right: relative value (%1 H,)
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Figure 19: Evaluation of the improvements by using a rolling follower
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Figure 20: Cam/tappet kinematic scheme
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Figure 21: Cam/rolling follower kinematic scheme
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Figure 22: Cam/follower dynamic scheme
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Appendix A. Kinematic and dynamic analysis of the valve train

Appendix A.1. Cam/Tappet follower kinematics

In Figure 20, a schematic of the cam/tappet contact is presented. The speed of the contact point between the cam

and tappet (point a), is determined as [46]:

Va = WRy = V3, +V2, (A.1)

where w, is the angular speed of the cam whose value is one half of the engine speed (w, = 0.5 w) and v, is the speed

of the point a, whose components (v, and v, ,) are geometrically determined as follows:

Vyxa = We (RO + hu) (AZ)
Vya = We Xq (A3)

where Ry is the cam base radius, A, is the tappet lift and R, is the distance between the contact point and the cam

centre. Through derivation the instantaneous tappet lift, the acceleration of the follower (a,) is obtained:

&Chy dh,
a2 e T

where £ is the angular position of the cam with respect to the reference line (00;.y), called also cam rotation angle.

(A.4)

a, =

Solving for x, in Equation (A.3), the following expression can be obtained:

oo T _ dh,/dt _ dh,
“ w, dg/dr  dB

(A.5)

therefore, the velocity of the cam/tappet contact point relative to the tappet (v;) can be determined through derivation
of Equation (A.5) as follows:

dx, dx, d%h,
Ve = E ZMC@ =wcw (A6)

where dh,,/dB? is known as the geometrical acceleration of the follower, caused by the cam lift movement pattern.

The sliding velocity (v,) corresponds to the horizontal velocity of point a observed by a static point in the tappet.
Therefore, for a flat-tappet follower without tappet spin vy = v,,. Taking this into account, the resultant contact

velocity of the cam/tappet (v.) is expressed as the addition of v; and v, as follows [46]:

d%h,
Ve = Vg + V= W R0+ha+d_ﬂ2 (A7)
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Note that the term in brackets correspond to the instantaneous radius of curvature of the cam (R,) [55]:

d*h,
Rc = R() + ha + W (A8)

Finally, to determine the tribological conditions between the cam and the tappet, it is necessary to calculate the

instantaneous velocity of lubricant entrainment into the cam/tappet contact (v, ), which is done as proposed in [46]:

VetV W, d%h,
b= et :7(R0+ha+2d'82) (A9)

Appendix A.2. CamjRolling follower kinematics

In Figure 21, a schematic of the cam/rolling follower contact is presented. The contact velocity (v.) can be

expressed in terms of the follower roller angular speed (wy) and radius (Ry) as:

ve = wyr Ry (A.10)

Since the cam angular speed (w.) can be directly correlated with the engine angular speed, it is interesting to

express v, in terms of w, as:

Ve = we ab (A.11)

where ab is the distance between the contact pole (b) and the contact point (a), which are continuously changing
during the cam rotation. This line can be determined through the geometrical correlation ab = ab’ — bb’, where ab’ is

calculated by means of the analysis of the triangle oy — b” — b” as:

i?' _ (h()/,O + ha)
cos ¢

a

-Ry (A.12)

where h,, o is the minimum height between the cam and follower centres when the valve is closed, which is determined
from the Ry, R. and the eccentricity between cam and rolling follower centres (e). A, is the valve lifting and ¢ is the

pressure angle. Similarly, b0’ is obtained by analysing the triangle o. — b — b’ as:

bb' = o.b tan ¢ (A.13)

where o.b is determined through the following trigonometric expression:

ocb = 0.’ cos ¢ (A.14)

and o.b’ is obtained by means of the triangle oy — b’ — b”" as follows:
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ob' =e+b'b"

=e+ (ho,0 + hy) tan ¢ (A.15)

Consequently, the following o.b expression is attained by replacing Equation (A.15) in (A.14) as:

ob =[e+ (ho, 0 + hy) tan @] cosp

=ecos @+ (ho 0+ hy) sin g (A.16)

and finally, bb’ is obtained by replacing Equation (A.16) in (A.13):

bb' = e sing+ (ho0 + hy) sin g tan @ (A.17)
Therefore, ab = ab’ —bb’ can be rewritten as a function of more convenient geometrical parameters by considering

Equations (A.12) and (A.17) as:

_ hy. o+ hy
abz( 0 )

=Ry —esing—(hy, 0+ hy) sin g tan ¢ (A.18)
cos ¢

This last expression can be substituted in Equation (A.11) to obtain v.. To solve this equation, it is also necessary

to determine ¢ (the rest of the parameters can be obtained from geometry).

In Figure 21, it can be observed that the normal to the common tangent (line ab) intersects the x axis in the point
b’, which corresponds to the instantaneous centre of rotation between cam and follower. Since the follower describes

a translational motion along the y axis, the lifting velocity can be determined as point b’ velocity (v;) as:

Vi = We 0cb’ (A.19)

For convenience, Equation (A.19) can be rewritten as:

vy dh,jdr_ dh,

b == = A.20
7T W T aplar T 9 (20
Then, by combining Equations (A.15) and (A.20), the following expression can be obtained:

dh,

T = e+ (ho,0 +ha) tan ¢ (A.21)
from which the pressure angle is attained as:
_1[dhs/dB —e
1 a

=t _— A22
o= (L) (a2
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520 From a tribological point of view, it is interesting to determine the instantaneous velocity of lubricant entrainment
st into the cam/tappet contact (v.). This velocity can be obtained as the average between the cam (v.) and the follower
s (vy) contact velocities [56]. Assuming that the roller follower rolls without slipping, v. must be equal as v, therefore

sz the following relation can be obtained:

Ve = 0.5 (ve +vy)

Ve = Ve (A.23)

504 Note that the model is written as a function of the cam rotation angle 8 which can be expressed in terms of the
s»s  crank angle @, considering that the cam have twice the angular speed of the crankshaft in 4-stroke engines, and the

s same angular speed in 2-stroke engines. This relationship is useful to determine the friction over an engine cycle.

sz7 Appendix A.3. Camjfollower dynamics

528 In this work it is assumed that the follower rod is the valve rod itself. In Figure 22, the forces acting in a rolling
s20  follower and in a bucket tappet follower are presented.

530

531 In the more general case of a roller follower (Figure 22 (a)), when the valve is open, the force normal to the

s.2 common tangent (Fy ) can be determined through }, F, = ma as:

FN,valv cos g = Av (P - pport) + Fk - (mv a, +mg as)
1
Fyyay = —— Ay (p = Ppor) + Fi = (my @y + my a)] (A.24)
cos ¢
ss where a, and a; = a,/2 are the valve and the spring centre of mass accelerations, m, and m; are the valve and

.4 Spring masses, p is the in-cylinder pressure, p . is the port pressure (which is equal to the intake or exhaust pressure

s depending on the valve analysed) and F is the spring force, which is calculated as:

Fk = Fk’() + ks ha (AZS)

se  being Fy o the spring pre-load, k, the spring constant and /, the spring displacement from the initial position.
537
538 In the case of tappet followers (Figure 22 (b)), the common tangent is parallel to the tappet surface, thus ¢ = 0

s and hence Equation (A.24) becomes:

FN,valv =A,(p- pport) + Fy — (my a, + my ay) (A.26)

540 When the valve is closed (Figure 22 (c)), three main observations have to be made:
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— The valve and spring masses are stopped, thus no inertial loads are exerted.
— The force due to the chamber and port pressures (A, (p — ppors)) is supported in the valve seat.

— The contact between cam and follower should be minimum, thus a very low normal force is exerted in this

contact point.

Taking these comments into account, it can be assumed that when the valve is in contact with the valve seat, there

is no normal force exerted between cam and follower and the friction is negligible.
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