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ABSTRACT 
 

Attending that road transport accounts between 15% - 18% of worldwide CO2 emissions, the automotive 

sector has a deep commitment to mitigate global warming. Consequently, stricter regulations have been 

adopted by the European Union and worldwide to reduce that big impact. Approximately, 10% of the 

energy generated by fuel combustion in the engine is destined to the auxiliaries components activation 

and the movement of mechanical elements with relative motion between themselves. A reduction on that 

figure or alternatively a mechanical efficiency improvement can be directly translated on target alignment. 

The aim of this work is developing a model to predict the mechanical and friction losses and its distribution 

in a 4-stroke DI-Diesel engine and simulating different strategies which increment the engine efficiency. A 

1D dimensional model has been developed and fitted in GT-Suite based on experimental results of a 1.6L 

Diesel engine. Additionally, a description of the tribological performance has been realized in different 

parts of the engine where friction is present. Finally, the engine friction maps have been broken down in 
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order to quantify the friction losses produced in the piston-ring assembly, crankshaft bearings and 

valvetrain. 

 
1. INTRODUCTION 

 

Internal combustion engines need to comply with stringent emission levels 

defined by governments and international organizations since road transport account 

for 15% to 18% of worldwide CO2 emissions. The new European legislation imposes a 

reduction of the CO2 (95 g/km until 2020 in fleet average [1]). A manner of reducing the 

emission of greenhouses gases is the reduction of the engine fuel consumption, a direct 

way to achieve this goal is to reduce the friction losses produced in the engine and 

consequently improving mechanical efficiency. Its contributions to the engine global 

energy balance is about 6% of the total energy introduced in the engine. Different ways 

have been taken in order to reduce the friction losses in engines such as: low viscosity 

oil usage [2], different surface texture [3] and coating and short engine oil warm-up 

period [4]. 

Modeling the mechanical losses that occurs in the engine is a useful task as first 

step to reduce the friction losses since it helps (i) to quantify the friction and (ii) to know 

the different contribution of each rubbing pair in ICE. In [5], Taylor proposed a 1D model 

to predict the friction losses in engines. This work uses the Mobility Approach to 

calculate the friction losses produced in the journal bearing, the authors estimate the 

load in engine bearings by means of Dubois and Ocvirk [6] short bearing approximation 

which provides a good approximation to the full solution and Reynolds equation to 

predict the friction losses in the piston-assembly. Taraza [7] proposed a model based in 

the Stricbeck diagram. More focused works are found in [8–12], in which the authors 
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proposed a model for piston ring assembly which includes different effect such as: bore 

distortion, cavitation and surface texture. 

In journal bearings different authors propose the Reynolds equation and solving 

the energy equation [13], [14]. In these works, the mobility approach is considered to 

obtain the friction losses in journal bearings estimating the load in the engine bearing. 

Valvetrain friction gains importance at low engine speed [15]. In order to reduce 

the friction losses, different strategies have been followed such as surface texture in 

cam-tappet configuration or cam-roller configuration, both alternatives have shown 

significative friction reduction [16]. Several authors predict the friction contact force in 

cam-roller camshaft by means of Hertz contact model. Currently, different models are 

proposed to calculate the minimum oil film thickness present between cam lobe and 

follower considering linear contact [17–19]. 

The 1D model presented in this work has been fitted for a DI-Diesel engine. 

Nevertheless, it is possible to apply the same methodology to know the mechanical 

losses of any ICE. To set up the model apart of some engine geometric data it is only 

necessary to carry out standard experimental tests in order to obtain some variables of 

the engine required by the model, such as: in-cylinder pressure, oil , piston, rings, 

cylinder working temperatures... 

Thus, the work presented shows a complete model that predicts mechanical 

losses and their distribution in an ICE. In addition, it allows to know in detail the 

phenomena of friction in the piston-ring assembly, bearings and valvetrain. The model 

is a useful tool to asses different strategies to increase the efficiency of the internal 

combustion engine and thus, to reduce the emissions of CO2 emitted to the ambient. 
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Also, different combustion engines can be introduced in the model developed. 

This tool facilitates the study of mechanical friction losses and its improvement in any 

internal combustion engine, both 2-stroke and 4-stroke 

2. THEORETICAL AND EXPERIMENTAL TOOLS 
 

2.1. GT-Suite 
 

In order to calculate the friction losses in DI-Diesel engine GT-Suite software has 

been used. GT-Suite is a well-known software to simulate different engine performance. 

Different authors use GT-Suite to predict mechanical losses and tribology performance 

in ICE rubbing pairs [20], [21]. 

2.2. Experimental setup 

In order to obtain the experimental FMEP in a DI-Diesel engine, whose main 

characteristics are in Tab. 1, the net IMEP method has been used in an instrumented 

test cell. The net IMEP is computed from the net indicated work integrated along the 

complete thermodynamic cycle. FMEP thus represents the friction losses due to rubbing 

between mechanical parts and accessories and does not include pumping work. The in-

cylinder pressure has been measured with 4 AVL GH13P piezo- electric transducers 

installed at the glow plug hole of each cylinder. The signal acquired by the piezo-electric 

transducers was conditioned by means of a Kistler 5011B amplifier. This acquisition 

system was calibrated according to [22]. 

Mean temperatures of the intake and exhaust gases, coolant and lubricant were 

measured with a K-type thermocouple. The injected fuel was measured with an AVL 

733S fuel meter, the air flow was measured with a DN80 sensiflow, the blow-by leakage, 

necessary to calculate the force produced in the rings was measured with an AVL blow-

by-meter. 
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The acquisition and control of the low frequency signals was performed with 

STARS. The instantaneous in-cylinder pressure signals were acquired by means of a 

Yokogawa DL708E Oscillographic recorder with 16 A/D converter module. 

Finally, in order to acquire the parameters registered by the engine control unit 

(ECU), the ETAS INCA software was used. 

3. MODEL DESCRIPTION 
 

3.1. Engine Oil Properties 
 

Table 2 shows the main lubricant properties of the oil used in the engine. 

To simulate the dynamic viscosity at different temperatures, the Vogel equation 

has been considered. 

μ = κ exp (
θ1

θ2 + T
) (1) 

                                                       

Where κ, θ1 and θ2 are constant for the lubricant used. Moreover, in order to 

calculate the lubricant density GT-Suite uses next expression [23]: 

ρ(P, T) = a0 +
[P + a1T + a2](a3+1)

(a3 + 1)
+ P[a4Ta5 + a6] + a7√T 

 

(2) 

  
Where T is the oil temperature in Kelvin, P is the oil pressure in bar and ai are 

fitting constants of the oil. The kinematic viscosity is calculated as the ratio between the 

dynamic viscosity and density of the lubricant. 

Both in piston-ring and journal bearing, iso-viscous lubricant behavior is 

considered due to relative low pressures in that part is assumed according to [24]. 

However, in camshaft model, the lubricant acts in a piezo-viscous manner, and it is 

explained in section 3.5 
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3.2. Piston-ring pack assembly model 

Due to the importance of the friction in the global fuel consumption of the 

engine a model which quantify the power losses in the piston ring has been 

implemented. The friction caused by piston-ring assembly in an ICE is estimated 

between 50-75% [25] of the total friction losses produced. To achieve this goal a ring 

radial force balance and a force toroidal moment balance in the piston-ring pack is 

realized. In Fig. 1 a graphic representation of the forces balance is represented. 

According to [26] the equations which governs the process are: 

M
d2r

dt2
= Fp + Ft − Foil − Fasp (3) 

 

Iring

d2θ

dt2
= Fg(Rg − Rr) + Fp(Rg − Rr) + Fcf(Rc − Rr) + Mcn − Ktθ − Ct

dθ

dt
 (4) 

 

Where Fp is the pressure force of the blow-by gas produced behind and the upper 

and bottom land of the ring; Ft is the force generated as consequence of the ring tension 

and the radius change due to the thermal expansion suffered by the ring; Fg is the 

reaction force caused by the contact between the ring and the cylinder groove; Rg is the 

radial distance between the piston center and ring groove; Rc is the cylinder radius; Rr is 

the ring radius ;Mcn is the friction force moment in the cylinder; Kt  and Ct  are the elastic 

and damping internal coefficient of the ring respectively. 

In pistons-rings assemblies the mixed and hydrodynamic lubrication regimes are 

observed [27], [28] thus the friction force is calculated as: 

Ffrc = Ff,hyd + CfFf,asp (5) 
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Being, 

Ff,hyd = ∫ [
μU

h
−

1

2
h

dPhyd

dz
] dz

z2

z1

 (6) 

And 

Ff,asp = ∫ Paspdz
z2

z1

 (7) 

Cf is the dry friction coefficient, attending that the materials considered are steel 

and cast-iron a value of 0.215 is selected. As much contact pressure as hydrodynamic 

pressure is integrated along the shape of the ring (z) therefore the ring profile must be 

known. Fig. 2 represents the different ring profiles used in the engine under study where 

the measures are given in millimeters. 

To calculate the pressure produced by oil film in the ring face, the Average 

Reynolds equation with Patir and Cheng factors is used [29], [30]. 

∂

∂x
(Φpht

3
∂P

∂x
) = 6Uμ (

∂ht

∂x
+ σ

∂Φs

∂x
) + 12μ

∂ht

∂t
 (8) 

Where ht is the average local film thickness calculated from the instantaneous 

local film thickness and the composite roughness of the surfaces [23], U is the piston 

velocity during the cycle, µ is the dynamic viscosity of the oil which depends on the oil 

temperature. The oil temperature is considered as an average value of temperature 

between cylinder and ring, calculated according to [31] [32]. Using the experimental 

cylinder measured temperature, the proposed model can infer different temperatures 

on the piston-ring assembly. In Fig. 3, the cylinder wall temperature calculated at 

different engine speed and full load condition in function of its axial position can be 

observed, moreover the rings temperatures are shown at fixed engine speed changing 

the load. 
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The Patir and Cheng factors are included in the Reynolds equation to determine 

the effects of surface roughness in terms of pressure and shear flow factors. The surface 

characteristic γ is defined as the ratio of x (asperity width) and y (asperity height) 

correlation lengths. In this work isotropic roughness structure is considered (γ = 1). 

The mixed lubrication regime in the piston-ring pack is given when 1 ≤ h/σ < 3 

[33]. It occurs near the TDC in the combustion part of the cycle. To calculate the contact 

pressure in the piston-ring, the Greenwood-Tripp Model [34] is used. In the Greenwood-

Tripp model spherical shape of the asperity is assumed with constant radius β. 

Moreover, the peaks are uniformly distributed with density η of peaks per area unit. 

Considering the assumptions proposed by G-T, the pressure contact is calculated as: 

Pasp =
16√2

15
π(σβ0η)2E√

σ

β0
𝑓5

2
(

h

σ
) (9) 

And 

𝑓5
2

=
1

√2π
∫ (s − x)5/2e

(
−s2

2
)

∞

x

ds (10) 

Where h is the local film thickness between both surfaces. σ is the composite 

roughness height deviation σ =  √σ1 + σ2; η =
 η 1+η 2

2
; β0 = (

1

β1
+

1

β2
)

−1

and E is the 

elasticity modulus combined with the Poisson ratio of the material ν such as 
1

E
=

(
1−υ2

E1
+

1−υ2

E2
). It is assumed that the height of the asperities is fitted by Gaussian 

distribution. In this work the values adopted are shown in Tab. 3 according to [35]. 

Finally, partially-flooded condition in the piston-cylinder assembly is applied. 

This assumption is cause of considering that the oil supply available to lubricate next 

ring is a combination of the oil film left on the liner by the preceding ring and any 
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possible amount of accumulated oil at a specified crank angle [36] [37]. The immediate 

consequence is an increase of the contact pressure. However, the fully-flooded 

condition is managed by oil control ring during the downstroke because the oil 

deposited in the liner takes all over thickness available in the assembly. Figure 4 shows, 

the oil film thickness available for each ring qualitatively in the downstroke. The dashed 

line represents the oil film available in case of considering fully-flooded condition. 

3.3. Piston skirt model 

To simulate friction losses in skirt-cylinder assembly a similar procedure as 

described above is used. The solution used is quite approximate with no thermoelastic 

deformation of the skirt, the contact as explained in [38] is thermo- eslatohydrodinamic 

and a 2D Reynolds solution with deformed profile would be necessary in order to obtain 

a detailed solution. However, the solution adopted is a good approximation to the 

tribological phenomena which occurs in the engine skirt according to [39]. Average 

Reynolds equation with cylindrical coordinates and Greenwood-Tripp model to calculate 

hydrodynamic pressure and contact pressure is used. 

Moreover, the piston secondary motion is calculated both major plane of the 

piston skirt and minor plane of the piston skirt as explained in [40]. Also, in this work no 

axial deformation of the skirt is considered, thus, the skirt is adopted as a solid body. A 

proper dynamic analysis can be found in [41]. 

3.4. Journal Bearings model 

 In order to estimate the friction power losses in engine journal bearings the 

Mobility method is adopted [42]. Rigid bearing model with parallel axis (no tilt) is used 

here. This model considers that three are the factors which contribute to total torque 
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and friction power loss in the bearing including shear, squeeze and contact whose 

expression is: 

Ntotal = Nshear + Nsqueeze + Ncontact (11) 

The shear term is the power required to shear the fluid due to relative rotation 

between the journal and shell and is calculated with next relation. 

Nshear =
2πR3Lμ|ωj − ωb|

2

√c2 − ε3
+ (εxFy − εyFx) (

ωj + ωb

2
) (12) 

First term of the equation represent the effect described above, where R 

represent the bearing radius ; L represents the bearing width; µ is the lubricant viscosity 

at work temperature; ωj and ωb are the angular velocity of the journal and bearing 

respectively; c is the radial clearance between the journal and bearing and ε is the 

eccentricity calculated according to [42]. Second term of the Eq. 12 is generated due to 

the journal and bearing center misalignment. Since the reaction forces are equal and 

opposite but applied at different locations, they generate a moment couple located at 

the midpoint of the journal center and bearing center [43]. 

The squeeze term in Eq. 11 is due to the force of the journal moving with a certain 

linear velocity as well because of this phenomena no torque is generated [44]. 

Nsqueeze =
dεx

dt
Fx +

dεy

dt
Fy (13) 

  Finally, the contact force generated in the journal bearing is calculated with the 

Greenwood-Tripp model previously described. In Tab. 4 the parameters used to simulate 

friction force in journal-bearing are summarized. 

3.5. Valvetrain model 

 The modeled valvetrain of the engine presented in this work is a direct acting 

cam and follower with finger-follower configuration.  The main advantage of this 
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configuration is a reduction of the friction coefficient between the cam and the follower. 

The main part of the friction losses is due to the direct contact between the cam and 

follower which during most of the cycle is given under mixed and boundary lubrication 

regime. To simulate the pressure, contact the Hertzian model is used. The Hertzian 

model assumes two cylinders in contact with an uniform pressure distribution in the 

axial direction [45].  

PHertz = 0.399w0.5E0.5l−0.5r−0.5√1 − (
x

1.598w0.5E−0.5l−0.5r0.5
)

2

 (14) 

Where PHertz is the pressure along width x; w is the total normal load applied; l is 

the axial length of the contact; r is the combined radius of both surfaces and E is the 

Young‘s modulus presented on Tab. 3 

Also, a contact deformation model is used to predict the deformation between 

both surfaces: 

δ = 1.2599w2/3E−2/3r−1/3 (15) 

The friction force carried by the camshaft can be expressed as: 

Ffr,v = Fb + Fv (16) 

Where Fb, the boundary component can be written as: 

Fb = τ0Aa + mPa (17) 

Being τ0 the Eyring Shear Stress considered 2.5 MPa in this work. m represents 

the pressure coefficient of the boundary: 0.17 [46]; Aa and Pa is the area and pressure 

carried out by the asperities, modeled as explained in [46] 

On the other hand, the viscous component of equation 16, Fv, is modeled 

according to [47]: 
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Fv = τ(A − Aa) (18) 

where τ is de shear stress of lubricant. Depending on the oil film thickness, 

Newtonian or non-Newtonian behavior oil film will occur. The limit is the Eyring Shear. 

If the shear stress is lower than this value, can be evaluated as: 

τ =
μRoelandus

h0
 (19) 

Where us is the sliding velocity, µRoeland is the Roeland equation effect of pressure 

on viscosity expressed as: 

μRoeland = μambiente
[(1+

p
pr

)
z

−1]ln(
μambient

μ∞
)
 (20) 

Being 

z =
αpr

ln (
μambient

μ∞
)

 (21) 

Where α is the pressure-viscosity coefficient 15·10−9 1/Pa.  p is the oil film 

pressure; pr is a constant pressure 1.96·108 Pa; µ∞ is the viscosity constant 6.315·10−5 

Pa·s as explained in [48]. 

In the case that τ would be higher than Eyring Shear, is modeled as: 

τ = τ0 + κ
FN,valv − Pa

A − Aa
 (22) 

Being κ the rate of change of shear stress with pressure, taking a value of 0.08 

[47] and FN,valv the normal force acting in the contact. 

Finally, the solution adopted to calculate the minimum oil film thickness is 

proposed by Moes [49]. 

hctr = [(HRI
2.333 + HEI

2.33)0.429s + (HRP
3.5 + HEP

3.5)
0.286s

]
s−1

 (23) 

The Moes equation take into account the four limits present in the equation. 

Subscript RI is the rigid-viscous limit; Subscript RP is the rigid-piezoviscous limit; 
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Subscript EI is the elastic-isoviscous limit and the subscript EP is the elastic- piezoviscous 

limit of the oil. 

3.6. Engine auxiliaries models 

 In this section the fuel, coolant and oil pumps consumption have been estimated. 

To calculate the drive power of each of them, the methodology proposed in [50] has 

been used. 

In the case of oil pump losses, the expression which models the mechanical 

losses is: 

Noil =
k1,oiln∆Poil,max

μoil
 (24) 

if ∆Poil = ∆Poil,max 

Furthermore, if the pressure provided by the pump if not the maximum pressure, 

the oil pump mechanical losses are modeled as: 

Noil =
(k1,oiln)

3

μoil
(

k2,oilμoil

k1,oil
)

k3,oil

 (25) 

The fuel pump power depends, basically, on the fuel mass flow rate through the 

pump and the pressure rise acquired. With this consideration, the expression which 

determines the fuel pump power is: 

Nfuel =
k1,fPrailmf

k2,f

μfuel
 (26) 

 

To complete the auxiliary losses the coolant pump losses are modeled. 

Considering the pressure rises and the pump mass flow. Operating, the expression of 

the pump power can be modeled as: 



Journal of Tribology 

 

14 
 

Ncool =
k1,cool(k2,cooln)

3

μcool
 (27) 

 

The constants ki have been fitted experimentally with available maps of the 

pumps and experimental data from the engine at different operating conditions. Thus, 

the coefficients shown in Tab. 5 were obtained. 

4. RESULTS AND DISCUSSION 

4.1. Model validation 

 The model results are presented in a wide range of load and engine speed, 

covering most of the engine map. 

Figure 5 shows the correlation achieved for the engine, comparing experimental 

versus modeled results. It is interesting to highlight that the model results agree well 

with the experimental results, so, the results from simulation is highly representative of 

the mechanical losses given in the engine. 

Moreover, a mechanical losses distribution has been represented in the engine. 

According to [25] the mechanical losses in the piston rings can reach until 75%, the 

friction in bearings until 20%, in valvetrain until 20% and auxiliaries until 25%. In the 

present work, the simulated distribution of the mechanical losses achieved in the 4-

stroke engine is shown in Fig. 6. 

It can be observed that the journal bearing and valvetrain friction percentage 

decrease with the engine load when keeping engine speed. The main reason is the effect 

of the in-cylinder pressure reached in the combustion chamber. The higher the load is, 

the higher the pressure behind the rings is, therefore the friction losses in the piston 

ring-assembly increases more than the friction losses both at the journal bearing and 
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valvetrain. Moreover, the auxiliary losses increase with the load as well. The main reason 

is the pressure in oil circuit and injector increase. Also, the auxiliary losses increase with 

the engine speed. 

4.2. Piston-ring assembly 

The friction force in the piston assembly depends directly on the normal load 

applied behind the ring. That load are the ring tension and the gas pressure on the ring, 

considering the pressure presents in the groove and upper and bottom lands. In Fig. 7 

the pressure in the interface ring-cylinder for fired ring is shown. The upper and groove 

pressure is considered as the pressure above the ring and the land pressure is calculated 

as the blow-by model presented in [51]. 

The in-cylinder pressure increases with load. As consequence, it is observed that 

the MOFT in the fired ring-cylinder interface also diminishes with the load, as shown in 

Fig. 8. The effect of the engine speed in the MOFT is represented in Fig. 8 at same load. 

As it can be seen, the higher engine speed is, the higher MOFT is, principally due to 

achieving the same load, if the engine speed is lower, the in-cylinder pressure raises, 

hence, the ring load and the oil temperature rise. Because of this phenomena the 

viscosity of the oil decrease. 

The effect of increasing load in the engine lead to oil film smaller as a cause of 

the increase of the pressure supported by the ring. Near combustion TDC, the piston-

ring assembly achieve the boundary lubrication regime. Considering that the 

temperature of the oil is calculated as the average temperature between the ring and 

the cylinder wall, in that point of the cycle is maximum and the oil viscosity is minimum, 

so, the film thickness is minimum close to TDC. The coefficient of friction is represented 

in TDC environment in Fig. 9, where the smaller minimum oil film thickness is, the larger 
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friction coefficient becomes. After TDC the maximum load supported by rings is 

achieved, however the minimum oil film thickness is not reach at that point. Attending 

to the change of movement of the ring is considered instantaneous and equal to the 

change of the position of the piston the twist and consequently the instantaneous 

velocity of the ring will be higher than real behavior and it is not a realistic approximation 

to the real performance produced, as it is explained in [52]. Moreover, the available oil 

film thickness for fired ring just after TDC is represented in Fig. 10. As it has been 

explained, as a result of the higher twist, the major oil film thickness available at ring 

leading point is given at the full load operating point in the leading of the ring. 

On the other hand, during most of the cycle, mixed lubrication is the 

predominant regime as Fig. 8 shows. In spite of maximum friction force is given at the 

end of the compression stroke, the maximum friction power loss is reached during the 

combustion stroke. that occurs because the piston speed in the angle where the friction 

force is maximum is higher in the combustion stroke than the compression stroke. The 

phenomena is shown in Fig. 11. Moreover, the more engine load at low speed, the more 

important effect of the piston-assembly in the engine friction losses because of friction 

losses in bearings and valvetrain depends, basically, on the engine speed. 

4.3. Piston skirt 

 Piston skirt is considered working only in hydrodynamic lubrication regime, thus 

only 10% of the piston friction losses is due to the skirt because of the different load 

supported and lubrication regime in the rings and skirt. Figure 12 shows the friction 

power losses produced in the piston skirt at 1250 rpm. 

Considering that the pressure in the piston skirt is the atmospheric pressure both 

major thrust and minor thrust due to the crankcase pressure is, approximately 
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atmospheric pressure, the normal force remains constant integrated along a cycle, thus 

the higher oil temperature is, the lower friction losses is due to a minor friction 

coefficient in the Stribeck curve. 

4.4. Journal Bearings 

 In contrast to lubrication regime in piston assembly, journal bearings are 

designed to work in hydrodynamic regime in order to reduce potential wear [53]. Also, 

the crankshaft it is considered as a rigid body. The main bearing situated in the middle 

of the crankshaft support the major load of all main bearing due to its location. That 

bearing, receives directly the forces resulting from the cylinder 2 and 3 and 1 and 4 to a 

lesser extent. However, the main bearing situated in the end of the crankshaft only 

support the load coming from the cylinder close to it. These effects can be observed in 

the minimum oil film thickness at same load and engine speed shown in Fig. 13. Despite 

being the maximum load point, the main bearings stay in hydrodynamic regime during 

all the cycle. 

Also, the minimum oil film thickness in cod-rod bearings is represented. The load 

supported by the cod-rod bearing is higher than main bearing due to the load is 

transmitted directly by the con-rod in the radial direction. However, in main bearing is 

not transmitted directly by the axial direction of the pressure. In spite of this effects, the 

minor oil film thickness is slightly higher than main bearing because of con-rod bearing 

is wider than main bearing and the load per length unit is minor. The orbit followed by 

bearing and journal and minimum oil film thickness in the rubbing pair is represented in 

Fig. 14. 
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4.5. Valvetrain 

The cam-roller follower mechanism has a lower coefficient of friction (rolling) 

than the friction coefficient of the direct- acting (sliding) mechanism. But there are other 

components that compute total friction losses in the camshaft such as: bearings, valve 

stem... Although the rolling coefficient decreases friction, comparatively the contact 

between cam and follower (independently of which mechanism is considered) 

represents the major contribution to the total valve train system friction compared with 

other components such as camshaft bearings or valve stems. Moreover, in the moment 

of the contact boundary regime is achieved, taking more importance the superficial 

finishing in order to reduce the friction losses. The friction losses occurring during intake 

period are a little bit lower than during the exhaust stroke, because the in-cylinder 

pressure in the combustion chamber is higher in this part of the cycle. 

Figure 15 shows the friction losses in cam-follower contact. As can be seen the 

engine load does not affects significantly the friction losses in the valvetrain. In the other 

hand, the EHD minimum oil film thickness is represented, when intake valve occurs the 

cam lobe acts on the roller, due to the necessary force to move the valve, the minimum 

oil film thickness is achieved. In this condition boundary regime is achieved. 

4.6. Friction engine maps 

 The friction maps of each tribology pair are represented in Fig. 16. 

In piston assembly maps the friction losses mainly depends on the engine load 

this effect has been justified because of the higher in-cylinder pressure. On the other 

hand, if the engine speed increases at the same load, the oil temperature increase and 

the oil viscosity decrease, increasing the friction coefficient more slowly accordingly to 

the Stribeck curve. Also, at same engine speed if the load rises the oil viscosity decreases, 
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the blow-by pressure, and, consequently the normal load in rings increase with speed 

and load, the effect is an increase directly of the friction coefficient. 

Regarding the bearings, due to hydrodynamic regime, the engine speed is 

determinant in the friction losses, due to the gradient of the Stribeck curve in 

hydrodynamic regime and, consequently, the friction losses grows with the relative 

velocity. 

Finally, in the camshaft map the contour can be justified due to the lubrication 

regime in the camshaft. At medium load and engine speed the mixed lubrication is 

achieved, and thus, the coefficient of friction is minimum leading to the relative lower 

friction in this part of the engine map. However, at high speed and high load the oil 

viscosity descends, and the camshaft enter to boundary lubrication, the same 

phenomena occurs at low regime speed and high load, growing the friction coefficient. 

At low regime speed and low load, the predominant lubrication regime is mixed, for this 

reason if the engine speed is increased at low load, the camshaft friction increases more 

gently than at high load. 

5. CONCLUSIONS 

 Mechanical losses in a DI-Diesel engine have been modeled with a 1D friction 

model. The model correlated in this work permit predicting the oil performance under 

different engine operations. So, it can be known the mechanical losses produced in an 

ICE changing some inputs parameters such as geometry and the oil properties which 

helps to understand the friction phenomena. 

In hydrodynamic regime the lower the oil film thickness is, the lower the friction 

produced is. As this type of regime takes place in bearings which are design to avoid 

abrasive wear, the direct way to improve the mechanical efficiency in journal bearing is 
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reducing the dynamic viscosity of the engine oil. In the other hand, the mixed regime 

achieved in piston- ring assembly lead to the necessity of finding a compromise 

considering the different conditions of the complete engine map. When the load 

increases, the boundary regime is achieved in the piston-ring assembly producing and 

increase of the friction losses and a higher wear in the piston rings; hence decreasing 

the dynamic viscosity of the engine oil is a counter-productive strategy, because the film 

thickness in that case is lower and the contact pressure increase. However, at low load, 

decreasing the oil viscosity can produce several consequences in bearings due to the 

film thickness decreases and the abrasive wear could occur, although at low load, 

decreasing the oil viscosity reduces the friction losses in piston-ring assembly where the 

most of the friction is produced in that rubbing pair. 

In valvetrain the boundary regime is achieved when the contact exists. So, the 

main goal in order to reduce the friction losses is improving the surface texture in both 

cam and follower. 
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NOMENCLATURE 
 

1D One Dimensional 

BDC Bottom Dead Center 

c Radial clearance between journal and bearing (mm) 

CoF Coefficient of Friction 

DI Direct Injection 

E Young’s modulus (Pa) 

EHD Elastohydrodynamic 

F Force (N) 

f Gaussian distribution 

FMEP Friction Mean Effective Pressure (bar) 

G-T Greenwood-Tripp 

h Instantaneous local film thickness (m) 

ht Average local film thickness (m) 

ICE Internal Combustion Engines 

IMEP Indicated Mean Effective Pressure (bar) 

k Calibration constants 

L Bearing Width (m) 

M Mass of piston ring (kg) 

MOFT  Minimum oil film thickness 
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n Engine speed (1/s) 

N Power (W) 

P Pressure (Pa) 

R Bearing Radius (m) 

t Time (s) 

T Temperature (K) 

TDC Top Dead Center 

U Piston Velocity (m/s) 

x Axial position 

β Asperity radius (m) 

ε Eccentricity (mm) 

µ Dynamic Viscosity (Pa-s) 

ω Angular Velocity (rad/s) 

Φp Patir and Cheng pressure factor 

Φs Patir and Cheng flow factor 

σ Surface Roughness (m) 
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Table 1. 4 strokes DI-Diesel engine characteristics 

Feature Description Description 

Cylinders 4 in-line 

Bore (mm) 80.02 

Stroke (mm) 79.5 

Total displacement (cm3) 1598 

Air management Turbocharged 

Maximum Power (kW) 96 @ 3500 rpm 

Maximum Torque (N-m) 320 @ 1750 rpm 

Injection Common rail 

Valvetrain Cam-follower 
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Table 2. Lubricant properties 

Oil properties (5W30) Value 

Kinematic Viscosity @40ºC (cSt) 62 

Kinematic Viscosity @100ºC (cSt) 10.4 

Density @15ºC (g/ml) 0.861 
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Table 3. Parameters used in Greenwood-Tripp model 

 σβη σ/β η(1/m2) E(GPa) υ 

Fire Ring 0.059 0.0028 1.02·109 200 0.285 

Compression 
Ring 

0.044 0.0021 1.02·109 200 0.285 

Oil ring 0.044 0.0021 1.02·109 200 0.285 

Piston Skirt 0.059 0.0028 1.04·109 200 0.285 

Cylinder 0.093 0.0069 1.02·109 126.5 0.25 

Bearings 0.061 0.0012 4·109 71 0.33 

Camshaft 0.025 0.0009 1.04·109 200 0.285 
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Table 4. Bearings geometry 

 Main Bearings Con-rod Bearings 

Diameter (mm) 51.48 51.58 

Width (mm) 17.8 21.1 

Clearance (mm) 0.025 0.025 

Material Al-Sn-Cu-Ni Al-Sn-Cu-Ni 
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Table 5. Auxiliaries coefficients 

 Oil Cool Fuel 

k1  1.700583 3.97·10-5 1.41·10-3 

k2 8.07·10-3 0.05657 - 

k3 0.64 - - 
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Figure 1. Forces balance in piston-ring assembly. 
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Figure 2. Ring profiles used in the engine. 
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Figure 3. Left: Temperature on rings. Right: Variation of temperature on cylinder. 
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Figure 4. Partially-flooded condition. 
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Figure 5. Experimental versus modeled results. 
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Figure 6. Mechanical losses distribution. 
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Figure 7. Left: Pressure in upper land ring and groove land ring. Right: Pressure in bottom land ring. For fired ring. 
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Figure 8. Left: MOFT at same engine load. Right: MOFT at same engine speed. 
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Figure 9. Coefficient of friction. 
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Figure 10. Oil film thickness available at leading point of the ring. 
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Figure 11. Power losses in fire ring @1250 rpm. 
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Figure 12. Power losses in piston skirt@1250 rpm. 
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Figure 13. Left: MOFT. Right: Journal orbit for main bearings 1 and 3. 
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Figure 14. Left: MOFT. Right: Journal orbit for con-rod bearings. 
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Figure 15. Left: Power losses in cam-follower. Right: MOFT. 
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Figure 16. Engine friction maps. 


