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Abstract

As pollutants and fuel consumption requirements become more constraining, new internal
combustion engines generation arise to fulfill future automobile market regulations. In
these context spark ignition (SI) engines working under hybridized structures are
expected to represent one of the most viable and feasible technical approaches. In parallel
to the already implemented 4-stroke turbocharged engines, new engine concepts are being
conceived from their birth to meet nowadays standards. This work shows a new engine
concept assessed to fit series hybrid configurations from the earliest design stages, and to
fulfil requirements of the named *“zero-emissions” urban areas. In this research work, a
new opposed piston 2-stroke engine architecture based on rod-less innovative kinematics
is described. The potential of this engine is based on its compactness, absence of
vibrations and simplicity, going in hand with very competitive figures in terms of power
density and fuel consumption. The engine unit has been designed, assembled, and tested
to analyze several performance aspects, such as gas exchange and combustion. Taking
advantage of the experimental campaign, a one-dimensional (1D) gas-dynamics engine
model was developed and validated. Finally, the engine model was used for analyzing
several potential upgrades and results have been discussed in detail. The target has always
been to improve fuel consumption figures, below the best standards in market available
internal combustion engines, while keeping engine concept simplicity and building costs.

Acronyms
A Absolute pressure (bar)
AHR Apparent heat release (J)
AHRR Apparent heat release rate (JJCAD)
BDC Bottom Dead Center
BSFC Brake Specific Fuel Consumption (g/kWh)
CAD Crank Angle Degree
CoV Coefficient of Variation
cpm Engine cycles per minute
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DI Direct Injection

BEV Battery Electric Vehicle
G Gauge pressure (bar)
HR Heat Release (J)
HRR Heat Release Rate (J/CAD)
IMEP Indicated mean effective pressure (bar)
ISFC Indicated Specific Fuel Consumption (g/kwh)
IvC Intake Valve Closing
p Static pressure (bar)
p0 Total pressure (bar)
PFI Port fueled injection
Pmax Maximum in-cylinder pressure (bar)
rpm Revolutions per minute
R Perfect gas constant (J/kgK)
SD Standard Deviation
SE Scavenge Efficiency
Sl Spark Ignition
T Static Temperature (K)
TO Total temperature
TE Trapping Efficiency
TDC Top Dead Center
TSI Turbocharged Spark Ignition
VT&VCM  Variable Timing & Variable Compression Mechanism
1 Ambient conditions
2 Intake manifold conditions
25-ROPE 2 Stroke Rod-less Opposed Pistons Engine
3 Turbine inlet conditions
3w 3 way (catalyst)
4 Turbine outlet conditions
Equivalence ratio (fuel to air ratio divided by
¢ stoichiometric ratio)
A A=1/¢ Relative to stoichiometric air to fuel ratio

1. Introduction

Fuel economy and ultra-low-emission engines in urban areas are one of the main
requirements to fulfill by engine manufacturers. In this context and after diesel-gate [1],
new spark ignited (SI) engines are gaining attention in the automotive market research
field. Two trends are found. On the one hand traditional SI 4-stroke engines are adapted
to new regulations, researchers’ efforts have resulted in: after-treatment studies [2],
exhaust ports and turbine external insulation configurations [3] and cooled EGR with
water injection technology [4]. Other studies attempt to modify the engine architecture
such as three cylinder gasoline engine configurations [5] or exhaust manifold re-design
[6]. Finally different combustion approaches [7] and pre-chamber ignition concepts [8]
have also been studied. On the other hand, new engine concepts pursue accomplishing
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the latest fuel consumption and emissions requirements [9]. Some innovative engine
configurations are gasoline 2-stroke direct injection engines [10] and two stroke opposed
piston engines [11]. It is this line where this study contributes with a new 2-stroke Rod-
less Opposed Pistons Engine (2S-ROPE) concept.

One of the newest solutions motivated not only to reduce fuel consumption on Sl engines,
but also to minimize the ICE operation in urban conditions is the hybridization of the
power unit [12]. The result is commonly known as Hybrid engine. Recent studies show
potential advantages thanks to improved control methodologies [13] as well as synergies
between both technologies have been deeply analyzed and computed in previous studies
[14]. The potential avoidance of ICE usage in urban conditions by means of any
hybridization technique, represents one of the most interesting solutions to pollutant
emissions reduction in the urban areas. Moreover, it is in low load demand engine map
area, where brake specific fuel consumption (BSFC) figures are more unfavorable,
especially in Sl engines, in which pumping losses represent a severe increase in BSFC
(contrary to the diesels). In this line, it is of high interest the usage of batteries to recover
energy from decelerations or directly from ICE, for later delivery [15]. What is more,
problems of battery electric vehicle (BEV) are also mitigated by the usage of hybrid cars:
in gross numbers, a BEV of about 400 km range would requires approximately 500 kg of
batteries. With the same amount of rare earths for a single BEV, batteries for 40 hybrids
can be manufactured. In other words, material collection issues [12] as well as batteries
disposal ones, are much reduced.

The purpose of the study is to present a radically new engine prototype, which tries to
achieve nowadays stringent BSFC and power demands from the very early stages instead
of taking an already built basis which is re-adapted as normative changes. It is also the
purpose of the paper to describe the main features with which the engine was conceived
as well as to present the first experimental results, including combustion analysis. Finally,
it is also pretended to show a prospective study by using an already calibrated 1D engine
code, which contributes to the understanding of the engine behavior and main features.
This final study shows potentially interesting areas from the BSFC, power demand and
pollutant emissions perspective, and which may help in the next upgraded engine
versions. The potentially obtained engine improvements by adding direct injection as well
as working with lean mixture are assessed in this study and will constitute the basis for
forward studies under different hybrid configurations. In global the work here described
also shows a methodology, which combines a very first engine prototype with a short
testing campaign and the setting-up of a purpose developed 1D gas-dynamic model.
These three steps allow analyzing quickly and in a prospective study the major
potentialities of the 2S-ROPE by calculation, and for further orientation of next
prototypes and testing campaigns. In the section of the paper, where results of the
modelling analysis are discussed, the main studied aspects are: the fuel injection (port or
direct); the combustion (stoichiometric or lean combustion) and their corresponding
turbocharging requirements. Aspects like the suitability of the intake and exhaust ports
effective sections and the potential of the different injection and combustion concepts for
the range extender purpose at 3000 rpm have been clearly stated.



The paper is structured as follows: Section 2 deals with a detailed explanation of the
innovative engine architecture and how it is set up. In Section 3 the assembled unit is
presented, as well as the experimental campaign and some combustion analysis. It is
evidenced in Section 3 how experimental campaign and model development back up each
other and help with the understanding of this engine working operation. Section 4 shows
the results for different engine configurations, such as direct injection (DI), turbocharging
or the potential of lean combustion if a combustion pre-chamber was taken advantage of.
Finally, main conclusions are discussed in Section 5.

2. Engine description

This study deals with an innovative architecture of an internal combustion (1C) and spark
ignition (SI1) 2-stroke rod-less opposed pistons engine (2S-ROPE). This engine prototype
has been patented, designed and manufactured by INNengine [16] and its range extender
layout is known as e-REX [17]. It consists of a rotative mechanism based in a crank-shaft
with faced cams perpendicular to the opposed pistons skirts (Figure 1). Bearings located
at the skirts of the opposed pistons, rotate on the faced cams surface. The rotative
movement of bearings at opposed cylinders skirts generate tangential forces on the border
of the face to face cams of the crank-shaft. These tangential forces applied at a distance
of the crank-shaft center generate torque and lie for alternative-to-rotative movement
conversion (see Figure 1). 8 pistons are disposed in opposed pairs, sharing combustion
chamber (see Figure 1_A), as well as intake and exhaust ports (see Figure 1_B). Randy.
E. Herold et al.[18] have previously assessed some of the main thermodynamic benefits
of opposed-piston 2-stroke engines. Among others, heat losses reduction and shortened
combustions while preventing maximum rate of pressure rise constraints. But this is the
first 2-stroke rod-less opposed piston engine (ROPE) described in the literature.

In Figure 1 DI configuration is shown, whilst the built prototype is a port fueled injection
(PFI) concept. As it can be appreciated in Figure 1_A, one piston of each couple lies in
the called “intake cam”, while at the same time, the other lies in the “exhaust cam”. Each
complete *“crank-shaft-with-cams” turn (which corresponds to an engine revolution)
implies two entire cycles for all four cylinders. In all, eight complete cycles are achieved
each engine turn. Figure 1_A shows how the cams are disposed: while in cylinders 1 and
3, pistons are at the Top Dead Center (TDC), the other two pairs of pistons are at the
Bottom Dead Center (BDC).

Two exhaust lines are necessary to avoid cylinders interferences. This becomes a key
point for gas exchange enhancement since 2-stroke engines do not include independent
intake and exhaust strokes. Accordingly, cylinders 2 and 3 (in opposed phases), share
exhaust line, as in Figure 1_C it is shown. This radically new engine concept is also
equipped with a Variable Timing & Variable Compression Mechanism (VT&VCM). Due
to the mechanism’s kinematics, a variation in terms of compression ratio also implies a
given variation in terms of ports timing. In other words, an increase in compression ratio
always implies and advance of exhaust port opening with respect to intake port opening,
and one must take care and study the implications of this associated ports-timing
variation. This mechanism offsets one of the rotary cams with respect the other.
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Consequently, offsetting one of the cams does imply some displacement in the cylinders
contacting the rotative cam. Reddish circular arrow in Figure 1_A shows how VT&VCM
Is actuated to select the desired position: exhaust cam is rotated several degrees with
respect to the intake cam. The previous leads to the corresponding piston displacement
(red straight row in Figure 1_A), with a number of collateral implications: cylinder
volume, compression ratio and exhaust ports timing variations (since piston position
determines all the previous). It was decided that exhaust cam was the only one with this
freedom degree, while intake cam remains fixed. In all, when “exhaust cam” is offset,
exhaust cylinders are displaced in axial direction (advanced or retarded taking as
reference intake cylinders). Figure 1_D shows the different available VT&VCM
positions: the exhaust port opening advance modification as well as the corresponding
effective engine CR as a function of the actuator, which consists on a calibrated
mechanism in which different linear positions correspond to different VT&VCM
configurations. Figure 1_E shows both extreme VT&VCM positions and how available
exhaust cylinder volume is offset in the engine cycle with VT&VCM actuation.
Consequently, engine compression ratio is modified: as far as exhaust pistons are offset
in axial position, total cylinder volume at intake valve closing (IVC) and BDC are
modified. For better understanding, blue rows in Figure 1_E show how volumes at IVC
have been modified according to the VT&VCM mechanism setup. The same happens
with the volume at BDC. In all, as previously stated, engine CR is modified from values
around 6.8 up to 9.5.

A value about 6.8 for the engine compression ratio (CR) may seem to be very low,
especially taking into consideration nowadays standards and the direct impact of CR in
the BSFC. In spite maximum CR is just 9.5, this is intentionally a derated engine with
low maximum in-cylinder pressure to make easier achieving high reliability. Therefore,
competitive figures of BSFC are pursued by lower heat losses (absence of cylinder head)
and lower mechanical losses. The mechanical losses reduction is got by down-speeding,
thanks to the 2-power strokes per cycle feature (lower rotating speed for the same power),
the low maximum in-cylinder pressure itself and by the low number of moving
components. Moreover, the authors of this work develop a zero-NOx proposal and study
the viability of this engine configuration (as in section 4.2.3 about lean combustion is
shown). For this purpose, it is necessary to provide the engine layout with compression
ratio freedom and to widen CR values even below nowadays standards.

Also, it was decided to design the engine with a good range of variability for CR, so going
down to CR=6.8 or up to CR=9.5 allows load control without throttling, what is very
interesting to keep efficiency (low pumping losses) at low loads. As it will be shown in
section 4.2.1, the VCR mechanism allows reducing load with respect to maximum CR up
to 25% at 3500 rpm, which has been shown as maximum power engine speed. This last
possibility of throttle-less load control has not been studied in this paper, in sake of
brevity, and will be object of further works.

Furthermore, exhaust ports are closed or open according to exhaust piston movement.
Hence, inherently and coupled to the engine mechanism, a modification in the exhaust
piston position in the cycle leads to a variation in the exhaust ports timing. Figure 1_F
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shows for both extreme mechanism positions, the exhaust port cross flow equivalent
section.
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Figure 1. Engine configuration and VT&VCM examples. (A) Partially disassembled
engine for easy schematic view. (B) Partially disassembled engine for easy schematic
view of intake and exhaust ports. (C) Caption of external exhaust system and block. (D)
Engine compression ratio and exhaust advance as a function of the mechanism position
(mm). (E) Intake and exhaust cylinders volume as well as total volume variation with



CAD for 2 different mechanism positions. (F) Equivalent section for intake and exhaust
ports as a function of CAD for different mechanism positions

One of the main reasons for the 2-stroke approach in combination with the two power
strokes per turn and the 2 opposed pistons per cylinder is for mechanical losses reduction.
They are achieved by means of avoiding low pressure loop (no pumping losses, but a
scavenge pump is needed) and significant linear piston speed reduction (friction losses
reduction). Figure 2_A shows for the 2S-ROPE, both: instantaneous and mean piston
speed along 720° crank-angle degrees (CAD) (two complete engine turns that correspond
to four complete engine cycles). The corresponding average engine rotative speed is of
1000 rpm, leading to 2000 cpm (cycles per minute) as it is indicated in Figure 2_A. Mean
piston linear speed corresponds to 2 m/s and maximum to 3.1 m/s.

For reference purposes it is included the instantaneous and mean piston speed of a
standard 4-stroke engine, with one piston per cylinder. The fact that a 4-stroke engine
performs one complete cycle each 720° CAD, inherently implies four times the 25-ROPE
rotating speed if the number of cycles per minute is pretended to be kept (resulting in
4000 rpm for the same cpm). In addition, if one piston is in each cylinder, the complete
stroke is to be covered by one piston, while in the 2S-ROPE, each piston covers half the
stroke (half the linear velocity). Hence, typical 4-Stroke and one piston per cylinder
engines, result in 4 times the rotative engine speed and 8 times piston linear speed for the
same number of cpm, whilst contact points are divided by two with respect to the 2S-
ROPE (as piston number is half than the 2S-ROPE). As previously stated, it is worth to
insist that this analysis corresponds to one in which cpm are kept constant. The 4-stroke
configuration would imply speed peaks around 25 m/s, while average linear piston speed
is 16 m/s (8 times the 2S-ROPE piston speed).

If the same analysis is performed for a standard 2-stroke configuration (completing two
cycles each 720° CAD or two engine turns), engine rotative speed is required to be two
times the 2S-ROPE rotational speed. If one piston is inside each cylinder, the factor of
two for piston linear speed calculation must be applied. Mean and maximum cylinder
speeds are 8 m/s and 12.5 m/s, respectively.

In conclusion, the down-speeding proposal for the engine lies in the principle of
minimizing sliding connections relative speeds, such as piston skirt to liner and segments
to liner contact where most of friction losses are located [19]. Friction mean effective
pressure (FMEP) is usually considered to vary with the square of the mean linear piston
speed and other parameters such as load, oil temperature, camshaft, crankshaft, and
segments technology. Assuming that load and working conditions are the same for all
three previous cases (even 2S engines have no camshaft), equation (1) is evaluated for
the, 4-stroke, 2-stroke and 2S-ROPE configurations.

Ne pis.tons (1)
FMEPgy = K + Cp® —225%

Equation (1) is widely used for 2 and 4-stroke and one piston per cylinder engines [19],
where K is a constant depending on load and lubrication conditions and “C,,,” represents
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mean piston linear speed. C,, is the term from which the 2S-ROPE configuration gets
benefits. As previously discussed, piston speed is reduced as a consequence of half the
stroke, hence the term” N°,;stons/cytinder 1S NECESSary to take this into account. Finally,
“i” considers the number of complete cycles per engine turn. Figure 2_B shows the results
for the 2S-ROPE as well as for 2 and 4-stroke configurations. It is shown how FMEP is
expected to be reduced in the 2S-ROPE configuration in comparison to the other two
standard approaches.

It is worth noting that K coefficient from Equation (1) has been kept constant for 4S, 2S
and 2S-ROPE. Nevertheless, the innovative kinematics based on a cam-follower
mechanism with pure rolling contact (instead of sliding) joined to the lack of a cam-shaft
and valve-train are expected to further reduce nowadays standard 4-strokes’ K value for
friction losses correlation. Another reason for 2S-ROPE configuration is mechanical
vibration reduction: as far as the duty of the engine is to work and switch off alternatively
as a function of battery level demand, the lower the engine vibration would result in
higher passenger comfort without need of mass damping or mass mitigator addition. In
all, start/stop maneuvers are expected to be less noticeable.

A B
_.27.0 (A) - 4':5 )
[ ) A FAl Al
E N \ H \ / \ / \ ’E/———ZS’,—/;x
<180 A skl & ——2S-ROPE  *
8 l"‘i"‘l‘f'll‘\‘i o e
5 00 4Ll DMVLDONIN B 0s g
= T Ty TN T T S L’
§ o0 teiaias i o
_':':-'_'_'J 00 . - H\_\H "l _ - -
0.0 1800 360.0 540.0 720.0 a7
Crankangle () . -_._.-“' X-~
- =—=-4S 4000rpm (2000 CPM) === | |
- = =25 2000rpm (2000 CPM) 1000 2000 3000 4000
———2S-ROPE 1000rpm (2000 CPM) Engine speed (rpm)

Figure 2: Pistons’ instantaneous speed comparison between 4-stroke, 2-stroke and 2S-
ROPE. (A) Instantaneous and mean piston speed for same cycles per minute, for
different engine configurations. (B) Friction Mean Effective Pressure for the different
engine configurations, as a function of engine speed. Crosses in (B) indicate que point
in (A)

3. Experimental campaign and model validation

For the present work, the already described 2S-ROPE was manufactured, assembled (see
Figure 3) and tested at CMT-Motores Térmicos researching institute laboratories. The
amount of data that was collected is low because of the limited prototype availability for
the testing campaign and data acquisition. It is also worth to mention the fact that the
testing campaign was not design for calibration or durability purposes. Testing was a
preliminary check to analyze operativity, combustion and scavenging performance and
with the purpose of calibrating models for further design objectives. It is also remarkable
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the fact that since the engine control unit (ECU) was not yet calibrated for the engine,
combustion and injection timing was controlled manually by the test cell engineers.
Because of all the previous, and even though the engine was tested for approximately 150
hours, information available for the 1-D model calibration and validation is necessary
contained. The 2S-ROPE was set up and stabilized in a reduced number of steady
operation points but of high value for further model’s calibration task.

Fuel was injected by means of port injection strategy in the tested unit, and tests were
performed under a VT&VCM position corresponding to 2mm (see Figure 1_B). This
position corresponds to an engine compression ratio of about 9.15, while the exhaust
opening advance it is of 8° CAD. Some main specifications are summarized in Table 1.

Figure 3: Final engine assembly and engine at test cell

Table 1: Engine description

Type of engine S.I. 2-S ROPE

Number of pistons per cylinder 2 opposed pistons.

Displacement 500 cc each half engine revolution
Compression ratio Variable, from 9.5-6.8

Number of cylinders 4

Type of injection Port injection

Ports system Variable exhaust timing

Intake boosting Scavenge pump

One of the main targets of the experimental campaign was to analyze combustion process
and verify that there is no misfiring in any cylinder while ensuring stable operating
conditions. The heat evolution is obtained from the first and second thermodynamic laws:

mC,dT = dQ — pdV @

which might be re-written if we assume ideal gas:



mRAT = m(C, — C,)dT = Vdp + pdV

and using the specific heat capacity ratio (y = C,/C,)

40 = ——pav + ——vap ©
y—1 y—1
where V is the instantaneous combustion chamber volume and p the in-cylinder pressure.
The specific heat capacity ratio in a Sl engine, i.e. where composition can be assumed
stoichiometric and no EGR is expected, can be obtained as a function of the temperature,
such as proposed by [20]:

200 @)
y=138—-0.2eT
where the temperature, T(a), can be computed from the pressure signal and the
instantaneous volume evolution, by assuming ideal gas.

The evolution of heat in the combustion chamber (dQ) is meanly caused by the fuel
combustion (HRR) and the wall heat transfer. Some authors suggest estimating the heat
transfer by using semi-empirical correlations for modelling the convective coefficient (h),
such as Woschni correlation [21]:

h = C;D™%?p*3T=933[Cyc + C3K (p — pm)]*® ®)

where p,,, is the motored pressure, cthe average piston speed, Ci:, C;, and Cs constants of
the model, and K is obtained from the volume displace, V,;5, and the conditions at the
Intake Valve closing (IVC):

VaisTive (6)

PrvcPrve

K =

Nevertheless, the coefficients must be obtained with a dedicated test campaign, and for a
precise estimation, modelling other phenomena, such as blow-by, pistons deformation or
friction losses, would be also required [22,23].

Another solution, to skip such intense testing campaign, and valid for a qualitative
estimation of the combustion features is the apparent heat release. The apparent heat
release is calculated using a constant polytropic coefficient (k) instead of the specific heat
capacity ratio (y) to compensate the wall heat transfer and other phenomena. Apparent
heat release is general practice at indication software when only indication is used for
combustion control purposes [6]. A common value for « is 1.3.

Figure 4_A shows the Apparent Heat Release (AHR) evolution for 30 consecutive cycles
in a steady state working point for the cylinder 1 of the 2S-ROPE and for visual
comparison purposes. For combustion stability analysis 150 cycles were processed.
Figure 4_B shows the same information dealing with a similar working point in terms of
engine speed and torque, but for a 4S Turbocharged Spark Ignited (TSI), Direct Injection
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(DI) Engine. First thing that one can realize is the fact that effectively no misfires have
been detected, the same was concluded for the whole 150 cycles batch.

)

HR (J)

100

Figure 4. Combustion analysis of 30 cycles at 1000 rpm and 84 Nm. (A) 2S-ROPE. (B)
4S Turbocharged Spark Ignited (TSI) engine

The combustion efficiency (n.) is calculated according to the equation (7), by comparing
the ideal fuel energy capacity with the accumulated heat released.

Jirl HRR(a) da @

‘ msLHV

where mg is the mass fuel burnt, LHV is the lower heating value (~46.4 MJ/Kg), and
HRR is the heat release rate, which can be estimated from the in-cylinder pressure signal
and the volume evolution as previously discussed. The start and end of the combustion,
i.e. SOC and EOC, have been identified when a minimum value of heat release rate is
obtained (a 3% of the maximum value at each cycle).

Table 2 summarizes the heat released obtained by using the apparent heat release and
using Woschni correlation for modelling the wall heat transfer in both engines: in the 2s-
ROPE and in the 4s TSI engine. Both engines were operated at similar conditions, 1000
rpm and 84 Nm (cycles shown in Figure 4). Results in the 2s-ROPE engine lead to a 60%
combustion efficiency when using the apparent heat release and a 69% when including
the wall heat transfer, while for the 4S-TSI-DI engine a 83% of apparent combustion
efficiency was found and a 91% if Woschni approximation is used. The differences
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between the actual combustion efficiency and the apparent combustion efficiency would
depend on the operating conditions, as the apparent heat release method does not take
into account the effect of the temperature in the wall heat transfer and in the specific heat
capacity ratio. Note that other phenomena, such as blow-by or friction losses, have not
been estimated.

It is found that there is an offset of 28 percentual points (in normalized terms) with respect
to the TSI engine. This lack of efficiency it is explained by means of the short-circuit that
takes place in 2S-ROPE at the analyzed point. However, to validate this hypothesis, it
was necessary to validate the 1-D code.

Table 2 Combustion efficiency analysis: 1000rpm and 84 Nm working point

HR [J] AHR[J] Fuel energy [J]
4s TSI, DI Engine 455.3 412.1 497.6
2S-ROPE 223.9 194.7 324.5

Figure 5 shows for the 2-S ROPE, for all four cylinders, the first 30 cycles apparent heat
release rate (AHRR) in the same working point previously analyzed in Figure 4 and Table
2. The bold black line corresponds to the average cycle. Figure 6 gathers the average cycle
of each cylinder for combustion comparison. Analysis of Figure 5 and Figure 6 plots are
summarized in Table 3, where CA10, CA50 and CA90 standard deviation (SD) in crank
angle degrees terms and the coefficient of variation (CoV) of the maximum pressure and
the IMEP are shown. Table 3 also includes for the 4S-TSI-DI the same combustion
variability study. Although Figures only show 30 cycles for the sake of clearness, the
average and the standard deviation were obtained by analyzing the complete set of tests,
which were 150 cycles in the 2-SROPE and 300 in the TSI engine. SD and CoV are
calculated according to equations (8).

_ @)
Ney, _ 2
sp= [HEKZ X, SD
N X

where X; corresponds to each of the CA10, CA50 and CA90 obtained, X corresponds to
each studied variable average and N to the number of values considered. The variability
in the CA10 is associated to variability at the ignition, while high variability at the CA90
is a signal of high dispersion in the combustion duration. Finally, CA50 variability
indicates dispersion in ISFC and/or IMEP.

Cycle to cycle crank angle events SDs are very similar between both engine units. In fact,
it is lower in the 2S-ROPE engine at CA10 and CA50. However, CA90 SD and maximum
pressure CoV are much higher what ultimately explain the higher IMEP CoV of the 2S
ROPE. Cycle to cycle variation is calculated according to the standard deviation, taking
for all the cycles shown, the CA10, CA50, CA90, Pmax and IMEP. In terms of cylinder
to cylinder, dispersion is calculated as the standard deviation of the average cycles shown
in Figure 6. In comparison to the 4S-TSI-DlI reference engine, it was found a considerable
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deviation between cylinders in all analyzed variables. Maybe due to lack of uniformity in
the cooling system or cylinder to cylinder casting and manufacturing dispersion in the
prototype since the intake and exhaust system were perfectly symmetrical. Forward and
wider operative combustion analysis would be required in future stages. Table 3 shows
how for the 2S5-ROPE CA90, 6.4° crank angle degrees variation between cylinders is
expected, and about 50% higher CoV in maximum pressure. Both finally causes 5 times
higher CoV in the 2S-ROPE than in the standard 4S TSI engine.

Tested working points as the one for which combustion analysis has been described,
where intentionally dealing with relatively low engine speed and torque. Torque was kept
below 50% load; the purpose was to ensure the engine integrity before the visual wear
inspection, which would allow for later experimental campaigns covering a wider range
of engine torque and speed. Even if low torque was desired to be reached, specific
obtained torque figures were the result of the spark advance manually set up at the test
cell (since no ECU was already calibrated). Low speed also generates lower swirl and
turbulence intensity inside the combustion chamber what is especially critical when
combustion stability wants to be assessed.

(A) Cylinder 1 (B) Cylinder 2

20 20
m— vg. cycle
15+ 15+
2 2
3 107 o 107
= 51 e 5|
% 5 Z 5
0 0
5 : 5 : :
20 0 20 40
20 25
15 L 20 [
o 15}
=, = 10
a4 r a4
z ° & 5f
0 0
-5 L L L _5 L 1 L
-20 0 20 40 -20 0 20 40

CAD CAD

Figure 5: HRR for cylinders 1-4 at 1000 rpm and 84 Nm. Average and first 30 cycles.
(A) Cylinder 1. (B) Cylinder 2. (C) Cylinder 3. (D) Cylinder 4
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Figure 6: HRR for cylinders 1-4 at 1000 rpm and 84 Nm

Table 3: Standard deviation of combustion parameters and coefficient of variation of in-
cylinder variables. 1000rpm and 84 Nm working point.

CA10 CA50 CA90 Pmax IMEP

CoV CoV

SD (cad) (%) %)

cycle-to-  4sTSLDI 1.6 21 576  0.88

cycle Engine

variability ¢ pope (g 15 32 1153  3.62

cylinder-to-  4sTSL Dl g 11 17 567 093
cylinder Engine ' ' ' ' '

variability 2S-ROPE 1.7 3 6.4 8.89 4.53

4. Modeling activities

Engine modelling activities have been performed with in-house developed software
called VEMOD [24], in which the special architecture and kinematics of 2S5-ROPE has
been programmed. VEMOD is a 1-D gas-dynamics code for engines and thermo-fluid
systems simulation. In this section first will be validated the engine modelling in terms of
kinematics, and gas exchange process, further prospective studies are done to evaluate
engine potential in terms of power and ISFC. In the cases discussed along this section,
both intake and exhaust ends are connected to an environment with imposed and fixed
atmospheric pressure. Inlet pressure is also imposed to be the desired one for each
simulation. Hence, no turbocharger or boosting unit are implemented in the simulations.
In this study main potential operative regions are to be identified and evaluated for later
boosting technique selection discussion as a function of working conditions.

4.1 Gas-dynamic model validation

Figure 7 allows validating the model compression ratio, kinematics, combustion, and gas
exchange modelling using the perfect mixture hypothesis. This figure deals with the
instantaneous experimental data of the 1000 rpm and 84 Nm working point analyzed in
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previous section from combustion perspective. The experimental information is
compared against the instantaneous pressure evolution prediction. Figure 7_A deals with
cylinder pressure evolution during the complete cycle. Figure 7_B, Figure 7_C and Figure
7_D show instantaneous pressure evolution during the gas exchange process. The high
degree of agreement allows to validate the model mass flow predictions, including short-
circuit among other phenomena.

Figure 8 highlights for the 1000 rpm and 84 Nm working point how the 1-D model
predicts the short-circuit. Figure 8 A deals with instantaneous mass flow through intake
and exhaust ports. Positive intake mass flow corresponds to a net flux going into the
cylinder, negative exhaust mass flow, means that there is flow leaving the cylinder. As it
can be appreciated, after the exhaust blowdown takes place, then fresh air goes into the
cylinder (highlighted area 1). See how cylinder trapped composition varies accordingly
in Figure 8 B for highlighted area 1. To understand what follows, it is a key point to
clarify that the information shown in Figure 8 A and Figure 8 B corresponds to a
simulation performed under perfect displacement model approach: fresh air displaces the
burned gases and there is no short-circuit until the last molecule of burned gas leaves the
discretized volume. This is the most desirable solution since there would be no short-
circuit until all the burned gases leave the cylinder. It is shown that no residuals remain
in the cylinder in the highlighted area 2 of Figure 8_B. However, moving back to Figure
8_A, one can see that as a given air mass flow enters into the cylinder through the intake
ports, it also leaves it almost simultaneously through the exhaust ports. As far as there are
not exhaust gasses left, short-circuit is taking place.

On the contrary, in the perfect mixture approach, a perfect mixture is produced in the
cylinder each time-step, and it is the mixture what is considered to leave the cylinder.
Perfect mixture results are disposed in Figure 8_C and Figure 8_D. In highlighted area 2
as fresh air goes into the cylinder through the intake ports, a perfect mixture leaves the
cylinder (in all, short-circuit). This is why in Figure 8_D, area 2, during ports opening
overlap, while there is still burned gas present, fresh mixture enters into the cylinder and
partially leaves. In all, the previous results in short-circuit and some residuals trapped for
the next cycle (highlighted area 3). For the analyzed point there is a 45% of short-circuit,
in the perfect mixture approach, while a 39% happens in the perfect displacement
approach.
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Figure 7: 1000 rpm/84 Nm model and experimental instantaneous pressure evolution.
Perfect mixture approach. (A) Gathers cylinder, exhaust and intake model and
experimental pressures. (B) For detail evolution of cylinder pressure during valve gas
exchange. (C) For detail evolution of exhaust pressure during gas exchange. (D) For
detail evolution of intake pressure during gas exchange.
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Finally, also for validation purposes, several experimental working points have been
compared against the obtained *“engine maps”. Figure 9 shows for air mass flow and
torque, the experimental and model agreement. Figure 9_B and Figure 9_D deal with
indicated experimental torque instead of brake torque because of the lack of knowledge
about a mechanical losses model predictable enough for this novel engine configuration.
The indicated torque was experimentally obtained at every engine speed as the addition
of combustion brake torque plus motoring brake torque. Therefore, mechanical losses
were experimentally estimated as the brake torque during motoring conditions at the same
engine speed. The engine auxiliars (oil pump, water pump and scavenge pump) were
excluded from the friction losses since they were not powered by engine crank shaft but
from engine external power sources supplied by the test cell. That is why mechanical
losses value have not been reported in this work and will be studied after auxiliars will be
defined and moved by the engine. The procedure to locate the experimental points in the
obtained predicted maps it is by fixing in the maps both: the engine rpms and the inlet
pressure (p02) from the experimental campaign. The point where both lines match,
correspond to the operative point (dotted red lines in Figure 9). Text in boxes corresponds
to the experimental collected data (stars), while figures discretizing iso-magnitude
working ranges correspond to model predictions.

Both gas exchange approaches are considered for the validation stage: Perfect mixture
and displacement. In terms of air mass flow, differences are almost negligible (see Figure
9 A and Figure 9_B). The perfect displacement model overpredicts torque output in
higher degree below 2000 rpm. On the contrary, perfect mixture results fitted better to the
experimental campaign. However, from 2000 rpm in advance, better results were
obtained under perfect displacement approach. Further studies are needed for calibrating
a trapping and scavenging efficiency model for the 1D gas-dynamic model. At this stage,
the behavior is as expected in standard 2S engines.

Air mass flow discrepancies may be attributed to volumetric efficiency differences due
to heat transfer miss prediction (standard Annand model was used) and differences in the
backflows and instantaneous scavenge performance calculation. Regarding torque, errors
are mainly attributed to combustion cycle-to-cycle variability (the mode of 30 cycles were
used as apparent heat release law), heat transfer calculation errors and possible
uncertainties when the conversion from experimental brake torque to experimental
indicated torque was done. For example, since motoring test were taken as a first
approximation for mechanical losses estimation, in-cylinder pressure differences with
respect to actual combustion conditions were neglected, but this term also influences this
type of losses. However, with the relatively reduced amount of data at this development
stage, model predictability is considered worth for further analysis and by model design
studies.
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Figure 9: Model validation in terms of air mass flow and indicated engine torque.
Experimental information are stars and contours represent the calculated maps. (A) Air
mass flows with perfect mixture. (B) Torque with perfect mixture. (C) Air mass flows
with perfect displacement. (D) Torque with perfect displacement

4.2 Prospective studies and 1-D gas-dynamics model results discussion.

After having checked instantaneous data for kinematics and timing, as well as mean
variables such as air mass flow and torque, authors have performed some prospective
analysis using the 1D engine model. In other words, taking advantage of the purposely
developed engine model, it is possible to perform design by simulation at early prototype
phases. These studies are done to identify the most interesting operative areas from:
emissions, BSFC and power perspectives. One of the main motivations when developing
such 1-D models is the flexibility to explore engine configurations or injection strategies,
while keeping the main engine design parameters well modelled.

Three main engine configurations have been analyzed: scavenge pump with port injection
(corresponding to the already built engine prototype), turbocharged direct injection, and
turbocharged direct injection combined with lean combustion. Turbocharger is not
considered to be assembled in the port injection option since high simplicity and low cost
are desired and therefore number of components to be as low as possible in this
configuration. Hence, boost pressure is obtained just by means of a simply controlled
scavenge pump that would imply extra mechanical losses. For the other two
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configurations, turbocharging is assessed to find the most efficient solution, assuming the
potential cost increase.

Despite the engine behaves closer to a perfect mixture in low speed operative conditions,
in this section simulations have been performed under perfect displacement approach.
The reasons are twofold, the series hybrid use of this engine will take place at high speeds
(about 3000 rpm) and the study is aiming to evaluate the best reachable situation. The
target is to identify the potential working areas for later ports re-design, pursuing a perfect
displacement gas exchange in the desired working conditions. Variables are shown in
indicated terms, as far as mechanical losses are still not modelled and there is very little
information about the influence of speed and cylinder pressure on friction losses. In any
case and whatever configuration selected, the main purpose is to identify the most
efficient areas that may potentially fit with both: power requirements and available
aftertreatment technologies. It is worth noting again that the final application of this
engine in this paper is for a series hybrid configuration for automotive transport purposes.
The engine final duty is to charge a set of batteries, disposed in a series configuration with
the e-REX version of INNengine 2S-ROPE. This way, engine operation is to be restricted
to the design area. Figure 10 is an example of series hybrid working scheme in which the
direct drive engine charges the batteries, whilst the electric motor powers the car.

Electric
motor

Battery 1

Fuel

Generator
storage

Battery 2

Figure 10: e-REX version of INNengine 2S5-ROPE coupled to batteries and an electric
motor for series hybrid configuration (range extender). Design proposal

4.2.1 Port injection

The main issue to be considered under this configuration it is the short-circuit. Even if
perfect displacement approach is adopted for the complete set of simulations, some short-
circuit and residuals in the cylinder are inevitable along the major part of the engine
operation area. To evaluate the engine most desirable operative areas, some coefficients
definitions are necessary to be considered. Scavenge efficiency is defined in equation (9),
and trapping efficiency in equation (10). These are some of the parameters that evaluate
gas exchange performance in two stroke engines [25]. Figure 11 shows the terms that are
considered in equations (9) and (10) in a more schematic view. Scavenge efficiency gives
information about the ratio of residuals in comparison to the total amount of trapped
gasses: a value of one indicates that there are no residuals, a value of zero means that all
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the combustion chamber if filled with purely burned gasses. Trapping efficiency deals
with the ratio of fresh mass retained for next cycle power delivery, with respect to the
total fresh air being inducted by the engine. A value of one means that all the fresh air is
trapped (zero short-circuited mass), the lower the value the higher short circuit.

Zn—cylinder 9)
_ Lj=1 retained
SE = n—cylinder
Zi:l mtrapped
Zn—cylinder (10)
_ Lj=1 retained
TE = n—cylinder ¢ .
Zizl ¢minlet

&
Short-ai rcuitM
—

Figure 11: Flow diagram for scavenging parameters definition

As previously said, simplicity and costs are some of the main targets in this engine
configuration. A mechanical compressor providing with a slight boosting of 150 mbar(G)
is assumed. By 150 mbar(G) it is intended that the boost pressure is 150 mbar above the
reference pressure which is the atmospheric pressure (1 bar). Hereinafter (G) refers gauge
pressure and (A) refers absolute pressure. To study the effect of the VT&VCM, a specific
modelling campaign dealing with the freedom degree of the VT&VCM has been
performed. Figure 12 shows for the range of 1000-4000 rpm and a fixed boost pressure
of 1.15 bar(A). Trapping and scavenging efficiencies (Figure 12_A and Figure 12_B),
power (Figure 12_C) and ISFC (Figure 12_D) are shown. It is concluded that for whatever
VT&VCM position, short-circuit is only avoided in the 3000-4000 rpm range. It is also
concluded that the operative area around an engine CR of 8.5 to 9.2 is the most optimum
one: thanks to the higher CR and to the higher SE. See how the influence of the SE
evolution impacts power and ISFC trends (black dotted rows).

The main advantage of this configuration is the simplicity and lightweight resulting
combination. Aftertreatment requirements consist only of a 3-way catalyst, while
injection system is very simple, cheap, and reliable. The required boost pressure could be
easily achieved by means of an external mechanical compressor.

Additionally, the VT&VCM system could be consider an option for load control at
constant speed. If one analyzes indicated power (Figure 12_C) at 3500 rpm, where a
maximum power value of 32 kW is obtained, the VT&VCM system allows a load control
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that ranges between 32 kW and 24 kW, this is a 25% load control capability without
throttling and keeping a ISFC quite constant and around 250 g/kWh.
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Figure 12: Simulations results for port-injection configuration (boost pressure of 1.15).
Maps for the different variables as a function of the actuator position and engine speed.
(A) Shows trapping efficiency. (B) Shows scavenge efficiency. (C) Shows indicated
power. (D) Shows indicated brake fuel consumption

4.2.2 Direct injection

By implementing direct injection, fuel short-circuit is avoided. Hence, trapping ratio is
not a limiting parameter, from fuel short-circuit and efficiency perspective, anymore. In
addition, it could be considered a turbocharger implementation, what would result in a
more efficient solution since exhaust gas energy can be partially recovered, what goes in
hand with a reduction for the scavenge pump work. However, DI & turbocharging would
imply a more expensive and complex solution.

Simulations were performed with a direct injection configuration. Fixed VT&VCM
mechanism position was set-up at 9.2 CR value and for a p02/p03 ratio swept going from
1.05 to 1.55 and simulating turbocharger boost pressure. In this configuration is
considered that the boosting (p02) needed for scavenging duty is helped by a turbocharger
unit, hence, a given backpressure to the engine is built by the turbine (p03) in order to
expand hot exhaust gases. Thanks to exhaust gases expansion, boost pressure is also built,
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in all a p02/p03 is obtained. It is worth noting, that for a 2S engine, such as the one in this
study, a positive pressure gradient is always required for a proper scavenge process.

Figure 13 shows results from the simulations. First of all, circled area in Figure 13_A
corresponds to the area that would be closer to power requirements (above 30 kW). ISFC
values are in the range of 205-215 g/kWh (see Figure 13_B). This implies a 45-35 g/kWh
improvement in comparison to the 250 g/kWh of the optimum port injection operative
area. In fact, the engine range of usage under DI configuration is considerably improved
in both dimensions, boost pressure and engine speed, since it is not compulsory to work
at 3000 engine rpms to fit the power demand (just convenient in order to avoid the gear
box between the 25-ROPE and the electric generator). Also, it implies BSFC advantage,
since boosting architecture can be upgraded with the turbocharger and scavenge pump
power consumption can be highly reduced. The main issue in this configuration are NOx
emissions. Figure 13_C reveals that 2500 °C are easily reachable. The usage of a three
way (3W) catalyst is then compulsory and only possible if trapping efficiency is one
(Figure 13_D). Otherwise, short-circuited oxygen would not allow reducing NOx in a 3W
catalyst. It is then concluded that only shaded operative areas named as “1” and “2” are
compatible with a 3W catalyst. The ISFC in these working areas corresponds to
approximately 216-220 g/kwWh.

Exhaust temperatures in both shaded areas are quite high (Figure 13_E). This is intimately
related to the zero fresh air short-circuit. What is more, exhaust gas temperature is around
the optimum for turbocharging purposes: around 900 °C. Nowadays radial turbines for
ICE applications can withstand 950 °C approximately. The closer to the maximum
allowed temperature, the lower the backpressure requirements for a given intake/exhaust
pressure ratio. Required p02/p03 is around 1.35 and 1.21 for areas 1 and 2, respectively.
These pressure ratios feasibility is evaluated by means of equation (11), through which it
can be calculated the required turbocharger efficiency for a given boost pressure,
depending on the turbocharger working conditions or the desired boost level.

Yc—1 Cp.T Ye—1 -1
Po2) vc Pc lo3 Pa\ ve
Nepe = (_) —1) 2P g 4 g 1—(—) 1)
be <P01 )CPtTm Po3

e Compressor inlet pressure (pg4) is obtained from experimental data coming from the
reference 4S DI-SI engine whose HR was shown in Figure 4. A first poq estimation
was made taking a working point with similar air mass flow to the one in the 25-ROPE
for the selected area of interest. The same is performed for p,. The last is of great
importance to be realistic in terms of pressure losses imposed by nowadays DI Sl after-
treatment systems, for the mas flow range in question.

e Cp. Cp: Yo Y: correspond to specific heat capacity and heat capacity ratio of fresh
air and exhaust gases, respectively. Sub-index “c” corresponds to compressor while
sub-index “t” to turbine.

e Turbine inlet pressure (pg3) corresponds to a parametric variable within the range of
1.1 to 3.0 bar(A).

22



o Exhaust temperature (Ty3) it is taken from the 2S-ROPE simulations in the selected
area, which corresponds to 900 °C.

e Ppo2 corresponds to compressor outlet pressure, and it is imposed to be 1.21 or 1.35
times py3, as far as simulations suggested that this corresponds to the most favorable
working range.

e Finally, ¢ corresponds to the equivalence ratio.

e Turbocharger efficiency (ngpc) IS the product of turbine times compressor times
bearing system mechanical efficiencies as defined in equation (12). It is the unknown
that informs about the realistic/unrealistic attempted boosting level, for the given
boundaries (such as T3, the desired pg,, the generated py3 ... ). Authors’ experience
and collected data in the field suggests that 40% would be a realistic approximation of
nowadays maximum turbocharger efficiency [26].

Ntbe = Nturbine I'Lcompressor Nmechanic (12)

The resulting continuous blue and orange trends in Figure 14 show for both p02/p03
levels (1.21 and 1.35), the required turbocharger efficiency obtained from equation (11),
for the 2S-ROPE, as a function of the p03/p4. The higher the turbine pressure ratio
(p03/p4), the lower the required turbocharger efficiency.

Figure 14 also shows in dashed blue and orange (for both p02/p03 levels of 1.21 and 1.35
respectively) the compressor pressure ratio that results for each p03/p4. In other words,
the higher p03 the higher p02 to guarantee the desired p02/p03. This information is
referred to the secondary axis. The T03/T01 values used to plot this chart are 1173 K /
293 K according to Figure 13_E data.

For reference and double check purposes, point A (2500 rpm and 280Nm) dealing with
experimental information from the reference 4S-TSI-DI engine has been included in the
plot. Point A deals with a TO3 value of 910 °C and a p02/p03 ratio of 1.15. The
turbocharger efficiency is around 39 %. Continuous grey line corresponds to the
efficiency trend predicted by equation (11) to accomplish the aforementioned p02/p03
ratio and it fits the experimental point A perfectly. As previously stated, p02/p03 of point
A is about 1.15, while it is included in the orange dashed trend, corresponding to 1.35 of
p02/p03. This happens because the air mass flow in the experimental point A, for the 4S-
TSI-DI engine is considerably higher, leading to a higher p4. Hence, when plotting
p02/p01 as a function of p03/p4, even if p02/p03 is lower, the much higher p4 offsets
point A to the left, as the p03/p4 is diminished by the p4 influence.

As for the experimental working point, if a turbocharger efficiency of 40% is expected
for the 2S-ROPE (black continuous bold horizontal line), resulting turbine pressure ratio
would be of 1.80 and 1.35 for both selected p02/p03 (1.35 and 1.21 respectively). Crosses
indicate the intersection between 40% efficiency and predicted efficiency trends for both
p02/p03, according to equation (11). Colored vertical continuous arrows indicate p03/p4
value for a 40% of turbocharger efficiency. For the corresponding p03/p4, compressor
pressure ratio is indicated with dashed colored horizontal arrows.
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In all, the p02/p03 of 1.35 is in the limit of what could be achieved, as it is almost
overlapped with nowadays available turbocharger technologies. For the p02/p03 of 1.21,
no problems are expected to get needed turbocharger efficiency. It can be concluded a
limited need of scavenge pump usage in the operative range (limited to engine cold start
and similar operations) what points to a good mechanical efficiency and promising figures
of BSFC. In addition, there is some “margin” in case that boundary conditions were
further unfavorable, such as altitude. By generating a slightly higher p3 (with a variable
geometry turbine for example), the effect of altitude for the p02/p03 achievement could
be fixed (up to a certain point).

The main drawback is engine speed range for which all the previous is stated: 3000 to
4000 rpm. This means that from the friction losses point of view, it is not the most
efficient operative area. However the mechanical losses expected would be in the order
of magnitude of a 4-stroke engine operating around 2000 rpm (see Figure 2). It is clearly
evidenced how this downspeeding approach for friction losses reduction, by means of a
2S high power density cycle with opposed pistons, would help to improve BSFC figures.
Finally, is worth noting that the gas exchange process of the 2S-ROPE cycle is the main
reason why engine operative area dramatically reduces. However, for a series hybrid
application, with a single operative working point, the main drawback is neglected while
engine simplicity and efficiency figures are highly competitive. It is also evidenced that
the main issue in the direct injection configuration are NOx emissions, and how
aftertreatment determines the operative area of the engine for a series hybrid
configuration.
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Figure 13: Direct injection simulation results. Engine CR=9.2 (2mm VT&VCM position).
Different variables evolution as a function of the p02/p03 and engine speed. (A) Shows
indicated power. (B) Shows indicated brake fuel consumption. (C) Shows maximum
cylinder temperature. (D) Shows trapping efficiency. (E) Shows exhaust temperature. (F)
Shows scavenge efficiency

25



0.6 /,-G: -3 _
P A o 2
2 O (p02/p01) Mzm=msfmmmmmmmmmmmnnnes > S
2os @ - 2.5 2
e o
) a,
2 A (turbochager efficiency) 5
£ 04 (turbochager & oo 2
5] b - — )
8 g,
—E g
[ Y Y. mbebkbbbd bt g, T L L L L L LI I T T T T T T 8

0.3 - 1.5

1 .25 1.5 1.75 2 225 25 275 3
Turbine pressure ratio (-)
—48S p02/p03=1.15 —— 2S-ROPE p02/p0p3=1.21
2S5-ROPE p02/p03=1.35 B 4SS p02/p03=1.15 experimental

Figure 14: Turbocharger efficiency and resulting boost pressure for different exhaust
pressure values. Point B from 4-stroke turbocharged SI modern engine for reference. 2S-
rope T03/T01=1173/293

4.2.3 Lean combustion

Because of previous studies, authors have assessed the impact that a leaner mixture has
in terms of maximum cylinder temperature. Maximum cylinder temperature it is not the
maximum temperature obtained in the flame (where NOx emissions are generated) while
it progresses through the combustion chamber. However, trends have been obtained and
provide with a good estimation about ¢ required to diminish maximum cylinder
temperature to 1925 °C [27]. The motivation of this idea it is to assess the equivalence
ratio (A=1/¢) range required to avoid high enough temperatures for NOx generation. This
way with the usage of an oxidation catalyst for HC, CO and other partially unburned
species could be enough for emissions requirements since the engine would be with zero
NOx emissions before the aftertreatment. Hence a simpler and cheaper after-treatment
would potentially result, while efficiency improvement is also evaluated.

The usage of combustion pre-chambers looking for the commonly known as torch
ignition phenomena results of high interest for complete and repetitive highly diluted
combustions. Some studies dealing with combustion pre-chambers show values for the
relative AFR (A) of A=1.73 [28]. Among other advantages of pre-chamber systems it
shortens combustion time, reduces combustion variability and enlarges the knock limit
[29]. As far as the engine operation as range extender is supposed to reduce dramatically
in comparison to nowadays ICE, it could be feasible to calibrate and design a combustion
pre-chamber for the e-REX 2S-ROPE concept (Figure 1 and Figure 10).
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An iterative loop was carried out to solve the following optimization problem: to find the
A that provides with an operative area where the maximum cylinder temperature is around
1925 °C, whilst that working area provides with 30 kW or more. Several areas or
configurations have been obtained, but another requirement was considered: exhaust
temperature. Boosting the engine up to the values predicted by the simulation can be done
by means of a turbocharger plus a scavenge pump, the higher the exhaust temperature the
easier to accomplish boosting targets. As a first rough estimation, 700 °C are a must if a
turbocharger is aimed to be coupled and boost the engine with a favorable pressure
gradient (p02>p03) and without mechanical losses increment due to the excessive usage
of the scavenge pump. During the modelling stage, several iterative loops for a complete
parametric study were done. The variables selected to find an optimum solution were
several, including: VT&VCM configurations, p02/p03, engine rpms and A.

Figure 15 shows the best-found solution: an intermediate VT&VCM position (CR=8.2)
and A=1.64. First, the targeted power of 30 kW or more is achieved in a wide operative
engine region (dashed circle in Figure 15_A). Secondly, the intermediate engine CR helps
in a high degree in lowering the maximum cylinder temperature, for NOx generation
avoidance (dashed circle in Figure 15_B). Thirdly, the early exhaust ports opening
corresponding to the engine CR of 8.2 (see in Figure 1_B exhaust advance dependency
with mechanism position) raises exhaust temperature up to the 725 °C required to help
the boosting duty. Finally, shaded area is the one that accomplishes all the requirements
and provides with an ISFC of 206-208 g/kWh. Approximately an improvement of 10
o/kWh (a 4.6 % improvement) with respect to the ISFC of the direct injection
configuration with stoichiometric mixture. The operative area that fits all the
requirements is with an engine speed range about 3300 to 4000 rpm, as previously stated,
the 2S-ROPE mechanical losses should be reduced thanks to the downspeeding approach
(see Figure 2).

To evaluate the viability of boosting the engine in such a way that p02/p03 is kept around
1.30 to 1.40. The same methodology as the one in the previous section is followed. The
values of p02 are imposed to be 1.30 and 1.40 times p03 at equation (11) and it was
evaluated for the system. T03 is taken from the simulations on Figure 15_C (725°C in the
shaded area). And finally, p4 and p01 are taken from iso-mass-flow working points from
the reference 4S-TSI-DI engine.

The resulting continuous trends in Figure 16 show for both p02/p03 the required
turbocharger efficiency. Dashed lines show the p02/p01 required to reach the p02 demand
for each turbine pressure ratio (p03/p4). Taking again as a reference point A from Figure
14 one can realize how far the desired p02/p03 is highly unrealistic: in other words, T03
it is too low, or the required turbocharger efficiency is higher than available technology
to target the desired p02/p03. This implies the intensive use of an auxiliar mechanically
or electrically driven compressor (higher mechanical losses).
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Figure 15: Lean combustion and direct injection simulation results for fixed VCR of 8.2.
Different variables evolution as a function of the p02/p03 and engine speed. (A) Shows
indicated power. (B) Shows maximum cylinder temperature. (C) Shows exhaust
temperature. (D) Shows indicated brake specific consumption
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Figure 16: Turbocharger efficiency and resulting boost pressure for different exhaust
pressure values. 2S-rope T03/T01=998.15/293.15

5. Conclusions

A new 2S-ROPE concept has been manufactured, assembled, and tested. This engine has
been designed from the drawing table to operate as a range extender for automotive
application under series hybrid configurations (e-REX series of 2S-ROPE). The
experimental campaign has been taken as a reference to partially validate the main engine
kinematics, ports timing, piping modelling and combustion with the purpose of
calibrating an in house developed 1D gas-dynamics model for further potential and
performance research.

The 2S-ROPE engine tested was Sl, port fuel injection, and with scavenge pump
assistance. No misfiring was measured, but combustion variability was slightly higher in
comparison to a Sl 4-stroke engine already available in the market. Lack of combustion
efficiency was attributed to the short-circuit, what was later confirmed in the modelling
campaign.

Although the available experimental information was limited, it was enough for
validating a 1-D gas-dynamic model, with further objective of performing a prospective
study of different turbocharging and injection technologies. Direct fuel injection, lean
combustion and turbocharging were explored through 1-D gas-dynamic simulation to
calculate the potential advantage when avoiding fuel short-circuit. The three main
conclusions achieved are:

1. With port fuel injection configuration, it is necessary to guarantee close to perfect
displacement during the scavenging process. Otherwise emissions and fuel
consumption figures are unacceptable. Even if perfect displacement is ensured, the
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operative area that guarantees 100 % trapping efficiency is much reduced in terms of
scavenging pressure and rpm. On the contrary, the final solution would result in a
very simple and affordable range extender engine for series hybrid vehicles. The
resulting range extender is proposed to be connected to the electric generator, without
gear box, at 3500 rpm, where a maximum power value of 32 kW is obtained. The
VT&VCM system allows a load control that ranges between 32 kW and 24 kW: a
25% load control capability without throttling and keeping a constant ISFC around
250 g/kwh.

2. If direct fuel injection is selected, the operative area in terms of power and fuel
consumption is widened. However, the usage area of a 3W catalyst is again reduced
to the area with 100% trapping efficiency. Boosting the engine to the required p02/p03
by means of a turbocharger it is possible with nowadays turbocharger technology,
limiting the use of scavenge pump to engine starting and few other off-design
operations. The ISFC in these working areas corresponds to approximately 216 - 220
0/kWh, the indicated power is slightly increased to 35 kW and again engine speed in
the range of 3500 rpm allows avoiding the use of gear box to connect to the electric
generator.

3. If NOx generation is to be avoided, lean combustion it is necessary. After an iterative
procedure of optimization, it was found that a A=1.64 may avoid NOx production.
The operative area achieves the target indicated power of 35 kW with an ISFC of 205
o9/kWh, what represents a 4.6 % improvement with respect stoichiometric conditions.
It was also explored the viability of obtaining the required p02/p03 ratio exclusively
by a turbocharger. It was concluded that turbocharger required efficiency would be
too high in comparison to nowadays technology. An auxiliary system helping with
the boosting duty would be required, however this would imply some extra
mechanical losses that may dilute the 4.61% of ISFC improvement over the
stoichiometric mixture option.
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