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Abstract

Focusing on the dual-mode dual-fuel (DMDF) combustion concept, a combined optimization of the piston bowl
geometry with the fuel injection strategy was conducted at various loads. An improved genetic algorithm was
introduced in this study, which is superior in searching for the global optimal solutions. The optimal piston bowl
shape coupled with the corresponding injection strategy was summarized at the various loads. The results show that
the piston bowl geometry optimization can further improve the thermal efficiency with 1.4%, 4.4%, and 1.4%
percentage points for the low, mid, and high loads, respectively. An indicated thermal efficiency up to 51.8% can be
realized at mid load. Meanwhile, for all the optimal cases, NOx and soot emissions can meet the Euro VI limits.

At low and mid loads, both the open and re-entrant type piston bowl can be equipped, while the high load only
prefers the open type piston bowl for the DMDF mode. The re-entrant type or deep piston bowls are superior in
organizing strong in-cylinder flow, which is beneficial for the fuel/air mixing. The open type or shallow piston bowls
are helpful for reducing the heat transfer losses owing to the less heat transfer surface area. Furthermore, a correlation

analysis was conducted to investigate the sensitivity of engine performance to the piston geometric parameters and
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injection parameters. It is concluded that the fuel injection event becomes more important for managing the engine
performance as load increases. Among the injection parameters, the influence of the fuel injection timings and
injection pressure on engine performance is more obvious. The piston geometric parameters play more significant
roles in the heat transfer losses than the injection parameters for all loads. Among the geometric parameters, the most
influential parameters are the width and open extent of the piston bowl. The heat transfer loss energy fraction can be
well decreased with a wider and more open piston bowl.

Keywords: Piston bowl geometry optimization; Dual-mode dual-fuel (DMDF); Genetic algorithm; Fuel efficiency;
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Nomenclature

1D

3D
ATDC
CA50
CDC
CFD
CL
Cco

DI
DMDF
DOE
DPF
EGR
EISFC
EPA
GA
GCR
HRR
HC
HCCI
HTL
HTR
ICE
IMEP
ISFC

one-dimensional
three-dimension

after top dead center

50% burn point

conventional diesel combustion
computational fluid dynamics
combustion losses

carbon monoxide

direct injection

dual-mode dual-fuel

design of experiment

diesel particulate filter
exhaust gas recirculation

equivalent indicated specific fuel consumption

Environmental Protection Agency
genetic algorithm

geometric compression ratio

heat release rate

hydrocarbon

homogeneous charge compression ignition
heat transfer losses

heat transfer rate

internal combustion engine
indicated mean effective pressure
indicated specific fuel consumption

IvC
LHV
LTC
MF1
NSGA
NOx
OE
Pinj
Pive
Prmax
PPC
PPRR
PR
RCCI
RI
SA
SCR
SOl
SOlI1
SOI12
SRC
TDC
Tive
VVT

intake valve closing

lower heating value

low-temperature combustion

mass fraction of the first injection
non-dominated sorting genetic algorithm
nitrogen oxides

Open Extent

injection pressure

inital pressure at IVC timing

maximum in-cylinder pressure

partially premixed combustion

peak pressure rise rate

premix ratio

reactivity controlled compression ignition
ringing intensity

spray angle

selective catalytic reduction

start of injection

start of injection timing for first pulse
start of injection timing for second pulse
Spearman Rank Correlation

top dead center

initial temperature at 1VC timing
variable valve timing
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1. Introduction

The increasingly stringent emission regulations and urgent energy shortage are bringing huge challenges for the

internal combustion engine (ICE) research community. Improving fuel economy and eliminating engine-out

emissions are still the major objectives and main investigation fields for ICE researchers. Currently, the selective

catalyst reduction (SCR) and diesel particulate filter (DPF) systems have been widely adopted by engine

manufacturers as the aftertreatment devices for decreasing nitrogen oxides (NOx) and soot emissions, respectively.

Although their effectiveness has been demonstrated, the engine layout complexity and cost are increased as well [1].

Alternatively, the low-temperature combustion (LTC) strategy [2] was proposed, which yields great potential of

reducing NOx and soot emissions while maintaining pleasant fuel economy owing to the characteristics of

homogeneous-mixing and low-temperature combustion process.

Among the LTC modes, reactivity controlled compression ignition (RCCI) [3] concept attracts more scientific

interest due to the flexible control over the combustion process with the dual-fuel system. In RCCI mode, the fuel

concentration and reactivity stratification can be accomplished relying on delivering the low-reactivity fuel by port

fuel injection (PFI) and the high-reactivity fuel by in-cylinder direct injection (DI), respectively. By adjusting the

low-reactivity fuel percentage and the direct injection event, the fuel distribution and reactivity can be tuned, and a

flexible operation in a wide operating range can be realized [4]. In spite of this, the RCCI strategy is still facing the

problems of low combustion efficiency at low load [5, 6] and serious engine noise at high load [7]. Thus, the

improvement of the RCCI strategy over a wide operating range is still needed.

Up to now, many investigations focus on the extension of the RCCI operation range. Lim et al. [8] found that

extremely low NOy and soot emissions, as well as the indicated thermal efficiency of 48.7% can be reached for a

gasoline/diesel RCCI engine at high load up to 21 bar of the indicated mean effective pressure (IMEP). Wang et al.

[9] demonstrated the effectiveness of exhaust gas recirculation (EGR) rate for preventing excessively high peak
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pressure rise rate (PPRR) and extending the RCCI mode to higher loads. Meanwhile, it was found that the

employment of gasoline/diesel dual-fuel RCCI mode at mid and high loads can maintain ultra-low NOy and soot

emissions, while the diesel LTC strategy with single fuel injection is more attractive for low load conditions.

Molina et al. [10] extended the RCCI operating range by employing a multiple direct-injection strategy

combined with the Miller cycle. At low load, the double injection strategy was used for managing the combustion

phasing and emissions. At high load, the injection shifts into a single injection for triggering the ignition and

maintaining mild combustion. Xu et al. [11, 12] optimized the key parameters of an RCCI engine couple with the the

variable valve timing (VVT) and variable compression ratio (VCR) strategies at various load conditions. The results

indicated that the Euro VI limit can be well maintained over the whole load range, whereas the trade-off of the NOy

and soot emissions at high load is difficult to solve. Mikulski et al. [13] found that early intake valve closing is

beneficial for the RCCI operation at high load, whereas retarding the intake valve opening timing can reduce

combustion losses.

Benajes et al. [14] indicated that 80% of the nominal operating range for conventional diesel engines can be

covered by the RCCI operation by employing appropriate fuel ratio, EGR rate, and intake temperature, while the

PPRR limit will not be surpassed. Based on that study, a dual-mode dual-fuel (DMDF) concept was proposed by

Benajes et al. [15]. In the DMDF concept, the combustion mode was shifted regarding the engine load. At low load,

the highly-premixed RCCI operation was employed for enhancing the engine efficiency and obtaining low levels of

emissions. At high load, the combustion mode was switched to diffusive combustion for slowing down the

combustion rate and meeting the engine mechanical restriction. Recently, a series of efforts were made for the

development of the DMDF concept, as summarized in Table 1.

Table. 1. A Summary of the main papers published on DMDF combustion mode

Reference Contents of the research Main Conclusions

Benajesetal. | The DMDF concept was proposed featuring | = The DMDF concept can fulfill the EURO

6



[15]
(2017)

that the combustion strategy changes as engine
load increases.

* At low loads with the indicated mean

effective pressure (IMEP) lower than 8 bar,

a fully premixed RCCI strategy is
employed;

*  When engine load rises up to 15 bar, the
combustion strategy is switched to highly
premixed RCCI mode;

» At full load operation, the diffusive dual-

fuel combustion is employed.

VI NOy limit up to 14 bar IMEP;

* Above 5 bar IMEP, the smoke emissions
exceed the EURO VI standards for diesel
engines, but the majority of the engine
map can fulfill the smoke levels below 1
FSN.

Benajes et al.
[16]
(2018)

Comparison of the performance and emissions
of two dual-mode combustion concepts over
different driving cycles using different fuel
combinations.

The dual-mode concept has a potential to be
implemented in flexible-fuel engines.

Garcia et al.
[17]
(2019)

Investigation of the effects of the octane
number of the low-reactivity fuel at
representative operating conditions over the
DMDF engine map.

The characteristics of the low-reactivity fuel
in the DMDF concept have a major impact on
the combustion evolution in a wide range of

engine load, speed, low-reactivity fuel
fraction, dilution level, and combustion
regime.

Macian et al.
[18]
(2019)

Investigation of the effect of the low-pressure
exhaust gas recirculation (LP-EGR) on the
gaseous and particle emissions of the DMDF
concept fueled with standard gasoline and
diesel.

e In the fully premixed RCCI mode, the
application of the LP-EGR results in high
hydrocarbon (HC) and carbon monoxide
(CO) emissions;

* For the other combustion modes in the
DMDF concept, a reduction of the

analyzed pollutants is demonstrated with

the employment of the LP-EGR

compared with the CDC mode.

Xuetal. [19]
(2020)

Optimization of the operating parameters
related to the intake condition and fuel
injection strategy for strengthening the engine
performance of the DMDF concept fueled with
gasoline and diesel fuel at various load
conditions.

Gross indicated thermal efficiency above
45% is achieved, and the NOyx and soot
emission can be maintained under the Euro

VI standard for the whole load range.

Garcia et al.
[20]
(2020)

Exploring the feasibility of using the fuel blend
of oxymethylene ether (OMEx) and diesel as
the high-reactivity fuel instead of pure diesel
in the DMDF concept for reducing the

The OMEx-diesel blends with an OMEy mass
content greater than 70% are able to meet the
Euro VI NOy standard with ultra-low soot
levels (< 0.01 g/kwh) up to 80% engine load.
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lifecycle CO, emission.

* The long injection durations of OMEy
resulted from its low lower heating value

is handled with the employment of the
; Exploration of suitable injector configuration
Garcia et al. L

and fuel injection strategy for the DMDF . .
[21] L . * The trade-off relationship between
(2020) concept with diesel and OMEy respectively as

the high-reactivity fuels.

injectors with higher flow rate capacity.

engine-out emissions and the mixing
capacity of the injection system is solved,

while the engine performance is not

significantly affected.

Up to date, the DMDF strategy demonstrates superior advantages for balancing load extension and performance
improvement. It has been recognized as a promising dual-fuel combustion concept to satisfy future fuel consumption
and emission regulations [17]. However, for the current DMDF strategy, there still exist some aspects to be further
improved, among which the piston bowl geometry optimization is the most urgent. At present, the piston bowl
geometry for the DMDF strategy is empirically determined. It is well known that the piston bowl geometry can exert
significant influences on engine performance. Moreover, the interactions between the piston bowl structure and the
injection event are crucial for the fuel/air mixture formation and combustion event for the dual-fuel combustion mode.
Thus, the combined optimization of the piston bowl shape with the fuel injection parameters is needed to further
enhance the DMDF combustion characteristics.

Up to now, many investigations have been conducted for studying the effects of the piston bowl geometry and
searching for the optimal bowl shape for the engines with advanced combustion concepts. Dempsey et al. [22]
compared the traditional re-entrant type with a modified shallow type piston based on an RCCI engine fueled with
different fuel combinations. It was concluded that the shallow type piston yields better engine efficiency due to lower
heat transfer losses. Similar results were also reported by Park et al. [23] that the shallow type piston bowl can
contribute to a 35% improvement of the gross indicated thermal efficiency. Xu et al. [24] performed an investigation

to study the joint effects of the bowl shape and injection timing based on the partially premixed combustion (PPC)

8
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mode and homogeneous charge compression ignition (HCCI) mode. The results indicated that the piston with a

stepped-lip shape is favorable for solving the low-load cold start problem in terms of decreasing the intake

temperature requirement, which is owing to the fact that the fuel-rich regions can be produced in the stepped-lip

piston bowl. Moreover, it was found that the effect of spray/wall interaction is important when the combustion mode

shifts from HCCI to PPC. Nazemian et al. [25] optimized the piston bowl geometry of an RCCI engine by utilizing

CONVERGE software combined with the design of experiment (DOE) method based on the second law of

thermodynamics, and the effects of the main piston bowl shape parameters, including the piston bowl sizes, pip height,

and top land height on exergy destruction were discussed. It was reported that the influence of the bowl diameter and

bowl! depth were the most significant of the exhaust heat recovery. The optimization study performed by Lee et al.

[26] indicated that a 9% improvement of fuel consumption with simultaneously reduced NOx and soot emissions can

be attained with a shallow type piston bowl and a narrow injection angle for a gasoline/diesel dual-fuel engine.

From the above literature review, it is confirmed that further optimization of the piston bowl shape used for the

DMDF strategy can lead to potential improvements in fuel efficiency and engine-out emissions. Moreover, up to date,

there have been few studies reporting the piston bowl geometry optimization over a wide load range for the engines

with advanced combustion modes. Thus, in this study, the combined optimization of the piston bowl shape parameters

with the fuel injection strategy was conducted over a wide load range for the DMDF mode based on an improved

genetic algorithm integrated with the computational fluid dynamics (CFD) simulation. Then, the optimal piston bowl

shape coupled with the injection strategy was summarized at different loads. Furthermore, a correlation analysis was

conducted to investigate the sensitivity of engine performance to the geometric parameters and injection parameters,

which can guide the engine structure design.
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2. Computational Method
2.1. Generation of the Piston bowl geometry and computational mesh

In this study, the shape of the piston bowl is generally described using two straight lines (i.e., Line 1 and Line
2) and three circle curves (i.e., Curve 1, Curve 2, and Curve 3) according to the work of Badra et al. [27]. The straight
lines and circle curves are represented by the blue and red lines respectively in Fig. 1. It is comprehensible that the
shape is determined by the location of circles A, B, and C, as well as their common tangent lines. Thus, the
controllable parameters contain the X and Z locations of the circle center points A, B, and C, as well as the radius of
the three circles, i.e., Ra, Rp, and Re. Compared with the traditional method, in which the piston bowl shape is
described by the Bezier Curve, the control variables are simplified, and the variable number is cut down to seven
with this method. In general, once the coordinates and the radius of the three circles are confirmed, the angles of a
and @ (see Fig. 1) can be determined. Thus, the point number and the coordinates of every single point on the piston

bow! shape line can be determined, and the piston bowl geometry can be described.

Cylinder
}:4xis Number of Control Points
n&=nytny+n n,=ny+ng+n
IR L AR Cylinder Head
n, n, ny ny ns 1 ng v
Curve 3,,:-1——_l
.4 Curve 1 i "
2 Ro f plec | Piston Head
i A Ra}\‘\ / i )
s T B - e
" Line 1\\ ; B R Line 2 H
A a'y b/
oo
Curve 2
o Raidial Direction

Fig. 1. lllustration of automatic generation of the piston bowl geometry.

The common piston bowl geometries widely used in previous studies for advanced combustion modes, including

the Open, Re-entrant, and Shallow piston bowl geometries, can be established using this method, as shown in Fig. 2.

Because the bowl shape is specifically determined by the size and location relationship of the three control circles, it

can be flexibly controlled by the variables shown in Fig. 1 for the optimization of the bowl shape. Fig. 3 illustrates

10



161  the computational mesh generation process. In this study, the computational mesh is generated using the pre-

162  processing tool for mesh establishment in the KIVA code. The input file for the pre-processing program is integrated

163  with the geometry generation code according to the shape input file, which includes the information of the three

164  control circles (i.e., circles A, B, and C). Among various generated meshes, the computational sector meshes of three

165  typical piston bowl geometries with the geometric compression ratio of 14.4 are shown in Fig. 2. It can be seen that

166  the computational sector meshes for the Open, Re-entrant, and Shallow piston bowls can be well generated.

167
(a) Open Type (b) Re-entrant Type (c) Shallow Type
168 Fig. 2. Common piston bowl types and corresponding computational meshes at top dead center.
169
A0, z,) R,
7 Control
Variables {B (X, 25) Ro
C (X, H-R,) R,
Shape Input File
J Geometry Generation Code
Mesh Input File
CFD Mesh Tool
| Computational Mesh |
170
171 Fig. 3. Computational mesh generation procedure.
172

173 2.2. CFD Model

174 The CFD calculation of this study was conducted using the open-source KIVA-3V code [28] for simulating the
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engine working process. Based on the framework of KIVA-3V, several improvements and updates about the sub-

models have been performed. The turbulence model improved by Wang et al. [29] was used for modeling the in-

cylinder flow. The improved models were used for modeling the spray impingement [30] and liquid film evolution

processes [31]. Moreover, the quasi-dimensional model for describing the vaporization processes of fuel droplets [32]

and liquid films [33] was integrated. Meanwhile, the wall heat transfer model [34], droplet collision model [35], and

droplet breakup model [36] were also contained in this CFD code. For dealing with the fuel chemistry, the KIVA-3V

code was coupled with the CHEMKIN solver [37]. Furthermore, the skeletal chemical mechanism constructed by

Chang et al. [38] was used for predicting the ignition and combustion characteristics of the fuel blends. The diesel

and gasoline fuel were represented by n-heptane and iso-octane, respectively. It should be noted that the above models

have been validated based on numerous experimental data in the previous works, e.g., Refs. [39, 40].

Table 2. Engine specifications

Bore (mm) 110.0

Stroke (mm) 135.0
Connecting rod length (mm) 212.5
Original compression ratio 14.4:1

Swirl Ratio 2.3

Direct fuel injection system Common rail
Number of nozzle holes 7

Spray angle (°) 75.0

Nozzle hole diameter (mm) 0.177

The computational model was validated ahead of the optimization study. Table 2 lists the detailed information

of the engine tested in this work. The validation was performed at a constant engine speed of 1200 rev/min with

different IMEP. Table 3 lists the basic conditions and the operating parameters of the validation cases. Table 4 lists

the the properties of the diesel and gasoline fuels tested in the experiment [15]. Fig. 4 illustrates the computational

mesh for the original DMDF combustion chamber, and the mesh is generated using the method mentioned above.

Fig. 5 illustrates the comparison of the simulated and experimental in-cylinder pressure and heat release rate (HRR)

12



194 traces for five test cases with different IMEP. The comparison results show that the simulated traces can well match

195  with the measurements of Benajes et al. [15]. This indicates that the simulation with the generated computational

196  mesh can accurately reproduce the combustion process of the DMDF mode at different loads.

197
198 Table 3. Basic conditions of the validation cases.
IMEP (bar) 5.9 9.9 11.9 17.3 22.6
Pive (bar) 1.60 2.29 2.32 3.01 3.09
Tive (K) 332.6 329.1 347.9 332.2 356.1
EGR rate (%) 19.7 55.5 50.2 45.1 31.0
SOI1 (°CAATDC) -48.0 -50.0 -45.0 - -
SOI2 (°CAATDC) -41.9 4.4 -5.0 0.0 6.0
Total fuel flow (mg/cycle) 35.5 65.2 81.1 116.9 145.3
Diesel flow (mg/cycle) 31.8 62.3 50.4 52.9 49.3
Gasoline flow (mg/cycle) 3.7 2.9 30.7 64.0 96.0
199
200 Table 4. Properties of the diesel and gasoline fuels
Diesel Gasoline
Density (kg/m?) @ T=288.15 K 824 720
Viscosity (mm?/s) @ T=313.15 K 2.8 -
Research Octane Number (-) - 95
Motor Octane Number (-) - 85
Cetane Number (-) 51 -
Lower Heating Value (kJ/kg) 42.92 42.40
201
202
203 Fig. 4. Computational mesh for the original DMDF combustion chamber.
204
205 Fig. 6 shows comparisons of HC, CO, NOy and soot emissions between simulation and experiment. It is found

206  that the overall variation trend with varying IMEP can be well captured for the four emissions. However, the

207  discrepancies in magnitude still exist between the simulated and experimental emission levels. This is primarily

208  owing to the complexity of the in-cylinder flow and fuel/air mixing process, the imperfection of the chemical
13



209  mechanism [41], and the measurement uncertainties [3]. Since the main task of the simulation tool of this study can
210  be qualified by the capability of predicting the emission variation trend as a specific operating parameter changes,

211  the computational model and mesh can be employed for the optimization study in the following work.

212
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218 Fig. 6. Validations of the emissions at different loads.
219
220  2.3. Optimization method
221 In this study, the optimization of the piston bowl geometry coupled with the injection strategy involves a
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considerable number of variables. In order to realize the multi-variable multi-objective optimization and
simultaneously minimize the fuel consumption and engine-out emissions, the non-dominated sorting genetic
algorithm 11 (NSGA-I1I) [42] was utilized. The flowchart of the optimization procedure is illustrated in Fig. 7. The
global numerical system contains two parts, i.e., the optimization part using GA and the CFD part using KIVA. The
GA code is coupled with the KIVA code containing the geometry generation code. In the optimization calculation,
the GA code generates the shape input and CFD input files. The geometry generation code is in charge of exporting
the mesh input file, which is the input file for the meshing program to create the computational mesh. CFD calculation
is performed with the CFD input file and the computational mesh. GA code analyzes the CFD calculation results of

each citizen and generates new data for the next generation calculation.
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Initialization

CFD Part Optimized Variables

' i '
: a4 N '

E I Piston Shape Input File I ! | Next Generation |
i g Caculation |
« Geometry Generation [ i

* CFD Mesh Generation y . I :

i L i
' l Computational Mesh | | CFD Input File | 'V |+ Selection !
i [ ] - E + Crossover i
i |+ Mutation i

i
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:\ CFD Calculation :

Optimization
Finish?

Yes

Results Collection
Fitness Calculation

| Output Optimal Solutions I

Fig. 7. Hllustration of the optimization computation process.

Considering the increased number of variables, the initial population size needs to be enlarged to keep the

diversity of the optimal solutions in the GA calculation. In this study, the initialization of the citizens for the first

generation is improved by introducing the Sobol sequence sampling method [43] instead of the traditional random

sampling method used in NSGA-II. Fig. 8 shows the distributions of the random samples and Sobol samples with a

constant sample number of 250 in a two-dimensional variable coordinate. It can be found that the distribution of the

Sobol samples is more uniform than that of the random samples. This indicates that the Sobol sequence sampling
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method can provide a better uniformity for the multi-dimensional variables by sufficiently covering the whole

variation ranges of the variables under the conditions with limited population size. Therefore, the introduction of the

Sobol sequence sampling method in this study is aiming at including more possible cases and searching for the global

optimal solutions more effectively, and a relatively small population size can be utilized simultaneously for saving

computational resources.
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Fig. 8. Comparison of random samples and Sobol samples.

3. Results and Discussion
3.1. Global optimization results

In a previous study from the authors [19], based on the diesel/gasoline DMDF combustion concept, the operating
parameters related to the injection strategy and the air intake conditions were optimized to enhance the engine
performance (i.e., Step 1 optimization). A total of seven operating parameters with crucial influences were chosen as
the variables at three different loads in the previous study. Since the injection/wall interaction plays a critical role in
the fuel/air mixture formation, the optimization of the injection parameters cooperated with the piston bowl geometry
was further conducted at different load conditions in this study (i.e., Step 2 optimization). The aim is to search for
the most suitable piston bowl shape for the DMDF combustion mode over a wide load range. A total of 14 parameters
were considered in the present work, including seven geometric parameters and seven engine operating parameters.

The optimization specifications are listed in Table 5.
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Table 5. Optimization specifications

Parameter Range
Premix Ratio (0.0, 1.0
SOI1 (*CAATDC) (-80.0, 10.0)
SOI2 (*CAATDC) (SOl1, 10.0)
MF1 (0.0, 1.0)
Spray angle (°) (15, 85)
Injection Pressure (MPa) | (50, 180)
Variables Compression Ratio (12.0, 18.0)
Normalized Z, (0.0, 1.0)
Normalized Z, (0.0, 1.0)
Normalized Xp 0.0, 1.0)
Normalized X (0.0, 1.0)
Normalized Ra 0.0, 1.0)
Normalized Ry 0.0, 1.0)
Normalized R¢ (0.0, 1.0)
EISFC (g/kWh) <250.0
Tmax (K) >1100.0
NOx (9/kWh) <0.4
Constraints | soot (g/kWh) <0.01
PPRR (bar/°CA) <15.0
Pmax (MPa) <20.0
RI (MW/m?) <10.0

Table 6. Initial conditions at IVC timing at each load.

Low Mid High
Pive (bar) 151 1.99 3.30
Tive (K) 392.2 306.1 3155
EGR (%) 6.5 6.5 31.0

The seven geometric parameters are normalized Za, Zp, Xb, Xc, Ra, Ro, and Rc, which determine the piston bowl

shape, as illustrated in Figs. 1 and 2. The variation ranges of the geometric parameters are all from 0.0 to 1.0. The

operating parameters relating to the direct fuel injection event include the two injection timings (i.e., SOI1 and SOI2),

injection pressure (i.e., pinj), mass fraction of the first injection (i.e., MF1), and spray angle (SA). The variation ranges

of the injection parameters can be found in Table 5. The SA is equal to a half of the injection plume included angle.

Moreover, the premix ratio (i.e., PR) of gasoline fuel and geometric compression ratio (i.e., GCR) were also included

in the variables to be optimized. In the engine simulations, the squish height was adjusted to match the desired GCR.
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During the optimization process, the equivalent indicated specific fuel consumption (EISFC), NOy, and soot
emissions are selected as the objectives to urge the populations into the pleasant fuel economy and low-emission
orientation. Meanwhile, several constraints are taken into consideration in order to guarantee the rationality of the
optimal cases. In the optimization calculation, the peak in-cylinder temperature is kept above 1100 K to avoid misfire.
For forbidding rough engine operations, the maximum in-cylinder pressure (pmax), ringing intensity (RI), and PPRR
are limited under 19.0 MPa, 10 MW/m?, and 15.0 bar/°CA, respectively [15]. The EISFC is restricted under 250
g/kWh to ensure satisfactory fuel economy, while the NOx and soot emission limits are set according to the Euro VI
regulations (i.e., 0.4 and 0.01 g/kWh, respectively). Moreover, the operating loads for optimization are located at 5.9,
11.9, and 22.6 bar, which are chosen from the baseline cases validated in Section 2.2. According to our previous
study, the optimized air intake conditions including the initial temperature (Tivc) and pressure (pive) at IVC timing, as
well as the EGR rate, are used in this work. Table 6 lists the setup of the initial conditions at the I\VC timing for the
optimization calculation at the three loads.

The optimization results of the present study are first compared with the previous optimization results to
demonstrate the improvements gained from the piston bowl geometry optimization. Fig. 9 shows the evolution of the
EISFC and NOy emissions for all the generated cases in the population at the various loads. The yellow and blue
symbols represent the generated cases in the previous optimization (i.e., Step 1 optimization) and the present
optimization (i.e., Step 2 optimization), respectively. Each case is colored by the generation number. A deeper color
denotes a higher optimization degree. From the comparison of the Step 1 optimization to the Step 2 optimization, it
can be found that EISFC is further decreased after the piston bowl geometry optimization while NOx emissions can
still meet the Euro VI limit. The soot emissions of the optimal cases (i.e., the deeper-color symbols) are also below
the Euro VI limit, which is not illustrated in Fig. 9 due to space limitation. This well demonstrates the improvement

of fuel economy without sacrificing the engine-out emissions in the Step 2 optimization. Overall, the above results
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294  indicate that the piston bowl geometry optimization further enhances the performance of the DMDF combustion

295 mode at different loads.
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299 Fig. 9. Evolution of the EISFC and NOy emissions during the optimization at different loads.
300
301 Fig. 10 shows the comparison of the piston bowl shapes obtained during the optimization process at different

302  loads. The dashed black line represents the baseline piston bowl shape for the DMDF mode [15]. The dashed grey
303 line represents the top dead center position. The solid grey lines denote all the piston bow! profiles generated from
304  the genetic algorithm. In this section, the cases with competitive fuel efficiency while meeting the Euro VI standards
305  of the NOy and soot emissions are chosen as the optimal cases at each load. Furthermore, in order to provide more
306  options for the DMDF piston bowl geometry design, among the optimal piston bowls, two typical shapes with
307  distinguishing geometric characteristics are picked up to represent the optimal piston geometry at each load. The
308 selected optimal cases are named as Low-A and Low-B for low load, Mid-A and Mid-B for mid load, and High-A

309  and High-B for high load. As shown in Fig. 10, the optimal shapes are represented by the orange and blue lines.
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Fig. 10 Generated piston bowl shapes and typical optimal piston bowl shapes in the optimization at different loads.

It is seen from Fig. 10 that the optimal bowl geometries at low and mid loads contain both the open type and re-
entrant type bowl, whereas the high load only contains the open type bowl. At low load, the optimal re-entrant type
bowl (i.e., case Low-B) features a smaller bowl width, while the optimal open type piston bowl (i.e., case Low-A)
features a similar bowl width compared with the baseline piston bowl, as shown in Fig. 10(a). At mid load, the optimal
open type piston bowl (i.e., case Mid-A) characterizes a relatively larger bowl width and smaller bowl depth, while
the optimal re-entrant type bowl (i.e., case Mid-B) characterizes a relatively smaller bowl width and larger bowl
depth, as shown in Fig. 10(b). At high load, the two optimal cases feature a smaller bowl width (i.e., case High-A)
and a larger bowl width (i.e., case High-B), respectively. Meanwhile, both of the two optimal cases at high load
exhibit larger bowl depth compared with the baseline piston geometry, as shown in Fig. 10(c).

In order to demonstrate the engine improvements using the optimal piston bowl shapes, the optimal cases are
compared to the previous optimal cases and the baseline cases in terms of fuel efficiency, NOx and soot emissions,
as shown in Fig. 11. The grey bars and symbols represent the baseline cases and the optimal cases from the previous
optimization (i.e., Step 1 optimization). The orange and blue bars and symbols represent the optimal cases from the
piston bowl geometry optimization (i.e., Step 2 optimization). The left figures illustrate the comparisons of thermal
efficiency, and the right figures provide the comparisons for NOy and soot emissions. As depicted in the left sub-
figures of Fig. 11, significant improvement can be found for the thermal efficiency with the previous optimization

(i.e., Step 1) at the three loads. After optimizing the piston bowl shape combined with the injection parameters (i.e.,
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Step 2), the thermal efficiency is further improved. The thermal efficiency is increased up to 1.4%, 4.4%, and 1.4%

for the low, mid, and high loads, respectively. It is worth noting that an indicated thermal efficiency up to 51.8% can

be realized at mid load with the combined optimization. This well demonstrates the benefit gained for fuel economy

from the piston bowl geometry optimization.
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Fig. 11. Comparisons of thermal efficiency, NOx emissions, and soot emissions among the baseline cases and the
optimal cases in Step 1 and Step 2 optimizations.

As for the right sub-figures of Fig. 11, both the NOyx and soot emissions are continuously decreased after Step 1

and Step 2 optimizations at high load. At low and mid loads, the improvements of NOx and soot emissions for Step

2 optimization are not as significant as those for Step 1 optimization, but either NOy or soot emissions can still be

further decreased to some extent after Step 2 optimization compared to the cases of Step 1 optimization. For both the

optimal cases, the NOy and soot emissions can meet the Euro VI limits. Thus, it is concluded that the thermal

efficiency can be significantly improved with the piston bowl geometry optimization without sacrificing NOx and

soot emissions.
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Fig. 12. lllustration of the energy fractions of optimal cases and baseline cases.

Furthermore, the energy analysis was conducted for investigating fuel efficiency benefits. As illustrated in Fig.
12, the energy fractions of the optimal cases in Step 2 optimization are compared with those of the previous optimal
cases in Step 1 optimization. The bar colored by grey represents the previous optimal case while the other two
represent the optimal cases from the piston bowl geometry optimization at each load. According to the first law of
thermodynamics, the total input fuel energy is transferred into four parts during the combustion process, including
output work, heat transfer losses, exhaust losses, and incomplete combustion (i.e., combustion losses), as shown in
Fig. 12. It is noted that the energy fraction of output work is directly related to the thermal efficiency depicted in Fig.
11. It can be seen from Fig. 12 that the purple bars are not obviously visible, which is due to the fact that the
combustion losses are relatively low (less than 1%) under the whole load range. This is because that a majority of
HC and CO emissions are reduced by the oxidation reactions in the late combustion stage. Thus, the engine-out
emission levels of HC and CO are low. From the comparison of the optimal cases from the piston bowl geometry
optimization with those from the previous optimization, it can be found that the improvement of the output work (i.e.,
thermal efficiency) is mainly resulted from the decrease of the heat transfer losses at low and high loads. At mid load,
the decreases of both the heat transfer losses and combustion losses contribute to the improvement of output work.

This demonstrates the benefits of thermal efficiency gained from the piston bowl geometry optimization.
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Fig. 13. Comparison of the in-cylinder pressure, HRR, temperature, and heat transfer rate (HTR) traces between the
optimal cases.

Furthermore, the combustion process of the optimal cases is analyzed in detail for further explaining the

improved performance after the piston bowl geometry optimization. Fig. 13 depicts the in-cylinder pressure,

temperature, HRR, and heat transfer rate (HTR) traces of the optimal cases. Overall, from the comparisons of the

pressure, temperature, and HRR, it is found that the traces at each load are very similar, especially for the high load

condition, in spite of slight differences existing in the combustion phasing between the different optimal cases. This

indicates that the different optimal cases exhibits similar combustion characteristics at each load. In terms of the

comparison of the three loads, the combustion phasing is found to be retarded with increasing load, which is

consistent with previous results [11, 19]. This is mainly aiming at controlling ringing intensity and preventing the

engine knock. It can be seen from the denoted PPRR in Fig. 13 that at mid and high loads, by managing the

combustion process and combustion phasing, the PPRR can meet the limit of 15 bar/°CA. At low load, although a

relatively advanced combustion phasing is presented, the PPRR is still under the limit since the released fuel energy

is much lower than those of mid and high loads.
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Moreover, in order to understand the heat transfer process, the heat transfer rate (HTR) traces of the optimal
cases at each load are also illustrated in Fig. 13. By comparing the HTR traces at each load, the differences in the
heat transfer losses (see Fig. 12) can be explained. It can be found that the global HTR of cases Low-B, Mid-B, and
High-A is higher than that of cases Low-A, Mid-A, and High-B, respectively. Thus, the heat transfer losses of cases
Low-B, Mid-B, and High-A are relatively higher. However, the heat transfer process cannot be simply explained by
the evolution of the global in-cylinder temperature since the piston bowl geometry and the combustion occurrence

location also play critical roles. Thus, this will be explained in the following section.

3.2. Typical optimal piston bowl geometry and corresponding injection strategy

In this section, the optimal piston bowl shape coupled with the corresponding fuel injection strategy is
summarized at each load. Table 7 lists the operating parameters of each optimal cases. Meanwhile, the fuel injection
event and the fuel/air mixture formation process are analyzed as well. Fig. 14 shows the liquid fuel distribution after
injection timing and the equivalence ratio distribution before ignition for cases Low-A and Low-B. As mentioned
above, the optimal bowl shape for case Low-A is open type, while the optimal bowl shape for case Low-B is re-
entrant type. Besides, as listed in Table 7, both of the two optimal cases utilize a similar compression ratio with that

of the original engine setup (i.e., 14.4) [15].

Table 7. Operating parameters of the optimal cases.
Low-A  Low-B Mid-A Mid-B High-A  High-B

CR 14.6 14.7 16.7 15.8 14.0 13.8
PR 97% 97% 90% 76% 96% 96%
Pinj (MPa) 167 101 140 162 176 175
SOI1 (°CAATDC)  -57 -51 -56 -79 -28 -26
SOI2 (°CAATDC) - - -51 -60 -15 -18

As for the fuel injection strategy, only the cases with the single injection strategy are retained in the genetic

algorithm optimization at low load. By comparing Figs. 14(al) and 14(b1), it is found that case Low-A is coupled
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with a relatively wider spray angle (SA) of 84.6°. In contrast with case Low-A, case Low-B is coupled with a

relatively narrower SA of 76.2°, which is similar to that of the original experimental setup (i.e., 75°) [15]. Figs. 14(a2)

and 14(b2) illustrate the in-cylinder equivalence ratio distributions before ignition for cases Low-A and Low-B,

respectively. From the comparison, it can be found that the high fuel concentration locations of the two cases are

similar, which is owing to the combined effects of the piston bowl geometry and the fuel injection event. As can be

seen, a stronger tumble flow is organized in the re-entrant piston bowl geometry in contrast to the open type bowl,

which is also indicated by Miles and Andersson [44], as well as Lee et al. [45]. This results in larger flow velocity

around the cylinder head and the piston wall near top dead center (TDC) for case Low-B. Thus, although a relatively

lower injection pressure (pinj) and a later SOI timing are employed for case Low-B, the injected fuel can also

propagate to the similar location as that of case Low-A.

(a1) After Fuel Injection (a2) Before Ignition
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0.45
0.40
Low-A 035
0.30
- 0.25
Weak Tumble Flow
Time: -55 °CA ATDC Time: -2 °CA ATDC
(b1) After Fuel Injection (b2) Before Ignition
Equivalence
Ratio
045
040
Low-B 035
0.30
0.26
Strong Tumble Flow
Time: -49 "CA ATDC Time: -2 °CA ATDC

Fig. 14. lllustration of the optimal piston bowl shape, fuel injection and the fuel/air mixture formation at low load.

Fig. 15 depicts the liquid fuel distribution after injection timing and the equivalence ratio distribution before

ignition for the optimal cases at mid load (i.e., cases Mid-A and Mid-B). The shallow open piston bowl of case Mid-

A is coupled with a relatively wider SA and lower injection pressure, as well as later fuel injection timings. On the

contrary, the deep re-entrant piston bowl of case Mid-B is integrated with a relatively narrower SA and higher
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injection pressure, as well as earlier fuel injection timings. For case Mid-A, due to the lower pi,j and wider SA
compared to that of case Mid-B, the fuel spray penetration is relatively shorter, and the fuel mainly concentrates near
the cylinder head, as shown in Fig. 15(a3), which is similar to the situation at low load. For case Mid-B, owing to the
higher pinj and earlier fuel injection timings, the fuel penetration spray is much longer, which takes more fuel into the
squish region. However, the strong squish flow in case Mid-B brings most of the injected fuel back into the bowl
region, as shown in Fig. 15(b3). Meanwhile, the strong tumble flow resulted from the deep piston bowl geometry is
helpful for the fuel/air mixing in case Mid-B with the employment of more injected fuel. Furthermore, as listed in
Table 4, relatively higher CRs are employed in cases Mid-A and Mid-B for strengthening fuel efficiency. Thus, a
significant improvement in thermal efficiency can be seen in Fig. 11. Meanwhile, with the help of lower initial

temperature (see Table 3), the combustion phasing can be well controlled and the PPRR limit is maintained at mid

load.
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Fig. 15. lllustration of the optimal piston bowl shape, fuel injection and the fuel/air mixture formation at mid load.

As for high load, as shown in Fig. 16, both cases High-A and High-B employ the open type piston bowl. The
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difference is that case High-A utilizes a deep-narrow bowl geometry, while case High-B employs a shallow-wide

open bowl geometry. Moreover, case High-A is coupled with a narrower SA, whereas case High-B uses a wider SA.

In terms of fuel injection timings, both of the SOI1 and SOI2 timings of cases High-A and High-B are retarded

compared with those of the optimal cases at low and mid loads. This is for avoiding advanced ignition, which can

lead to high pressure rise rate and consequently engine knock at high load. Meanwhile, the relatively lower

compression ratio employed by cases High-A and High-B (see Table 4) is also beneficial for controlling the PPRR.

In such a way, a large fraction of gasoline can be premixed for the DMDF combustion mode at high load without

exceeding the PPRR limit. Therefore, as shown in Table 4, the premix ratio of cases High-A and High-B can be

increased to an equivalent level as that of mid and low loads. This is helpful for controlling the NOx and soot

emissions owing to the premixed combustion enhancement.

(a1) After SO (a2) After SOI2 (a3) Before Ignition Equivalence
Ratio
- 1.0
< 80I2:-15°CA

:1mg 0.8

0.8

High-A 07

0.6

0.5

0.4

Time: -26 °CA ATDC Time: -13 °CA ATDC Time: -2 °CA ATDC

(b1) After SO (b2) After SOI2 (b3) Before Ignition
Equivalence
Ratio

e e 1.0

SA: 7550 08

: SON:-26 °CA 08
High-B M1 07
AL 06

0.5

0.4

Time: -24 °CA ATDC Time: -16 °CA ATDC Time: -2 °CA ATDC

Fig. 16. lllustration of the optimal piston bowl shape, fuel injection and the fuel/air mixture formation at high load.

The late injection timings combined with the less injected fuel mass result in shorter fuel penetrations for cases

High-Aand High-B. Moreover, although the injection pressure is higher than lower loads (see Table 4), the increasing

in-cylinder charge density resulted from the higher intake pressure at high load (see Table 3) restricts the propagation

of the injected diesel fuel. Thus, the injected fuel mainly concentrates around the injection nozzle region, as shown
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in Figs. 16(a3) and 16(b3). Furthermore, from the comparison of the flow field of cases High-A and High-B, it is

confirmed again that the deep and narrow bowl geometry can produce strong tumble flow compared with the shallow

and wide piston geometry.

(a) Low-A (b} Low-B
i
Homogeneous i Homogeneous
f
il
Time: 2 °CA ATDC
Time: 1 *CA ATDC
Equivalence Ratio Temperature (K) Equivalence Ratio Temperature (K)
025 030 035 040 045 800 1000 1200 1400 1600 1800 2000 025 030 035 040 045 800 1000 1200 1400 1600 1800 2000

Fig. 17. In-cylinder equivalence ratio and temperature distributions at CA50 for cases Low-A and Low-B.

In order to further investigate the combustion characteristics of the optimal cases, the in-cylinder temperature

and equivalence ratio distributions during the combustion process are further analyzed in this section. Figs. 17 to 19

depicts the in-cylinder temperature and equivalence ratio distributions at the time of 50% burning point (CA50) for

the optimal cases of low, mid, and high loads, respectively. It can be found that the locations of the high fuel vapor

concentration and the combustion occurrence are directly related to the fuel distribution pattern before ignition shown

in the above figures, which is determined by the joint effects of piston bowl geometry and fuel injection strategy. As

shown in Fig. 17, since the direct-injected fuel mass is lower, and a majority of fuel is premixed in the intake port,

both cases Low-A and Low-B exhibit a homogeneous equivalence ratio distribution. This leads to the corresponding

homogeneous combustion characteristics for both the optimal cases, which is helpful for the NOx and soot emission

control. This is consistent with the previous results at low load operation [19].

(a) Mid-A Near Cylinder Head (b) Mid-B

S Time: 6°CA ATDC
Time: 8°CA ATDC ! Close to

Bowl Surface

Equivalence Ratio Temperature (K) Equivalence Ratio Temperature (K)
I il | i [0
030 0.35 0.40 0.45 0.50 800 1000 1200 1400 1600 1800 2000 030 035 0.40 0.45 050 800 1000 1200 1400 1600 1800 2000

Fig. 18. In-cylinder equivalence ratio and temperature distributions at CA50 for cases Mid-A and Mid-B.
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At mid load, with the increase of the injected fuel mass, the local equivalence ratio concentration is increased

compared with the low load, as seen in Fig. 18. For case Mid-A, consistently with the low-load optimal cases, a high

premix ratio (see Table 4) is utilized for enhancing the premix combustion, leading to pleasant NOx and soot

emissions. For case Mid-B, although a higher direct-injected diesel fuel mass (i.e., lower premix ratio) is employed,

the local equivalence ratio concentration is lower than that of case Mid-A. This is because that the optimized deep

re-entrant piston bowl geometry of case Mid-B produces a stronger tumble flow within the bowl region, leading to

more sufficient premixing of the injected fuel with the in-cylinder charge before the combustion occurs. Thus, the

Euro VI emission limits for the NOy and soot emissions can also be maintained for case Mid-B. Moreover, consistent

with the vapor distribution of the direct-injected diesel fuel before ignition (see Fig. 15), the combustion occurrence

location is near the cylinder head and close to the bow! surface for case Mid-A and case Mid-B, respectively.

At high load, although the injected mass is not further increased, the local equivalence ratio concentration is

considerably elevated for the optimal cases, as illustrated in Fig. 19. This is mainly due to the shorter fuel spray

penetration resulted from the later fuel injection timing and the increased in-cylinder charge density. Correspondingly,

the combustion occurs near the cylinder axis region, which places the high-temperature region away from the piston

bow! surface or the cylinder wall during the combustion phasing.

(a) High-A Around Cylinder Axis (b) High-B Around Cylinder Axis
Time: 1\‘;\) Time: 15 °CA ATDC ! :
Equtva!ence Ratio Temperature (K) Equwva[ence Ratio Temperalure (K)
| [
04 05 06 07 08 09 1.0 800 1000 1200 1400 1600 1800 2000 04 05 06 07 08 09 10 800 1000 1200 1400 1600 1800 2000

Fig. 19. In-cylinder equivalence ratio and temperature distributions at CA50 for cases High-A and High-B.

Moreover, the differences existing in the energy fraction of the heat transfer losses (see Fig. 12) between the

optimal cases at each load can be further explained in this section. At low load, it is easy to find that the re-entrant

type bowl of case Low-B exhibits a larger surface area compared with the open type bowl. Thus, although there is
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no obvious difference in the combustion temperature between cases Low-A and Low-B, the heat transfer energy
fraction of case Low-B is higher than that of case Low-A due to the larger heat transfer area. Similarly, at mid load,
the deep re-entrant piston bowl of case Mid-B yields a larger heat transfer surface. Meanwhile, for case Mid-B, the
high-temperature region is closer to the bowl surface. Therefore, the heat transfer energy fraction is higher for case
Mid-B than case Mid-A. At high load, as mentioned above, the high-temperature regions are away from the bowl
surface for both the two optimal cases. This is beneficial for reducing heat transfer losses. Moreover, although the
two optimal cases at high load employ the open type piston bowl, the heat transfer surface area of case High-B is
smaller due to the opener and wider bowl geometry. Thus, the heat transfer energy fraction of case High-B is slightly

higher than that of case High-A (see Fig. 12).

3.3. Correlation analysis

From the above discussion, it can be summarized that the in-cylinder fuel/air mixture formation and combustion
processes are affected by the piston bowl geometry and the fuel injection strategy simultaneously. Thus, the
performance of the DMDF combustion mode directly depends on the combined effects of the geometric parameters
and the fuel injection parameters. For further understanding the influences of these parameters on the DMDF
combustion mode, a correlation analysis was conducted to investigate the sensitivity of the engine performance to
the various parameters at each load in this section. It is noted that 14 parameters were considered as the optimization
variables in this study, which results in the significant complexity of the correlation analysis. Fortunately, a large
number of cases (i.e., citizens) were generated in the GA calculation process. In addition, with the introduction of the
Sobol sequence sampling method for GA in this study, the distribution uniformity for the multi-dimensional variables
of the numerous cases can be ensured, which provides a high-quality database for the correlation analysis in this
section. The aim of the correlation analysis is to investigate the influence weight of each input parameter to the

performance parameter including emissions for the DMDF concept.
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Before the correlation analysis, the seven geometric parameters (see Fig. 3) were cut down and transferred into
four key parameters for simplifying the analysis complexity. Fig. 20 depicts the definitions of the four new geometric
parameters, including Depthl, Depth2, Width, and Open Extent (OE). The variable of Width is defined as the distance
from the cylinder axis to the right edge of the piston bowl. Moreover, as indicated in Fig. 1, the piston bowl profile
consists of two lines and three circle curves. The type of the piston bowl is directly determined by the orientation of
Line2. Thus, in this section, a new parameter, i.e., Open Extent, is introduced to describe the piston bowl type. The
definition of Open Extent can be found in Fig. 20, which is equal to the ratio of R1 to R2 where R1 and R2 are the
distances from the cylinder axis to the endpoints of Line2. Overall, the four new geometric parameters can well reflect

the piston bowl characteristics.

Cylinder (a) Open Type Cylinder (b) Re-entrant Type
Axis Axis
Bore/2 Bore/2
"""" Cylinder Head T R
IM
) P R1[“ S A
Depth1 \ | Piston Top Depthi |
! R2 N\ ;
VVine2 | Pepih2 ’
v
Width
Width
Open Extent (OE)=R1/R2 (>1) Open Extent (OE)=R1/R2 (<1)
o Radial Direction o Radial Direction

Fig. 20. Hlustration of the key parameters for describing the bowl geometry of different types.

Subsequently, the correlation analysis was conducted between the input parameters and the performance
parameters. The input parameters contain the four new geometric parameters and five injection parameters, including
the SOI1, SOI2, MF1, SA, and pii. The performance parameters contain the energy fractions of heat transfer losses
(HTL) and combustion losses (CL), as well as the NOx and soot emissions, which can reflect the combustion and
emission characteristics of the DMDF engine. In this study, the correlation analysis is performed based on the
Spearman Rank Correlation (SRC) coefficient [46]. This method is capable of providing the statistical relevance

between the model input parameters and the target output parameters, and it has been widely used in engineering
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applications [47-49]. The SRC coefficient is defined as

COV(ReRS
— 1)

SRC= 4, Fre
where x and y respectively represent the input and target output parameters, Ry and Ry respectively denote the rank

values of parameters x and y, COV(R¢ R¢) is the covariance of Rx and Ry, and orx and ory represent the standard
deviations of Ry and Ry. In this study, the samples are chosen from the citizens generated in the GA calculation. After
excluding the unreasonable cases with deteriorated combustion efficiency or rough engine operations, around 500
effective cases are retained as the samples for the correlation analysis at each load.

Figs. 21 to 23 illustrate the SRC coefficient of each input parameter to each performance parameter at low, mid,
and high loads, respectively. In each figure, the left and right parts depict the SRC coefficient of the geometric
parameters and the injection parameters, respectively. The range of the SRC coefficient is from —1.0 to 1.0. The
impact of the input parameters on the performance parameters or the sensitivity of the performance parameters to the
input parameters can be quantitatively described by the absolute value of the SRC coefficient. Furthermore, as shown
in Figs. 21 to 23, the sum of the SRC coefficient can reflect the total contributions of the geometric or injection
parameters to a single performance parameter.

As illustrated in Fig. 21, at low load, for NOx and soot emissions, the effects of the injection parameters are
more significant compared to the geometric parameters. On the contrary, for heat transfer losses (HTL), the geometric
parameters exert more obvious influences. As for the combustion losses (CL), the effects of the geometric parameters
are equivalent to those of the injection parameters. At mid load, it is seen from Fig. 22 the sensitivity of the soot
emissions and HTL to the input parameters increases, especially for the geometric parameters. For the NOx emissions
and CL, the injection parameters still play more important roles in contrast to the geometric parameters. At high load,
it is seen from Fig. 23 the sensitivity of the performance parameters to the injection parameters increase globally. The

total SRC coefficients of the geometric parameters for the performance parameters are all lower than those of the
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injection parameters, except for HTL. This indicates that the fuel injection event becomes more crucial for managing

the engine performance as load increases. Over the whole load range, among the injection parameters, the fuel

injection timings and injection pressure contribute more significant influence to the performance parameters.

Overall, from the comparison results of Figs. 21 to 23, the sensitivity of the performance parameters at different

loads can be summarized. For HTL, the geometric parameters contribute more significant effects than the injection

parameters for all loads, although the sensitivity to the injection parameters is increased with at higher load. For CL,

the effects of the geometric parameters are equivalent to those of the injection parameters at low load. With load

increasing, the sensitivity of CL to the geometric parameters decreases, whereas the injection parameters still

contribute obvious influences to the CL at mid and high loads. In terms of the emissions, the NOx emissions are more

sensitive to the injection parameters than the geometric parameters over the whole load range. As for the soot

emissions, the influences of both the injection and geometric parameters become more significant as load increases.

Thus, it can be summarized that for HTL, CL, and soot emissions, the sensitivity to the injection parameters is lower

at low load and is higher at mid and high loads. For the NOx emissions, the sensitivity to the injection parameters is

lower at low and mid loads. By contrast, at high load, the sensitivity of the NOx emissions to the injection parameters

is relatively higher. Overall, it can be concluded that the fuel injection event becomes more important for managing

the engine performance and emissions as load increases

Moreover, the key individual input parameters with crucial influences on the performance parameter can be

further summarized as well. Among the geometric parameters, the most influential parameters are Width and Open

Extent (OE), which is also indicated in Ref. [44]. In particular, the two parameters exert obvious and consistent

impacts on heat transfer losses over the whole load range. It is indicated from Figs. 21 to 23 that the heat transfer

losses can be reduced with a wider and more open piston bowl. As for the injection parameters, the fuel injection

timings (i.e., SOI1 and SOI2) and injection pressure (i.e., pinj) contribute more influences on the engine performance
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583 in contrast to other parameters when load increases.
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5904 4. Conclusions
595 Based on the DMDF combustion mode, the combined optimization of the piston bowl geometry and the fuel
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injection strategy was performed over a wide load range using an improved genetic algorithm coupled with the CFD

simulation in this work. The optimal piston bowl shape coupled with the desired injection strategy at different loads

was summarized, and the improvements of engine performance were analyzed compared with the previous results

about the DMDF studies. Furthermore, a correlation analysis was conducted to investigate the sensitivity of engine

performance to the geometric parameters and the injection parameters. The major conclusions can be summarized as

follows.

1.

By optimizing the piston bowl geometry coupled with the injection strategy, the behavior of the DMDF

combustion mode is further enhanced at various loads. Over the test load range, the thermal efficiency is

increased up to 1.4%, 4.4%, and 1.4% for the low, mid, and high loads, respectively. An indicated thermal

efficiency up to 51.8% can be realized at mid load with the combined optimization. Meanwhile, for all the optimal

cases, the NOy and soot emissions can meet the Euro VI limits.

The optimal piston bowl shape integrated with the corresponding injection strategy is summarized at each load,

providing guidelines for the piston structure design. At low load, both of the re-entrant and open type piston bowl

can be equipped. At mid load, the shallow open piston bowl and the deep re-entrant piston bowl can be utilized.

At high load, the open type piston bowl is preferred. The combustion occurrence location is determined by the

combined effect of the piston bowl geometry and the injection strategy. Overall, the re-entrant type or deep piston

bowls are good at organizing strong in-cylinder flow, which is beneficial for the fuel/air mixing.

The fuel injection event becomes more important for managing the engine performance and emissions as load

increases. Among the injection parameters, fuel injection timings (i.e., SOI1 and SOI2) and injection pressure

(i.e., pinj) contribute more influences on the engine performance and emissions.

The piston bowl geometric parameters contribute more significant effects on the heat transfer losses than the

injection parameters for all loads, although the sensitivity to the injection parameters is increased with the higher
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load. Among the geometric parameters, the most influential parameters are Width and Open Extent (OE). The

heat transfer losses can be reduced with a wider and more open piston bowl.

The future research work will be focused on applying the numerical optimization results in practical engine
experiments. The optimized piston bowl shapes at different loads are will also be integrated into one general shape

for simultaneously considering engine performance and emissions at various operating conditions.
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Abstract

Focusing on the dual-mode dual-fuel (DMDF) combustion concept, a combined optimization of the piston bowl
geometry with the fuel injection strategy was conducted at various loads. An improved genetic algorithm was
introduced in this study, which is superior in searching for the global optimal solutions. The optimal piston bowl
shape coupled with the corresponding injection strategy was summarized at the various loads. The results show that
the piston bowl geometry optimization can further improve the thermal efficiency with 1.4%, 4.4%, and 1.4%
percentage points for the low, mid, and high loads, respectively. An indicated thermal efficiency up to 51.8% can be
realized at mid load. Meanwhile, for all the optimal cases, NOx and soot emissions can meet the Euro VI limits.

At low and mid loads, both the open and re-entrant type piston bowl can be equipped, while the high load only
prefers the open type piston bowl for the DMDF mode. The re-entrant type or deep piston bowls are superior in
organizing strong in-cylinder flow, which is beneficial for the fuel/air mixing. The open type or shallow piston bowls
are helpful for reducing the heat transfer losses owing to the less heat transfer surface area. Furthermore, a correlation

analysis was conducted to investigate the sensitivity of engine performance to the piston geometric parameters and
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injection parameters. It is concluded that the fuel injection event becomes more important for managing the engine
performance as load increases. Among the injection parameters, the influence of the fuel injection timings and
injection pressure on engine performance is more obvious. The piston geometric parameters play more significant
roles in the heat transfer losses than the injection parameters for all loads. Among the geometric parameters, the most
influential parameters are the width and open extent of the piston bowl. The heat transfer loss energy fraction can be
well decreased with a wider and more open piston bowl.

Keywords: Piston bowl geometry optimization; Dual-mode dual-fuel (DMDF); Genetic algorithm; Fuel efficiency;
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Nomenclature

1D

3D
ATDC
CA50
CDC
CFD
CL
Cco

DI
DMDF
DOE
DPF
EGR
EISFC
EPA
GA
GCR
HRR
HC
HCCI
HTL
HTR
ICE
IMEP
ISFC

one-dimensional
three-dimension

after top dead center

50% burn point

conventional diesel combustion
computational fluid dynamics
combustion losses

carbon monoxide

direct injection

dual-mode dual-fuel

design of experiment

diesel particulate filter
exhaust gas recirculation

equivalent indicated specific fuel consumption

Environmental Protection Agency
genetic algorithm

geometric compression ratio

heat release rate

hydrocarbon

homogeneous charge compression ignition
heat transfer losses

heat transfer rate

internal combustion engine
indicated mean effective pressure
indicated specific fuel consumption

IvC
LHV
LTC
MF1
NSGA
NOx
OE
Pinj
Pive
Prmax
PPC
PPRR
PR
RCCI
RI
SA
SCR
SOl
SOlI1
SOI12
SRC
TDC
Tive
VVT

intake valve closing

lower heating value

low-temperature combustion

mass fraction of the first injection
non-dominated sorting genetic algorithm
nitrogen oxides

Open Extent

injection pressure

inital pressure at IVC timing

maximum in-cylinder pressure

partially premixed combustion

peak pressure rise rate

premix ratio

reactivity controlled compression ignition
ringing intensity

spray angle

selective catalytic reduction

start of injection

start of injection timing for first pulse
start of injection timing for second pulse
Spearman Rank Correlation

top dead center

initial temperature at 1VC timing
variable valve timing
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1. Introduction

The increasingly stringent emission regulations and urgent energy shortage are bringing huge challenges for the

internal combustion engine (ICE) research community. Improving fuel economy and eliminating engine-out

emissions are still the major objectives and main investigation fields for ICE researchers. Currently, the selective

catalyst reduction (SCR) and diesel particulate filter (DPF) systems have been widely adopted by engine

manufacturers as the aftertreatment devices for decreasing nitrogen oxides (NOx) and soot emissions, respectively.

Although their effectiveness has been demonstrated, the engine layout complexity and cost are increased as well [1].

Alternatively, the low-temperature combustion (LTC) strategy [2] was proposed, which yields great potential of

reducing NOx and soot emissions while maintaining pleasant fuel economy owing to the characteristics of

homogeneous-mixing and low-temperature combustion process.

Among the LTC modes, reactivity controlled compression ignition (RCCI) [3] concept attracts more scientific

interest due to the flexible control over the combustion process with the dual-fuel system. In RCCI mode, the fuel

concentration and reactivity stratification can be accomplished relying on delivering the low-reactivity fuel by port

fuel injection (PFI) and the high-reactivity fuel by in-cylinder direct injection (DI), respectively. By adjusting the

low-reactivity fuel percentage and the direct injection event, the fuel distribution and reactivity can be tuned, and a

flexible operation in a wide operating range can be realized [4]. In spite of this, the RCCI strategy is still facing the

problems of low combustion efficiency at low load [5, 6] and serious engine noise at high load [7]. Thus, the

improvement of the RCCI strategy over a wide operating range is still needed.

Up to now, many investigations focus on the extension of the RCCI operation range. Lim et al. [8] found that

extremely low NOy and soot emissions, as well as the indicated thermal efficiency of 48.7% can be reached for a

gasoline/diesel RCCI engine at high load up to 21 bar of the indicated mean effective pressure (IMEP). Wang et al.

[9] demonstrated the effectiveness of exhaust gas recirculation (EGR) rate for preventing excessively high peak
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pressure rise rate (PPRR) and extending the RCCI mode to higher loads. Meanwhile, it was found that the

employment of gasoline/diesel dual-fuel RCCI mode at mid and high loads can maintain ultra-low NOy and soot

emissions, while the diesel LTC strategy with single fuel injection is more attractive for low load conditions.

Molina et al. [10] extended the RCCI operating range by employing a multiple direct-injection strategy

combined with the Miller cycle. At low load, the double injection strategy was used for managing the combustion

phasing and emissions. At high load, the injection shifts into a single injection for triggering the ignition and

maintaining mild combustion. Xu et al. [11, 12] optimized the key parameters of an RCCI engine couple with the the

variable valve timing (VVT) and variable compression ratio (VCR) strategies at various load conditions. The results

indicated that the Euro VI limit can be well maintained over the whole load range, whereas the trade-off of the NOy

and soot emissions at high load is difficult to solve. Mikulski et al. [13] found that early intake valve closing is

beneficial for the RCCI operation at high load, whereas retarding the intake valve opening timing can reduce

combustion losses.

Benajes et al. [14] indicated that 80% of the nominal operating range for conventional diesel engines can be

covered by the RCCI operation by employing appropriate fuel ratio, EGR rate, and intake temperature, while the

PPRR limit will not be surpassed. Based on that study, a dual-mode dual-fuel (DMDF) concept was proposed by

Benajes et al. [15]. In the DMDF concept, the combustion mode was shifted regarding the engine load. At low load,

the highly-premixed RCCI operation was employed for enhancing the engine efficiency and obtaining low levels of

emissions. At high load, the combustion mode was switched to diffusive combustion for slowing down the

combustion rate and meeting the engine mechanical restriction. Recently, a series of efforts were made for the

development of the DMDF concept, as summarized in Table 1.

Table. 1. A Summary of the main papers published on DMDF combustion mode
Reference Contents of the research Main Conclusions

Benajesetal. | The DMDF concept was proposed featuring | = The DMDF concept can fulfill the EURO

6



[15]
(2017)

that the combustion strategy changes as engine
load increases.

* At low loads with the indicated mean

effective pressure (IMEP) lower than 8 bar,

a fully premixed RCCI strategy is
employed;

*  When engine load rises up to 15 bar, the
combustion strategy is switched to highly
premixed RCCI mode;

* At full load operation, the diffusive dual-

fuel combustion is employed.

VI NOy limit up to 14 bar IMEP;

* Above 5 bar IMEP, the smoke emissions
exceed the EURO VI standards for diesel
engines, but the majority of the engine
map can fulfill the smoke levels below 1
FSN.

Benajes et al.
[16]
(2018)

Comparison of the performance and emissions
of two dual-mode combustion concepts over
different driving cycles using different fuel
combinations.

The dual-mode concept has a potential to be
implemented in flexible-fuel engines.

Garcia et al.
[17]
(2019)

Investigation of the effects of the octane
number of the low-reactivity fuel at
representative operating conditions over the
DMDF engine map.

The characteristics of the low-reactivity fuel
in the DMDF concept have a major impact on
the combustion evolution in a wide range of

engine load, speed, low-reactivity fuel
fraction, dilution level, and combustion
regime.

Macian et al.
[18]
(2019)

Investigation of the effect of the low-pressure
exhaust gas recirculation (LP-EGR) on the
gaseous and particle emissions of the DMDF
concept fueled with standard gasoline and
diesel.

* In the fully premixed RCCI mode, the
application of the LP-EGR results in high
hydrocarbon (HC) and carbon monoxide
(CO) emissions;

* For the other combustion modes in the
DMDF concept, a reduction of the

analyzed pollutants is demonstrated with

the employment of the LP-EGR

compared with the CDC mode.

Xuetal. [19]
(2020)

Optimization of the operating parameters
related to the intake condition and fuel
injection strategy for strengthening the engine
performance of the DMDF concept fueled with
gasoline and diesel fuel at various load
conditions.

Gross indicated thermal efficiency above
45% is achieved, and the NOyx and soot
emission can be maintained under the Euro

VI standard for the whole load range.

Garcia et al.
[20]
(2020)

Exploring the feasibility of using the fuel blend
of oxymethylene ether (OMEx) and diesel as
the high-reactivity fuel instead of pure diesel
in the DMDF concept for reducing the

The OMEx-diesel blends with an OMEy mass
content greater than 70% are able to meet the
Euro VI NOy standard with ultra-low soot
levels (< 0.01 g/kwh) up to 80% engine load.
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lifecycle CO, emission.

* The long injection durations of OMEy
resulted from its low lower heating value

is handled with the employment of the
; Exploration of suitable injector configuration
Garcia et al. L

and fuel injection strategy for the DMDF . .
[21] L . ° The trade-off relationship between
(2020) concept with diesel and OMEy respectively as

the high-reactivity fuels.

injectors with higher flow rate capacity.

engine-out emissions and the mixing
capacity of the injection system is solved,

while the engine performance is not

significantly affected.

Up to date, the DMDF strategy demonstrates superior advantages for balancing load extension and performance

improvement. It has been recognized as a promising dual-fuel combustion concept to satisfy future fuel consumption

and emission regulations [17]. However, for the current DMDF strategy, there still exist some aspects to be further

improved, among which the piston bowl geometry optimization is the most urgent. At present, the piston bowl

geometry for the DMDF strategy is empirically determined. It is well known that the piston bowl geometry can exert

significant influences on engine performance. Moreover, the interactions between the piston bowl structure and the

injection event are crucial for the fuel/air mixture formation and combustion event for the dual-fuel combustion mode.

Thus, the combined optimization of the piston bowl shape with the fuel injection parameters is needed to further

enhance the DMDF combustion characteristics.

Up to now, many investigations have been conducted for studying the effects of the piston bowl geometry and

searching for the optimal bowl shape for the engines with advanced combustion concepts. Dempsey et al. [22]

compared the traditional re-entrant type with a modified shallow type piston based on an RCCI engine fueled with

different fuel combinations. It was concluded that the shallow type piston yields better engine efficiency due to lower

heat transfer losses. Similar results were also reported by Park et al. [23] that the shallow type piston bowl can

contribute to a 35% improvement of the gross indicated thermal efficiency. Xu et al. [24] performed an investigation

to study the joint effects of the bowl shape and injection timing based on the partially premixed combustion (PPC)

8
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mode and homogeneous charge compression ignition (HCCI) mode. The results indicated that the piston with a

stepped-lip shape is favorable for solving the low-load cold start problem in terms of decreasing the intake

temperature requirement, which is owing to the fact that the fuel-rich regions can be produced in the stepped-lip

piston bowl. Moreover, it was found that the effect of spray/wall interaction is important when the combustion mode

shifts from HCCI to PPC. Nazemian et al. [25] optimized the piston bowl geometry of an RCCI engine by utilizing

CONVERGE software combined with the design of experiment (DOE) method based on the second law of

thermodynamics, and the effects of the main piston bowl shape parameters, including the piston bowl sizes, pip height,

and top land height on exergy destruction were discussed. It was reported that the influence of the bowl diameter and

bowl! depth were the most significant of the exhaust heat recovery. The optimization study performed by Lee et al.

[26] indicated that a 9% improvement of fuel consumption with simultaneously reduced NOx and soot emissions can

be attained with a shallow type piston bowl and a narrow injection angle for a gasoline/diesel dual-fuel engine.

From the above literature review, it is confirmed that further optimization of the piston bowl shape used for the

DMDF strategy can lead to potential improvements in fuel efficiency and engine-out emissions. Moreover, up to date,

there have been few studies reporting the piston bowl geometry optimization over a wide load range for the engines

with advanced combustion modes. Thus, in this study, the combined optimization of the piston bowl shape parameters

with the fuel injection strategy was conducted over a wide load range for the DMDF mode based on an improved

genetic algorithm integrated with the computational fluid dynamics (CFD) simulation. Then, the optimal piston bowl

shape coupled with the injection strategy was summarized at different loads. Furthermore, a correlation analysis was

conducted to investigate the sensitivity of engine performance to the geometric parameters and injection parameters,

which can guide the engine structure design.
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2. Computational Method

2.1. Generation of the Piston bowl geometry and computational mesh

In this study, the shape of the piston bowl is generally described using two straight lines (i.e., Line 1 and Line
2) and three circle curves (i.e., Curve 1, Curve 2, and Curve 3) according to the work of Badra et al. [27]. The straight
lines and circle curves are represented by the blue and red lines respectively in Fig. 1. It is comprehensible that the
shape is determined by the location of circles A, B, and C, as well as their common tangent lines. Thus, the
controllable parameters contain the X and Z locations of the circle center points A, B, and C, as well as the radius of
the three circles, i.e., Ra, Rpb, and Re. Compared with the traditional method, in which the piston bowl shape is
described by the Bezier Curve, the control variables are simplified, and the variable number is cut down to seven
with this method. In general, once the coordinates and the radius of the three circles are confirmed, the angles of «
and @ (see Fig. 1) can be determined. Thus, the point number and the coordinates of every single point on the piston

bow! shape line can be determined, and the piston bowl geometry can be described.

Cylinder
}:4xis Number of Control Points
n&=nytny+n n,=ny+ng+n
IR L AR Cylinder Head
n, n, ny ny ns 1 ng v
Curve 3,,:-1——_l
.4 Curve 1 i "
2 Ro f plec | Piston Head
i A Ra}\‘\ / i )
s T B - e
" Line 1\\ ; B R Line 2 H
A a'y b/
oo
Curve 2
o Raidial Direction

Fig. 1. lllustration of automatic generation of the piston bowl geometry.

The common piston bowl geometries widely used in previous studies for advanced combustion modes, including

the Open, Re-entrant, and Shallow piston bowl geometries, can be established using this method, as shown in Fig. 2.

Because the bowl shape is specifically determined by the size and location relationship of the three control circles, it

can be flexibly controlled by the variables shown in Fig. 1 for the optimization of the bowl shape. Fig. 3 illustrates

10



161  the computational mesh generation process. In this study, the computational mesh is generated using the pre-

162  processing tool for mesh establishment in the KIVA code. The input file for the pre-processing program is integrated

163  with the geometry generation code according to the shape input file, which includes the information of the three

164  control circles (i.e., circles A, B, and C). Among various generated meshes, the computational sector meshes of three

165  typical piston bowl geometries with the geometric compression ratio of 14.4 are shown in Fig. 2. It can be seen that

166  the computational sector meshes for the Open, Re-entrant, and Shallow piston bowls can be well generated.

167
(a) Open Type (b) Re-entrant Type (c) Shallow Type
168 Fig. 2. Common piston bowl types and corresponding computational meshes at top dead center.
169
A0, z,) R,
7 Control
Variables {B (X, 25) Ro
C (X, H-R,) R,
Shape Input File
J Geometry Generation Code
Mesh Input File
CFD Mesh Tool
| Computational Mesh |
170
171 Fig. 3. Computational mesh generation procedure.
172

173 2.2. CFD Model

174 The CFD calculation of this study was conducted using the open-source KIVA-3V code [28] for simulating the
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engine working process. Based on the framework of KIVA-3V, several improvements and updates about the sub-
models have been performed. The turbulence model improved by Wang et al. [29] was used for modeling the in-
cylinder flow. The improved models were used for modeling the spray impingement [30] and liquid film evolution
processes [31]. Moreover, the quasi-dimensional model for describing the vaporization processes of fuel droplets [32]
and liquid films [33] was integrated. Meanwhile, the wall heat transfer model [34], droplet collision model [35], and
droplet breakup model [36] were also contained in this CFD code. For dealing with the fuel chemistry, the KIVA-3V
code was coupled with the CHEMKIN solver [37]. Furthermore, the skeletal chemical mechanism constructed by
Chang et al. [38] was used for predicting the ignition and combustion characteristics of the fuel blends. The diesel
and gasoline fuel were represented by n-heptane and iso-octane, respectively. It should be noted that the above models

have been validated based on numerous experimental data in the previous works, e.g., Refs. [39, 40].

Table 2. Engine specifications

Bore (mm) 110.0

Stroke (mm) 135.0
Connecting rod length (mm) 212.5
Original compression ratio 14.4:1

Swirl Ratio 2.3

Direct fuel injection system Common rail
Number of nozzle holes 7

Spray angle (°) 75.0

Nozzle hole diameter (mm) 0.177

The computational model was validated ahead of the optimization study. Table 2 lists the detailed information
of the engine tested in this work. The validation was performed at a constant engine speed of 1200 rev/min with
different IMEP. Table 3 lists the basic conditions and the operating parameters of the validation cases. Table 4 lists
the the properties of the diesel and gasoline fuels tested in the experiment [15]. Fig. 4 illustrates the computational
mesh for the original DMDF combustion chamber, and the mesh is generated using the method mentioned above.

Fig. 5 illustrates the comparison of the simulated and experimental in-cylinder pressure and heat release rate (HRR)

12



194 traces for five test cases with different IMEP. The comparison results show that the simulated traces can well match

195  with the measurements of Benajes et al. [15]. This indicates that the simulation with the generated computational

196  mesh can accurately reproduce the combustion process of the DMDF mode at different loads.

197
198 Table 3. Basic conditions of the validation cases.
IMEP (bar) 5.9 9.9 11.9 17.3 22.6
Pive (bar) 1.60 2.29 2.32 3.01 3.09
Tive (K) 332.6 329.1 347.9 332.2 356.1
EGR rate (%) 19.7 55.5 50.2 45.1 31.0
SOI1 (°CAATDC) -48.0 -50.0 -45.0 - -
SOI2 (°CAATDC) -41.9 4.4 -5.0 0.0 6.0
Total fuel flow (mg/cycle) 35.5 65.2 81.1 116.9 145.3
Diesel flow (mg/cycle) 31.8 62.3 50.4 52.9 49.3
Gasoline flow (mg/cycle) 3.7 2.9 30.7 64.0 96.0
199
200 Table 4. Properties of the diesel and gasoline fuels
Diesel Gasoline
Density (kg/m?) @ T=288.15 K 824 720
Viscosity (mm?/s) @ T=313.15 K 2.8 -
Research Octane Number (-) - 95
Motor Octane Number (-) - 85
Cetane Number (-) 51 -
Lower Heating Value (kJ/kg) 42.92 42.40
201
202
203 Fig. 4. Computational mesh for the original DMDF combustion chamber.
204
205 Fig. 6 shows comparisons of HC, CO, NOy and soot emissions between simulation and experiment. It is found

206  that the overall variation trend with varying IMEP can be well captured for the four emissions. However, the

207  discrepancies in magnitude still exist between the simulated and experimental emission levels. This is primarily

208  owing to the complexity of the in-cylinder flow and fuel/air mixing process, the imperfection of the chemical
13



209  mechanism [41], and the measurement uncertainties [3]. Since the main task of the simulation tool of this study can
210  be qualified by the capability of predicting the emission variation trend as a specific operating parameter changes,

211  the computational model and mesh can be employed for the optimization study in the following work.
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220  2.3. Optimization method
221 In this study, the optimization of the piston bowl geometry coupled with the injection strategy involves a
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considerable number of variables. In order to realize the multi-variable multi-objective optimization and
simultaneously minimize the fuel consumption and engine-out emissions, the non-dominated sorting genetic
algorithm 11 (NSGA-I1I) [42] was utilized. The flowchart of the optimization procedure is illustrated in Fig. 7. The
global numerical system contains two parts, i.e., the optimization part using GA and the CFD part using KIVA. The
GA code is coupled with the KIVA code containing the geometry generation code. In the optimization calculation,
the GA code generates the shape input and CFD input files. The geometry generation code is in charge of exporting
the mesh input file, which is the input file for the meshing program to create the computational mesh. CFD calculation
is performed with the CFD input file and the computational mesh. GA code analyzes the CFD calculation results of

each citizen and generates new data for the next generation calculation.
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Fig. 7. Hllustration of the optimization computation process.

Considering the increased number of variables, the initial population size needs to be enlarged to keep the

diversity of the optimal solutions in the GA calculation. In this study, the initialization of the citizens for the first

generation is improved by introducing the Sobol sequence sampling method [43] instead of the traditional random

sampling method used in NSGA-II. Fig. 8 shows the distributions of the random samples and Sobol samples with a

constant sample number of 250 in a two-dimensional variable coordinate. It can be found that the distribution of the

Sobol samples is more uniform than that of the random samples. This indicates that the Sobol sequence sampling
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method can provide a better uniformity for the multi-dimensional variables by sufficiently covering the whole

variation ranges of the variables under the conditions with limited population size. Therefore, the introduction of the

Sobol sequence sampling method in this study is aiming at including more possible cases and searching for the global

optimal solutions more effectively, and a relatively small population size can be utilized simultaneously for saving

computational resources.

(a) Random Samples (b) Sobol Samples
10 —e . . . 10 . .
'. P ¢ " e R Y b 0,0,% T 0.0t e, o TV e e *
Pefs | e oee. * SRR IO P R
% 081 - 4% g—f'—i— - - ’*”."6*"6"‘” 'g O.B-**.*3‘.**(;*;#‘1’*;**.!'0’.***.* %
8 P % (e’ @ o : %Y gt 2 et ® o.'.'l * e o @ : Y -
| r e L] — . @
© 0.6-——;'.';:"—’«--%--“ --+'-"i"u“".—“.“.' T 064 e —‘4—.—’—-‘-.4‘,';_'—.—.! —.—.—.-f-lo-—‘——“
z O ‘ql‘oo e, ‘b o 50." i c e, ";.od ':o.: ';.ooo
1 | I L - | . | . _®
Eooafe- 2o ‘—7;1'—4—'—1,4—.—7—,‘— 2 0.4-3-—'4—7—wol71.‘1—7;‘1’*.*.*;*3”.*
g '0 ..:' ‘030\ 3' 0: * N :.' * g i '.:‘. e e ‘.‘Q. 2% o' .‘.'
Qe [ * e LI
G g2f*%%, 'L‘,,,,,f,,,,,l,‘?,.,.l!.{.,f = 0.2_,:,:,!Lg,:,,3,3,‘14'1!,1.4‘.,!,‘,,
z .‘.I .’..\ & .o ‘\. .o z 3 e e ** o9 . Q....
| (] [ 1 2™ ‘sg . P e o e J g ® - -
S ¢ L afsds T L0 00 e tete, a0t 4 Qe
0.0 4 & . ; g - ! s ; : } :
00 0.2 04 0.6 0. 1.0 0.0 02 04 06 08 1.0
Normalized Variable A Normalized Variable A

Fig. 8. Comparison of random samples and Sobol samples.

3. Results and Discussion
3.1. Global optimization results

In a previous study from the authors [19], based on the diesel/gasoline DMDF combustion concept, the operating
parameters related to the injection strategy and the air intake conditions were optimized to enhance the engine
performance (i.e., Step 1 optimization). A total of seven operating parameters with crucial influences were chosen as
the variables at three different loads in the previous study. Since the injection/wall interaction plays a critical role in
the fuel/air mixture formation, the optimization of the injection parameters cooperated with the piston bowl geometry
was further conducted at different load conditions in this study (i.e., Step 2 optimization). The aim is to search for
the most suitable piston bowl shape for the DMDF combustion mode over a wide load range. A total of 14 parameters
were considered in the present work, including seven geometric parameters and seven engine operating parameters.

The optimization specifications are listed in Table 5.
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Table 5. Optimization specifications

Parameter Range
Premix Ratio (0.0, 1.0
SOI1 (*CAATDC) (-80.0, 10.0)
SOI2 (*CAATDC) (SOl1, 10.0)
MF1 (0.0, 1.0)
Spray angle (°) (15, 85)
Injection Pressure (MPa) | (50, 180)
Variables Compression Ratio (12.0, 18.0)
Normalized Z, (0.0, 1.0)
Normalized Z, (0.0, 1.0)
Normalized Xp 0.0, 1.0)
Normalized X (0.0, 1.0)
Normalized Ra 0.0, 1.0)
Normalized Ry 0.0, 1.0)
Normalized R¢ (0.0, 1.0)
EISFC (g/kWh) <250.0
Tmax (K) >1100.0
NOx (9/kWh) <0.4
Constraints | soot (g/kWh) <0.01
PPRR (bar/°CA) <15.0
Pmax (MPa) <20.0
RI (MW/m?) <10.0

Table 6. Initial conditions at IVC timing at each load.

Low Mid High
Pive (bar) 151 1.99 3.30
Tive (K) 392.2 306.1 3155
EGR (%) 6.5 6.5 31.0

The seven geometric parameters are normalized Za, Zp, Xb, Xc, Ra, Ro, and Rc, which determine the piston bowl

shape, as illustrated in Figs. 1 and 2. The variation ranges of the geometric parameters are all from 0.0 to 1.0. The

operating parameters relating to the direct fuel injection event include the two injection timings (i.e., SOI1 and SOI2),

injection pressure (i.e., pinj), mass fraction of the first injection (i.e., MF1), and spray angle (SA). The variation ranges

of the injection parameters can be found in Table 5. The SA is equal to a half of the injection plume included angle.

Moreover, the premix ratio (i.e., PR) of gasoline fuel and geometric compression ratio (i.e., GCR) were also included

in the variables to be optimized. In the engine simulations, the squish height was adjusted to match the desired GCR.
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During the optimization process, the equivalent indicated specific fuel consumption (EISFC), NOy, and soot
emissions are selected as the objectives to urge the populations into the pleasant fuel economy and low-emission
orientation. Meanwhile, several constraints are taken into consideration in order to guarantee the rationality of the
optimal cases. In the optimization calculation, the peak in-cylinder temperature is kept above 1100 K to avoid misfire.
For forbidding rough engine operations, the maximum in-cylinder pressure (pmax), ringing intensity (RI), and PPRR
are limited under 19.0 MPa, 10 MW/m?, and 15.0 bar/°CA, respectively [15]. The EISFC is restricted under 250
g/kWh to ensure satisfactory fuel economy, while the NOx and soot emission limits are set according to the Euro VI
regulations (i.e., 0.4 and 0.01 g/kWh, respectively). Moreover, the operating loads for optimization are located at 5.9,
11.9, and 22.6 bar, which are chosen from the baseline cases validated in Section 2.2. According to our previous
study, the optimized air intake conditions including the initial temperature (Tivc) and pressure (pive) at IVC timing, as
well as the EGR rate, are used in this work. Table 6 lists the setup of the initial conditions at the I\VC timing for the
optimization calculation at the three loads.

The optimization results of the present study are first compared with the previous optimization results to
demonstrate the improvements gained from the piston bowl geometry optimization. Fig. 9 shows the evolution of the
EISFC and NOy emissions for all the generated cases in the population at the various loads. The yellow and blue
symbols represent the generated cases in the previous optimization (i.e., Step 1 optimization) and the present
optimization (i.e., Step 2 optimization), respectively. Each case is colored by the generation number. A deeper color
denotes a higher optimization degree. From the comparison of the Step 1 optimization to the Step 2 optimization, it
can be found that EISFC is further decreased after the piston bowl geometry optimization while NOx emissions can
still meet the Euro VI limit. The soot emissions of the optimal cases (i.e., the deeper-color symbols) are also below
the Euro VI limit, which is not illustrated in Fig. 9 due to space limitation. This well demonstrates the improvement

of fuel economy without sacrificing the engine-out emissions in the Step 2 optimization. Overall, the above results
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294  indicate that the piston bowl geometry optimization further enhances the performance of the DMDF combustion

295 mode at different loads.
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299 Fig. 9. Evolution of the EISFC and NOy emissions during the optimization at different loads.
300
301 Fig. 10 shows the comparison of the piston bowl shapes obtained during the optimization process at different

302  loads. The dashed black line represents the baseline piston bowl shape for the DMDF mode [15]. The dashed grey
303 line represents the top dead center position. The solid grey lines denote all the piston bow! profiles generated from
304  the genetic algorithm. In this section, the cases with competitive fuel efficiency while meeting the Euro VI standards
305  of the NOy and soot emissions are chosen as the optimal cases at each load. Furthermore, in order to provide more
306  options for the DMDF piston bowl geometry design, among the optimal piston bowls, two typical shapes with
307  distinguishing geometric characteristics are picked up to represent the optimal piston geometry at each load. The
308 selected optimal cases are named as Low-A and Low-B for low load, Mid-A and Mid-B for mid load, and High-A

309  and High-B for high load. As shown in Fig. 10, the optimal shapes are represented by the orange and blue lines.
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Fig. 10 Generated piston bowl shapes and typical optimal piston bowl shapes in the optimization at different loads.

It is seen from Fig. 10 that the optimal bowl geometries at low and mid loads contain both the open type and re-
entrant type bowl, whereas the high load only contains the open type bowl. At low load, the optimal re-entrant type
bowl (i.e., case Low-B) features a smaller bowl width, while the optimal open type piston bowl (i.e., case Low-A)
features a similar bowl width compared with the baseline piston bowl, as shown in Fig. 10(a). At mid load, the optimal
open type piston bowl (i.e., case Mid-A) characterizes a relatively larger bowl width and smaller bowl depth, while
the optimal re-entrant type bowl (i.e., case Mid-B) characterizes a relatively smaller bowl width and larger bowl
depth, as shown in Fig. 10(b). At high load, the two optimal cases feature a smaller bowl width (i.e., case High-A)
and a larger bowl width (i.e., case High-B), respectively. Meanwhile, both of the two optimal cases at high load
exhibit larger bowl depth compared with the baseline piston geometry, as shown in Fig. 10(c).

In order to demonstrate the engine improvements using the optimal piston bowl shapes, the optimal cases are
compared to the previous optimal cases and the baseline cases in terms of fuel efficiency, NOx and soot emissions,
as shown in Fig. 11. The grey bars and symbols represent the baseline cases and the optimal cases from the previous
optimization (i.e., Step 1 optimization). The orange and blue bars and symbols represent the optimal cases from the
piston bowl geometry optimization (i.e., Step 2 optimization). The left figures illustrate the comparisons of thermal
efficiency, and the right figures provide the comparisons for NOx and soot emissions. As depicted in the left sub-
figures of Fig. 11, significant improvement can be found for the thermal efficiency with the previous optimization

(i.e., Step 1) at the three loads. After optimizing the piston bowl shape combined with the injection parameters (i.e.,
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Step 2), the thermal efficiency is further improved. The thermal efficiency is increased up to 1.4%, 4.4%, and 1.4%

for the low, mid, and high loads, respectively. It is worth noting that an indicated thermal efficiency up to 51.8% can

be realized at mid load with the combined optimization. This well demonstrates the benefit gained for fuel economy

from the piston bowl geometry optimization.
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Fig. 11. Comparisons of thermal efficiency, NOx emissions, and soot emissions among the baseline cases and the
optimal cases in Step 1 and Step 2 optimizations.

As for the right sub-figures of Fig. 11, both the NOyx and soot emissions are continuously decreased after Step 1

and Step 2 optimizations at high load. At low and mid loads, the improvements of NOx and soot emissions for Step

2 optimization are not as significant as those for Step 1 optimization, but either NOy or soot emissions can still be

further decreased to some extent after Step 2 optimization compared to the cases of Step 1 optimization. For both the

optimal cases, the NOy and soot emissions can meet the Euro VI limits. Thus, it is concluded that the thermal

efficiency can be significantly improved with the piston bowl geometry optimization without sacrificing NOy and

soot emissions.
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Fig. 12. lllustration of the energy fractions of optimal cases and baseline cases.

Furthermore, the energy analysis was conducted for investigating fuel efficiency benefits. As illustrated in Fig.
12, the energy fractions of the optimal cases in Step 2 optimization are compared with those of the previous optimal
cases in Step 1 optimization. The bar colored by grey represents the previous optimal case while the other two
represent the optimal cases from the piston bowl geometry optimization at each load. According to the first law of
thermodynamics, the total input fuel energy is transferred into four parts during the combustion process, including
output work, heat transfer losses, exhaust losses, and incomplete combustion (i.e., combustion losses), as shown in
Fig. 12. It is noted that the energy fraction of output work is directly related to the thermal efficiency depicted in Fig.
11. It can be seen from Fig. 12 that the purple bars are not obviously visible, which is due to the fact that the
combustion losses are relatively low (less than 1%) under the whole load range. This is because that a majority of
HC and CO emissions are reduced by the oxidation reactions in the late combustion stage. Thus, the engine-out
emission levels of HC and CO are low. From the comparison of the optimal cases from the piston bowl geometry
optimization with those from the previous optimization, it can be found that the improvement of the output work (i.e.,
thermal efficiency) is mainly resulted from the decrease of the heat transfer losses at low and high loads. At mid load,
the decreases of both the heat transfer losses and combustion losses contribute to the improvement of output work.

This demonstrates the benefits of thermal efficiency gained from the piston bowl geometry optimization.
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Fig. 13. Comparison of the in-cylinder pressure, HRR, temperature, and heat transfer rate (HTR) traces between the
optimal cases.

Furthermore, the combustion process of the optimal cases is analyzed in detail for further explaining the

improved performance after the piston bowl geometry optimization. Fig. 13 depicts the in-cylinder pressure,

temperature, HRR, and heat transfer rate (HTR) traces of the optimal cases. Overall, from the comparisons of the

pressure, temperature, and HRR, it is found that the traces at each load are very similar, especially for the high load

condition, in spite of slight differences existing in the combustion phasing between the different optimal cases. This

indicates that the different optimal cases exhibits similar combustion characteristics at each load. In terms of the

comparison of the three loads, the combustion phasing is found to be retarded with increasing load, which is

consistent with previous results [11, 19]. This is mainly aiming at controlling ringing intensity and preventing the

engine knock. It can be seen from the denoted PPRR in Fig. 13 that at mid and high loads, by managing the

combustion process and combustion phasing, the PPRR can meet the limit of 15 bar/°CA. At low load, although a

relatively advanced combustion phasing is presented, the PPRR is still under the limit since the released fuel energy

is much lower than those of mid and high loads.
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Moreover, in order to understand the heat transfer process, the heat transfer rate (HTR) traces of the optimal
cases at each load are also illustrated in Fig. 13. By comparing the HTR traces at each load, the differences in the
heat transfer losses (see Fig. 12) can be explained. It can be found that the global HTR of cases Low-B, Mid-B, and
High-A is higher than that of cases Low-A, Mid-A, and High-B, respectively. Thus, the heat transfer losses of cases
Low-B, Mid-B, and High-A are relatively higher. However, the heat transfer process cannot be simply explained by
the evolution of the global in-cylinder temperature since the piston bowl geometry and the combustion occurrence

location also play critical roles. Thus, this will be explained in the following section.

3.2. Typical optimal piston bowl geometry and corresponding injection strategy

In this section, the optimal piston bowl shape coupled with the corresponding fuel injection strategy is
summarized at each load. Table 7 lists the operating parameters of each optimal cases. Meanwhile, the fuel injection
event and the fuel/air mixture formation process are analyzed as well. Fig. 14 shows the liquid fuel distribution after
injection timing and the equivalence ratio distribution before ignition for cases Low-A and Low-B. As mentioned
above, the optimal bowl shape for case Low-A is open type, while the optimal bowl shape for case Low-B is re-
entrant type. Besides, as listed in Table 7, both of the two optimal cases utilize a similar compression ratio with that

of the original engine setup (i.e., 14.4) [15].

Table 7. Operating parameters of the optimal cases.
Low-A  Low-B Mid-A Mid-B High-A  High-B

CR 14.6 14.7 16.7 15.8 14.0 13.8
PR 97% 97% 90% 76% 96% 96%
Pinj (MPa) 167 101 140 162 176 175
SOI1 (°CAATDC)  -57 -51 -56 -79 -28 -26
SOI2 (°CAATDC) - - -51 -60 -15 -18

As for the fuel injection strategy, only the cases with the single injection strategy are retained in the genetic

algorithm optimization at low load. By comparing Figs. 14(al) and 14(b1), it is found that case Low-A is coupled
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with a relatively wider spray angle (SA) of 84.6°. In contrast with case Low-A, case Low-B is coupled with a

relatively narrower SA of 76.2°, which is similar to that of the original experimental setup (i.e., 75°) [15]. Figs. 14(a2)

and 14(b2) illustrate the in-cylinder equivalence ratio distributions before ignition for cases Low-A and Low-B,

respectively. From the comparison, it can be found that the high fuel concentration locations of the two cases are

similar, which is owing to the combined effects of the piston bowl geometry and the fuel injection event. As can be

seen, a stronger tumble flow is organized in the re-entrant piston bowl geometry in contrast to the open type bowl,

which is also indicated by Miles and Andersson [44], as well as Lee et al. [45]. This results in larger flow velocity

around the cylinder head and the piston wall near top dead center (TDC) for case Low-B. Thus, although a relatively

lower injection pressure (pinj) and a later SOI timing are employed for case Low-B, the injected fuel can also

propagate to the similar location as that of case Low-A.

(a1) After Fuel Injection (a2) Before Ignition
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0.45
0.40
Low-A 035
0.30
- 0.25
Weak Tumble Flow
Time: -55 °CA ATDC Time: -2 °CA ATDC
(b1) After Fuel Injection (b2) Before Ignition
Equivalence
Ratio
045
040
Low-B 035
0.30
0.26
Strong Tumble Flow
Time: -49 "CA ATDC Time: -2 °CA ATDC

Fig. 14. lllustration of the optimal piston bowl shape, fuel injection and the fuel/air mixture formation at low load.

Fig. 15 depicts the liquid fuel distribution after injection timing and the equivalence ratio distribution before

ignition for the optimal cases at mid load (i.e., cases Mid-A and Mid-B). The shallow open piston bowl of case Mid-

A is coupled with a relatively wider SA and lower injection pressure, as well as later fuel injection timings. On the

contrary, the deep re-entrant piston bowl of case Mid-B is integrated with a relatively narrower SA and higher
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injection pressure, as well as earlier fuel injection timings. For case Mid-A, due to the lower pi,j and wider SA
compared to that of case Mid-B, the fuel spray penetration is relatively shorter, and the fuel mainly concentrates near
the cylinder head, as shown in Fig. 15(a3), which is similar to the situation at low load. For case Mid-B, owing to the
higher pinj and earlier fuel injection timings, the fuel penetration spray is much longer, which takes more fuel into the
squish region. However, the strong squish flow in case Mid-B brings most of the injected fuel back into the bowl
region, as shown in Fig. 15(b3). Meanwhile, the strong tumble flow resulted from the deep piston bowl geometry is
helpful for the fuel/air mixing in case Mid-B with the employment of more injected fuel. Furthermore, as listed in
Table 4, relatively higher CRs are employed in cases Mid-A and Mid-B for strengthening fuel efficiency. Thus, a
significant improvement in thermal efficiency can be seen in Fig. 11. Meanwhile, with the help of lower initial

temperature (see Table 3), the combustion phasing can be well controlled and the PPRR limit is maintained at mid

load.
(al) After SO (a2) After SOI2 (a3) Before Ignition .
Equivalence
T Ratio
A 824 0.60
0.55
. SOI1: -56 °CA SOI2: -51 °CA 050
Mid-A M -7 m M, 1 mg 045
ni g
040
Weak Tumble Flow 035
\f -
Time: -54 °CA ATDC Time: -49 °CA ATDC Time: -2 °CA ATDC
(b1) After SO (b2) After SCI2 (b3) Before Ignition Equivalence
= . Ratio
. Squish Flow
/SAr. ; e A R R | 0.60
60.2“ ‘ 0.55
0.50
SOI1:-79 °CA SOI2: -60.°CA g:ﬁ
M7 mg M. 10mg 0'35
MId_B Strong Tumble Flow 030
Time: -2 °CA ATDC
\r Time: -58 °CA ATDC
Time: -77 °CA ATDC

Fig. 15. lllustration of the optimal piston bowl shape, fuel injection and the fuel/air mixture formation at mid load.

As for high load, as shown in Fig. 16, both cases High-A and High-B employ the open type piston bowl. The
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difference is that case High-A utilizes a deep-narrow bowl geometry, while case High-B employs a shallow-wide

open bowl geometry. Moreover, case High-A is coupled with a narrower SA, whereas case High-B uses a wider SA.

In terms of fuel injection timings, both of the SOI1 and SOI2 timings of cases High-A and High-B are retarded

compared with those of the optimal cases at low and mid loads. This is for avoiding advanced ignition, which can

lead to high pressure rise rate and consequently engine knock at high load. Meanwhile, the relatively lower

compression ratio employed by cases High-A and High-B (see Table 4) is also beneficial for controlling the PPRR.

In such a way, a large fraction of gasoline can be premixed for the DMDF combustion mode at high load without

exceeding the PPRR limit. Therefore, as shown in Table 4, the premix ratio of cases High-A and High-B can be

increased to an equivalent level as that of mid and low loads. This is helpful for controlling the NOx and soot

emissions owing to the premixed combustion enhancement.

(a1) After SO (a2) After SOI2 (a3) Before Ignition Equivalence
Ratio
- 1.0
< 80I2:-15°CA

:1mg 0.8

0.8

High-A 07

0.6

0.5

0.4

Time: -26 °CA ATDC Time: -13 °CA ATDC Time: -2 °CA ATDC

(b1) After SO (b2) After SOI2 (b3) Before Ignition
Equivalence
Ratio

e e 1.0

SA: 7550 08

: SON:-26 °CA 08
High-B M1 07
AL 06

0.5

0.4

Time: -24 °CA ATDC Time: -16 °CA ATDC Time: -2 °CA ATDC

Fig. 16. lllustration of the optimal piston bowl shape, fuel injection and the fuel/air mixture formation at high load.

The late injection timings combined with the less injected fuel mass result in shorter fuel penetrations for cases

High-Aand High-B. Moreover, although the injection pressure is higher than lower loads (see Table 4), the increasing

in-cylinder charge density resulted from the higher intake pressure at high load (see Table 3) restricts the propagation

of the injected diesel fuel. Thus, the injected fuel mainly concentrates around the injection nozzle region, as shown
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in Figs. 16(a3) and 16(b3). Furthermore, from the comparison of the flow field of cases High-A and High-B, it is

confirmed again that the deep and narrow bowl geometry can produce strong tumble flow compared with the shallow

and wide piston geometry.

(a) Low-A (b} Low-B
i
Homogeneous i Homogeneous
f
il
Time: 2 °CA ATDC
Time: 1 *CA ATDC
Equivalence Ratio Temperature (K) Equivalence Ratio Temperature (K)
025 030 035 040 045 800 1000 1200 1400 1600 1800 2000 025 030 035 040 045 800 1000 1200 1400 1600 1800 2000

Fig. 17. In-cylinder equivalence ratio and temperature distributions at CA50 for cases Low-A and Low-B.

In order to further investigate the combustion characteristics of the optimal cases, the in-cylinder temperature

and equivalence ratio distributions during the combustion process are further analyzed in this section. Figs. 17 to 19

depicts the in-cylinder temperature and equivalence ratio distributions at the time of 50% burning point (CA50) for

the optimal cases of low, mid, and high loads, respectively. It can be found that the locations of the high fuel vapor

concentration and the combustion occurrence are directly related to the fuel distribution pattern before ignition shown

in the above figures, which is determined by the joint effects of piston bowl geometry and fuel injection strategy. As

shown in Fig. 17, since the direct-injected fuel mass is lower, and a majority of fuel is premixed in the intake port,

both cases Low-A and Low-B exhibit a homogeneous equivalence ratio distribution. This leads to the corresponding

homogeneous combustion characteristics for both the optimal cases, which is helpful for the NOx and soot emission

control. This is consistent with the previous results at low load operation [19].

(a) Mid-A Near Cylinder Head (b) Mid-B

S Time: 6°CA ATDC
Time: 8°CA ATDC ! Close to

Bowl Surface

Equivalence Ratio Temperature (K) Equivalence Ratio Temperature (K)
I il | i [0
030 0.35 0.40 0.45 0.50 800 1000 1200 1400 1600 1800 2000 030 035 0.40 0.45 050 800 1000 1200 1400 1600 1800 2000

Fig. 18. In-cylinder equivalence ratio and temperature distributions at CA50 for cases Mid-A and Mid-B.
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At mid load, with the increase of the injected fuel mass, the local equivalence ratio concentration is increased

compared with the low load, as seen in Fig. 18. For case Mid-A, consistently with the low-load optimal cases, a high

premix ratio (see Table 4) is utilized for enhancing the premix combustion, leading to pleasant NOx and soot

emissions. For case Mid-B, although a higher direct-injected diesel fuel mass (i.e., lower premix ratio) is employed,

the local equivalence ratio concentration is lower than that of case Mid-A. This is because that the optimized deep

re-entrant piston bowl geometry of case Mid-B produces a stronger tumble flow within the bowl region, leading to

more sufficient premixing of the injected fuel with the in-cylinder charge before the combustion occurs. Thus, the

Euro VI emission limits for the NOy and soot emissions can also be maintained for case Mid-B. Moreover, consistent

with the vapor distribution of the direct-injected diesel fuel before ignition (see Fig. 15), the combustion occurrence

location is near the cylinder head and close to the bow! surface for case Mid-A and case Mid-B, respectively.

At high load, although the injected mass is not further increased, the local equivalence ratio concentration is

considerably elevated for the optimal cases, as illustrated in Fig. 19. This is mainly due to the shorter fuel spray

penetration resulted from the later fuel injection timing and the increased in-cylinder charge density. Correspondingly,

the combustion occurs near the cylinder axis region, which places the high-temperature region away from the piston

bow! surface or the cylinder wall during the combustion phasing.

(a) High-A Around Cylinder Axis (b) High-B Around Cylinder Axis
Time: 1\‘;\) Time: 15 °CA ATDC ! :
Equtva!ence Ratio Temperature (K) Equwva[ence Ratio Temperalure (K)
| [
04 05 06 07 08 09 1.0 800 1000 1200 1400 1600 1800 2000 04 05 06 07 08 09 10 800 1000 1200 1400 1600 1800 2000

Fig. 19. In-cylinder equivalence ratio and temperature distributions at CA50 for cases High-A and High-B.

Moreover, the differences existing in the energy fraction of the heat transfer losses (see Fig. 12) between the

optimal cases at each load can be further explained in this section. At low load, it is easy to find that the re-entrant

type bowl of case Low-B exhibits a larger surface area compared with the open type bowl. Thus, although there is
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no obvious difference in the combustion temperature between cases Low-A and Low-B, the heat transfer energy
fraction of case Low-B is higher than that of case Low-A due to the larger heat transfer area. Similarly, at mid load,
the deep re-entrant piston bowl of case Mid-B yields a larger heat transfer surface. Meanwhile, for case Mid-B, the
high-temperature region is closer to the bowl surface. Therefore, the heat transfer energy fraction is higher for case
Mid-B than case Mid-A. At high load, as mentioned above, the high-temperature regions are away from the bowl
surface for both the two optimal cases. This is beneficial for reducing heat transfer losses. Moreover, although the
two optimal cases at high load employ the open type piston bowl, the heat transfer surface area of case High-B is
smaller due to the opener and wider bowl geometry. Thus, the heat transfer energy fraction of case High-B is slightly

higher than that of case High-A (see Fig. 12).

3.3. Correlation analysis

From the above discussion, it can be summarized that the in-cylinder fuel/air mixture formation and combustion
processes are affected by the piston bowl geometry and the fuel injection strategy simultaneously. Thus, the
performance of the DMDF combustion mode directly depends on the combined effects of the geometric parameters
and the fuel injection parameters. For further understanding the influences of these parameters on the DMDF
combustion mode, a correlation analysis was conducted to investigate the sensitivity of the engine performance to
the various parameters at each load in this section. It is noted that 14 parameters were considered as the optimization
variables in this study, which results in the significant complexity of the correlation analysis. Fortunately, a large
number of cases (i.e., citizens) were generated in the GA calculation process. In addition, with the introduction of the
Sobol sequence sampling method for GA in this study, the distribution uniformity for the multi-dimensional variables
of the numerous cases can be ensured, which provides a high-quality database for the correlation analysis in this
section. The aim of the correlation analysis is to investigate the influence weight of each input parameter to the

performance parameter including emissions for the DMDF concept.
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Before the correlation analysis, the seven geometric parameters (see Fig. 3) were cut down and transferred into
four key parameters for simplifying the analysis complexity. Fig. 20 depicts the definitions of the four new geometric
parameters, including Depthl, Depth2, Width, and Open Extent (OE). The variable of Width is defined as the distance
from the cylinder axis to the right edge of the piston bowl. Moreover, as indicated in Fig. 1, the piston bowl profile
consists of two lines and three circle curves. The type of the piston bowl is directly determined by the orientation of
Line2. Thus, in this section, a new parameter, i.e., Open Extent, is introduced to describe the piston bowl type. The
definition of Open Extent can be found in Fig. 20, which is equal to the ratio of R1 to R2 where R1 and R2 are the
distances from the cylinder axis to the endpoints of Line2. Overall, the four new geometric parameters can well reflect

the piston bowl characteristics.

Cylinder (a) Open Type Cylinder (b) Re-entrant Type
Axis Axis
Bore/2 Bore/2
"""" Cylinder Head T R
IM
) P R1[“ S A
Depth1 \ | Piston Top Depthi |
! R2 N\ ;
VVine2 | Pepih2 ’
v
Width
Width
Open Extent (OE)=R1/R2 (>1) Open Extent (OE)=R1/R2 (<1)
o Radial Direction o Radial Direction

Fig. 20. Hlustration of the key parameters for describing the bowl geometry of different types.

Subsequently, the correlation analysis was conducted between the input parameters and the performance
parameters. The input parameters contain the four new geometric parameters and five injection parameters, including
the SOI1, SOI2, MF1, SA, and pii. The performance parameters contain the energy fractions of heat transfer losses
(HTL) and combustion losses (CL), as well as the NOx and soot emissions, which can reflect the combustion and
emission characteristics of the DMDF engine. In this study, the correlation analysis is performed based on the
Spearman Rank Correlation (SRC) coefficient [46]. This method is capable of providing the statistical relevance

between the model input parameters and the target output parameters, and it has been widely used in engineering
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applications [47-49]. The SRC coefficient is defined as

COV(ReRS
— 1)

SRC= 4, Fre
where x and y respectively represent the input and target output parameters, Ry and Ry respectively denote the rank

values of parameters x and y, COV(R¢ R¢) is the covariance of Rx and Ry, and orx and ory represent the standard
deviations of Ry and Ry. In this study, the samples are chosen from the citizens generated in the GA calculation. After
excluding the unreasonable cases with deteriorated combustion efficiency or rough engine operations, around 500
effective cases are retained as the samples for the correlation analysis at each load.

Figs. 21 to 23 illustrate the SRC coefficient of each input parameter to each performance parameter at low, mid,
and high loads, respectively. In each figure, the left and right parts depict the SRC coefficient of the geometric
parameters and the injection parameters, respectively. The range of the SRC coefficient is from —1.0 to 1.0. The
impact of the input parameters on the performance parameters or the sensitivity of the performance parameters to the
input parameters can be quantitatively described by the absolute value of the SRC coefficient. Furthermore, as shown
in Figs. 21 to 23, the sum of the SRC coefficient can reflect the total contributions of the geometric or injection
parameters to a single performance parameter.

As illustrated in Fig. 21, at low load, for NOx and soot emissions, the effects of the injection parameters are
more significant compared to the geometric parameters. On the contrary, for heat transfer losses (HTL), the geometric
parameters exert more obvious influences. As for the combustion losses (CL), the effects of the geometric parameters
are equivalent to those of the injection parameters. At mid load, it is seen from Fig. 22 the sensitivity of the soot
emissions and HTL to the input parameters increases, especially for the geometric parameters. For the NOx emissions
and CL, the injection parameters still play more important roles in contrast to the geometric parameters. At high load,
it is seen from Fig. 23 the sensitivity of the performance parameters to the injection parameters increase globally. The

total SRC coefficients of the geometric parameters for the performance parameters are all lower than those of the
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injection parameters, except for HTL. This indicates that the fuel injection event becomes more crucial for managing

the engine performance as load increases. Over the whole load range, among the injection parameters, the fuel

injection timings and injection pressure contribute more significant influence to the performance parameters.

Overall, from the comparison results of Figs. 21 to 23, the sensitivity of the performance parameters at different

loads can be summarized. For HTL, the geometric parameters contribute more significant effects than the injection

parameters for all loads, although the sensitivity to the injection parameters is increased with at higher load. For CL,

the effects of the geometric parameters are equivalent to those of the injection parameters at low load. With load

increasing, the sensitivity of CL to the geometric parameters decreases, whereas the injection parameters still

contribute obvious influences to the CL at mid and high loads. In terms of the emissions, the NOx emissions are more

sensitive to the injection parameters than the geometric parameters over the whole load range. As for the soot

emissions, the influences of both the injection and geometric parameters become more significant as load increases.

Thus, it can be summarized that for HTL, CL, and soot emissions, the sensitivity to the injection parameters is lower

at low load and is higher at mid and high loads. For the NOx emissions, the sensitivity to the injection parameters is

lower at low and mid loads. By contrast, at high load, the sensitivity of the NOx emissions to the injection parameters

is relatively higher. Overall, it can be concluded that the fuel injection event becomes more important for managing

the engine performance and emissions as load increases

Moreover, the key individual input parameters with crucial influences on the performance parameter can be

further summarized as well. Among the geometric parameters, the most influential parameters are Width and Open

Extent (OE), which is also indicated in Ref. [44]. In particular, the two parameters exert obvious and consistent

impacts on heat transfer losses over the whole load range. It is indicated from Figs. 21 to 23 that the heat transfer

losses can be reduced with a wider and more open piston bowl. As for the injection parameters, the fuel injection

timings (i.e., SOI1 and SOI2) and injection pressure (i.e., pinj) contribute more influences on the engine performance

33



583 in contrast to other parameters when load increases.

584
(a) Low Load
18 Geometric Parameters 1 Injection Parameters
=
8
o
= [}
] 1
o ]
Q 1
O i
% 1
AB o S
]
204 - MIwidth ElDeptht ! W sOI1 WSOl MSA
W cE I Depth2 : [
-2.5 -
585
586 Fig. 21. SRC coefficient of each input parameter for each performance parameter at low load.
587
(b) Mid Load
' Geometric Parameters 1 Injection Parameters
1.0 1 :
1
. 054 i
c 1
3 o0o- r
E 1
S -05 i
S :
QO - -
% 1.0 :
151 i —————————————————
204 - MWidth EDeptht | WNSOI MlSOI2 MSA
I OE I Depth2 : mr, MMF
25 -
588
589 Fig. 22. SRC coefficient of each input parameter for each performance parameter at mid load.
590
(c) High Load
' Geometric Parameters i Injection Parameters
1.0 1 : NOx -Soot cL
. 054- RIS B RN B
c 1
3 00 -——I—I— I——:—— - -
E 1
8 w54 o - E B B -
S :
o 404 0 = L
% 1.0 :
A54 i —————————————————
204 - MWidth EDeptht | WNSOI MlSOI2 MSA
I OE I Depth2 : mr, MMF
25 -
591
592 Fig. 23. SRC coefficient of each input parameter for each performance parameter at high load.
593
5904 4. Conclusions
595 Based on the DMDF combustion mode, the combined optimization of the piston bowl geometry and the fuel
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injection strategy was performed over a wide load range using an improved genetic algorithm coupled with the CFD

simulation in this work. The optimal piston bowl shape coupled with the desired injection strategy at different loads

was summarized, and the improvements of engine performance were analyzed compared with the previous results

about the DMDF studies. Furthermore, a correlation analysis was conducted to investigate the sensitivity of engine

performance to the geometric parameters and the injection parameters. The major conclusions can be summarized as

follows.

1.

By optimizing the piston bowl geometry coupled with the injection strategy, the behavior of the DMDF

combustion mode is further enhanced at various loads. Over the test load range, the thermal efficiency is

increased up to 1.4%, 4.4%, and 1.4% for the low, mid, and high loads, respectively. An indicated thermal

efficiency up to 51.8% can be realized at mid load with the combined optimization. Meanwhile, for all the optimal

cases, the NOy and soot emissions can meet the Euro VI limits.

The optimal piston bowl shape integrated with the corresponding injection strategy is summarized at each load,

providing guidelines for the piston structure design. At low load, both of the re-entrant and open type piston bowl

can be equipped. At mid load, the shallow open piston bowl and the deep re-entrant piston bowl can be utilized.

At high load, the open type piston bowl is preferred. The combustion occurrence location is determined by the

combined effect of the piston bowl geometry and the injection strategy. Overall, the re-entrant type or deep piston

bowls are good at organizing strong in-cylinder flow, which is beneficial for the fuel/air mixing.

The fuel injection event becomes more important for managing the engine performance and emissions as load

increases. Among the injection parameters, fuel injection timings (i.e., SOI1 and SOI2) and injection pressure

(i.e., pinj) contribute more influences on the engine performance and emissions.

The piston bowl geometric parameters contribute more significant effects on the heat transfer losses than the

injection parameters for all loads, although the sensitivity to the injection parameters is increased with the higher
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load. Among the geometric parameters, the most influential parameters are Width and Open Extent (OE). The

heat transfer losses can be reduced with a wider and more open piston bowl.

The future research work will be focused on applying the numerical optimization results in practical engine
experiments. The optimized piston bowl shapes at different loads are will also be integrated into one general shape

for simultaneously considering engine performance and emissions at various operating conditions.
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