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Frigorigènes naturels 
Faible charge en frigorigène 
Distribution du frigorigène 
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A B S T R A C T   

This paper presents experimental results from a brine-to-water heat pump used for space heating at low tem
perature, with a low refrigerant charge of R290 (propane). Performance and refrigerant distribution were ana
lysed in every test condition studied. Performance results show a declared heating capacity of 9.5 kW, obtaining 
a specific capacity (Cc) of 48.7 kW rmkg− 1 and a seasonal coefficient of performance of 4.01. In terms of 
refrigerant distribution, at the nominal point, 41.5% of the refrigerant is located in the compressor, mainly 
dissolved in the oil, and the rest is separated almost evenly in both heat exchangers, 23.9% in the condenser and 
27.8% in the evaporator; having the lines and accessories (pneumatic-ball valves) the remaining 6.8%. Due to 
this fact, reducing oil solubility by heating the crankcase or increasing the superheat (SH) has a positive impact 
on the refrigerant charge reduction, but it also affects the coefficient of performance.   

1. Introduction 

In 2019, in Europe, energy consumption in households accounted for 
26.3% of the total energy consumed. In these buildings, heating, cool
ing, and domestic hot water (DHW) production correspond to 78.4% of 
the total energy consumed, and 75% of heating and domestic hot water 
in European buildings is produced using fossil fuels (“Energy con
sumption in households - Statistics Explained,” 2021). To achieve the 
objective of being climate-neutral by 2050 (European Commission, 
2019), there shall be a progressive substitution of gas boilers with a 
more sustainable alternative, such as biomass boilers or heat pumps. 
Nevertheless, some improvements in vapour compression cycles for 
domestic applications must be made to comply with European refrig
erant regulations. 

There have been European regulations concerning refrigerant emis
sions contributing to the greenhouse effect. Currently, the European 
Union restricts the commercially available amount of 

Hydrofluorocarbons (HFCs), which are the primary refrigerants used for 
domestic applications. The amount presently allowed is half the amount 
commercialised yearly from 2009 to 2012 (Regulation (EU) No 
517/2014, 2014). Consequently, there must be a reduction of HFCs 
employed in domestic heating applications. Potential solutions are 
reducing the amount of refrigerant charge or replacing it with re
frigerants with less global warming potential (GWP). The current trend 
is to change the refrigerant used with natural refrigerants such as carbon 
dioxide, ammonia, or hydrocarbons(Domanski et al., 2017; Lorentzen, 
1995; McLinden et al., 2017; Pitarch et al., 2017) or synthetic HFOs 
(Kujak and Schultz, 2016). All these alternatives (except carbon dioxide) 
have flammability or toxicity problems. For this reason, refrigerant 
charge reduction has become an important matter lately, due to the 
impact on the overall carbon footprint and the hazard potential due to 
flammability or toxicity. 

The current limitation for hydrocarbons without extra security 
measures is 150 g of refrigerant (European Committee for Standardi
zation, 2016). Because of this limit, a new indicator is proposed to 
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evaluate and compare the systems and determine how refrigerant 
demanding is. This indicator is the specific charge, calculated as 
refrigerant charge divided by useful capacity (cooling or heating), in kg 
kW− 1, or the inverse figure, the charge specific capacity (Cc) in kW kg− 1 

(Clodic and Palandre, 2002; Marvillet, 1995). 
Poggi et al. (2008) presented an overview of the charge specific ca

pacity regarding the application of refrigeration systems. The maximum 
Cc calculated in this overview are: 20 kW kg− 1 for air conditioning, 3 kW 
kg− 1 for domestic refrigeration, 7 kW kg− 1 for commercial refrigeration, 
and 2 kW kg− 1 for industrial refrigeration. 

Concerning refrigeration systems, Hrnjak and Litch (2008) presented 
in their work an air-cooled chiller using ammonia as refrigerant with a 
Cc of 55 kW kg− 1. In domestic air conditioning systems, Mulroy and 
Didion (1985); Xu et al. (2016) and (Chen et al., 2019) presented works 
about refrigerant distribution with Cc values of 2.3 kW kg− 1, 16.6 kW 
kg− 1, and 8.5 kW kg− 1, respectively, using the first R22 and the others 
R290. In automotive air conditioning, in the works of Hrnjak and 
Hoehne (2004); Li and Hrnjak (2015) and Peuker (2010) Cc of 10.8 kW 
kg− 1 (R290), 12 kW kg− 1 (R290), and 4.15 kW kg− 1 (R134a), are 
respectively presented. 

In heat pump systems, there are also some works related to charge 
minimisation from which the Cc (heating capacity in this case) can be 
extracted. Fernando et al. (2004), in their work, presented a 
brine-to-water heat pump working with 200 g of R290 which in the 
condition B-2W401 obtained a Cc of 25 kW kg− 1. Also, Corberán et al. 
(2008) presented a water-water heat pump using 550 g of R290, 
reporting a Cc of 25.5 kW kg− 1 at W10W45 and Sieres et al. (2020) 
proposed a brine-to-water with DHW production using R407C with a 
value of 8 kW kg− 1 at B10W35. Lastly, Andersson et al. (2018) presented 
a ground source heat pump using R290 and reached a Cc of 94 kW kg− 1 

with an automotive compressor and non-commercial heat exchangers. 
The problem with the charge specific capacity is that it depends on 

the application and the condition studied, which is complex and unre
liable to extrapolate, even more when extrapolating from cooling to 
heating or vice versa. Regarding heat pumps, only one work (Andersson 
et al., 2018) has been obtained enough heating capacity able to cover the 
domestic heating range (typically 12 kW (Lund, 2001)), but this work 
was performed different working conditions than established in the 
measurement standards, and the unit was built with prototype brazed 
plates heat exchangers (BPHEs) and an automotive compressor. 

Last decade, new compressors using specific oil suitable for propane 
and asymmetric BPHEs using narrower channels for the refrigerant side 
were introduced in the heat pump market sector resulting in higher 
values of charge specific capacity but there are no reported results of 
performance and charge distribution with these new technologies. 

Based on the presented issues, the objectives of this research are: 

(i) To study the performance of a brine-to-water heat pump working 
with propane as refrigerant for domestic applications at different 
working conditions using the last generation components available 
in the market. 
(ii) To analyse the refrigerant charge distribution in the different 
components of the heat pump in order to identify further improve
ments in charge reduction for these types of units. 

For this reason, the experimental performance results and refrigerant 
distribution are presented through the components of a brine-to-water 
heat pump. Firstly, there is a definition of the prototype, the sensors 
employed, and the tests performed. Afterwards, the performance and 
charge distribution results are presented to see the possibility of having 
enough capacity for domestic heating with only 150 g of propane and 
strategies to reduce the amount required without compromising 
performance. 

Nomenclature 

b Systematic standard uncertainty 
Cc Charge specific capacity, kW kg− 1 

cp Specific Heat, J kg− 1 K− 1 

ṁ Mass flow rate, kg s− 1 

n Compressor rotational speed, s− 1 

P Pressure, Pa 
Q̇ Thermal capacity, W 
rps Revolutions per second 
s Random standard uncertainty 
T Temperature, ◦C 
u Overall standard uncertainty 
Ui Overall uncertainty at i% confidence level 
V Volume, m3 

Greek symbols 
δ Temperature approach 
Δ Temperature difference 

Subscripts 
b Brine 
comp Compressor 
cond Condenser 
ext Extracted 
evap Evaporator 
ext Extracted 

h Heating 
i Section. i = 1: Compressor; i = 2: Condenser; i = 3: 

Evaporator 
in Inlet 
ins Inserted 
N Nitrogen 
Oil Compressor’s oil 
out Outlet 
rem Remaining 
suc Suction 
w Water 

Abbreviations 
3WV Three-way valve 
BPHE Brazed Plates Heat Exchanger 
COP Coefficient of Performance 
CP Circulation pump 
DHW Domestic hot water 
EEV Electronic expansion valve 
GWP Global Warming Potential 
HFC Hydrofluorocarbon 
MV Manual Valve 
SCOP Seasonal coefficient of performance 
Sc Subcooling 
Sh Superheat 
QCV Quick-closing valve  

1 first letter is the source type, first number is the source temperature, second 
letter is the sink type, second number is the sink temperature. Source/sink types 
are B: brine, W:Water, A:Air 
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2. Methodology 

In this work, the prototype employed is a brine-to-water heat pump 
with a design heating capacity of 9.5 kW for the nominal operating point 
of source at 0◦C and sink at 35◦C with an approximate refrigerant charge 
of 195 g of R290 to achieve proper performance. 

The prototype is a non-reversible brine-to-water heat pump with two 
brazed plates heat exchangers as condenser and evaporator. Table 1 lists 
the elements of the heat pump. 

The test bench has two secondary loops (sink to water and source 
from ethylene glycol-water brine 40% in volume) able to control the 
temperature and mass flow to the condition set according to the stan
dard EN14511–3 (European Committee for Standardization 2019a). 

Fig. 1 shows the scheme of the components regarding the heat pump 
and the control system. In the scheme, there are three main parts 
differentiated, the refrigerant side, the loop able to control secondary 
fluid in the condenser and the loop able to control the secondary fluid in 
the evaporator. 

On the refrigerant side, it is shown the elements mentioned before 
(compressor, condenser, electronic expansion valve and evaporator), 
the quick closing valves (QCV) and sensors measuring main tempera
tures and pressures of the refrigerant circuit. 

A variable circulation pump drives water on the sink side, and its 
mass flow rate is measured with a Coriolis mass flow meter. The water 
flow rate is adjusted according to the test requirements. The water inlet 
temperature is controlled by a three-way valve (3WV1), dissipating more 
or less heat to the sink side. On the secondary side of the evaporator, the 
fluid is a mixture of ethylene glycol (40% in volume) and water (60%). 
The control loop is similar to the sink side, 3WV2 controls the inlet brine 
temperature, and the frequency of the circulation pump is adjusted to set 
the required value by the test. 

The temperature sensors used in the refrigerant circuit are PT100 
class B, located in contact with the pipe with thermal paste, except for 
the measure of outlet temperature of the condenser, which has been 
measured in the stream of the refrigerant flow. Pressure in the refrig
erant circuit is measured with pressure transducers type 1 from Table 2. 
For the water and brine temperature, it has been used PT100 class A in 
the stream. 

For the refrigerant extraction and weight, it has been used additional 
sensors. Scale 1 measures the cylinder weight permanently connected to 
the unit to measure the refrigerant amount extracted. Scale 2 measures 
the cylinder weight used to charge the unit. Additional pressure trans
ducers (pressure transducer 2 in the table) were used to measure the gas 
pressure in the section after extraction. 

Table 2 shows the sensors used in the characterisation tests and their 
associated fixed uncertainty. Systematic uncertainty in the RTDs is taken 
from the standard (IEC, 2022) and for the rest of the sensors by the in
formation given by the manufacturer. 

2.1. Test procedure 

Each test performed has two steps: performance and refrigerant 
charge distribution. 

The unit is charged from pure propane cylinder (not recovered), and 
the charge inserted (mins) is measured with scale 2 (see Table 2). The 
initial tare of the refrigerant cylinder is 7.7 kg. 

After the heat pump is charged, it is switched on, and the control 

loops are set to maintain the objective values of Tw,in,ΔTw, Tb,in, ΔTb 
required by the test. After reaching stability, when inlet water and brine 
mean temperatures differences to the objective do not exceed ±0.2 K 
and individual values differences to the mean do not exceed ±0.5 K and 
outlet water and brine mean temperatures differences to the objective do 
not exceed ±0.3 K and individual differences to the mean do not exceed 
±0.6 K (European Committee for Standardization, 2019a), data is 
recorded to at least 30 min. 

At this point, heating capacity and coefficient of performance (COP) 
are calculated with the data recorded during the stability period as: 

Q̇h = ṁwcp
(
Tw,out − Tw,in

)
(1)  

COP =
Q̇h

Ė
(2) 

The refrigeration charge distribution step is started afterwards. 
Quick closing valves actuate (closing sections in less than 1 s), isolating 
the different sections of the heat pump and the compressor stops by the 
trigger of high and low-pressure switches. 

Then, charge extraction is performed with the sample cylinder 
shown in Fig. 2. 

The sample cylinder is cooled down with liquid nitrogen after 
weighting the tare weight (m1). Then the manual valve 1 (MV1) is 
opened, starting the refrigerant collection inside the sample cylinder 
until the equilibrium is reached. Lastly, the liquid nitrogen is evapo
rated, and the moist and ice are removed from the walls using an 
infrared heater, then the system is weighted (m2). The refrigerant 
extracted is the subtraction of the tare weight (m1) from the last value 
(m2) as: 

mext,i = m2 − m1 (3) 

The remaining refrigerant in the section (mst,i) is at very low pressure 
(∼1 kPa) in vapour state. This remaining charge is estimated with 
vapour density calculated from measurement of pressure (location 107) 
and temperature (location 108), and the section volume Vi. 

The section volume was measured before with an isothermal gas test 
using gaseous nitrogen. In each section, nitrogen charge (mN) was 
measured, and nitrogen density can be calculated with the measure
ments of pressure and temperature using Refprop Database Version 10 
(Lemmon et al., 2018). Volume in each section is the result of (4): 

Vi =
mN,i

ρi
(4) 

Calculated volume in each section and comparison with hand cal
culations from components characteristics are shown in Table 3 (except 
from Section 1, where there is no internal volume data available from 
the compressor). Comparison agreed in order of magnitude with 
calculated estimations. 

After all the sections are extracted, all the QCV are opened to extract 
the refrigerant that was inside the ball mechanism of the valves (mQCV). 

Then, the total mass extracted in the heat pump is: 

mext =
∑(

mext,i +mrem,i
)
+ mQCV (5) 

And this extracted and inserted mass is compared with its associated 
uncertainties: 

mext ± U95 = mins ± U95 (6) 

If measurements do not comply with this equality, the test is rejected. 

2.2. Uncertainty analysis 

Table 4 shows each variable’s systematic, random, and overall un
certainty in the nominal test (B0W35 at 60 rps). Systematic uncertainty 
was extracted from catalogue data (Table 2). Only mins was measured as 
a single point, all the other values are recorded every second. This fact 

Table 1 
Elements of the heat pump.  

Element Model Type Specifications 
CC/Internal volume Number of plates 

Compressor TPB306 Rotary 30.6 cm3 – 
Condenser CB24 Asymmetric 0.39 dm3 38 
Evaporator CB65 Symmetric 0.66 dm3 16  
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explains the difference in the random error of the mins and mext and 
explains why the random error of some of these variables is negligible. 

Overall uncertainty is calculated from the combined standard un
certainty using the assumption of large-sample uncertainty (Coleman 
et al., 2009; International Organization for Standardization (ISO), 1995; 
Joint Committee for Guides in Metrology (JCGM), 2008) as: 

U95 = 2u = 2
̅̅̅̅̅̅̅̅̅̅̅̅̅̅
s2 + b2

√
(7) 

Uncertainty of heating capacity Q̇h, COP and remaining mass in the 
components mrem is calculated using the Taylor Series Method for the 
propagation of uncertainties: 

U95 =

̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅

∑N

i=1

(
∂f
∂xi

)

U2
i

√
√
√
√ (8) 

Where f is a function of the measured variables xi.

Taking the nominal point as a reference, in the performance results, 
the propagation of uncertainty of Q̇h and COP results in ±54 W and 

Fig. 1. Test bench scheme.  

Table 2 
Sensors employed and uncertainty.  

Variable 
measured 

Type of sensor Systematic uncertainty 2σ (95% 
Confidence) 

Temperature PT100 class B ±0.3 + 0.005T ( ◦C) 
Temperature PT100 class A ±0.07 ( ◦C) 
Temperature Thermocouple type T ±0.8 ( ◦C) 
Circuit Pressure Pressure transducer 1 0.25% of the span 
Gas pressure Pressure transducer 2 0.04% of the span 
Mass flow Coriolis mass flow 

meter 
0.10% of the measure 

Mass extracted Scale 1 0.01+0.002 m (g) 
Mass inserted Scale 2 0.2 (g) 
Power absorbed Power analyser 0.6% of the span  

Fig. 2. Refrigerant extraction scheme.  
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±0.1, respectively. In terms of refrigerant charge, the uncertainty of 
adding mass extracted and remaining mass in every section are ±0.19 g 
for compressor section, and ±0.18 g for the condenser and evaporator 
sections. 

2.3. Test campaign 

Three different test campaigns have been developed. Table 5 shows 
details of the tests performed. 

The first one, labelled reference, is a test in the nominal working 
conditions (B0W35 at 60 Hz) with 10 K of SH. Previous charge opti
misation tests were made in order to set 195 g as the optimal refrigerant 

charge. 
The second test campaign is labelled SCOP (seasonal coefficient of 

performance) tests (numbered from test 2 to test 8). They maintain the 
same refrigerant charge used in the nominal point. Secondary fluid 
conditions are set according to the standard EN14825 (European Com
mittee for Standardization, 2019b) for determining seasonal COP. In the 
case of this brine-to-water heat pump, tests at different partial loads 
mean a change in compressor speed (from 20 Hz to 120 Hz) and a 
variation in the water temperature sent to the building. These tests are 
labelled as SCOP A to SCOP E. Two additional tests were planned in 
order to cover all the range with additional compressor speeds and 
corresponding water outlet temperature. These tests are labelled as 
Extra SCOP 1 and Extra SCOP 2 (tests number 4 and 6) 

The third test campaign is focused on parameter variation over the 
nominal point. Tests performed in this third campaign are: 

-Overcharged test, which aims to know performance variation and 
the location of the excess of charge. 
-Superheat (Sh) variations of 5 and 15 K (test number 10 and 11), 
where the objective is to test the influence of superheat in perfor
mance and charge distribution. 
-A special test where a heating wire heats the compressor crankcase 
(test number 12). The objective is to investigate the effect of the oil 
temperature on charge distribution. 
-Test varying source and side water/brine temperatures (tests num
ber 13 – 15). The objective is to analyse the influence of external 
temperatures on the charge distribution, mainly in the heat 
exchangers. 

Each test of this 3rd campaign uses an optimised charge amount that 
gives the best COP values at the specific test condition. This charge was 
obtained with previous tests dedicated to this purpose. 

All tests performed maintain a brine/water temperature difference of 
3 K on the source side and 5 K on the sink side. 

3. Results and discussion 

The results obtained will be explained divided into two groups 
separately, performance results and refrigerant distribution results. 
Before performance results, the charge characterisation of the nominal 
point is shown to take the decision of the nominal charge of the unit. 
This type of test was repeated to know the refrigerant charge of every 
test of the “Parameters Variation” campaign, using the same criterion, to 
maximise COP. 

3.1. Charge determination 

These results were recorded after adding 10 g of refrigerant in each 

Table 3 
Sections of the heat pump.  

Section Measured 
volume 

Calculated 
volume 

1-Compressor+Discharge Line 2.48 dm3 – 
2-Condenser+Liquid Line 0.48 dm3 0.44 dm3 

3-Evaporator+Electronic expansion valve 
(EEV)+Two-Phase Line 

0.89 dm3 0.81 dm3  

Table 4 
Uncertainty of different measures.  

Variable Systematic uncertainty 
(95% confidence) 

Random uncertainty 
(95% confidence) 

Overall 
uncertainty 

Tw,in 
±0.07 ◦C ±0.01 ◦C ±0.07 ◦C 

Tw,out 
±0.07 ◦C ±0.01 ◦C ±0.07 ◦C 

ṁw 
±0.87 kg h-1 ±0.25 kg h-1 ±0.90 kg h-1 

Ėcomp ±16.2 W ±0.13 W ±16.2 W 
mins 

±1.62 g ±0.83 g ±1.82 g* 
mext 

±0.15 g ±0.02 g ±0.15 g 
Vcomp 

±0.077 dm3** ±0.039 dm3 ±0.079 dm3 

Vcond 
±0.077 dm3** ±0.016 dm3 ±0.077 dm3 

Vevap 
±0.077 dm3** ±0.023 dm3 ±0.078 dm3 

Pref 
±1.55 kPa ±0.58 kPa ±1.65 kPa 

Tref 
±0.8 ◦C ±0.001 ◦C ±0.8 ◦C  

* Expanded uncertainty of a single point measure. 
** Calculated using error propagation of pressure and temperature used to 

calculate the volume. 

Table 5 
Test conditions.  

Test Campaign type Test name Condition n (rps) Sh (K) RefrigerantNominal charge (g) 

1 Reference Nominal B0W35 60 10 195 
2 SCOP SCOP E B0W35 120 10 195 
3 SCOP A B0W34 104 10 195 
4 Extra SCOP 1 B0W32 90 10 195 
5 SCOP B B0W30 74 10 195 
6 Extra SCOP 2 B0W29 60 10 195 
7 SCOP C B0W27 40 10 195 
8 SCOP D B0W24 20 10 195 
9 Parameters Variation Overcharged B0W35 60 10 254 
10 SH5 B0W35 60 5 220 
11 SH15 B0W35 60 15 160 
12 Comp. heated B0W35 60 10 180 
13 Source var 1 B7W35 60 10 195 
14 Source var 2 B13W35 60 10 195 
15 Sink var B0W55 60 10 195  
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step and waiting to reach steady state (defined as 15 min with measured 
variables under thresholds imposed by the characterisation standard). 

The trend in all the series is similar. Heating Capacity and COP start 
with a sharp increase until they stabilise in a flat region. Heating ca
pacity is still growing in some tests (B13W35, B0W55 and the peak- 
valley variation observed in test SH5), but COP declines softly from 
the maximum. 

As seen in Fig. 3 the optimum charge established is 195 g for nominal 
point, B0W55, B7W35 and B13W35. 180 g is determined as the opti
mum point for Compressor Heated case, 160 g is the optimum observed 
for SH15 case, and 220 g is the optimum charge determined for SH5 test. 

3.2. Performance results analysis 

Table 6 shows the results of the tests in terms of performance. Per
formance tests campaign determines the declared capacity of the unit 
and the SCOP. For brine-to-water heat pumps, partial load conditions 
are determined with different compressor speeds maintaining condi
tions on the source side and adapting the water supply on the sink side as 
determined by the European standard (European Committee for Stan
dardization, 2019b). The unit has a declared capacity of Q̇h = 9.49 kW 
(without considering auxiliary electrical support) at full load (120 rps of 
compressor speed). Charge specific heating capacity of this unit is Cc =

48.72 kW kg− 1 . This result shows that with the current refrigerant 
charge limit of 150g, it is possible to obtain a heating capacity of Q̇h =

7.31 kW. From the performance tests can be obtained the SCOP for 
average climates obtaining a value of SCOP = 4.01. 

Fig. 4 shows the variation of heating capacity and COP for the 
different points of the Performance test campaign depending on the 
compressor speed. 

Heating capacity shows a linear variation with compressor speed 
from a minimum value of Q̇h = 1.56 kW at n = 20 rps to the maximum 
value of Q̇h = 9.49 kW at n = 120 rps. This is explained as the volu
metric efficiency doesn’t vary significantly, and the suction density re
mains practically constant in all tests. 

COP also shows a quasi-linear variation (opposite to the heating 
capacity) with the minimum COP = 3.21 at n = 120 rps and maximum 
COP = 4.89 at n = 20 rps. As the compressor speed increases, the isen
tropic and total efficiencies of the compressor decrease, making the 
global efficiency decrease as well. 

Fig. 5 shows the subcooling (SC) and approach temperatures 
measured in the condenser and evaporator in each test. 

Approach temperatures in the condenser and evaporator are defined 
as: 

δTcond = Tcond,out − Tw,in (9)  

δTevap = Tb,in − Tevap,out (10) 

These variables give us knowledge about the heat exchangers’ size 
compared with their thermal capacity. 

Fig. 5 shows that minimum subcooling is obtained at the minimum 
compressor speed, raising its value at higher compressor speeds. No 
linear dependence with compressor speed is detected, and subcooling 
values at higher compressor speeds are between Sc = 3.76 K and Sc =

5.13 K. 
Approach temperature in the evaporator is less than 1 K for all points 

except n = 120 rps showing that the evaporator area is enough for the 
capacity needed (even a little oversized) except in the case of maximum 
speed where the approach is Tevap = 3.32 K . 

The approach temperature in the condenser is quite variable, 
showing its minimum at 74 Hz (impossible negative values are due to 
measurement uncertainties). Maximum values of δTcond = 3.14 K are 
obtained. These results show that the condenser is a little bit undersized 
at some compressor speeds, having the opportunity to obtain higher 
performance increasing the area but with the counterpart of increasing 
refrigerant charge. 

3.3. Refrigerant charge distribution 

Table 7 shows refrigerant inserted in each test and the charge 
determined in each heat pump section, including the pneumatic valves. 

Fig. 6 shows charge results for the nominal point. Charge in liquid, 
suction and discharge line are calculated based on the density measured 
and subtracted from the corresponding sections in order to determine 
the charge in the compressor, condenser and evaporator. Charge specific 
capacity for this nominal point is Cc = 23.08 kW kg− 1. 

41.5% of the refrigerant charge is stored in the compressor. This high 
value can only be explained by the refrigerant trapped dissolved in the 
oil. The next component storing charge is the evaporator with 27.8% of 
the charge and then the condenser with 23.9%. The remaining charge is 
mainly located in the liquid line with 4.5% and pneumatic valves with 
1.5%. Gas lines (suction and discharge) account for 0.8%. 

Compressor results are explained due to refrigerant solubility in the 
compressor oil. The oil volume for this compressor model is 0.4 l (0.4 
kg), and refrigerant mass solubilities of 10% or even more are typical. 

In the literature, it is generally found that the condenser is the 
component that requires the most amount of refrigerant charge, reach
ing values of more than the half refrigerant charge (Chen et al., 2019; Li 
et al., 2015). In these references, the condenser volume is considerably 
higher than other components, and the subcooling value is also higher. 
In this case, as the refrigerant charge selected is the one that optimises 
the COP, it is reached with a low level of SC (around 3 K). Therefore, the 
condenser has a similar refrigerant charge to the evaporator, instead of a 
considerably higher value. The reason for the higher charge stored in the 
evaporator than in the condenser, although there are lower refrigerant 
qualities and densities, is not straightforward. Liquid refrigerant stored 
in the inlet distributor or maldistribution problems can be the reasons 
for this performance. 

Fig. 7 shows the charge variation in the SCOP campaign for the 
compressor, the evaporator and the condenser section. The refrigerant 
charge stored in the lines and the pneumatic valves is not plotted as the 

Fig. 3. Optimal COP determination.  
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values are approximately constant over the test campaign. 
A first observation is that compressor speed variation from 20 rps to 

120 rps does not make big differences in charge stored in the different 
elements of the unit. 

No clear relationship between compressor speed and oil solubility 
(shown in terms of the charge stored in the compressor) is reported. 
From the maximum speed to the minimum, oil temperature decreases 
and discharge pressure (see Table 6), compensating each other for the oil 
solubility values and having a small variation of the charge stored in the 
compressor. It seems that discharge pressure has more effect than 
compressor oil temperature in solubility values if we observe the vari
ations between tests 1 and 6 working at the same compressor speed but 
at different sink side temperatures. Although oil temperature is lower in 
test 6 (from 48.8 ◦C to 45.2 ◦C), pushing for increasing oil solubility; 
discharge pressure is also lower (from 11.81 bar to 10.42 bar), having 
the opposite effect, and the net result is a decrease in oil solubility giving 
lower charge stored in the compressor from Test 6 (75.6 g) to Test 1 
(83.6 g) 

These small charge variations in the compressor explain the differ
ences in the condenser and evaporator (as the total charge remains 
constant). Charge differences are stored in the condenser, in the liquid 
section, increasing or decreasing the subcooling, but there is no linear 
relation between Sc and charge stored in the condenser. Tests with low 
refrigerant charge in the condenser have low subcooling, but there is no 
correlation in the tests with SC between 3 and 5 K. In the evaporator, 
different mass flow rates change the refrigerant distribution between 
channels and their internal void fraction. 

In the second test campaign, Fig. 8, the variations in refrigerant 
charge amount are more significant. Test 2 (SCOP E) was added to this 
figure because the only difference with the nominal point is the 
compressor speed. 

In this campaign, except for more compressor speed and overfilled 
tests, the tests are done with the optimum refrigerant charge. Charge 
specific capacity varies from the nominal point (23.08 kW kg− 1) to the 
minimum value obtained in the overfilled test (18.43 kW kg− 1) and to 
the maximum value obtained in the test SCOP E (48.72 kW kg− 1) 

Regarding the results, there is a slight decrement in refrigerant 
charge in the compressor and evaporator when increasing the 
compressor speed without changing any of the other conditions. The 
decrement in suction pressure can explain the effect on the evaporator. 
Charge reduction in the compressor with increasing compressor speed is 
explained by the rise of oil temperature maintaining similar discharge 
pressures (signal of an oversized condenser). 

The following comparison is test 1 (nominal) and test 9 (overfilled), 
where the only difference is the refrigerant charge amount. In this 
comparison, 60 g of propane were added, expecting to be stored in the 
condenser, increasing the subcooling and discharge pressure. As ex
pected, almost all the refrigerant amount went to the condenser, which 
increased the subcooling level to 7 K, increasing the discharge pressure. 
However, approximately 10 out of 60 g of propane went to the evapo
rator instead of the condenser. It is caused because the condenser could 

Table 6 
Performance results of the test.    

Condition Q̇h (kW) COP (-) n (Hz) Pdis (bar) Psuc (bar) Tcond ( ◦C) Tevap ( ◦C) Tdis ( ◦C) Toil ( ◦C) Sc (K) Sh (K)  

1 B0W35 4.5 ± 0.1 3.7 ± 0.1 60 11.8 3.6 33.7 − 9.0 62.5 48.8 0.7 10 
SCOP 2 B0W35 9.5 ± 0.1 3.2 ± 0.1 120 12.3 3.2 35.4 − 12.2 72.3 55.9 3.8 10 

3 B0W34 8.7 ± 0.1 3.4 ± 0.1 108 12.2 3.4 34.9 − 10.6 70.0 50.1 5.1 10 
4 B0W32 7.3 ± 0.1 3.8 ± 0.1 90 11.5 3.5 32.6 − 10.1 63.8 52.6 4.0 10 
5 B0W30 5.7 ± 0.1 3.9 ± 0.1 74 10.9 3.5 30.4 − 9.9 60.9 44.8 4.6 10 
6 B0W29 4.8 ± 0.1 4.3 ± 0.1 60 10.4 3.5 28.6 − 9.6 55.2 45.2 3.6 10 
7 B0W27 3.3 ± 0.0 4.8 ± 0.2 40 9.8 3.8 26.2 − 7.0 47.5 37.3 1.3 10 
8 B0W24 1.6 ± 0.0 4.9 ± 0.5 20 9.2 3.8 23.6 − 7.5 45.5 36.3 0.1 10 

Parameter Variation 9 Overfilled 4.7 ± 0.1 3.7 ± 0.1 60 12.4 3.6 35.6 − 9.1 64.8 48.4 7.7 10 
10 SH5 4.9 ± 0.1 4.0 ± 0.1 60 12.1 3.8 34.6 − 6.8 56.4 48.2 0.9 5 
11 SH15 4.0 ± 0.1 3.3 ± 0.1 60 11.9 3.0 34.1 − 14.0 70.6 58.2 2.1 15 
12 Comp H* 4.7 ± 0.1 3.8 ± 0.1 60 12.0 3.5 34.3 − 9.6 66.9 65.3 3.1 10 
13 B7W35 5.4 ± 0.1 4.4 ± 0.1 60 12.1 4.3 34.6 − 3.2 59.8 50.6 0.7 10 
14 B15W35 6.1 ± 0.1 5.0 ± 0.2 60 12.1 5.1 34.7 2.6 56.8 49.1 0.0 10 
15 B0W55 4.2 ± 0.1 2.5 ± 0.1 60 18.5 3.5 53.6 − 9.4 90.8 78.1 2.7 10  

* COP calculated without considering the heating wire electrical consumption. Considering it, the COP is 3.41. 

Fig. 4. Heating capacity and COP variation.  

Fig. 5. SC and temperature approach in heat exchangers.  
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still increase the subcooling level without increasing discharge pressure, 
reducing the approximation in the condenser and the quality inlet in the 
evaporator. 

The subsequent study is the superheat’s impact, tests 10 (SH5) and 
11(SH15). In this case, the tests show that the evaporator is oversized 
too; therefore, the evaporation pressure is linked with the superheat 
level. When the superheat is reduced, the evaporation temperature in
creases, and the part of the evaporator occupied by the refrigerant in the 
gas state is reduced. Consequently, the evaporator has more volume 
occupied by the refrigerant in two-phase flow at a higher pressure than 
the reference case. All this led to an increase in refrigerant charge in the 
evaporator. In the compressor, the oil temperature is lower, increasing 

the solubility and the refrigerant amount in this component. The 
condenser, by contrast, is not affected by the superheat. On the other 
hand, in the case of increasing the superheat (test 11, SH15), the effect 
observed is the opposite; there is a refrigerant amount reduction in the 
compressor and the evaporator because of the reasons already 
mentioned. 

The fourth study was the compressor heated with the heating wire 
(test 12, Comp. Heated). In this case, the solubility is reduced because of 
the increase in oil temperature, and the total amount of refrigerant in the 
compressor drops. Nevertheless, in the heat exchangers, there is no 
effect. 

Then, in the source temperature variation tests from 0 ◦C to 7 ◦C and 

Table 7 
Refrigerant charge distribution in the heat pump.   

Test Condition Refrigerant inserted (g) Section compressor (g) Section condenser (g) Section evaporator (g) Pneumatic valves (g)  

1 B0W35 195.5 ± 1.82 83.6 ± 0.19 51.6 ± 0.18 56.9 ± 0.18 3.3 ± 0.15 
SCOP 2 B0W35 196 ± 1.82 81.1 ± 0.19 57 ± 0.18 54.7 ± 0.18 3.0 ± 0.15 

3 B0W34 195 ± 1.82 75.6 ± 0.19 57.1 ± 0.18 58.2 ± 0.18 3.5 ± 0.15 
4 B0W32 198 ± 1.82 71.4 ± 0.19 61.3 ± 0.18 62 ± 0.18 3.7 ± 0.15 
5 B0W30 195.5 ± 1.82 75.4 ± 0.19 63.4 ± 0.18 52.6 ± 0.18 3.0 ± 0.15 
6 B0W29 195.5 ± 1.82 75.6 ± 0.19 60 ± 0.18 56.3 ± 0.18 3.7 ± 0.15 
7 B0W27 195.0 ± 1.82 74.3 ± 0.19 54.4 ± 0.18 61.6 ± 0.18 3.0 ± 0.15 
8 B0W24 195.0 ± 1.82 75.4 ± 0.19 52.6 ± 0.18 62.1 ± 0.18 3.3 ± 0.15 

Parameter variation 9 Overfilled 254.0 ± 1.82 84.4 ± 0.19 103.2 ± 0.18 63.2 ± 0.18 3.6 ± 0.15 
10 SH5 220.0 ± 1.82 87.5 ± 0.19 52.8 ± 0.18 76.7 ± 0.18 4.2 ± 0.15 
11 SH15 160.0 ± 1.82 62.7 ± 0.19 56.9 ± 0.18 39.3 ± 0.18 2.7 ± 0.15 
12 Com 190.0 ± 1.82 72.5 ± 0.19 60.1 ± 0.18 52.9 ± 0.18 1.6 ± 0.15 
13 B7W35 195.0 ± 1.82 88.6 ± 0.19 51.1 ± 0.18 51.9 ± 0.18 3.2 ± 0.15 
14 B15W35 196.0 ± 1.82 95.4 ± 0.19 49.2 ± 0.18 51.9 ± 0.18 1.6 ± 0.15 
15 B0W55 196.0 ± 1.82 89.1 ± 0.19 60.5 ± 0.18 46.7 ± 0.18 3.3 ± 0.15  

Fig. 6. Results of refrigerant charge distribution in the nominal point.  

Fig. 7. Refrigerant distribution results of the SCOP campaign.  Fig. 8. Refrigerant distribution results of the singular variations campaign.  
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15 ◦C (test B7W35 and test B15W35), there is an increase in the 
compressor refrigerant charge, maintaining similar charge values in the 
condenser and evaporator. 

Lastly, in the sink temperature variation tests from 35 ◦C to 55 ◦C 
(test 15, B0W55), a slight increase in the charge stored in the compressor 
and condenser is observed, and a reduction in the evaporator. Changes 
in the evaporator can be explained due to the higher quality at the 
evaporator inlet, reducing the liquid stored. 

As seen in the results of the singular variations, three effects impact 
the refrigerant charge in the components. In the compressor, the 
refrigerant inside the oil has the most influence on the total refrigerant 
in this component. To reduce the refrigerant in the oil, the oil’s tem
perature should be increased, working pressure should be decreased, or 
the lubricant amount should be decreased. Usually, the operating pres
sure is marked by the secondary fluid and the condenser’s size. The 
manufacturer sets the amount of oil, but reductions may be performed in 
the design process. Lastly, in this case, the oil temperature increment has 
been done with a heating wire, but it is necessary to find other option 
that does not impact the COP. 

In the evaporator, superheating affects the volume percentage used 
by the gas phase. Therefore, higher superheats determine lower charge 
stored in the evaporator. 

Additionally, the quality of the evaporator’s inlet considerably af
fects the amount in this component. 

Comparing the two tests that have reduced the amount of charge 
needed, increasing the oil temperature with a heating wire meant a 
reduction of the COP of approximately 0.45, which only meant a 
decrease of 5 g. However, increasing the superheat up to 15 K meant a 
reduction of COP of about 0.5 in the nominal conditions, but the 
reduction in refrigerant charge was 35 g. Still, with the increase of su
perheat, the heating capacity was reduced because of the density 
reduction at the compressor suction. 

4. Conclusions 

The current study presents experimental performance and refrig
erant distribution in different test conditions in a low-charge brine-to- 
water heat pump built with commercially available components. 

The unit has a declared heating capacity of Q̇h = 9.5 kW using a 
charge of m = 195 g of propane with a charge specific capacity of Cc =

48.72 kW kg− 1 . 
The compressor requires almost half of the refrigerant charge at the 

nominal point (41.5%). The rest of the refrigerant is located in the heat 
exchangers almost evenly, with the evaporator 27.8% and the condenser 
23.9%. The refrigerant charge stored in the lines is negligible compared 
with the other components mentioned. 

In the partial load test campaigns, following the standard 14,825, 
there are no big charge percentage variations. This campaign makes the 
heat pump work at different compressor speeds and different sink 
temperatures. 

A general conclusion of the SCOP campaign is that further charge 
reduction in these units has to be focused on the charge stored in the oil 
(reducing solubility or oil quantity), reducing the evaporator volume 
and understanding the complex phenomena of maldistribution. 

With the singular variation campaign it can be extracted several 
conclusions:  

• Compressor speed variation has no effect on charge distribution for 
this unit.  

• Superheat control affects in a great way the refrigerant charge stored 
in the evaporator and the compressor due to the variation in evap
oration pressure and compressor oil temperature. A compromise in 
the superheat value is needed as higher values demand lower charge, 
but COP is degraded.  

• Variations of source-side temperatures mainly affect the refrigerant 
charge stored in the compressor, while sink-side temperatures 
mainly affect the refrigerant charge stored in the evaporator. 

Results obtained can state that with current commercially available 
components, it is possible to build a brine-to-water heat pump with a 
capacity of 7.3 kW using a refrigerant charge of 150 g of propane. 

It can be used the SH level or a heating wire to reduce the refrigerant 
charge needed in the compressor, but it reduces the overall COP. It 
would mean a very effective refrigerant charge reduction strategy if a 
different way of heating the oil without losing performance can be 
found. 
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