Applied Energy 376 (2024) 124307

Contents lists available at ScienceDirect

Applied

Applied Energy

journal homepage: www.elsevier.com/locate/apenergy

ELSEVIER

Optimizing hydrogen spark-ignition engine performance and pollutants by
combining VVT and EGR strategies through numerical simulation

Ricardo Novella, Josep Gomez-Soriano, David Gonzalez-Dominguez , Orlando Olaciregui

CMT-Clean Mobility & Thermofluids, Universitat Politecnica de Valencia, Spain

HIGHLIGHTS

e Adaptation of a Euro 6 turbocharged DI SI engine for hydrogen operation

o Deep analysis of the VVT and EGR impact on thermal efficiency and emissions
e EGR dilution is more effective in reducing NOx but penalizes fuel consumption
e EGR leads to a low-end torque increase of 5-16% at iso-NOx conditions

ARTICLE INFO ABSTRACT

Keywords:

Hydrogen combustion
Spark-ignition engine
Decarbonization

1D simulation

Exhaust gas recirculation

Hydrogen combustion engines are considered one of the leading solutions for decarbonizing road transport,
mainly due to the possibility of adapting current engines for hydrogen operation with minor changes. This
research extensively analyzes the effect of combined EGR (exhaust gas recirculation) and VVT (variable valve
timing) strategies on the performance and emissions of a commercial turbocharged SI engine fueled with
hydrogen. To this end, a 1D model of the said engine, widely validated for gasoline operation, was adapted to
simulate the engine's behavior with hydrogen. This adaptation involved hardware changes and the imple-
mentation of a predictive hydrogen combustion submodel, previously calibrated using experimental data from a
single-cylinder engine of similar geometry. Firstly, 400 hydrogen engine simulations without EGR were con-
ducted to optimize the VVT system for fuel efficiency over a wide operating range. A detailed explanation of the
causality of varying valve overlap on pumping losses, in-cylinder gas composition, and combustion is provided
from these simulations. Then, a series of EGR sweeps were simulated to study its impact on performance and NOx
at various degrees of load; concluding that diluting with EGR, rather than air, leads to reduced NOx emissions in
exchange for slightly increased fuel consumption.

scenario, almost all manufacturers of light-duty vehicles are currently
opting for powertrain electrification and alternative fuels.

1. Introduction

Road transport contributes to 12% of global greenhouse gas emis-
sions [1] and is the largest source of nitrogen oxide (NOx) emissions [2].
In light of this, numerous governments are updating their standards to
promote the sale of new on-road vehicles to reduce their environmental
impact. The new criteria include decreasing the permissible levels of
tailpipe emissions, utilizing more realistic vehicle homologation pro-
cedures, and even banning the use of fossil fuels in the future [3,4]. An
example of this is the new legislation approved by the European Com-
mission in 2023, which advocates for the complete decarbonization of
cars and vans from 2035 [5]. In order to adapt to this challenging

Among the alternative fuels, a lot of research on powering internal
combustion engines (ICEs) with hydrogen (Hy) is being done [6,7],
given that Hj is a carbon-free fuel whose unique combustion properties
enable a conventional ICE to operate with high thermal efficiencies
[8,9]. Welch et al. [10] supported this claim by conducting tests ona 0.5
L direct-injection single-cylinder engine, demonstrating that hydrogen-
fueled ICEs can achieve brake thermal efficiencies of up to 45%. The
main advantages of Hy as a fuel are stated below. Firstly, hydrogen
flames propagate extremely fast, shortening combustion duration and,
accordingly, improving isochoric efficiency [11]. The high flame speeds
of Hj also lead to a much wider flammability range compared to other

* Corresponding author at: CMT-Clean Mobility & Thermofluids. Universitat Politecnica de Valencia. Camino de Vera s/n, 46,022, Valencia, Spain.

E-mail address: dagondol@mot.upv.es (D. Gonzélez-Dominguez).

https://doi.org/10.1016/j.apenergy.2024.124307

Received 23 March 2024; Received in revised form 18 July 2024; Accepted 19 August 2024

Available online 31 August 2024

0306-2619/© 2024 The Authors. Published by Elsevier Ltd. This is an open access article under the CC BY-NC license (http://creativecommons.org/licenses/by-

nc/4.0/).


mailto:dagondo1@mot.upv.es
www.sciencedirect.com/science/journal/03062619
https://www.elsevier.com/locate/apenergy
https://doi.org/10.1016/j.apenergy.2024.124307
https://doi.org/10.1016/j.apenergy.2024.124307
http://creativecommons.org/licenses/by-nc/4.0/
http://creativecommons.org/licenses/by-nc/4.0/

R. Novella et al.

Applied Energy 376 (2024) 124307

Nomenclature

Acronyms

AMF air mass flow

BMEP  brake mean effective pressure
CAD crank-angle degrees

DI direct injection

DR dilution rate

EGR exhaust gas recirculation

EVC exhaust valve closing

GPF gasoline particulate filter

H, molecular hydrogen

HICE hydrogen internal combustion engine
ICE internal combustion engine

IMEP indicated mean effective pressure
IvC intake valve closing

j\Ye} intake valve opening

MFR mass flow rate

NOx nitrogen oxides

PFI port fuel injection

RGF residual gas fraction

SI spark ignition

SM surge margin

TR trapping ratio

TWC three-way catalyst

VGT variable geometry turbine
VVT variable valve timing
Symbols

T gas temperature

n thermal efficiency

A air-to-fuel equivalence ratio
Subscripts

cyl cylinder

ind (net) indicated

fuels, like gasoline. Hydrogen-air mixtures can generally ignite if the air-
to-fuel equivalence ratio (1) is between 0.14 and 10, while gasoline-air
mixtures are only flammable for A values from 0.26 to 1.51 [12].

Therefore, hydrogen internal combustion engines (HICEs) can
operate at ultra-lean conditions, avoiding throttling at partial loads and
lowering heat losses [13]. High dilution operation, through either air or
exhaust gases, also reduces the production of NOx, the only pollutants
potentially generated during Hy combustion [14,15]. In addition,
compared to stoichiometric gasoline-air ones, lean hydrogen-air mix-
tures have higher specific heat ratios and even allow for larger
compression ratios, both increasing the theoretical thermal efficiency of
the engine cycle [16,17]. Oh et al. [18] provided evidence of this by
reporting that the considerable knocking resistance of Hy, derived from
its high autoignition temperature, enabled the compression ratio to be
enlarged to 17 in a heavy-duty single-cylinder engine.

However, the use of hydrogen in ICEs is not exempt from issues. Its
combustion properties make hydrogen desirable but can bring about
abnormal combustion phenomena, such as knocking, preignition (i.e.
due to surface ignition) and backfiring [11]. It should be noted that the
minimum energy required to ignite hydrogen-air mixtures is around 12
times lower than for gasoline-air mixtures [19], predisposing HICEs to
preignition events. Preignition usually arises from surface ignition at hot
spots in the combustion chamber [13]. When this phenomenon occurs
during the intake stroke in a port fuel injection (PFI) engine, the flame
may propagate out of the cylinder, burning the hydrogen in the intake
manifold, thus giving rise to a backfire event [20]. Another relevant
drawback of hydrogen is its low density, complicating fuel storage and,
potentially, comprising the driving range. Besides, its low density, along
with its elevated stoichiometric air-to-fuel ratio, can lead to a power
output loss in PFI engines [6], owing to the significant portion of the
intake manifold volume occupied by the hydrogen. Direct injection is
the best option to mitigate such a power loss and avoid backfiring [21].

Despite these issues, many experts assert that HICEs will play a key
role in the transportation sector in the following decades [22,23],
largely thanks to the feasibility of converting existing engine systems for
hydrogen operation with minor changes. This research is, therefore,
devoted to studying the performance and emissions of a Euro 6 turbo-
charged direct-injection (DI) spark-ignition (SI) engine adapted to be
fueled with hydrogen, keeping the DI system. The said engine is
equipped with advanced technologies, such as exhaust gas recirculation
(EGR), variable valve timing (VVT), and variable geometry turbine
(VGT), adding complexity to the process of optimizing its performance
due to the multiple degrees of freedom. There is a common under-
standing that simulation tools are the most effective way to address that

kind of process, at least from the cost and time perspective.

In the present work, a 1D model of the whole SI engine under
consideration is employed, including all the technologies mentioned
above. The model, previously calibrated through experimental tests
using gasoline as fuel, is adapted to simulate engine operation with
hydrogen. This adaptation mostly involves hardware changes to pre-
serve the original peak power and a dedicated Hy combustion model.
Then, spark timing, EGR rate, and VVT settings are optimized via
simulation over a wide operating range for fuel economy, considering
knocking and NOyx emissions as well. To the best of the authors'
knowledge, no published studies have addressed the performance opti-
mization of a multi-cylinder hydrogen-fueled engine from such a holistic
perspective, including the interactions between advanced technologies
like DI, VGT, VVT and EGR. Therefore, the main contribution of this
research is providing a deep analysis of how EGR and VVT strategies
affect the thermal efficiency, power output, and emissions of a com-
mercial SI engine fueled with hydrogen, offering valuable insights for
optimizing HICE and implementing them in transportation.

The paper is structured as stated below. Section 2 details the nu-
merical simulation tool, describing the engine, the 1D model and its
calibration, and the predictive hydrogen combustion submodel. Section
3 is devoted to the methodology followed, and Section 4 presents the
simulation results and discussion. Finally, the main conclusions are
given in Section 5.

2. Engine model
2.1. The base engine

A four-cylinder downsized (1.3 1) turbocharged DI SI gasoline en-
gine, originally equipped with EGR, VVT and VGT technologies, was
selected for this research. The cooled low-pressure EGR system is
composed of a T-shape flow splitter to extract the exhaust gases previ-
ously treated, a water-to-air intercooler, and two valves: one in the EGR
loop itself, just downstream of the said intercooler; and the other placed
in the intake line, upstream of the EGR joint, to increase the pressure
difference between intake and exhaust sides if needed. Utilizing the VVT
system, the intake and exhaust valve timings can be independently
shifted within a range of 40 crank-angle degrees (CAD), without altering
the valve lift or opening duration. Besides, the VGT turbocharger en-
ables a maximum boost pressure of 2.5 bar. Table 1 provides the main
engine's specifications [24].

Moreover, this engine incorporates a compact water charge air
cooler (WCAC) integrated into the intake manifold and a Euro 6 after-
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Table 1

Engine's attributes [24].
Attribute Description
Technology Euro 6 turbocharged DI SI gasoline
Displacement 1300 cc
Bore / Stroke 72.20 / 81.35 mm
Compression ratio 10:1
Number of cylinders 4
Camshaft system VVT
Total number of valves (intake/exhaust) 8/8
Turbocharger Water-cooled with VGT

Aftertreatment system TWC + GPF

treatment system, which consists of a conventional three-way catalyst
(TWC) and a gasoline particulate filter (GPF). Fig. 1 depicts the sche-
matic engine's layout [24], including all the systems and technologies
mentioned.

2.2. Model description

A 1D model of the SI engine presented in the former section was built
with GT-POWER software, including all the components shown in Fig. 1.
Pressure losses are computed using the Fanning factor, considering
surface roughness and Reynolds number; and the convective heat
transfer is estimated using the Colburn analogy in ducts and volumes
and the classic Woschni correlation in the cylinders. The turbocharger
submodel is fed with extrapolated and adiabatized compressor and
turbine maps, measured under hot-exposed conditions by the manu-
facturer. The method of extrapolating and adiabatizing these maps is
given in [25]. The following data provided by the engine manufacturer
is also used: valve characteristic curves, intake and exhaust valve lift
profiles, and thermal efficiencies of the WCAC and EGR cooler.

This engine model, already utilized in two previous studies [24,26],
was calibrated according to the procedure defined in [27] to enable
accurate and predictive simulations. Empirical correlations and an
artificial neural network (ANN) were integrated into the model to adjust
heat transfer and pressure drop phenomena and to predict standard

on

Applied Energy 376 (2024) 124307

Wiebe function parameters for gasoline combustion [28]. A general
overview of the calibration procedure is given in Section 2.3. Finally, to
predict the engine performance with hydrogen, the standard Wiebe
function is substituted with a dedicated Hy combustion model, cali-
brated using experimental data from tests conducted on a single-
cylinder ICE with similar geometry detailed in [15]. A description of
the predictive hydrogen combustion submodel is provided in Section
2.4.

2.3. Model calibration

The 1D model was calibrated with data from gasoline-fueled engine
tests. To this end, the SI engine presented in Section 2.1 was installed
and fully instrumented on a dynamic test bench to regulate its operation
and acquire all desired data, such as torque and speed, pressure and
temperature values in relevant parts, mass flows, exhaust emissions, and
in-cylinder pressure signals. The location of some sensors and mea-
surement devices can be observed in Fig. 1. A detailed description of the
test bench and instrumentation is given in former works [24,26].

About 300 steady-state tests were carried out by varying EGR rate
and VVT settings for 16 operating points, particularly selected to cover
most of the engine operation during a WLTP driving cycle [24]. More
specifically, 18 cases per operating point were tested by combining six
EGR rates (0-25%) with three pairs of VVT settings (minimum, inter-
mediate, and maximum valve overlaps). Besides, in each test, the spark
timing was adjusted in real time to achieve a CA50 (the crank angle at
which 50% of the heat is released) value between 5 and 10 CAD after top
dead center [29], provided that knocking was avoided.

Model calibration involved three stages: tuning of fitting parameters,
model validation, and obtention of empirical correlations [24]. Firstly,
the 300 tests were reproduced with the 1D model to adjust pressure drop
and convection multipliers (fitting parameters). Tuning the fitting pa-
rameters was automated with (PI) proportional-integral controllers,
targeting the actual cycle-averaged temperature and pressure values at
the intake and exhaust manifolds and around the turbocharger. In
addition, for these simulations, the turbocharger was decoupled to
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Fig. 1. Schematic layout of the engine with instrumentation [24].
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simultaneously regulate the intake and exhaust manifold pressures [27].
In the second stage, the results from the 300 engine simulations were
validated. The experimental and predicted values of air mass flow (AMF)
and indicated mean effective pressure (IMEP) were compared, and the
instantaneous pressure traces in the cylinders and manifolds were
checked. An error threshold of 5% was considered for AMF and IMEP
variables, so only the fitting parameters from simulations with these
errors below 5% were employed as inputs for empirical correlations
[24,26]. Fig. 2 presents AMF (a) and IMEP (b) errors related to modeling
the 300 engine tests previously mentioned [24]. Two types of errors are
provided for each variable per operating point: the mean absolute per-
centage error (MAPE) and maximum error (in absolute valve). These
plots show that errors in AMF and IMEP do not exceed the 5% threshold.
Thirdly, empirical correlations were obtained with the validated
fitting parameters, and an ANN was trained using experimental and
predicted data, as explained in [27], to predict Wiebe equation param-
eters. Table 2 shows the following attributes of the correlations and ANN
incorporated into the 1D model of the gasoline engine: (i) the involved
variable; (ii) the fitting parameter or correlation output; (iii) the inde-
pendent variables; (iv) the type of correlation; and (v) the coefficient of
determination [27]. Finally, the model calibration was finished by
implementing the correlations and ANN, recoupling the turbocharger,
and removing all PI controllers, except the one that adjusts engine load.
After that, the engine model was ready to run predictive simulations.

2.4. Predictive H, combustion submodel

The abovementioned ANN, trained to predict gasoline combustion, is
clearly unusable for this research. The predictive Hy combustion sub-
model used instead is described below. Hydrogen combustion simula-
tion is conceptualized as a spark-ignited model; specifically, the
Coherent Flame Model (CFM) combustion model [30,31] is selected.
This model incorporates the interplay between turbulence and com-
bustion phenomena. Turbulence levels are numerically characterized
using detailed 3D CFD simulations including intake, exhaust and com-
bustion chamber components. The model integrates turbulent flow with
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flame reactions, as represented by Eq. (1) that calculates the burning
rate (mp), where p, denotes unburnt gas density, and A¢ signifies
effective flame area accounting for turbulence-induced wrinkling.

my, = py-Ar-Sy @

Af = Ageo 'q)'fwall (2)

The impact of turbulence on flame propagation rate is quantified
through Eq. (2), which models a spherically propagating flame with
geometrical area (Ag,) defined by its radius and incorporates a term (@)
addressing the effect of turbulence on flame speed. Furthermore, an
additional term (f,,.;) is introduced to accommodate flame front deac-
tivation upon interaction with combustion chamber walls. Compre-
hensive details regarding the fundamental principles of this combustion
model are available in [32].

The component of the effective burning rate reliant on fuel chemistry
and its reaction properties is introduced through the laminar flame
speed (Sp). In this study, Sy, is integrated into the model by means of an
ANN, which captures the non-linear trends inherent in thermo-chemical
oxidation properties. The ANN was trained using a validated database of
laminar flame speed simulations derived from the Chemical Reaction
Engineering and Chemical Kinetics Lab [33]. The training of the ANN
encompassed a wide simulation matrix spanning pressures from 1 to
190 bar, temperatures from 600 to 1800 K, and equivalent air-to-fuel
ratios from 1.05 to 4, including EGR rates of up to 40%.

In order to address the objectives of the present study, the simulation
environment also incorporates an extended Zeldovich mechanism [34]
to estimate NOx emissions. Considering that a significant portion of NOx
emissions from HICE combustion is reported to be NO [35], the included
reactions solely focus on NO formation (Egs. (3)-(5)). The reaction rates
are calculated using the Arrhenius expression, with the activation en-
ergy and Arrhenius factor as calibration parameters for each chemical
transformation.

O+N,->NO+N 3)

N+0,-NO+0O (O]

(a)

AMF errors [%]

IMEP errors [%]

Fig. 2. Modeling errors in AMF (a) and IMEP (b) related to the 16 working points used for the model calibration. In the x-axis labels, the first value is engine speed

(rpm) and the second is engine BMEP (bar) [24].
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Table 2
Attributes of the empirical correlations and ANN implemented into the 1D
model of the gasoline engine [24]. (*) R? related to the ANN training data set.

Involved Fitting Independent Correlation R2
variable parameter variables type
Compressor FM of the air  Air volume flow Quadratic 0.98
inlet filter polynomial
pressure equation
Intake WCAC Engine speed and 3D map from -
manifold coolant flow IMEP scattered data
temperature
Turbine inlet HTM of the Gas temperature at Linear 0.81
temperature exhaust the exhaust ports polynomial
manifold and gas mass flow equation
through the turbine
Turbine outlet FM of the Gas volume flow at Quadratic 0.97
pressure TWC and the GPF inlet polynomial
GPF equation
GPF outlet FM of the Gas volume flow Quadratic 0.98
pressure exhaust line through the exhaust  polynomial
line equation
EGR cooler HTM of the Gas temperature at Linear 0.75
inlet EGR line the GPF outlet and polynomial
temperature EGR mass flow equation
EGR cooler Coolant flow  Engine speed and 3D map from -
outlet in the EGR IMEP scattered data
temperature  cooler
Combustion CA50 Spark timing, AFR, Quadratic 0.98*
phasing engine speed and in-  polynomial
(Wiebe cylinder pressure, neural
function) temperature, network
trapped mass and
residual gas fraction
at IVC.
Combustion CA1090 Spark timing, AFR, Quadratic 0.96*
duration engine speed and in-  polynomial
(Wiebe cylinder pressure, neural
function) temperature, network
trapped mass and
residual gas fraction
at IVC.
Engine friction =~ FMEP Engine speed and Chen-Flynn 0.81
losses maximum cylinder model
pressure

HTM: heat transfer multiplier; FM: friction multiplier; IVC: intake valve closing.

N+ OH—-NO+H 5)

The hydrogen combustion model, including the NOx submodel, was
calibrated and validated in a former study [15] using data from tests and
1D simulations on a single-cylinder hydrogen-fueled SI research engine.
This engine is essentially a single-cylinder version of the original engine,
with only minor modifications to the stroke and bore lengths. All other
parameters related to the combustion system, including the chamber
and ports design, injector, and ignition system, remain identical in both
engines. Therefore, it is reasonable to expect that the thermodynamic
properties of the flow will remain fairly similar in both cases. Regarding
the calibration, seven experiments were replicated with the 1D model of
the single-cylinder engine to calibrate ten multipliers: four for the
wrinkling term (®) in Eq. (2) and six others for scaling the activation
energies and Arrhenius factors of NO formation reactions. Fourteen
additional tests were simulated for validation, confirming that the
combustion model predicts both heat release rate and NOx emissions
with tolerable errors [15].

Additionally, a semi-empirical submodel is utilized to assess
abnormal knocking combustion. This submodel lies in the classical
correlation by Douaud and Eyzat [36], which estimates the induction
time as a function of the octane number, the in-cylinder pressure and
temperature at spark timing, and some calibration coefficients adjusted
with experimental data. The dilution effect is considered through one of
these coefficients. This way, despite its simplicity, the submodel is
capable of qualitatively capturing the knock trend as the dilution,
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combustion phasing, and compression ratio are varied [15].
3. Methodology

The main objective of the present work is to study the impact of EGR
and VVT strategies on the overall performance and emissions of a
commercial automotive SI engine fueled with hydrogen. To this end,
firstly, some changes were introduced into the 1D model to adapt the
engine for hydrogen operation, and then, the VVT settings and EGR rate
were sequentially optimized for the 16 steady-state operating conditions
presented in Section 2.3. Despite its limitations in computational effi-
ciency and global optimality, this simple optimization method based on
sequential one-variable sweeps facilitates analyzing the effects of VVT
and EGR strategies on thermal efficiency and NOx emission. The whole
methodology followed is detailed below.

The goal of the engine adaptation was to preserve the original SI
engine performance using hydrogen as a fuel with A equal to 2. This A
value ensures low NOy levels and reduced knocking risk [37,38].
Regarding the changes in the 1D model, the exhaust line diameter was
enlarged by 20% to minimize pressure losses, and the exhaust manifold
was insulated with a rock-wool layer of 50 mm to reach higher tem-
peratures at the turbine inlet. The gasoline TWC and GPF devices were
maintained to partially replicate pressure drop phenomena in hydrogen
aftertreatment systems, which would potentially consist of a selective
catalytic reduction device, an ammonia slip catalyst, and even a par-
ticulate filter to eliminate particulate matter resulting from lubricating
oil combustion [39]. In addition, the turbocharger was scaled to increase
turbine expansion ratio and avoid compressor surge. A reduction of 10
and another of 20% in turbocharger size were tried by decreasing the
mass flow rate data of turbine and compressor maps accordingly.

Ten engine simulations were run to determine which option was the
most suitable. In particular, the original full-load curve between 1250
and 3000 rpm was attempted to be replicated by applying the two re-
ductions in turbocharger size, along with the other hardware changes
mentioned above, and considering the thermo-mechanical limits listed
in Table 3. In the interest of simplicity, a simple Wiebe function with
constant parameters was utilized to reproduce combustion in these ten
simulations.

After the 1D model adaptation, a series of parametric hydrogen en-
gine simulations without EGR were performed to optimize VVT settings
for each of the 16 operating conditions selected. Twenty-five pairs of
IVO (intake valve opening) and EVC (exhaust valve closing) values per
working point, a total of 400 cases, were simulated to find the best VVT
configuration in terms of net indicated thermal efficiency (n,,4). For the
400 cases, the ambient pressure and temperature were set to 1 atm and
25 °C, the WCAC cooling capacity was regulated to keep the intake
manifold at 30 °C, and a A value of 2 was imposed. Besides, the pre-
dictive Hy combustion submodel described in Section 2.4 was imple-
mented, and the spark timing was adjusted using a specialized optimizer
to maximize n;4 in each case.

Regarding the results of these simulations, the impact of the VVT
strategy on pumping, heat and exhaust losses, combustion duration
(CA1090), and residual gas fraction was assessed to understand its effect
on 1;,4. The residual gas fraction (RGF) is calculated as the ratio between
the mass of burned gases (including external EGR if applicable) trapped
in the cylinders at IVC (intake valve closing) and the total mass trapped.

Table 3
Turbocharger and engine thermo-mechanical limits.

Variable Maximum value
Turbocharger speed 250,000 rpm
Compressor outlet temperature 200 °C

Turbine inlet temperature 950 °C

Turbine inlet pressure 4.2 bar
In-cylinder pressure 180 bar
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It should also be clarified that only the results from those simulations in
which the VVT configuration provided a trapping ratio (TR) of 1 were
analyzed. This way, those cases with an effective air dilution at the
combustion chamber lower than 100% (A = 2) were excluded to ensure a
fair comparison. The trapping ratio is defined in Eq. (6), where my;., is
the mass of air (kg) trapped in the cylinders at IVC, weng the engine speed
(s’l), and my;, the total mass flow rate of air (kg/s). The parameter “i” is
equal to 0.5 for four-stroke engines.

TR (9%) = 100 ezt Ve (6)
Majr
Lastly, parametric Hy engine simulations with EGR were carried out
to evaluate the benefits and drawbacks of this strategy. More specif-
ically, a series of EGR sweeps were simulated under two different intake
charge conditions:

¢ Iso-dilution conditions. A constant external (not including internal
EGR) dilution rate of 100% is guaranteed in each simulation by
replacing a portion of air with EGR gases. A dilution rate (DR) of
100% is the one achieved with A = 2 without EGR. From the concepts
of A, EGR rate and dilution, presented in Eq. (7), (8), and (9), it
follows that reducing A by 0.1 means increasing the EGR rate by 5% if
keeping DR at 100%, as shown in Eq. (10).

A= .Inair (7)
Mair st

EGR rate (%) = 100 2% ®)

Myir + MEGR
My + MEgr

DR (%) =100 ——————1 9
mair,st

EGR rate (%) = 100 — 50, if DR = 100% (10)

The variable m,;, s refers to the stoichiometric mass flow of air for a
given mass flow of fuel, while mggg is the mass flow of exhaust gases
recirculated. One EGR sweep, from 0 to 25% EGR in increments of 5%,
was simulated under iso-dilution conditions for each of the following
four operating points: 1250 rpm and 4 bar BMEP (low engine load),
1500 rpm and 6 bar BMEP (medium-low), 2500 rpm and 14 bar BMEP
(medium-high), and 2000 rpm and 24 bar BMEP (high). For every
sweep, constant IVO and EVC values equal to the optimal ones (previ-
ously calculated for A = 2 and no EGR) were used. The analysis of the
results focused on explaining the effect on 1, ; and NOx emissions
through variables such as combustion temperature and duration.

e Iso-NOx conditions. EGR gases are more effective than fresh air in
minimizing NOx emissions [40], so the EGR strategy can lead to a
higher low-end torque due to a reduced boost request (given that a
lower DR is required for the same NOx level). Hence, several engine
simulations were conducted to determine maximum torque at 1250
and 1500 rpm for A values between 1.1 and 2. For every A value, the
EGR rate was adjusted to maintain NOx emissions (in g/h) at the
same level as the one achieved with A = 2 and no EGR.

For all simulations with EGR, the ambient pressure and temperature
were set to 1 atm and 25 °C, and the cooling capacities of the WCAC and
EGR cooler were adjusted to keep the intake manifold and the EGR
cooler outlet at 30 and 90 °C, respectively. Likewise, the predictive Hy
combustion submodel and the spark timing optimizer were also used.
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4. Results and discussion
4.1. Engine modification for hydrogen operation

Firstly, five engine simulations were performed to determine
maximum torque at 1250, 1500, 2000, 2500 and 3000 rpm using
hydrogen as a fuel, without any modifications regarding the original
engine configuration. Fig. 3 illustrates the engine torque (a), normalized
by the maximum torque with gasoline, and the corresponding opening
of the VGT vanes (b) for the five simulations mentioned. These five cases
with hydrogen are labeled as “baseline with Hy”. The full-load curve
with gasoline is also represented in Fig. 3a (solid line). This graph shows
that the maximum torque between 1250 and 2000 rpm is clearly lower
with hydrogen while VGT is fully closed. The most significant power loss
is around 50% at 1500 rpm.

In order to compensate for the power loss, the exhaust system was
altered, as described in Section 3, and two reductions of 10 and 20% in
turbocharger size were tried. It should be remarked that, for each
turbocharger size reduction, the mass flow rate (MFR) data of turbine
and compressor maps were modified in the same proportion. Ten
hydrogen engine simulations at full-load conditions were conducted to
evaluate which of the two options is better: five cases (1250, 1500, 2000,
2500 and 3000 rpm) with a 10% reduction and the remaining five with
20%. Fig. 4 shows engine torque (a), VGT opening (b), turbine inlet
temperature (c), and turbine expansion ratio (d) for these ten simula-
tions, and for the five comparable cases in Fig. 3 simulated using the
original engine configuration. The torque data in Fig. 4a are normalized
by the maximum torque with gasoline. Fig. 5 depicts the compressor
outlet temperature (a), surge margin (b), turbocharger speed (c), and
maximum in-cylinder pressure (d) for the same cases as in Fig. 4. The
surge margin (SM) is defined as the difference between the corrected
MER through the compressor and the theoretical corrected MFR at the
surge line for a given pressure ratio, divided by the latter; so negative SM
values entail that the compressor is surging.

Decreasing the turbine size allows for an increase in the expansion
ratio for a defined VGT position, and insulating the exhaust manifold
raises the temperature at the turbine inlet. Both modifications result in
increased torque between 1250 and 2000 rpm compared to the baseline
scenario. In particular, scaling the turbocharger down by 20% is the best
option, given that the gasoline full-load torque at 1250 rpm cannot be
replicated by applying a reduction of only 10% (Fig. 4a). In addition,
reaching the original peak power at 1500 rpm with a 10% reduction
would not be feasible either because the compressor would be surging
(Fig. 5b). It proves that decreasing the compressor size by 20% is also
required. Regarding the thermo-mechanical limitations, it should be
stated that all the limit values defined in Table 3 are met, as noticed in
Fig. 4 and Fig. 5.

4.2. VVT optimization

The results of the hydrogen engine simulations conducted to opti-
mize IVO and EVC settings for all 16 selected operating points are pre-
sented in this section. Given that the influence of VVT on fuel efficiency
remains consistent for certain degrees of load across different engine
speeds, the results of this study can be classified into three categories:
throttling, no-throttling (open throttle), and turbocharging conditions.

4.2.1. Throttling conditions

Fig. 6 illustrates the contour maps of pumping losses (a), in-cylinder
RGF (b), combustion duration (c), and (net) indicated efficiency (d) as
functions of IVO advance and EVC delay (in CAD) at 1250 rpm and 4 bar
BMEP. These maps were obtained by interpolating the results from
simulating twenty-five pairs of VVT settings at this working point under
the conditions described in Section 3. All the contour maps presented in
this research were determined by following the same method, regardless
of either the variable or the operating point. Besides, it should be stated
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that IVO and EVC values equal to 0-0 and 40-40 provide the minimum
and maximum valve overlaps, respectively. In order to fully understand
the results, the best and worst cases in terms of efficiency, marked with a
cross (VVT 40-30) and a circle (VVT 20-0) in Fig. 6d, are compared.
Fig. 7 shows the instantaneous MFR through each intake valve (a) and
in-cylinder temperature (b) for the two VVT configurations mentioned.

Increasing the valve overlap leads to higher in-cylinder RGF, causing
a reduction in pumping losses. This is because lower throttling is
required to increase valve MFR in the second half of the intake stroke,
thus compensating for backflows during the valve overlap (around 360
CAD), as seen in Fig. 7a. It should be stated that, at this operating point,
the cycle-averaged intake manifold pressure is between 0.6 and 0.9 bar
(depending on VVT settings), while there is about 1.05 bar at the exhaust
manifold. On the other hand, as RGF increases, the combustion process
is slower, and heat losses are slightly larger despite a lower combustion

temperature. The latter is due to the fact that more residual gases also
lead to a higher in-cylinder temperature during the intake and
compression strokes (Fig. 7b). These two adverse effects, particularly
the longer combustion duration, explain why the indicated efficiency is
optimized using the VVT 40-30 configuration rather than the one of
maximum overlap (VVT 40-40), which minimizes pumping losses
(Fig. 6a). The VVT strategy at 1250 rpm and 4 bar BMEP can improve
indicated efficiency by up to 1.5% (Fig. 6d).

4.2.2. Open throttle conditions

Fig. 8 illustrates the contour maps of pumping losses (a), in-cylinder
RGF (b), combustion duration (c), and (net) indicated efficiency (d) as
functions of IVO advance and EVC delay at 1500 rpm and 6 bar BMEP.
Under these engine running conditions, no throttling is practically
required, and the VGT vanes are still kept fully open. Hence, the intake
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manifold is nearly at the ambient pressure while the exhaust manifold is
at 1.1 bar. The results obtained using the VVT 0-20 and VVT 40-20
configurations (respectively marked with a circle and cross in Fig. 8d)
are compared to analyze the effect of advancing IVO and, thus, under-
stand the differences in shape between the maps of pumping losses and
indicated efficiency. Fig. 9 depicts the instantaneous MFR through each
intake valve (a) and in-cylinder temperature (b) for the cases simulated
with VVT 0-20 and VVT 40-20.

As the intake manifold pressure is closer to the exhaust one, the
backflows through intake valves during the overlap period are smaller.
As a consequence, the reduction in pumping losses that can be achieved
with a longer valve overlap is increasingly less significant. Fig. 8a shows
that pumping losses are reduced only by around 0.2% when advancing
IVO by 40 CAD (for an EVC delay of 20 CAD). This minor effect is
because the intake manifold pressure barely increases; given that the
backflows during the overlap period through an IVO advance of 40 CAD
are comparable to the ones obtained without advancing IVO at the
beginning of the compression stroke (Miller cycle). In Fig. 9a, the valve
overlap happens at around 360 CAD, and the compression stroke starts
at 540 CAD.

Although the quantity of backflows is similar for both VVT config-
urations, their composition differs. Backflows are exclusively composed
of burnt gases when occurring upon IVO (as with VVT 40-20), while
they are mainly comprised of fresh air if taking place just before IVC (as
with VVT 0-20). This distinction is responsible for an RGF increase of
4% when advancing IVO by 40 CAD, leading to a bit worse combustion
(Fig. 8c). Regarding heat losses, the effect of varying IVO is very mar-
ginal. Fig. 9b shows minor in-cylinder temperature differences between
the two VVT configurations mentioned, with slightly lower tempera-
tures during combustion and slightly higher ones during the intake and
compression strokes for an IVO advance of 40 CAD. All the above ex-
plains why the benefit of VVT in indicated efficiency under these

operating conditions is more limited than under throttling, as checked
by comparing Fig. 6d and Fig. 8d maps. A maximum indicated effi-
ciency improvement of 0.6% can be achieved with VVT at 1500 rpm and
6 bar BMEP.

4.2.3. Turbocharging conditions

Fig. 10 depicts the contour maps of pumping losses (a), in-cylinder
RGF (b), heat losses (c), and (net) indicated efficiency (d) as functions
of IVO advance and EVC delay at 2500 rpm and 14 bar BMEP. The
throttle is fully open under these operating conditions, while the VGT
vanes are partially closed. Also, for some VVT configurations, the intake
manifold pressure is very close to (or even higher than) the exhaust one,
so a portion of the intake fresh air may be short-circuited during the
valve overlap. As stated in Section 3, the results of those simulations in
which the trapping ratio is lower than 100% are excluded from Fig. 10
maps, in order to avoid comparing cases with different effective air di-
lutions. Moreover, the results obtained with VVT 0-0 and VVT 0-40
(marked with a cross and circle in Fig. 10d) are particularly analyzed to
assess the impact of delaying EVC on indicated efficiency. Fig. 11 il-
lustrates (a) the in-cylinder pressure-volume diagram, zooming in on the
pumping loop, and (b) the cumulative heat losses throughout the engine
cycle, normalized by fuel energy, for the two VVT configurations just
mentioned. Fig. 11b also shows the instantaneous in-cylinder
temperature.

Minimizing the valve overlap optimizes fuel consumption at this
operating point. An improvement of around 2% in indicated efficiency is
observed when comparing the results with the best (0-0) and worst
(0-40) VVT configurations. This 2% improvement is owing to a reduc-
tion in pumping losses of 1.2% (Fig. 10a) and a decrease in heat losses of
0.8% (Fig. 10c). If simply analyzing the cycle-averaged variables, the
pressure difference between the exhaust and intake manifolds is quite
similar for both VVT configurations (1.86-1.75 bar vs. 1.95-1.83 bar).
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Fig. 6. Contour maps of pumping losses (a), in-cylinder RGF (b), combustion duration (c), and indicated efficiency (d) as functions of IVO advance and EVC delay at

1250 rpm and 4 bar BMEP (A = 2).
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However, Fig. 11a reveals that the in-cylinder pressure is substantially
higher during most of the exhaust stroke when delaying EVC (and,
consequently, the exhaust valve opening) by 40 CAD. In fact, the work
done by the engine to expel burnt gases from the cylinders is 45%
greater with VVT 0-40 than with VVT 0-0, justifying the difference of
1.2% in pumping losses. Regarding heat losses, delaying EVC also means
a higher in-cylinder temperature during the exhaust stroke, increasing
heat transfer through the cylinder walls. Fig. 11b shows that heat losses

in the simulations with VVT 0-0 and VVT 0-40 only differ once the
exhaust valves are opened in the first one (around 150 CAD). Between
both cases, there is barely any difference in the in-cylinder gas compo-
sition and combustion process.

4.2.4. Overview of the VVT impact
Table 4 shows the best IVO and EVC settings in terms of thermal
efficiency for the 16 steady-state operating conditions selected for this
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research. Table 4 also includes the type of condition, based on the degree
of load (or how the engine load is controlled); the values of intake
manifold pressure (p;;,) and indicated efficiency (n;,q) obtained through
the best VVT configuration; and the VVT potential to improve fuel
consumption, defined as the difference between the maximum and
minimum values of n;,4 at each working point. Furthermore, Fig. A1 and
Fig. A2 in the Appendix A depict the contour maps of indicated

10

efficiency as functions of IVO advance and EVC delay for all operating
conditions, not including those already shown in previous sections.
Considering all these results, the following findings were identified
regarding the influence of VVT on indicated efficiency:

e With the engine operating under throttling conditions with A = 2,
pumping losses are minimized through the maximum valve overlap.
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However, increasing the overlap period is limited by the combustion
deterioration caused by an excessive amount of residual gases. This
effect explains why indicated efficiency is optimized using a long, but
not the maximum, valve overlap at low loads. Optimizing the VVT
system under these operating conditions can reduce fuel consump-
tion by up to 1.5%.

e With the engine operating under turbocharged conditions, fuel
consumption is optimized using VVT configurations that provide

11

overlap periods close to the minimum. Mainly because of the impact
of exhaust valve timing on pumping losses, given that an early
exhaust valve opening facilitates removing burnt gases from the
cylinders, resulting in decreased pumping work. In comparison, the
effect of varying IVO is generally minimal. The VVT strategy under
these conditions (medium and high loads) can improve fuel effi-
ciency by 1.2-2.5%.
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Table 4

Best IVO and EVC settings in terms of thermal efficiency for all steady-state operating points researched.
Speed (rpm) BMEP (bar) Load condition Best IVO advance (CAD) Best EVC delay (CAD) Pinc (bar) Nina (%) ANjng (%)
1250 4 Throttling 40 30 0.88 39.1 1.5
1250 12 Turbocharging 10 5 1.58 43.6 1.9
1500 2 Throttling 40 15 0.59 35.1 1.3
1500 6 Open throttle 40 20 0.99 41.3 0.6
1500 12 Turbocharging 10 5 1.58 44.3 1.2
1500 20 Turbocharging 15 0 2.67 45.3 2.0
2000 2 Throttling 40 20 0.61 35.9 1.3
2000 6 Open throttle 40 15 0.97 42.2 0.7
2000 10 Turbocharging 10 5 1.33 44.3 1.4
2000 15 Turbocharging 0 0 1.99 45.4 1.8
2000 24 Turbocharging 5 0 2.97 46.2 2.0
2500 3 Throttling 40 20 0.68 38.4 0.7
2500 6 Open throttle 0 5 0.95 42.4 1.2
2500 14 Turbocharging 0 0 1.86 45.0 2.0
3000 12 Turbocharging 10 0 1.62 44.5 2.4
3000 21 Turbocharging 0 0 2.88 45.0 2.5

e When operating in the transition zone from throttling to turbo-
charging, the difference between increasing and decreasing the valve
overlap is lower in terms of efficiency. In other words, the potential
for improvement through the VVT system is more limited. At these
intermediate conditions, the indicated efficiency is maximized using
long valve overlaps (as under throttling) until 2000 rpm and short
ones (as under turbocharging) from 2500 rpm (Table 4).

4.3. EGR influence

4.3.1. Iso-dilution conditions

Twenty-four hydrogen engine simulations with EGR were done
under iso-dilution conditions, meaning that an external dilution rate of
100% was maintained by proportionally substituting fresh air with EGR
gases (see Section 3). In particular, the EGR rate was varied from 0 to
25% in increments of 5% for the following four operating points: 1250
rpm and 4 bar BMEP (low engine load), 1500 rpm and 6 bar BMEP
(medium-low), 2500 rpm and 14 bar BMEP (medium-high), and 2000
rpm and 24 bar BMEP (high). The VVT settings optimized with A = 2 and
no EGR for each operating point (Table 4) were used in these simula-
tions. Fig. 12 illustrates the indicated efficiency (a) and brake-specific
NOx emissions (b) for different EGR rates under iso-dilution condi-
tions. Similarly, Fig. 13 shows heat losses (a), maximum in-cylinder
temperature (b), combustion duration (c), and exhaust port tempera-
ture (d). Among the twenty-four simulations with EGR, the ones in
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which hydrogen combustion was very deteriorated (CA1090 higher than
40 CAD) were excluded from both figures. This threshold is based on the
direct relationship between combustion duration (CA1090) and cycle-
to-cycle variability. Observations from experiments used to calibrate
and validate the combustion model indicated that cyclic variability
significantly increases beyond 40 CAD of combustion duration [15].
This procedure ensures that the conclusions drawn from the simulation
results are sufficiently reliable and robust.

Fig. 12 reveals that both indicated efficiency and NOx emissions are
reduced as the EGR rate increases, independently of the operating point.
The penalty in efficiency is basically attributed to a slower combustion
process when EGR is used. This slower H, combustion is responsible for
a slight decrease in pumping losses under turbocharged conditions,
thanks to slightly higher exhaust port temperatures, and for reduced
heat losses due to lower combustion temperatures (see Fig. 13). How-
ever, these favorable effects are insufficient to offset the combustion
deterioration, resulting in worse thermal efficiency. Regarding NOx
emissions, substituting fresh air for EGR gases reduces the O, concen-
tration in the combustion chamber, which, along with lower combustion
temperatures, explains why NOyx emissions are lower as the EGR rate
increases. Finally, it should be remarked that EGR rates of around 10%
could be considered valuable, particularly at medium and high loads,
given that a NOx emission reduction of 30% would be achieved with a
minimal effect on fuel efficiency.
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Fig. 12. Indicated efficiency (a) and brake-specific NOx emissions (b) for different EGR rates under iso-dilution conditions. In the legend, the first value is engine

speed (rpm), and the second is engine BMEP (bar).
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4.3.2. Iso-NOx conditions

The modeling results in Fig. 12 have demonstrated that EGR gases
are more effective than fresh air in minimizing NOx emissions. In other
words, the dilution rate (air + EGR) required for a specific NOx level is
lower as the EGR rate becomes higher. A lower DR for the same boost
pressure involves introducing more fuel, thus increasing engine load.

A series of hydrogen engine simulations were conducted to deter-
mine how much the peak torque can be improved using EGR without
increasing NOx emissions at 1250 and 1500 rpm, where the turbo-
charger is the limiting factor. In these simulations, the EGR rate was
adjusted for different A values (< 2) to obtain the same mass flow rate of
NOy as with no EGR (and A = 2) at full load, provided that a low
knocking risk was guaranteed. Fig. 14 depicts the VGT opening (a), A (b),
dilution rate (c), and fuel consumption increase (d) for different EGR
rates at full load under iso-NOx conditions. Likewise, Fig. 15 illustrates
the torque increase (a), indicated efficiency (b), boost pressure increase
(c), and turbine inlet temperature (d). The increases in fuel consump-
tion, torque, and boost pressure were calculated relative to their initial
values for 0% EGR (A = 2).

As expected, regardless of engine speed, a lower dilution rate was
required as the EGR rate was increased in order not to exceed a given
NOyx emission level, explaining why a higher amount of fuel could be
introduced. Focusing on the cases at 1250 rpm, in which VGT vanes are
fully closed (Fig. 14a), burning additional fuel with a reduced DR leads
to a boost pressure increase due to a higher turbine inlet temperature
(Fig. 15c and d). Therefore, even more fuel can be injected. At 1500
rpm, by contrast, a similar change in the turbine inlet conditions does
not translate to a boost pressure increase, given that engine power is
limited by compressor surge rather than turbine performance. This
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justifies why there is more margin to increase engine torque at 1250 rpm
than at 1500 rpm. For both speeds, the torque reaches its maximum
value once the additional fuel does not compensate for the decrease in
thermal efficiency (resulting from slower combustion with EGR). In
short, thanks to the EGR strategy, the peak torque could be improved by
5 and 16% at 1500 and 1250 rpm, respectively, without increasing NOx
emissions. Nevertheless, it should be noted that the benefit of EGR can
be limited by condensation issues, which may appear with EGR rates
above 25%, given the intake flow conditions at the compressor inlet.

5. Summary and conclusions

The impact of combined VVT and EGR strategies on the performance
and emissions of a Euro 6 turbocharged DI SI engine fueled with
hydrogen was analyzed. To this end, a 1D model of the whole SI engine,
previously validated using gasoline-fueled engine tests, was adapted for
hydrogen operation. This adaptation consisted of hardware modification
and a predictive hydrogen combustion submodel. Regarding the former,
the turbocharger was scaled down by 20% and the exhaust manifold was
thermally insulated, both to avoid a power loss using hydrogen as a fuel
with A equal to 2, respecting the original engine performance with
gasoline.

Once the 1D model was adapted, hydrogen engine simulations were
performed to optimize VVT settings for thermal efficiency with no EGR
and A equal to 2. The results from these simulations revealed that fuel
efficiency was optimized by configuring the VVT system to provide long
valve overlaps under throttling conditions (low loads) and short ones
under turbocharged conditions (medium and high loads), independently
of engine speed. In the transition zone from throttling to turbocharging,
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fuel efficiency was maximized using long valve overlaps (as under
throttling) until 2000 rpm and short ones (as under turbocharging) from
2500 rpm. All of this could be explained by the influence of VVT on
pumping losses, in-cylinder gas composition, and combustion perfor-
mance. Besides, it was found that the potential of VVT for improvement
is generally higher at medium and high engine loads, where thermal
efficiency could be increased by up to 2.5%.

Later, EGR sweeps were simulated under iso-dilution conditions at
four operating points related to different engine load levels (low,
medium-low, medium-high, and high), using the VVT settings optimized
before without EGR. These simulations revealed that diluting with EGR
gases rather than fresh air is more effective in reducing NOx due to lower
in-cylinder O concentrations and combustion temperatures; however,
EGR slightly penalizes fuel economy. More specifically, EGR rates of
10%, while maintaining an external dilution rate of 100%, were found to
decrease NOx emissions by 30% at medium and high loads with minimal
impact on thermal efficiency. Finally, two additional EGR sweeps were
simulated at full load but now under iso-NOx conditions. These last
simulations showed that EGR leads to higher low-end torque due to the
lower total dilution rate required for a given NOx level (given that EGR is
more effective in minimizing NOy). In particular, the EGR strategy
would improve peak torque by 5 and 16% at 1500 and 1250 rpm,
respectively, without affecting NOx emissions.

Appendix A

Applied Energy 376 (2024) 124307
CRediT authorship contribution statement

Ricardo Novella: Supervision, Resources, Project administration,
Conceptualization. Josep Gomez-Soriano: Writing — review & editing,
Writing — original draft, Supervision, Methodology, Formal analysis,
Conceptualization. David Gonzalez-Dominguez: Writing — review &
editing, Writing — original draft, Visualization, Methodology, Formal
analysis, Conceptualization. Orlando Olaciregui: Writing — review &
editing, Visualization.

Declaration of competing interest

The authors declare that they have no known competing financial
interests or personal relationships that could have appeared to influence
the work reported in this paper.
Data availability

Data will be made available on request.

Acknowledgements

Funding for open access charge: CRUE-Universitat Politecnica de
Valencia.

Fig. A1 shows the contour maps of indicated efficiency as functions of IVO advance and EVC delay for the next operating points: 1250 rpm and 12
bar BMEP (a), 1500 rpm and 2 bar BMEP (b), 1500 rpm and 12 bar BMEP (c), 1500 rpm and 20 bar BMEP (d), 2000 rpm and 2 bar BMEP (e), and 2000
rpm and 6 bar BMEP (f). The results of the simulations in which the trapping ratio is lower than 100% are not shown. Those simulations at low engine
loads in which the combustion is very deteriorated for long overlap periods are neither considered. Likewise, Fig. A2 illustrates the contour maps of
indicated efficiency for the following operating points: 2000 rpm and 10 bar BMEP (a), 2000 rpm and 15 bar BMEP (b), 2000 rpm and 24 bar BMEP (c),
2500 rpm and 3 bar BMEP (d), 2500 rpm and 6 bar BMEP (e), 3000 rpm and 12 bar BMEP (f), and 3000 rpm and 21 bar BMEP (g).
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