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CMT - Motores Térmicos,
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Abstract

This paper presents a numerical study analyzing the effect of pulsating
flow in a variable geometry radial inflow turbine. The turbine behavior is
analyzed under isentropic pulses, which are similar to those created by a ro-
tating disk in a turbocharger test rig. Three different pulse frequencies (50,
90 and 130 Hz) and two pulse amplitudes (100 and 180 kPa) were consid-
ered. Turbine flow was studied throughout the pressure pulsation cycles in
a wide range of off-design operating conditions, from low pressure ratio flow
detachment to high pressure ratio choked flow. An overall analysis of the
phasing of instantaneous mass flow and pressure ratio was first performed
and the results show the non-quasi-steady behavior of the turbine as a whole
as described in the literature. However, the analysis of the flow in the dif-
ferent turbine components independently gives a different picture. As the
turbine volute has greater length and volume than the other components, it
is the main source of non-quasi-steadiness of the turbine. The stator nozzles
cause fewer accumulation effects than the volute, but present a small degree
of hysteretic behavior due to flow separation and reattachment cycle around
the vanes. Finally, the flow in the moving rotor behaves as quasi-steady, as
far as flow capacity is concerned, although the momentum transfer between
exhaust gas and blades (and thus work production and thermal efficiency) is
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affected by a hysteretic cycle against pressure ratio, but not if blade speed ra-
tio is considered instead. A simple model to simulate the turbine stator and
rotor is proposed, based on the results obtained from the CFD computations.

Keywords: CFD Simulation, Pulsating flow, Radial turbine, Turbocharger,
Turbine modeling, Quasi-steady assumption

1. Introduction1

Axial, radial and mixed-flow turbines are used in all kinds of power-plants,2

ranging from the large turbines used in aircraft propulsion and steam turbines3

electric generators to the smaller ones used in micro gas turbines or automo-4

tive turbochargers. The importance of optimizing these energy conversion5

devices is clear, as has been shown by Korakianitis et al. [1], who presented6

a methodology for designing high efficiency turbine blades. Computational7

Fluid Dynamics (CFD) is a valuable tool for characterizing the performance8

of turbomachinery. 3D-CFD codes provide an accurate solution of the flow9

field of the system studied. Zhang et al. [2] performed a numerical analysis10

to optimize turbine blades and analyze their effect on efficiency and thereby11

showed the suitability of CFD for turbomachinery design.12

Turbocharging is one of the most important technologies for the automo-13

tive industry. This technology is well-established for the diesel engine sector14

[3] and its use in gasoline engines has been steadily increasing in the past15

decade. The use of turbochargers enables reductions of engine cylinder vol-16

ume and weight without reducing the power and torque produced. At the17

same time this technology reduces fuel consumption and emissions, which is18

vital for successfully fulfilling the current legal restrictions. The increasing19

use of turbochargers is leading to interesting developments in turbocharger20

technology. For instance, turbine vanes have evolved from being simple flat21

plates to the aerodynamically-shaped profiles of the latest designs. Another22

development was the variable geometry turbine (VGT), which improves en-23

gine transient performance [4]. The use of VGT is nowadays a common24

feature in the diesel engine sector. In order to keep improving turbocharger25

efficiency, it is necessary to understand and fully characterize its internal flow26

behavior. In this way, Jiao et al. [5] performed a numerical analysis of the27

flow field in a turbocharger compressor.28

When a turbine is installed on a reciprocating engine, the inlet flow is29

not steady. The turbine receives a highly pulsating flow from the cylinders30
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[6, 7, 8]. These pulses cause the turbine to operate in a wide range of work-31

ing conditions, reaching extreme off-design points. In the past, most research32

and characterization of radial turbines was performed at constant flow con-33

ditions, using both experimental [9] and numerical [6] approaches. In order34

to deal with off-design steady conditions, an extrapolation methodology was35

presented in [10]. In recent times, more attention has been paid to the analy-36

sis of pulsating flow in turbines. Baines [11] gives an overview of the different37

methods used for understanding pulsating flow in a turbine and the factors38

that influence turbine performance. Papers based on experimental work dis-39

cuss accumulation and/or wave effects in the turbine and how the signals40

measured upstream and downstream have to be shifted in order to properly41

compute performance maps (flow capacity and isentropic efficiency). On the42

first issue there is general agreement that all the accumulation and wave43

effects are located in the volute, whereas the impeller can be considered as44

quasi-steady [12]. There is also a discussion on whether signal shift should45

be carried out using flow velocity or the speed of sound [13, 14]. Papers using46

CFD are generally focused on comparing the results against experiments and47

how the set-up should be defined [15, 8]. One of the points of controversy is48

how impeller movement is to be reproduced and there are two different ap-49

proaches on this issue. On one hand, the Multiple Reference Frame (MRF),50

also known as the frozen rotor, keeps the mesh stationary and simulates the51

movement by using a rotating coordinate system. The main advantage of the52

MRF approach is its low computational cost, at the expense of neglecting the53

blade passage effect and the stator-rotor interaction. On the other hand, the54

Sliding Mesh Model (SMM) actually moves the rotor mesh. Palfreiman et55

al. [16] considered that the frozen rotor approach may have some impact on56

the results. Similar conclusions might be found for turbocompressors in Liu57

et al. [17]. However, less attention has been paid to using CFD calculations58

to compare steady and pulsating flow operating points in order to support59

the conclusions of other authors. Aymanns et al. [18] recently did this for a60

waste-gated nozzleless turbine, showing flow capacity and efficiency plots for61

the turbine impeller which support its quasi-steady behavior.62

In this work, CFD simulations were used to analyze the internal pulsat-63

ing flow in a vaned nozzle, variable geometry turbine (VGT). In order to64

analyze the effects of pulsating conditions, the different turbine components,65

i.e. volute, nozzles and rotor, were studied separately. The paper is pre-66

sented as follows. The numerical model and set-up used are first described.67

The results obtained using steady boundary conditions are then given. The68
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pulsating flow simulations are presented, with comments on the results, and69

are compared to the equivalent steady-state points. In the last section, a70

simplified 1D-0D turbine model is proposed, able to reproduce the unsteady71

effects previously analyzed.72

2. Numerical Model73

The computations were performed using ANSYS-FLUENT v12. Figure74

1 shows a schematic view of the turbine used in this work. The different75

post-processing sections considered, which are also presented in Tab. 1,76

can be identified in the figure. The computational domain included two77

zones not shown in the figure: two straight ducts which are placed at the78

turbine inlet (Section 1) and outlet (Section 5). The computational domain79

was chosen in this way in order to simulate a radial turbine operating in a80

turbocharger test-rig, such as the one shown in [19]. These ducts also separate81

the outlet boundary condition from the turbine. Little attention is paid to82

this feature in most of the works in the literature. However, setting the outlet83

boundary condition at the outlet section of the turbine, which is quite close84

to the impeller, makes the pressure at the impeller outlet section almost85

constant. In a waste-gated turbine this procedure is close to reality, due86

to the typical sudden increase of section at the impeller outlet in this type87

of turbine. Capobianco and Marelli [20] studied the pressure fluctuations88

at the impeller outlet of a waste-gated turbine at different opening levels.89

The results show that at large waste-gate openings, pressure fluctuations90

downstream of the impeller are not negligible. The hypothesis of constant91

downstream pressure commonly applied in turbocharger simulations may92

therefore introduce significant errors and particularly has influence in the93

pulsating results, as will be explained in the following analysis.94

The turbine under study does not have an important expansion at the95

impeller outlet and therefore the validity of the constant pressure approach96

is not clear. In order to avoid errors when modeling the operating conditions,97

the outlet boundary was set farther away, thus allowing a certain pressure98

variation at the impeller outlet. This procedure ensures that the pressure99

at the turbine outlet is calculated from the flow domain and is not directly100

imposed.101

Although a VGT was analyzed in this study, the angle was kept constant102

to reduce the number of parameters. In the same way the rotational speed of103

the turbocharger was fixed at 18953 rad·s−1. In real pulsating operation the104
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Table 1: SITUATION OF THE DIFFERENT SECTIONS CONSIDERED IN THE COM-
PUTATIONAL DOMAIN

Section number Description
0 Domain Inlet
1 Volute Inlet
2 Volute Outlet-Nozzle Inlet
3 Nozzle Outlet-Rotor Inlet
4 Rotor Outlet
5 Turbine Outlet
6 Domain Outlet

rotational speed would not remain constant, but it would only vary within a105

comparatively narrow range [13].106

2.1. Mesh Information107

The 3D mesh used for the computations is shown in Fig. 1. The main108

difficulty when dealing with real geometries is to achieve an appropriate mesh.109

The authors opted for a non-conformal mesh built from a combination of110

polyhedra and extruded polygons. ANSYS-FLUENT offers the possibility111

of generating a polyhedral mesh from a tetrahedral one, which gives better112

accuracy than the equivalent tetrahedral mesh [21].113

A numerical accuracy study was performed to evaluate the independence114

of the numerical results with the mesh size. This analysis has been performed115

considering as characteristic cell size that used in the rotor section. The116

different computations for the mesh independence analysis have been done117

keeping a constant rotational speed 18953 rad·s−1 and a constant mass flow118

rate for the different cases. The results are presented in Tab. 2.119

The difference found in the last two meshes is about a 1.5 % in torque120

and less than a 0.4 % in pressure ratio. The mesh for the pulsating compu-121

tations cannot be as fine as Grid 4 in the accuracy study, due to the too long122

computational time. The grid number 3 has been therefore used.123

2.2. Case configuration124

The solver used was the ANSYS-FLUENT v12 pressure based coupled125

solver. The convective terms were discretized using a second-order upwind126
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Table 2: MESH INDEPENDENCE ANALYSIS

Grid Cells in the Average equivalent cell Pressure Shaft torque
Number original mesh size in rotor (mm) ratio (N·m)

1 596863 0.5439 2.353 0.337
2 933366 0.4257 2.297 0.406
3 2039818 0.2585 2.265 0.442
4 3793563 0.2128 2.273 0.435

scheme and the unsteady terms were integrated using a first order implicit127

scheme in time. The time-step size should be chosen to correctly reproduce128

the transient behavior of the turbine, but keeping the computational cost at129

a reasonable level. In most of the works in the literature, a time step size130

ranging from 0.6◦ [22], 1◦ [23, 24] up to 5◦ per time-step [25] was used. For131

a rotor-stator model, ANSYS-FLUENT recommends to have 20 time-steps132

between each blade passing [26]. Following this criterion, in this work the133

time step size was chosen to have 200 time steps per rotor revolution. This134

means a time-step size of 1.6576 · 10−6 seconds. The influence of the time-135

step size in the numerical results has been evaluated, obtaining about a 1 %136

difference in torque when the time step is divided by two.137

Following the criteria found in the literature [27], the two-equation κ−ω138

SST turbulence model [28] was used. This turbulence model is generally139

preferred when dealing with turbomachinery since it behaves better than140

other two-equation RANS turbulence models when inverse pressure gradients141

and flow separation have to be considered. The boundary conditions applied142

were total pressure and temperature at the inlet boundary and static pressure143

at the outlet surface.144

3. Steady flow results145

Numerical simulations were performed for different inflow conditions. The146

pressure ratio through the domain was modified by setting a different total147

pressure value at the inlet boundary. Since the steady flow results were148

compared to the pulsating equivalent points, a similar pressure ratio range149

was considered, thus varying total pressure at the inlet section from 50 kPa150
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to 210 kPa.151

The parameters typically analyzed when studying pulsating flow in tur-152

bines are the corrected mass-flow rate and efficiency as a function of the153

total-to-static pressure ratio. However, the definition of turbine efficiency154

raises certain doubts [13] due to the possible definitions of isentropic power.155

For this reason torque is used as a parameter in this paper instead of effi-156

ciency. Since the rotational speed of the rotor was kept constant, turbine157

power is proportional to torque.158

Figure 2 shows the CFD results in terms of corrected mass flow for the159

two impeller movement techniques, as well as the results measured in a gas-160

stand. In the figure, π1t5s stands for the ratio between the total pressure161

at Section 1 (see Fig. 1) and the static pressure at Section 5; and ṁ∗
1 is162

the corrected mass-flow computed at Section 1. This notation is used in163

all further graphs in this paper. The figure shows a meaningful difference164

between MRF and SMM results. The difference is low when the turbine is165

working close to design conditions, but is considerable at off-design points.166

This difference for the corrected mass-flow is about a 5% for zones close to167

design conditions, but it could reach up to a 24% in off-design points. For168

the efficiency the difference is over 3 percentage points for the maximum169

efficiency and it reaches 11 percentage points for the off-design conditions.170

The impact of the rotor motion approach on the solution could be attributed171

to the stator-rotor interaction [6], which is important in the present case,172

since the stator is vaned and can also be enhanced by the relatively open173

VGT position used in this study. A similar conclusion was obtained by Liu174

et al.[17], who analyzed different compressors and found evidence of the im-175

portance of the mesh motion model in cases in which the interactions needed176

to be considered. Liu et al. also analyzed two different MRF methods and177

concluded that the differences found when using the frozen rotor were larger178

than those obtained from circumferential averaging. In the present work the179

MRF simulations where performed using the frozen rotor approach available180

in ANSYS-FLUENT. Figure 2 shows that the SMM results have a better181

agreement with the experimental measurements, so the SMM was therefore182

used in the rest of the computations performed in this paper. Hellstrom [29]183

gives a similar explanation for the importance of the rotor motion model in184

turbomachinery simulation.185
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4. Pulsating flow results186

A parametric study was carried out to quantify the influence of pulse187

amplitude and frequency on turbine behavior during pulsating conditions.188

For the sake of simplicity, the pressure pulses set at the inlet were considered189

to be sinusoidal. The frequencies selected for this study were 50, 90 and 130190

Hz. Considering the dominant frequency of a 4-stroke and 4-cylinder engine,191

these frequencies are equivalent to rotational speeds of 1500, 2700 and 3900192

rpm, respectively. In any case, a general pressure signal can be decomposed193

into a sum of sinusoidal signals, as has been shown by Costall and Martinez-194

Botas [30], so that it is of interest to analyze the behavior under sinusoidal195

signals.196

Two different pulse amplitudes were considered in the present work: 50-197

230 kPa and 90-190 kPa. A mean value of 140 kPa was therefore used in all198

the calculations. It should be mentioned that all the pressure values given199

in this paper are referenced to a constant value of 101325 Pa and are thus200

gauge pressures.201

Total temperature was not kept constant at the inlet boundary condition202

since pressure and temperature are related in compressible flows. Instead,203

total temperature was calculated as a function of total pressure, so that an204

increase in pressure leads to a rise in temperature, according to the isentropic205

relationship p1−γt T γt = const. For instance, for the pulse amplitude between206

50 and 230 kPa, total temperature ranges from 585 to 725 K. This way of207

setting exhaust gas temperature is suitable for simulating the pulsating flow208

produced by a rotating disk in a gas-stand [12]. It is interesting to remark209

that the steady flow results used hereinafter have been computed setting the210

inlet total temperature making the equivalent point during the pulse. This211

was done to ensure that the turbine was working at the same corrected speed.212

The results are therefore not the same as the ones presented in Figure 2.213

4.1. Overall behavior214

The first analysis of the pulsating results was devoted to quantifying215

the shift in mass flow rate produced by the accumulation and wave effects.216

Figure 3 shows the instantaneous mass flow rate in different sections for217

the highest pulse amplitude (50-230 kPa) and frequencies of 50 and 130 Hz.218

The pulsating simulations were set-up from a previously converged case using219

steady boundary conditions (but transient due to the rotor mesh movement).220

8



From the figure it can be seen that at least a complete period of the pulse is221

needed to ensure that a periodic solution is reached.222

It can be said that the main source of phase-shift is clearly the volute.223

This seems a reasonable assumption since it is the section in which the flow224

spends most time, as it has a larger characteristic length than nozzles or225

rotor. This effect can be justified using the Strouhal Number, which by226

definition represents the ratio between a characteristic flow and excitation227

times.228

Str =
tflow
tpulse

=
Lc
a+u
1
f

(1)

The characteristic length of the volute is bigger than that of the rest of the229

elements. It is therefore clear than the time shift is mainly produced by230

this element. In fact, Palfreyman et al. [15] proposed that the time-shift is231

proportional to the average distance traveled by the fluid in the volute. For232

the simulations in the present work, the mean value of the time-shift varies233

slightly with the frequency of the pulse, with a value around 0.0011 seconds.234

The second effect that can be extracted from the plots is the influence of235

the plenum in the outlet section of the turbine (see Fig. 1). In the 130 Hz236

case, there is an increase in mass flow between Sections 4 and 5, as shown in237

Fig. 3. The plenum therefore seems to act as a resonator at 130 Hz.238

Another fact that has to be pointed out is the pressure found at the239

turbine outlet. For the 130 Hz and amplitude of 50-230 kPa pulse, the240

pressure oscillations at the turbine outlet have amplitude of 50 kPa. These241

fluctuations are possible due to the distance between the outlet boundary242

and the turbine exit which allows the pressure to evolve with the flow. On243

the contrary, if the outlet pressure was set close to the turbine outlet, this244

pressure would have been fixed, and therefore this fluctuation would have245

been spuriously neglected.246

4.2. Local behavior of the different components247

Flow capacity was then compared in the different turbine components.248

Figure 4 shows the evolution of the corrected mass flow at the volute inlet249

(Section 1) with the local volute pressure ratio (from Section 1 to 2). As250

expected, the accumulation and wave effects in the volute make the differ-251

ence between steady and pulsating results increase with pulse amplitude and252

frequency. Figure 5 shows the same result for the nozzles zone. Due to the253

smaller nozzle volume and length, the accumulation and wave effects are al-254

most negligible. Figure 6 shows the evolution of the flow capacity versus the255
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local pressure ratio in the impeller. The turbine outlet region from Sections 4256

to 5 is also included in this plot to take into account the mixing losses at the257

rotor outlet. The figure also supports the conclusion that the unsteady effects258

can be neglected within the impeller, due to its small characteristic length.259

The difference between steady and pulsating flow in the rotor is even lower260

than in the nozzle section. As has been mentioned above, the definition of261

isentropic efficiency in transient conditions introduces uncertainties related262

to the non-synchronized mass flow and pressure ratio [13]. Here instanta-263

neous power was considered instead. Moreover, since the rotational speed of264

the turbine was kept constant, the torque values (computed from the force265

acting on the rotor walls) and power are proportional. Fig. 7 compares the266

evolution of the torque obtained under pulsating conditions with the results267

of the steady simulations. The graphs show that the evolution of torque with268

pressure ratio cannot be considered as quasi-steady, in contradiction to the269

conclusion presented in Aymanns et al. [18]. The disagreement is analyzed270

in further detail in the next section.271

5. Discussion of results272

This section deals with a detailed analysis of the CFD calculations. Be-273

sides the time-shift issue discussed in the previous section, there is a pulse274

averaging effect in the volute that can also be analyzed, due to its particular275

geometry. Figure 8 shows the evolution of the velocity magnitude versus the276

angular coordinate at the volute outlet (Section 2) at a given time. The ori-277

gin of the angular coordinate corresponds to the tongue of the volute. The278

selected time is close to the pulse minimum of the 130 Hz frequency and279

amplitude of 50-230 kPa case and is compared with the distribution in the280

corresponding steady case. From the evolution, it can be established that281

there is a region in the volute that is effectively behaving as in the 50 kPa282

case. The rest of the volute is acting as if the pressure was higher, and is thus283

working under a different operating condition. It can therefore be concluded284

that the peaks and valleys of the time evolution of the pulsating signal are285

smoothed out. This effect can be appreciated in Fig. 5, in which the nozzles286

working under pulsating conditions do not reach the minimum mass-flow of287

the steady points. This effect is more noticeable as the frequency increases,288

since the volute outlet will be affected by a larger portion of the pulse.289

Fig. 9 shows the velocity flow field in the mid-plane of the nozzles at290

two different points of the 130 Hz pulse, with the same local pressure ratio291
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(approximately 1.25). Velocity contours in the two situations are similar but292

not identical. The velocity magnitude is higher in the upper plot. The reason293

is that even though the pressure ratio is the same, the total pressure at the294

stator inlet is not the same in the two operating conditions. In Fig. 9, the295

flow at the stator inlet is intrinsically non-uniform due to the shape of the296

volute and the effect of the screws and the vanes of the nozzle. This means the297

stator flow is not one-dimensional, so that not all the channels will be working298

under the same conditions. However this aspect is not taken into account in299

the current analysis, since a circumferential average was taken. During the300

off-design points, the flow around the stator vanes and screws detaches and301

reattaches; this does not necessarily happen at the same pressure ratio since302

it has a certain inertia. This can be seen by analyzing the two flow fields in303

Fig. 9, in which, even though the two cases are at the same pressure ratio,304

the flow is detached at some vanes in the upper case but not in the lower one.305

This effect makes the angle at the outlet of this section vary, thus changing306

the effective area of the nozzles, which can introduce part of the hysteretic307

cycle in the stator.308

Finally, the same procedure was followed to analyze the flow-field in the309

rotor. The relative velocity field is shown in Fig. 10. Two points are repre-310

sented with the same local expansion ratio (from Section 3 to 4), one in the311

rising part of the pulse and the other in the falling one. As was explained312

in the case of the nozzles, the absolute pressure at the impeller inlet and313

outlet are different in the two cases. Since the pressure ratio in the rotor is314

greater than in the nozzles (for this particular VGT position) the difference315

is more noticeable. Two conclusions can be extracted from a comparison316

of the images in Fig. 10. First, even though the flow at the rotor channels317

inlet is very different, the flow at the outlet is similar in terms of the direc-318

tion of the velocity vectors and thus the effective section. This explains the319

slightly hysteretic behavior shown in Fig. 6, since the corrected mass-flow320

only depends on the effective area.321

The second comment is about the very different flow pattern at the rotor322

inlet. Although the pressure ratio is the same, the inflow conditions are very323

different. Due to this effect the blade loading will be different, and thus324

the generated torque. The disagreement mentioned in the previous section325

concerning the quasi-steady behavior of torque found by Aymanns et al. [18]326

is the consequence of the location of the outlet boundary condition. This327

effect would not be appreciated if the pressure outlet boundary condition328

had been directly imposed close to the rotor outlet. Setting the boundary329
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condition close to the turbine wheel will force the pressure to be nearly330

constant. Under those conditions, in pulsating flow, two operating points331

with equal expansion ratio will lead to similar wheel inlet conditions. Setting332

the boundary condition farther away from the turbine outlet, by means of333

a duct, allows the wheel outlet pressure to be computed from the flow field,334

and therefore there can be operating points with equal pressure ratio in the335

wheel with different inlet and outlet pressures, as the flow fields shown in336

Fig. 10. This situation seems to be closer to reality, since usually the turbine337

does not directly discharge to constant conditions. From this point of view,338

it is advisable to separate the outlet boundary condition from the rotor if the339

hysteretic effect in the torque needs to be analyzed, particularly if the turbine340

under study does not have a considerable expansion at the rotor outlet.341

The quasi-steady assumption is not fulfilled if the evolution of rotor torque342

with local pressure ratio is considered. However, it can be seen that torque343

can correlate better with inflow conditions at the rotor inlet. In Figure 11, the344

torque evolution with the blade speed ratio at the rotor inlet is presented for345

the two 130 Hz pulses. The blade speed ratio σ is computed as blade velocity346

divided by incident flow velocity. In this paper, the blade speed is obtained347

at the impeller inlet and the flow velocity is the average velocity magnitude in348

Section 3. It should be remembered that the blade to speed ratio is generally349

calculated from the isentropic velocity obtained when expanding the flow350

from the turbine inlet conditions to the outlet pressure, since the impeller351

inlet pressure is not usually measured.352

6. Application to engine modeling353

The analysis described in the preceding section gives some hints on which354

phenomena can be calculated with a simpler 1D or 0D model. The use of355

1D engine gas dynamic models is commonplace because they allow one to356

predict engine performance with reasonable accuracy and limited computa-357

tional cost. The use of turbocharger submodels implemented in the complete358

engine model is one of the key points in the development of boosting systems.359

Some recommendations can be given on this topic based on the analysis per-360

formed in this work, after which a turbine model covering the stator and361

rotor regions will be developed.362

As presented in the literature [31], it is necessary to use a 1D or 0D363

element to reproduce the non-quasi-steady volute behavior shown in Figure 4.364

Most authors have successfully used a constant section 1D pipe with half of365
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the volute length, which accounts for the accumulation and wave transmission366

effects. However, the non-uniformity of the flow in the volute outlet section367

during the pulse transmission plotted in Figure 8 cannot be captured with368

such a model. This could be done with a quasi-2D model of the volute,369

in which the tangential and radial components are calculated by imposing370

conservation of angular momentum, similar to the work presented by Bozza371

et al. [32] for a centrifugal compressor.372

In this paper, the conclusion for the vaned stator is that there is a small373

hysteretic result partly produced by aerodynamic effects. This variation374

causes the flow angle at the outlet of the nozzle to change throughout the375

pulse. However, since the hysteresis is small it is considered to be negligible376

for the current development of the turbine model. As stated in the preceding377

section, it was observed that rotor flow capacity behaves in a quasi-steady378

manner, so that it could be computed using a zero-dimensional throat model.379

In the case of the generated torque, it does not behave as quasi-steady if it380

is presented versus the pressure ratio, since it depends on the conditions at381

the impeller inlet.382

6.1. Proposed model383

A new radial turbine model is here proposed, based on the results of the384

previous sections. The model will work with the instantaneous values of the385

total pressure and temperature at the stator inlet (Section 2) and the static386

pressure at the rotor outlet (Section 4). The model is broken up into three387

submodels: one simulating the stator, one for the rotor, and the intermediate388

deposit to decouple the response of the other two. This procedure is similar389

to the one used in a previous model developed by the authors’ group [33].390

The different thermo-fluid-dynamic processes considered in the model are391

shown in the h-s diagram presented in Fig. 12.392

The numeration of the intersections varies due to the intermediate de-393

posit. To clarify the subscripts notation followed in this section it should be394

remarked that:395

• Section 3 corresponds to the stator outlet and Section 4 to the rotor396

outlet.397

• The flow entering the plenum is at the same conditions as in section 3.398

• The flow at the rotor inlet is at the conditions in the deposit (indicated399

with a V).400
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The different submodels are presented below.401

6.1.1. Stator nozzle402

The turbine stator will be treated in a similar way as in the previous403

model. Polytropic expansion will be considered for the evolution of the flow in404

the nozzle. In the current development, the value of the polytropic coefficient,405

k, is obtained from the steady computation at 140 kPa (the mean value of406

pressure). The effective area will be computed from the geometric area of407

the stator section and the flow angle:408

A3eff = 2πR3 · h3 · cos α3, (2)

where α3 is the angle between the flow velocity and the radial direction and,409

as previously mentioned, it changes during the pulse. To simplify this model,410

as a first approach, this angle is kept constant with the value extracted from411

the 140 kPa steady simulation. The mass flow rate passing through the stator412

nozzle is therefore related to the pressure ratio in the nozzle as413

ṁ3 = A3eff

p2t
RT2t

(
pV
p2t

) 1
k

√√√√2
γ

γ − 1
RT2t

[
1−

(
pV
p2t

) k−1
k

]
, (3)

where pV is the pressure of the intermediate reservoir. Equation (3) is valid414

while the pressure ratio is lower than the critical one,
(
γ+1
2

) k
k−1 . Once the415

critical pressure ratio is exceeded, the nozzle will be choked and corrected416

mass-flow will therefore no longer increase. It is worth mentioning that the417

discharge pressure, p3, will be the pressure in the intermediate deposit pV ,418

and the discharge velocity can also be computed from the pressure ratio.419

6.1.2. Intermediate deposit420

As mentioned above, the aim of the deposit is to decouple the behavior421

of rotor and stator, and at the same time to simulate the hysteretic effects422

in the turbine. More precisely, it takes into account filling-and-emptying423

effects of the turbine, which are accomplished by the variation with time424

of the gas contained in the intermediate deposit. Additionally, due to the425

different inertia of energy and mass conservation, the plenum introduces some426

time shift between the pressure and temperature of the flow inside it. The427

volume of the deposit will be of the same order as the volume of the turbine.428

In order to model the deposit, it is necessary to define its behavior. The429
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deposit receives the mass flow from the stator (Section 3) and supplies flow430

to the rotor inlet. In the current work, the conservation of the flow speed in431

the deposit is considered, cV = c3. This hypothesis can be assumed because432

in the flow between stator and rotor there is no sudden increase of area that433

could decelerate the flow. This hypothesis differs from the one followed in434

the previous model, in which the flow in the deposit was assumed to be435

stationary (cV = 0).436

In order to model the flow in the deposit, the accumulation effects will437

be considered by means of the mass conservation equation:438

dMV

dt
= ṁ3 − ṁ4 (4)

which are respectively: total mass of the air in the deposit, MV ; and the mass439

flow rate from the stator, ṁ3, and to the rotor, ṁ4. The energy conservation440

equation applied to the flow in the deposit establishes that:441

d

dt

[
MV

(
cvTV +

c2V
2

)]
= ṁ3

(
cpT3 +

c23
2

)
− ṁ4

(
cpTV +

c2V
2

)
. (5)

The flow entering the deposit comes from the stator (3) while the flow leaving442

the deposit (V ) will pass through the rotor. Additionally, the ideal gas443

equation is needed to compute the pressure inside the deposit, provided that444

its volume is known.445

6.1.3. Rotor section446

As previously mentioned, only a small hysteretic effect was found in the447

mass flow through the impeller, as shown in Fig. 6. In this case, the throat448

will be placed in a rotating channel and therefore has to be treated in a449

different way than the stator nozzle, since conservation equations have to be450

applied in the relative reference frame. Rothalpy is conserved in a rotating451

passage provided that: the flow is steady in the rotating frame, no friction452

from the casing has to be considered, and the wall of the turbine can be453

considered adiabatic [34]. This approach is different from the one followed454

in the previous model [33], in which the nozzle equation was directly used.455

Following the same criteria as in the case of the stator (Eq. (2)), the effective456

area of the rotor throat will be the geometric annular area multiplied by the457

cosine of the angle at the rotor outlet:458

A4eff = A4geom. · cos β4. (6)
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The conservation of energy in the rotating frame establishes that459

cpTV +
w2
V

2
− u23

2
= cpT4 +

w2
4

2
− u24

2
, (7)

where w is the relative velocity and u the blade speed or tangential velocity460

of the rotor, which can be expressed in terms of the rotational velocity. Mass461

flow rate through the rotor can be computed as462

ṁ4 = ρ4w4A4eff . (8)

The evolution of flow in the rotor can be taken as polytropic, and n is taken463

as its polytropic coefficient. Therefore, the mass flow rate through the rotor464

section can be computed as:465

ṁ4

√
RTV tr

A4effpV tr
=

(
p4
pV tr

) 1
n

√√√√ 2γ

γ − 1

[
1−

(
p4
pV tr

)n−1
n

]
− (u23 − u24)

RTV tr
, (9)

where TV tr is the total relative temperature in the plenum, which means466

that the total temperature is calculated referring to the relative velocity (w)467

instead of the absolute speed (c). The rotation of the channel increases the468

critical pressure ratio of the rotor at which choked conditions exist, due to469

the last term inside the square root of Eq. (9). The difference between the470

squares of the tangential velocity of the rotor can be expressed in terms of471

the rotational speed of the turbine as:472

u23 − u24 =

(
πN

60

)2 (
D2

3 −D2
4

)
. (10)

In Eq. (10), D4 represents the diameter of the rotor outlet. Since the section473

is annular, an appropriate effective diameter should be defined. For the474

current computations, the following definition was used:475

D4 =

√
D2
max +D2

min

2
. (11)

As previously mentioned, the angle at the stator outlet varies during the476

pulse, thus changing the incident angle at the rotor inlet. In order to consider477

the incident losses in the rotor, a simple model is used [35], which is based on478

neglecting the contribution of the tangential velocity to the rotor expansion.479
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Since the radial component is the same for relative and absolute velocity, the480

following equation holds:481

w3rad = c3rad = c3 · cos α3. (12)

This means that while the relative total temperature at the rotor inlet (which482

is the one at the deposit) can be calculated as:483

TV tr = TV +
w2
V

2cp
= TV +

w2
3

2cp
, (13)

for the total relative pressure only the radial component of the relative ve-484

locity takes part, that is:485

pV tr = pV

(
T ∗
vtr

TV

) γ
γ−1

= pV

(
1 +

w2
3rad

2cpTV

) γ
γ−1

. (14)

6.1.4. Turbine power486

The power output from the turbine can be computed as:487

P = ṁ4cp (TV t − T4t) , (15)

TV t being the total temperature at the deposit and T4t the total temperature488

at the rotor outlet. The total temperature at the intermediate deposit can489

be computed as:490

TV t = TV +
c2V
2cp

. (16)

The total temperature at the rotor outlet is expressed as:491

T4t = T4 +
c24
2cp

, (17)

where T4 can be obtained from the polytropic expression of the flow in the492

rotor, and c4, the absolute flow velocity, can be obtained from the values493

of the relative velocity w4, the blade velocity u4, and the flow angle β4.494

Therefore, there is no need to include an efficiency model.495
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6.2. Model calibration496

Up to this point, the different submodels for the stator and rotor section497

of the radial turbine have been presented. As inputs to the model, apart from498

the geometric data (areas), the polytropic coefficient in stator, k, and rotor,499

n, and the flow angle, β, at stator outlet and the rotor outlet are needed.500

The boundary conditions applied to the model are the temporal evolution of501

the total pressure and temperature at the stator inlet, and the static pressure502

at the rotor outlet.503

The objective of this model is to be able to simulate the pulsating behavior504

of a radial turbine. It is clear that in order to obtain the exact response,505

the temporal evolution of polytropic coefficients and flow angles is needed.506

However, this approach would reduce the model’s usefulness, since it could507

only be used when the evolutions are known. As previously commented, the508

values used are those of the steady simulation with a pressure of 140 kPa. For509

the current case, those values are k =1.3213 and n =1.3221. Another option510

would be to use the angle directly from the blades (both at the stator and511

rotor section), neglecting the fluid-dynamic effects. However, this approach512

presented a greater error.513

The model was implemented in Python, using an explicit Euler time514

integration scheme for the equations describing the behavior of the deposit515

(Eqs. (4) and (5)). The time step size was selected to match the one used516

during the RANS simulations. The chosen volume of the intermediate plenum517

is 3.04·10−5 m3, representing the real volume of the fluid domain of the stator518

and rotor zones.519

To evaluate the behavior of the calibrated model, it has been used to520

reproduce the operating conditions of the simulations with steady boundary521

conditions. The results obtained with the model and the difference with the522

CFD results are presented in the following Tab. 3.523

The results of the model have been obtained with the model calibrated524

using the values of the 140 kPa simulation. The results show the suitability525

of the model to reproduce the behavior of the stator and rotor sections of526

the turbine. It is worth mentioning that the biggest error is found in the low527

pressure region, in which the magnitude of the turbine power is smaller and528

therefore the difference has less effect in the overall value.529

6.3. Pulsating results530

Figure 13 shows the comparison of the flow capacity obtained from the531

simplified model and that obtained using the 3D-CFD code. Good agreement532
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Table 3: ASSESSMENT OF THE MODEL UNDER STEADY FLOW CONDITION.

Case
Mass flow rate (kg·s−1) Power (W)
Model result Error % Model result Error %

50 kPa 0.0367 8.56 % 884.16 2.68 %
100 kPa 0.0692 0.049 % 6393.69 3.76 %
120 kPa 0.0789 0.53 % 8221.37 3.46 %
140 kPa 0.0877 0.69 % 9925.27 2.29 %
160 kPa 0.0957 1.57 % 11504.28 1.37 %
180 kPa 0.102 1.13 % 13466.450 2.15 %
210 kPa 0.112 1.27 % 15590.25 0.45 %

is found between the results, recovering the hysteretic loop, with only a few533

discrepancies found in the region of smaller pressure ratios. This difference534

is probably due to the variation of the flow angle at the stator outlet.535

The power developed by the turbine can be computed by means of the536

simplified model as the difference between total enthalpy in the outlet and537

the inlet, using Eq.(15). The comparison between the results from the model538

and those from the three-dimensional CFD computations is shown in Fig.539

14.540

Good agreement is found in the power results. A small discrepancy is541

found in the upper curve of the loop in which power is over-predicted by542

the model. The difference between the energy computed in a whole pulse543

cycle for the model and the CFD is about 2.75 %. Once again, the value of544

the torque developed by the turbine can be easily estimated from the power545

computation since the rotational speed remains constant.546

In view of these results, the model described in this section is able to547

reproduce the pulsating behavior of the stator and rotor on a radial turbine.548

In terms of the elements used, the proposed model is similar to the model549

previously developed by the authors’ group [33]. However, there are some550

important differences, e.g. in computing the mass flow rate in the rotor sec-551

tion. Instead of a nozzle, the authors suggest the use of a rotating channel552

in which rothalpy is conserved. This results in an effective section less de-553

pendent on turbine speed and pressure ratio. The proposed formulation for554

the intermediate deposit is also different: in the new model the intermediate555
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deposit is assumed to conserve the kinetic energy of the flow, while in the556

previous model the flow was considered to be stationary inside the deposit.557

Information from a steady case is needed to calibrate the proposed model,558

i.e. the flow angle at the rotor and stator outlets and the polytropic coeffi-559

cient of the evolution of the flow inside them. This means that the pulsating560

behavior could be recovered from information from a single CFD case with561

steady boundary conditions. Alternatively, the required information could562

be obtained from experimental data. On the other hand, the previous model563

needed the efficiency curve and the turbine map as input, in order to in-564

terpolate the results during the pulse. Thus, since the formulation of the565

new model is more physically-based, it has the advantage of not needing the566

complete map to describe its behavior.567

Although the objective of this model is to analyze the turbine in pulsating568

conditions, it can also be used to extrapolate the turbine performance from569

a given point. The advantages of this type of model have been described by570

Payri et al. [10].571

7. Conclusions572

This paper describes a CFD analysis of the behavior of a radial turbine573

under steady and pulsating flow conditions. The main objective was to evalu-574

ate separately the non-steady effects in the volute, nozzles and impeller. The575

comparison with steady experimental results shows that the sliding mesh576

technique to simulate rotor movement is more suitable than the frozen rotor577

for this application, probably due to the nozzle-rotor interaction.578

The analysis of the pulsating results shows that most of the time-shift579

in the mass flow occurs in the volute. This shift varies slightly with pulse580

amplitude and frequency. For the same reason the volute shows significant581

hysteretic behavior as pulse amplitude and frequency increase. The volute582

also exhibits an additional unsteady behavior, reducing the peak-to-valley583

amplitude due to non-uniform flow along the volute outlet section.584

The flow in the nozzle section presents a limited hysteretic behavior in its585

pulsating flow capacity. This effect could be influenced by various aspects.586

In the first place, even though the characteristic length (wave action) and587

the accumulation effects of the stator can be neglected, when compared to588

those of the volute, there is a certain influence when the stator behavior589

is analyzed. Secondly, the averaging effect of the volute, which reduces the590

amplitude of the transmitted pulses, causes the pulsating flow capacity curve591
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of the nozzle to shrink before reaching the equivalent steady values. Finally,592

the detachment and reattachment process of the flow in the nozzle vanes and593

screws and other aerodynamic effects have some influence on the hysteretic594

behavior. These aerodynamic transient phenomena change the flow angle at595

the stator outlet and therefore the instantaneous effective area of the nozzle.596

The behavior of the impeller is even less affected by wave action and ac-597

cumulation effects than the stator, due to its smaller size. In view of the two598

flow fields at the same pressure ratio obtained from the CFD simulations, it599

can be established that, even though the flow patterns in the rotor channels600

vary enormously, the flow in the smallest section (outlet) is quite similar re-601

gardless of the flow conditions at the channels inlet. This explains the small602

degree of hysteretic behavior when dealing with flow capacity in this region.603

However, the rotor inlet conditions have a huge impact on torque and there-604

fore pulsating torque does not correlate with instantaneous corrected mass605

flow or pressure ratio, but correlates better with the impeller inflow condi-606

tions (velocity magnitude, blade speed ratio). It is interesting to remark, the607

importance of the location of the outlet boundary condition, which influences608

the pulsating flow results.609

As a result of the CFD analysis, the authors propose a simplified model610

that would include a one-dimensional or quasi-two-dimensional element to611

represent the volute, a nozzle to represent the vaned stator, a small zero-612

dimensional element to represent hysteresis in the stator, and a rotating613

channel in which rothalpy is conserved to represent the flow in the rotor.614

A simplified model to simulate the behavior between the stator and rotor615

has been implemented in this paper. Although the implementations of the616

volute and outlet duct are not included in this simple model, they could617

be computed using a one-dimensional code. The performance of the stator618

and rotor model was evaluated for a pulsating simulation, showing good619

agreement with the CFD results. Due to the physically-based formulation,620

the proposed model only needs information from one steady point from a621

CFD computation.622
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List of Symbols
a speed of sound m · s−1

cp specific heat at constant pressure Jkg−1K−1

cv specific heat at constant volume Jkg−1K−1

f frequency Hz
k polytropic efficiency process in the stator −
LC characteristic length m
ṁ mass-flow rate kg · s−1

M mass kg
n polytropic efficiency process in the rotor −
p pressure Pa
P power W
Str Strouhal number −
t time s
T temperature K
u flow velocity m · s−1

α absolute velocity angle −
β relative velocity angle −
γ specific heat ratio −
π pressure ratio −
σ blade speed ratio −
τ torque N ·m
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Sub- and Superscripts
∗ corrected variable. Ref. to p0, 101325 Pa, and T0 288.15 K

eff effective area
t total
r relative
s static
V deposit
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Figure 1: Schematic representation of the turbine geometry and 3D computational mesh.
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Figure 2: Characteristic curves of a radial turbine. Corrected mass flow vs overall pressure
ratio (up), turbine torque vs overall pressure ratio (middle) and turbine efficiency vs overall
pressure ratio.
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Figure 3: Temporal evolution of the mass flow rate at different turbine sections for the
maximum pulse amplitude (50-230 kPa) at two different frequencies 50 Hz and 130 Hz.
The time-shift introduced by the volute and the effect of the outlet plenum are indicated.
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Figure 4: Corrected mass flow rate considering conditions at the inlet of the volute vs the
expansion ratio in the volute.
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Figure 5: Corrected mass flow considering conditions at the inlet of the turbine nozzle vs
the expansion ratio in the nozzle.
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Figure 6: Corrected mass flow considering conditions at the inlet of the turbine rotor vs
the expansion ratio in the rotor and outlet section of the turbine.
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Figure 7: Turbine torque vs pressure ratio in the rotor.
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Figure 8: Evolution of the velocity magnitude with the angular coordinate at the volute
outlet.
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Figure 9: Velocity flow fields in the stator for two points of the pulse (130 Hz, 50-230
kPa) with the same pressure ratio (π2t3s ' 1.25). In the upper one the pressure ratio is
decreasing and it is increasing in the lower one.
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Figure 10: Relative velocity flow fields in the rotor for two points of the pulse (130 hz,
50-230 kpa) with the same pressure ratio (π3t4s ' 2.42). In the left image the pressure
ratio is increasing, in the right image it is decreasing.
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Figure 11: Turbine torque vs blade speed ratio at the rotor inlet.
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Figure 12: Enthalpy-entropy diagram of the thermo-fluid-dynamic processes considered in
the model. The notation used in the diagram is described throughout section 6.
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Figure 13: Comparison of the turbine flow capacity taking into account the stator and
rotor sections by means of CFD and the proposed model. These results are obtained for
a 130 Hz pulse with the highest amplitude considered (50-230 kPa).
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Figure 14: Comparison of power as computed by the model and that obtained from
the CFD computations. These results are obtained for a 130 Hz pulse with the highest
amplitude considered (50-230 kPa).
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