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Abstract

A theoretical investigation has been performed on the feasibility of introducing a waste heat
recovery (WHR) system in a two-stage turbocharged HDD engine. The WHR is attained by
introducing a Rankine cycle, which uses an organic substance or directly water as a
working fluid depending on energetic performance considerations. A previous research was
carried out to evaluate the maximum potential of this WHR concept, a conventional layout
was used for coupling the Rankine cycle to the thermal engine. The objective of the present
research is to broad the scope of the previous analysis by considering new alternative
solutions for the problems related to the coupling between the WHR Rankine cycle and the
thermal engine. These solutions are based on adapting one of the turbochargers by
removing its turbine and trying to recover the energy by the Rankine cycle. Finally, the
turbine of the Rankine cycle supplies the recovered energy directly to the compressor of
this turbocharger. Thus, in these layouts the coupling is simpler as it involves only two
turbomachines, which are supposed to share a similar rotating speed. From the results of the
global energy balance, these alternative layouts produce slight benefits in fuel consumption
but in all cases these benefits are lower compared to those attained with conventional

layouts.
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Nomenclature



Acronyms

bsfc Brake Specific Fuel Consumption
DOC Diesel Oxidation Catalyst

DPF Diesel Particulate Filter

EGR Exhaust Gas Recirculation

oxycat Oxidation Catalyst
pmep Pumping Mean Effective Pressure
OpenWAM (™) Wave Action Model

WHR Waste Heat Recovery

HDD Heavy Duty Diesel Symbols

HP High Pressure p pressure
imep Indicated Mean Effective Pressure s entropy

LP Low Pressure T temperature
MP Medium Pressure V Volume

ORC Organic Rankine Cycle

Introduction

The main advantage of direct injection Diesel engines is its high thermal efficiency. This competitive
efficiency together with its high reliability makes the direct injection Diesel engine particularly suitable as
a power plant for heavy-duty transport applications. Promoted by the increasingly strict regulations on
pollutant emissions [1], the Diesel engine is being object of intense research to make it more
environmentally friendly, especially regarding NOx and particulate matter. An attractive alternative for
improving the overall thermal efficiency of Diesel engines consists of recovering the energy lost by

means of a waste heat recovery (WHR) system.

Hountalas et al. performed a theoretical analysis comparing the most common WHR systems, including
mechanical and electrical turbocompounding together with a bottoming Rankine cycle [2]. From the

reported results, a reduction in fuel consumption up to 8-9% at full engine load is feasible.

In a previous stage of the present research and in other works available in the literature have been stated
the benefits in terms of fuel consumption produced by the bottoming Rankine cycle strategy [3], [4]. Two
different approaches were investigated, two Rankine cycles in cascade (binary cycle), and a single
Rankine cycle neglecting the low temperature sources. The reduction in fuel consumption without
considering internal irreversibilities ranged from 16 % in the first configuration to 8.5% in the second
configuration. Similar results have been reported in the literature regarding a potential decrease in fuel

consumption of approximately 10% attainable by integrating a bottoming cycle [5].

However, most of the literature limited its scope to the energy flow analysis, omitting any reference about
how to reintroduce the recovered energy into the Diesel plus Rankine engine power plant. The main
alternatives consist of directly linking the turbine shaft with the crankshaft or converting the mechanical

power into electrical power to make it suitable for its use [6]. The layout of the first alternative, although



seemingly straightforward, is not easy to develop due to the extreme differences in rotation speed
between the turbine and the Diesel engine, while the second solution requires an electrical generator and
also a set of batteries to store the energy [7] aside from the complexity in development the required

turbine or expander for ORC or steam bottoming cycles.

Considering the different Diesel engine subsystems, there is one turbomachine rotating at similar speed as
that of the bottoming cycle turbine, the compressor. Therefore, the power produced by the Rankine cycle
turbine could be directly used to drive the compressor required to supercharge the Diesel engine, thus
replacing the conventional turbine placed at the exhaust line. This would reduce the engine back pressure
and the mechanical pumping losses, which in turn could also increase the efficiency of the power plant.
However, the authors have not found any reference in the literature discussing the feasibility of this

alternative.

As a continuation of previous theoretical analysis reported in [8], [9], [10], and with the aim of improving
the knowledge about the potential of a bottoming cycle as a WHR system for future HDD engines, this
paper is focused on evaluating the energy balance between the energy recovered by the exhaust turbine in
the conventional Diesel engine layout and the energy produced by the bottoming cycle, plus the energy
recovered as pumping work for different engine adapted layouts. The possibility of driving the engine
compressor only with the power produced by the turbine of the Rankine cycle has also been evaluated.

This could make the solution easier to implement in real engines.
Materials and methods

The present theoretical analysis has been performed on basis of an open-software within the category of
the 1D wave action model (OpenWAM (™)) developed at CMT-Motores Térmicos, which has been
previously validated to reproduce the behavior of a state-of-the-art HD Diesel engine. The use of the
model along this investigation is justified when considering the representative results reported in the

literature, which were obtained with similar computational models [11], [12], [13], [14], [15].

A detailed description of OpenWAM (™) is provided in the previous research work performed by the
authors [16], [17], [18], [19], [20], where the methodology followed to fit this model to the engine and the
quality of the fit are also provided. Contrarily to other similar studies, in this case the model performs
according to a real Diesel engine. Therefore, despite being a theoretical research, the results provided by

the model are expected to be qualitatively similar to those produced by the engine.

The engine under analysis is a 6-cylinder 12-litre HDD one equipped with two turbochargers in series.
The main characteristics of this engine are presented in [21]. As in the case of the OpenWAM (™) further

details of this engine model can be found in reference [20].

The full load and maximum engine speed operating condition (1800 rpm), where the maximum waste
heat is produced, has been selected for the present research. If the results obtained with the waste heat
recovery system at this operating condition are not acceptable, the solution under discussion can probably

be discarded.



Starting from the conventional two-stage turbocharged HDD engine configuration already studied in a
previous part of this research work, the strategy followed along this second part of the paper consists of a
stepwise evaluation of different alternative configurations that link the thermal engine to the bottoming
cycle. Initially, some configurations can be easily discarded, such as all of those which replace the high
pressure turbine, since this would have a negative impact on the transient response of the engine. Thus, in
this research, the bottoming Rankine cycle has been linked to the low pressure compressor, and therefore
the low pressure turbine has been removed from the system, and the layout of the remaining power plant
elements must be remapped. As a result of the previous discussion, three main solutions will be examined

in detail along this paper.

In each solution, the bottoming cycle has been optimized keeping the injected fuel constant as in the first
part of this paper. Additionally, the criterion of maximum power instead of that of maximum thermal
efficiency has been considered, since the former is a more convenient optimization parameter in waste

heat recovery applications [21].

Results and discussion

Initially, the power plant layout has been introduced and thereafter the potential of this layout for
increasing the total power of the thermal engine is critically discussed. Subsequently the power required
to drive the low pressure compressor and the possibility of supplying it exclusively with the bottoming
Rankine cycle is analyzed. Finally, the main drawbacks detected in the power plant layout are discussed
and after that, the power requirement of the low pressure compressor is evaluated. The next step in this
analysis consists of discussing critically the potential of the given power plant layout to increase the total
power compared with that produced only by the thermal engine, the possibility of supplying the low
pressure compressor only with the power produced by the bottoming Rankine cycle and the main

drawbacks detected.

Configuration without LP turbine, with MP EGR

The sketch of the first configuration investigated is shown in Figure 1. As shown in this figure, the low
pressure turbine has been removed and the elements in the exhaust line have been arranged as follows:
high pressure turbine, aftertreatment system that combines a Diesel particulate filter (DPF) and an
oxidation catalyst (DOC), Rankine’s heat exchanger and muffler . This configuration makes it difficult to
reach appropriate EGR rates, due to the decreased in cylinder outlet pressure when the LP turbine is
removed. Therefore, a medium-pressure EGR (discharging between the LP compressor and the HP

compressor) is needed to obtain the original engine EGR rate.
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Figure 1: Power plant layout of the configuration without LP turbine, with MP EGR

The redesign of the EGR circuit involves an increase in mass flow and temperature at the intercooler, HP
compressor and aftercooler. This, in turn, involves the redesign of this part of the intake line and requires
increasing the size of the heat exchangers in order to achieve similar intake temperatures to those of the
reference engine. An increase in the size of the HP turbocharger is also needed to reach the same
pressures in the intake line as in the reference engine.

These changes in the engine configuration produce significant changes in the pumping loop indicator
diagram. Figure 2 shows the pumping loop for both the reference engine and this first configuration. The
shaded part of the pumping loop indicates an area with “positive” pumping work. These changes imply a
reduction in pumping mean effective pressure (pmep), from 2 bar (reference engine) down to 0.2 bar
(bottoming cycle instead of LP turbine).
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Figure 2: Pumping loop indicator diagrams for the reference configuration (top) and without LP

turbine, with MP EGR configuration (bottom)

This is the way how the energy recovered by the ORC is transferred to the crankshaft. The imep obtained
with the model remains constant despite having changed the engine configuration. Thus, the reduction in

pmep improves the engine performance.

This first configuration of the engine affects the available heat sources in the IC engine. On the one hand,

the EGR cooler disappears. On the other hand, the temperatures in some elements will change.



Furthermore, it is noteworthy how the air mass flow through intercooler and aftercooler increases by 30%
due to EGR flow, thus there is greater heat output from these elements. This first configuration has three

main heat sources: intercooler (125kW), aftercooler (85kW) and exhaust gases (133kW).

Additionally, the intercooler heat output increases due to very hot EGR gases. However, the aftercooler is
kept at a medium-low temperature. Studies with and without aftercooler heat recovery were conducted.
These showed very small improvements considering the aftercooler as a waste heat source for the
Rankine cycle due to its low temperature. Therefore, it was decided to discard its contribution to this
solution. One objective of this configuration was increasing the temperature of the exhaust gases for the
Rankine cycle heat exchanger, but this was not achieved. In fact, the temperature of the exhaust gases for
this first configuration is lower than that of the reference engine. This is a consequence of the reduced
exhaust pressure (from 6,2 bar down to 4), which implies a general decrease in the temperatures of the

exhaust line.

A parametric study of the Rankine cycle with different working fluids has been performed. As in the first
part, the investigated working fluids are R-245fa, FC72, FC87, HFE7000, HFE7100, R-236fa, RC-318
and water. The parametric study follows the same criteria as the one carried out in the first part of the
work. The aim is to obtain the thermodynamic cycle with the highest possible power output .The cycle
presents the following hypothesis: steady state conditions, no pressure drop in the condenser and
vaporizer, and isentropic processes for the pump and expansion machine. As in the first part of the work,
the implementation of these configurations in industry applications implies an appropriated expander
machine selection, in order to obtain an acceptable efficiency and to consider the most important internal
irreversibilities of these cycles. The technological and thermodynamical implementation of the cycle is

subjected to these main two restrictions:
e Pressure ratio in the expansion machine must be lower than 25.

e The heat exchangers must have a temperature difference between the hot and cold fluids higher
than 10 °C.

The result is that water is the best suited fluid for these heat sources. Figure 3 shows the water Rankine

cycle for the first configuration in a temperature vs. entropy diagram.
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Figure 3: Temperature vs. entropy diagram (condensation temperature 50°C)

Figure 4 shows the results of this parametric study with the maximum cycle temperature and the
evaporation temperature. The optimum point shown in the figure is chosen for the water Rankine cycle
and indicates the area where maximum power is recovered. The top-left striped area indicates the points
where the outlet of the expansion process presents a vapour title lower than 90%. This is not considered a
valid area because a too wet steam could damage the expansion machine. The striped area on the right

shows the working points where the pressure ratio in the expansion process is higher than 25.
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Figure 4: Parametric study results (condensation temperature 50°C)

These maps show that the cycle efficiency increases with increasing evaporation temperatures and also
with increasing maximum temperature of the cycle, but in a lower impact. In this case, it is clear that the
decisive factor is the evaporation temperature. However; increasing the evaporation temperature results in
a reduced working fluid mass flow, because the pinch-point limits the mass flow for a given evaporation

temperature. In conclusion, the maximum net power output is obtained at the midpoint shown in Figure 4.



Clearly, the global power of the engine plus the Rankine cycle increases in 20 kW (32 kW saved in
pumping losses plus 33 kW provided by the steam cycle minus 45 kW required to spin the
turbocompressor), thus the total mechanical power increases by 6.4% considering the reference
configuration. However, this recovered power is less than that observed for the engine configurations
with its original two-stages turbocharging architecture investigated in the first part of this article,, but this
studied configuration has only two waste heat sources to be recovered. This can result into a technological
simplification, due to fewer heat exchangers. Information about the amount of heat rejected has been
included in Figure 5, where the energy scheme of the engine configuration without LP turbine and with
MP EGR is shown. Finally, note how the Rankine cycle, in this configuration, has a high efficiency

(about 14%) compared to the usual levels reported for bottoming cycles.
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Figure 5. Energy scheme cycle configuration without LP turbine with MP EGR

Regarding the mechanical coupling, the Rankine cycle does not provide enough power to drive the
compressor by itself (33 kW provided by the steam cycle versus 45 kW required by the engine).
Therefore, some type of shaft coupling between the IC engine and the LP compressor should be
considered in order to provide the necessary power. Such devices are complex, but nowadays, several
elements to couple the high-speed turbomachinery to the low-speed IC engines have been developed [22].
If this is not viable, an additional electric motor must be installed to provide this power required by the

LP compressor.
Configuration without LP turbine, with LP EGR

Figure 6 shows the sketch of the second configuration. As in the first configuration, the LP turbine has
been removed and the elements in the exhaust line have been rearranged accordingly. However, in this
second configuration, a low-pressure EGR line has been implemented to solve the high EGR rate

problem; in this case the exhaust gases discharge to the LP compressor inlet.
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Figure 6: Power plant layout of the configuration without LP turbine, with MP EGR

For this new configuration with the low-pressure EGR, there are extra exhaust gas flows through the gas
turbine, therefore the gas turbine expansion ratio can be reduced while maintaining the same shaft power.
This 30% extra gas mass flow also circulates through the exhaust gases heat exchanger, thus there is
higher heat energy available to the bottoming cycle. Again, the inlet line should be modified to
accommodate the increased flow caused by the low-pressure EGR. In spite of cooling the exhaust gases in
the heat exchanger of the Rankine cycle, the low-pressure EGR still involves gas at a temperature as high
as 135°C through the LP compressor; this 30% of high temperature gas raises the temperature at the
intake line, worsening the compressor performance. Finally, the increased mass flow through the LP
compressor implies an increase in its power consumption from 45kW, in the configuration without LP

turbine and with MP EGR , up to 63kW, in this configuration without LP turbine and with LP EGR.

Figure 7 shows the pumping loop for both the reference engine and this second configuration. These
changes imply a reduction in pmep, from 2 bar (reference engine) to -0.7 bar (without LP turbine and

with LP EGR). This represents a notable improvement in pumping work from the configuration without
LP turbine.
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Figure 7: Pumping loop indicator diagrams for the reference configuration (top) and without LP
turbine, with LP EGR configuration (bottom)



As in the previous case, imep remains more or less constant. Thus, the reduction in pmep improves the
engine performance. The power consumption in the LP compressor is higher in this second configuration
than in the first configuration, because now the EGR in a rate of 30% also flows through the LP
compressor and at 150°C, the advantage of extra cooling in the EGR using for example engine water
circuit at about 85 °C has not been explored in present work but it will for sure reduce power consumption

by the LP compressor.

Regarding the available heat sources, the EGR cooler disappears and the temperatures in the various
elements will change. The following heat sources are present in the second engine configuration:
intercooler (55 kW), aftercooler (105 kW) and exhaust gasses (182 kW). In this case, the exhaust line
temperature is even lower than in the previous case. The decrease in exhaust back pressure also reduces
the temperature, limiting the available energy in this residual heat. Moreover, the intercooler maintains
low temperatures and low available heat. Therefore, its contribution in this solution has not been
considered, as the improvements to be gained from this element would not be relevant. On the other hand,

it brings a slight aftercooler recovered heat, making it convenient to take this heat in the Rankine cycle.

A parametric study of the Rankine cycle with different working fluids has been performed, with the same
criteria previously used. The result is that the organic fluid HFE7100 is the fluid best suited for these heat
sources. Figure 8 shows the Organic Rankine Cycle (ORC) in a temperature vs. entropy diagram that in

this case is a regenerative cycle.
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Figure 8:Temperature vs. entropy diagram (condensation temperature 50°C)

Figure 9 shows the results of this parametric study versus maximum cycle temperature and evaporation
temperature. The optimum point shown in the figure is chosen for the HFE7100 ORC and indicates the

area where the maximum power is recovered. The bottom-right striped area represents the points where



the evaporation temperature is higher than the cycle maximum temperature and consequently, they do not
constitute possible cycles.
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Figure 9: Parametric study results (condensation temperature 50°C)

The maps show how the performance increases with increasing evaporation temperatures and also with
increasing maximum temperature of the cycle, but in a lower impact. In this case, it is clear that the
evaporation temperature is the determining parameter. However; the working fluid flow is reduced by
increasing these temperatures. Therefore, the maximum net power output is again obtained at an
intermediate point. The pinch-point is also the limiting factor for this case.

In summary, the global power of the engine plus the Rankine cycle increases in 24 kW (47 kW due to the
decrease of pumping losses plus 40 kW provided by the ORC and minus 63 kW required to spin the
compressor). The results are similar to the configuration with MP EGR, but in this case the total
mechanical power increases by nearly 7.7%. Although, as in the previous configuration, the use of only
two waste heat sources will reduce the size of heat exchange surface required for the cycle.

Figure10 shows the energy scheme of the engine configuration without LP turbine and with LP EGR. The
ORC that operates only with medium temperature sources presents an good efficiency (15.7% in this
case), with a not too large increase of heat rejected.
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Figurel0. Energy scheme cycle configuration without LP turbine, with LP EGR
Configuration without LP turbine, with LP EGR and high temperature Rankine cycle.

Figure 11 shows the sketch of the third configuration. As in the previous configuration, the LP turbine has
been removed but now the elements in the exhaust line have been rearranged as shown in Figure 11. The
after-treatment elements were placed so that they would work with the highest temperature followed by
the Rankine cycle heat exchanger and the HP turbine; at the end of the line the low-pressure EGR line and
the muffler can be found. This third configuration seeks to recover the heat from the exhaust gases before
they flow through the turbine. Thus, their temperature will be higher than in the previous configurations.

The Rankine cycle will have a higher temperature difference and therefore a higher performance.
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Figure 11: Power plant layout of the without LP turbine, with LP EGR and high temperature
Rankine cycle configuration

This configuration improves the after-treatment efficiency and the Rankine cycle efficiency. However,

the turbine performance worsens when decreasing the turbine inlet temperature. This implies an increase



in the exhaust back pressure to recover the work needed to drive the HP compressor. Additionally the

turbine temperature should be high enough to prevent water condensation from exhaust gases.

Figure 12 shows the pumping loop for both the reference engine and this third configuration. These

changes imply a smaller reduction in pmep, from 2 bar (reference engine) to 0.9 bar (third configuration).
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Figure 12: Pumping loop indicator diagrams for the reference configuration (top) and without LP

turbine, with LP EGR and high temperature Rankine cycle configuration (bottom)

As in the previous cases, imep remains essentially constant. Thus, the reduction in pmep improves the
engine performance. The third configuration has these heat sources: intercooler (54 kW), aftercooler (100
kW) and exhaust gases (173 kW). The temperature at the exhaust heat exchanger is the highest of the
three studied cases. Consequently, the Rankine cycle efficiency improves, but the exhaust gases have
lower heat energy. However, the aftercooler has enough power and high enough temperature to be used as
a heat source in the Rankine cycle, together with the exhaust gases.

A parametric study of the Rankine cycle with different working fluids has been performed. Water is the
best suited fluid for recovering the heat from these sources, due to their high temperature. Figure 13

shows the Rankine cycle for this configuration.
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Figure 13: Temperature vs. entropy diagram (condensation temperature 50°C)

Figure 14 shows the results of this parametric study. The optimum point shown in the figure indicates the
area where maximum power is recovered. The striped area on the right shows the working points where

the pressure ratio in the expansion process is higher than 25.
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Figure 14: Parametric study results (condensation temperature 50°C)

The main restriction in this study is the expansion ratio in the expansion process. Despite the power of the
steam cycle, the total mechanical power decreases in 21 kW (23 kW due to the reduction of pumping
losses plus 19 kW provided by the steam cycle minus 63 kW required to spin the LP compressor), that is
a power reduction of 6.8%.

Figurel5 shows the energy scheme of this engine configuration. In this case, due to the limitations, the
optimal solution consists of a water steam cycle with low efficiency (7.2%). This will result in a low

power output and a large increase in the total size of heat exchangers.
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Figurel5. Energy scheme cycle configuration without LP turbine, with LP EGR and high

temperature Rankine cycle
Summary

Table 1 shows a summary with all the solutions studied in both the first and the second part of this paper.
This table shows how the total mechanical power varies for each configuration and the total heat
transferred at the heat exchangers also increases (the size of the heat exchangers increases). Finally, it
also shows the gas temperature at the inlet of the Diesel oxidation catalyst (DOC). This temperature can

be related with the DOC efficiency, higher temperatures can increase DOC efficiencies.



Table 1. Engine values for steady tests
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Configurations (kW) (kW) (kW) (kW) (kW) (kW) (kW)
Reference Configuration 311 - - 311 - 357 500

Configuration with all the
sources 311 - 31 342 10.0 % 868 330
(water Rankine Cycle)
Configuration with all the
sources 311 - 59 370 19.0% 938 330
(Binary Cycle)

Configuration with high o
temperature heat sources 311 ) 46 357 14.7% 729 330
Configuration without LP o

turbine and MP EGR 343 45 33 331 6.4% 737 310
Configuration without LP 358 63 40 335 77% 247 300

turbine and LP EGR

Configuration without LP
turbine, LP EGR and high 334 63 19 290 -6.8% 801 500
temperature Rankine cycle

Conclusions

From a global point of view, the best solution is the "configuration with high temperature heat sources".
That is, a simple water Rankine cycle aiming to use the residual heat of the IC engine with high
temperature heat sources. This achieves about 15 % increment in the global mechanical power, using a
heat exchanger of larger surface because an increment in heat transferred is necessary. The "configuration
with all the sources. binary cycle" has a power increment of 19% with respect to the reference engine. But

it means higher heat transferred and technological complexity of the configuration.

The configurations studied, which involves removing one of the two turbines from the reference engine
(non-conventional configurations), do not show any improvement on the power over the configurations
studied in the first part of the article. However, the first and second configurations have a higher power
output than the configuration of the reference engine due to the improvements in the pumping loop.
Despite not getting a significant increase in power, these non-conventional configurations (except the
third configuration of this second part) have the advantage of reducing pumping losses and thus directly
increase the output power in the IC engine crankshaft while still keeping HPT to deal with engine load
transient response. Thus, the first and second configurations of this second part have direct power
increments in the 1C engine of 10% and 15% respectively with respect the reference engine. However,
these configurations have a disadvantage, since the LP compressor must be driven by an additional power

source.
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