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Abstract

The generalization of exhaust aftertreatment systems along
with the growing awareness about climate change is leading to
an increasing importance of the efficiency over other criteria
during the design of reciprocating engines. Using experimental
and theoretical tools to perform detailed global energy balance
(GEB) of the engine is a key issue for assessing the potential
of different strategies to reduce consumption. With the
objective of improving the analysis of GEB, this paper
describes a tool that allows calculating the detailed internal
repartition of the fuel energy in DI Diesel engines. Starting from
the instantaneous in-cylinder pressure, the tool is able to
describe the different energy paths thanks to different
submodels for all the relevant subsystems. Hence, the heat
transfer from gases to engine walls is obtained with specific
convective and radiative models in the chamber and ports; the
repartition of the heat flux throughout the engine metal
elements towards the oil and coolant is estimated with a
lumped capacitance model; finally, the ancillary systems and
friction losses are obtained through specific semiempirical
submodels. The validation of the tool is performed in a 4-
cylinder DI Diesel engine instrumented to perform detailed
experimental GEB. Finally, a simple analysis of combined
internal and external analysis in the complete engine map
shows the effect of operating conditions on each energy term.
Thus it is demonstrated the utility of the proposed tool, that
complements the experimental heat flow measurements in
Diesel engine researches oriented to the reduction of energy
consumption.

Introduction

Internal Combustion Engines (ICE) are, by far, the most
widespread technology to supply energy in the automotive
sector. Nevertheless, the success of the ICE has its
counterpart, hence the environmental impact of the spread use
of ICEs have forced to new regulations that have progressively
limited the amount of chemical emission of the vehicles. Thus,
in the last two decades the engine research has been mainly
focused on reducing the emissions by means of different
techniques oriented to limit the pollutant formation during the
combustion process or reducing the engine tailpipe emissions.
Some of the methods used to optimize the combustion are
based on high pressure fuel injection systems [1], multiple
injections [2], high boost pressure [3], EGR [4], variable valve
timing [5], high swirl ratios [6], new clean fuels [7] or new
engine control systems [8]. Nevertheless, the very astringent
limits is leading to generalize the use of exhaust gas treatment
systems [9] because the possibilities of optimizing the thermo-
fluidynamic processes in the engine to reduce emission
formation are not enough to overcome the regulation limits.
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This has lead, during the last years, to revitalizing the interest
in the other big challenge of the ICE: the engine consumption.

In this scenario, although alternative non ICE-based
powertrains are being evaluated, the ICE still has room to
increase its efficiency and reduce its Greenhouse Gases
(GHG) emissions in traditional or Hybrid Electric powertrains,
remaining a cost-effective solution for the transport problem
[10]. Hence, the market pressure along with the increasing
warning due to the effect of GHG emissions is pushing the
researchers and manufacturers to search for more efficient
engines with lower consumption and CO; emissions. The
efforts are oriented to different issues such as thermal
management [11-14], indicated cycle optimization [15-17], in-
cylinder heat transfer (HT) reduction [18,19], friction and
ancillaries losses reduction [20-23] or engine downsizing [24]
between others.

To assess the benefits of different engine strategies or
configurations, the use of Global Engine Balances (GEB) is a
useful tool that allows identifying the repartition of the chemical
fuel energy into the final energy destination, thus improving the
understanding of which are the main mechanisms affecting the
engine consumption. Different works dealing with the GEB can
be found in literature, both in SI and Cl engines, with
conventional or alternative fuels [16,19,25-27]. Usually, the
basis of those analyses is the first law of thermodynamics, and,
exceptionally, it is combined with an exergy analysis [27, 28].
The most usual approach is to take into account three major
terms in the GEB: the brake power, the cooling losses and the
exhaust gas losses. A miscellanea term can also be included
to consider undetermined energy losses difficult to measure
such as convection and radiation to the ambient or HT to the
oil [9,19]. Thus, in the simplest approach, a very limited
number of variables are required to carry out the GEB.
However, many term that are not considered in the simple
analysis are needed to perform a detailed GEB, hence it is
interesting to include specific terms for the heat flow to the oil,
heat flow in the intercooler or EGR cooler, or decompose the
effect of different mechanical losses; in summary, considering
a global methodology that allows analyzing the path followed
by the different energy terms, starting from the fuel energy, and
detailing the energy degradation due to the different heat and
mechanical losses up to the final destination.

This approach includes internal and external analysis of the
engine, and requires the use of both experimental
measurements and internal modeling of the engine. However,
very few works has been found in the literature survey where
these different approaches were combined to provide a
complete GEB description. Thus, it can be found in the
literature:



e Some works dealing with the experimental approach
from the external point of view: in [16,19, 25,26] GEB
is performed, with different level of complexity,
measuring the different fluids temperatures and mass
flows along with the engine torque and speed. In
some cases [16], the in-cylinder pressure allowed
calculating the mechanical and pumping losses.

e Aot of works dealing with the calculation of the HT in
the cylinder chamber [18,19,29-32] and detailed finite
elements models or lumped conductance models [33-
35] to estimate the wall temperatures and the heat
fluxes repartition.

e Several works describing detailed friction model to
estimate the friction in the piston assembly,
crankshaft bearing and valve train along with the
power to drive the ancillaries system [20-23].

However, no work has been found in the literature where the
detailed models of in-cylinder HT, HT throughout the metal
parts, friction and ancillaries losses are linked to provide a
detailed description of the GEB. The tool described in this
work, which is called CALMEC, is focused on the internal
analysis of the engine and deals with all the relevant engine
subsystems involved. It includes a combination of physical and
semi-empirical submodels that are fast and simple enough to
be linked with the in-cylinder combustion analysis, thus
providing a description of the internal subsystems that, in
combination with the external thermal flow measurements,
provides a detailed information of the effect of different
operating conditions on energy repartition.

Experimental setup

The submodels adjustment and the parametrical studies
were conducted in the experimental setup shown in Fig. 1. The
experimental tests were carried out in a 4-cylinder 1.6 litre DI
Diesel engine, Euro 5 compliant (Engine 1), that is currently in
production. The engine main characteristics are given in Table
1.

The engine was directly coupled to an electric dynamometer
that allows controlling the engine speed and load, while the
installation includes a complete instrumentation to measure
different fluid temperatures and mass flows for external thermal
balance. The list of the relevant instrumentation is given in
Table 2. A combination of thermocouples and
thermoresistance sensors was selected (taking into account
the expected temperature variation) to measure liquid and gas
temperatures. In the sake of accuracy, the original oil circuit
was modified so that the oil was cooled with an external water
circuit and a turbocharger oil conditioner was used for
controlling the temperatures and oil mass flow of the turbo.
Thus, the heat flow to the oil in the block can be measured
separately from coolant and turbo oil heat flows.

Table 1.Main characteristics of the engine.

Displaced volume 1560 cc
Stroke 88.3 mm
Bore 75 mm
Connecting Rod 136.8 mm
Compression ratio 16:1
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Number of cylinders 4
Inlet valves 1
Exhaust valves 1

Injection system Common rail

Table 2.Test cell instrumentation.

Temperature of liquids (coolant, oil,

i Termoresistan
cooling water at exchangers... ) ermoresistance

Temperature of gases (inlet and

h Termocouples
exhaust lines, EGR...) P

Fuel mass flow AVL 733S Fuel meter

Air mass flow Sensiflow

Turbo oil mass flow Krohne Optimass 3050C

Coolant flow Krohne 4010 Optiflux
Oil exchanger cooling water Isoil MS500
Fuel exchanger cooling water Yoko AdmagAE208MG

Tin Qoil, TGV

—>
i T Exhaust

gases

% Intercooler

TGV Oil
deposit

Turbocharger

Airflow

EGR
meter
‘ Heat Exchanger

-
-«
% <«—— Intake

air
T

a Ti
Fuel " -«
Fuel
L heat exchanger >
injection Pra— Q
l > 4 Fuel

deposit

Coolant (JDTout Tin
heat exchanger Oil b st
Tin Tout heat exchanger Q
M Q e —>
—

ENGINE

g Water supply

The in-cylinder pressure was measured at the 4 cylinders by
means of AVL GH13P glow-plug piezoelectric transducers with
a range between 0 and 250 bar, and a sensitivity of 16 pC/bar.
The electrical charge yielded by the piezoelectric transducers
is converted into a proportional voltage signal by means of
some Kistler 5011B charge amplifiers. A crank angle increment
of 0.5° was used for the in-cylinder pressure acquisition, which
was performed using a Yokogawa DL708E oscillographic
recorder with a 16 bits A/D converter module.

Figure 1. Experimental setup.

The mean variables were acquired at a low sample frequency
of 100 Hz using SAMARUC, a home-developed test system,
which collects the signals of different sensors and controls the
electric dynamometer. The exhaust emissions were measured



by a Horiba MEXA 7100 DEGR. EGR flow rate estimation was
inferred on the basis of the intake and exhaust CO,
concentrations.

The adjustment of the lumped model that will be described was
performed in a second unit of the stated engine (Engine 2),
Euro 4 compliant, with similar geometric characteristics to
Engine 1. In his case, the metal temperature was measured
with 16 thermocouples in the cylinder-head, 23 in the cylinder
liner and 2 thermo-resistances in the piston [33].

Global Energy Balance in a DI Diesel engine

Taking into account all the energy transformations that can
take place in a DI Diesel engine, Fig. 2 shows the energy flows
that were considered, from two points of view: internal and
external analysis.

Q, .
n onrts * QEGR turbo

sens U Qcham,cool . l]
m,h

L cool

\ J Y

. S@End —_———— .@ [
m f hf Qturbosens
m . H y N p% exh hexh

N _I_N m ¥y - —ﬂ ‘cham,oil mbb sens

aT IN

Nb Qf 0|I

Figure 2. Schema of the energy flows considered.

External GEB

In this analysis the engine is seen as a black box with some
energy flow entering and some other leaving the engine. The
main characteristic of this approach is the possibility to
measure almost all the energy terms.

The energy flows entering to the engine are the sensible
enthalpy of air and fuel, m.h3™ and mghi*", that depend on
inlet temperatures of both fluids, and the chemical energy of
the fuel heating value, miH,. The main outlet energy flows are
the brake power, N,, the heat flow to the coolant, Q... the
sensible energy of the exhaust gases, m,,,his® , the heat flow
removed in the oil exchanger, Q,;, and the heat flow from the
intercooler, Qa; other outlet terms with lower importance are
the HT to the turbo oil, Quyrb0, the convective and radiative HT
to the ambient from the engine surface, Q.. the entalphy flow
due to blow-by losses that is externally collected, m,,hi7", the
energy losses due to uncomplete combustion, Q,,,, and finally
the small term, Qf corresponding to the heating of the fuel
returning to the tank, that usually is neglected. The electrical
system of the engine is connected to an external power
source, so there is no additional energy interchange with the
engine.
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The stated terms account for the external GEB of the engine
and can be measured using the experimental instrumentation
described in the previous section. Thus, N, is computed from
engine torque and speed, the enthalpy flows can be obtained
from the mass flow of the gases and its temperatures, Qcoo; »
Qoit» Qrurvo. Qq and Q; from the fluids mass flows and the
temperature increment, Q,,,, can be estimated from the CO and
CH emissions in the exhaust, and finally Q,,, is obtained from
the difference of the rest of measured terms. Hence, the
thermal balance can be written as

tieHy = Np + Hexn + Qcoor + Qoir + Qa + Qeurvo + Qun +
+Qext + Qf + Hyp (@h)
being
Hexp = Moxphsh® — mghe™ + mehge™  (2)

where 53 3™ and hi*™ are the sensible enthalpies of the
exhaust gases, inlet air and fuel (calculated at their respective
temperatures) and 1., = m, + 1. In the sake of rigour, the
blow-by mass m,,, should be removed from m,,,, however, in
all tested operating points the blow-by was lower to 1.5% of
m,, thus it was neglected in a first approach. Analogously, the
term Hy,, which accounts for the net enthalpy flow due to the
blow-by, was not taken into account, as it was estimated that in
all the operating points it is lower to 0.5% of the fuel energy
tigH,.

The importance of each term in (1) vary with the engine and
operating conditions, however the most important of them use
to be in current automotive Cl engines in the following ranges:
Np~ 25-40% (excepting at very low load), the cooling losses
Qcoor~ 15-35%, the exhaust gas losses, H,,,~ 20-35% and the
HT to the oil Q,; use to be about one third of @y,

Internal GEB

The described external approach to the GEB is straightforward
and it can be performed with the usual engine measurement
devices. However when the analysis of the internal GEB is
performed, terms such as walls HT or mechanical losses can
be barely measured, due to the experimental difficulty. To deal
with the determination of such energy flows, the available
experimental measurement must be combined with models of
particular processes and systems [33,36].

The internal GEB includes the following terms: N; (usually
ranging 35-40% of the fuel energy) is the indicated power
which is split in different terms whose importance depends on
the operating conditions; thus, part of it provides the brake
power, part the pumping work, N, and finally, part is lost due
to the friction, Ny, and to drive the engine ancillaries, N, (fuel,
oil and cooling pumps). The total amount of mechanical losses

will be:

N =N, + Ny + N (3)

If a more detailed description of N, and Ny, is considered, they
can be expressed as:



Ny = Nf + Neoor + Noi (4)

Nfr = Nfr,pis + Nfr,bear + Nfr,valv (5)

where N¢, Ne,o @and Ny, are the power to move the fuel pump,
the coolant pump and the oil pump and Ng, i, Nprpear and
Nfrvarw are the friction losses in the piston assembly, bearing
and valves train. The total value of N, + Ny can be computed
from net indicated power, N; — N,,, and brake power, however,
obtaining the value of each term included in equations (4) and
(5) is not possible through the experimental measurements in
the engine. If ancillaries are tested out of the engine and
specific test rigs are used to characterize friction losses [23], it
is possible to obtain their values, but this is usually not
possible. Regarding the relative importance of each term of the
mechanical losses, a wide variation range can be found in the
literature [9,23,37], thus N, ranges 15-30% of the total
mechanical losses N,,, N, is assumed to be 15-25% of N,,,
and Ng, about 45-65% of N,,. The repartition of the terms in
Ny, is also variable depending on the source: Np;;~ 40-75% of
Npr, Npear~ 20-40% of Ng. and Nygp~ 7-30% of Ng,.. Specific
submodels to obtain an estimation of each component will be
presented in the next section.

Other two important terms in the internal GEB are the HT flows
to the coolant and oil. The main contribution to the these terms
is the HT from the chamber gases to the coolant Q'C,mm_ml and
oil anam,ou and in lesser extent the heat flow from ports, onm

, and EGR to the water, Qggx. Finally, friction and ancillaries
power are degraded into heat and then shared out to the
coolant, oil and ambient. Thus, the friction between the piston-
ring and the cylinder walls, which account for a substantial part
of the friction losses, contributes to increase mainly the coolant
energy while the friction in the rest of elements is dissipated to
the lubricant oil and the surroundings. Except Qgsr, that can be
directly calculated, the rest of HT terms cannot be measured.
Hence, efforts were made for developing accurate chamber HT
models, and estimating HT repartition to coolant and oil by
means of a lumped conductance model, as detailed in the
following section. Finally, in the sake of simplicity, there is also
a term that is not explicitly included in Fig. 2, it is the HT from
oil to coolant in the block. It cannot be measured and is very
difficult to assess by means of modeling, a simple way for its
estimation will be later discussed.

Finally, the energy delivered by the turbine to the compressor
(throughout the turbo shaft mechanical power and HT) is
represented in the schema of Fig. 2 with Ny,m,,. The thermal
energy from hot gases to the turbo case and the mechanical
friction in the turbocharger shaft are included in the HT to the
turbo cooling oil and the convection and radiation to the
ambient.

Submodels description

Taking into account the consideration made in the previous
section, different submodels to assess the terms of the internal
GEB are proposed here. External thermal measurements will
be used later to validate the models.
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Heat transfer models

As mentioned, there are two main sources of HT in the engine:
the combustion chamber and the gases in the exhaust ports.
Both of them will be linked with the lumped conductance
model.

Convective heat transfer in the chamber

Heat transfer to the combustion chamber walls in motoring
tests (or during the compression stroke and after the end of
combustion), is essentially governed by convection, because
gas radiation to the walls is negligible in these conditions [29,
30]. When combustion takes place the gas convection keeps
on being the key issue, although radiation from the gas and the
soot particles becomes also important.

Many different empirical correlations to estimate the HT
coefficient, based on the Nusselt approach, are available in
literature. Amongst them, those proposed by Annand [29] or
Woschni [31,32] are the best known. Starting from a reference
model, authors use to adjust the model constants values in
their specific engines. In the present model, a variation of the
expression proposed by Woschni is used to calculate the HT
coefficient:

h= CD—O.ZPO.ST—O.53 Ué).S (6)

where C =0.12, D is the engine bore, p and T are the
instantaneous in-cylinder pressure and temperature and v, is
the gas speed in the chamber calculated as:

v
Vg = Cy1Cm + Cpo0y + G, 4PV (1 — py) (7)

ViveTive

where c,,, is the mean piston speed, c, is tangential velocity
due to the swirl, V, is the displaced volume, pyy¢ , Vive » Tive
are pressure, volume and temperature at the intake valve
closing, p, is the motoring pressure assuming polytrophic
evolution, and Cy4, Cy, and C, are constants that must be
adjusted. Efforts were done in order to improve the original
Woschni model, thus, the values of the original constants have
been modified, and the way in which the swirl effect is
considered is also different from that proposed by Woschni.
The value of the constant of the combustion term, C, = 0.001,
the instantaneous evolution of the swirl velocity, c,, (constant

in the original Woschni’'s model) and the ratio CW1/CW2 =17

were set by means of CFD calculations in two previous
works developed in the research group [38,39]. Hence, the
only value that must be adjusted to have a complete
convective HT model in the chamber is the value of Cy,;, from
which Cy,, is obtained assuming the stated ratio between them.
Brief description of Cy,; adjustment will be later provided.

Radiative heat transfer in the chamber

There is no agreement with respect to the fraction of the HT
that is transferred by radiation: Morel and Keribar [30] obtained
values ranging from 4% to 20%, whereas Heywood [9] states
that this fraction can be higher than 20%. In any case, the
accurate estimation of radiation in the chamber will require the
calculation of the soot formed in the spray [40].



Fig. 3 shows an schema of the radiation submodel used to
calculate the total radiation power from the soot in the flame
Qrqa- A combustion model [41] provides a simplified spatial
evolution of the fuel parcels in the spray, along with their
temperature and mass fraction of air, fuel and burned products.
From this information the fuel-to-air equivalence ratio at the lift-
off and the residence time of each parcel in the spray is
obtained. This information along with the flame temperature
and the air density allows computing the soot yield (SY),
defined locally as the ratio between the mass fraction of fuel
transformed into soot and the mass fraction of unburned fuel
available at that location [42]. From the SY, and knowing the
fuel mass concentration in the center line of the spray, the soot
mass fraction in the centerline is calculated and thus the soot
volumetric fraction in the centerline. This soot formation model
was adjusted with laser extinction measurement. Once the
soot formed is known, the radiation from each parcel in the
spray is computed taking into account its temperature,
according to the black body radiation, whence the total amount
of radiation can be obtained. The radiation model was adjusted
using two-color method. A more detailed description of the
process, hypothesis and model validation can be seen in [43].

soot 18 1 3 ey
MDdEI T : : profile

Gaussian
radial
prafile

EEDIELT]
Model

(*) Validated with laser extinction measureme nts
(**) Validated withimages of the two-color method

Figure 3. Schema of the radiation submodel.
Heat transfer in the ports

Intake ports HT use to be negligible in comparison with
exhaust ports. In both cases, different semiempirical
expressions can be found in the literature [44]. Starting from
the Assanis [45] proposal

Nu = 0.0694 Re®75 (8)

it was assumed that the intake valves diameter, D;,;, is the
characteristic diameter for the calculation of Re, and the values
of density (p), viscosity (x), conductivity (k) and velocity (v) in
the intake port were time averaged. Thus the following
expression for the HT coefficient was derived:

- . 0.75
hine = 0.0694 i Dit” (222) 7 (9)

Hint T

where k,,,, and fi,,,; are the mean value of the conductivity and
dynamic viscosity at the intake ports, calculated as function of
the mean inlet gas temperature, and my;,; is total intake mass
flow, including fresh air and EGR.
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In the case of the exhaust ports, following the proposal Dolz
[44] the opened and closed cycles were separated because of
the differences in the thermodynamic conditions and velocity of
the gases. For the closed cycle, starting from the proposal of
Caton [46] and assuming analogous considerations to the
intake ports, the following expression was derived:

J— : 0.8
hexh,closed = 0.022 keth;;fls (;nﬂ) (9)

exh Tl

where k., and Ii,., are the mean value of the conductivity
and dynamic viscosity at the exhaust ports (function of the
mean exhaust gas temperature), D, iS the exhaust valves
diameter, and .y, the total exhaust mass flow.

A instantaneous HT coefficient was calculated during the
opened cycle [47]:

exh (t
Rexn(t) = 0.00375 oy (£) 222 v, (¢) (10)

where the conductivity, k., the viscosity, p..n, and velocity,
Vexn, at the exhaust port are instantaneously computed using a
simple filling and emptying model [36] and then averaged
during the opened cycle.

Lumped heat transfer model

Finally, the calculation of the heat flux to the walls and its
repartition to the coolant and oil requires the estimation of the
wall temperatures at different positions. Starting from the
proposal in [33,35], an extended lumped conductance model
was developed. The node definition was performed dividing
complex geometries into smaller parts, whence the nodes
characteristics were calculated: mass, connecting areas, and
distances between centers. These, along with the thermal
properties of the material, allowed calculating the thermal
resistor network. The following discretization, with a total
amount of 105 metallic nodes, was used:

e The liner was divided into five axial, two radial, and
six circumferential levels, so that the cylinder liner
was represented by 60 nodes.

e The piston was divided into ten nodes as shown in
Fig. 4 (symmetric behaviour was assumed). Nodes
named P1, P7 and P9 are in contact with in-cylinder
gases, node P3 contains the piston rings, a
conductive conductance between piston and liner,
and also the oil gallery.

e The cylinder head model was divided into 35 nodes
(see Fig. 5): 14 nodes in contact with in-cylinder
gases including the 4 valves and the injector tip; 10
nodes just above the previous ones, 2 for the ports, 2
at the valves stems and 1 for the rest of the injector,
and 2 for the rest of the cylinder head material,
separated into intake and exhaust sides.

The boundary conditions were represented by six convective
nodes (in-cylinder gases, air at the intake ports, gases at the
exhaust ports, coolant at liner, coolant at the cylinder head,
and lubricating oil), characterized by their average
temperatures and film coefficients [33].



Once the thermal model is defined, the energy balance in each D,

node is performed, considering the corresponding conductive, < >
convective and radiative HT flows. Arranging the set of S
equations into a matrix, the following expression is obtained: A
®1 )
Leony 0 0 0 0 A °2 ®7 10
0 Lyas—cy1 0 0 0 A .3. o8
Kconv—cyl Kgas—cyl Kcyl—cyl Kcyl—pis 0 ol
Kconv—pis 0 Kpis—cyl Kpis—pis 0 A A o4 .6
»Kconv—CH 0* 0 0 KCH—CHJ
Tconv [ Tconv ]
Tgas—cyl Tgas—cyl
Teye |=| Qen (11) Ll|fu ] |
. 5
Tpis Qpis
- Ten Qcu
YVVVYVVY L]

where: I;on, and Iyqs_,, are identity matrices corresponding to
the boundary conditions in convective nodes.  Kconp—cyi»
Keonv—pis @nd Keony—cy represent the convective conductances Figure 4. Schema of the conductace lumped model of the piston.
at liner, piston and cylinder head respectively. Kgqs—cyi
represents the convective conductance sub-matrix accounting
for the connection between in-cylinder gas and liner nodes with
variable heat exchange area. K¢y;_cy1, Kpis—pis and Key_cy are COOLANT
the conductive matrices between the liner, piston and cylinder
head nodes. Ky,i;_¢, and Ky, are the conductive matrix
between piston and liner nodes (in contact due to the rings).

[ 2222228

%

Tonv is the boundary conditions temperature vector (Ty;; , Teoors
mean gas temperature in the chamber...) which is known by
measurement or calculation, Tg,s_.,,; is @ vector including the
apparent gas temperatures seen by liner nodes (it is calculated
taking into account that liner nodes are in contact with chamber
gases only during part of the cycle). Tc,,, Tp;s and T¢y are the
temperature vectors to determine, corresponding to liner,
piston and cylinder head nodes respectively. Finally, Qcy,, Qpl-s
and Q.y are the radiation heat fluxes to liner, piston and

cylinder head nodes.

77777

AR
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Most the required information to complete the analysis is
obtained from the convective and radiative models described,
and from the nodes geometry and thermal properties. nr
However, there is an important uncertainty in the HT coefficient
in the liquid convective nodes: coolant and oil in contact with
liner, cylinder head and piston and ring-liner contact. They
were obtained as described in the Submodel adjustment
section. B

7
=

 /

IEB EIB

Figure 5. Schema of the conductace lumped model of the cylinder
head.

Mechanical losses models

Six submodels were used to calculate each term of the
mechanical losses, as described in the following subsections.
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Piston assembly friction

According to the literature [23,48,49], the friction in the piston
use to be split in two parts: friction in the rings and friction in
the skirt, being the first term the most important. In both cases,
the friction force is obtained as

Fj, = fFy (10)

where Fy,. is the friction force, f is the friction coefficient, and
Fy is the normal force.

In the case of the rings, Fy is obtained considering both the
normal force resulting from the elastic tension of the rings due
to the mounting and the pressure of the gases in the
combustion chamber. To estimate the pressure behind each
ring a simple blow-by model was proposed. The model
considers one volume between the first and second rings and
another between the second and the oil ring. Volumes were
assumed to be connected by isentropic nozzles. An empirical
adjustment of the nozzle size between volumes is performed at
each operating conditions so that the blow-by modeled
coincides with the experimental value.

The friction coefficient is obtained from the Stribeck diagram, in
which the mixed region is assumed to be linear and in the
hydrodynamic regions f depends on the square of the duty
parameter [23]. The Stribeck diagram is completely defined
assuming a dry friction coefficient f, = 0.14 [48], critical friction
coefficient f,,, = 0.0225 at a critical value of the duty parameter
S = 0.0001 [23]. As the values of these parameter can vary
depending on the materials and surface conditions a global
empirical adjustment will be later described.

With respect to the friction in the skirt, the normal force was
obtained from the calculation of the instantaneous force
between piston and liner, considering both the forces due to
the gas pressure in the chamber and the reciprocating inertial
masses. Regarding the friction coefficient in the piston skirt, a
similar model as in the piston ring is considered. In this case,
the lubrication is assumed to be always hydrodynamic.

The final expression for the friction in the piston ring assembly
can be expressed as:

Ffr,piston = Kpiston (ZifiFN,i + fSFN,s) (12)

where K50, iS an empirical constant that account for the
uncertainties derived from the use of the stated constants
obtained from literature, f; and f; are the friction coefficient in
the ring and in the skirt, and Fy; and F), ; are the normal forces
in the ring and the piston skirt.

Crankshaft bearing friction

Bearings friction use to contribute in a lower extent than the
piston to the total friction, being usually assumed that they
work under hydrodynamic lubrication. For the calculation of the
friction forces in the crankshaft, if was assumed two
components [50]: the first term in expression (13) represents
the shearing force of the oil film (unloaded bearing term), and
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the second the effect of the pressure component (loaded
bearing term):

7% Dpear’-Lpear BT | € FNpear €
Ffr,bear = Kpear [ cviee? + Dy - sen(g) ](13)
ear

where Dy, and Ly, are the bearing diameter and length, u
is the oil viscosity, n is the engine speed, c is the radial
clearance, ¢ de eccentricity ratio of the bearing, Fy peqr iS the
normal force in the bearing, and ¢ is the attitude angle. The
values of the constants are ¢ = 0.0025D (where Dis the bore),

£ =0.0007 and ¢ = tan~* (22=") [23]. It was checked that
4e

the relative weight of the terms in (13) can vary slightly if the
constants vary in the expected range, however the global trend
do not vary importantly. Similarly to the piston, one empirical
constant K,.,, was included for accounting the differences with
respect to the constants values assumed by default. The
normal force in the connecting rod can easily be computed
from the dynamic analysis, while additional hypothesis was
made for the main bearing, where only the effect of the
adjacent cylinders was assumed. In both cases, the effect of
gas pressure and reciprocating inertial masses was
considered.

Valves train friction

The friction in the valve train use to be the least important of all
the friction terms. Different elements are involved in the friction
of this system, however, it is usually assumed that the most
important of them is the friction between the cam and the
follower [51], being about 85-90% of the total friction in the
valve train. Hence, only this component was modeled.

Due to the important forces in the contact, boundary and
elasto-hydrodynamic lubrication is usually assumed [23,52].
The key issue is the determination of the oil thickness in the
contact, for which several proposals with the following shape
can be found in the literature:

H =29l = |, UR2GR3 Wk (14)

Rcam

where H is the non-dimensional oil thickness, h,; is the oil
thickness, R 4, is the cam radius that cam be computed from
the radius of the base circle of the cam and valve lift, U , G,
and W are three non-dimensional parameters depending on oil
viscosity, cam geometry and normal force, which detailed
expressions can be seen in [23], and k4, k, , k3 and k, are
constants which value vary between different authors. The
reference values assumed [23] were: k; = 2.65, k, = 0.7,

ks = 0.54 and k, = —0.13. A global fitting constant, K,,,;,,, was
also included in the. Thus, the friction force in the cam-follower
contact is:

Ffr,valv = valvFjpr,ualv (15)

where Fy, 4, IS the friction force in the cam-follower contact
and Ff, 41, is the friction force calculated with the reference
model.



Ancillaries systems losses

Three subsystems were considered: fuel injection, cooling and
lubrication. All of them use pumps that are driven by the
crankshaft to provide the corresponding mass flows.

Engine 1 has a common rail system in which the fuel pump
includes both a pressure control valve (PCV) and a volume
control valve (VCV), hence its behavior is different from
conventional piston pumps. In conventional piston pumps the
total amount of fuel compressed in the piston (part of which is
injected and part returns to the low pressure circuit) basically
depends on the pump rotating speed and pump size. However,
some characterization tests of the pump unit used showed that
the total fuel mass flow variation at different engine speeds is
limited and there can be also some effect with the load, due to
the strategy of the ECU that controls the VCV. Thus a
characterization campaign was carried out in the experimental
setup. The experimental measurement (see Table 3) consisted
in a speed, rail pressure and injected mass swepts in motoring
conditions (the injector were removed from the combustion
chamber). For each engine speed, the rest of friction losses
were kept constant by controlling the oil temperature. Thus the
mechanical losses variations could be attributed to injection
setting changes.

Table 3.Experimental test.

n 1000,2000,3000,4000
Fuel pump
characterization Drait 200,400,800,1200,1600
Fuel mass Equivalent to 0-50% load
Cy, adjustment n 1000-4000 (500 rpm steps)
n 1500-3500 (500 rpm steps)
Lumped model Load 25-75%
adjustment oo 47-97°C
Tyu 75-115°C
n 1000-4000 (500 rpm steps)
Friction model o o o o
adjustment Load 25%, 50%, 75%,100%
(28 operating T,u (depending
points) on operating 80°C-125°C
conditions)
Validation n 1000-4000
(52 operating Load 10%-100%
points)

The following expression for the fuel pump power was
assumed

_ Qruet Pruel
Nfuel - Nfuel (16)

where pgy, is the rail pressure and 7, Use to range
between 0.85-0.9 [23]. Then, using the measured mechanical
losses in (16), the following empirical correlation for the total
volumetric flow was derived:

quel = kfuel * mj(‘)itﬁel(]-?)
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3
E%% and myel is the injected fuel
mass. In combustion operation, the power to drive the injection
pump was directly obtained from the combination of

expressions (16) and (17).

where kpye = 3.43-107°

A simplification of the complete cooling system of the engine
consists in the coolant pump and restricted passages through
the engine and radiator. The coolant pump is a centrifugal
pump which rate flow depends on its speed, efficiency and the
pressure provided. The pressure required to circulate the
coolant through the system can be estimated as

Pcool = klcool ngol (18)

b .
"~ was adjusted

min

where the constant k1,,,; = 5.14 - 1075

for Engine 1.

As the coolant pump is not volumetric, its mass flow is not
necessary linear with the engine speed. However,
experimental results available showed that this hypothesis is
quite accurate, thus the following expression was used:

Qcoot = k2011 (19)

1
where k2.,, = 5.51 - 1072 (’"—;l) and n is the engine speed.

TP

Finally, the pump power was calculated as follows:

Neoor = 2e22Pe2t (20)

where a value for the efficiency about 0.85 was assumed.

The last system to model is the oil pump, which power can be
estimated as:

Qoit Poi
Negor = 228221 (21)

where the oil pressure p,;; was measured and a pump
efficiency 7n,; = 0.9 is assumed. As the oil pump is a
volumetric pump, its volumetric flow is directly related with
engine speed:

Qoit = ko m (22)

1
where a k,; = 0.0079 % was estimated from available

manufacturer data.

Submodels adjustment

At this point all the proposed submodels have been presented
and only some adjusting process must be done. The
adjustment includes the convective heat transfer constant Cy4,
the nodal model adjustment and Ky;ston, Kpear» Kvaw-

The Cy,, value is a key issue for the GEB, as it scales the in-
cylinder convective HT. The adjustment process is based on
the characterization of the effect of different engine



uncertainties (real compression ratio, TDC position, pressure
pegging, engine deformations and Cy,,) on the thermodynamic
cycle during motoring conditions [53]. A detailed description of
the process can be found in [54], in short, the method search
for the best combination of the uncertainties that minimizes
simultaneously the error of the heat release during motoring
conditions (when no combustion takes place and the rate of
heat release should be identically null) and the compression-
expansion pressure evolution. The experimental conditions
used are indicated in Table 3. As result of the adjustment, a
value of Cy, = 2.3 was obtained.

The next model to adjust was the lumped nodal model. Using
metal temperature measurements in Engine 2, the convective
heat transfer coefficients between cylinder-coolant, cylinder
head-coolant, oil-piston and oil-liner were adjusted minimizing
the differences between modeled results and measurements.
The adjustment was performed by changing the constant
correlation of the type Nu = kRe%8, covering a wide range of
engine operating conditions as detailed in Table 3. Fig. 6
shows some example of the comparison of the modeled and
measured result in some representative positions: one node in
the hottest part of the engine (the piston rim) and one in the
coolest part (liner) . In both cases the model is able to predict
accurately the trends at different operating conditions, being
the maximum error in the liner lower to 4°C and 15°C in the
piston. Taking into account the wide range of operating
conditions included, these results were considered satisfactory.

The adjustment of the constants Kpiston, Kpears Kvaw Of the
friction losses models was carried out using a test matrix of 28
operating condition ranging from low to high engine speeds
and loads, as detailed in Table 3. The experimental
mechanical losses were computed from the difference between
net indicated power, obtained from in-cylinder pressure, and
brake power, so that:

Ni - Np - Nb = Nfr,piston + Nfr,bear + Nfr,valv +
+ Nfuel + Ncool + Noil (21)

where Ngy pistons Nerpears Nerparw @re the power of the friction
losses in the piston assembly, bearings and valves train, which
depends on Kpiston, Kpears Kvaw- A l€ast squared adjustment
was applied to minimize the error of the predicted vs measured
mechanical losses. In a first adjustment the values obtained
were Kpiston = 0.6, Kpegr = 3.9, and K,q;, = 2.5.

It seems clear that the accurate estimation of friction
components depends on the derivation of suitable values for
the empirical coefficients. The discrepancy of the constants
with respect to the reference values (Kyiston = Kpear = Kyaw =
1) is a consequence of the different engine characteristics.
Moreover, uncertainties regarding the Stribeck diagram, ring
forces or bearing geometry and tolerances can also be
affecting the results. This discrepancy with respect to reference
values is also reported by other authors such as Kouremenos
et al. [55], which proposed “variable” constants values as a
function of the engine speed. As it was found that friction
losses were overestimated at low engine speed, this approach
was also considered. Another justification for the necessity to
consider different constants at different engine speed can be
found in the fact that in the reference model only very limited
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speed variation was considered [23]. A linear correlation for
the piston constant was finally proposed,

Kpiston = klpistontk2pistonn - INthe case of Kpeqr and Ky
no clear improvement was found and they were maintained
constant for all operating conditions. The final fitting constant
are Kpiston = KlpistontK2pistonn (ranging from 0.42 at 1000rpm
to 0.73 at 4000 rpm) Kpeqr = 3.9, and K4, = 2.5. Top part of
Fig. 7 shows the experimental vs modeled mean effective
pressure due to friction and ancillaries (pumping has been
omitted as it is directly measured from in-cylinder pressure)
using a constant value for K.y, Or the linear variation. As
seen in the bottom part, the absolute mean error diminishes
from about 200 mbar to 100 mbar, while the stated effect of
engine speed on the error is compensated.
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Figure 6. Modeled and experimental wall temperatures in the bowl rim
and exhaust side of the liner
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Figure 7. Modeled and experimental mean effective pressure due to
friction and ancillaries losses.

Validation

Once all the individual submodels were adjusted, the analysis
tool CALMEC was ready to be used in GEB analysis. The first
step was validating the results of the internal models with the
external measurements. A first validation was performed
through the comparison between the total amount of modeled
HT, Qtor,moa, @nd the external measurements, Qror exp:

Qtot,mod =
= [Qcham,cool + Qcham,oil + onrts + Na + Nfr]mod b
~ [Qcool + Qoit — Qrer + Qmisc] = Qtot,exp (22)

exp

Internal terms consist of Qnam coot + Qcham,on that is the total
amount of heat transfer from the chamber to the walls,
obtained with the described HT models and which repartition
between coolant and oil is made thanks to the lumped
conductance model, mes is modeled with the HT model to
the ports and the power losses due to friction and ancillaries is
assumed to be finally degraded to HT to coolant and oil. From
the experimental measurements, Qgyo1, Qi and Qggr are
directly computed from fluid mass flows and temperature
drops. Although Qg¢r is part of the internal analysis, it was
subtracted in the experimental term. Finally, a miscellanea
term has been included, Q5. which is mainly formed by the
HT to the ambient, Q,,,, but also includes some minor terms
such as blow-by leakage, unburned products and the sensible
enthalpy of the fuel returning to the tank. Q,,;s. is calculated as
the residual of the rest of experimental energy flows measured
in the external analysis, i.e. the experimental unbalance. Fig. 8
shows the two terms of expression (22), that is, the total heat
transfer modeled in the internal GEB, Qot.moa; VS total
experimental HT measured, th_exp,. The experimental
operating conditions cover the complete engine map as
detailed in Table 3. As can be seen, the model follows the
global trend with no clear deviation from the measurement in
all the power range, from low power (operating points at low
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speed and load) up to high power (high speed and load).
Regarding the dispersion of the prediction, the mean error
found is about 8%, which in terms of the fuel energy at each
operating condition is about 3%.
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Figure 8. Total internal (modeled) vs external (experimental) heat
transfer terms

Concerning the repartition of HT to the coolant and oil, Fig. 9
and 10 show their respective modeled and measured
comparison.
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Figure 9. Modeled and measured total heat transfer to the coolant

In the case of the coolant, the modeled HT includes the HT
from the chamber to the coolant, the HT in the ports, the power
to drive the coolant pump, which is dissipated as fluid friction
within the fluid, and the friction losses in the piston assembly.
Although in the last case some of the friction can reach the oll
that is cooling the piston, it was assumed that most of it was
released to the coolant. This can be justified considering that
most of the piston assembly friction take place in the
compression piston rings, where the friction heats the liner and
the rings. However, the thermal resistance is much lower in the
path towards the coolant than the oil, and hence, the liner
temperature is much cooler than that of the piston node in
contact with the ring (90-150°C vs 110-300°C), thus increasing
the HT to the liner. As seen in Fig. 9, the modeled values



follow well the experimental trend, although the dispersion is a
bit higher than in the case of th,mod. In the sake of rigor two
additional terms should also be included: the HT to the ambient
and the internal heat transfer from oil to coolant. However,
neither of them can be accurately estimated. In the case of the
HT to the ambient, Q.,, is available, however it includes part of
HT coming from coolant but also from oil, convection and
radiation in the turbo. Regarding the HT from oil to coolant in
the engine block, a raw estimation can be performed
computing the difference between the external value, Q,;; , and
all the modeled internal terms heating the oil (anam,ozz +
Ntrpear + Nercam + N,;;); however the accuracy of this
estimation is limited as it accounts for the HT from oil to the
coolant but also some HT going from oil to the ambient. In any
case, it was checked that Q,,, and the raw estimation of the
HT from oil to coolant are similar, and much lower than the
total HT to the coolant; hence they compensate each other and
the difference between them would affect in a low extent to the
results presented in Fig.9.

The experimental and modeled HT to the oil, Q,; and Qcram.oit
are plotted in Fig. 10, where it can be seen that the higher the
power is the higher the difference between modeled and
experimental values are. Taking into account the previous
comments, this behavior can be justified considering the HT
from the oil to the coolant throughout the metal wall and the HT
from oil to the ambient. In both cases, HT increases with the
oil-coolant and oil-ambient temperature differences, which
increases at higher engine power (and thus at higher Q,;,).
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Figure 10. Modeled and measured heat transfer to the oil
Engine map analysis

Once the thermal balance was validated, this section shows an
example of analysis for the complete engine map. In the sake
of brevity, only some partial results will be shown. Figs. 11 to
18 show some examples of relevant terms of the external and
internal GEB in Engine 1.

Fig. 11 shows the net indicated efficiency (deducting the
pumping power) in the complete map. It can be highlighted that
its variation range in the complete map is not very important
(between 36-43%), much lower to the brake efficiency shown
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in Fig. 12 (28-39%). The reason for the stable behavior of the
indicated net efficiency is the combination of different effects:
on the one hand combustion process is more adiabatic at
higher engines speed and load, however the pumping process
shows almost the opposite trend: it is smaller at low engine
speed and high load, and higher at high engine speed and low
load (in relative terms with respect to the fuel energy). Finally,
the injection setting tends to reduce the difference in the
combustion duration at different operating conditions, by
means of a different number of injections and rail pressures.
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Figure 11. Net indicated efficiency
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Figure 12. Brake efficiency

The difference of net indicated efficiency with respect to the
100% of efficiency (corresponding to the total amount of fuel
energy), is due to the HT losses in the chamber and the
exhaust enthalpy flow in the exhaust valve. Regarding the HT,
Fig. 13 and 14 show the modeled HT power to the coolant and
oil coming from the chamber walls, respectively. Both of them
increase with the engine speed and load; being the heat
transfer to the oil, in global terms, a bit lower to half the heat



transfer to the coolant. Part of the enthalpy of the hot exhaust Figure 14. Modeled HT from the chamber to the oil (in kW)
gases leaving the combustion chamber is transferred to the

ports walls. Fig. 15 shows the total thermal power transferred 100
to both intake and exhaust ports. The first of them use to be
negative because of the low inlet temperatures; however the
last is much more important due to the higher temperature
difference between gas and walls (exhaust port HT is about 10
times the intake port HT). As shown, the total amount of HT to
the ports is lower to that transferred from the chamber to the
oil. The addition of HT to the coolant from chamber and ports
are the two main terms in the total HT to the coolant, which
experimental values are plotted in Fig. 16. The difference
between modeled HT to the coolant (in-cylinder HT plus ports
HT) and the measured values ranges between less that 1kW at
low engine speed and load to about 10 kW at full load and 40
4000 rpm. This difference has been properly justified in the

previous section.
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Figure 13. Modeled HT from the chamber to the coolant (in kW)
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Figure 16. Measured HT to the coolant (in kW)
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The difference between the net indicated efficiency plot in Fig.
11 and the brake efficiency in Fig. 12, are due to the friction
losses and the power to drive the ancillary systems. Their
repartition at three engine speed and the complete range of
loads are plotted in Figs. 17 and 18, in absolute and relative
terms. In both cases cumulative values of each term are
plotted, so that the specific effect of one term can be obtained
40 subtracting the line bellow. Intermediate engine speed showed
similar trends. As can be seen the most important term is the
piston assembly friction, ranging 40-60% of the total friction
N and ancillaries losses, depending on the operating conditions.
It is interesting to highlight that this term shows a high
1000 20800 d 3000 4000 sensitivity with the load, while the second most important term,
pee [rpm] the bearing friction (15-25% of the total friction and ancillaries
losses), is quite stable at different loads. Hence, it can be
concluded that piston friction is responsible of most the
mechanical losses increment with the load (and the fuel pump
in lesser extent). This can be explained taking into account that
the elements producing most of the piston friction are the

Load [%]
(o)
(@)
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compression rings, on which the in-cylinder pressure has a
direct influence. Moreover, during the cycle evolution,
important friction takes place in the proximity of the TDC where
the pressure is high and the instantaneous velocity is low, thus
the mixed friction plays an important role in the piston friction.
As known, the effect of viscosity is limited in mixed lubrication.
On the contrary, bearing has hydrodynamic lubrication, and its
unloaded and loaded components, show opposite trend with
the load: the term affected by the normal forces in the bearings
increases with the in-cylinder pressure, but the term due to the
oil shearing force diminishes due to the lower viscosity
because of the higher oil temperature. The last friction term,
the valve train, shows a limited weight of about 5-10% of the
total friction and ancillaries losses. Regarding the ancillaries,
they range about 12-25% of total friction and ancillary losses,
increasing its absolute and relative weight as the engine speed
increases. The two most important terms are the power to
drive the coolant and the fuel pump, being more important the
last of them, except at high engine speed, where they are
similar.
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Figure 17. Cumulative friction and ancillaries power losses
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Figure 18. Cumulative percentage of friction and ancillaries losses
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Finally, Fig. 19 shows GEB in relative terms for 4 operating
points (test identification means speed@Iload). All the energy
terms are referenced with the total fuel energy. For each
operating point two columns are plotted: the column at left
corresponds to the external GEB based on experimental
measurements, while the column at the right includes the
internal split of energy. In the external GEB the terms
considered are brake power (N,,), HT to the coolant (Q,0;)
and oil (Q,;), HT in the air intercooler (Q,), HT to the turbo oil
(Qrurpo), €Nthalphy flow of the exhaust gases at the turbo exit
(H,y) and finally, the miscellanea term, Q,;sc (formed by Q.
and the rest of minor terms). In the internal GEB the terms are
the net indicated power, which in the sake of comprehension
has been split into brake power and ancillaries and friction
(Ngy + Ng ), HT from the chamber to the coolant ( Qcnam,coor)
and 0il (Qcnam,on), HT to the ports walls ( Qpores), HT in the
EGR cooler (Qzsz), and finally the enthalpy flow of the exhaust
gases at the turbo inlet (H;,.). This last term leads, in the
external GEB, to the enthalpy flow of the exhaust gases, the
HT to the turbo and the HT removed in the intercooler.
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Figure 19. Internal and external GEB at different operating conditions

Brake engine efficiency range between 35-38% at 2000 rpm
and 26-35% at 4000 rpm; the expected increase of efficiency
with the load can be observed; in the case of 2000@100, the
efficiency is very close to the engine maximum efficiency,
about 39% (see Fig.12).

In global terms, the importance of HT to the coolant tends to
diminish with the engine speed (being more evident at low
load) and load (being more evident at low speed). Regarding
the HT to the oil, the higher the load is, the lower the HT is,
being this trend more clearly seen in the experimental
measurement than in the modeled HT from the chamber. This
trend can be explained by the discussed higher heat transfer
from oil to coolant at high load. In relative terms, the HT to the
oil shows a low variation with the engine speed.

The only point with EGR is 2000@25, were this term is about
7%. When comparing this operating point with 2000@100 it
can be seen that the energy flow of the EGR, is derived to the
exhaust gases, increasing both H,,, and H;,,. The weight of
exhaust gas enthalpy increases with engine speed, but it is



quite stable with the load (at 2000 rpm the observed increment
in mainly produced by the EGR). Considering the discussed
HT and exhaust enthalpy trends, it can be stated that, in
general terms, lower HT to the coolant and oil leads to higher
exhaust losses.

As can be seen, 0,,:sc has a non negligible weight at low
engine speed and load, diminishing as both load or speed
increases. This behavior can be explained taking into account
that main term in Q5. is the HT to the ambient which is
controlled by the block temperature. As the coolant
temperature was maintained about 85°C its relative importance
diminished when the engine power increases.

Other terms with lower importance are the energy required to
cool intake charge, (,, higher at higher speed, HT to the ports,
which slightly decreases with engine speed and HT to the
turbo oil, which is lower to 2% in all cases.

Summary/Conclusions

The paper describes a tool called CALMEC, which provides a
detailed description of the internal global energy balance of
Diesel engines. Having as main input the instantaneous in-
cylinder pressure, the tool is able to detail the energy
distribution in the engine, describing the different paths thanks
to specific submodels, accounting for all the relevant
subsystems. Thus, a combination of physical and semi-
empirical submodels have been proposed:

e In-cylinder heat transfer models for calculating heat
fluxes to the chamber walls due to both convection
from gases and radiation from soot.

e Heat transfer model to estimate thermal flux from inlet
and exhaust gases to the ports walls.

e Lumped heat transfer model for obtaining the
repartition of the heat flux throughout the engine
metal elements to the oil and coolant, and estimating
the engine wall temperatures.

e Semi-empirical submodels for calculating the friction
losses and the power to drive the ancillary systems.
Specific proposals for friction in the piston assembly,
bearings and valve train, and fuel, coolant and oil
pumps have been presented.

The submodel have been adjusted and validated in two
versions of a 4-cylinder 1.6 litre DI Diesel engine using
experimental measurement of the external thermal flows to
different fluids (coolant, block oil, turbo oil...), along with
conventional engine measurements.

Good agreement has been found between the global modeled
and measured heat transfers, and the heat transfer to the
coolant. Some differences between the modeled and
experimental heat transfer to the oil were found; they have
been justified taking into account the internal heat transfer from
oil to coolant throughout the metal parts of the engine.

Regarding the friction losses, it was found that the most
important term is the piston friction with a weight of 40-60% of
the total friction and ancillaries losses, being the term with high
sensitivity with the load. The second important term is the
bearing friction (15-25% of the total friction and ancillaries
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losses) while power to drive fuel and coolant pumps are the
most important terms of the ancilliaries losses which range
about 12-25% of total friction and ancillary losses.

A simple analysis of the GEB in the engine map, showed that,
in general the higher the speed and load are, the lower the HT
to the coolant and oil are, while exhaust thermal flow
increases. The HT to the ambient, which is negligible at high
engine speed and load, is quite important at low speed and
load. Global trends of other less important terms have also
been highlighted.

The described models are fast and simple enough to be linked
with the in-cylinder combustion analysis, thus providing a
complete description of the internal engine analysis that, in
combination with the external thermal flow measurements,
allows assessing the effect of different operating conditions on
the global energy repartition.
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