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ABSTRACT 

This work presents a study to characterize and quantify the 
mechanical losses in small automotive turbocharging systems. 
An experimental methodology to obtain the losses in the 
power transmission between the turbine and the compressor is 
presented. The experimental methodology is used during a 
measurement campaign of three different automotive 
turbochargers for petrol and diesel engines with displacements 
ranging from 1.2 l to 2.0 l and the results are presented. 

With this experimental data, a fast computational model is 
fitted and used to predict the behaviour of mechanical losses 
during stationary and pulsating flow conditions, showing good 
agreement with the experimental results. During pulsating 
flow conditions, the delay between compressor and turbine 
makes the mechanical efficiency to fluctuate. These 
fluctuations are shown to be critical in order to predict the 
turbocharger behaviour. 

INTRODUCTION 

Nowadays internal combustion engines, ICE, are facing with 
two main problems the reduction on both pollutant emissions 
and fuel consumption without losing their performance in 
order to fulfill different economical-areas’ regulations like the 
European norm Euro VI [1]. 

In order to fulfill these norms, engine sizes have been reduced 
in recent years (downsizing) with a very high compression of 
the inlet air (supercharging), what is usually performed by 
means of a turbocharger. Engines efficiency largely depends 
on turbochargers efficiency. 

The efficiency of a turbocharger depends on the ability to 
transform the energy of engine exhaust gases to mechanical 

energy in the turbine and, later on, transform this mechanical 
energy by compressing the fresh air in the compressor. 
Unfortunately, some of the mechanical energy is lost in the 
transmission shaft and the systems attached to it (the 
lubrication system, bearings, etc.) These energy losses 
between the turbine and the compressor are commonly called 
mechanical losses, which are not easy to quantify in this type 
of system because of both the turbochargers' small sizes and 
their high rotating speed [2] 

Traditionally, the study of the turbochargers has been 
performed in medium and high loads, i.e. compression ratios 
above 1.5, where mechanical losses are much smaller than the 
rest of the energy flow in a turbocharger; but the importance 
of the urban cycles in the homologation of engines (where 
loads are very low) has led to the necessity of improving 
turbochargers performance in this particular operating points. 
In this low load cases, heat and friction losses can be very 
important (in some cases are even higher than the compressor 
mechanical power) [3], so it is very important to quantify them 
as properly as possible.  

Theoretical studies using CFD determined the need of 
considering the change of the lubricating oil temperature when 
passing through the bearings, in view of the fact that better 
results were obtained that in the case of considering isothermal 
condition [4]. Moreover, Lihua et al. [5], studying the design 
of hydrostatic spindle, arrived to the conclusion of considering 
not only the temperature drop but also the pressure distribution 
of the lubricating oil across the journal in order to obtain more 
accurate results. Chen [6] studied the rotordynamic 
characteristics of large turbochargers, but no indications for 
small turbochargers are mentioned. 

Experimental studies about mechanical losses on 
turbochargers are usually performed in cold tests in which the 
temperatures of the different fluids (oil, refrigerant and 
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compressor and turbine air) are kept almost constant [7]. In 
this way, heat transfer effects are usually neglected and 
mechanical power can be determined by means of oil 
temperature drop. Another possibility is to use a torquemeter 
[8], but this approach implies the modification of the 
turbocharger. 

Payri et al. [9] presents an empirical model in which the 
dependency of mechanical losses are fitted to dimensionless 
numbers: Reynolds, Prandtl an a dimensionless pressure 
difference, which expression was based on the work of Hu et 
al. [10], who determined that the axial thrust of the 
turbocharger is mostly determined by the static pressure 
difference of compressor impeller and the turbine’s back plate, 
which is related to the compressor impeller outlet and turbine 
inlet pressure. Payri et al [9] made dimensionless the pressure 
difference with oil pressure later on. Podevin describes cold 
tests done using a torquemeter, determining that oil pressure is 
important due to the change on oil mass flow [8]. Deligant et 
al. used a torquemeter and a magnetic axial load in order to 
study such a load influence on friction power, being for the 
tested conditions up to a 12 % of the friction power [12]. 
Finally, in Deligant’s work [12] the dependency with oil 
pressure seems to be smaller than with oil temperature that 
directly affects the oil viscosity. 

A physical model developed by the authors has been adjusted 
with experimental data obtained from a specific turbocharger 
test bench, in which a cold test campaign similar to that 
described by Payri et al. [9] was performed, so instantaneous 
mechanical losses can be computed. 

The first part of the paper concerns about the experimental 
methodology and the main parameters measured to 
characterize mechanical losses. Then, a physical model is 
fitted with the experimental data and used to compute 
instantaneous behaviour of the turbocharger mechanical 
efficiency. Finally the main conclusions of the work are 
outlined. 

EXPERIMENTAL METHODOLOGY 
AND RESULTS 

An experimental campaign to measure several turbocharger 
models has been done. The experiments were done in quasi-
adiabatic conditions as described in [7,9], both with stationary 
and pulsating flow in the turbine. Pulsating flow was 
generated as described in the work from Serrano et al. [15].  

In quasi-adiabatic tests, turbine inlet, compressor outlet and oil 
inlet temperatures are maintained as close as possible and the 
turbocharger is thermally insulated from outside. As at low 
and medium turbocharger speeds the temperature at the inlet 
of the oil needs to be low to minimize internal heat transfer 
between the different parts of the turbocharger, its viscosity 
should be similar of that found during urban driving cycles 

when the engine is still cold and the oil temperature is 
relatively low. 

The turbocharger gas stand is represented schematically in 
figure 1. The whole test rig has thermal insulation to minimize 
heat exchange with the ambient. The temperature at the inlet 
and the outlet of the lubrication system is measured with 
RTDs and the mass flow rate is measured using a Coriolis 
flow meter. The turbine mass flow rate is measured with a 
thermal mass flow meter, the temperature of the inlet and 
outlet flow is measured with an array of 4 type K 
thermocouples and its pressure with piezorresistive pressure 
transducers, as described in [13,14]. The compressor side is 
measured as the turbine.  Also, the wall temperatures of the 
housing, the turbine and compressor casings are measured 
with an array of 15 type K thermocouples. 

 

Figure 1 Turbocharger gas stand. 

The first tested turbocharger has variable geometry vanes. 
This device is commonly used in a 2.0 liter diesel engine. It 
contains a water-cooling system and its bearing is composed 
by a plain fixed journal bearing and a separated thrust bearing. 
The second turbocharger is also VGT, it is used in a 1.6 liter 
diesel engine, it has no water-cooling system and it has a plain 
floating ring journal bearing and a separated thrust bearing.  
The third turbocharger has a waste-gate and it is used 
frequently in 1.2 liter petrol engines. Its housing is water-
cooled and its bearing system is formed by a plain floating 
ring journal bearing and a separated thrust bearing. 

The mechanical losses are corrected due to spurious heat flow 
still remaining after quasi-adiabatic tests. The correction is 
performed as described in [12,15], so only power losses are 
taken into account: 
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The mechanical efficiency is computed as: 
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Power losses, mechanical efficiency and heat transfer to the 
oil are plotted against turbine power in figures 2, 3 and 4 for 
all three tested turbochargers. 

The mean measured temperatures during the quasi-adiabatic 
tests are shown in the tables 1, 2 and 3, which show the mean 
inlet temperature of the oil used during the quasi-adiabatic 
tests for each tested turbocharger speed, as well as the mean 
temperature difference between the oil and turbine inlet 
temperatures and the oil inlet and the compressor outlet 
temperatures. The differences tend to be small in order to 
fulfill the quasi-adiabatic requirements 

n  
inoilT ,  ( )

meanintinoil TT ,, −  ( )
meanoutcinoil TT ,, −  

[rpm] [ºC] [ºC] [ºC] 
30000 26.7 2.4 1.6 
50000 32.6 3.3 0.3 
70000 43.9 2.5 1.1 
90000 60.0 3.1 1.7 

110000 76.1 1.3 0.6 
130000 96.5 1.1 1.5 
150000 124.3 0.3 3.7 
170000 144.1 1.5 12.6 

Table 1. First  turbocharge temperatures. 

n 
inoilT ,  ( )

meanintinoil TT ,, −  ( )
meanoutcinoil TT ,, −  

30000 23.9 4.9 3.1 
50000 25.6 0.8 0.2 
70000 37.1 4.3 1.7 
90000 48.1 1.0 0.6 

110000 70.6 0.7 9.0 
130000 84.6 1.5 1.7 
150000 105.9 2.0 3.1 
170000 127.0 1.4 3.6 

Table 2. Second  turbocharge temperatures. 

 

 

 

 

n
inoilT ,  ( )

meanintinoil TT ,, −  ( )
meanoutcinoil TT ,, −  

50000 32.5 4.1 1.4 
70000 41.0 4.3 1.0 
90000 49.1 3.0 0.1 

110000 61.2 2.6 1.56 
130000 72.1 0.6 2.0 
150000 89.2 1.8 5.0 
170000 112.8 0.6 0.3 
190000 130.2 3.3 3.0 

Table 3. Third turbocharger temperatures. 

As can be seen in figures 2 to 4, the mechanical efficiency 
becomes appreciably small in the quasi-adiabatic case for low 
turbine power. The oil inlet temperature is small and its 
viscosity is higher than in normal operating conditions. 
Nevertheless, during urban driving cycles the oil inlet 
temperature can be even smaller [9]. 

As seen in figures 2, 3 and 4, the heat transfer to the oil, even 
in quasi-adiabatic conditions, is an important fraction of the 
power losses in the lubrication system, and it is expected that 
its importance grows as the turbine temperature rises. These 
results shows that the heat exchange between the lubrication 
system and the rest of the turbocharger should not be 
neglected to compute the real power dissipated in the bearings. 
Figure 4 shows the bigger effects of heat transfer due to the 
fact that the second turbocharger is just oil-cooled. 

MODEL RESULTS 

A model of turbocharger bearings developed by the authors of 
the present work is fitted with a random subset of 10 % of the 
whole stationary experimental database and used with 
OpenWAM [17,18] to simulate all the tested operating 
conditions, giving the results shown in figures 5 to 7.  The 
losses in the transmission of power between the turbine and 
the compressor are computed as: 
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where the oil film thickness in the thrust bearing tbh is 
computed using the following expression: 
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In equations 3 and 4, the 5 terms ik are the coefficients to 
adjust the model and the rest of the parameters are defined by 
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the geometry of the bearings and the operating conditions. The 
model is described in [19]. 

 

Figure 2. First  turbocharger,experimental results. 

 

 

Figure 3. Second turbocharger, experimental results. 
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Figure 4. Third turbocharger, experimental results. 

In figure 5 the model is adjusted to the first turbocharger 
experimental data. In the upper part of figure 5, the continuous 
line represents perfect fit, the dashed line ±25 W of error and 

the dash-dotted line ±50 W of error. In the lower part of figure 
5, the continuous line represents perfect fit, the dashed line ±5 
% of error and the dash-dotted line ±10 % of error. The model 
shows its greatest discrepancies in power at high turbocharger 
speeds. It can be explained due to high uncertainties in the 
enthalpy rise measurement between the inlet and outlet of the 
lubrication system due to low temperature changes when the 
turbocharger speed is high, to the uncertainties associated to 
the oil dynamic viscosity characterization at high temperatures 
and to the simplicity of the axial load used. Nevertheless, the 
greatest differences in power occur when the turbine output 
power is maximum, so the errors in mechanical efficiency are 
of small importance. At low rotational speeds, however, small 
errors in power of around 10 W incur in appreciable 
discrepancies between the measured and the modeled 
mechanical efficiency. 

The second turbocharger results are shown in figure 6. As in 
the previous case, some discrepancies arise at high rotational 
speeds, when the oil temperature is high and its change 
between the inlet and the outlet of the lubrication system is 
minimum. Again, the observed discrepancies are of small 
importance observing the mechanical efficiency plots: when 
the turbine power output is very high, differences of 20 % in 
predicted mechanical losses power are translated in 
differences in efficiency of between 1 % and 2 %. Again, 
when the turbocharger is working at extremely low rotational 
speeds, the errors in mechanical efficiency are more 
important, but the turbocharger rarely works at these operating 
conditions. 

The third and smaller tested turbocharger shows better results 
than the others. In this case, the error committed in power 
transmission losses is small in the whole tested operating 
conditions. The model shows good agreement with the 
experimental data even when working at low rotational speeds 
and mechanical efficiencies of around 50 %, with mechanical 
efficiency errors always below ±5 %. 

To demonstrate the need of a mechanical losses model, the 
testing campaign with steady flow conditions has been 
simulated using the aforementioned model, no mechanical 
losses and a fixed mechanical efficiency of 90 %. In the 
following graphics, the dimensionless error in simulated speed 
is plotted in absolute value against the turbine power. The 
condition of constant mechanical efficiency of 90 % has been 
chosen as a typical used value during constant efficiency 
simulations. 

Not using a mechanical losses model gives very high 
turbocharger speed errors in all the tested operating 
conditions. Assuming a constant mechanical efficiency of 90 
% gives good results at high turbine powers, but fails at low 
powers. The best results are obtained by using the mechanical 
losses model, which takes into account the variation of power 
transmission losses between the turbine and the compressor in 
every operating point. 
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Figure 5. First turbocharger, stationary modeled results . 

 

 

Figure 6. Second turbocharger, stationary model results. 
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Figure 7. Third turbocharger, stationary model results. 

 

Figure 8. First turbocharger, simulated speed error. 

 

Figure 9. Second turbocharger, simulated speed error. 

 

Figure 10. Third turbocharger, simulated speed error. 

The models are further used with pulsating flow data from 
experiments done in the gas stand, simulating pulses of 
amplitude and frequency typically found in the exhaust 
manifold of diesel turbocharged engines with oil temperatures 
similar to that found in urban driving conditions: 

In figure 11, results for pulsating flow at an engine speed of 
2000 rpm and an engine load of 12 % of the maximum torque 
are presented for the first turbocharger. The upper graph of 
figure 11 shows in black the isentropic efficiency of the 
turbine, calculated with the model described in the work from 
Pairy et al. [20]; in gray solid line the mechanical efficiency; 
and in dash-dotted the product of both, plotted against the 
crank angle. As it can be seen, both mechanical and isentropic 
efficiency are unphased. It is clearer in the lower graphic of 
figure 11, where the efficiencies are plotted against the blade 
tip speed ratio: when the isentropic efficiency rises, the 
mechanical efficiency drops. The available power is the 
isentropic turbine power times the isentropic efficiency times 
the mechanical efficiency. 
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Figure 11. First turbocharger, 2000 rpm and 12 % load. 

In figure 12, results are shown for an engine speed of 2000 
rpm and an engine load of 25 % for the second turbocharger.  
This time, both mechanical and isentropic efficiency appears 
to be almost in phase, so the maximum of the product is near 
the maximum of the turbine maximum isentropic efficiency, 
which can be translated in maximum available power at the 
compressor side. The available power is a scaled-down and 
deformed version of the turbine isentropic power. 

In figure 13, results are plotted for an engine speed of 2000 
rpm and an engine load of 50 % for the third turbocharger. 
Again, both mechanical and isentropic efficiencies are 
unphased. Nevertheless, in this case the product of both 
efficiencies is working near its maximum value during longer 
periods of time. As the minimum efficiencies happen at high 
blade tip to air speed ratio, its effect is minimized. 

 

 

Figure 12. Second turbocharger, 2000 rpm and 25 % load. 

Table 4 shows the model error of the three operating points.  

Engine 
speed

Engine 
load

n 
 tm&  cm&  tπ  cπ  

rpm % % % % % % 
2000 12 1.7 0.5 1.9 0.1 0.1 
2000 25 4,5 0,9 4.8 0.1 2.1 
2000 50 0.1 3.4 0.0 0.9 1.7 

Table 4. Model error. 

During pulsating flow, the mechanical efficiency of the 
turbocharger can instantaneously change between very high 
and very low values, due to variations in both power 
transmission losses and turbine power output. The model of 
power transmission loss can change instantaneously due to 
crank angle variations of axial loading, affecting axial thrust 
bearing power losses, as shown in equation (4). If a constant 
mechanical efficiency is used to model the turbocharger 
behavior, there will be bigger errors than when modeling its 
instantaneous variations. The mechanical efficiency times the 
isentropic turbine efficiency can change notably even when 
the turbine isentropic efficiency is almost constant due to 
changes in mechanical efficiency. The model also shows that 
the mechanical efficiency can have its minimum value at 
points of high or low isentropic turbine efficiency, depending 
on the operating conditions. 
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Figure 13. Third turbocharger, 2000 rpm and 50 % load. 

SUMMARY/CONCLUSIONS 

Although typically high during highway driving conditions, 
mechanical efficiency of turbochargers becomes small during 
urban driving cycles, when oil temperature is relatively low. 

With current downsizing trends, turbines tend to work under 
high amplitude pulsating flow, rendering its power output and 
mechanical losses far from constant even at steady engine 
operation. Non-linear effects make even more difficult to 
properly achieve good results during 0d-1d simulations of 
engines, so it is important to take into account the 
instantaneous variation of both turbine power output and 
mechanical losses to get better results. The model used in the 
present work gives some insight about the instantaneous 
evolution of mechanical efficiency during pulsating flow 
conditions, showing that, at low to medium engine operating 
points, it can vary greatly during an engine cycle. 

When simulating highly variable turbocharger conditions the 
constant mechanical efficiency computations show weakness, 
underestimating the available power at the compressor side at 
high rotational speeds or overestimating it at low rotational 
speeds.  If only very high turbine powers will be simulated, a 
constant mechanical efficiency should give accurate results.  
Therefore, the authors of the present work recommend using a 
turbocharger model during 1D simulation that can compute 

instantaneous mechanical efficiency in a wide range of 
operating conditions such as the one presented here in real-
world driving cycles. It is also advisable to accurately 
characterize the mechanical losses behavior in low to medium 
engine operating powers using specific experimental 
procedures such as using quasi-adiabatic tests in a cold gas 
stand  or a torquemeter attached to the turbocharger. 
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DEFINITIONS/ABBREVIATIONS 

VGT variable geometry turbine 
T  temperature 
m&  mass flow rate 
p  pressure 
n  turbocharger speed 
c  specific heat capacity 
oil  oil 
t  turbine 
c  compressor 
in  inlet 
out  outlet 
min  minimum 
max  maximum 
R  radius 
L  length 
A  area 
mean  mean 
mech  mechanical 
μ  oil dynamic viscosity 
η  efficiency 
measured  measured 
model  modelled 

W&  power 

Q&  heat flow 

k  fitting parametter 
G  geometry parameter 
σ  blade tip to air speed ratio 
b  backplate 
jb  journal bearing 

tb  thrust bearing 
h  oil film thickness 

 
 


