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Abstract
The main objective of this doctoral thesis is the development of a comprehensive methodology to perform and analyse the thermal balance of reciprocating engines, based on experimental and theoretical techniques. Starting
from previous works carried out in the research group, which are related to
combustion diagnosis and thermal management, a methodology to analyse the
thermal balance from two points of view was proposed: on the one hand, the
external point of view, mainly based on experimental measurements, and on
the other hand, the internal point of view, based on modelling. The combination of both approaches allows the necessary model adjustment, along with a
detailed characterization of the different energy flows.
Apart from the thermal balance methodology, several proposals to model
some internal processes have been provided, being noteworthy the sub-models
for heat transfer to the chamber walls, the ports and between the oil and
coolant, besides, a detailed mechanical losses model was also developed. With
the aim of ensuring the models reliability and robustness, an integral uncertainty adjustment methodology is proposed, which allows determining some
parameters affecting the thermodynamic properties within the chamber and
the sub-models adjustment.
The analysis and calibration methodology is flexible enough to be applied in different types of engines and combustion modes, thus ensuring its
generality. To demonstrate the methodology potential, it is finally applied to
analyse specific parametric studies in two engines, showing its usefulness for
both diagnostic and predictive applications.

Resumen
El objetivo principal de la presente tesis doctoral es el desarrollo de una
metodologı́a integral que permita analizar el balance de energı́a en motores
de combustión interna alternativos, mediante la combinación de diferentes
técnicas experimentales y teóricas. Para ello, partiendo de varios trabajos
previos realizados en el grupo de investigación en temas relacionados con diagnóstico de la combustión y gestión térmica del motor, se ha propuesto una
separación del análisis energético en dos puntos de vista: exterior, basado principalmente en medidas experimentales e interior, fundamentalmente basado en
modelado. La combinación de ambos enfoques permite el necesario ajuste de
los modelos, ası́ como la caracterización completa y fiable de los flujos de
energı́a en el motor.
Junto a la metodologı́a del balance energético, se han aportado una
serie de propuestas para el modelado de diferentes procesos internos, entre los
que destacan los modelos de transmisión de calor a las paredes de la cámara
de combustión, a las pipas y entre el aceite y el refrigerante, ası́ como un
modelo detallado de pérdidas mecánicas. Con el fin de garantizar la robustez
y fiabilidad de dichos modelos, se ha propuesto una metodologı́a de ajuste de
incertidumbres que permite obtener el valor de varios parámetros que afectan
al cálculo de las condiciones termodinámicas en la cámara, ası́ como el ajuste
de los diferentes modelos propuestos.
La metodologı́a de análisis y calibración es suficientemente flexible para
ser aplicada a motores de caracterı́sticas y modos de combustión diferentes,
asegurando ası́ la generalidad de la herramienta. Para mostrar su potencial, se
ha aplicado a dos motores en estudios paramétricos especı́ficos, verificándose
su utilidad como herramienta tanto de diagnóstico como para su uso en aplicaciones predictivas.

Resum
L’objectiu principal de la present tesi doctoral és el desenrotllament
d’una metodologia integral que permeta analitzar el balanç d’energia en motors de combustió interna alternatius, per mitjà de la combinació de diferents
tècniques experimentals i teòriques. Per a això, partint de diversos treballs
previs realitzats en el grup d’investigació en temes relacionats amb diagnòstic
de la combustió i gestió tèrmica del motor, s’ha proposat una separació de
l’anàlisi energètica en dos punts de vista: exterior, basat principalment en
mesures experimentals i interior, fonamentalment basat en modelatge. La
combinació d’ambdós enfocaments permet el necessari ajust dels models, aixı́
com la caracterització detallada dels diferents fluxos energètics.
Junt amb la metodologia del balanç energètic, s’han aportat una sèrie
de propostes per al modelatge de diferents processos interns, entre els que
destaquen els models de transmissió de calor a les parets de la cambra de
combustió, a les pipes i entre l’oli i el refrigerant, aixı́ com un model detallat
de pèrdues mecàniques. A fi de garantir la robustesa i fiabilitat dels dits models, s’ha proposat una metodologia integral d’ajust d’incerteses que permet
obtindre el valor de diversos paràmetres que afecten el càlcul de les condicions termodinàmiques en la cambra, aixı́ com l’ajust dels diferents models
proposats.
La metodologia d’anàlisi i calibratge és prou flexible per a ser aplicada
a motors de caracterı́stiques i modes de combustió diferents, assegurant aixı́
la generalitat de la ferramenta. Per a mostrar el seu potencial, finalment s’ha
aplicat a dos motors en estudis paramètrics especı́fics, verificant la seua utilitat
tant com a ferramenta de diagnòstic com en aplicacions predictives.
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1.1

Background

Since its development, the Reciprocating Internal Combustion Engine
(RICE) has brought several benefits to mankind, being especially remarkable
in the transportation sector but also in domestic and industrial applications.
It is partly responsible for the fast growing and evolution of cities and has
moulded the present society lifestyle. As a consequence, the use of RICEs has
increased over the last decades, giving place to two major concerns:
1. The combustion process of conventional RICEs leads to pollutants emissions that are released to the ambient as part of the exhaust gases. In
normal operation, N Ox and Particulate Matter (PM) are main issues in
Diesel engines, whilst gasoline engines produce higher concentration of
CO and HC emissions. These pollutants are reported to have harmful
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effects on human health [1–3], thus becoming a major issue in modern
cities.
2. Fossil fuels are the main source of energy in transportation applications.
However, as can be seen in Figure 1.1, the oil reserves are progressively
running out whilst the demand of energy rises. Thereby, the use of gas
and oil extraction methods that are more aggressive with the environment (for example the fracking 1 [4–6]) are becoming a common practice.
As a consequence, the awareness towards the preservation of the nonrenewable sources and the protection of the environment has increased;
therefore, the development of more efficient powertrains is gaining importance.
50
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Figure 1.1. Annual balance of new barrels discovered versus consumed. Source: [7].

As the harmful inmissions in the ambient have reached alarming levels,
current legislations are focused on reducing RICE tailpipe emissions levels.
In this sense, the European Union defined the European emission standards
(Euro 1 to 6) that new vehicles sold in the European territory must comply.
In Figure 1.2 it is possible to see the evolution of the increasingly stringent
1

Fracking consist on the hydraulic fracturing of rocks by means of a pressurized liquid.
This technique can be responsible of several environmental impacts ranging from the potential to cause earthquakes to the contamination of water supplies.
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normative restrictions since the Euro 1 comes into the scene. It is possible
to see how the allowed N Ox emissions level has been reduced about 84%, the
PM about 96% and the HC and CO more than 80% with respect to Euro 1
limits.
Euro 1
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CO

-63%

Euro 3
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-76%
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Figure 1.2. Euro normative evolution.

With the purpose of meeting those regulations, during the last two
decades the engine research have been mainly focused on reducing these pollutants, mostly by means of active techniques oriented to limit their formation
during the combustion process. As a result, current RICE technology has
reached a development level in which further emissions reduction is barely attainable through these active methodologies; therefore, aftertreatment systems
have become a very common solution.
Recently, the climatic change consequence of green house gases emissions
such as CO2 , along with the decrease of fossil fuel storages, have moved the
research interest towards optimization of RICE operation with the aim of
reaching the maximum efficiency possible. In this frame, two ruling tendencies
can be identified as the principal responsible of this revitalized interest:
1. Since the signing of the Kyoto protocol in 1998, the industrialized countries have been committed to binding green house gases emission reduction targets, thus, current international legislation set the new research
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lines, in which the reduction of CO2 is one of the most important objectives. According to the new European regulation [8], the CO2 emissions
must be increasingly reduced in the upcoming years, putting even more
pressure over the automotive industry.
2. As mentioned, the task of attaining lower N Ox , HC, CO and PM emissions only with in-cylinder techniques seems to be hardly achievable,
which has led to the generalized use of aftertreatment systems. Such
systems reduce effectively the emissions but penalize the fuel consumption as a consequence of the gas flow restriction through the exhaust,
which increase the pumping work. In addition, they often require regeneration processes that are achieved by using post injection strategies.

Taking into account that reducing fuel consumption leads to lower CO2
emissions, efforts have been made on developing innovative engine strategies
that allow reaching higher efficiency with low penalty in emissions. Therefore,
new developments requires comprehensive analysis methodologies that allow
assessing their benefits and drawbacks. In this framework, the diagnosis and
evaluation tools plays a vital role to assess the real thermal improvement
reached with a determined technology. One common evaluation approach
consist on performing the engine thermal balance, which allows determining
the energy splitting in several terms such as heat rejection, exhaust gas energy
losses and effective work. This process allows assessing the energy usage and
identifying the main energy waste sources and their recovery potential.
Whit this aim, a comprehensive methodology to perform and analyse the
engine energy balance is proposed in this thesis. One remarkable innovation
of this work consists on the combined use of experimental and modelling tools,
thus providing a complete insight of the RICE thermal behaviour.

1.2

Previous works

The work presented in this doctoral thesis was possible thanks to previous theses related with combustion diagnosis and thermal management, in
which the main thermodynamic model, along with some sub-models, were developed. Following, the timeline of the reference works and a brief description
of their main subject is presented:

1.2 Previous works
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– 1986: Tinaut [9] propose the base thermodynamic model to perform the
combustion diagnosis of Direct Injection (DI) Diesel engines.
– 1998: Armas [10] implements a combustion diagnosis model for DI Diesel
engines, in which several sub-models necessary to accurately determine
the heat release were developed. This work also includes comprehensive sensitivity analysis of different terms involved in the combustion
diagnosis, and propose a methodology for the uncertainties adjustment.
– 2007: Degraeuwe [11] develops a thermal management methodology for
DI Diesel engines, in which specific heat rejection to different engine
components is determined. This work provides a lumped conductance
model for the detailed calculation of heat rejection to different engine
sub-systems (i.e. cooling and lubricating).
– 2007: Martı́n [12]2 updated and improved some of the models previously proposed by Armas, being remarkable the efforts made in the heat
transfer and the filling and emptying models. This work set the basis
for a general engine thermal characterization, including information of
the complete cycle.
– 2016: Garcı́a [13] propose the bases of a detailed mechanical losses model.
This works include several sub-models to determine the friction between
engine elements with relative motion as well as to calculate the engine
pumps power. Starting from this work, an improved mechanical losses
model, suitable to be applied in different types of engines can be proposed.
Owing to these previous efforts, the basis for an integral engine thermal
characterization, which includes accurate combustion diagnosis, is established.
The present thesis goes further in the thermal evaluation tools improvement,
taking advantage of the potential of these previous works, and making efforts
to upgrade the current models and developing state of art new ones.

2

Note that the cited reference corresponds to a later published book (2012). This is the
final published form of Martı́n’s thesis, which is used in this work.
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1.3

Objectives

The main objective of this doctoral thesis is the development of a
comprehensive methodology to perform and analyse the engine energy repartition, based on the combination of experimental measurements
(in-cylinder pressure and some mean variables) and some models. To comply
with the main objective, some particular objectives have to be satisfied:
1. Proposing a comprehensive thermal balance methodology that allows determining and analysing all the energy terms. The methodology proposed must consider all the energy interactions occurring in RICEs. Besides, it should takes into account the difficulty of experimental measurements, thus introducing a complementary modelling point of view
to complete the analysis.
2. Developing the necessary sub-models to complete a comprehensive thermal balance. Efforts will be focused on improving existing heat transfer
and mechanical losses sub-models, and developing new ones, in order to
have a complete description of all the significant phenomena in different engine configurations. Accomplishing this objective will increase the
methodology robustness and generality, thus allowing its application on
different types of RICEs.
3. Proposing a methodology for the calibration of the sub-models. The
method must describe the step by step process to combine the available experimental data to adjust the sub-models. Therefore, the specific
engine characteristics and the limitation of experimental measurements
must be considered.
4. Showing the potential of the calibrated sub-models and the energy balance
methodology through their application on different engines. The analysis will include the characterization of the energy repartition in some
parametric studies and the application in predictive analysis.
Meeting these objectives will result in a global analysis methodology
tested in a set of engines with different characteristics. Besides, conclusions
regarding the experimental and modelling work as well as the results obtained
in different engines will be attained. To get these objectives, the methodology
presented in the next section will be followed.

1.4 Methodology
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Methodology

The methodology followed to achieve the objectives is shown in Figure
1.3. As can be seen, this work consist of five main tasks, organized in several
chapters.
Chapter 2 deals with the literature survey of current strategies to optimize engine efficiency. In this sense, a comprehensive review is performed
to understand the engine research background over the last 2 decades. The
trade-off between emissions and efficiency, along with the potential of thermal
balance for engine evaluation is discussed in this chapter. An extensive amount
of works dealing with RICE thermal balances is used for the discussion, where
the importance of establishing a comprehensive methodology for its analysis
is evidenced.
Chapter 3 shows a complete description of the experimental installations and the reference thermodynamic model, including:
– Details of the instrumentation required to perform the experimental
work.
– A description of the different sub-models included in CALMEC and SiCiclo (0D thermodynamic tools), detailing which of them need to be further
upgraded as done in the following sections.
Based on the experimental and modelled information available, Chapter 4 introduces an integral experimental and modelling methodology to perform the thermal balance, called Global Energy Balance (GEB). This methodology considers 2 main points of view, on the one hand the External GEB,
which considers the engine as a black box and whose terms are obtained mainly
through experimental techniques; and on the other hand the Internal GEB,
which takes into account all the internal energy degradation phenomena due
to thermal and mechanical processes (e.g. heat rejection and friction). For the
sake of completeness, the relationship between internal, and internal-external
terms will be also detailed in this chapter. Special analysis of some heat rejection terms used for the calibration and validation stages will be provided,
along with an experimental uncertainty analysis.
Taking into account the description of the energy terms provided in
Chapter 4, the improvement of some reference sub-models and the proposal
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Figure 1.3. Thesis methodology.

of new ones will be necessary. Therefore, Chapter 5 is dedicated to the
development and validation of specific heat transfer and mechanical losses
sub-models, along with a comprehensive uncertainties adjustment process.
To asses the potential of the methodology developed in this work, Chapter 6 describes the use of the GEB in two different engines: one conventional

1.4 Methodology

9

multi-cylinder 4-stroke Diesel engine, and a research single-cylinder engine.
The work presented in this section is divided in 2 steps:
1. Description of the sub-models calibration methodology based on the
equivalent heat transfer terms presented in Chapter 4, along with the
uncertainties tuning described in Chapter 5.
2. Performing the GEB analysis in some parametric variations, aimed at
the integral energy characterization of the studied engines, along with an
example of the use of the calibrated sub-models and GEB for predictive
applications (using a 0D thermodynamic model).
Finally, Chapter 7 summarises the work performed and shows the main
conclusions regarding its contributions. In addition, some proposals for future
works are lastly discussed.
For convenience, besides each chapter bibliography, at the end of this
document all the references cited are organized in alphabetic order, indicating
the pages where they are cited.
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2.1

Introduction

As seen in Chapter 1, the evolution of the RICE during last years have
been framed by stringent emissions regulations; thereby, it is interesting to
analyse the trade-off between consumption and emissions before dealing
with the methodologies to improve the RICE efficiency. Thus, next section
starts with a brief review of the strategies used to reduce emissions and their
effect on the engine consumption.
The methodologies aimed at achieving better RICE efficiencies
involve both, the development of more efficient combustion processes and the
global improvement of engine sub-systems. Some examples of these efforts are
the study of new combustion modes helpful to increase the indicated efficiency,
the use of better turbocharging and turbocompounding systems to enhance
the air management, the design of new chamber configurations to improve
the air-fuel mixing process and the optimized management of the cooling and
lubricating systems. Alternatively, advanced engine concepts such as Downsizing and hybridization are gaining a place in the research focus and the current
market.
Defining a methodology to evaluate the advantages and disadvantages of each technique or engine concept is an important topic,
thereby, performing the engine thermal balance has come into scene as an
integral strategy to determine the energy usage. In this sense, the thermal
balance consist on determining how the fuel energy is distributed or degraded
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up to becoming mechanical power. Therefore, a comprehensive literature review of works dealing with RICE thermal balances is presented, remarking the
importance of the accurate determination and analysis of each energy term.
Finally, a discussion about the relevance that the thermal balance has had as
an evaluation tool of the mentioned techniques, and the need for a detailed
and comprehensive thermal balance methodology is presented.

2.2

Combustion and emissions trade-off

The emissions regulations imposed the last 25 years have progressively
become more stringent, thus establishing the boundaries of what the automotive researchers can explore, maintaining the fuel consumption as low as
possible. The main challenge has been then, to achieve the highest engine
efficiency while keeping the emission below allowed levels.
Taking into account the current state of the automotive research, in
this section the most common techniques used to optimize consumption and
emissions trade-off are briefly described.

2.2.1

Air management

The development of sophisticated injection systems requires a proper air
management, considering that the maximum power delivered by the engine is
limited by the fuel that can be burned, which depends on the amount of
intake air. The main drawback of increasing the air mass in the chamber is a
higher combustion temperature and O2 concentration, which leads to higher
N Ox formation. On the other hand, burning the fuel in stratified condition
(usually occurring in DI engines) produces high PM emissions. N Ox emissions
can be mitigated by using part of the burned gases of the previous cycle in
the mixture; however, this has an important effect on soot production.
The principal air management strategies used to optimize consumption
and emissions trade-off in current engines are:
• Turbocharging: the use of turbochargers enhance the intake process
by taking advantage of the exhaust energy to compress the air, thus
leading to densities above the ambient [1] and achieving better engine
efficiency [2, 3]. Moreover, turbocharging leads to lower fuel/air ratio, thus improving the combustion and reducing CO emissions [4] and
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PM [5]. However, high boost pressure usually leads to higher in-cylinder
temperature; in Conventional Diesel Combustion (CDC), this high temperature increases N Ox formation [2], while in Conventional Gasoline
Combustion (CGC) increases knocking risk [6–9]. These effects can be
reduced by using air intercooler [10], optimized injection settings or new
combustion modes such as HCCI, in which the gas temperature is lower
than in conventional Diesel and gasoline combustion, thus the higher
boost pressure does not imply an important increase in N Ox [3] and
reduce the knocking risks [9].
• Exhaust gas recirculation: a common practice to reduce the combustion temperature, and hence the N Ox formation, consist on the use
of Exhaust Gas Recirculation (EGR). The use of EGR in CDC has the
drawback of reducing the engine efficiency and increasing the PM emissions [11], since lower temperature in the chamber tends to increase the
combustion duration and reduce the combustion efficiency [5]. Moreover,
increasing the EGR has a great impact on the turbocharger operation,
specially in high pressure EGR engines, where the gas flow through the
turbine diminishes, thus affecting the turbine efficiency and the pumping losses. To optimize the N Ox -PM trade-off, Maiboom and Tauzia [12]
combines the use of water in Diesel emulsion and EGR, achieving reduction of both when compared with CDC; however, these method have
some problems regarding cold-start, long term emulsion stability and
injection system components.
• Internal Gas Recirculation: the Internal Gas Recirculation (IGR)
consist on retain a fraction of burned mass during exhaust process by
means of appropriate valve timing [13]. The effect of IGR on emissions is
similar as those of EGR, thus reducing N Ox formation. However, since
the IGR cannot be cooled, high temperature at IVC and during compression is reached, thus affecting the combustion phasing and duration,
and in gasoline Direct Injection engines (GDI), increases the knocking
sensitivity [14]. Therefore, in CDC it is common to use only EGR due
to its better effect in emissions reduction [12, 13]; however, in premixed
combustion [15], specially of low reactivity fuels [16], combined IGR and
EGR strategies are used to achieve both, low emissions and high efficiency, thanks to the higher temperature of IGR, which increases the
charge reactivity [16] and helps to reduce the HC and CO emissions [15]
as a result of higher combustion completion.
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In-cylinder processes

The combustion process and its control is one of the most important
issues regarding emissions reduction, since the formation (and in some cases
the reduction) of the species mainly depends on the combustion strategies
employed and the in-cylinder conditions. Several studies dealing with the
control of parameters affecting the injection/combustion process, as well as
their effect on engine efficiency and emissions can be found in the literature
[17].
The most important parameters to control fuel injection and fuel/air
mixing processes, oriented at optimizing consumption and emissions trade-off
are:
• Injection pressure: the spray mixing properties are improved by higher
injection pressure. In CI engines, the penetration length increase at
higher injection pressure, determining the fuel-air mixing rate and the
air utilization [17]. Currently, Diesel injection pressure ranges between
200 bar and 2500 bar, but the benefits of increase the pressure over 3000
bar have been also evaluated [18, 19]. In general, faster fuel injection
leads to faster combustion, with a subsequent increase in the indicated
and brake efficiencies, along with a reduction in the PM formation [20];
however, higher injection pressure leads also to an increase in N Ox formation [21] due to an enhancement of the combustion process, and hence
higher gas temperature. It is interesting to highlight that very high injection pressure can also penalize the Brake Specific Fuel Consumption
(BSFC) [22], due to higher power requirements of the injection pump;
moreover, working at high pressure increase the wear of the injection
system. In the case of GDI engines, there is also a trend to use higher
injection pressures; however, gasoline injection pressure is about 10 times
lower than Diesel (reaching pressures up to 200 bar [23]).
• Injection timing: it affects combustion phasing and Rate of Heat Release (RoHR) shape, through the change in the premixed/diffusion repartition. Thus, the ignition delay is affected by the injection timing as a
result of changes in the air pressure and temperature near TDC. Advancing the Start of Injection (SoI) use to produce higher in-cylinder pressure
evolution and increases the indicated efficiency; however, the higher temperature peaks lead to more N Ox formation. Delaying the SoI helps to
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control N Ox formation, but usually has a penalty on PM formation [24]
and brake efficiency [25], this last due to indicated efficiency worsening.
• Multiple injections: The modern injection system technology gives
place to more complex and precise injection control, allowing the use of
multiple injection strategies. Pilot injections are useful to reduce noise
and N Ox emissions with low effect on engine performance [26, 27]. On
the other hand, coupled post injections with high pressure are useful
to complete the combustion of the PM, and a later post injection helps
to the regeneration of the particulate filter and the N Ox adsorption
catalyst [17]. However, these strategies use to have negative effects on
consumption, since late combustion is not useful from the indicated efficiency point of view.
• Air motion within the chamber: to improve the air-fuel mixing process and achieve faster burning rates, the modern RICE are designed
to generate high vorticity and turbulence in the combustion chamber.
The main rotative macro structures that can be found in RICE are the
swirl and tumble, being differentiated by their rotary axis (swirl rotates
in the cylinder axis and tumble in the diametrical axis). Both are generated during the intake process and evolve in compression-expansion
strokes thanks to the engine geometry (particularly ports and combustion chamber configuration). The swirl movement is prompted by chamber configurations consisting of a shallow bowl engraved into the piston
crown [1], whilst the tumble movement is enhanced by pentroof combustion chambers [28–30]. Numerical studies shows that high swirl ratios
increase N Ox levels but reduce the PM emissions [31]. On the counterpart, high tumble ratios combined with optimal air management and
injection setting results in good emission-performance trade-off [13].
• Injection rate shaping: the N Ox thermal formation mechanism (responsible for most N Ox emissions) takes place at high temperature,
which are dependent on RoHR. At the same time, the RoHR depends on
the injection rate shaping. Some authors propose to inject low quantities
of fuel at the beginning of injection to reduce N Ox formation [17], which
can be achieved using pilot injections or boot shaped injections [32].
Nishimura et al. [32] studied the effects of fuel injection rate on combustion and emission in a DI Diesel engine. They found that pilot injection
helps to simultaneously reduce N Ox and noise, with a slight increase in
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PM emission. With the use of boot shaped injection rates, they achieve
an important reduction in both, PM and combustion noise. Their results
emphasize the benefits of using injection rate control as a key strategy
to reduce emissions. Since the injection rate is highly dependent on the
injection pressure, Kohketsu et al. [33] examined the feasibility of using
a variable pressure injection system, based on two common rails. They
reproduced a boot shaped injection rate, and found that the use of this
system improves the fuel consumption as well as N Ox and PM emissions
trade-off. According to these authors, it seems that boot injection rate
effects are more important at high speed and load operating points than
at medium speed and load operating points [34, 35].

2.2.3

Other strategies

Apart of improving the air management and in-cylinder processes as
described in previous sections, alternative strategies can be used to optimize
the consumption and emissions trade-off. The use of aftertreatment systems
and cleaner fuels are examples of alternatives widely studied.
Following, a brief introduction of the effect on emissions and consumption of these solutions is presented:
• Aftertreatment systems: to comply with the current emissions normative, the use of aftertreatment systems has become necessary. Several
types of systems based on chemical and mechanical operating principles
can be found [5]. A brief description of the most common aftertreatment
systems is following presented:
Catalytic converter : it accelerates oxidation/reduction reactions of exhaust gases that have not reached equilibrium. The most used are the
3-way catalytic converters, since they can reduce simultaneously N Ox ,
HC and CO emissions [36].
Selective catalytic reduction: it is used to reduce N Ox through chemical reaction with ammonia, obtained from the injection of urea in an
hydrolysis catalyst1 . The selective catalytic reduction is usually accompanied by an oxidation catalyst to reduce CO and HC [5] emissions and
improve N Ox oxidation [37]. Modern systems allows reducing 90% of
1

It is done to avoid the direct use of the more toxic ammonia.
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N Ox ; however, it has been reported that they increase the amount of
nano particles emission and fuel consumption [38].
N Ox storage-reduction: this chemical filters store N Ox during lean mixture operation; therefore they require regeneration. This is done by
means of post injection strategies, which means increasing fuel consumption [39].
Diesel particulate filters: they are located at the exhaust line and help
to reduce about 99% the PM emissions [40]. The DPF is usually placed
after the turbine [41]; however, Bermúdez et al. [42] evaluate the possibility of using a pre-turbo aftertreatment placement. They reported an
increase in the amount of N O2 converted from N O and a reduction in
emitted CO at low load.
Since all these aftertreatment techniques implies the use of elements
which restrain the gas flow through the exhaust, and some of them also
requires a regeneration process achieved through post injection, all of
them penalize the fuel consumption as can be confirmed in the stated
references.
• Cleaner fuels: the use of these fuels to improve both, consumption and
emissions, has opened a complete research field. Thus, several works
devoted to analyse the benefits and drawbacks can be found in the literature survey. Rakopoulos et al. [43] found that the use of biodiesel
could lead to higher BSFC; however, the main agreement is that the
indicated efficiency is not affected [44]. In the same line, Lapuerta et
al. [45] presented a comprehensive literature review, concluding that the
use of biodiesel reduces significantly the PM emissions but increase the
N Ox emissions. Verhelst [46] performs a review about the possibilities of
using hydrogen as a fuel for RICE. In spite of the benefits of using hydrogen in terms of performance and emissions, it has important drawbacks
regarding the production, transportation and storage [47].
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Consumption optimization methodologies

Taking into account that better RICEs efficiency leads to lower CO2
emissions, and aftertreatment generalization has given room to the efficiencyoriented optimization of the engine operation, engine consumption has become
a major issue.
Several strategies to reduce fuel consumption can be found in the literature. In the next sections, these methodologies are grouped depending on the
research topic addressed.

Figure 2.1. RICE efficiency degradation.

A simplified schema of the efficiency degradation2 is presented in Figure
2.1. The ideal-to-indicate power ratio is mainly affected, on the one hand, by
combustion imperfections inherent to the real combustion process (e.g. RoHR
shape, phasing and duration) and on the other hand, by the HT between
hot gases and chamber walls. Besides, other imperfections related with valve
timing effect on the gas properties (changes of adiabatic index, γ, due to
composition and temperature), blow-by losses, incomplete combustion, etc.,
also reduce the ideal-to-indicate power ratio; nevertheless, they use to have a
minor effect or are indirectly affected by other engine parameters (for example,
increasing EGR reduces γ but its use is mandatory to control N Ox emissions).
Similarly, the indicated-to-brake power ratio is degraded by mechanical losses
(i.e. pumping work, friction and auxiliary systems energy consumption).
Taking into account Figure 2.1 and the stated comments, the following
lines for RICE efficiency improvement have been considered:
1. Indicated cycle optimization
2

The energy degradation will be thoroughly dealt with at Chapter 4.
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2. Air management
3. Heat transfer reduction
4. Mechanical losses reduction
5. Other strategies

For the sake of rigour, some comments must be done regarding the
previous classification:
– The reduction of the HT losses helps to improve the indicated cycle [48];
however, the engine thermal management to speed up the engine heating at cold-start and the optimal engine cooling to reduce temperature
gradients are also important to reduce the mechanical losses (lower energy required by the coolant pump and lower friction) [49]. Due to the
essential role of HT in the engine operation, both topics will be dealt
with in detail, independently of the indicated cycle optimization.
– The valve timing [50] and gas properties (temperature and composition) [51] affects the ideal-to-indicated power ratio, whilst pumping work
affects the indicated-to-brake power ratio [1]. Therefore, the air management affects different engine degradation processes during engine operation and it is analysed separately.

2.3.1

Indicated cycle optimization

The p − V diagram is usually referred as indicated cycle, from which
the gross indicated work and the pumping work are obtained3 . Improving the
engine thermodynamic processes to increase the net indicated power (by increasing the gross indicated power and reducing the pumping power) is known
as indicated cycle optimization. It includes the proper management of fuel
injection, fuel/air mixing and combustion processes, along with the control
of the gas thermodynamic conditions inside the chamber (temperature and
composition) [52, 53].
In general, better indicated efficiency is reached with faster combustion
(after proper combustion phasing), which in turn are favoured by high pressure and temperature [1]. In this sense, the flexibility of the CDC and CGC
3

More details of these terms and their determination can be found in Chapter 4.2.2.

2.3 Consumption optimization methodologies

23

is limited by their intrinsic combustion process and mechanical and thermal
limitations, but mainly by the emissions formation. Therefore, new injection/combustion strategies are being developed in order to improve the indicated cycle while keeping acceptable emissions. As an example, the injection
control technologies allows deactivating cylinders [54] to reduce the power output when it is not required.
2.3.1.1

Alternative combustion modes

The combustion process has evolved thanks to the introduction of sophisticated and reliable injection systems, which allow using Direct Injection (DI)
strategies. This has led to improve the classic CDC [55, 56] and CGC [57],
increasing the indicated efficiency and reducing the emissions [17, 20]. To
reach both higher efficiencies and lower N Ox and PM emissions, the optimization of the fuel/air mixing process is mandatory to attain high burning
rates while keeping low combustion temperature. Several years ago, one of
the most promising combustion modes was the Homogeneous Charge Compression Ignition (HCCI), in which an homogeneous premixed charge of air,
fuel and residual gases is burned by autoignition, allowing a combustion with
lower temperature and lower fuel/air ratios than in CDC. This combustion
mode, mainly oriented to N Ox and PM control also showed some potential to
reduce consumption thanks to the fast RoHR and lower HT (due to the lower
gas temperature) [58].
The benefits of using HCCI concepts have been widely reported [58–61];
however, the precise control of pressure and temperature required for a proper
autoignition, besides the complex homogeneous charge preparation, limit the
HCCI strategy to a narrow operating range and result in long warm-up periods
and high HC and CO emissions levels [62, 63]. To overcome these issues,
several variations of the HCCI concept have been proposed, such as: premixed
charge compression ignition [64, 65], active radical combustion [66], modulate
kinetics [67] and partially premixed combustion [16, 68] among others. In
these concepts, new air management strategies, fuel injection and mixture
formation are used to extend the operating range [69] and to reduce preignition, knocking [70] and HC emissions [67] while achieving high indicated
efficiency [71].
The premixed methods before commented have in common that they
try to reduce the charge reactivity through the reduction of the mixture temperature, thus slowing down the chemical reactions and delaying the autoigni-

24

Chap.2 Methodologies to improve engine efficiency

tion [72, 73]. The control of the charge reactivity by blending or separately
injecting low and high reactivity fuels to achieve reactivity stratification along
the chamber, called Reactivity Controlled Compression Ignition (RCCI), has
been studied as a solution of most of the problems presented by the previous
modes, while achieving high engine efficiency [74, 75]. The benefits of the
RCCI concept regarding N Ox and PM emissions reduction have been broadly
reported [76–78]. However, RCCI strategy has the drawback of low combustion efficiency (high HC and CO emissions) when compared with CDC
and CGC. This is mainly explained by the unburned fuel trapped in crevices
and flame quenching near the walls [78, 79]. It has been reported that, with
the proper design of the combustion chamber (piston shape optimization and
crevice reduction), the combustion efficiency can be significantly improved [80],
reaching indicated efficiencies higher than 50%ṁf Hv in light-duty engines [81]
and 55%ṁf Hv in high-duty engines [82].

2.3.2

Air management

The improvement of the injection/combustion systems has made necessary the development of advanced air management strategies to comply with
the higher air flow required. Furthermore, the mixing process is enhanced
through adequate air motion within the chamber. These processes can be improved by means of a proper intake/exhaust lines design, since the filling and
emptying process depends on the fluid dynamic configuration. For this purpose, computational simulation tools such as 1D modelling [83] and CFD [84],
allow performing dedicated studies of the fluid gas motion, thus optimizing the
RICE intake/exhaust geometry to enhance the gases flux through the chamber
and improving the fuel/air mixing process.
The design of the intake/exhaust manifolds can be optimized to take
advantage of pulsating waves in order to enhance the corresponding processes
for the most relevant operating conditions [5, 85]. Moreover, the use of technologies such as variable valve timing allows modifying the valves timing
and lift to optimize the intake/exhaust process, thus increasing the volumetric
efficiency and/or reducing the pumping losses [50].
To ensure a proper intake process in a wider range of the engine map,
additional approaches such as supercharging have become usual in current
engines to ensure the required amount of air in the cylinder. Supercharging
increases the air density at intake, thus leading to higher air mass trapped,
more fuel injection at same fuel/air ratio and hence higher power output for a
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fixed engine size [1]. Moreover, supercharging benefits the fuel/air mixing process and hence the combustion and engine performance [86]. Supercharging is
done by means of compressors, which can be driven by the engine crankshaft,
an external source or a turbine located in the exhausts. This last is known
as turbocharging, being the most usual supercharging method [5] whose benefits on engine performance has been widely demonstrated with one-stage [87],
two-stage [88] and three-stages [89] turbocharging systems. In general, this
increase of air and fuel amounts allows working at high indicated mean effective pressure (imep) operating conditions, which are the zones of the engine
map with the highest brake efficiency [25]. Besides, the use of turbocharging
systems allows reducing the engine size and increasing the specific power, and
hence reduces the BSFC. This is the main idea behind Downsizing, which is
analysed in Section 2.3.5.1.
Increasing the boost pressure also increases the air temperature, which
reduce the air density at intake when compared with the isothermal process.
For this reason, the use of exchangers after the compressor is a common practice. These exchangers consist on air-air or air-water heat exchangers, known
as intercoolers. Cooling the air increases the air density, and reduces the
temperature evolution within the chamber, which leads to less HT and hence
increases the indicated efficiency [25] (with an additional reduction of N Ox ).
The intercooler efficiency is higher at high air temperatures [5], thus the improvements of intercooling are more important at highly turbocharged operating conditions [10].
The air movement within the chamber also has an important effect on engine efficiency. The induction of vortex increase the fuel/air mixing
process and combustion development, thus modern RICEs are designed to generate high vorticity and turbulence in the combustion chamber. As explained
in Section 2.2.2, the main rotative macro structures found in RICEs are the
swirl and tumble. Both can be enhanced by using an appropriate port and
combustion chamber design [13, 90] or by means of guide vanes in the intake
line [90, 91]. The effect of swirl in consumption is not clear; depending on
the engine design and the operating condition evaluated, the efficiency can be
improved as a result of an enhanced combustion process [92–94]; however, the
increase of HT and pumping work can lead to lower efficiency values [92, 93].
On the counterpart, the use of tumble increase the turbulence before the ignition, thus accelerating the burn rates, stabilizing the combustion, and extending the dilution limit [95]. Some works on new engine concepts shows
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that high tumble ratios combined with optimal air management and injection
setting results in good emission-performance trade-off [13].
The interest on reducing N Ox emissions has led to the extended use of
EGR (see section 2.2.1), which is a challenge in order to attain an adequate
air management. The EGR can be supplied to the engine by mixing the intake
fresh air with a fraction of the exhaust gases taken from the exhaust line at
low or high pressure, i.e. after or before their expansion in the turbine respectively [51]. The EGR have two main consequences in terms of air management:
on the one hand, it requires the use of several valves along the intake/exhaust
lines, thus generating pressure drops and hence energy losses; on the other
hand, it changes the chemical properties of the charge and modifies its thermodynamic conditions at intake, thus reducing the O2 concentration with a
negative effect on combustion efficiency. To diminish these negative effects,
some alternatives can be used: cooling the EGR helps to maintain the air density, thus increasing trapped O2 , and combinations of low and high pressure
EGR are useful to reduce losses in the intake/exhaust lines [96, 97].
Finally, the IGR strategy improves CDC and CGC efficiency during
the warm-up period as a consequence of two main effects, on the one hand,
replacing some air with IGR leads to near to stoichiometric mixtures, and
hence higher combustion temperatures are reached. On the other hand, the
gas temperature evolution increases as consequence of higher gas temperature
at IVC. The commented effects speed-up the engine warm-up, reducing friction
and emissions (see section 2.2.1). In premixed combustions, the IGR used is
also extended to low load operating conditions, since it increases the charge
reactivity, thus providing more combustion control, improving the combustion
efficiency and hence reducing consumption [15, 16].
Summarizing, with proper air management several benefits on the indicated cycle can be achieved, leading to better efficiency along with low emissions level and good cylinder filling at a wide operating conditions range. Finally, it allows increasing the power output or reducing the engine size (Downsizing), with clear additional benefits on consumption.

2.3.3

Heat transfer reduction

The Heat Transfer (HT) accounts for about 15-35%ṁf Hv of the total
fuel energy [98] depending on the operating condition. Therefore, several
authors have made important efforts to improve the engine efficiency by means
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of reducing the heat losses in the chamber, either by setting appropriate engine
operating parameters or by improving the engine architecture, materials and
sub-systems. Taking into account that injection and air management settings
in current engines are mainly oriented to control emissions, this section is
focused on HT optimization from two different points of view: the smart
design and operation of engine cooling sub-systems to achieve optimal cooling
and warm-up processes, known as engine thermal management, and using
combustion chamber coatings to reduce the walls thermal conductivity, known
as low heat rejection engines.
2.3.3.1

Engine thermal management

Engine thermal management (ETM) can be defined as the adequate
control of all the thermal fluxes of the engine in order to reduce emission or
consumption [99]. The most important thermal fluxes are those associated
with the cooling of hot metallic parts, aimed at reducing thermal stresses.
However, the lubrication system also requires an appropriate cooling to avoid
oil degradation, while oil temperature has a direct effect on consumption. The
smart design and operation of all these sub-systems and their interactions
have positioned the ETM as an interesting alternative to increase the engine
efficiency; thus, it have been subject of several researches [100–102].
Traditionally, the cooling systems are designed to ensure the engine integrity at the most unfavourable operating conditions [99], being the natural
consequence an inefficient operation in a broad range of the engine map, and
hence lower engine efficiency. The ETM is aimed at using the adequate coolant
flux and temperature to keep the cooled part or fluid at the optimal thermal
condition within the material resistance limits, being this specially interesting
at low load, where less heat has to be evacuated [103]. In the case of the
combustion chamber, if the coolant temperature increases, the HT is sightly
reduced due to the temperature gradient reduction, which will also lead to
higher gas temperature, as can be seen in Figure 2.2. This higher gas temperature results in shorter ignition delay, short pre-mixed combustion and fast
combustion completion [5], thus it can be stated that high coolant temperatures are beneficial for improving the engine efficiency. In steady state, the
influence of coolant temperature on performance depends on the load, having
moderate impact at low load, and small at medium and high load [99].
The conventional engine cooling system consists on a mechanical pump
driven by the engine, where the volumetric flow is proportional to the engine
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Figure 2.2. Coolant temperature influence on the gas temperature and HT.

speed. The cooling capacity is selected to overcome the thermal requirements
at maximum engine power, leading to overcooling the engine and increasing the
fuel consumption and energy wasting [104]. A clear example is the cold-start,
where the indicated efficiency is significantly low, thus high thermal loads are
desirables [105] to reach the optimal engine operation temperature, reducing in
this way the heat losses and friction [106]. According to Torregrosa et al. [99],
reductions about 20% in the warm-up time reduce the HC and CO emissions
about 16% and 12%, and the BSFC about 1.6% with a reduced effect on N Ox
and P M . The right management of the coolant flow as function of the thermal
requirements can be achieved, on the one hand by performing modifications on
the pumping system, and on the other hand by modifying the flow repartition
along the circuit to account for the cooling specific requirements. In this
direction, the development of sophisticated electronic control devices [107] is
shown as an important tool to re-design the usual cooling systems. Some of
the ETM methods found in the literature are the following:

• The use of electric valves at the coolant pump outlet is the easiest
way to control the coolant flow in a classic system [100]. The coolant
flow is kept low at cold-start and low power operating conditions, thus
reducing the thermal capacity of the coolant and hence speeding-up the
warm-up process. This has a positive effect in terms of emissions and
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friction reduction, explained by the oil heating and its subsequent low
viscosity.
• The substitution of the mechanical pump for an electric pump, allows
adjusting the coolant flow to the instantaneous engine thermal requirements independently of the engine speed [49]. This benefits the warmup process at low power operating conditions; however, the efficiency of
the mechanical-electric energy transformation results in higher fuel consumption at high power conditions. Considering that engines operate
at low load the 90% of its life-time [5], the overall balance results in a
global BSFC reduction.
• Electric thermostats allow a better temperature control than the traditional thermostats, thanks to their short-time response and higher temperature resistance. The maximum coolant temperature allowed in traditional thermostats is limited by the wax temperature fusion (between
85◦ C and 90◦ C) [107], whilst the electric thermostats allow reaching
higher temperatures, leading also to higher oil temperature and hence
reducing the friction losses [105]. Taking into account that the higher
coolant temperature increases the HT rate in the radiator, and hence
increasing its efficiency, smaller and more lightweight radiators can be
used [108].
• The advances in numerical calculations along with the electrical systems previously described, allow performing better design of cooling
systems, centring the cooling capacity in places with higher thermal
gradients. It is achieved by higher local coolant speed and by producing coolant streams in the critical surfaces, e.g. the valves seat. This
is known as precision cooling and is defined as the minimum cooling
necessary to achieve an optimised temperature distribution [109]. The
main characteristics of this procedure are: low temperature difference
between cylinders or equivalent points, higher operation temperatures
within thermal resistance limits, enhanced lubrication and smaller cooling system.
• The evaporative cooling consists on evaporates the coolant using the
heat from the engine, and condenses it in the radiator. The main advantage of this cooling mode is the higher heat power that a phase transition
is able to evacuate. For a given coolant flow rate, it could be hundred
times the power exchanged by convection. Thus, the mass flow rate
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necessary to cool the engine is significantly lower thanks to the increase
in the HT coefficient [110]. However, this method has some issues that
makes difficult its implementation: it requires a high capacity radiator to
condensate the vapour; the vapour bubbles can block the flux producing
pressure drops, and hence changes the density of the coolant in its gas
state, which makes necessary the use of bigger cooling systems [111].

As presented, the use of sophisticated elements along with the proper
design, yields in optimized cooling systems instead of the oversized ones that
are traditionally used. This results in additional efficiency benefits by reducing the energy consumption of the engine sub-systems (smaller pumps and
coolers). The electronic control and the understanding of the engine thermal
processes are key points to find the adequate ETM configurations.
2.3.3.2

Low heat rejection engines

Theoretically, the reduction of the HT to the combustion chamber walls
results in the indicated efficiency improvement [1]. By means of thermal barrier coating, the HT can be effectively reduced. It consist of applying a layer
of a low thermal conductivity material over an area exposed to high thermal gradients. The normal configuration of a coating system consists on a
bond coat applied on the combustion chamber surface, followed by a coating
layer. The bond coat consist usually on a M CrAlY alloy and some similar
variations [112]. This layer works as protection against the oxidation and corrosion, and relaxes the thermal stresses due to the mismatch of the coefficient
of thermal expansion between the coating layer and the combustion chamber
surface [113].
Different materials such as Al2 O3 , T iO2 , mullite, CaO/M gO + ZrO2 ,
yttria-stabilized zirconia, etc. can be used as engine coating materials [114–
116]. This materials have some properties which makes them suitable for this
application, i.e. low thermal conductivity, no phase transformation in the
in-cylinder temperature range, high melting point, chemical inertness, same
thermal expansion coefficient as the combustion chamber surface material,
good adherence in the combustion chamber surface and low sintering rate of
porous micro structures [117]. The coating layer is deposited on the combustion chamber walls by means of a thermal spraying process as shown in Figure
2.3, in which the powder coating material is fed to a source of heat (a fuel
gas/oxygen flame or a plasma jet) inside or outside of the spray apparatus.
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The coating material is melted superficially or completely, or it is heated until
it is sufficiently soft to adhere to the surface, then a spray gas stream propels
the particles towards the combustion chamber surface. Since the process is
performed at high temperature, the surface is subject to moderate thermal
stress without melting [118].

Figure 2.3. Thermal spraying process.

An engine with this kind of coatings is commonly referred as Low Heat
Rejection Engine (LHRE). The main combustion difference between LHREs
compared with CDC is: higher fuel evaporation rate due to higher temperature, which decreases the pre-mixed burning phase and shortens the combustion delay, leading to longer diffusion burning phase [119, 120]. In general,
LHREs depict better performance and lower consumption than CDC; however,
there is some discussion regarding the improvements and viability of their extended use, and also different points of view regarding engine power, BSFC,
brake efficiency, air management and emissions can be found when compared
LHREs with conventional Diesel engines:
– The use of coatings produces a chain of favourable effects that increase
the engine efficiency [121–123]: reducing HT implies higher temperature
and pressure, thus reaching higher imep and hence higher torque and
power [121, 123]. This HT reduction also increases the energy availability
at exhaust [124], which can be used in organic Rankine cycles [125] or
turbocharging and turbocompounding systems [126], leading up to 15%
lower consumption with these configurations [127, 128]. Some further
benefits of using LHREs have also been reported when operating with
alternative fuels (e.g. vegetable oils and alcohol blends), after performing
an injection setting optimization [129].
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– Few authors reported increases in BSFC [127, 128]: LHREs can have
longer combustion duration [130, 131], leading to lower indicated efficiency. In naturally aspirated engines, the volumetric efficiency reduction as consequence of higher residuals temperature and lower air density
(as air gets heated by the insulated components of the engine) can lead
up to 10% higher consumption [127, 128].

Apart from the discussion regarding efficiency implications, one of the
main LHREs drawbacks is the increase of N Ox emissions, due to the higher
combustion temperatures and longer combustion durations [128]. However,
the HC, CO and PM emissions are lower due to high in-cylinder gas and wall
temperatures, which help the oxidation reactions to proceed close to completion [48, 122].

2.3.4

Friction and auxiliary losses reduction

The mechanical losses of an engine are understood as those which reduce
the gross indicated-to-brake power ratio. These are the pumping losses, the
friction losses and the auxiliary activation energy. The pumping losses are
taken into account in the indicated cycle by calculating the net indicated
power; therefore, the optimization of the pumping work has already been
discussed in Section 2.3.1. This section deals with the mechanical losses which
lead to energy degradation from the net indicated power to the brake power.
Friction and auxiliary losses accounts for up to 12%ṁf Hv of the total
fuel energy [25]. Regarding the relative importance of each engine sub-system
in the total mechanical losses, a wide variation range can be found in the
literature [132, 133], thus the pumping work ranges between 15% and 30%
of the total mechanical losses, friction between 45% and 65% and auxiliary
between 15 and 25%. At the same time, the friction weight of each engine
part is also variable depending on the source: piston rings and skirt accounts
for about 40% and 75% of total friction, bearings between 20% and 40%,
and the camshaft ranges between 7% and 30%. The reduction of friction
and auxiliary losses directly leads to more brake power output, thus in the
following sections, some methods proposed in the literature to reduce them
are presented.

2.3 Consumption optimization methodologies
2.3.4.1

33

Friction losses reduction

The friction between metallic parts with relative movement reduces the
final power availability at the crankshaft. Therefore, the friction level depends
on the contact surfaces and lubricating oil properties. Some of the techniques
used to reduce the friction are:
• Smooth surfaces (low roughness surfaces) are essential to decrease
the friction coefficient. It can be achieved by means of the appropriate
manufacturing process or surface treatment. By using coatings in the
liner, the brake efficiency can be increased. An example is the work of
Morawitz et al. [134], in which a reduction of the BSFC between 1% and
2% in a New European Driving Cycle test (NEDC) is reported.
• The use of high oil temperature reduces the oil viscosity and hence
increases the engine efficiency [135]. The main problem of this technique
is the oil overheating, which could lead to faster oil film degradation and
hence direct contact between metallic parts, thus strongly increasing the
friction and wear.
• By using Low Viscosity Oil (LVO), reductions on BSFC about 2% at
low load and 1.7% in a NEDC have been reported [136]. In general, LVOs
are better in normal city driving conditions and shortens the warm-up
periods; however, in high load operating points, the BSFC can increase
due to deterioration of the oil film between parts due to the oil heating,
and hence the viscosity reduction.
• The optimization of components design helps to reduce friction,
i.e. reducing sizes and weights of the piston, bearings and camshaft elements [137], better refinement of the piston rigs surface [138], decreasing
the sealing force of the rings [139], using cam roller followers [140], decreasing the loads of valve springs [141] and substituting multiple belts
for conventional V-belts [137]. All this changes are restricted by the
engine operating requirements and the materials resistance, e.g. lower
rings sealing forces reduce the friction between them and liner but can
increase the blow-by leakage and the flow of oil from the crankcase to
the combustion chamber.
• Reducing turbocharger friction is also interesting to increase the
engine efficiency, since the capacity of the turbocharger to transform
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exhaust energy in mechanical energy to increase the compression work
gives place to a better intake process, with the benefits explained in Section 2.3.2. Different methodologies to asses the mechanical losses in the
turbocharger can be found in the literature, ranging from experimental [142] or modelling processes [143].

2.3.4.2

Auxiliary systems improvement

The auxiliary systems of the engine are those necessary to the appropriate and safe engine operation, i.e. cooling, lubricating and injection systems.
The coolant, oil and fuel pumps are usually driven by the engine crankshaft,
thus the improvement of these components is key to increase the engine mechanical efficiency. Besides, high performance of auxiliary systems allows using
specific engine strategies, e.g. high injection pressure by using high pressure
fuel pump, fast warm-up by deactivating coolant flow, etc.
The mechanically activated pumps are designed to comply with the high
power requirements, which makes them inefficient at low power operating conditions. The new auxiliary systems incorporates electric pumps, valves, thermostats and optimized circuits to allow a smart thermal management that led
to additional improvements, as already discussed in section 2.3.3.1. Similarly,
new oil pumps have been developed: Lasecki and Cousineau [144] asses the use
of an electric oil pump and a dual pump system (mechanical and electrical),
Meira et al. [145] propose the use of variable flow pumps to adapt the oil flow
depending on the operating conditions. Arata et al. [146] present a two-stage
variable displacement vane pump to increase the oil flow at low speed and
avoid unnecessary pumping work at medium and high speed.
Finally, the fuel pumping systems usually consist on a low pressure feeding pump and a high pressure volumetric displacement pump. This volumetric
pump has an important energy loss due to the high injection pressure requirement (up to 2000 bar in modern systems) and the relative small amount of
injected fuel at low load operating points. The use of fuel metering (i.e. inlet
throttling) by a solenoid valve at the pump inlet, allows pumping the fuel according to the engine requirement. The control of the fuel flow from the feeding
pump to the high pressure volumetric pump results in liquid-vapour mixture
compression, reducing the compression power requirement but also increasing
the fluctuations in the pump discharge and hence in the rail-pressure [147].
The use of electric low pressure pumps also help to reduce the energy consumption. In this case, only the fuel required for the engine and for lubricating the
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high pressure pump is comprised in the low pressure pump [148], avoiding
unnecessary energy consumption.

2.3.5

Other strategies

Reaching significant efficiency improvements in conventional RICEs seems
to be more difficult day after day. In some cases, the engine evolutions discussed in previous sections are more expensive than the benefits obtained.
For this reason, the optimization of the current RICE efficiency can benefit
from the development of new powertrain technologies. One interesting concept is the Downsizing, in which a conventional engine is reduced in size and
is operated at high load, where the engine efficiency is higher. Other growing
tendency is the use of hybrid engines, in which a RICE and an electric motor
are combined, achieving lower emissions and higher efficiency.
2.3.5.1

Downsizing

The advances in turbocharging and injection technologies allow reducing the RICE displacement while keeping its performance [149, 150]. This is
generally known as engine Downsizing. One of the main advantages of Downsizing is that the engine works in engine map regions at high load, which
have better indicated and mechanical efficiency [25]. Despite the advantages
of this technique, there is a number of limitations, which impose a minimum
characteristic size for the RICE displacement [151]. This is due to three main
thermo-fluid-dynamic issues:
1. The difficulties imposed by the intrinsic nature of the processes with
well-defined space and time scales, such as injection and combustion,
and all their related basic processes (spray break-up and atomization,
air entrainment, evaporation, mixing, etc.) [152], when it is tried to
adapt them to small sizes (small combustion chambers) and short times
(high engine speeds).
2. Some limits are related with the air management in relation with turbocharging, due to the efficiency drop when decreasing the turbine size.
Moreover, the highly pulsating flow in engines with low number of cylinders implies a different fluid dynamic process with considerable uncertainties regarding its impact on turbine performance [153].
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3. The increase in the surface-to-volume ratio leads to performance degradation as a result of higher HT [154]. As the specific HT highly increases
when the engine size is reduced, it has been suggested by some authors
that HT may limit the engine size [155].

The high reduction of the engine size, known as extremely Downsizing,
theoretically should improve the specific power; however, as commented, it
faces some technical problems related with turbocharging systems [87, 156]
along with issues regarding with thermo-mechanical resistance, high pressure
injection systems [157] and elevated powertrain noise, vibrations and harshness
[158].
2.3.5.2

Hybrid powertrains

The electric powertrain has an interesting potential due to its zero local
emissions and low noise; however, the battery electric vehicle has not gain
widespread acceptance due to its limited operating range, long recharge time
and poor efficiency [159]. The hybrid electric vehicle raises as a solution for
these issues, as it has the advantages of both, combustion engines and electric
motors, in terms of efficiency and emissions when compared with conventional
RICEs. The hybrids can directly drive the rear axis or can work as a generator,
transforming the mechanical energy from the engine and vehicle deceleration
into electrical energy, and storing it in the energy buffer. In this sense, several
works are devoted to improve power batteries [160, 161].
In spite of the promising future for the electric vehicle, the RICE is
still the most widespread transportation solution, either as a conventional
or hybrid powertrain, thus the introduction of hybrids opens a new field for
conventional RICEs, since the benefits obtained can increase importantly the
efficiency while remaining at low emissions level.
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Thermal balance in reciprocating internal
combustion engines

Thermal balance is a methodology to assess the use of the energy in
RICEs. The main objective is to evaluate the efficiency with which the chemical energy of fuel is transformed into mechanical energy (brake power) by
means of the detailed analysis of the rest of energy flows. Therefore, the determination of the process inefficiencies is done by tracking these secondary
energy flows, e.g. heat rejection, exhaust energy, friction, etc.
Thermal balance is a useful tool to evaluate specific engine strategies
aimed at reducing fuel consumption, such as those described in previous sections (LHREs4 , highly turbocharged engines, alternative fuels, Downsizing,
etc.). Determining the paths followed by the fuel energy until reaching the
final destinations allows identifying the energy waste and the mechanisms that
produce those losses. The comprehensive understanding of the energy degradation is vital to optimize different processes inherent to RICE operation such
as: cooling, lubricating, fuel injection, friction reduction and air management.
Therefore, the suitability of a specific engine concept, strategy or system can
be established by means of the thermal balance.
Depending on the information available and the specific research interest, the terms involved in the thermal balance are differently defined among
authors, and in consequence, the level of detail can vary significantly between
works. Figure 2.4 shows the most general approach, in which the simplified
thermal analysis includes the brake power, the heat rejection (HT to coolant
and oil together), the exhaust gases energy and other minor losses that are
usually difficult to estimate, e.g. HT to the ambient, blow-by enthalpy loss
and unburned fuel.
The determination of each energy term can be performed through experimental or modelled information. The experimental measurements are usually
employed to assess the performance of a new engine concept or strategy, whilst
modelling results are commonly used to perform a prior determination of the
energy degradation. To broaden the understanding of thermal balances and
its potential as analysis tool, its state of the art in a wide range of RICE
applications is presented in the following sections.
4

Note that LHRE is the abbreviation defined for low heat rejection engine.
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Figure 2.4. Main terms of the thermal balance.

2.4.1

Thermal balance in conventional engines

The most widespread RICE technologies, i.e. CI Diesel engines and
SI gasoline engines, are referred in this work as the conventional RICEs. The
extended use of these powertrains make them the natural reference to appraise
the performance of new RICE concepts. Therefore, the determination of the
thermal balance and the understanding of the thermal processes and energy
transformations in conventional RICEs, becomes the first step to identify the
improvement paths.
There is a vast amount of works dealing with the thermal balance for
both, CI [162–170] and SI [171–173] engines. In both cases, the thermal balance is highly dependent on the injection and air management technologies,
engine size, application and operating condition evaluated.
As examples of simplified thermal balances in conventional RICEs, Tables 2.1 and 2.2 show the typical values of the indicated parameters and mechanical losses (top), along with the thermal balance (bottom) of a lightduty Turbocharged Direct Injection Diesel engine (TDI) and a light-duty Tur-

2.4 Thermal balance in reciprocating internal combustion engines

39

bocharged Direct Injection Gasoline engine (GTDI). 5 Taking into account the
reference values presented, the following observations can be stated:
XXX

XXX Range
XXX
XX

LS/LL

LS/HL

HS/LL

HS/HL

Indicated efficiency
Pumping power
Friction and auxiliary

40-43
1-2
5-7

41-42
<1
3-4

47-49
7-10
8-13

45-47
5-6
6-7

Brake efficiency
Heat rejection
Exhaust enthalpy
Unburned fuel

34-35
34-40
27-28
1-2

36-37
27-30
29-33
1-3

26-32
29-35
37-40
<1

32-35
24-25
39-42
<1

Term

Note 1: LS(Low speed), LL(Low load), HS(High speed), HL(High load)
Note 2: Energy terms values in percentage of fuel energy (%ṁf Hv )
Table 2.1. Thermal balance of a conventional 1.6l TDI.
XX
XXX
Range
XXX
XXX
Term

LS/LL

LS/HL

HS/LL

HS/HL

Indicated efficiency
Pumping power
Friction and auxiliary

30-38
2-4
4-6

33-36
<1
2-3

37-40
4-7
5-7

30-36
2-3
3-4

Brake efficiency
Heat rejection
Exhaust enthalpy
Unburned fuel

27-30
25-31
35-40
1-2

29-33
15-27
37-44
1-2

26-30
24-30
37-38
2-10

24-28
15-20
38-40
5-20

Note 1: LS(Low speed), LL(Low load), HS(High speed), HL(High load)
Note 2: Energy terms values in percentage of fuel energy (%ṁf Hv )
Table 2.2. Thermal balance of a conventional 2.3l GTDI.

• The brake efficiency is higher at high load [165, 171] despite the indicated efficiency is slightly higher at low load. This is easily explained
taking into account that at low load an important part of the indicated
5

For the sake of completeness, Table 2.3 at the end of this chapter shows a summary of
the literature review regarding thermal balances in RICEs.
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power is used to beat the friction and activate the auxiliary elements.
In the case of TDI, the same trends are observed at high and low speed;
however, GTDI has lower indicated and brake efficiencies at high speed
and load due to the high unburned fuel losses, as explained later.
The indicated and brake efficiencies are better in TDI engines, which is
explained by the better indicated cycle of Diesel combustion, as shown in
Figure 2.5. The difference in the peak pressure due to the different compression ratio is the key parameter to determine the indicated efficiency.
Taking into account that the mechanical losses have similar level6 , the
resulting brake efficiency is also higher in TDI engines.
120
TDI
GTDI

Pressure [bar]

100
80
60
40
20
0
0

0.1
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0.3

0.4

0.5
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0.7

0.8

0.9

1

Relative Volume [-]

Figure 2.5. Indicated cycles of TDI and GTDI engines (3m/s mean piston speed
and 75% load).

• The heat rejection refers to all the HT to the coolant and oil, i.e.
HT from chamber and ports, friction (which is dissipated as heat to
the coolant and oil), air cooling losses (for air-coolant intercoolers) and
auxiliary activation energy (which is somehow dissipated in the pumped
fluid). The higher cooling losses in the TDI engines are mainly due to the
higher HT in the chamber, produced by the higher operating pressure
and temperatures when compared with the GTDI engines. Part of the
energy going to the coolant is lost as heat rejection to the ambient, being
6

The slightly higher mechanical losses observed in TDI engines is partially due to the
higher injection pressure, taking into account that the Diesel is injected at pressures up to
2000 bar [19], whilst DI gasoline engines work with pressures lower than 200 bar [23].
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this specially important in TDI engines at low speed and load, where it
can reach values higher than 20%ṁf Hv as reported by Smith et al. [165].
• The exhaust losses depend on the definition assumed, since it can include
the unburned fuel, the HT from exhaust manifold to the ambient and
the HT from the turbine case. In some works, the unburned fuel is
accounted independently [53, 104, 171], the HT from the turbocharger
case to the ambient is measured [165], or all these terms are grouped in
a miscellaneous or unaccounted energy term [163, 168]. For the sake of
clarity, the exhaust enthalpy presented in Tables 2.1 and 2.2 correspond
to the net enthalpy variation between intake and exhaust ports, where
the unburned fuel was not included.
900

Exhaust temperature [ºC]

800
700
600
TDI low load
TDI high load
GTDI low load
GTDI high load

500
400
300
200
0
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16

20
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Figure 2.6. Exhaust temperature comparison between TDI and GTDI engines.

At low load and up to mid-speed, the exhaust enthalpy is higher in
GTDI engines due to the higher exhaust temperatures, as can be seen
in Figure 2.6, which is explained by its stoichiometric fuel/air equivalence ratio. However, at high speed, the exhaust losses weight is lower
in GTDI engines as a consequence of the high unburned fuel. In naturally aspirated SI engines, the exhaust losses tend to increase with speed
and load [173] and should be higher than CI engines at comparable
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conditions, taking into account that the combustion efficiency is similar [1]. Some authors consider the unburned fuel as energy lost in the
exhaust [174]; therefore, by adding the unburned fuel and the exhaust
losses at high speed in Table 2.2, these reach higher values than those of
TDI engines.
• The energy losses due to unburned fuel lie about 1-3%ṁf Hv in the
whole TDI engine map and in the case of GTDI engines operating at
low load. Increasing the speed of GTDI engines leads to high gas temperature, which increases the risk of knocking7 and can lead to exhaust
elements damage [175, 176]. To reduce this temperature, a common technique is to work with fuel-rich mixtures (high fuel/air ratio) [176, 177];
thereby, the heating of the unburned fuel reduces the gas temperature.
For this reason, unburned fuels of GTDI engines at high speed reach
values between 5-20%ṁf Hv or even higher [174].

Performing the thermal balance in steady state operation is interesting
to accurately determine the effects of specifics parameters in the engine thermal behaviour, which allows adjusting dedicated models or assessing engine
strategies. With these goals, some examples are the works of Boulahlib et
al. [164], who evaluate the effects of various engine loads and climatic conditions on the thermal balance, Tauzia and Maiboom [53] perform thermal
balances in a stoichiometric Diesel combustion, analysing the effect of using
different injection settings and intake strategies, Durgun and Şahin [166] analyse and compare the thermal balance on naturally aspirated and turbocharged
Diesel engines, and Smith et al. [165] and Caton et al. [171] analyse the engine
speed and load impact on the heat rejection and engine efficiency in Diesel
and gasoline engines respectively.
One interesting application of the thermal balance in conventional RICEs
is the evaluation of the energy degradation during the warm-up period. The
reported engine efficiency at this stage is low [178–181] due to coolant heating
until reaching operation temperature, high friction due to high oil viscosity
(because of low oil temperature), and high heat losses due to metal thermal
storage capacity. One of the problems of performing the thermal balance
during transient operation is the difficulty to accurately measure the data
7

In SI engines, knocking is an abnormal combustion phenomenon, consisting in the autoignition of a portion of the charge ahead of the advancing flame, producing a fast release
of fuel energy characterized for very high pressure gradients and sharp metallic noise.
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necessary to compute the energy terms, which can lead to high experimental
uncertainty as reported by Romero et al. [178], who performed an experimental thermal balance during warm-up period, and found that the unaccounted
losses reach important values due to the effect of the metal thermal storage
capacity and the experimental uncertainty. To overcome these issues, Donn
et al. [179] performed controlled measurements in climactic chambers, which
can be used to develop accurate thermal engine simulation models, Jarrier et
al. [180] simulated the HT from gases to each part of engine by means of a
lumped capacity model, and proposed empirical correlations to calculate the
friction losses distribution. Finally, Jung et al. [181] developed an engine thermal management predictive model validated with steady state measurements.

2.4.2

Thermal balance application on alternative combustion
modes, alternative fuels and fuel blends

As analysed in Section 2.3.1.1, the optimization of the air-fuel mixing
process to attain high burning rates while keeping low temperature combustion
can be achieved through premixed combustions (e.g. HCCI, PPC and RCCI).
Since there are some drawbacks regarding premixed combustion of conventional Diesel or gasoline fuels, some works are focused on applying these new
combustion concepts with alternative fuels and fuel blends [60, 78].
Different works can be found in the literature, where the use of fuel
blends such as Diesel-gasoline [75], and alternative fuels such as biodiesel [128],
natural gas [182] and hydrogen [46] are reported. These fuels and combustion
modes are evaluated, on the one hand to reduce emissions, and on the other
hand to assess the benefits of using renewable fuels (biodiesel and hydrogen).
Although, there are some technical problems regarding the production,
storage and transportation of such alternative fuels [183], the benefits of
biodiesel [45], alcohol [184, 185] and hydrogen [186] blends with the conventional Diesel and gasoline to overcome these issues have been widely documented. Beyond the emissions and efficiency, the energy distribution analysis
due to the use of alternative fuels and fuel blends is helpful to understand the
paths to improve the engine thermodynamic processes. Running an engine
with alternative fuels not always leads to better efficiency and emissions levels [187], this can be explained by several factors such as the type of fuel used,
unsuitable engine design and non-optimized operation settings. The thermal
balance provides some guidelines to optimize the engine operation and to perform changes in the baseline design through assessment of energy wasting. The
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main tendencies of the energy repartition obtained by using different fuels are
summarized as follows:
• Diesel-gasoline blends: this blend is usually achieved by in-cylinder
mixture of DI Diesel and Port fuel Injected (PFI) gasoline fuels, thus
achieving reactivity stratification along the chamber (RCCI mode). Dieselgasoline RCCI is characterized by low combustion and gas temperatures,
therefore leading to important reduction of HT and exhaust losses while
achieving high efficiency [75]. In spite of the efficiency improvement, the
unburned fuel losses are high due to quenching and incomplete combustion in crevices [80].
• Biodiesel: depending on the biodiesel used, the thermal balance results
can differ among authors. Few works reported lower brake efficiency
when compared with CDC, whilst most of the works reported low effect
[44, 121, 188] or even a slight increase [189]. The higher combustion
temperature of the biodiesel leads to higher HT [190] and lower exhaust
energy losses. Therefore, a combination of a LHRE with fuel blends
is reported as a useful strategy to reduce HT losses [128, 189], thus
increasing the exhaust gases energy and hence the energy availability at
exhaust.
• Alcohol-Diesel blends: despite these blends can lead to lower brake
efficiency in some operating conditions [191], several authors reported
increases in the brake efficiency thanks to the ethanol’s cooling effect
and its higher combustion efficiency in comparison with conventional
Diesel, leading also to lower HT and exhaust energy losses [77, 78, 192].
Alasfour [193] found that in an engine fuelled with a butanol-gasoline
blend the heat loss to the cooling water remained constant. At lean operation, the exhaust losses were lower because the exhaust temperature
also decreased. At richer operation, the exhaust energy remained constant for both, pure gasoline and butanol-gasoline blend. Caton [194]
performed a thermal balance study on different alcohol blends, finding
similar HT and exhaust losses between them, being the higher brake
efficiency that of the Methanol and Ethanol. Benajes et al. [77] performed simplified thermal balances to assess the effect of ethanol ratio
in a Ethanol/Gasoline-Diesel blend. They compared different blending
ratios and operating parameters (injection settings and EGR rate), reporting high indicated efficiency as consequence of unburned fuel losses
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reduction (through reducing the reactivity gradient in the chamber),
while the HT and exhaust losses were kept constant.
• Gaseous fuels: the gaseous fuels have some common characteristics
such as no fuel cooling effect, advanced spark timing (in SI engines),
lower flame speed and longer combustion than CGC. These features explain the thermal balance results obtained from different gas fuelled engines. In comparison with the CGC, the gaseous fuels have lower brake
power; however, they have higher brake efficiency and lower HT and exhausts losses. Depending on the specific fuel or blend, and the operating
conditions, different combustion efficiencies and energy distributions to
coolant and exhausts can be found.
Özcan and Söylemez [195] assessed the performance of a SI engine fuelled
with Liquid petroleum gas (LPG) and water addition. They found
that water addition improves the brake power and reduces the heat and
exhaust losses. This is explained by the cooling effect of the water, which
reduces the temperature within the chamber. However, the unburned
fuel losses are higher because the longer combustion process and the
lower flame speed.
The Compressed Natural Gas (CNG) has been also studied as a
fuel choice for SI engines. Gharehghani et al. [196] performed a thermal balance in a SI gasoline engine. They found an increment in the
brake efficiency about 4.5%ṁf Hv when compared with CGC. Javaheri
et al. [197] evaluated the CR and the air-fuel ratio effect on the thermal balance, finding better efficiency when both were increased. Similar
works and results have also been reported for different gaseous fuels such
as biogas [198].
• Hydrogen blends: Yüksel and Ceviz [186] performed a thermal balance to asses the effect of hydrogen-gasoline blends in terms of efficiency.
They used three different levels of hydrogen, and found an increase in
the engine efficiency but a decrease in the engine brake power. They
found also a reduction in the HT to coolant and lower unaccounted losses
(mainly unburned fuel and HT to ambient). The Exhaust gases energy
was almost the same for both, CGC and hydrogen-gasoline blends. Dimopoulos et al. [199] optimized a passenger car fuelled with an hydrogenCNG blend, using high EGR rates in the major part of the engine map.
By means of experimental results and theoretical analysis, they obtained
information of the real and theoretical combustion processes, and found
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increases in the engine efficiency when compared with a pure CNG fuelled engine.
• Other fuels and blends: the wide range of alternative fuels and blends
makes difficult to analyse in detail all of them; besides, it is out of the
scope of this work. However, some examples where thermal balances are
applied are the following: Orbaiz et al. [200, 201] performed experimental and simulation studies of a SI engine running with CNG, hydrogen
and two different synthesis gases. Mistry [202] carried out a comparative assessment of performance using CNG, LPG and gasoline. Finally,
Caton [194] performed thermal balances for 8 different alternative fuels.
In all those studies, a simplified thermal balance has been used as evaluation tool to compare the global behaviour of each alternative, obtaining
valuable information of each waste source.

2.4.3

Thermal balance on low heat rejection engines and
engine thermal management

As explained in section 2.3.3.2, reducing the chamber HT theoretically
improves the engine efficiency; however, it seems that the efficiency improvements achieved up to date are low. In this sense, thermal balances are specially
useful to determine where the fuel energy really goes. The main agreement
is that most of the energy saved by reducing the HT is lost as exhaust energy [126, 203, 204], whilst small increases in the brake efficiency are attained.
Different experimental and modelling applications of LHREs can be found in
the literature:
• Woods et al. [203] analysed the thermal balance for three different singlecylinder LHREs, providing detailed energy repartition to the coolant,
taking into account the HT contributions from the combustion chamber,
the intercooler and the turbocharger separately.
• Taymaz et al. [126, 204] compared the energy repartition of the conventional Diesel engine with its LHRE version.
• Modi et al. [189] performed an experimental study to assess the performance of a LHRE fuelled with biodiesel blends.
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On the other hand, ETM8 also requires a well understanding of the
energy degradation, placing the thermal balance as a valuable tool for the
analysis of new engine cooling technologies:
• Kang et al. [104] performed an energy balance to improve the ETM
analysis of a double-loop coolant circuit, in which separated cooling lines
for the head and block were used. They developed a complete engine
thermal model validated with experimental data, aimed at identifying
the features of the proposed system.
• Xin and Zheng [205] analysed the effect of the HT to the ambient (i.e.
convective and radiative HT from exhaust manifold, turbocharger and
engine block). Their model was validated with experimental HT to the
coolant.
• Franco and Martorano [206] highlighted the importance of considering
the energy transformation in the engine, and proposed predictive methods validated with experimental data, aimed at calculating the engine
thermal load.
• Rabeau and Magand [207] developed an ETM simulation platform, aimed
at modelling the fluids temperatures and some energy terms. They compared different powertrain architectures to determine the benefit of different cooling strategies for downsized and hybrid engines.

2.4.4

Exhaust energy recovery

Once the energy usage has been thoroughly analysed, the natural next
step is to address the recovery methodologies. Considering that some engine
concepts such as LHRE [126, 204], some alternative fuels [188] or combinations
of both [189] lead to higher exhaust energy, a large number of works dealing
with the evaluation of the second law of thermodynamics to determine the
engine exergy can be found in the literature [208]. Moreover, the analysis of
the exhaust losses is a necessary step to determine the feasibility of using a
recovery system, and hence, the further implementation of the thermal balance
is necessary to validate the predictions of the second law analysis [208].
Several authors dealt with the determination of the energy waste and
availability in organic regenerative cycles for Diesel [162, 163, 167, 169, 170]
8

Note that ETM is the abbreviation defined for engine thermal management.
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and gasoline [172, 173] engines. In these works, experimental and modelled
energy and exergy analysis are used to assess the feasibility and improvements
of using organic regenerative cycles. The effects of efficiency-improvement
strategies such as cylinder deactivation, use of advanced materials and improved insulation to limit the HT, turbocompounding [163, 167] and high and
low pressure loop EGR systems [170] are taken into account in the thermal balance and the exergy balance to determine the most promissory strategies [209].

2.4.5

Summary

As presented in this section, the thermal balance has been widely used
to evaluate the RICE performance and thermal behaviour. In recent years,
it has been used to determine the feasibility and benefits of new engine technologies and strategies, aimed at reducing emissions and increasing the engine
efficiency. In Table 2.3, the summary of the state of the art of RICEs thermal
balance is presented. The following conclusions can be highlighted:
• The identification of the energy losses is interesting to evaluate new
engine strategies and technologies. Thus, the thermal analysis of the
engine allows quantifying the effect of using a specific methodology.
• The thermal balance has been widely used to assess the thermal behaviour of engines fuelled with alternative fuels and fuel blends. The
normal procedure is to compare with the same engine fuelled with conventional Diesel or gasoline. The thermal balance allows also identifying
the improvement paths, taking into account that in most works, conventional Diesel or gasoline engines are used without optimization for the
alternative fuel.
• In spite of the theoretical efficiency increase due to reducing the chamber
HT, main agreement shows that the effect in the exhaust energy is higher
than the effect in the brake efficiency.
• An important research field is the determination of the engine exergy.
Several works deal with the thermal balance to determine the exhaust
energy and its availability. A common practice is to develop robust models to evaluate the effect of operating parameters or engine technologies
in the exhaust energy availability, therefore reducing the experimental
work.
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• In spite of the benefits of using thermal balances and their widespread
application, in most works the analysis is performed taking into account
a very simple approach, that is, considering only the brake efficiency,
global cooling and exhaust losses; however, detailed distribution or internal interactions are not usually taken into account.

Note 1:
Note 2:

[77]

[104]

[170]

[198]
[207]

[181]
[128]*
[197]
[201]*

[196]*
[173]*
[169]
[53]

[168]*
[172]*
[179]
[75]
[211]

[167]

[165]*
[194]

[166]

[162]
[163]
[164]

[126]

[195]

[186]

[191]

[171]

[210]
[193]
[192]

[203]

1988

[1]*

Combustion
(Fuel)

z
(Vol [l/cyl])
Technology

Operating Condition
25-28
34-38
36
35
34
38 (43)
29
29
29
33
18 (25)
31 (36)
41-37
41-35
32-40
36-48
25-31
28-34
26-37
26-38
32
39-41
33-36
33-35
33-36 (42-44)
35 (42)
22-40
25
26
24
24-44
26-45
40-42
35
27-39
(50-56)
28-34
27-37
29-37
13-32
13-36
33-38
29-34
36-39
24-25
(35-45)
16-27
25-29
20-30
28
24
30
42-43
43-44
36
37
(48)
(48)
(44)

Brake eff.
(Indicated eff.)
17-26
16-35
20
17
10
28
24
18
18
17
40
19
20-15
20-15
12-18
10-14
11-18
10-16
49-27
49-23
19
36-31
26
25.00
23-32
27
13-18
25
26
25
23-20
5-11
17-19
21-35
38-21
20-30
50-30
48-23
18-29
50-22
66-39
34-31
40-31
31-22
21-25
26-32
30-49
39-52
40-50
32
43
36
12-9
12-9
16
15
30
30
29

Cooling
19
15
12
3-9
(3-5)
18-21
-

Oil
34-45
22-35
41
46
53
29
29
19
17
15
34
44
30-36
30-35
17-31
20-32
17-29
15-27
24-29
27-37
31
17
37-29
39-34
36-25
30
25-36
43
41
44
29-27
48-34
19-21
20-36
12-32
23-12
19-29
24-38
23-47
17-34
16-19
26-27
20-26
28-33
21-26
16-27
17-21
18-20
18
40
21
27
39-38
38-37
37
39
20
20
19

Exhaust
5
7
(7)
(5)
2
9-8
6.7
6
6
6
14-2
14-2
7-2
7-2
3-4
12
7
5-8
5-8
9
8
-

Friction
(0.9)
(0.9)
(1.5)
1
1
-

Turbo
(8)
(9)
6-8
6-8
6
3-7
0.4-6
2-7
2-7
8-10
0.5-5
-

Intercooler

Table 2.3. State of the art of thermal balance, energy terms in %ṁf Hv .

SI (Gasoline)
Max. Power
CI (Diesel)
Max. Power
1992 CI (Diesel)
1 (2.3)
Rated Power
CI (Diesel)
1 (2.3)
LHRE + Air cooling
Rated Power
CI (Diesel)
1 (2.3)
LHRE
Rated Power
1997 CI (Diesel)
6 (16.6)
Max. Speed, Full load
1997 SI (Butanol-Gasoline)
1 (0.45)
0.9 Fuel/Air ratio
2000 CI (Diesel)
1 (1.1)
Max. Load
CI (5% Ethanol-Diesel)
1 (1.1)
Max. Load
CI (20% Ethanol-Diesel)
1 (1.1)
Max. Load
2000 SI (Gasoline)
8 (0.7)
Low speed, Low load
SI (Gasoline)
8 (0.7)
High speed, High load
2002 CI (No 2 Diesel)
6 (1.4)
Max. Speed, High load
CI (10% Ethanol-Diesel)
6 (1.4)
Max. Speed, High load
2003 SI (Gasoline)
4 (0.45)
Near Max. Throttle, Speed sweep
SI (Hydrogen-Gasoline)
4 (0.45)
Near Max. Throttle, Speed sweep
2006 SI (Gasoline)
4 (0.32)
max load, speed sweep
SI (50% Water-LPG)
4 (0.32)
max load, speed sweep
2006 CI (Diesel)
6 (0.99)
Low and High Load
CI (Diesel)
6 (0.99)
LHRE
Low and High Load
2007 CI (Diesel)
max load
2008 CI (Diesel)
4 (0.425)
Max. Efficiency
2009 CI (Diesel)
4 (0.94)
Full Load
CI (Diesel)
4 (0.94)
Air cooling
Full Load (2300rpm)
2009 CI (Diesel)
Speed sweep
CI (7.5% Gasoline-Diesel)
Const. Speed (1500rpm)
2009 CI (Diesel)
4 (0.5)
Engine map
2010 SI (Isooctane)
8 (0.7)
MBT
SI (Methanol)
8 (0.7)
MBT
SI (Hydrogen)
8 (0.7)
MBT
2010 CI (Diesel)
4 (0.475)
Road Load and Max. Efficiency
CI (Diesel)
4 (0.475)
LHRE + Turbocompounding Road Load and Max. Efficiency
2010 CI (Diesel)
Max Indicated efficiency
2011 SI (Gasoline)
4 (0.33)
Max. Load
2011 CI (Diesel)
6 (0.49)
Split cooling
Map
2011 CI (Diesel-Gasoline)
1 (2.44)
RCCI
Load sweep (1300rpm)
2012 CI (Biodiesel- Diesel)
4 (0.5)
Low and High Load
CI (Biodiesel- Diesel)
4 (0.5)
LHRE
Low and High Load
2013 SI (CNG)
4 (0.425)
Full and Half load
2013 SI (Gasoline)
4 (0.3)
Map
2013 CI (Diesel)
4 (0.3)
Load sweep (2000rpm)
2013 CI (Diesel)
4 (0.5)
Low and High Power
CI (Diesel)
4 (0.5)
Low and High Power (Stoich.)
2013 CI (Diesel)
4 (0.6)
Mid-high speed, high torque
2014 CI (Biodiesel)
4 (0.625)
Max. Load (2000rpm)
2014 SI (CNG)
1 (0.5)
Variable CR
High Power, Fuel/Air ratio sweep
2014 SI (CNG)
6 (0.66)
Fuel/Air ratio sweep, Rich mixture
SI (Synthetic gas)
6 (0.66)
Fuel/Air ratio sweep, Rich mixture
SI (Hydrogen)
6 (0.66)
Fuel/Air ratio sweep, Rich mixture
2014 SI (Biogas)
6 (2.15)
Variable CR
87.5% Load
2014 CI (Diesel)
4 (0.4)
NEDC
CI (Diesel)
2 (0.465)
Downsized
NEDC
2015 CI (Diesel)
6 (1.75)
High Boosted
Max load
CI (Diesel)
6 (1.75)
High Boosted + Rankine
Max. Load
2015 CI (Diesel)
6 (0.98)
Half load
CI (Diesel)
6 (0.98)
Smart cooling
Half load
2015 CI (10%Ethanol/Gasoline-Diesel) 1 (1.806)
RCCI
Low load (1200rpm) 59% PFI
CI (20%Ethanol/Gasoline-Diesel) 1 (1.806)
RCCI
Low load (1200rpm) 59% PFI
CI (85%Ethanol/Gasoline-Diesel) 1 (1.806)
RCCI
Low load (1200rpm) 59% PFI
In the references marked with *, variation ranges are presented, thus the addition of all terms differs from 100%ṁf Hv
The values in brackets are not directly considered in the thermal balance addition

Year

Ref.
9
1
8–
4–
10-12
(3-0)
-

EGR
3
3
3
7
19-3
-

Ambient
2-5
1-2
0.67
0.67
0.67
0.67
0.67
8-3
0.5-0.1
4
2
20
3
15-45
0-20
2
2
2
2
8

Unburned
11
16
22
22
39
34-12
47
47
1-7
1
4
1
3-9
3-7
3
1-3
10
4
0.3
0.1
6
8-11
1.4
1-2
1-2
-

Residual
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Conclusions

In this chapter, a comprehensive state of the art about the methodologies to improve RICE efficiency has been presented. The analysis was
focused on three main aspects: the consumption and emissions trade-off
to describe the background of engine research in last years, the consumption optimization methodologies to explain the main strategies used to
increase the engine efficiency, and finally, the analysis of thermal balances
in RICEs as an evaluation tool used in an extensive amount of works.
During the last decades, the RICE development efforts have been mainly
focused on the reduction of in-cylinder emissions formation rather than fuel
consumption optimization, thus establishing a trade-off between them. Some
techniques used to optimize this trade-off are:
– Turbocharging: it increases engine efficiency and reduce CO and PM
emissions; however, it increase N Ox levels due to higher in-cylinder temperature.
– EGR and IGR: they reduce combustion temperature and hence N Ox
formation; however, in CDC and CGC they worsen the combustion and
increase fuel consumption.
– Injection setting: it control the emissions formation, therefore, the optimization of the injection setting is usually aimed at minimizing emissions
(with penalty in consumption).
– Air motion within the chamber: the enhancement of the mixing process
increases the engine efficiency and reduces PM emissions; however, it
can lead to higher N Ox levels due to higher combustion temperature.
As a consequence of the in-cylinder processes optimization to minimize
emissions, current RICE technology has reached a development level in which
further emissions reduction is barely attainable through these active methodologies; therefore, the use of aftertreatment systems and cleaner fuels have
become widely studied solutions .
The generalized use of aftertreatment systems and the increasing awareness due to climatic change, consequence of green house gases emissions, are
shifting the interest of the research towards the optimization of the RICE operation to improve its efficiency. This can be achieved by using strategies such
as:
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• Indicated cycle optimization: the use of new combustion modes such
as HCCI, PPC, RCCI, etc., allows reaching higher engine efficiency than
CDC and CGC, while keeping low combustion temperature and hence
low N Ox emissions. Through improvement of the combustion efficiency
by means of optimal engine design and operation, an important reduction
of HC, CO and PM can be also achieved.
• Air management optimization: several strategies such as variable
valve timing, EGR and IGR (to control the mixture reactivity), turbocharging, air cooling and enhanced air movement within the chamber
are used to improve the intake and mixing processes and to control the
charge properties (temperature, γ and reactivity), thus providing flexibility to optimize the engine efficiency at different operating settings and
combustion modes.
• Heat transfer reduction: reducing the HT leads in general to higher
engine efficiency. This can be achieved, on the one hand, through ETM,
which allows shortening the warm-up process and managing the cooling
capacity accordingly to the engine requirements, thereby reducing the
HT and the cooling systems energy consumption. On the other hand,
thermal barrier coatings reduce the HT, which leads to lower fuel consumption, higher imep and higher energy availability at the exhaust.
• Friction and auxiliary losses reduction: the reduction of friction
losses and auxiliary systems consumption increases the brake efficiency.
Friction can be reduced by using smooth surfaces and low viscosity oils
(or high oil temperature), and auxiliary systems requirements can be
minimized through replacement of mechanical components to electrical
ones, which can be controlled more efficiently. The reduction of these
losses influences positively the engine brake efficiency as a consequence
of higher mechanical efficiency.
• Other strategies: the design of optimal powertrains, which operate at
high-efficient engine map regions, is a promising solution to reduce fuel
consumption while keeping high engine performance. This is the main
idea behind downsizing and hybridization. On the one hand, downsizing
is achieved thanks to high turbocharging, engine displacement reduction
and high load engine operation, where the engine efficiency is higher.
On the other hand, hybridization is achieved by coupling a RICE with
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an electric motor and optimizing their operation accordingly with the
specific requirements.
As can be seen, the development and implementation of new technologies to improve engine efficiency involve a comprehensive understanding of
different thermal processes occurring during the RICE operation. In this regard, performing simplified thermal balances has been widely use to evaluate
current and new RICE technologies:
• Conventional TDI and GTDI engines: in general, TDI engines
have higher brake efficiency than GTDI engines due to the more efficient
indicated cycle; however, the HT is also higher as a consequence of the
higher in-cylinder pressure. On the counterpart, GTDI engines reach
higher temperature at exhaust that leads to higher exhaust losses.
• Alternative combustion modes, fuels and fuel blends: the premixed combustion modes reach higher indicated efficiency than CDC
and CGC, whilst the HT and exhaust losses are lower thanks to the low
temperature combustion operation; however, the unburned fuel losses
are higher due to unburned fuel trapped in crevices and flame quenching
near the walls. Among the premixed modes, the RCCI is one of the most
efficient.
To increase the efficiency of conventional and premixed combustion modes,
while maintaining low emissions level, several alternative fuels and fuel
blends have been studied. The thermal balance is highly related with
the combustion mode, fuel properties and engine features; therefore, different results have been reported.
• LHRE and ETM: the HT of LHREs is lower than in the reference
baseline engines, thereby increasing both engine efficiency and exhaust
losses. Moreover, the use of coatings also reduces unburned fuel due to
higher in-cylinder and walls temperatures.
ETM methodologies allow faster warm-up trough increasing HT from
chamber. In stationary operation, they allow reducing HT (increasing
the exhaust losses) by means of flexible coolant flow control. In both
cases, the HT management leads to higher engine efficiency.
Most of these thermal balances works take into account the main terms
(brake efficiency, heat rejection and exhaust losses), and in some of them the
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unburned fuel and unaccounted losses are also included. The simplicity of
these thermal balances is due, on the one hand, to the complexity of the experimental measurement of the required variables, and on the other hand, to
the difficulty of modelling and calibrating accurate models to determine detailed energy distribution. As a consequence, most of the works found are
addressed to either, experimental or modelling determination of the thermal
balance, thus limiting and simplifying the analysis. In fact, there is a lack
of works proposing a global methodology to perform and analyse
the thermal balance, in which experimental and modelling techniques can
be used to obtain the detailed and accurate energy split. For this reason,
the development of a global strategy to perform a comprehensive
analysis of the energy balance, taking into account different information sources (experimental and modelled) seems to be worth and
interesting.
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[96] Vı́tek O., Macek J., Polášek M., Schmerbeck S. and Kammerdiener T.
“Comparison of Different EGR Solutions”. SAE Techinical Paper 200801-0206, 2008.
[97] Millo F., Giacominetto P.F. and Bernardi M.G. “Analysis of different
exhaust gas recirculation architectures for passenger car Diesel engines”.
Applied Energy, Vol. 98, pp. 79–91, October 2012.
[98] Payri F., Olmeda P., Martı́n J. and Carreño R. “A New Tool to Perform
Global Energy Balances in DI Diesel Engines”. SAE Int. J. Engines,
Vol. 7 no 1, pp. 43–59, 2014.
[99] Torregrosa A.J., Broatch A., Olmeda P. and Romero C. “Assessment of
the influence of different cooling system configurations on engine warmup, emissions and fuel consumption”. International Journal of Automotive Technology, Vol. 9 no 4, pp. 447–458, 2008.
[100] Allen D.J. and Lasecki M.P. “Thermal Management Evolution and Controlled Coolant Flow”. SAE Techinical Paper 2001-01-1732, 2001.
[101] Chastain J.H. and Wagner J.R. “Advanced Thermal Management for
Internal Combustion Engines - Valve Design , Component Testing and
Block Redesign”. SAE Techinical Paper 2006-01-1232, 2006.
[102] Zhou B., Lan X., Xu X. and Liang X. “Numerical model and control strategies for the advanced thermal management system of diesel
engine”. Applied Thermal Engineering, Vol. 82, pp. 368–379, May 2015.
[103] Degraeuwe B. Contribution to the thermal management of DI Diesel
engines. Ph.D. Thesis, Universidad Politécnica de Valencia, 2007.
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3.1

Introduction

As will be described in Chapter 4, the methodology for the integral determination of the energy flows through the engine as well as their interactions,
require both a dedicated experimental installation and accurate modelling of
the internal engine processes and elements. These information sources have a
close relationship, inasmuch as some experimental measurements are inputs of
the models and are necessary for their calibration. Taking into account these
comments, the two main purposes of experimental measurements are:
1. Determine some energy terms of the thermal balance as detailed in Chapter 4.2.1.
2. Provide information aimed at the development, adjustment and validation of the sub-models required to complete the thermal balance, considering internal energy interactions difficult to be measured as presented
in Chapter 4.2.2.
Therefore, the first part of this chapter is focused on the complete description of the engines features (e.g. engine architecture, combustion characteristics, etc.) as well as the instrumentation of the facilities where the
experimental work was carried out.
To perform the modelling work, a thermodynamic model developed in
the previous works [1, 2] is used as the basis for the further thermal balance models development, as presented in Chapter 5. The thermodynamic
model can be used considering two different points of view, which share the
sub-models and thermodynamic hypothesis as shown in Figure 3.1. In the
diagnosis approach, the main objective is to determine the RoHR starting
from the instantaneous in-cylinder pressure (p) and some mean values which
characterize the engine operation, such analysis is performed with an in-house
developed tool called CALMEC. On the other hand, the predictive approach
is intended to simulate p, requiring for this purpose the definition of the operating conditions as well as the combustion law, being this analysis performed
with an in-house developed tool called SiCiclo.
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Figure 3.1. Scheme of the thermodynamic model.

In spite of the main outputs are either the RoHR or p, it is necessary
to estimate several internal processes such as the HT, the intake/exhaust, etc.
These results are crucial to determine the engine thermal interactions, thus
being key parameters for the thermal balance. For this reason, in the second
part of this chapter the thermodynamic model along with all the related submodels are briefly but comprehensively described.

3.2

Experimental installations

Bearing in mind that one of the objectives of this work is to propose
a general methodology to perform and analyse the thermal balance in automotive engines, it was decided to use different engine technologies. For that
reason, two engines with different characteristics (hereinafter called Engine
A and Engine B) have been selected:
• Engine A is a 4-stroke, compression ignition, multi-cylinder, High Speed
Direct Injection (HSDI) Diesel engine. Most of the experimental work
has been performed in this engine, since it is more representative of the
current engine technologies used in automotive applications. Its main
characteristics are presented in column “Engine A” of Table 3.1.
• Engine B is a 2-stroke, compression ignition, single cylinder engine.
This research engine was selected to test the thermal balance methodology proposed in Chapter 4 for the evaluation of a new concept engine,
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operating in PPC of gasoline. Its main characteristics are presented in
column “Engine B” of Table 3.1.

Cylinders
Bore
Stroke
Unitary displacement
Compression ratio
Air management
Maximum power
Maximum torque
Combustion mode
Injection
Valves per cylinder

Engine A

Engine B

4 in-line
75 mm
88 mm
390 cm3
16:1
Turbocharged
82 kW at 3600 rpm
270 Nm at 1750 rpm
CDC
Common rail
2

1
76 mm
80.5 mm
365 cm3
17:1
Screw compressor
22.5 kW at 3500 rpm
72.5 Nm at 2000 rpm
PPC
Common rail
4

Table 3.1. Engines technical data.

Following, a description of each experimental facility and their particularities is presented.

3.2.1

Multi-cylinder engine

To reproduce the repartition of the energy at each sub-system in realistic operating conditions, it is necessary the use of a multi-cylinder engine test
bench. These installations have the drawback of more difficult control and
measurement of the operating parameters and possible cylinder dispersion in
comparison with a single-cylinder test bench [3]. However, its operation is
closer to the real automotive application. Thus, a 4-cylinder engine, currently
manufactured for automotive applications, was selected (Engine A) to perform most of the experimental work.
The complete test bench measuring equipment is summarized in Table
3.2. As obtaining the experimental information requires a highly instrumented
test cell and several engine sub-systems modifications, its description is presented in two parts: the first deals with the engine gas lines, and the second
with the cooling, lubrication and injection systems.
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Variable

Equipment

Range

Accuracy

Speed
Torque
Cylinder pressure
Amplifier
Air flow
Fuel flow
Blow-by flow
Temperature

Dynamometer
Dynamometer
AVL GH13P
Kistler 5011B
Sensiflow DN80
AVL 733S Fuel meter
AVL blow-by Meter
K-type Thermocouples
PT100 RTD
Kistler Piezo-resistive
Transmitters
Horiba mexa
7100 DEGR
Krohne 4010 Optiflux
Isoil MS500
Yoko Admag
AE208MG
Krohne Optimass
3050C

6000 rpm
±450 Nm
0-250 bar
± 10 V
20 to 720 kg/h
0-150 kg/h
1.5-75 l/min
-200-1250 ◦ C
-200 to 850 ◦ C
0-10 bar

0.03% fs.
0.05% fs.
0.3% lin.
2%
0.2%
1.5%
1.5 ◦ C
0.2◦ C
0.1-0.2% lin.

Mean pressure
Gases analysis
Coolant flow
Oil cooler
Fuel cooler
Turbo oil flow

1-4% fs.
±12 m/s
0-1036 l/h
0-10 m/s

0.5%
0.5% fs.
0.5%

450 kg/h

0.5%

fs. means full scale.
lin. means linearity.
Table 3.2. Engine A test bench instrumentation.

3.2.1.1

Gas lines instrumentation

Figure 3.2 shows a scheme of the engine gas lines and their instrumentation. As shown, there are several pressure and temperature sensors located
at different positions of the intake/exhaust gas lines. The objective is to have
detailed information of the intake and exhaust gases thermodynamic conditions that depend on different sub-processes such as turbocharging, air/EGR
mixing, air cooling, etc.
The gases mean temperatures are measured by means of K-type thermocouples or PT100 Resistance Temperature Detectors (RTD) depending on
the accuracy required, whilst the mean pressures are measured with piezoresistive pressure transmitters. The measurement of the gas and fuel mass
flows is necessary to control the combustion process, and they are important
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Figure 3.2. Scheme of the gas lines instrumentation.

to analyse the HT in the chamber; therefore, the injected fuel, the air flow
and the blow-by leakage are measured with an AVL 733S Fuel meter, a DN80
sensiflow and an AVL blow-by Meter respectively. The exhaust emissions are
analysed by means of an exhaust monitoring equipment (Horiba MEXA 7100
DEGR), which also allows measuring the CO2 concentration at intake manifold to determine the EGR rate [4].
The most important experimental variable to be measured is the incylinder pressure, since it is the main input of the thermodynamic model.
To measure the pressure trace, 4 AVL GH13P piezo-electric transducers were
installed at the glow plug hole of each cylinder. The signal provided by the
piezo-electric transducers with a resolution of 0.5◦ is conditioned by means of
Kistler 5011B amplifiers, and the digital processing is performed following the
method described in [5]. Considering the importance of accurate measuring
the in-cylinder pressure, the acquisition chain is calibrated according to the
traditional method proposed in [6]. The conditioned in-cylinder pressure signals are acquired by means of a Yokogawa DL708E Oscillographic recorder
with 16 A/D converter module. Finally, the control of the Engine Control
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Unit (ECU) and the acquisition of its variables were done by means of the
INCA interface, which allows reading and modifying the engine cartography
and setting the required operating conditions.
3.2.1.2

Liquid lines instrumentation

To attain a better control of the engine operating parameters and to
perform the experimental measurements in the liquid lines, the original coolant
and oil circuits were adapted and instrumented to measure the mass flows and
temperatures necessary to determine the heat rejection to the coolant, block
oil and turbocharger oil independently, as shown in Figure 3.3.
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Figure 3.3. Scheme of the cooling, lubricating and injection lines instrumentation.

The temperatures along the liquid lines were measured with RTD because they are more accurate (±0.2◦ C) than K-type thermocouples (± 1.5◦ C).
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This accuracy is key, as the temperature drop in the coolers is expected to
be small in some cases (e.g. at low speed and load, the cooling water in the
fuel return line has temperature variations about 1-2◦ C). For the same reason,
to ensure the engine thermal stability, a good temperature control has to be
attained, thus several Proportional-Integral-Derivative controllers (PID) and
their corresponding valves were installed in the water supply lines before the
coolant, oil, air and fuel coolers. Due to the small oil flow in the turbocharger,
a special conditioning cart was used to ensure stable and safe temperature
values.
The acquisition and control of the low-frequency signals (mass flows,
mean pressures and temperatures1 ) was carried out with an in-house developed software called SAMARUC, which also allows visualizing the engine
operating parameters and controlling the operating conditions, thus a precise
monitoring and control of the interesting parameters can be done. The sensors
signals were collected and processed in a PXI platform of National instruments,
and in the specific case of the temperatures measured with the RTD, they were
registered by means of a Datalogger 34972A LXI data acquisition system.

3.2.2

Single-cylinder engine

With the purpose of applying the methodology proposed in Chapter 4
in engines with very different characteristics, some part of the experimental
work is performed in a single-cylinder engine, research version of a 2-stroke
Diesel engine prototype [7]. The mean differences with Engine A (apart from
the number of cylinders, valves and strokes) are the characteristic motion of
the air in the chamber, as Engine B has tumble motion instead of swirl (key
for the HT and thermal balance) and the feasibility of operating in PPC mode
with gasoline. In the next sections, the engine architecture and the test bench
are described.
3.2.2.1

Engine architecture and hardware

The cylinder head and combustion chamber geometries shown in Figure
3.4 are completely adapted to ensure a suitable in-cylinder flow pattern, in
order to optimize the scavenging of burnt gases and reduce the short-circuit
of fresh air going directly from intake to exhaust ports. The cylinder head
1

Except RTD sensors.
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geometry presents a staged roof for baffling the air flow between the intake
and exhaust valves, forcing the air to follow the path of the cylinder wall
towards the bottom of the cylinder, and hence enhancing the tumble motion.
This geometry provides the best compromise between scavenging efficiency,
acceptable permeability and convenient combustion chamber geometry [7].

Figure 3.4. Sketch of the cylinder head designed for the 2-stroke engine architecture
(Patent Renault FR2931880).

The engine is equipped with an hydraulic cam-driven variable valve timing system, allowing a flexibility of 30◦ on both intake and exhaust valve timings independently of the mechanical cam timing. The optimum camshaft
configuration, presented in Table 3.3, was experimentally defined by testing
different opening durations and maximum lifts in a medium load and medium
speed operating point.
Type of scavenging
Intake camshaft profile
Exhaust camshaft definition

Poppet valves with scavenging loop
Duration: 80◦ /max. lift: 6 mm
Duration : 90◦ /max. lift: 8.5 mm

Table 3.3. Engine B main technical data.

Due to the characteristics of the engine, efforts had to be done in order to estimate the short-circuit and residual masses, which are specially
high due to the characteristic intake/exhaust processes in 2-stroke engines.
Thereby, the trapping ratio ηtr , which is an indicator of the engine capability
to retain the fresh air during the intake process, is experimentally determined
by means of a tracer gas as proposed in [8, 9]. The method consists on injecting
a controlled quantity of CH4 (tracer gas) at the intake flow, and then measuring its concentration at both the intake and exhaust manifolds. The trapped
CH4 at the IVC gets completely burned along the combustion process, since
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the in-cylinder temperature after compression and during the combustion of
the injected diesel is high enough to ensure the CH4 autoignition. Taking
into account that the in-cylinder and manifolds temperatures during the scavenging event are not high enough to force the CH4 autoignition, the CH4
flow from intake to exhaust ports during the scavenging process is not burned.
From these observations, and taking into account that CH4 is homogeneously
mixed with the intake air, it can be stated that an accurate estimation of
the short-circuited mass can be done by means of a mass balance, considering
intake, exhaust and in-cylinder gases.
The total trapped mass in the cylinder is a key parameter to obtain
the thermodynamic conditions at IVC [10], being very important for both,
modelling and experimental determination of the HT [11]. The trapped mass
is given by the addition of the trapped air/EGR mixture and the IGR at the
IVC, being the IGR the fraction of residual gases retained from the previous
combustion cycle over the total trapped mass in the cylinder. The IGR ratio
and the total trapped mass are estimated using simplified thermodynamic
calculations. This estimation is based on an enthalpy balance, where the
enthalpy of the total trapped mass at the IVC equals to the enthalpy of the
residual mass plus the enthalpy of the intake delivered trapped mass (fresh air
plus external EGR), both estimated also at the IVC.

3.2.2.2

Single-cylinder engine test bench

Engine B was assembled into a fully instrumented test cell, whose
scheme is shown in Figure 3.5 and its complete measuring equipment is summarized in Table 3.4.
The engine is fed with the compressed air provided by an external compressor, whose operation was set to simulate boost conditions. A throttle
valve located at the exhaust line (after the exhaust settling chamber) is used
to simulate the back-pressure that would be produced by the turbine. The
experimental cell also includes a low pressure EGR system, designed to provide arbitrary levels of cooled EGR even at very high intake boost pressures.
Water and oil cooling circuits are also independent of the engine, and their
temperatures are strictly controlled and monitored during all the experimental tests. The fuel consumption of the engine is measured with a gravimetric
dynamic fuel meter.
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Figure 3.5. Engine B test cell scheme.

The most relevant mean variables of the test cell and engine, pollutant
emissions, and high-frequency instantaneous signals are recorded using a dedicated data acquisition system. The high-frequency signals are acquired using
an Yokogawa DL708E Oscillographic recorder synchronized with an optical
angular encoder with a resolution of 0.2◦ . The in-cylinder pressure is measured by means of a Kistler 6061B piezoelectric sensor, while a Kistler 4007B
piezo-resistive pressure sensor is placed at the cylinder liner near to the BDC,
with the objective of pegging the differential pressure signal obtained from the
piezoelectric sensor.
To adjust the thermodynamic model and some geometrical parameters,
as will be explained in Chapter 5.3, it is necessary the measurement of motoring test. Due to the particularities of the 2-stroke engines [12], the thermodynamic state of the trapped mass2 and the tumble air movement within
the combustion chamber highly differ between firing and motoring conditions,
leading to a poor performance of the tuning method in this engine. There2

Due to high residuals in combustion operation, the temperature at IVC use to be much
higher in 2-stroke than in 4-stroke engines.
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Variable

Equipment

Range

Accuracy

Speed
Torque
Cylinder pressure
Cylinder pressure
at BDC
Amplifier
Air flow
Fuel flow
Blow-by flow
Temperature
Mean pressure

Dynamometer
Dynamometer
Kistler 6061B
Kistler 4007B

7000 rpm
±450 Nm
0-250 bar
0-20 bar

0.006% fs.
0.1% fs.
0.5% lin.
<0.2% fs.

Kistler 5011A10
Elster RVG65
AVL 733S
AVL blow-by Meter
K-type Thermocouples
Kistler Piezo-resistive
Transmitters
Horiba mexa
7100 DEGR
Smoke meter

± 10 V
0.6-100 m3 /h
0-75 kg/h
1.5-75 l/min
-200-1250 ◦ C
0-10 bar

1%
0.12%
1.5%
1.5 ◦ C
0.1-0.2% lin.

-

1-4% fs.

0-10 FSN

2%

Gases analysis
Smoke
fs. means full scale.
lin. means linearity.

Table 3.4. Engine B test bench instrumentation.

fore, to obtain suitable motoring cycles for the adjustment, the test bench
was equipped with a special system to perform skip-fire measurements. It
consists of skipping the injection of one cycle (every determined number of
combustion cycles), thus obtaining a motoring cycle with the air management
of a conventional combustion. This special device consists of a control box
and a dummy injector, as shown in Figure 3.5. The electronic box deviates
one injection command pulse to the dummy injector every determined number
of pulses, thus skipping the fuel injection and combustion events during that
specific cycle.
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Thermodynamic model

This section is devoted to the comprehensive explanation of the base
model used to estimate the thermodynamic processes within the combustion
chamber, specially heat rejection, thus allowing the combustion analysis in
Engine A and Engine B (with CALMEC), and the pressure simulation in
Engine B (with SiCiclo). Although the main objective of the model is to accurately calculate the gas conditions in the chamber, it also includes specific
sub-models to reproduce the intake/exhaust processes and the phenomena involved (HT in the chamber and ports, mass flows, etc.). This model was
originally developed by Tinaut [13] and Armas [1], who stated the basic hypothesis and proposed the initial required sub-models. The model was further
improved by Martı́n [2], who introduced several sub-model upgrades to achieve
better accuracy on the RoHR and heat fluxes determination in CALMEC, and
included all the sub-models in the predictive tool SiCiclo [14].
The next section is organized as follows: firstly, the main hypotheses
in which the model is based are presented, followed by a brief description
of the filling and emptying model and the mass and energy balances within
the combustion chamber. Finally, the sub-models used to calculate the terms
involved in the in-cylinder energy balance are detailed.

3.3.1

Basic hypotheses

To solve the first law of thermodynamics in the combustion chamber,
some hypothesis and simplifications have to be accounted to determine the
terms involved:
1. The combustion chamber is considered an open system. It is assumed in both, open cycle3 (due to the flows through the intake/exhaust
valves) and closed cycle4 (due to injection and blow-by).
2. Chamber pressure is uniform in the chamber. This is usually assumed in combustion calculations because both fluid and flame velocities
are much smaller than the speed of sound [15].
3
Open cycle is defined as the engine operation when one of the valves is open, i.e. between
EVO and IVC.
4
Closed cycle is defined as the engine operation when the valves are closed, i.e. between
IVC and EVO.
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3. Three species are considered in the chamber: air, fuel vapour and
stoichiometric combustion products. In a DI Diesel engine operating
with CDC, the flame front is located at the stoichiometric fuel-air ratio
region during the mixing-controlled burning phase, thus this hypothesis
is suitable. In the case of PPC, this hypothesis is not completely accurate; however, take into account the particular characteristics of the
mixture process requires complex mixing-combustion models, which are
out of the scope of this work
4. Perfect gas behaviour is assumed. As reported by Lapuerta et al.
[16], the error by considering perfect gas inside the chamber is negligible,
thus this assumption is suitable for the application presented in this
work.
5. Specific heats depend on temperature and gas composition.
The value of the specific heat is highly dependent on temperature and
the species properties. Taking into account that at high load the gas
temperature can range between 80◦ C at IVO up to 1800◦ C at TDC, and
that the fuel injection and combustion change the charge composition,
this hypothesis is useful to improve accuracy and is consistent with the
the hypotheses 3 and 4.
6. Internal energy is calculated assuming mean uniform temperature within the chamber. This is the most uncertain hypothesis
assumed, taking into account that the calculation of the gas internal energy depends on the temperature. This can be especially important for
the burned products at the beginning of the combustion; however, the
error diminishes as the combustion advances because the dilution and
the heat transfer tend to make the temperature uniform.
7. Convective heat transfer to the chamber walls is assumed. As
stated in Chapter 2.4.1, the cooling losses in conventional RICEs (mostly
due to HT to the chamber walls) can range between 25%ṁf Hv and
40%ṁf Hv in CDC, and between 15%ṁf Hv and 30%ṁf Hv in CGC;
therefore, HT is a key topic in this work. Radiation is not considered
explicitly due to its low relative weight.
8. Deformation of the engine mechanism is assumed. The engine
mechanism (i.e. piston, connecting rod and crankshaft) undergoes mechanical deformations due to high pressure and the inertial loads.
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These basic hypotheses, along with the sub-models described in Section
3.3.5, allow calculating all the terms of the in-cylinder energy balance, in
order to obtain the gas state during open and closed cycle and the RoHR or
in-cylinder pressure, as described in the next sections.

3.3.2

Filling and emptying model

The engine filling and emptying model is a simple model of the complete
engine, which describes the physical processes taking place during the intakeexhaust strokes (between EVO and IVC). The model has two main objectives:
1. Obtaining the gas thermodynamic conditions during the open cycle at
different engine parts, in particular chamber and ports. This is necessary
to calculate the total heat rejection of the engine (key to perform the
thermal balance, see Chapter 4.2.2) and affects wall temperatures.
2. Defining the residual and short-circuit masses. As commented, these
masses affect the IVC conditions, thus affecting the subsequent evolution
during closed cycle (very important to calculate chamber HT). They also
affect the RoHR obtained with CALMEC (key parameter for combustion
analysis) and the in-cylinder pressure obtained with SiCiclo.
In Figure 3.6, a scheme of the model for a multi-cylinder engine with z
cylinders is presented. The model consists of a series of volumes (representing
the intake and exhaust lines along with the cylinder) connected by means
of some restrictions; therefore, one volume in the admission and two in the
exhaust are considered, taking into account that the exhausts process is more
important regarding the trapped mass estimation, and that the short-circuit
is usually small in 4-stroke engines [2].
The restriction Rint,0 represents the intercooler5 , the intake volume
(Vint ) represents the intake ports and the intake manifold, the restrictions
Rint,1 to Rint,z between Vint and the cylinders (Cyl 1 to Cyl z) represent
the intake valves of each i-cylinder (with variable section depending on the
instantaneous valve lifting). The cylinders are communicated with the first
exhaust volume (Vexh,1 ) through the restrictions Rexh,1 to Rexh,z , which represent the exhaust valves of each i-cylinder (with variable section as assumed
5

If no intercooler is used, it represents the pressure losses at the intake manifold.
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for intake valves). Vexh,1 represents the exhaust ports and the exhaust manifold, meanwhile the second exhaust volume Vexh,2 represents the rest of the
exhaust system that has not been explicitly accounted (turbine, catalyst, DPF
filter, muffler etc.). The restriction Rexh,12 represents the turbine effect in a
simplified manner, and Rexh,0 the pressure losses in the exhaust line after
the turbine6 . The key elements for the calculation at exhaust are Vexh,1 and
Rexh,12 ; however, Vexh,2 and Rexh,0 have to be included to limit reaching sonic
conditions at Rexh,12 .

Figure 3.6. Scheme of the filling and emptying model.

In Table 3.5, the elements that conform the simplified engine system are
presented, where Av,int and Av,exh are the intake and exhaust valve sections,
cd,int (lif t) and cd,exh (lif t) are their corresponding discharge coefficients, where
(lif t) indicates that they are function of the valve lifting. The characteristic
sizes have been selected to maintain the simplicity as well as the physical
meaning of the model.
The basic hypotheses of the model are:
1. Perfect mixture regarding temperature and composition is assumed.
2. After Rexh,0 , atmospheric conditions are assumed for multi-cylinder engines, and the conditions in the exhaust settling chamber are assumed
for single-cylinder engines.
3. The gas in the cylinders and volumes has no speed, it stops when entering
in a volume, and it is initially stopped before leaving.
6

Note that Rexh,0 does not represent any specific element of the exhaust line.
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Element

Volume

Section

Rint,0
Rint,1 to Rint,z
Rexh,1 to Rexh,z
Rexh,12
Rexh,0
Vint
Cyl 1 to Cyl z
Vint
Vint

Vd
Vd
Vd · z/2
Vd · z

Av,int
Av,int · cd,int (lif t)
Av,exh · cd,exh (lif t)
To be adjusted
To be adjusted
-

Table 3.5. Geometry of the filling and emptying model elements.

4. It is assumed that the flow-back entering the cylinders (from intake and
exhaust) has no time to cool down, thus small gas packages are accumulated in the intake and exhaust ports, conserving their temperature
and composition. When flow-back occurs, the last one went out from
the cylinder is the first one re-entering.
5. No heat transfer in the volume’s walls is considered, and heat transfer to
the cylinder walls is calculated by means of the Woschni model [17, 18],
as later discussed.
6. The flow through each restriction is calculated by means of the isentropic nozzle equation, assuming quasi-steady conditions [10]. If sonic
conditions are reached in any restriction, critical pressure is assumed
downstream of the corresponding nozzle.
7. During the valve overlap, if the in-cylinder pressure is lower than the Vint
pressure and higher than the Vexh,1 , shot-circuit from intake to exhaust
will occur. Similarly, if the in-cylinder pressure is higher than the Vint
pressure but lower than the Vexh,1 , shot-circuit from exhaust to intake
will take place. In both cases, the mass flow is estimated by considering
the equivalent effective area of serial intake and exhaust sections [1].
By calculating the instantaneous flux at each restriction and then solving the first law for open systems, along with the ideal gas law, the instantaneous mass flow, temperature and pressure of each element are obtained.
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The calculation starts at EVO and solves the complete thermodynamic cycle, considering at each instant all the volumes but only the cylinders with
open valves. An iterative process is required to achieve the convergence in
thermodynamic conditions. Effective areas of Rexh,1 and Rexh,0 are corrected
at each iteration to have the same mean simulated pressure in Vexh,1 as that
experimentally measured.
In Figure 3.7, an example of the model performance at two different
speed levels is presented. As can be seen, the prediction of the exhaust pressure
shows a good behaviour, fitting well the experimental pressure trace at both
speed levels.

Pressure at Vexh,1 [bar]

2.4
2.2
2
1.8

Experimental
Modelled

1.6
1.4
1.2
180

270

360

450

540

Angle [º]

Figure 3.7. Experimental and modelled pressures at Vexh,1 . Up high speed level,
bottom low speed level.

By using instantaneous simulated pressure as boundary condition for the
cylinder calculation, accurate estimation of residuals (mres ) and short-circuit
(msc ) masses are obtained. These model outputs are important to obtain
the in-cylinder conditions at IVC, and hence initializing the calculation of the
closed cycle.

3.3.3

Combustion chamber mass balance

The trapped mass at IVC (mIVC ) results from the addition of the induced fresh air mass (ma ), the EGR mass (mEGR ), and the residual gas of the
previous cycle (mres ), minus the short-circuit mass (msc ) during valve overlap,
as presented in Equation (3.1):
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mIVC = ma + mres + mEGR − msc

(3.1)

The incoming ma and mEGR are obtained from experimental measurements whilst mres and msc are estimated with the filling and emptying model
described in Section 3.3.2. From IVC on, the instantaneous evolution of the
mass within the cylinder is affected by the blow-by losses and the fuel injection. Thus, the instantaneous mass can be obtained at each crank angle (α)
as:
Z

α

mc (α) = mIVC −

Z

α

dmf,ev

dmbb +

(3.2)

SoI

IVC

where mf,ev is the evaporated mass of fuel.
Taking into account the masses involved, the instantaneous mass fraction (Y ) of the three species considered can be obtained; therefore, at any
intermediate instant i between IVC and EVO, the instantaneous mass fraction of burned products can be written as a function of the Heat Release
Fraction (HRF):



mf +

mf
Fs



HRF + (mEGR + mres ) Yb,EVO − msc Yb,IVC −

Ri

Yb dmbb

IVC

Yb =
mIVC +

Ri

dmf,ev −

IVC

Ri

dmbb

IVC

(3.3)
where Fs is the stoichiometric fuel/air ratio, and Yb,EVO and Yb,IVC are calculated as [2]:
Yb,EVO =

1
Fs

msc +mbb /2
1
m
+mres
mf
1+ EGR
m

1+

1+

1
F

−



(3.4)

a

Yb,IVC =

Yb,EVO
1+

ma
mEGR +mres

(3.5)

being F the fuel/air ratio.
The unburned gaseous fuel mass fraction at any intermediate instant
can also be obtained as a function of the instantaneous HRF:
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Ri
Yf =

dmf,ev − mf HRF

IVC

mIVC +

Ri

dmf,ev −

IVC

Ri

(3.6)
dmbb

IVC

And hence the instantaneous air mass fraction is calculated as:
Ya = 1 − Yb − Yf

(3.7)

The fuel mass injected per cycle, mf , is obtained from experimental
measurements (along with ma and mEGR ), the instantaneous blow-by leakage
is calculated by means of the model described in Section 3.3.8, whereas the
injection and evaporation processes are modelled as presented in Section 3.3.7.

3.3.4

Combustion chamber energy balance during closed
cycle

Once the conditions at IVC and the heat rejection during open cycle are
calculated with the filling and emptying model described in the previous section, the main concern of the thermodynamic model is the accurate calculation
of in-cylinder conditions during closed cycle to obtain two main results: on the
one hand, the RoHR (or simulated pressure in the predictive case), which is
the main result of the combustion analysis and is used for the thermal balance
tuning and validation (see Chapters 6.2.1 and 6.3.1). On the other hand, the
HT during the closed cycle (necessary also for the RoHR calculation), which
is the most important variable in the thermal balance methodology described
in Chapter 4.2.2.
As stated in the hypotheses of Section 3.3.1, to solve the first law of thermodynamics, the combustion chamber is considered as an open system even
during closed cycle, due to fuel injection and the blow-by leakage (hypothesis
1). Besides, the pressure and temperature are uniform within the combustion
chamber (hypothesis 2); therefore, no spatial resolution of the thermodynamic
properties is considered. Equation (3.8) shows the most general expression of
the first law:
dUc = −dQ + dW + hf,inj dmf,inj − hc dmbb
= −dQ − p dV + hf,inj dmf,inj − hc dmbb

(3.8)
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where Uc is the internal energy of the charge, Q is the heat transfer to the
walls, W is the work, hf,inj is the specific enthalpy of the fuel at the injection
conditions, mf,inj is the injected fuel mass, hc is the specific enthalpy of the
charge and mbb is the blow-by mass.
The model considers only one zone in the chamber, and hence a single
gas phase. For this reason, the injected fuel is taken into account in the mass
and energy balances just when it gets evaporated. A rigorous description of
the process would involve the detailed evolution of the liquid fuel parcels from
the injection conditions up to the vapour mass at mean chamber temperature.
This would require the consideration of at least two zones (liquid and gaseous
phases), and would result in higher model complexity. Therefore, a simple
atomization and evaporation model is used to delay the fuel parcel evaporated
with respect to the injection point, resulting in a slight improvement on the
accuracy [2].
Considering the previous comments, the injected mass mf,inj in Equation (3.8) can be replaced by the evaporated mass mf,ev , thus Equation (3.8)
may be written as:

dUc = −dQ − p dV + hf,inj dmf,ev − hc dmbb

(3.9)

Furthermore, taking into account the three considered species (air, fuel
vapour and stoichiometric combustion products), the left-hand side of Equation (3.9) can be expressed as:
dUc = d(mc uc ) = d(ma ua + mf,g uf,g + mb ub )
= ma dua + mf,g duf,g + mb dub +
+ ua dma + uf,g dmf,g + ub dmb

(3.10)

where the subscripts c, a, b and f, g refer to chamber, air, stoichiometric burned
products and gaseous fuel respectively. The determination of the internal
energy of the three considered species (ua , ub , uf,g ) can be done through
correlations such as those proposed by Lapuerta [19].
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The terms with dua , duf,g and dub in Equation (3.10) correspond to
the variation of the internal sensible energy due to the change of chamber
temperature:
ma dua + mf,g duf,g + mb dub =
= ma cv,a dT + mf,g cv,f dT + mb cv,b dT =

(3.11)

= mc (Ya cv,a + Yf cv,f + Yb cv,b ) dT = mc cv,c dT
In Equation (3.10), the terms with dma , dmf,g and dmb represent the
variation of the charge internal energy due to the composition change associated with combustion, fuel injection and blow-by losses respectively:
dma = −dma,b − Ya dmbb
dmf,g = dmf,ev − dmf,b − Yf,g dmbb

(3.12)

dmb = dma,b + dmf,b − Yb dmbb
where dma,b and dmf,b are the masses of air and fuel burned at stoichiometric
conditions:
Fs =

dmf,b
dma,b

(3.13)

It is desirable to express the mass variations in terms of the stoichiometric burned mass, which is achieved by replacing Equation (3.13) in the last
term of Equation (3.12):
dmb = dma,b + Fs dma,b − Yb dmbb
= (Fs + 1) dma,b − Yb dmbb

(3.14)

and solving Equation (3.14) for dma,b :
dma,b =

1
(dmb + Yb dmbb )
Fs + 1

(3.15)

Then, replacing Equation (3.13) into (3.15), dmf,b is expressed as:
dmf,b =

Fs
(dmb + Yb dmbb )
Fs + 1

(3.16)
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By combining Equations (3.12), (3.15), and (3.16), dma and dmf,g can
be expressed in terms of the stoichiometric burned mass as follows:
1
dma = −
dmb −
Fs + 1

dmf,g = dmf,ev −



Fs
dmb −
Fs + 1

Yb
+ Ya
Fs + 1





Fs Yb
+ Yf,g
Fs + 1

dmbb

(3.17)


dmbb

(3.18)

Now, replacing Equations (3.17) and (3.18) in (3.10), and combining
with Equation (3.11), the following expression for dUc is obtained:



Yb
−1
dmb −
+ Ya dmbb +
dUc = mc cv,c dT + ua
Fs + 1
Fs + 1




Fs
Fs Yb
+ uf,g dmf,ev −
dmb −
+ Yf,g dmbb +
Fs + 1
Fs + 1
+ ub dmb



1
= mc cv,c dT + ua −
(dmb + Yb dmbb ) − Ya dmbb +
Fs + 1


Fs
+ uf,g dmf,ev −
(dmb + Yb dmbb ) − Yf,g dmbb +
Fs + 1
+ ub [(dmb + Yb dmbb ) − Yb dmbb ]





ua + uf,g Fs
= mc cv,c dT + ub −
(dmb + Yb dmbb ) −
Fs + 1
− ua Ya dmbb − uf,g Yf,g dmbb − ub Yb dmbb + uf,g dmf,ev
thus finally obtaining:


ua + uf,g Fs
dUc = mc cv,c dT + ub −
(dmb + Yb dmbb ) −
Fs + 1
− uc dmbb + uf,g dmf,ev

(3.19)
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By replacing Equation (3.19) in (3.9) and rearranging, the following
expression is obtained:


ua + uf,g Fs
ub −
(dmb + Yb dmbb ) =
Fs + 1
= −mc cv,c dT − dQ − p dV + (hf,inj − uf,g ) dmf,ev − (hc − uc ) dmbb
= −mc cv,c dT − dQ − p dV + (hf,inj − uf,g ) dmf,ev − R T dmbb

(3.20)

where the first term is the heat released due to the fuel combustion −dHR.
The negative sign before dHR is used for consistency with the sign criterion
used for the heat transfer to the walls: positive means that heat is lost by the
charge and negative that heat is supplied to the charge. In this sense, dHR is
positive and should be interpreted as the heat released to the gas as a result of
combustion. If the negative sign was not included, dHR would be the reaction
energy (which would be negative since the internal energy of the combustion
products is lower than that of the reactants). With this criterion, Equation
(3.20) can be written as:

dHR = mc cv,c dT + dQ + p dV − (hf,inj − uf,g ) dmf,ev + R T dmbb (3.21)
In Equation (3.21) all the involved phenomena can be easily identified:
in the left-hand side dHR is the heat released by combustion in a calculation
step7 , whereas the terms in the right-hand side are, from left to right, the variation of the sensible internal energy of the gas, the heat transfer to the walls,
the work done by the gas, the energy required for fuel injection, evaporation
and heating (details of its determination can be found in [2]), and finally, the
flow work associated with the blow-by leakage.
To complete the description of the energy balance, it must be remarked
that even though all terms in Equation (3.21) depend on different variables,
these variables depend only on pressure and temperature. Therefore, this
equation has two unknown variables, being necessary an additional one. According to the ideal gas behaviour hypothesis, the equation of state is used to
close the system of equations:
pV =mRT
7

(3.22)

The RoHR can be obtained directly by dividing dHR by the angle step, RoHR =
dHR/dα.
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Equation (3.21) and (3.22) can be explicitly solved to obtain dHR if p is
available (CALMEC), or can be iteratively solved to compute p and T if dHR
is known (SiCiclo) depending on whether the diagnosis or predictive path is
taken (see Figure 3.1). The system of equations is solved for each calculation
step from IVC to EVO, thus obtaining the main results (dHR or p) along with
other key results used in this work (e.g. detailed heat flux to the combustion
chamber walls and instantaneous mass and composition).
Once the core of the thermodynamic model has been thoroughly explained, the calculation of the terms in Equation (3.21) can be done by considering the mass balance presented in the previous section.

3.3.5

Sub-models description

The determination of some terms of the first law (Equation (3.21)) requires the use of the following specific models:
1. Heat transfer models. A properly HT determination is key if accurate
predictions of engine heat rejection are required. Moreover, an accurate
in-cylinder HT model is necessary to obtain the RoHR, and in the case
of the thermodynamic predictive models, it is necessary to accurately
determine indicated parameters and thermodynamic state of the charge
[14, 20].
2. Injection rate model. Considering the injected fuel mass is important
for both the mass and the energy balances. Payri et al. [14] found that
the errors in mass and composition lead to poor temperature and gas
properties estimation. These errors, along with the effect of the fuel
energy term in Equation (3.21), lead to energy balance uncertainties
that can reach values about 7% in the case of rich fuel/air equivalence
ratio, therefore the fuel mass injection must be considered.
3. Blow-by model. In normal operating conditions, the blow-by mass
flow is not important and it is not usually measured. However, in small
DI Diesel engines at low engine speeds, blow-by mass rates about 4%
of the trapped mass can be usually observed. Moreover, during cold
start it is common to have more than 20% [21, 22]. On the other hand,
the experimental blow-by mass flow measurement is a good indicator of
the piston rings and lubricant integrity, and it is useful for piston rings
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friction modelling [23]. For these reasons, considering the instantaneous
blow-by leakage in the mass and energy balances is recommendable.

4. Mechanical deformation model. As stated in Section 3.3.1 (hypothesis 8), it is assumed that the chamber volume is affected by deformations
due to pressure and inertia. Deformations of the engine mechanism are
not usually accounted in simple thermodynamic models [14]; however,
they should be considered to improve the volume calculation, specially
for Diesel engines where pressure can reach more than 200 bar at the
TDC. Estimations show that unaccounted deformations can lead to errors in the volume calculation higher than 2% at this high pressure conditions. Thus, the simple deformation model developed by Armas [1]
and improved by Martı́n [2] is used.
In the next sections, a description of each model is presented, following
the order presented in the previous list.

3.3.6

Heat transfer models

To account for the HT from gases to the combustion chamber walls,
two models have been used. The first is based on the well-known Woschni
proposal [17, 18], in which the HT from the gases to the combustion chamber
walls is determined from the engine geometry, thermodynamic properties of
the gas (p and T ) and some operating conditions. This model allows calculating the HT to the different chamber walls (i.e. piston, liner and cylinder
head) but not the subsequent repartition to coolant and oil. Besides, a proper
HT determination by means of the Woschni model requires an accurate wall
temperature estimation. Therefore, to estimate the wall temperatures and the
detailed HT repartition to the coolant and oil, a lumped conductance model
is used.
3.3.6.1

Reference in-cylinder heat transfer model

The HT to the combustion chamber walls in motoring or skip-fire tests
(or during the compression stroke and after the end of combustion) is essentially governed by convection. Though gas radiation to the walls also occurs,
its weight is negligible at these conditions [24]. The radiation gains relevance
during the combustion process, since the formation of soot particles at high
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temperature increases the flame radiation. There is no general agreement with
respect to the fraction of the radiative HT, Morel and Keribar [25] obtained
values ranging from 4% to 20%, whereas Heywood [26] states that this fraction
can be higher than 20%. An accurate radiative model requires the calculation
of the soot formed in the spray [27]; therefore, it is usual to consider that
a tuned convective model can account for convection and radiation together.
This approach is followed in this work, thus a experimentally adjusted combustion term will include both of them, similarly as Woschni proposal [17, 18].
The chamber HT is determined by means of the Newton’s law of cooling
(Equation (3.23)), where the index i refers to the chamber wall element considered (i.e. piston, liner or cylinder head), h is the heat transfer coefficient,
Aw,i is the area of each i element and T and Tw,i are the gas temperature and
the spatially averaged wall temperature. T is estimated from the in-cylinder
pressure, the ideal gas law and the instantaneous mass, while Tw,i is calculated
with the lumped conductance model described in Section 3.3.6.2.
Q=h

X

Aw,i (T − Tw,i )

(3.23)

One of the most accepted expressions for the h determination is the
Woschni correlation [17, 18]. Woschni developed his model based on a dimensional analysis, where the relation between the Nusselt, Reynolds and Prandtl
numbers (Nu , Re and Pr respectively) is defined as:
Nu = a Reb Prc

(3.24)

being a, b and c constant values. Expressing Nu and Re in terms of the engine
geometry and gas properties, Equation (3.25) is obtained:
h = C Db−1 pb T 0.75−1.62b vgb

(3.25)

where C = 0.012 and b = 0.8 are the constant values assumed, D is the engine
bore and vg the gas velocity determined as:
vg = Cw1 cm + Cw2 cu + C2

Vd TIVC
(p − p0 )
VIVC pIVC

(3.26)

being Cw1 , Cw2 and C2 constants, cm the mean piston speed, cu the tangential
speed generated by the swirl vortex, Vd the displaced volume, TIVC , VIVC , pIVC
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the temperature, volume and pressure at IVC, p the instantaneous in-cylinder
pressure and p0 the motoring pressure obtained by assuming a polytropic
evolution8 .
In the original Woschni equation, cu is constant. However, the reference
model used in this work takes into account the instantaneous variation of cu
due to the swirl acceleration. The vortex is assumed to be symmetrical between compression and expansion (i.e. between TDC), which is not strictly
true since some energy is dissipated by friction between the vortex and the
walls. However, it has been checked that the behaviour of the swirl is sufficiently well described by this assumption [28]. Thus, cu is modelled by means
of the trigonometric function x(α) that reproduces the vortex acceleration
during the upward/downward piston movement as:
cu (α) = x(α) cu,max

(3.27)

where x(α) is defined as:
x(α) = rMSN + 

α
100

cosh

1
40

+

rMSN
1−rMSN

(3.28)

being rMSN the ratio between the Mean Swirl Number (MSN) at the IVC
(experimentally obtained) and at the TDC (SNTDC ):
rMSN

MSN
=
=
SNTDC



Dbowl
D

2

1
KMSN

(3.29)

and cu,max the maximum tangential speed:

cu,max = KMSN MSN

D
Dbowl

2
ωen

Dbowl
2

(3.30)

which is expressed in terms of the bowl diameter (Dbowl ), the engine angular speed (ωen ), the MSN and the fraction of angular moment which is not
dissipated by friction during compression (KMSN ), this last being empirically
obtained as [2]:
KMSN = e−0.200979
8

Note that in motoring conditions p ≡ p0 .

MSN0.4312

(3.31)
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Lumped conductance model

The calculation of the walls temperature and the HT repartition to the
coolant and oil is performed by means of a conductance model developed in
previous works [23, 29, 30]. The node definition was performed by dividing the
engine complex geometries into smaller parts, whence the nodes characteristics
were calculated: contact areas and distances between nodes centres. These,
along with the thermal properties of the material, allow calculating the thermal
resistor network. The size of each node ensures that Biot number of each
element is lower than 0.1, thus each of them can be considered isotherm [31].
The following discretization, with a total amount of 105 metallic nodes was
used:

Figure 3.8. Piston and liner simplified geometry.

• The liner is divided into 5 axial, 2 radial, and 6 circumferential levels as
depicted in Figure 3.8, so that the cylinder liner was represented by 60
nodes .
• The piston is divided into 10 nodes as shown in Figure 3.8 (axisymmetric
behaviour was assumed). Nodes 1, 7 and 9 are in contact with in-cylinder
gases, node 3 includes the piston rings (a conductive/convective conductance between piston and liner) and the oil gallery. The size of each
node was set taking into account the real geometry of the piston.
• The cylinder head is divided into 35 nodes (see Figure 3.9): 14 nodes
in contact with in-cylinder gases, including the 4 valve heads and the
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Figure 3.9. Cylinder head, valves and ports simplified geometry.

injector tip, 10 nodes just above the previous ones, 2 for the ports, 2 at
the valves stems, 1 for the rest of the injector and 2 for the rest of the
cylinder head material. In the bottom part of Figure 3.9, the nodes are
identified taking into account their positions at intake (I), exhaust (E),
top (T) or bottom (B).
The boundary conditions are represented by 6 convective nodes: incylinder gases, gas at the intake and exhaust ports, coolant at liner, coolant
at the cylinder head, and lubricating oil. They are characterized by their
average temperatures and film coefficients [29]. Once the thermal model is
defined, a stationary energy balance is performed at each node, considering the
corresponding conductive and convective HT flows. Equation (3.32) represents
the energy balance in the node i, being j the adjacent metallic node, f a fluid
node (gas or liquid) and K the conductance. The term at the left of Equation
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(3.32) stands for the conductive HT between adjacent metallic nodes, whilst
the term in the middle represents the convective HT with the fluids.
X

Kij (Tj − Ti ) +

i

X

Kf i (Tf − Ti ) = 0

(3.32)

f

By applying Equation (3.32) to each node and arranging the set of equations into a matrix, the Equation (3.33) is obtained.



Iconv
0

0

0
0

0
0


Ig−lin

Kconv−lin Kg−lin Klin−lin Klin−pis

Kconv−pis
0
Kpis−lin Kpis−pis
Kconv−ch
0
0
0
 ∗ 
Tconv
∗

Tg−lin



=
 0 
 0 

 


Tconv
 Tg−lin 
 

 ·  Tlin 
 

  Tpis 
Kch−ch
Tch
0
0
0
0

(3.33)

0
where Iconv and Ig−lin are identity sub-matrices corresponding to the boundary
conditions in convective nodes (this part of the matrix is added for convenience,
to have an invertible square matrix). Kconv−lin , Kconv−pis and Kconv−ch represent the convective conductances sub-matrix at liner, piston and cylinder
head respectively. Kg−lin represents the convective conductance sub-matrix
accounting for the HT between in-cylinder gas and liner nodes (with variable heat exchange area due to the piston movement). Klin−lin , Kpis−pis and
Kch−ch are the conductive sub-matrices between metallic adjacent nodes of
liner, piston and cylinder head. Kpis−lin and Klin−pis are the conductance
sub-matrices between piston and liner nodes (in contact due to the rings).
∗
Tconv
is the boundary conditions temperature vector (Toil , Tcool , mean
gas temperature in the chamber, etc.), which is known through direct measure∗
ment or calculation, Tg−lin
is a vector including the apparent gas temperatures
seen by liner nodes (it is calculated taking into account that they are in contact with chamber gases only during part of the cycle). Tlin , Tpis and Tch are
the temperature vectors to be determined, corresponding to liner, piston and
cylinder head nodes respectively.
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Most of the required information to complete the analysis is obtained
from the convective models described and from the nodes geometry and thermal properties. However, there is an important uncertainty of the HT coefficient of liquid convective nodes, i.e. coolant and oil in contact with liner,
cylinder head, piston and ring-liner contact. By using metal temperature
measurements, these convective HT coefficients were adjusted to minimize the
differences between experimental and modelled results [23].

3.3.7

Injection rate model

The injection rate is a key input in predictive combustion models such
as that proposed by Arrègle et al. [32, 33]. In the case of diagnosis models
(as CALMEC), as the pressure contains the main combustion information,
the injection rate shape is not a critical information; however, taking into
account that fuel injection affects the mass balance, gas composition and energy balance, considering instantaneous fuel injection is recommendable to get
accurate results.
The injection rate cannot be directly measured in a running engine but
can be experimentally obtained by means of an injection rate meter. However,
it is not always available, and hence some alternative information sources have
to be used. Depending on the injector and the test bench, different signals can
be used to get information of the injection rate in a running engine, i.e. the
injection setting provided by the ECU, the injection command, and in some
cases the needle lift signal.
Taking into account that the needle lift measurement requires a special
electro-magnetic systems in solenoid injectors9 , it is not a suitable solution in
most cases. Regarding the other two information sources (injection command
or ECU injection setting), both of them provide accurate information about
the Start of Energizing (SoE), which can be used to estimate the SoI through
determination of the time delay between the electric command and the effective
injection process. Thus, when no experimental injection rate is available,
injection settings and fuel mass injected at each injection event are used by
CALMEC to simulate the injection rate.
In Figure 3.10 the delay between the SoE and SoI (τSoI ) as well as the
Energizing Time (ET) are presented. It is assumed that τSoI depend on the
injector type and the rail pressure (prail ). Following these assumptions, Martı́n
9

It cannot be measured in piezoelectric injectors.
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Figure 3.10. Simulation of the injection rate.

propose the Equation (3.34) for its determination in solenoid and piezoelectric
injectors respectively.

τSoI

(
0.383 − 5.450 × 10−5 prail
=
0.228 + 3.162 × 10−5 prail

if solenoid injector
if piezoelectric injector

(3.34)

with prail in [bar] and τSoI in [µs].
Once τSoI is determined, the injection rate shape is assumed to be as
presented in Figure 3.11, where the parameters A, B and C are determined
as:

A = A0 + A1 prail
p
B = B1
prail − 80

(3.35)

C = C0 + C1 prail

(3.37)

(3.36)

These values should be adjusted for the specific injection system used.
However, as the information of the injection rate is not usually available,
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Figure 3.11. Injection rate model shape.

Equations (3.35) to (3.37) were adjusted for a reference engine (Engine A),
and A, B and C can be scaled as a function of the engine size. In Table 3.6,
the adjusted parameters for the reference engine are shown.
A0

A1

B1

C0

C1

4523.3

55.161

0.61

-4523.3

-55.161

Table 3.6. Injection rate reference values.

To scale these parameters for a different engine, Equation (3.38) can be
used:
kiinj = kiref (1.26 × 10−5 Nh Dnozz )

(3.38)

where kiinj is the parameter to be scaled, kiref is the parameter reference value
(see Table 3.6), Nh is the number of holes of the injector, Dnozz is the nozzle
diameter and 1.26 × 10−5 is a constant value calculated with the reference
injection system.
In Figure 3.10, the comparison between the experimental and simulated
injection rate is presented. As observed, the modelled injection rate follows the
main trend of the injection in spite of the complex experimental rate shape.
As stated, the thermodynamic model used in this thesis is a one zone
model in which only a gaseous phase is considered; therefore, the vaporization
time of the fuel (τvap ) has to be accounted to preserve the model coherence.
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In this work, the proposal of Martı́n [2], based on the spray characterization
works of Garcı́a [34] and López [35], is employed:
τvap = 0.178 × 1012

Dnozz 0.5 −0.35 −3.28
ρf,0 ρa,∞ Ta,∞
u0

(3.39)

being u0 and ρf,0 the injection speed and density at the injector nozzle output and ρa,∞ and Ta the air density and temperature far from the nozzle
respectively (i.e. ambient conditions in the chamber). More details of the
evaporation model can be found in the cited works.

3.3.8

Reference blow-by model

The accurate determination of the instantaneous in-cylinder mass requires taking into account the blow-by mass. Experimentally, the mean flow
rate is measured; however, it does not provides information of the instantaneous gas leakage from the combustion chamber, necessary for the mass
balance in the chamber. Therefore, a simple model to estimate the instantaneous mass flow of blow-by based on the equation of the adiabatic nozzle [36]
is provided:
r
ṁbb (α) = cbb Abb p

x
RT

(3.40)

where
2γ
x=
(γ − 1)

"

pcrank
p

2



γ

−

pcrank
p

 γ+1 #
γ

(3.41)

being ṁbb (α) the instantaneous blow-by flow at the α crank angle position,
Abb a reference section proposed by Hohenberg [37] (3.5 · 10−6 D), pcrank the
crankcase pressure and cbb the discharge coefficient of the nozzle, which is
adjusted with the experimental blow-by measurement so that the cumulative
blow-by matches with the actual flow.
When the pressure ratio satisfies sonic conditions, the nozzle flow is
calculated considering the critical pressure (pcrit ) instead of the crankcase
pressure.
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Mechanical deformations model

The cylinder volume is affected by chamber deformations due to gases
pressure and inertia [38]. These effects are lower in comparison with compression ratio uncertainty [39], and hence diagnosis models do not usually include
specific sub-models for their estimation. However, the volume variation due
to these deformations leads to errors in the imep and the gas temperature
estimation [40]; therefore, to get accurate in-cylinder conditions and RoHR
calculation, it is interesting to take them into account [2].
The instantaneous chamber volume is calculated in CALMEC as the
addition of the combustion chamber volume (Vcc ), the instantaneous displaced
volume (Vd,inst ) and the deformation due to pressure (∆Vp ) and inertial forces
(∆Vi ), as shown in Equation (3.42).
V = Vcc + Vd,inst + ∆Vp + ∆Vi

(3.42)

where

Vcc =

Vd
CR − 1

(3.43)

being Vd the total displaced volume and CR the compression ratio.
∆Vp and ∆Vi are obtained by means of a simple deformation model [1, 2]
in which the engine mechanism is assumed to be a bar with a certain Young’s
modulus (E) under tensile-compressive pressure (Fp ) and inertial (Fi ) loads,
as presented in Figure 3.12.
The instantaneous displaced volume (Vd,inst ) is calculated taking into
account the engine geometry, including the piston eccentricity. Assuming an
elastic deformation of the bar, the deformation terms in Equation (3.42) can
be expressed as follows:

∆Vp = kdef

πD2
p
4 Esteel

∆Vi = kdef

mrec a
Esteel





D
Dpin

D
Dpin

2
L0

(3.44)

2
L0

(3.45)
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Figure 3.12. Simplified engine mechanism.

where Esteel = 2.1 · 1011 N/m2 is the Young’s modulus of the steel, kdef =
Esteel /E is the deformation coefficient (that must be adjusted as described
in Chapter 5.3), whose typical values range between 1 and 3 [14], Dpin is
the piston pin diameter, mrec is the mass with reciprocating motion, a is the
instantaneous piston acceleration and L0 is a characteristic length defined as:
L0 = hpis + Lrod +

S
2

(3.46)

being hpis the distance from the piston pin axis to the top surface of the piston,
Lrod the connecting rod length and S the stroke.
In an automotive engine, the volume variation due to deformations
ranges between 1.5% and 5% of the volume at TDC, depending on the operating conditions. Figure 3.13 shows some modelled results: at low speed
and low load the deformations are mainly due to the in-cylinder pressure, being the inertial effect negligible; however, the inertial effect becomes higher at
higher speed. The detailed analysis of the deformations effect on the RoHR
calculation are presented in Chapter 5.3.1.1.
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Figure 3.13. Variation of the instantaneous volume due to deformations.
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4.1

Introduction

As discussed in Chapter 2, the awareness towards the protection of the
environment and the preservation of energetic resources, has motivated the
development of more clean and efficient RICEs. To comply with the emissions normative, the use of aftertreatment systems has become a common
solution, thus giving room to in-cylinder process optimization aimed at the
engine efficiency enhancement. In this sense, the development of new engine
technologies requires a comprehensive understanding of the engine thermal
processes. Thus, performing and analysing the thermal balance are essential
steps in the global engine optimization.
As shown in Chapter 2, several possibilities to perform the engine thermal balance can be found in the literature. The methodologies found have in
common two main aspects:
– The simplified definition of the thermal balance, since most definitions
only accounts for the main terms (brake efficiency, heat rejection and
exhaust losses).
– The information sources to determine the energy terms are either, experimental or modelled. Thus, there is a lack of methodologies that combine
experimental and modelling analysis of the thermal balance.
In order to understand the complex thermodynamic processes occurring during the engine operation, the use of experimental and/or simulated
information sources allows different approaches to analyse the engine energy
usage. Therefore, one of the objectives of this work is to propose a general
methodology that allows facing the thermal balance from the widest possible point of view, thus considering all the essential energy terms and engine
sub-systems. Progressively, the larger energy terms are split into smaller ones,
so that going deeper in the understanding of the input fuel energy degradation
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from the chemical energy released during combustion, until the obtaining of
useful work at the engine axis. For this purpose, the combination of experimental and theoretical tools is a key task.
As a result of this experimental and modelling work, a large number of
energy terms conforming a comprehensive database is obtained, being necessary to develop a smart and consistent schema to handle all the energy terms.
The proposed methodology is named in this work Global Energy Balance
(GEB), and it is described in detail in this chapter. According to it, the energy
terms are grouped in two different but comparable definitions of the GEB as
detailed in the next sections:
• External Global Energy Balance (EGEB): in this definition, the
engine is considered as a black box exchanging energy with the surroundings. This system takes into account the flows going in and out of the
engine, which are mostly experimentally determined.
• Internal Global Energy Balance (IGEB): it includes the engine
internal interactions and sub-processes. It allows composing a detailed
distribution of the energy split, whose energy terms cannot be easily
measured; thus, they are obtained mostly by means of modelling approaches.
Although two different points of view are defined, it is important to bear
in mind that they are closely related, since the energy terms considered in the
EGEB somehow lead to or are due to different terms of the IGEB. Thus, it is
necessary to clearly identify the relationships between several internal/internal
and internal/external terms.
As will be explained in Chapter 5, this approximation is useful for two
purposes, on the one hand, the assessment of the GEB reliability through
the comparison of equivalent experimental and modelled terms (e.g. HT to
coolant and oil), and on the other hand, the development and adjustment of
several sub-models.
This chapter starts describing how to obtain each energy term involved
in the GEB, followed by the definition of some equivalent terms between the
internal and external systems, and to close the chapter, an experimental uncertainty analysis is carried out in order to clarify the limitation of the experimental approach, thus assessing the methodology strengths and weaknesses.
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Global energy balance system definition

The engine sub-systems can vary depending on the engine type and
the specific application. In Figure 4.1, a general scheme of a turbocharged
automotive engine is presented. Although this work is mainly focused on CI
engines, the scheme with small modifications can be also applied to other
engines. In conventional automotive engines, the lubrication, EGR and air
cooling systems are connected with the main cooling circuit, thus the heat
rejection from oil, EGR and air is evacuated to the coolant1 . However, the
lubrication systems (engine and turbocharger) are considered independently
in this work2 , as shown in Figure 4.1.
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Figure 4.1. Engine and sub-systems scheme.

As shown, the energy flows entering the engine3 are the sensible enthalpy
), and the chemical energy of the fuel heating
) and fuel (ṁf hsens
of air (ṁa hsens
a
f
value (ṁf Hv ). The outlet energy flows are the brake power (Nb ), the heat flow
to the coolant (Q̇cool ), the sensible energy of the exhaust gases (ṁexh hsens
exh ), the
heat flow rejected to the oil exchanger (Q̇oil ), the HT to the turbo oil (Q̇turbo ),
the heat flow in the intercooler (Q̇a ), the small term corresponding to the
heating of the returning fuel (Q̇f ), the convective and radiative HT to the
ambient from the engine surface (Q̇ext,block ), the exhaust manifold (Q̇ext,man )
and turbocharger case (Q̇ext,turbo ), the enthalpy flow due to blow-by losses
1

Except in air-air intercoolers.
This was justified in Chapter 3.2.
3
A more general energy balance approach is included in Appendix 4.A.
2
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(ṁbb hsens
bb ), and finally, the energy losses due to incomplete combustion (Ḣic ).
Usually experimental test benches have an external electrical supply; however,
its power consumption use to be negligible and hence it is not included in this
GEB definition.
Taking into account all the energy transformations that take place in a
RICE, the paths followed by the different energy terms are presented in the
Figure 4.2. During the engine operation, the input energy undergoes several
transformations until becoming mechanical work and heat rejection to the
surroundings.
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Figure 4.2. Energy interactions occurring in an engine.

Starting from the fuel energy, part of it becomes mechanical power released to the piston throughout the high pressure cycle (gross indicated work),
other part is rejected to the chamber walls as heat transfer, and the rest becomes enthalpy of the gases at the chamber outlet:
• The gross indicated work (Ni ) is degraded by the pumping work (Np ),
the auxiliary systems activation energy (Na ) and the friction (Nf r ), becoming finally in the brake power (Nb ).
• The HT to the chamber walls can be split, depending on the final
destination, into HT from chamber to the coolant (Q̇cham,cool ) and oil
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(Q̇cham,oil ). Heat rejection to the coolant also includes HT to ports walls
(Q̇ports ) and EGR cooling (Q̇EGR ), whilst friction and auxiliary losses are
somehow dissipated as heat to both, coolant and oil. At the same time,
the different operating temperatures of the coolant and oil gives place
to HT between them (Q̇oil,cool ).

• Regarding the enthalpy of the exhaust gases, part of the available energy
at the valves outlet becomes HT (to ports, oil, coolant and ambient) and
part is recirculated as EGR enthalpy (ḢEGR ), while the rest is available
energy at the turbine intake. In turbocharged engines, part of the exhaust energy is recovered as turbocharging work (Nturbo ) on the intake
air, increasing the air induction each cycle, and hence the power output.
The part of the exhaust enthalpy that does not become an enthalpy increase of the intake flow in the compressor is lost as HT to the ambient,
either from the turbo casing (Q̇ext,turbo ) or as exhaust enthalpy rejected
to the ambient.
As shown in Figure 4.2, the engine systems will be delimited by a dashed
line, which defines the external and internal GEB described in the next paragraphs. Thus, the following sections deal with the external and internal GEB
points of view and how the involved energy terms are calculated and linked.
For the sake of generality, the following description is based on the experimental installation of the Engine A, which is presented in Chapter 3.2.1,
since it represents a conventional automotive engine, which include most of
the current engine technologies in the market. It is important to take into
account that the methodology described in this work can be extended to any
other engine, paying special attention to the engine sub-systems driven by the
engine and any other significant thermal interaction.

4.2.1

External global energy balance

In this analysis, the engine is assumed to be a black-box that exchanges
energy with the surrounding through the brake power, heat flows and incoming
and outgoing enthalpy fluxes as presented in Figure 4.3.
From a thermodynamic point of view, the energy terms presented in
Figure 4.3 are coherent, but for the sake of comprehension, it is interesting to
rearrange some of them to perform the detailed analysis of the energy repar-
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tition. In this sense, the first law in the case of the EGEB can be expressed
as:
ṁf Hv = Nb + Q̇cool + Q̇oil + Ḣg,ex + Q̇a + Q̇turbo +
+ Q̇f + Ḣic + Ḣbb + Q̇ext + Q̇unbal,ex

(4.1)

where Ḣg,ex and Ḣbb are the net flows of sensible enthalpy of exhaust and blowby, and Q̇unbal,ex is the unbalance term due to experimental and modelling
uncertainties.
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Figure 4.3. External global energy balance system.

In this particular approach, most of these terms are experimentally obtained. Following, a list of the calculation processes of each term is presented:
• ṁf Hv : it is the chemical power of the fuel, determined by measuring
the fuel mass flow ṁf and its heating value4 .
• Ḣg,ex : as shown in Equation (4.2), it is the net flow of sensible enthalpy
determined by means of a balance between the incoming and outgoing
4

The heating values of Diesel and gasoline used in this work are 42.92 M J/kg and 43.95
M J/kg respectively.
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enthalpy flows between compressor inlet (point 0) and turbine outlet
(point 4) in Figure 4.1.
exh sens
sens
Ḣg,ex = ṁexh hsens
− ṁexh
exh − ṁa ha
f hf

(4.2)

where ṁexh
and ṁexh
are the intake air and injected fuel flow rates that
a
f
finally leave the engine by the exhaust, ṁexh is the exhaust mass flow
rate, and hsens
, hsens
and hsens
a
f
exh are the specific sensible enthalpies of air,
fuel and exhaust gases, determined from the corresponding specific heats
(cp,a , cp,f and cp,exh ) as shown in Equation (4.3) to Equation (4.5).
Z

hsens
a

Ta

=

cp,a dT

(4.3)

cp,f dT

(4.4)

cp,exh dT

(4.5)

T0

hsens
f

Z

Tf

=
T0

hsens
exh

Z

Texh

=
T0

where the reference temperature T0 is 25◦ C, and Ta , Tf and Texh are
the air, fuel and exhaust gases temperatures at which the enthalpy is
computed. Finally, the exhaust mass flow is calculated as:
ṁexh = ṁa + ṁf − ṁbb

(4.6)

being ṁbb the blow-by flow rate.
A more detailed description of the determination of the net flow of sensible enthalpy at exhaust can be found in Appendix 4.A.
• Nb : it is the brake power that is determined by measuring the engine
speed (n) and torque (M ) in the dynamometer:
Nb = 2π n M

(4.7)

• Q̇cool : it is the total HT to the coolant that can be estimated from
the specific heat of the coolant (cp,cool ), the coolant flow rate (ṁcool )
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and the coolant flow temperature at exchanger inlet (Tcool,in ) and outlet
(Tcool,out ), as presented in Equation (4.8):
Q̇cool = ṁcool cp,cool (Tcool,out − Tcool,in )

(4.8)

• Q̇oil : it is the heat rejection to the oil in the engine block (excluding Q̇turbo , which is considered independently) that is determined with
Equation (4.9), by measuring the water flow rate that refrigerates the
oil exchanger (ṁw,oil ), and the temperatures at the heat exchanger inlet
(Tw,oil,in ) and outlet (Tw,oil,out ):
Q̇oil ∼
= Q̇w,oil = ṁw,oil cp,w,oil (Tw,oil,out − Tw,oil,in )

(4.9)

where Q̇w,oil is the HT evacuated by the oil exchanger cooling water,
and cp,w,oil is the specific heat of the water.
• Q̇turbo : it is the HT rejected from the turbocharger to the oil5 , which is
obtained by using an independent conditioning system as explained in
Chapter 3.2.1.2, in which the turbo oil flow rate (ṁoil,t ) and the temperatures at the turbo inlet (Toil,t,in ) and outlet (Toil,t,out ) are measured:
Q̇turbo = ṁoil,t cp,oil,t (Toil,t,out − Toil,t,in )

(4.10)

were cp,oil,t is the specific heat of the oil in the turbocharger.
• Q̇a : it is the heat rejection in the intercooler. Intercoolers can be cooled
either by coolant or air; in the case of the Engine A, the original exchanger was an air-air cooler one, but the installation was modified to
include a water-air cooler system to have higher cooling capacity; therefore, Q̇a can be determined by measuring the flow and temperature drop
of either the coolant fluid or the air. In this case, it was determined directly from the air mass flow and its temperature variation:
Q̇a = ṁa cp,a (Ta,out − Ta,in )

(4.11)

where Ta,in and Ta,out are the temperatures at inlet and outlet of the
intercooler, and cp,a is the specific heat of the air.
5

In the case of water-cooled turbochargers, Q̇turbo should include oil and coolant heat
rejection.
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• Q̇f : it is the heat loss due to the heating of the returning fuel, which is
due to the fuel compression in the injection pump, and the fluid friction
in the fuel pump and the injection system walls. This term is more
relevant in Diesel engines, where the fuel is compressed up to 2000 bar
and about 30-40% is returned to the fuel deposit. At these conditions,
the returned fuel can be heated about 40-50◦ C in conventional Diesel
injection systems6 .
To evacuate this thermal power, the original circuit was modified to
control the returning fuel temperature by means of a shell and tube heat
exchanger, which allowed cooling the fuel returning line to maintain the
same temperature as at the high pressure pump inlet. Then, the HT is
estimated as presented in Equation (4.12) by measuring the water flow
through the exchanger (ṁw,f ), and the temperature at inlet (Tw,f,in )
and outlet (Tw,f,out ):
Q̇f = Q̇w,f = ṁw,f cp,w,f (Tw,f,out − Tw,f,in )

(4.12)

where cp,w,f is the specific heat of the water.
• Q̇ext : it is the HT to the ambient due to convection and radiation from
the engine block (Q̇ext,block ), manifolds (Q̇ext,man ) and turbocharger case
(Q̇ext,turbo )7 . These terms are usually determined by encapsulating the
engine, as done by Smith et al. [1], who report maximum HT values
about 10-15%ṁf Hv in the case of the engine body and 5-7%ṁf Hv in
the case of the turbocharger, both reached at low engine speed and load,
where the engine and turbine power are also low [2] and the weight of
the losses to the ambient is maximum [3].
The necessity of a special experimental installation to measure Q̇ext ,
along with the fact that it is only important at determined operating
conditions, led to the decision of not measuring it but to perform a
simple estimation by assuming the following hypotheses:
– The engine is assumed to be a box.
– The temperature of the box external walls is the same as the coolant.
– Natural convection between flat surfaces of the box and the ambient
was assumed to estimate the convective heat transfer.
6
7

These estimations were made for the injection system of Engine A.
Note that they are not explicitly shown in Figure 4.2 because they are part of Q̇ext .
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– The box emissivity to estimate the radiative heat transfer was assumed to be 0.6.
• Ḣbb : it is the net flow of blow-by sensible enthalpy, determined by measuring the blow-by flow mass (ṁbb ) and assuming a blow-by mean temperature similar to the oil temperature in the crank case, in order to
determine its specific enthalpy (hsens
bb ). A detailed description of the net
flow of blow-by sensible enthalpy determination can be found in Appendix 4.A, where the final expression obtained is:
bb sens
sens
Ḣbb = ṁbb hexh
− ṁbb
bb − ṁa ha
f hf

(4.13)

bb
being ṁbb
a and ṁf the intake air and injected fuel finally lost with the
blow-by.

• Ḣic : it is the energy loss due to incomplete combustion, which is determined by considering the HC, CO and soot emissions measured at
exhaust as:
Ḣic = (YHC Hv,HC + YCO Hv,CO + YC Hv,C ) ṁexh

(4.14)

where YHC , YCO and YC are the mass fractions of the HC, CO and soot,
and Hv,HC , Hv,CO and Hv,C are their heating values respectively8 .
The mass of unburned fuel is a mixture of the sub-products formed during the combustion process; therefore, an equivalent incomplete combustion mass (ṁf,ic ) can be estimated taking into account that:
Ḣic = ṁf,ic Hv

(4.15)

then, by replacing and solving in Equation (4.14), ṁf,ic is obtained as:
ṁf,ic =

(YHC Hv,HC + YCO Hv,CO + YC Hv,C ) ṁexh
Hv

(4.16)

• Q̇unbal,ex : It is the experimental unbalance, resulting from unavoidable
systematic and random experimental uncertainties. It is determined
8

Hv,HC has a value of 42.9 M J/kg, Hv,CO of 10.1 M J/kg and Hv,C of 32.8 M J/kg
respectively.
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by calculating the difference between the rest of the terms involved in
the energy balance and the total chemical fuel energy, as presented in
Equation (4.17):
Q̇unbal,ex = ṁf Hv − Nb − Q̇cool − Q̇oil − Q̇a − Ḣg,ex −
− Q̇turbo − Q̇ext − Q̇f − Ḣic − Ḣbb

(4.17)

Although the described terms allow completing the GEB, an additional
term composed of some of them will be used in the analysis. This consist
on the miscellanea term (Q̇misc ), defined in Equation (4.18), which includes
some quantities difficult to be measured (Q̇ext ), some terms with small relative
weight (Q̇turbo , Q̇f , Ḣbb and Ḣic ), and finally the experimental unbalance
(Q̇unbal,ex ).
Q̇misc = Q̇ext + Q̇turbo + Q̇f + Ḣic + Ḣbb + Q̇unbal,ex

(4.18)

In the analysis presented in Chapter 6.2.2.5, it is shown that the terms
composing Q̇misc have a minor impact, where the most relevant is Q̇ext , being
about the 90% of Q̇misc . Thus, in CDC, this parameter can be understood as
an indicator of the HT to the ambient9 .

4.2.2

Internal global energy balance

The internal analysis of the energy balance includes all the terms inside
the box delimited by the dashed line of Figures 4.1 and 4.4. Contrary to the
external analysis, the IGEB is mainly based on modelling estimations and
only few experimental variables are required, being the most important the
in-cylinder pressure. Some of the models used to estimate the energy terms
were presented in Chapter 3.3, and the improvements necessary to enhance
the estimations, as well as new models, will be presented in Chapter 5.
Taking into account the internal interactions observed in Figures 4.1 and
4.4, the first law can be expressed as:
ṁf Hv = Nb + (Nf r + Na ) + Q̇cham + Q̇ports + Q̇EGR +
+ Ḣg,ex + Q̇a + Q̇turbo + Q̇ext,turbo + Q̇ext,man +
+ Ḣbb + Ḣic + Q̇unbal,in
9

(4.19)

This is not strictly true in alternative combustion modes, e.g. in RCCI operation, where
the unburned fuel is an important loss and has to be carefully analysed.
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where Q̇unbal,in is the unbalance term due to experimental and modelling uncertainties and Q̇cham is the HT to the chamber. Note that Q̇ext,turbo and
Q̇ext,man are not explicitly shown in Figure 4.4 because they are part of Q̇ext ,
as explained in the previous section.
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Figure 4.4. Internal global energy balance system.

Equation (4.19) is consistent with the scheme presented in Figure 4.2;
however, it is interesting to rearrange Equation (4.19). Thus, an internal net
flow of sensible enthalpy (Ḣg,in ) is calculated between the intake manifold,
before air and EGR mixing, and exhaust manifold, after EGR extraction10 .
The detailed analysis of the net flow of sensible enthalpy from the internal and
external points of views is described in Appendix 4.B, where it is obtained that:

Ḣg,in = Ḣg,ex + Q̇a + Q̇turbo + Q̇ext,turbo

10

That is, between points 2 and 3’ of Figure 4.1.

(4.20)

132

Chap.4 Methodology to analyse the Global Energy Balance (GEB)

thus, by replacing in Equation (4.19) and considering that Q̇ext,man has a
negligible weight11 , the following definition of the IGEB is obtained:
ṁf Hv = Nb + (Nf r + Na ) + Q̇cham + Q̇ports + Ḣg,in +
+ Q̇EGR + Ḣbb + Ḣic + Q̇unbal,in

(4.21)

Note that some terms are not explicitly included in Equation (4.21):
– The turbo work (Nturbo ) is used to increase the air flow enthalpy, and
hence, it is not an energy flow leaving the system.
– The EGR enthalpy is recirculated from exhaust to intake, thus, it does
not affect the net enthalpy balance. That means that the total EGR
enthalpy deducted at exhaust is equal to the EGR enthalpy added at
intake (ḢEGR ) plus the heat transfer rejected from the EGR cooler to
the coolant (Q̇EGR ).
– The HT from oil to coolant (Q̇oil,cool ) is an internal thermal flow, which
is included in Q̇cham and Nf r . A more detailed discussion of this term
and why it is not included in Equation (4.21) is presented in Section 4.3.
The description and the determination process of all the terms included
in the IGEB (focused on the in-cylinder processes), and their relation with
EGEB terms are following explained:
• Ni and Np : they are the indicated and pumping power respectively.
Despite these terms are not explicitly considered in the IGEB, their
determination and analysis is important for the understanding of some
terms such as the brake power or the heat rejection.
These terms are calculated from the p − V diagram as presented in
Equations (4.22) to (4.25). Thus, the gross indicated work is obtained
through integration during compression and expansion strokes (between
11

This assumption is reasonable considering that Q̇ext,man depends on exhaust temperature and is a small part of Q̇ext , which in turn is a small part of the fuel energy and is only
relevant at low load, where the exhaust temperature is low.
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their corresponding BDCs), and the pumping work is obtained analogously during the intake and exhaust strokes.
Z 180
Wi =
p dV
(4.22)
−180

Ni =

n Wi
nr
Z

(4.23)

−180

Wp =

p dV

(4.24)

180

Np =

n Wp
nr

(4.25)

where n is the engine speed and nr is the number of crank revolutions
per power stroke12 .
In Figure 4.5, a typical p − V diagram is shown, where following the
conventional criteria [4], the gross indicated work (delivered by the gases
thanks to the combustion process) is positive while pumping work (work
used for the expulsion of burned gases and induction of fresh air) is
negative.
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Figure 4.5. p − V diagramm.
12

nr = 1 for 2-stroke engines and nr = 2 for 4-stroke engines.

420
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• Nf r and Na : they are the friction and auxiliary losses, which are obtained
together by subtracting Nb from Ni + Np as:
Nf r + Na = Ni + Np − Nb

(4.26)

These terms can be also split as follows:
Nf r = Nf r,pis + Nf r,bear + Nf r,valv
Na = Ncool + Noil + Nf

(4.27)
(4.28)

where Nf r,pis , Nf r,bear and Nf r,valv are the friction losses in the piston
(rings and skirt), bearings and valve train, and Ncool , Noil and Nf are
the activation energy of the coolant, oil and fuel pumps respectively.
This detailed repartition of Nf r +Na is necessary to determine equivalent
terms between EGEB and IGEB, considering that Nf r,pis heats the liner
that is cooled by the coolant, thus Nf r,pis is mainly dissipated into Q̇cool ,
whilst Nf r,bear and Nf r,valv heat the lubricating oil, thus becoming part
of Q̇oil . In the case of the auxiliary, their energy consumption is used
to increase the enthalpy of each fluid, which is finally dissipated in their
respective cooler. A dedicated model to determine this repartition is
comprehensively described in Chapter 5.4.
• Q̇cham and Q̇ports : they are the total HT to the chamber walls and HT
to the engine ports respectively. As can be seen in Figure 4.4, Q̇cham
is split into two terms: the HT from chamber to coolant (Q̇cham,cool )
and oil (Q̇cham,oil ). They are determined by means of the heat transfer
model presented in Chapter 3.3.6.2 (in-cylinder HT for Engine A) and
the proposals in Chapter 5.2 for Q̇ports and in-cylinder HT for Engine
B. Taking into account the detailed HT to the liner (Q̇lin ), cylinder
head (Q̇ch ) and piston (Q̇pis ), and assuming that they are dissipated to
coolant and oil, the following expressions can be written:
Q̇cham,cool = Q̇lin + Q̇ch
Q̇cham,oil = Q̇pis

(4.29)
(4.30)

• Ḣg,in : it is the net flow of sensible enthalpy of the exhaust gases, determined through an enthalpy balance between points 2 and 3’ in Figure
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4.1, that is, between the intercooler outlet and the turbine inlet. Thus,
Ḣg,in is calculated by means of Equation (4.2) but considering the temperature at the stated points.
• Q̇EGR : it is the heat lost in the EGR cooler, determined from the EGR
mass flow (ṁEGR ) and the temperature drop of the recirculated gas as
it passes through the cooler. The enthalpy difference can be calculated
as presented in Equation (4.31), where cp,EGR is the specific heat of the
burned gases.
Q̇EGR = ṁEGR cp,EGR (TEGR ,out − TEGR ,in )

(4.31)

being TEGR ,in and TEGR ,out the temperature at EGR cooler inlet and
outlet and ṁEGR obtained from the EGR rate (τEGR ) as follows:

ṁEGR = ṁa

τEGR
1 − τEGR


(4.32)

where τEGR is determined based on the CO2 compositions measured at
intake, exhaust and atmospheric conditions as:

τEGR =

intake − Y atm
YCO
CO2
2
exhaust
YCO
2

−

atm
YCO
2

=

ṁEGR
ṁa + ṁEGR

(4.33)

Note that Q̇EGR was determined by means of an enthalpy balance between EGR cooler inlet and outlet ports; however, the EGR circuit passes
through the engine block and exchanges heat with the coolant. Besides,
in the EGR cooler the heat is finally rejected to the coolant and becomes
part of Q̇cool .
• Q̇unbal,in : it is the internal unbalance term. Since most of the terms
involved in the internal GEB are determined with models, this term
accounts for the energy necessary to close the energy balance, as presented in Equation (4.34), thus providing quantitative information of the
general modelling performance.
Q̇unbal,in = ṁf Hv − Nb − (Nf r + Na ) − Q̇cham − Q̇ports −
− Ḣg,in − Q̇EGR − Ḣic − Ḣbb

(4.34)
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Equivalence between heat rejection terms in
the internal and external analysis

The transformation of the energy during the engine operation is a complex process, considering the relationship between the energy terms described.
Moreover, the energy balance definition can also differ depending on the energy terms considered, the features of the experimental installation and the
models used. In this work, the GEB has been defined by two different paths:
one that considers the engine as a black box, whose terms are mainly experimentally determined, and the other that takes into consideration the internal
energy transformations, whose terms are mainly modelled. Due to the different nature of these two points of view, it is necessary to define comparable HT
terms between them. Such terms helps to improve the HT analysis because
they will be used for the sub-models development, fitting and validation.
A description of some comparable and key terms is presented in this
section.

4.3.1

Total heat transfer

As will be shown in Chapters 6.2.1 and 6.3.1, the comparison between
internal and external heat flows is important for some sub-models calibration,
in order to get reliable results from each engine. The first parameter to consider is the total heat transfer (Q̇tot ), which includes all the heat rejected from
the gases circulating through the engine block, including chamber and ports.
In order to adjust the sub-models, the experimental (Q̇tot,exp ) and modelled
(Q̇tot,mod ) values of Q̇tot has to be defined.
In the case of Q̇tot,mod , it corresponds to the addition of the HT to the
chamber and ports as presented in Equation (4.35):
Q̇tot,mod = Q̇cham,cool + Q̇ports + Q̇cham,oil

(4.35)

However; some considerations have to be done to obtain Q̇tot,exp , in order
to maintain the equivalence with the modelled term:
• The EGR is cooled with the engine coolant; therefore, its corresponding
heat rejection has to be deducted from the measured Q̇cool . The experimental Q̇EGR is subtracted to have the total heat rejected to the coolant
due to the HT in the block, excluding external heat rejection.
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• The HT from gases to the chamber and ports is not completely rejected
to Q̇cool and Q̇oil since some energy is lost to the ambient, thus Q̇ext,block
has to be also included in Q̇tot,exp .
• The terms Q̇ext,turbo and Q̇ext,man have not been included in Q̇tot,exp to
keep the coherence with the terms included in Q̇tot,mod , which do not
consider the HT after the ports.
• The Na + Nf r term is mainly dissipated in Q̇cool and Q̇oil ; thus, these
terms should be subtracted from Q̇tot,exp . It is important to underline
that Nf (included in Na ) is not dissipated in the coolant nor the oil,
thus it must not be subtracted from Q̇tot,exp .
Taking these comments into consideration, Equation (4.36) is obtained:

Q̇tot,exp = (Q̇cool − Q̇EGR ) + Q̇oil + Q̇ext,block − (Na + Nf r ) + Nf

(4.36)

All the energy terms presented in Equation (4.35) and (4.36) are known
except Q̇ext,block , which can be determined by means of subtraction between
the total energy (ṁf Hv ) and the addition of all the GEB terms of Equation
(4.1), as presented in Equation (4.37):
Q̇ext = Q̇ext,block + Q̇ext,turbo + Q̇ext,man
= ṁf Hv − Q̇a − Q̇cool − Q̇oil − Q̇turbo − Nb −
− Q̇f − Ḣg,ex − Ḣbb − Ḣic − Q̇unbal,ex

(4.37)

As described in Appendix 4.B, the net flow of sensible enthalpy can be
calculated at the ports conditions, thus obtaining the following expression:

Ḣg,ex = Ḣg,ports − Q̇a − Q̇EGR − Q̇turbo − Q̇ext,turbo − Q̇ext,man

(4.38)

and combining Equations (4.37) and (4.38), Q̇ext,block can be expressed as:
Q̇ext,block = ṁf Hv − Q̇cool − Q̇oil − Nb + Q̇EGR − Q̇f −
− Ḣg,ports − Ḣbb − Ḣic − Q̇unbal,ex

(4.39)
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It is reasonable to assume that Q̇f ≈ Nf considering that, on the one
hand, an important part (about 40%) of the pumped fuel is returned and
cooled, and on the other hand, the small weight of this term (lower than
1%ṁf Hv in all the cases [3]) makes its uncertainty negligible. Taking into
account this comment and replacing Q̇ext,block of Equation (4.39) in Equation
(4.36), the following expression for Q̇tot,exp is obtained:
Q̇tot,exp = ṁf Hv − Nb − Ḣg,ports − (Na + Nf r )−
− Ḣbb − Ḣic − Q̇unbal,ex

(4.40)

This last expression is more convenient than Equation (4.36), since all
the terms involved are experimentally acquired, and the most important of
them (i.e. ṁf Hv , Nb and Ḣg,ports ) have lower experimental uncertainty than
Q̇cool and Q̇oil , as will be discussed in Sections 4.4.4 and 4.4.5. Once both,
Q̇tot,mod and Q̇tot,exp are defined, it is interesting to do some comments:
• All the terms conforming Q̇tot,mod in Equation (4.35) are part of the
IGEB and are obtained through modelling.
• All the terms conforming Q̇tot,exp in Equation (4.40) are part of the
EGEB and are experimentally obtained.
• Strictly speaking, Ḣic and Ḣbb are part of both, IGEB and EGEB. However, they are experimentally obtained.
• Q̇tot,mod and Q̇tot,exp are equivalent. Hence, considering that the experimental equipment have been properly calibrated, and all the terms
carefully measured, the good agreement between these terms is an indicator of the good HT models performance.

4.3.2

Heat transfer to coolant

The total HT presented in previous section is an interesting parameter
to assess the global consistency of the HT models based on some experimental
measurements. However, to characterize the thermal behaviour of an engine, it
is also interesting to compare the specific repartition of the HT to coolant and
oil. In the previous section, it was commented that the friction and auxiliary
terms are mostly dissipated in the coolant and oil, but it was not detailed the
specific repartition between them. As for the total HT, the coolant HT can be

4.3 Equivalence between heat rejection terms in the internal and external
analysis
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obtained from modelled or experimental sources, but some hypotheses have to
be assumed:
• All the HT to the ports is assumed to be dissipated into the coolant
(Q̇ports ).
• It is assumed that the piston friction (Nf r,pis ) is dissipated into the
coolant. This can be justified considering that most of the piston assembly friction takes place in the rings, thus heating both, the liner and the
rings. Moreover, the liner temperature is much cooler than that of the
piston nodes in contact with the rings (90-150◦ C vs 110-250◦ C), thus
having a higher temperature drop and hence higher conductive HT.
• The work of the coolant pump (Ncool ) increases the coolant enthalpy and
is dissipated as friction in the fluid, thus slightly increasing its temperature. As a consequence, it is rejected in the coolant cooler.
• There is some HT between the oil and coolant (Q̇oil,cool ) as they circulate
through the engine block and cylinder head, thus leading to some convective HT between them and the gallery walls. This heat is transferred
by conduction through the walls between coolant or oil circuits. Thus, it
can be stated that the engine works as a heat exchanger between them.
For convenience, it is assumed that this term is positive when it goes
from oil to coolant, since in most of the cases the oil temperature is
higher than the coolant temperature.
• Part of the HT from chamber to coolant goes through the engine body to
the engine surface, and there is finally lost to the ambient by convection.
Considering these comments, the modelled HT to the coolant (Q̇cool,mod )
is defined as presented in Equation (4.41):

Q̇cool,mod = Q̇cham,cool + Q̇ports + Nf r,pis + Ncool + Q̇oil,cool − Q̇ext,block (4.41)
In the experimental case, the HT to the coolant is directly measured in
the coolant cooler. As explained earlier, the EGR is cooled with the engine
coolant; thus, to maintain the equivalence between terms, Q̇EGR is subtracted
from Q̇cool as follows:
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Q̇cool,exp = Q̇cool − Q̇EGR

(4.42)

If experimental uncertainties are controlled, and the models work properly, Q̇cool,exp and Q̇cool,mod must show good agreement.

4.3.3

Heat transfer to oil

Similarly as for the HT to the coolant, some hypotheses have to be made
to determine the modelled HT to the oil:
• The friction of the bearings (Nf r,bear ) and camshaft (Nvalv ) is finally
dissipated into the oil.
• The work of the oil pump (Noil ) increases the oil enthalpy and is dissipated as friction in the fluid, thus slightly increasing its temperature.
As a consequence, it is rejected in the oil cooler.
• The energy lost by HT from oil to coolant (Q̇oil,cool ) has to be considered
with negative sign, as it produces a reduction of the oil circuit energy.
Considering these hypotheses, the modelled HT to the oil (Q̇oil,mod ) is
defined as presented in Equation (4.43):

Q̇oil,mod = Q̇cham,oil + Nf r,bear + Nf r,valv + Noil − Q̇oil,cool

(4.43)

In the experimental case, the HT to the oil (Q̇oil,exp ) is directly measured
in the oil heat exchanger and no further assumptions are necessary:
Q̇oil,exp ≡ Q̇oil

(4.44)

As for the coolant, Q̇oil,exp and Q̇oil,mod have to range within similar values when the experimental uncertainties are controlled and a proper modelling
work is done.

4.4 Experimental uncertainty analysis
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Experimental uncertainty analysis

To perform a proper analysis of the GEB, it is important to know the
reliability of the determination of the experimental energy terms. The experimental measurements provide valuable information, on the one hand, to
analyse the thermal processes taking place during the engine operation, and
on the other hand, to improve and validate the models performance. Therefore, the uncertainty analysis has to be carefully carried out to take advantage
of the GEB potential to obtain accurate results and to assess the limitations.
This section deals only with the experimental uncertainty, as the analysis of
the modelled terms reliability is further discussed in the Chapters 6.2.1 and
6.3.1, where the sub-models calibration and validation for each engine are
comprehensively explained.
The experimental uncertainty study is conducted in the complete Engine A map13 (i.e. load ranging between 25% and 100% of maximum torque,
and speed between 1000 rpm and 4000 rpm), thus considering all the operating conditions of a reference commercial multi-cylinder engine. The results
obtained from this study are representative of the main trends in other similar
experimental installations; however, the relative weights of each uncertainty
can vary depending on the engine technology tested and the accuracy of the
sensors used. As an example, the weight of the HT use to be lower in LTC
modes14 in comparison with CDC, but the unburned fuel becomes relevant [5],
thus the relative uncertainty of the HT estimation will be lower in fuel energy
terms, in spite of using sensors with the same accuracy. Therefore, the results
presented in this section provide guidelines of the uncertainties that can be
expected when performing GEBs in CDC with up to date instrumentation,
and provide an insight of what can occur when testing alternative hardware
configurations or combustion modes.
The determination of the experimental uncertainty of each energy term
is performed through the propagation of uncertainty, which states that for a
variable y that depends on several variables x1 , x2 ,..., xn , its uncertainty (±εy )
depends as well on each i variable uncertainty (εxi ) as follows [6]:
13

The minimum load considered is 25%, this limit can affect the maximum uncertainty in
some cases, as it tends to increase when the load decreases, as will be shown.
14
Note that LTC is the abbreviation defined for low temperature combustion.
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v
u n 
2
uX ∂y
t
εx
εy =
∂xi i

(4.45)

i

Despite several terms are obtained by experimental means, for the sake
of clarity some of them have been excluded from the following analysis, i.e.
the HT to the turbocharger oil, the HT to from the fuel in the return line, the
unburned energy losses and the blow-by losses. This was decided taking into
account that their relative weight is lower than 1%ṁf Hv [3], and hence their
uncertainty becomes negligible for the analysis of the GEB. The energy terms
presented in this section are then listed in Table 4.1.
Energy term
ṁf Hv
Ni
Np
Nb
Na + Nf r
Q̇cool
Q̇oil
Ḣg
Q̇EGR
Q̇a

Variable from which
is calculated
ṁf , Hv
p(α)
p(α)
Me , n
Ni , Np , Nb
ṁcool , Tcool
ṁw,oil , Tw,oil
ṁa , ṁf , Tint , Texh
YCO2 , ṁa , TEGR
ṁa , Ta

Equation
(4.22)
(4.22)
(4.7)
(4.26)
(4.8)
(4.9)
(4.2)
(4.31)
(4.11)

Table 4.1. Experimental energy terms and their calculation procedure.

The experimental uncertainty in terms of accuracy and precision15 depends directly on the experimental equipment used to measure the variables
required to determine each energy term. The expected uncertainty of the
experimental equipment used to determine the values listed in Table 4.1 is
presented in Table 4.2.
It is worth to highlight that the relative uncertainties of the fuel mass
flow and the heating value are 0.2% and 0.3% respectively. Therefore, by
applying Equation (4.45), a constant error of 0.4% is obtained. Since this
15

Accuracy refers to the closeness of a measured value to a real value, meanwhile precision
refers to the closeness of two or more measurements to each other.
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Variable

Equipment

ṁf
Hv
p(α)
n
M
ṁa
Ta , Tf , TEGR , Texh
Tcool , Toil

AVL 733S Fuel meter
Bomb calorimeter
AVL GH13P
Tachometer
Dynamometer
Sensiflow DN80
K-type Thermocouples
PT100 RTD
Horiba mexa
7100 DEGR

YCO2
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Accuracy
0.2%
0.3%*
±0.2◦‡
0.03% fs.
0.05% fs.
2%
1.5 ◦ C
0.2◦ C
4%


vcool †

Krohne 4010 Optiflux

voil †

Isoil MS500

0.02 m/s if vcool < 0.4 m/s
0.5%
if vcool ≥ 0.4 m/s
0.025 m/s

fs. means full scale.
*The difference between successive results would exceed the repeatability value only
in one case in twenty, according to [7]
‡
The uncertainty is assumed to be due to TDC position
†
The flow meter provides flow speed, which is used to determine the mass flow
Table 4.2. Engine A measurement equipment uncertainty.

value is constant and affects all the energy terms in the same extent, no further
analysis of this uncertainty is discussed.
The results are presented taking into account the relative uncertainty
of each term with respect to the energy term value (%), and their weight in
terms of the total input fuel energy (%ṁf Hv ). This allows analysing both,
the specific accuracy of each term determination and their weight in the GEB.
In all the cases, the uncertainty is shown in positive terms, but it must be
assumed an uncertainty range of ±ε, being ε the uncertainty in the figures.

4.4.1

Indicated and pumping power

The indicated power is calculated by integration of the indicated cycle,
thus the only uncertainties that affect the indicated power estimation are the
sensor calibration, the TDC determination and the experimental noise16 . To
16

The pressure pegging does not affect the indicated parameters.
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avoid calibration uncertainties, the acquisition chain was regularly calibrated
according to the traditional method proposed in [8], having an uncertainty in
the calibration constant lower than 0.15%. To reduce the random effect of the
noise, three measurements of each operating point were obtained, each of them
consisting of 25 consecutive cycles processed and averaged as presented in [9].
Thus, the only significant parameter affecting the indicated power calculation
was the TDC position (∆αTDC ).
To accurately determine ∆αTDC , the adjustment methodology described
in Chapter 5.3 was used. The uncertainty of the ∆αTDC determination is not
expected to be higher than 0.1◦ ; however, a slightly higher uncertainty value
of 0.2◦ was considered. In Figure 4.6, the effect of the stated variation on the
indicated power is shown.
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Figure 4.6. Uncertainty of Ni . Left: relative to the energy term (%); right: relative
to the fuel energy (%ṁf Hv ).

The uncertainty due to the TDC position on the indicated power estimation (εNi ) ranges between 1 and 2%. Since the indicated power ranges
between 38-46%ṁf Hv , its uncertainty ranges between 0.5 and 1%ṁf Hv . The
maximum uncertainty is observed at low load and diminishes as the load increases.
Despite the weight of the pumping power uncertainty is low, its value
(εNp ) is presented because it has a slightly impact on the friction and auxiliary
uncertainty determination, as will be discussed later. As can be seen in Figure
4.7, it can reach values up to 1%. However, these values result in a weight
lower than 0.01%ṁf Hv , thus being negligible.
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4.4.2

Brake power

By applying the propagation of uncertainty to Equation (4.7), the following expression to determine the uncertainty of the brake power estimation
is obtained:
εNb = 2π

p
(εn M )2 + (n εM )2

(4.46)

where n and M are the engine speed and torque, and εn and εM are their
respective uncertainties (see Table 4.2).
In Figure 4.8, the uncertainty of the brake power is presented. It is
possible to see how its values are always lower than 0.4% in the complete engine
map. Only a third of this uncertainty is reflected in terms of fuel energy, thus
reaching values lower than 0.15%ṁf Hv . The uncertainty is slightly higher at
low load. In a lower extent, these trends are also followed when speed changes.

4.4.3

Auxiliary and friction power

Since experimental Na + Nf r is obtained from the indicated cycle and
the brake power (see Equation (4.26)), its uncertainty can be expressed as:
ε(Na +Nf r ) =

q
ε2Ni + ε2Np + ε2Nb

(4.47)
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In Figure 4.9, the values of ε(Na +Nf r ) in the complete engine map are
shown. As expected, the uncertainty of Na + Nf r is higher than that of the
indicated and brake power. It reaches its maximum of about 13% at low speed,
while no clear trend with the load is observed. In spite of this high value, the
relative low weight of Na +Nf r in the GEB [3] leads to a low impact in terms of
the input fuel energy, where its maximum uncertainty is lower than 1%ṁf Hv .
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Heat transfer to coolant

The uncertainty of the HT to the coolant is determined by means of
Equation (4.48), which is obtained by applying the propagation of uncertainty
to Equation (4.8).
εQ̇cool = cp,cool

q
(εṁcool ∆Tcool )2 + (2 ṁcool εTcool )2

(4.48)

where ∆Tcool is the temperature drop through the coolant cooler, εṁcool is the
coolant flow rate uncertainty and εTcool is the coolant temperature uncertainty.
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As shown in Figure 4.10, the uncertainty of the coolant HT ranges between 3 and 12%, being mostly dependent on the load. The maximum uncertainty is observed at low load, which is explained by the low temperature
variation (due to the smaller heat rejected). At high load, the HT to the
coolant increases (in absolute terms), thus the relative effect of the uncertainty
decreases. This relatively high weight at low load represent about 2%ṁf Hv ,
thus becoming one of the most uncertain parameters to be experimentally determined. For this reason, the total HT defined in Section 4.3.1 uses different
experimental data, thus avoiding Q̇cool uncertainty.

4.4.5

Heat transfer to oil

Similarly as for the coolant, the uncertainty in the calculation of the HT
to the oil is obtained by applying Equation (4.45) to Equation (4.9):
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εQ̇oil = cp,w,oil

q
(εṁw,oil ∆Tw,oil )2 + (2 ṁoil εTw,oil )2

(4.49)

where εṁw,oil is the uncertainty in the measurement of the cooling water of
the oil cooler, and εTw,oil is the uncertainty of the water temperature at inlet
and outlet of the oil cooler.
In this case, no oil cooling was needed at low speed and load, since the
maximum oil temperature setting was 90◦ C and it was not reached at those
conditions. In Figure 4.11, the uncertainty of the HT to the oil is presented.

Figure 4.11. Uncertainty of Q̇oil . Left: relative to the energy term (%); right:
relative to the fuel energy (%ṁf Hv ).

As can be seen, the uncertainty ranges between 1.5 and 3%, being lower
than that of the coolant. In terms of the input fuel energy, the HT to the
oil has a low effect, ranging between 0.1 and 0.2%ṁf Hv . Even thought the
oil is required for both, lubrication and cooling purposes, its mass flow is
significantly lower than the coolant mass flow, thus its uncertainty in terms of
fuel energy is about an order of magnitude lower than that of the coolant.

4.4.6

Net sensible enthalpy

To determine the uncertainty of the net sensible enthalpy, some comments have to be done:
– The uncertainty of Ḣg,ex is analysed, taking into account that the uncertainty of Ḣg,in has a similar behaviour but with a slightly lower weight.
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This is explained by considering that Ḣg,in is calculated for a higher
temperature (at the turbine intake), being its relative uncertainty lower.
– For the sake of clarity, the blow-by flow was neglected from this analysis,
taking into account that it is a very small portion of ṁa + ṁf .
Taking into account these comments, the propagation of uncertainty is
applied in Equation (4.2), thus obtaining the following expression:
εḢg,ex =

q
ε2(ṁexh hsens ) + ε2(ṁa ha ) + ε2(ṁf hf )

(4.50)

exh

To solve Equation (4.50), the uncertainties of ṁexh and the sensible
enthalpy have to be determined. Therefore, the following considerations have
to be made:
– Accounting for the definition of ṁexh presented in Equation (4.6), and
neglecting the blow-by as commented, εṁexh can be expressed in terms
of the air and fuel mass uncertainties as follows:
ε2ṁexh = ε2ṁa + ε2ṁf

(4.51)

where εṁa and εṁf are the air and fuel flow rates uncertainties.
– As the sensible enthalpy depends on the temperature at which it is computed, its uncertainty is estimated as the difference between the sensible
enthalpy at the measured temperature and at the maximum temperature
variation expected (±1.5◦ C, see Table 4.2) as follows:
εhsens
= |hsens
(Ti ) − hsens
(Ti ± 1.5)|
i
i
i

(4.52)

where i represents the air, fuel or exhaust.
Therefore, by applying the propagation of uncertainty to each term on
the right hand side of Equation (4.50), the following expressions are obtained:
ε2(ṁexh hsens ) = hsens
exh
exh

2

(ε2ṁa + ε2ṁf ) + (ṁa + ṁf )2 ε2hsens
exh

(4.53)

sens 2
ε2(ṁa hsens
) + (ṁa εhsens
)2
) = (εṁa ha
a
a

(4.54)

ε2(ṁf hsens ) = (εṁf hsens
)2 + (ṁf εhsens
)2
f
f

(4.55)

f
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Finally, εḢg,ex is obtained by replacing Equations (4.53), (4.54) and
(4.55) in Equation (4.50).
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As can be seen in Figure 4.12, the uncertainty of Ḣg,ex is almost constant,
having a value about 2% in the engine map; however, its weight in terms of
the fuel energy ranges between 0.4 and 0.7%ṁf Hv , being increasingly higher
with the speed but almost independent of the load. This is explained by the
increase of the Ḣg,ex weight with the speed rather than the load, as will be
described in Chapter 6.2.2.4.

4.4.7

Heat transfer from air

Starting from Equation (4.11) and (4.45), the expression to calculate the
uncertainty in HT removed from the air in the intercooler is obtained.
εQ̇a = cp,a

p
(εṁa ∆Ta )2 + (2 ṁa εTa )2

(4.56)

where εṁa and εTa are the air flow rate and air temperature uncertainties.
In Figure 4.13 the uncertainty of Q̇a is presented. As can be seen, the
uncertainty lies between 3 and 8% of Q̇a , being maximum at low speed and
load. However, the relative weight in terms of fuel energy is much lower,
having values between 0.1 and 0.2%ṁf Hv , slightly increasing when the speed
gets higher. This is explained, as in the case of Ḣg,ex , by the higher dependency
of Q̇a with the speed rather than the load, as will be described in Chapter
6.2.2.4.
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to the fuel energy (%ṁf Hv ).

4.4.8

Heat transfer from EGR

This uncertainty is analysed only in the map region where EGR strategy
is used, i.e. between low and mid speed and load. As for the other terms, by
applying the propagation of uncertainty on the Equation (4.31), the Q̇EGR
uncertainty can be expressed as:
εQ̇

EGR

= cp,EGR

q
(εṁEGR ∆TEGR )2 + (2 ṁEGR εTEGR )2

(4.57)

where the uncertainty in ṁEGR estimation is obtained by applying Equation
(4.45) to Equation (4.32):
εṁEGR
ṁEGR

s
=

εṁa
ṁa

2

ετEGR


+

2
τEGR − τEGR

2
(4.58)

where ετEGR is the EGR rate uncertainty. For its determination, a simplification in Equation (4.33), consisting on neglecting the atmospheric CO2 , is
performed. Then, by applying Equation (4.45), the following expression can
be obtained:
εEGR =

√ εYCO2
2
YCO2

(4.59)

where εYCO2 /YCO2 is the relative uncertainty on the CO2 determination presented in Table 4.2.
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In Figure 4.14, the uncertainty of the HT rejected to the EGR cooler
is presented. The maximum uncertainty is about 1.4%, which is observed at
low load. This uncertainty becomes lower at higher load, having a minimum
value about 0.2%. In terms of fuel energy, it is observed a very low effect of
the uncertainty, having values lower than 0.1%ṁf Hv . This is easily explained
by the low weight of Q̇EGR in the GEB as explained in Chapter 6.2.2.4.
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Figure 4.14. Uncertainty of Q̇EGR . Left: relative to the energy term (%); right:
relative to the fuel energy (%ṁf Hv ).
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Conclusions

In this chapter, a comprehensive methodology to perform and analyse
the GEB has been proposed. As discussed, the GEB can be performed from
2 different points of view:
– In the EGEB, the engine is considered as a black box exchanging energy
with the surroundings. The energy terms are mostly experimentally
determined.
– In the IGEB, a detailed description of the energy split due to engine
internal interactions and sub-processes is presented. Despite some energy
terms of the IGEB can be experimentally determined, most of them
cannot be easily measured, thus they are modelled.
Along with the GEB definitions, a detailed description of the determination process of each energy term and the relationship between internal and
external terms have been presented.
In order to provide some parameters for the sub-models calibration and
the thermal validation, three equivalent terms have been defined:
– Total heat transfer. These terms include all the HT from chamber and
ports. Consistent definitions of these terms are obtained for both internal
and external points of view. Q̇tot,mod is directly obtained as the addition
of the modelled HT from chamber and ports; however, Q̇tot,exp requires
careful analysis of the energy terms involved in the EGEB. A convenient
expression based on experimental terms with low uncertainty is finally
proposed.
– Heat transfer to coolant. These terms are obtained by considered all
the energy flows going in and out of the coolant. Therefore, Q̇cool,mod
is the addition of the energy contributions from chamber, ports, friction
and auxiliary, and HT between oil an coolant, bearing in mind that
part of this addition is lost to the ambient. Q̇cool,exp is the subtraction
between the heat rejection in the coolant and EGR coolers, as this last
is cooled with the engine coolant and has to be subtracted to maintain
the equivalence between terms.
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– Heat transfer to oil. These terms are obtained similarly as for the
coolant. Q̇oil,mod is the addition of the energy contributions from chamber, friction and auxiliary, and considering the HT between oil and
coolant. Meanwhile, Q̇oil,exp is directly the heat rejection measured in
the oil cooler.
These terms will be conveniently used to calibrate the sub-models and
validate the results, depending on the information available, as will be described in Chapters 6.2.1 and 6.3.1.
To determine the reliability of the experimental work, an uncertainty
analysis of the most relevant terms was performed. In this regard, the following
conclusions can be highlighted:
– The parameter with the highest uncertainty is the Na + Nf r , reaching
values up to 12%; however, its impact in terms of fuel energy is always
lower than 1%ṁf Hv .
– Despite the relative high uncertainty of Ni and Np (1.8 and 0.8%) due to
variations of the TDC position, these terms have low uncertainty in terms
of fuel energy, being always lower than 0.9%ṁf Hv and 0.01%ṁf Hv respectively.
– The parameter with the highest uncertainty in terms of fuel energy is
Q̇cool , having values between 1 and 2%ṁf Hv and reaching its maximum
at low speed and load. This uncertainty confirms the necessity of defining
a heat transfer term (Q̇tot,exp ) based on more accurately determined
terms, as done in Section 4.3.1.
– Nb and Ḣg,ex , which are very important terms of the GEB, have low
uncertainty levels (0.06-0.12%ṁf Hv and 0.4-0.7%ṁf Hv respectively).
– The rest of the terms analysed have very low uncertainty in terms of
the fuel energy, being always lower than 0.5%ṁf Hv regardless their own
uncertainty. As an example, the maximum uncertainty of Q̇a is about
8%, but its weight in terms of fuel energy is lower than 0.2%ṁf Hv .
As a final conclusion of the chapter, it is evident the important modelling
work required to perform the IGEB, thus several sub-models must de proposed.
For this reason, the next chapter deals with the complete description of all the
new sub-models developed in this work.
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Appendix: development of the energy balance
equation

Figure 4.15 shows a more general scheme of the energy balance in a
control volume than that presented in Figure 4.1. The energy terms related
with the enthalpy fluxes were considered separately from the engine effective
power and the heat losses. Besides, in order to facilitate the analysis of the
unburned fuel, the equivalent unburned fuel mass (ṁf,nb ) defined in Equation
(4.15) has been considered, assuming that it goes out the system at the exhaust
bb
(ṁexh
f,nb ) and the blow-by flow (ṁf,nb ) with the same chemical composition as
injected. This is not rigorous, since the unburned fuel has the form of subproducts (i.e. HC, CO and soot); however, taking into account that the
combustion chemical process is not a key topic in this work, the assumptions
made are considered accurate enough for the energy analysis presented.
mf hf = mf,b hf + mf,nb hf

ma hint =
= ma,b hint + ma,nb hint

(ma + mf - mbb) hexh =
exh
exh
hexh + mf,nb
hexh + mbexh hexh
= ma,nb

ENGINE

mbb hbb =
bb
bb
hbb + mf,nb
hbb + mbb
= ma,nb
b hbb

SQ+Nb

Figure 4.15. General engine energy balance scheme.

The mass flows observed in Figure 4.15 are:

• ṁf : the fuel mass flow can be expressed as the addition of two terms,
the burned (ṁf,b ) and unburned (ṁf,nb ) fuel mass flow17 . Depending on
17

In CDC, ṁf,b ≈ ṁf and ṁf,nb ≈ 0.
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whether these masses go out by the exhaust or as blow-by losses, they
can be expressed as:
bb
ṁf,b = ṁexh
f,b + ṁf,b

(4.60)

bb
ṁf,nb = ṁexh
f,nb + ṁf,nb

(4.61)

bb
• ṁexh
f,nb and ṁf,nb : they are the unburned masses going out by the exhaust
and as blow-by respectively. As explained in Section 4.2.1, ṁexh
f,nb can be
bb
estimated through the HC, CO and soot emissions. ṁf,nb is calculated
by means of the blow-by model developed in Appendix 5.B, assuming
homogeneous mixture in the chamber (thus homogeneous blow-by composition).
bb
• ṁexh
f,b and ṁf,b : they are the burned masses going out by the exhaust
and as blow-by respectively. They are calculated as:

ṁbb
f,b =

ṁbb
b
1 + F1s

(4.62)

exh
bb
bb
ṁexh
f,b = ṁf − (ṁf,b + ṁf,nb ) − ṁf,nb

(4.63)

being ṁbb
b the burned gas going out as blow-by and Fs the stoichiometric
fuel/air ratio.
• ṁa : it is the air flow at intake. It can be expressed as the addition of
the air used in the combustion (ṁa,b ) and the excess of air (ṁa,nb ). ṁa,b
is the stoichiometric burned air, which is determined as:
ṁa,b =

ṁf,b
Fs

(4.64)

and hence, the excess of air is calculated as the difference between the
stoichiometric burned air and the total intake air:
ṁa,nb = ṁa − ṁa,b

(4.65)

Similarly as for the fuel, these masses can be decomposed depending on
whether they go out the engine by the exhaust or as blow-by:
bb
ṁa,b = ṁexh
a,b + ṁa,b

(4.66)

bb
ṁa,nb = ṁexh
a,nb + ṁa,nb

(4.67)
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bb
• ṁexh
a,nb and ṁa,nb : they are the excess of air going out by the exhaust and
as blow-by18 . ṁbb
a,nb is obtained from the blow-by model (see Appendix
5.B) assuming homogeneous blow-by composition, ṁexh
a,nb can be obtained
through an air mass balance as:
bb
ṁexh
a,nb = ṁa − ṁa,b − ṁa,nb

(4.68)

bb
• ṁexh
a,b and ṁa,b : they are the air masses which participate in the stoichiometric combustion, which lead to the burned gases. They are calculated
as:

ṁexh
a,b =
ṁbb
a,b

=

ṁexh
f,b
Fs
ṁbb
f,b
Fs

(4.69)
(4.70)

• ṁexh
and ṁbb
b
b : they are the burned gases resulting from combustion,
which are actually going out the chamber by the exhaust or as blow-by.
They can be obtained as:
exh
= ṁexh
ṁexh
f,b + ṁa,b
b

(4.71)

bb
bb
ṁbb
b = ṁf,b + ṁa,b

(4.72)

The analysis of the enthalpies observed in Figure 4.15 leads to obtaining
the energy released during the combustion process, the net sensible enthalpy
of the gases and the net sensible enthalpy of blow-by. To perform the analysis,
it was assumed that the enthalpies depend only on the species considered as
well as the temperature. Following, a description of the enthalpies involved is
presented:
• hf : it is the liquid fuel enthalpy, calculated at the fuel pump inlet conditions as:
Z Tf
0
hf (Tf ) = hf (T0 ) +
cp,f (T )dT
T0

= h0f (T0 ) + hsens
(Tf )
f
18

(4.73)

These masses do not participate in the combustion and are only heated between intake
and exhaust or blow-by respectively.
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where h0f is the fuel enthalpy of formation at standard conditions (T0 =
25◦ C, 1 atm) and hsens
(Tf ) is the fuel sensible enthalpy increase at the
f
fuel pump inlet conditions (Tf ).

• hint : it is the intake gas enthalpy (pure air), calculated at the compressor
inlet conditions as:
Z Tint
0
hint (Tint ) = hint (T0 ) +
cp,int (T )dT
T0

=

h0int (T0 )

+ hsens
int (Tint )

(4.74)

where h0int is the intake gas enthalpy of formation at standard conditions
and hsens
int (Tint ) is the intake gas sensible enthalpy increase at compressor
inlet conditions (Tint ).
• hexh : it is the burned gas enthalpy, calculated at the turbine exhaust
conditions (Texh ) as:
exh
exh
hf (Texh ) + Ybexh hb (Texh )
ha (Texh ) + Yf,nb
hexh (Texh ) = Ya,nb

(4.75)

exh , Y exh and Y exh are the mass fractions of the excess of air,
where Ya,nb
b
f,nb
unburned fuel, and stoichiometric burned gases in the exhaust gases
respectively.

• hbb : it is the blow-by enthalpy calculated assuming that its temperature
is equal to that of the coolant (Tbb = Tcool ):
bb
bb
hf (Tbb ) + Ybbb hb (Tbb )
ha (Tbb ) + Yf,nb
hbb (Tbb ) = Ya,nb

(4.76)

bb , Y bb and Y bb are the mass fractions of the excess of air,
where Ya,nb
f,nb
b
unburned fuel, and stoichiometric burned gases in the blow-by respectively.

Taking into account Equations (4.75) and (4.76), the exhaust and blowby enthalpy flows can be written as:
(ṁa + ṁf − ṁbb ) hexh (Texh ) =
h
i
exh
exh
= (ṁa + ṁf − ṁbb ) Ya,nb
ha (Texh ) + Yf,nb
hf (Texh ) + Ybexh hb (Texh )
exh
exh
= ṁexh
a,nb ha (Texh ) + ṁf,nb hf (Texh ) + ṁb hb (Texh )

(4.77)
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ṁbb hbb (Tbb ) =
h
i
bb
bb
= ṁbb Ya,nb
ha (Tbb ) + Yf,nb
hf (Tb ) + Ybbb hb (Tb )
bb
bb
= ṁbb
a,nb ha (Tbb ) + ṁf,nb hf (Tbb ) + ṁb hb (Tbb )

(4.78)

Considering the energy terms presented in Figure 4.15, the general energy balance is expressed as:
X
ṁh = ṁa hint + ṁf hf − (ṁa + ṁf − ṁbb )hexh − ṁbb hbb =
X
= Nb +
Q̇
(4.79)
Taking into account the decomposition presented in Equations (4.77)
and (4.78), and by replacing in Equation (4.79), the following expression is
obtained:
X
bb
exh
bb
ṁh = (ṁexh
a,nb + ṁa,nb )ha (Tint ) + (ṁa,b + ṁa,b )ha (Tint )+
bb
exh
bb
+ (ṁexh
f,nb + ṁf,nb )hf (Tf ) + (ṁf,b + ṁf,b )hf (Tf )−
exh
exh
− ṁexh
a,nb ha (Texh ) − ṁf,nb hf (Texh ) − ṁb hb (Texh )−
bb
bb
− ṁbb
a,nb ha (Tbb ) − ṁf,nb hf (Tbb ) − ṁb hb (Tbb ) =
X
= Nb +
Q̇

(4.80)

From the analysis of Equation 4.80, some terms can be identified. On
the one hand, the variation of the sensible enthalpy of the species that do not
participate in the combustion:
bb
bb
exh
(ṁexh
a,nb + ṁa,nb )ha (Tint ) + (ṁf,nb + ṁf,nb )hf (Tf )−
exh
bb
bb
− ṁexh
a,nb ha (Texh ) − ṁf,nb hf (Texh ) − ṁa,nb ha (Tbb ) − ṁf,nb hf (Tbb ) =
exh
= − ṁexh
a,nb [ha (Texh ) − ha (Tint )] − ṁf,nb [hf (Texh ) − hf (Tf )] −
bb
− ṁbb
a,nb [ha (Tbb ) − ha (Tint )] − ṁf,nb [hf (Tbb ) − hf (Tf )] =
 sens

sens
= − ṁexh
(Texh ) − hsens
(Tint )] − ṁexh
(Texh ) − hsens
(Tf ) −
a
a,nb [ha
f,nb hf
f
 sens

sens
− ṁbb
(Tbb ) − hsens
(Tint )] − ṁbb
(Tbb ) − hsens
(Tf ) =
a
a,nb [ha
f,nb hf
f
exh
bb
= − Ḣnb
− Ḣnb

(4.81)
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exh and Ḣ bb the sensible enthalpy flows going out by the exhaust and
being Ḣnb
nb
blow-by.

On the other hand, the remaining terms correspond to the species that
participate in the stoichiometric combustion:
bb
exh
bb
(ṁexh
a,b + ṁa,b )ha (Tint ) + (ṁf,b + ṁf,b )hf (Tf )−
bb
− ṁexh
b hb (Texh ) − ṁb hb (Tbb ) =
bb
0
exh
bb
sens
= (ṁexh
(Tint )+
a,b + ṁa,b )ha (T0 ) + (ṁa,b + ṁa,b )ha
bb
0
exh
bb
sens
+ (ṁexh
(Tf )−
f,b + ṁf,b )hf (T0 ) + (ṁf,b + ṁf,b )hf
0
exh sens
0
bb sens
− ṁexh
(Texh ) − ṁbb
(Tbb )
b hb (T0 ) − ṁb hb
b hb (T0 ) − ṁb hb

(4.82)

(Tbb ) are the burned gas enthalpy of for(Texh ) and hsens
where h0b (T0 ), hsens
b
b
mation and the sensible enthalpy increase of the burned products from the
standard conditions to Texh and Tbb respectively.
In Equation (4.82), two terms can be identified:
• The energy released during combustion:
bb 0
exh 0
0
bb
0
exh
bb
(ṁexh
a,b + ṁa,b )ha (T0 ) + (ṁf,b + ṁf,b )hf (T0 ) − ṁb hb (T0 ) − mb hb (T0 ) =

= ṁa,b h0a (T0 ) + ṁf,b h0f (T0 ) − ṁb h0b (T0 ) =

 0
Fs + 1 0
ha (T0 )
0
+ hf (T0 ) −
hb (T0 ) = ṁf,b Hv
= ṁf,b
Fs
Fs

(4.83)

• The variation of the sensible enthalpy of the species that are taking part
on the stoichiometric combustion:
sens
bb
sens
bb
(Tf )−
(ṁexh
(Tint ) + (ṁexh
f,b + ṁf,b )hf
a,b + ṁa,b )ha
sens
sens
(Tbb ) =
− ṁexh
(Texh ) − ṁbb
b hb
b hb


hsens
(Tint )
a
exh Fs + 1 sens
sens
= − ṁf,b
hb (Texh ) −
− hf (Tf ) −
Fs
Fs


Fs + 1 sens
hsens
(Tint )
a
bb
sens
− ṁf,b
hb (Tbb ) −
− hf (Tf ) =
Fs
Fs

= − Ḣbexh − Ḣbbb

(4.84)
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where Ḣbexh and Ḣbbb are the sensible enthalpy flows of the stoichiometric
burned gases going out by the exhaust and blow-by.
Taking into account Equations (4.81) and (4.84), it is possible to obtain
the net sensible enthalpy flow of the engine (Ḣg ) as:
exh
bb
Ḣg = (Ḣnb
+ Ḣbexh ) + (Ḣnb
+ Ḣbbb ) =
sens
= (ṁa + ṁf − ṁbb )hsens
exh (Texh ) + ṁbb hbb (Tbb )−

− ṁa hsens
(Tint ) − ṁf hsens
(Tf )
a
f

(4.85)

Taking into account that some part of the intake air and the injected
fuel goes out by the exhaust or as blow-by, the last term of Equation (4.85)
can be written as:
(Tf ) =
ṁa hsens
(Tint ) + ṁf hsens
a
f
sens
sens
(Tint ) =
+ ṁbb
= (ṁexh
+ ṁbb
(Tint ) + (ṁexh
a
a )ha
f )hf
f
sens
sens
sens
sens
(Tf ) (4.86)
(Tf ) + ṁbb
(Tint ) + ṁbb
= ṁexh
(Tint ) + ṁexh
a ha
a ha
f hf
f hf

and by replacing in Equation (4.85), two terms can be identified:
• The net sensible enthalpy flow at exhaust (Ḣgexh ):
exh
+ Ḣbexh =
Ḣgexh = Ḣnb
sens
exh sens
(Tf )
(Tint ) − ṁexh
= (ṁa + ṁf − ṁbb )hsens
f hf
exh (Texh ) − ṁa ha
(4.87)

• The net sensible enthalpy flow of blow-by (Ḣgbb ):
bb
+ Ḣbbb =
Ḣgbb = Ḣnb
bb sens
sens
(Tf )
= ṁbb hexh
(Tint ) − ṁbb
f hf
bb (Tbb ) − ṁa ha

(4.88)

Taking into account Equations (4.81), (4.83), (4.84) and (4.85), the
Equation (4.80) can be rewritten as:


X
exh
bb
ṁh = ṁf,b Hv − Ḣnb
+ Ḣbexh + Ḣnb
+ Ḣbbb =
= ṁf,b Hv − Ḣg =
X
= Nb +
Q̇

(4.89)
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being
Ḣg = Ḣgexh + Ḣgbb

(4.90)

where the sensible enthalpies of the exhaust gases and blow-by are obtained
as:
exh sens
exh sens
hexh (Texh ) = Ya,nb
ha (Texh ) + Yf,nb
hf (Texh ) + Ybexh hsens
(Texh )
b

(4.91)

bb
bb
hbb (Tbb ) = Ya,nb
hsens
(Tbb ) + Yf,nb
hsens
(Tbb ) + Ybbb hsens
(Tbb )
a
f
b

(4.92)

Equation (4.89) shows how the addition of the enthalpy flows at the
intake and exhaust can be expressed as the difference between the energy released (ṁf,b Hv ) and the exhaust (Ḣgexh ) and blow-by (Ḣgbb ) sensible enthalpies.
In Equation (4.89), the total input fuel energy (ṁf Hv ) can be considered
instead of ṁf,b Hv , taking into account the incomplete combustion enthalpy
(Ḣic ) as:
Ḣic = ṁf Hv − ṁf,b Hv

(4.93)

thus:
X

ṁh = ṁf,b Hv − Ḣg =
= ṁf Hv − Ḣg − Ḣic =
X
= Nb +
Q̇

(4.94)

where Ḣic can be expressed in terms of incomplete combustion enthalpies at
exh ) and blow-by (Ḣ bb )19 as:
exhaust (Ḣic
ic
bb
exh
bb
Ḣic = ṁf,ic Hv = (ṁexh
f,nb + ṁf,nb )Hv = Ḣic + Ḣic

(4.95)

Equation (4.94) indicates that the addition of the enthalpy flows equals
the total input fuel energy minus the net sensible exhaust and blow-by enthalpies, and the enthalpy flow due to incomplete combustion. Taking into
account Equation (4.90), Equation (4.94) can be rearranged as:
19

bb
Ḣnb
can be neglected except in particular operating conditions in which blow-by mass
is important such as cold-start.
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X

Q̇ + Ḣgexh + Ḣgbb + Ḣic

163

(4.96)

This expression of the energy balance in the engine is assumed for convenience, being equivalent to Equation (4.1) and coherent with Figures 4.1,
4.2 and 4.3.
Note that in the rest of this work, particularly from Equation (4.1), the
net sensible exhaust enthalpy (equivalent to Ḣgexh ) is called Ḣg,ex . Similarly,
the net sensible enthalpy of blow-by (that is Ḣgbb ) is called Ḣbb . These variables
are renamed to simplify the nomenclature and use only subscripts.
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Sensible enthalpy flows
QEGR
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Figure 4.16. Detail of the gas lines near the combustion chamber.

As explained in Section 4.2.1, Ḣg,ex is defined as the enthalpy variation
between points 0 and 4 of Figure 4.16. As can be seen, Ḣg,ex can be divided
into three paths: the first corresponds to the enthalpy variation from ambient
to intercooler outlet (Ḣ2,0 ), the second from intercooler outlet to turbine inlet,
which is defined as internal net sensible flow of sensible enthalpy (Ḣ30 ,2 =
Ḣg,in ), and the third from turbine inlet to exhaust outlet (Ḣ4,30 ):
Ḣg,ex = Ḣ2,0 + Ḣg,in + Ḣ4,30

(4.97)

where Ḣ2,0 can be written in terms of the energy variations in the intake line:
Ḣ2,0 = ṁa (h2 − h0 )
= Nturbo − Q̇a

(4.98)

and similarly, Ḣ4,30 is expressed in terms of the enthalpy variations in the
exhaust:
Ḣ4,30 = (ṁa + ṁf − ṁbb ) h4 − (ṁa + ṁf − ṁbb ) h30
= (ṁa + ṁf − ṁbb ) (h4 − h30 )
= −Nturbo − Q̇ext,turbo − Q̇turbo

(4.99)
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To determine Ḣg,in , it is necessary to analyse the intake and exhaust
manifolds (points 2 to 3’ of Figure 4.16). Therefore, Ḣg,in can be calculated
as:
Ḣg,in = Ḣ30 ,2
= (ṁa + ṁf − ṁbb ) h30 − ṁa h2 − ṁf hf

(4.100)

Through the analysis of the mixture process in the intake manifold, the
following expression can be written:
ṁa h2 + ṁEGR h20 = (ṁa + ṁEGR ) h200
ṁa h2 = (ṁa + ṁEGR ) h200 − ṁEGR h20

(4.101)

and in the case of the exhaust manifold:
(ṁa + ṁf + ṁEGR − ṁbb ) h3 = (ṁa + ṁf − ṁbb ) h30 +
+ ṁEGR h300 + Q̇ext,man
(ṁa + ṁf − ṁbb ) h30 = (ṁa + ṁf + ṁEGR − ṁbb ) h3 −
− ṁEGR h300 − Q̇ext,man

(4.102)

By replacing Equations (4.101) and (4.102) in (4.100), the following
expression is obtained:
Ḣg,in = (ṁa + ṁf + ṁEGR − ṁbb ) h3 − ṁEGR h300 − Q̇ext,man −
− (ṁa + ṁEGR ) h200 + ṁEGR h20 − ṁf hf

(4.103)

where two terms can be identified:
– The heat rejection in the EGR cooler:
−Q̇EGR = ṁEGR (h20 − h300 )
– The net flow of sensible enthalpy at ports (Ḣg,ports ) between points 2”
and 3:
Ḣg,ports = (ṁa + ṁf + ṁEGR − ṁbb ) h3 − (ṁa + ṁEGR ) h200 − ṁf hf
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Taking these terms into consideration, Equation (4.103) is finally expressed as:
Ḣg,in = Ḣg,ports − Q̇EGR − Q̇ext,man

(4.104)

Replacing Equations (4.98), (4.99) and (4.104) in Equation (4.97), the
relationship between Ḣg,ex and Ḣg,ports can be correlated as a function of the
GEB terms as shown in Equation (4.105). This relationship is interesting to
define the total heat transfer as presented in Section 4.3.1.
Ḣg,ex = Ḣg,ports − Q̇a − Q̇EGR − Q̇turbo − Q̇ext,turbo − Q̇ext,man

(4.105)

Finally, the relationship between Ḣg,ex and Ḣg,in can be obtained by
combining Equations (4.104) and (4.105) as:
Ḣg,ex = Ḣg,in − Q̇a − Q̇turbo − Q̇ext,turbo

(4.106)
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Introduction

As commented in Chapter 4, some sub-models are required to perform
the IGEB. Therefore, this chapter is addressed, on the one hand, to upgrade
the reference sub-models, and on the other hand, to the development of new
ones. A brief description of the models presented in this chapter is then
provided:
– Due to the different features between the engines used in this work, it
is necessary to account with suitable correlations to calculate the heat
transfer to chamber for each one. As Engine A is a conventional TDI
engine, the reference HT model presented in Chapter 3.3.6.1 is accurate
enough; however, Engine B is a research engine, design to generate high
tumble motion within the chamber. For this reason, a HT model that
accounts for this motion is developed based on CFD studies and skip-fire
tests.
– As will be discussed, the HT in the exhaust port during the open cycle
is relevant for the GEB, for this reason, a dedicated model to determine
the HT to ports, paying special attention to the HT to exhaust ports
during the open cycle, is developed.
– As mentioned in Chapter 4.3, there is some HT between coolant and oil.
The experimental determination is complex since it occurs between the
coolant and oil circuits and the walls. For this reason, a simplified model
to determine this term is presented.
– As the determination of the in-cylinder processes are affected for some
uncertainties regarding the engine-installation, i.e. the compression ratio, the heat transfer, the TDC position, the engine mechanism deformation and the pegging pressure, a methodology to adjust them together
based on multiple linear regression is proposed.
– The determination of HT to coolant and oil requires detailed friction and
auxiliary losses estimation. For this reason, several models are proposed
to determine these terms in different types of engines.
Along with the description of each sub-model, some results regarding
their calibration are provided. The specific methodologies followed for their
calibration in the engines used in this work are included in Chapter 6.
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Heat transfer model improvement
Heat transfer model for engines with tumble motion

In this section, the comprehensive description of a semi-empirical HT
model, which takes into account the tumble motion pattern in the combustion
chamber is presented. The model was developed following three main stages
as shown in Figure 5.1. Following, a description of each step is presented:

1. Theoretical analysis

Literary review of measured and simulated
gas velocity in engines with tumble
CFD modelling
Tumble phenomena analysis

2. Model development

Semi-empirical model proposal
based on CFD results
Model input parameters and calibration
constants definition

3. Model calibration

Fitting constants calibration with skip-fire test
Comparison between the experimental HT,
the original Woschni model and the
proposed model
Sensitivity study to assess
the model robustness

Figure 5.1. Heat transfer model development methodology.

1. Theoretical analysis: a well-grounding model requires a first deep
understanding of the phenomena involved, and thus a comprehensive
literature review regarding the tumble generation and dissipation processes, and the influence of the geometrical and operating parameters
was carried out. In order to analyse the instantaneous gas evolution in
the specific engine under investigation, CFD simulations of the complete
skip-fire cycle were used. The results are discussed in detail with the aim
of identifying the operating parameters that must be taken into account
by the model.
2. Model development: starting from the CFD results, a semi-empirical
model able to reproduce the gas velocity dissipation was developed. The
model must be suitable for combustion diagnosis, and hence it considers
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the main mechanisms involved in the tumble generation (geometry and
operating conditions), but is still simple and keeps low computational
cost in terms of power and time. The input parameters required consist
mainly of those mean values generally acquired in a test bench.
3. Model calibration: this stage was carried out based on skip-fire measurements, which consist of skipping the injection of one cycle, thus
obtaining a motoring measurement with the air management of a conventional combustion. The calibration focuses on the determination of
the fitting constant values, with the objective of reducing the difference
between the experimental and modelled HT. The skip-fire tests are used
instead of motoring measurements to reproduce a realistic intake process
in Engine B, being this specially important to ensure the scavenging
process in two-stroke engines [1, 2], and also to get the same thermodynamic properties (pressure, temperature and gas composition) in the
chamber during the compression stroke, and similar wall temperature in
comparison with those of a conventional combustion, being this critical
for the HT process.
Once the model is calibrated, it is compared with the model for swirl
motion included in CALMEC, which was described in Chapter 3.3.6.1.
The objective is to asses the effect of the tumble gas velocity evolution
on the HT. Finally, a sensitivity study is carried out with the objective
of evaluating the model robustness against the effects of possible experimental and calibration uncertainties, being this information important
when the model is transferred to different engines.
5.2.1.1

Tumble formation, evolution and dissipation

The determination of the specific generation and dissipation timing as
well as the mechanisms that enhance or reduce the vortex formation requires
dedicated experimental techniques [3, 4] or CFD simulations [5, 6]. Moreover,
the tumble characteristics depend on the engine geometry and the operating
conditions; however, there is a general agreement regarding the main process.
The vortex formation starts few crank angle degrees after the IVO, when
the air enters the chamber at high speed. Due to the combustion chamber
geometry, the air is forced to sweep the wall and tries to form a small vortex;
however, at this stage the piston is in the proximities of the TDC and the small
size of the combustion chamber is not enough to allow the vortex formation. In
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the early intake process (scavenging process in two-stroke engines), both intake
and exhaust valves are simultaneously opened, thus some air is short-circuited
as shown in Figure 5.2a, which also goes in detriment of the tumble generation.
Figure 5.2b shows how during the intake stroke a small vortex is generated and
continuously accelerated thanks to the angular moment added by the incoming
air. This process lasts until the IVC, as shown in Figure 5.2c. The completely
developed vortex is then accelerated along the compression stroke as a result
of the angular momentum conservation (since the vortex radius decreases). At
some stage of the compression stroke, the tumble is completely dissipated by
the effect of friction with the wall and the increasingly smaller vortex radius,
which forces the formation of turbulent microstructures as depicted in Figure
5.2d.

Figure 5.2. Tumble evolution scheme.

Regardless the specific application, the gas movement inside the chamber has a major importance in the HT coefficient calculation since the high
rotational speed increases the HT before the TDC. Once the tumble dissipates, the resulting high turbulence still contributes in a smaller extent to the
HT, extending the gas velocity influence several degrees after the TDC. It is
interesting to highlight that, contrary to the tumble, the swirl is considered
to be accelerated in the compression stroke, and decelerated similarly in the
expansion stroke, resulting in a symmetrical effect on the HT. Thus, the swirl
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model included in CALMEC is not suitable to accurately determine the effect
of the gas velocity on the HT, when engines with tumble motion are evaluated.
Therefore, a model that considers the instantaneous evolution of the spatially
averaged gas velocity is necessary, taking into account the previous discussed
characteristics. This objective is achieved in this work based on simplifications
of the more complex 3D phenomena described in the next section.
5.2.1.2

CFD analysis

The computational model was built in the CONVERGE CFD platform.
Full coupled open and closed cycle computations using the full intake/exhaust
and cylinder geometries were carried out since the combustion chamber is nonsymmetric. The computational domain at the intake valve closing angle (IVC)
is shown in the left plot from Figure 5.3. The CFD code uses a structured
Cartesian grid with base cell size of 3 mm. Three additional grid refinements
linked to flow velocity and temperature were performed by means of an adaptive mesh refinement as well as a fixed three level refinement within the spray
region.

Figure 5.3. Sketch of the cylinder head designed for the 2-stroke engine architecture
(Patent Renault FR2931880).

The injection rate profile was generated from the experimental database
available after the injector characterization (mass flow rate and spray momentum flux) performed in dedicated test rigs. The diesel injection is simulated
by the standard droplet discrete model. Diesel fuel physical properties are
defined using Diesel 2 as surrogate. Spray atomization and break-up are simulated by means of the KH-RT model. Turbulent flow is modelled by means
of the RNG k − ε model with wall-functions to account for wall heat transfer.
The combustion chamber wall temperatures are calculated by means of the

176

Chap.5 Sub-models development and improvement

lumped conductance model described in Chapter 3.3.6.2. The size of each
node was set to ensure that Biot number of each element is lower than 0.1.
To set the boundary conditions for CFD calculation, the combustion chamber is divided in three parts (liner, fire deck and piston) and the mean wall
temperature of each part is calculated by weighting the nodes temperature
with the area in contact with the gas. Concerning combustion modelling, a
direct integration of detailed chemistry approach was used by means of the
CONVERGE code and the SAGE solver. Finally, the chemical properties of
Diesel fuel are defined using n-heptane as surrogate.
The set-up and validation of the CFD model was performed at the reference case (see Figure 5.4) operating in CDC. The quality of the model was
evaluated by comparing its combustion and emissions results with those obtained experimentally in the engine as presented in Table 5.1. Figure 5.4
shows the comparison between the CFD and experimental cylinder pressure
and RoHR profiles. The CFD model performance is considered enough to be
used for evaluating the gas flow motion within the chamber and the HT from
the gas to the combustion chamber walls.
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Figure 5.4. CFD Validation.

The main flow pattern in the cylinder in terms of the gas speed is shown
in Figure 5.5. The patterns presented correspond to the same diametrical view
but different instants during the intake stroke, starting close to the BDC until
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CFD
CO
soot
HC
N Ox

2,2017
0,0565
0,0032
5,4780
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Experiment

mg/s
mg/s
mg/s
mg/s

3,7500
0,0670
0,3000
5,9000

mg/s
mg/s
mg/s
mg/s

Table 5.1. CFD emissions validation.

reaching the IVC. In the view plane, the intake and exhaust ports are aligned,
thus allowing the best outline of the intake process. Figure 5.5a confirms
how at the beginning of the intake process the air flows into the chamber at
high speed. A clear vortex is still not defined but a small rotary structure
is observed close to the intake port. After some crank angle degrees (Figure
5.5b), a main rotary structure is evident close to the upper centre of the
cylinder, being slightly higher when the exhaust port is closed (Figure 5.5c).
In Figure 5.5d, when the IVC is reached, the vortex is completely formed and
the speed vectors are slightly lower than in the previous time step, this is
explained by the end of the intake process and the energy loss due to friction
between the gas and the cylinder walls.
The average tumble ratio (TR) is presented in Figure 5.6, where the X-Y
plane (defined in Figure 5.2a) is sketched. Results obtained confirm how the
TR in the Z-Y plane and the swirl ratio (SR) in the X-Z plane are negligible.
Figure 5.6 shows that the tumble formation begins in the piston upward stroke
about -175◦ ATDC, reaching its maximum around -130◦ ATDC (before the
IVC). It means that the tumble dissipation starts in the compression stroke,
which is in accordance with that found in the literature [3]. As observed in
Figure 5.6, the tumble is dissipated close to TDC.
To understand the TR effect, the model to estimate the HT coefficient
presented in Chapter 3.3.6.1 is rewritten in Equation (5.1):
h = C Db−1 pb T 0.75−1.62b vgb

(5.1)

where the gas velocity (vg ) is determined as:

vg = Cw1 cm + Cw2 cu + C2

Vd TIVC
(p − p0 )
VIVC pIVC

(5.2)

178

Chap.5 Sub-models development and improvement

a)

Exhaust

Intake

b)

Exhaust

c)

Exhaust

Intake

d)

Exhaust

Intake

Intake

Figure 5.5. CFD in-cylinder gas speed evolution. a)-174 ◦ ATDC, b)-132 ◦ ATDC,
c)-116 ◦ ATDC, d)-93 ◦ ATDC (IVC).

Note that higher TR boosts the HT from the gases to the walls by increasing the value of the gas velocity in Equation (5.1). In Figure 5.7, the HT
obtained with CFD simulations (Q̇CFD ) is presented, along with a HT calculated accounting only for the piston speed term (Q̇cm ), but neither swirl nor
tumble. Q̇cm is calculated by adjusting the constant Cw1 of Equation (5.2) in
order to fit Q̇cm to Q̇CFD during the expansion stroke (keeping cu = 0). This
step was performed to assess the effect of the vortex (swirl or tumble) on the
HT, by determining the spatially averaged gas velocity. The CFD spatially averaged gas velocity (vCFD ) presented in Figure 5.7 is the velocity generated by
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Figure 5.6. Tumble ratio evolution in a perpendicular plane of the cylinder axis.

the tumble vortex. It is calculated from a HT coefficient h0 obtained from the
difference between Q̇CFD and Q̇cm as presented in Equation (5.3), then vCFD
is obtained by combining Equations (5.3) and (5.1) as presented in Equation
(5.4). It is interesting to notice how the vCFD presented in Figure 5.7 becomes
zero near to 30◦ ATDC, although the tumble has been completely dissipated.
This can be explained by the turbulence generated as result of the tumble
destruction, which has an important effect in the HT coefficient since it occurs in the proximities of the TDC, where the in-cylinder pressure and the
temperature difference between gas and walls are the highest.
h0 =

Q̇CFD − Q̇cm
A ∆T

s
vCFD =

0.8

C

D−0.2

h0
p0.8 T −0.55

(5.3)

(5.4)

The results obtained from the CFD model regarding the description of
the shape of vCFD , allow the development of a HT model that accounts for the
instantaneous tumble velocity characteristics. The HT model proposed in this
work is detailed described in the following section.
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Figure 5.7. CFD HT and tumble gas velocity.

5.2.1.3

Model adaptation

The last term in Equation (5.1) corresponds to the gas velocity vg , it is
replaced by a gas velocity vg,t , which is assumed to be dependent on the mean
piston speed cm , the gas velocity due to tumble ct and a velocity term due to
combustion as follows:
vg,t = Ct1 cm + Ct2 ct + C2

Vd TIVC
(p − p0 )
VIVC pIVC

(5.5)

where Ct1 , Ct2 and C2 are proportionality constants.
As can be observed, first and last terms of Equation (5.5) are the same
as in the reference model for swirl (Equation (3.26)); however, the second term
was replaced to specially account for the tumble. Thus, ct is assumed to be:
ct = v̄m fw

(5.6)

where v̄m is a characteristic gas mean velocity during the intake process and
fw is a dissipation function for the tumble gas velocity.
Starting from the results obtained for the gas velocity in the CFD simulations, it was found that an exponential Wiebe-like function (Equation (5.7))
suitably follows the trend observed for the tumble gas velocity.
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α−α0 m
)
f −α0

a( α

(5.7)

where fw is a S-shape function, with values between 0 and 1, m is a fitting
constant used to adjust the shape, α is the crank angle, α0 and αf are angles
related to the begin and the end of the gas velocity dissipation process, and
a = −6.907 is a constant value adjusted to ensure a vg,t dissipation of 99.9%
at α = αf .
The mean gas velocity during the intake process v̄m can be determined
by means of the mean tumble ratio of the engine (MTR), which is defined as:
MTR =

60 ωt
2π n

(5.8)

where ωt is the vortex angular speed in rad/s and n is the engine speed in
rev/min. Assuming a vortex radius equals to the cylinder radius (D/2), v̄m
can be determined as:
v̄m =

π n MTR D
60

(5.9)

To determine the mean tumble ratio of the engine, a prior calibration of
the air flow during the intake is required, either by measuring in a flow test rig
or by means of CFD modelling. As this information is not always available an
alternative process to determine v̄m is proposed. Considering the parameters
that can affect the vortex formation, the mean gas velocity during the intake
process v̄m was defined as:
v̄m =

360 ηtr ṁa
Aef f ρ̄a ∆αIVO−IVC

(5.10)

Equation (5.10) takes into account the air mass going into the cylinder
(ṁa ), the intake process duration (∆αIVO−IVC ), the mean air density during the
intake process (ρ̄a ), the trapping efficiency1 (ηtr ) and the effective intake valve
area (Aef f ). ρ̄a was calculated considering a mean gas in-cylinder temperature
T̄cyl,int , estimated assuming an isentropic process between the intake and the
in-cylinder mean pressures as follows:
1

The experimental determination of the trapping efficiency was presented in Chapter
3.2.2.1.
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T̄cyl,int = T̄int

p̄cyl,int
p̄int

 γ−1
γ

(5.11)

being T̄int and p̄int the mean temperature and pressure at the intake settling
chamber, p̄cyl,int the mean in-cylinder pressure during the intake process and
γ the adiabatic gas constant. Finally, the instantaneous gas velocity vg,t is
defined in Equation (5.12), which was determined by combining Equations
(5.5), (5.6), (5.7) and (5.10).

vg,t (α) = Ct1 cm + Ct2 v̄m exp

5.2.1.4

α−α0 m
)
f −α0

−6.907( α

+ C2

Vd TIV C
(p − p0 ) (5.12)
VIV C pIV C

Model calibration

The model calibration was carried out on the basis of reducing the difference between the experimental HT calculated from polytropic exponent (Q̇n )
and the modelled one, following the methodology explained in Section 5.3 and
using skip-fire test, thus, the last term of Equation (5.12) that accounts for
the combustion effect on HT was not included (C2 = 0). Therefore, the calibration consisted on the determination of the function shape parameters (i.e.
α0 , α1 and m) and the proportionality constants (i.e. Ct1 and Ct2 in Equation
5.12). Since the increase of variables to be adjusted could result in undesired
behaviour and non-convergence [7], a constant ratio rt = Ct1 /Ct2 was defined
to assure the model stability and generality.
As mentioned, the model calibration was made on a set of skip-fire tests,
whose main operating conditions are presented in Table 5.2. This experimental
work consist on a sweep of engine speed and ∆p, this last defined as pint − pexh
in Engine B.
The final adjusted values obtained from the calibration in Engine B
are presented in Table 5.3.
The comparison between CFD and model gas velocities is presented in
Figure 5.8 along with the resulting heat transfer of an operating point at
1500 rpm and ∆p of 400 mbar. As can be seen, the velocities are in good
agreement, being remarkable how the model follows the trend observed in the
CFD simulation. However, there are some differences between the gas velocity
obtained from the CFD and the model, mainly due to the adjustment criterion
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Speed
[rpm]
1200
1200
1200
1500
1500
1500
1800
1800
1800
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∆p*
[ mbar ]

Air mass flow rate
[g/s]

ηtr
[%]

300
400
500
300
400
500
300
400
500

7.4
10.1
12.2
9.6
11.0
13.4
8.7
11.4
14.7

69
72
84
78
79
79
80
84
85

*∆p is defined as pint − pexh in Engine B.
Table 5.2. Skip-fire test measured.

Parameter
m
a
α0
αf
Ct1
Ct2
rt

Value
6
-6.907
-34.15◦ ATDC
14.9◦ ATDC
1.05
0.53
2

Table 5.3. Model adjusted parameters.

that is based on the reduction of the HT difference instead of that of the gas
velocity itself. This criterion is reasonable because the final objective is to
accurately calculate the HT; therefore the HT adjustment observed in Figure
5.8 is better than that obtained for the gas velocity.
To allow a fair comparison between the experimental HT (Q̇n ), the HT
obtained with the proposed model (Q̇t ) and the reference Woschni model (Q̇w ),
this last one was also calibrated for the engine tested through the adjustment
of the constants Cw1 and Cw2 of Equation (3.26). In Figure 5.9, the HT
obtained with each model in a speed sweep with a fixed ∆p of 400 mbar are
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Figure 5.8. Gas velocity and HT comparison between CFD and model results at
1500 rpm and 400 mbar.

shown. It is evident that Q̇t fits better with Q̇n than Q̇w ; therefore, some
qualitative and quantitative remarks can be underlined:
• Low discrepancy is observed between the instantaneous evolution of Q̇n
and Q̇t , which indicates that in the studied cases, vg,t accounts well
for the spatially averaged gas velocity. The good agreement between the
maximum Q̇n and Q̇t observed in Figure 5.9 indicates that v̄m can retain
the information regarding the operating condition variations. Moreover,
the Ct2 value close to 1 (see Table 5.3) indicates that v̄m is also representative of the maximum gas velocity in the combustion chamber.
• In motoring tests, the swirl-model used in Equation (3.26) assumes that
the vortex is accelerated in the compression stroke, and since no friction between gas and walls is considered, the vortex is symmetrically
decelerated in the expansion stroke. Therefore, Q̇w is almost symmetric
with respect to the TDC, having its maximum value few degrees before TDC. The slight asymmetry of Q̇w is caused by the effect of the
higher pressure and temperature before the TDC in the HT estimation
(see Equation (3.25)). In the case of Q̇t , the maximum value is reached
about -12◦ ATDC, which is more reasonable considering the mechanism
of the tumble dissipation explained in Section 5.2.1.1.
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Figure 5.9. Heat transfer comparison (speed sweep and ∆p = 400 mbar).

• The RMSE of the complete experimental matrix is included in Table
5.4. It is observed how the uncertainty of Q̇t is remarkably lower than
that of Q̇w in all the cases, showing an average improvement of about
70%. This corroborates the better performance of the proposed model
in all the operating range. In the particular case of 1800 rpm and ∆p
of 500 mbar, the uncertainty reduction of Q̇t is lower than in the rest
of the operating points (being about 40%), this is probably due to the
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higher experimental uncertainty at this operating condition, since this
point shows the highest noise-to-signal ratio.
Speed
[rpm]

∆p
[mbar]

Qw RMSE
[J/◦ ]

Qt RMSE
[J/◦ ]

Improvement
[%]

1200
1200
1200
1500
1500
1500
1800
1800
1800

300
400
500
300
400
500
300
400
500

0.30
0.33
0.38
0.31
0.30
0.31
0.28
0.28
0.31

0.09
0.08
0.10
0.08
0.07
0.12
0.05
0.08
0.18

70
77
74
75
76
61
82
72
41

Table 5.4. RMSE of the HT computation by using the Woschni model and the
proposed model.

5.2.1.5

Sensitivity analysis

In order to determine the robustness of the proposed model due to uncertainties of the parameters involved in Equation (5.5), a sensitivity study
of the most relevant variables is performed. This study is interesting if the
model is applied in different engines, since obtaining the input variables required is not always possible. In this sense, knowing the key parameters allows
performing properly assumptions and simplifications to obtain reliable results.
Equation (5.5) indicates that the parameters affecting the gas velocity
in motoring conditions are the calibration constants (Ct1 and Ct2 ), the characteristic gas velocity (v̄m ) and the exponential function (fw ). By observing
Equation (5.10), it can be concluded that the product ηtr ṁa is the only uncertainty affecting v̄m , considering that Aef f and ∆αIVO−IVC are defined by the
engine geometry, meanwhile ṁa is subject of experimental uncertainty and ηtr
is not usually measured. Regarding fw , Equation (5.7) shows that the constant
a is mathematically settled, therefore only the exponent m and the angles α0
and αf can vary. It is important to remark that these three parameters cannot
be simultaneously adjusted, since a different exponent would lead to different
α0 and αf ; therefore, in this study the exponent m was kept constant and

5.2 Heat transfer model improvement

187

only the angles were varied. A sensitivity study was carried out to determine
the variation of ηtr ṁa , α0 and αf that produces a given uncertainty in the
HT computation. Each parameter is swept to produce maximum variations
of ±20% in the accumulated HT, with steps of ±5%.
The results presented in Figure 5.10 indicate that the term ηtr ṁa has a
linear effect, and a variation of 1.4% in ηtr ṁa results in a variation of 1% in Qt .
αf shows also a linear trend, and a variation of 0.5◦ produces an uncertainty
of 1% in Qt , so the model is very sensitive to this parameter and it should
be carefully calibrated. Finally α0 has a different behaviour depending on its
value: advancing α0 about 1.5◦ results in a reduction of Qt about 1% (being
this trend linear); however, delaying α0 leads to a non-linear tend, thus a
variation of 14◦ leads to the maximum Qt uncertainty of 5%, whilst a higher
delay of α0 yields to lower Qt uncertainty. This behaviour is explained by the
instantaneous evolution of Q̇t which is discussed later.
30
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Figure 5.10. Sensitivity analysis.

To analyse the instantaneous effect of each parameter on Q̇t , a reference
well-adjusted test at 1200 rpm and ∆p 400 mbar is compared with the HT
resulting by considering the uncertainties analysed in the previous paragraph.
The results shown in Figure 5.11 correspond to variations of ±10% on Qt
except in the case of delaying α0 , where the maximum uncertainty in Qt is
5%. Q̇w is also presented in Figure 5.11 with the objective of highlighting
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how, in spite of the parameters variation, the qualitative fit of the proposed
model is always better than the reference Woschni model. Some remarkable
effects on the instantaneous HT profile are:
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Figure 5.11. HT sensitivity at 1200 rpm and ∆p = 400 mbar.

• Positive or negative variations of ηtr ṁa affect directly the maximum HT
reached, being the instantaneous difference more evident between -30◦
ATDC and 20◦ ATDC.
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• Advancing α0 has a moderate effect on the HT shape, while its effect on
the maximum HT is higher. It is interesting to notice how advancing
α0 results in slightly more HT in the early compression stroke. It is
explained because the model considers a slightly higher tumble during
this phase; however, at the beginning of compression, the pressure and
temperature of the chamber are low, thus the global effect on the HT is
small. Since the tumble dissipation starts earlier, a lower HT is observed
in the proximities of the TDC, which is not compensated by the small
increase at the beginning of the compression stroke so the accumulated
HT decreases.
• Delaying α0 has a major effect on the HT shape, reducing significantly
the HT at the beginning of the compression stroke and increasing the HT
close to the TDC. This HT increment close to the TDC is compensated
by the reduction at the beginning of compression, thus the HT change
is limited (about 5%) as can be seen in the Figure 5.10. In spite of this
moderate uncertainty, the main issue of delaying α0 is the deformation
of the Q̇t , which results in higher HT peaks but abnormally low HT in
the compression stroke.
• The effect of αf can be observed between the maximum HT peak and
the end of the tumble dissipation as can be seen in Figure 5.11. Delaying αf results in a longer dissipation process, and hence higher HT.
Consequently, advancing αf has the contrary trend. The shape of Q̇t is
moderately affected by the variation of this parameter, but due to the
cumulative effect on the mean HT, an accurate determination of αf is
important.
From this analysis, it can be concluded that the model is reliable enough
to be generally applied for engines with tumble, and it is robust against uncertainties of the parameters in reasonable ranges, performing better in both the
instantaneous evolution and the mean HT determination than the reference
HT model, which considers swirl.
5.2.1.6

Combustion analysis

As described, the model development and calibration have been performed using motoring cycles, obtained through the skip-fire method. However, the model was designed for being applied to combustion cycles, where
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proper combustion diagnosis and energy thermal characterization require accurate HT estimation. To assess the performance of the proposed model in
combustion, it is compared with the reference model in firing conditions. Figure 5.12, shows the HT and HR obtained with the reference and proposed
models. As combustion phenomena has not been considered in previous analysis, a final model adjustment is required to account for the effect of the
combustion evolution in the gas speed estimation. With this purpose, the
combustion constant C2 in Equations (3.26) and (5.12) was adjusted for both
models, in order to reach a maximum cumulative HR equal to the chemical
energy of the fuel (minor losses due to unburned products were neglected).
From the analysis of the HT and HR profiles, the following conclusions can be
highlighted:
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Figure 5.12. HT and HR in a combustion test at 1500 rpm and 3.6 bar of imep.

• The HR calculated with the reference HT model Q̇w (HRw ) shows a
negative slope during the compression stroke leading to negative values,
whilst the HR calculated with the proposed HT model Q̇t (HRt ) follows
a flat shape until the start of combustion (about -10◦ ATDC). As HR
stands for the chemical energy release during the combustion process,
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negative values have no physical meaning. The better performance of
HRt is attained by considering the tumble effect on the HT during compression, leading to high Q̇t as explained in section 5.2.1.4 and clearly
seen in Figure 5.12.
• During the fast combustion process (from -10◦ ATDC to TDC) there is
no clear difference between HRw and HRt ; however, in the final combustion stage taking place during the expansion stroke, HRw has a higher
slope than HRt . In CDC is common that only a small amount of residual
fuel remains unburned after the fast combustion stage since the injection
event enhances the fuel/air mixing, thus the proposed model behaves
better because it shows a flatter shape after 20-25◦ ATDC. This trend
can be explained taking into account that the tumble vortex is completely dissipated around TDC, and hence the combustion term has the
main role in the HT along the expansion. However, the velocity terms
of the reference model in Equation (3.26) lead to a symmetric evolution
of the HT with respect to the TDC (see Figure 5.9), having a relevant
weight after TDC and clearly overestimating the HT, and hence the HR,
during late combustion.
This example confirms the importance of accurately accounting for the
tumble motion in the HT estimation and how the proposed model definitely
improves the HR calculation. Both, HT and HR, will be conveniently used
in the methodology described in Section 5.3 for the convective HT model
adjustment in the chamber of Engine B. Thus, starting from an accurate
and validated model is mandatory.

5.2.2

Heat transfer to the ports

As presented in Chapter 4.2.2, the IGEB requires the determination of
the HT to the ports (Q̇ports ). This term can be about 30% of the total HT
losses and can reach values about 10%ṁf Hv [8]; therefore, having a reliable
estimation of Q̇ports is crucial for a proper GEB modelling. The specific energy
distribution to each element of the intake/exhaust ports is achieved thanks to
the lumped model described in Chapter 3.3.6.2; however, the main input of
this model is the HT from exhaust gases to the port walls that will be determined through a physical convective model. CALMEC and SiCiclo include a
simple model based on conventional convective correlations [9] that does not
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consider the instantaneous exhaust temperature variation, thus, the model has
to be improved to achieve higher sensitivity with this temperature. Thereby,
the proposal presented in this section takes into consideration the thermal
differences between intake/exhaust ports as well as in the open/closed cycles.
The HT from gases to the walls is mainly due to convection, thus the
Newton’s law of cooling can be used through prior determination of the heat
transfer coefficient, which can be obtained from a convective HT relationship
between Nusselt (Nu ), Reynolds (Re ) and Prandtl (P r) numbers as follows:
Nu = a Rem1 Prm2

(5.13)

where a, m1 and m2 are constant values and the Nu , Re and Pr are defined
as:
Nu =

h dv
k

(5.14)

Re =

dv v ρ
µ

(5.15)

Pr =

cp µ
k

(5.16)

being dv the valve diameter and h, k, v, ρ and µ the heat transfer coefficient, thermal conductivity, speed, density and viscosity of the gas respectively, which characterize its fluid and thermal properties. Note that the terms
involved in Equations (5.14) to (5.16) correspond to known geometrical and
thermodynamic parameters except h, and hence Equation (5.13) can be solved
for its determination.
In the case of k and µ, the empirical correlations proposed by Dolz [9]
can be used to their determination:
k = −8.34 × 10−9 T 2 + 7.05 × 10−5 T + 6.51 × 10−3
µ = 1.16 × 10−6

T 1.5
T + 110.4

(5.17)
(5.18)

where T is the temperature at which they are calculated.
To solve Equation (5.13), it is important to pay special attention to the
differences in the thermo-fluid-dynamic processes between ports. To help in
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this explanation, the CFD results of the spatially-averaged gas temperature
evolution at intake (Tip ) and exhaust (Tep ) ports of Engine B are presented
in Figure 5.13. Complementary, the temporal-averaged temperature at intake
(T̄ip ) and exhaust (T̄ep ) are presented in Table 5.5 along with the deviation at
different cycle stages. The following observations can be made:
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Figure 5.13. Cylinder, intake and exhaust instantaneous temperatures along the
open cycle. CFD simulation on Engine B.

Cycle
Complete
Open
Closed

Tip = T̄ip ± ∆T [◦ C]

Tep = T̄ep ± ∆T [◦ C]

47 ± 8
41 ± 8
50 ± 6

226 ± 127
392 ± 109
152 ± 8

Table 5.5. Mean temperatures and standard deviation at ports.

– Tip has an almost constant value, having a deviation about ±8◦ C during
the complete cycle as confirmed in Table 5.5. Therefore, T̄ip is a good
estimation of this temperature during the complete cycle.
– Tep shows a high variation during the cycle that is strongly related with
the exhaust process.
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– T̄ep has a value of 226◦ C and a deviation of 127◦ C during the complete
cycle. As can be seen, the variation of the temperature is about 60%.
However, when the closed and open cycles are analysed separately, it is
evident that Tep is almost constant during the closed cycle (152◦ C and
a deviation of 8◦ C). On the other hand, the open cycle has higher Tep
and deviation values (392◦ C and 109◦ C respectively).
Taking into account these comments, Q̇ports can be split as:
Q̇ports = Q̇ip + Q̇ep,cc + Q̇ep,oc

(5.19)

where Q̇ip is the HT to the intake ports, Q̇ep,cc is the HT to the exhausts ports
during closed cycle and Q̇ep,oc is the HT to the exhausts ports during open
cycle.
In the following sections, specific models to determine the terms of Equation (5.19) are presented.
5.2.2.1

Heat transfer to the intake ports

The low thermal variation on the intake ports makes easier the determination of its HT. Bearing in mind the discussion presented in the previous
section, it can be assumed a flow at constant temperature through the intake
ports during the complete cycle. As T̄ip is close to the mean temperature at
intake manifold (Tint ), this last is used to determine the gas properties.
Following the proposal of Depcik and Assanis [10] for Equation (5.13),
it is assumed that:
0.75
N¯u = 0.0694 R̄e

(5.20)

where the Nusselt (N¯u ) and Reynolds (R̄e ) numbers are cycle-averaged calculated by means of Equations (5.14) and (5.15) at the Tint conditions.
h̄int dv,int
N¯u =
k̄int
R̄e =

dv,int v̄int ρ̄int
µ̄int

(5.21)

(5.22)
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being dv,int the intake valve diameter, and h̄int , k̄int , v̄int , ρ̄int and µ̄int the
cycle-averaged heat transfer coefficient, thermal conductivity, speed, density
and viscosity of the gas respectively.
The mean gas speed through the intake port can be determined from
the flow through the port and the port section (Av,int ) as:
v̄int =
=

ṁa + ṁEGR
z Nv,int Av,int ρ̄int
4 (ṁa + ṁEGR )
z Nv,int π d2v,int ρ̄int

(5.23)

where ṁa and ṁEGR are the intake air and EGR flow rates, z is the number
of cylinders and Nv,int is the number of intake valves per cylinder.
Combining Equations (5.20) to (5.23), the expression to determine h̄int
is finally obtained:

h̄int = 0.0694

k̄int d−1.75
v,int



4 (ṁa + ṁEGR )
π z Nv,int µ̄int

0.75
(5.24)

Finally, the HT to the intake ports (Q̇ip ) is determined as:
Q̇ip = z Nv,int h̄int Aw,ip (Tint − Tw,ip )

(5.25)

where Aw,ip is the intake port area in contact with the gas and Tw,ip is the
port wall temperature, determined by means of the lumped model presented
in Chapter 3.3.6.2.

5.2.2.2

Heat transfer to the exhaust ports during closed cycle

There are two thermodynamic properties that differentiate the HT process during open and closed cycle, thus the following comments have to be
done:
1. The gas temperate during the closed cycle has lower values and lower
variability than during open cycle, as shown in Figure 5.13.
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2. The gas speed during closed cycle is lower than during open cycle. The
gas movement when the valve is closed is a result of the vortex formed
during the open cycle as consequence of the high speed flow of burned
gases [9].
Taking into account comment 1, the gas temperature in the exhaust
port during closed cycle (Tep,cc ) can be assumed to be constant. Therefore,
the mean experimental temperature at exhaust (Texh ) is used for the determination of the gas properties.
Similarly as for the intake ports, the heat transfer coefficient in the closed
cycle (h̄exh,cc ) is estimated by solving Equation (5.13), where the proposal of
Caton [11] is used:
0.8
N¯u = 0.022 R̄e

(5.26)

Equation (5.26) is a correlation for steady flow, which can be solved by
assuming a mean speed during the complete cycle as described in [9], being
this assumption in accordance with comment 2. Therefore, the gas speed at
exhaust during closed cycle is estimated as:
v̄exh =
=

ṁa + ṁf + ṁEGR
z Nv,exh Av,exh ρ̄exh
4 (ṁa + ṁf + ṁEGR )
z Nv,exh π d2v,exh ρ̄exh

(5.27)

where dv,exh is the exhaust valve diameter, Nv,exh is the number of exhaust
valves per cylinder and µ̄exh,cc is the viscosity at exhaust during closed cycle.
Taking into account Equations (5.26) and (5.27), and following the same
procedure presented for the intake ports, h̄exh,cc is finally obtained as:

h̄exh,cc = 0.022

−1.8
k̄exh,cc dv,exh



4 (ṁa + ṁEGR + ṁf )
π z Nv,exh µ̄exh,cc

0.8
(5.28)

where k̄exh,cc is the thermal conductivity at exhaust during closed cycle.
The HT to the exhaust ports during the closed cycle (Q̇ep,cc ) is then
determined as:
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Q̇ep,cc = z Nv,exh hexh,cc Aw,ep (Texh − Tw,ep )

(5.29)

where Aw,ep is the exhaust port area in contact with the gas and Tw,ep is the
port wall temperature, determined by means of the lumped model.

5.2.2.3

Heat transfer to the exhaust ports during open cycle

The high temperature variation and high velocity of the exhaust gas
during the open cycle make the HT determination at exhaust ports a challenging task. As can be seen in Figure 5.13, the temperature drop between
EVO and EVC is about 400◦ C ± 109◦ C, thus it does not seem reasonable to
use a temporal-averaged temperature during this phase. In addition, the variation of the velocity at the exhausts ports makes more reasonable to assume
instantaneous conditions [9].
To consider instantaneous temperature and heat transfer coefficient, the
HT in the exhaust port during the open cycle is estimated based on the Sieder
and Tate proposal [12] as follows:

Nu (α) = C

Re0.6 (α)


Pr (α)

µexh,oc (α)
µp

0.14
(5.30)

where C is a fitting constant, whose value has to be adjusted as explained
in Chapter 6.2.1.2, and µp and µexh,oc (α) are the gas viscosities calculated
at the port wall and exhaust gas temperatures (Tw,ep and Tep,oc (α)). The
relation (µexh,oc (α)/µp )0.14 accounts for the instantaneous viscosity gradient
of the gases at each crank angle due to the gas and wall temperature difference.
The HT coefficient during the open cycle (hexh,oc (α)) can be determined
by combining Equations (5.14) and (5.30) as:

hexh,oc (α) = C Re0.6 (α) Pr (α)



µexh,oc (α)
µp

0.14

kexh,oc (α)
dv,exh

(5.31)
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where kexh,oc (α) is the instantaneous gas thermal conductivity at Texh,oc (α)
and Re (α) is determined as follows:
Re (α) =

dexh ρexh,oc (α) vexh,oc (α)
µexh,oc (α)

=

4 ṁexh (α)
π dv,exh Nv,exh µexh,oc (α)

(5.32)

where the instantaneous gas velocity (vexh,ca (α)) is calculated from the instantaneous mass flow at exhaust (ṁexh (α)), which is obtained through the filling
and emptying model described in Chapter 3.3.2.
Similarly, Pr (α) is determined as:
Pr (α) =

cp,exh (α) µexh,oc (α)
kexh,oc (α)

(5.33)

being cp,exh (α) the instantaneous heating value at exhaust during the open
cycle.
At this point, is evident that the determination of the instantaneous
Tep,oc is crucial to estimate the gas properties as well as the HT during the
open cycle (Q̇ep,oc ). This temperature can be measured or modelled; however,
some comments have to be done:
– The experimental determination of Teo,oc (α) requires the use of fast thermocouples. Their complex installation makes their use difficult from a
practical point of view, and hence they are not used in common test
benches.
– Tep,oc (α) can be accurately obtained by means of CFD models; however, the time consumption of these simulations is not allowed for the
application presented in this work.
Taking into account these comments, a 0D quasi-steady model is proposed, since these types of models provide enough accuracy with shorter calculation time, thus being more suitable for the application of this work.
In Figure 5.14, a scheme of the exhaust ports configuration is presented.
The gas temperature at the port inlet (T ) is obtained from instantaneous
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Figure 5.14. Exhaust port boundary conditions scheme.

in-cylinder temperature by assuming an isenthalpic process at invariant stagnation enthalpy. Q̇ep,oc can be determined as the HT between the gas and
port wall (Equation (5.34)) as well as the enthalpy difference between points
1 and 2 (Equation (5.35)):
Q̇ep,oc (α) = z Nv,exh hexh,oc (α) Aw,ep (Tep,oc (α) − Tw,ep )

0
(α) − T (α)
= ṁexh (α) cp,exh (α) Texh

(5.34)
(5.35)

0 (α) is the gas temperature at the exhaust port outlet and T
where Texh
ep,oc (α)
is instantaneously determined as:

Tep,oc (α) =

0 (α)
T (α) + Texh
2

(5.36)

0 (α) is unknown, thereby, Equations (5.34)
Note that the value of Texh
and (5.35) are solve through an iterative process, assuming in a first step
0 (EVO) = T
that Texh
exh . The result of this iterative process is the spatially
averaged temperature in the exhaust port (Tep,oc (α)) and the instantaneous
HT to the exhaust port (Q̇ep,oc (α)), both during open cycle.

To assess the exhaust model performance, a comparison of the HT estimated at each port for some operating conditions is summarized in Table 5.6
for Engine A. It is possible to see that the HT to the exhaust ports in the
open cycle accounts for more than 90% of the total HT to the ports. Therefore, the efforts made to improve Q̇ep,oc results in a global enhancement of
Q̇ports , which is key for the GEB as described in Chapter 6.2.1.
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Speed/Load
[rpm]/[%]

Intake
[kW]

Exhaust closed cycle
[kW]

Exhaust open cycle
[kW]

1000/25
1000/100
2000/50
4000/25
4000/100

-0,008
-0,027
-0,037
-0,088
-0,160

0,017
0,074
0,175
0,124
0,374

0,252
1,009
1,746
1,098
2,969

Table 5.6. HT to the ports comparison between the intake and exhaust ports of
Engine A.

5.2.3

Heat transfer from oil to coolant

As commented in Chapter 4.3.2, there is some HT between the oil and
coolant (Q̇oil,cool ) as both circulates through the engine. The coolant and oil
reject heat to the gallery walls due to convection. This heat is transferred by
conduction through the walls between coolant or oil circuits, depending on the
temperature difference between them. Usually, the oil temperature is higher
than that of the coolant, thus, Q̇oil,cool is assumed to be positive when it goes
from oil to coolant.
This HT process can be identified by comparing the experimental and
modelled HT to oil defined in Chapter 4.3.3. As shown in Figure 5.15, Q̇oil,mod
is higher than Q̇oil,exp at mid and high load operating points. This can be
explained by the high oil temperature at these conditions as shown in Figure
5.16. It can be observed how the oil temperature increases between 85◦ C and
125◦ C when increasing the speed and load, whilst the coolant temperature
remains almost constant (about 85◦ C); therefore, the difference between oil
and coolant temperature (Toil − Tcool ) increases up to 45◦ C.
To account for Q̇oil,mod , a simple model which considers the thermal
resistances of the oil, the engine walls and the coolant is developed. The
model is based on the scheme shown in Figure 5.17; as can be seen, Q̇oil,cool
can be determined as:

Q̇oil,cool =

Toil − Tcool
Roil + Rcond + Rcool

(5.37)
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Figure 5.15. Comparison between experimental and modelled HT to oil.
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Figure 5.16. Left: oil temperature; right: Difference between oil and coolant temperatures.

being Roil , Rcond and Rcool the thermal resistances between the oil and the
wall, due to conduction through the wall, and between the wall and coolant
respectively:
1
Roil =
(5.38)
h̄oil A
Rcond =

Rcool =

e
kwall A
1
h̄cool A

(5.39)

(5.40)
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Qoil,cool

Voil

Vcool
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Tcool

Toil

Tcool
Roil

Rcond

Rcool

Figure 5.17. Heat transfer between oil and coolant within the engine.

where A is the heat transfer area, e is the wall thickness, kwall is the thermal
conductivity of the engine (block and cylinder head), and h̄oil and h̄cool are
the oil and coolant mean heat transfer coefficients.
Due to the complex design of the engine cooling and lubricating systems,
the geometrical information necessary to solve the Equation (5.37) cannot
be obtained from a specific engine part; moreover, the thermal conditions
are changing along these systems and the assumption of some hypotheses is
necessary:
– h̄oil and h̄cool were assumed to be proportional to the engine speed as
h̄oil = k10 n and h̄cool = k100 n.
– A characteristic thickness proportional to the cylinder bore as e = k20 D
is assumed.
– The equivalent HT area is assumed to be proportional to the piston area
as A = k30 D2 .
Taking into account these hypotheses, and replacing Equations (5.38),
(5.39) and (5.40) in (5.37), the following expression is obtained:
Q̇oil,cool =

Toil − Tcool
1
k10 n k30 D2

+

k20 D
k30 D2 kwall

+

1
k100 n k30 D2

(5.41)
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As the specific information to determine all the constant in Equation
(5.41) is not available, constants k10 and k100 have to be considered altogether.
Taking this comment into account and grouping all the constants values,
Q̇oil,cool can be finally calculated as:
Q̇oil,cool =

D2 (Toil − Tcool )
2
D
k1 n + k2 kwall

(5.42)

where 2/k1 n is an equivalent convection resistance and D/k2 kwall is an equivalent conduction resistance, and the constants k1 and k2 are the calibration
constants whose value were adjusted as described in Chapter 6.2.1.4.
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5.3

Uncertainties adjustment

To perform a precise evaluation of the IGEB terms presented in Chapter
4.2.2, it is necessary to reduce the uncertainty on the determination of some
parameters that affect the in-cylinder calculations. A brief description of the
effect of these uncertainties on the IGEB terms, along with proposals found
in the literature for their determination are following presented:
• Pressure pegging: a proper pressure pegging is necessary to accurately
determine the gas temperature, thus, it is important for the Q̇cham and
Q̇ports estimation.
Different methods for its determination [13, 14] can be grouped in two
categories: experimental methods based on the measurement of a reference pressure [14] and thermodynamic methods such as the simulation
of the gas polytropic evolution2 .
• Compression ratio: the Compression Ratio (CR) is the main geometrical uncertainty, it affects the instantaneous volume calculation and
hence the gas temperature, which impacts the Q̇cham and Q̇ports determination [16].
Klein [17] evaluated four methods for the CR determination by comparing the real compression process with polytropic evolutions. Striker [18]
proposed a methodology in which available sensors of production engines,
a high gain observer and a volumetric efficiency model were combined.
Lapuerta [19] used characteristic geometrical points to adjust CR with
a symmetry criterion.
• Engine deformations: It has a similar but lower effect on gas temperature than the CR [16], thus having a small influence on Q̇cham and
Q̇ports . The deformation also affects the calculation of Ni due to its effect
on the volume derivative, as a consequence, it also affects the Nf r + Na
calculation.
In some works, a simple model to determine the clearance variations
taking into account the pressure and the inertial effects is used [16, 20].
Aronsson [21] used a similar model in an optical engine, and measured
2

During compression stroke in combustion tests or in the compression and expansion
stroke in motoring test [15].
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the variation of the piston position by means of an optical window in
the liner.
• Heat transfer model fitting: this is the main uncertainty of the HT
model, thus affecting directly Q̇cham determination. A proper calibration
of the HT model is key to perform an accurate IGEB.
Nowadays, each author carries out a tuning process for a specific engine,
based on experimental measurements or thermodynamic assumptions
[22, 23], in order to adapt the models to one specific engine.
• TDC position: this parameter has an important influence on the p −
V digram, thus affecting the Ni determination, specially at low load
operating conditions. Besides, this parameter slightly affects the gas
temperature estimation, having a small effect on Q̇cham and Q̇ports .
The TDC position can be obtained by means of experimental techniques [24] or thermodynamic methods. The last ones allow determining
the angular interval (∆αTDC ) between the TDC and the trigger, based
on the effect of ∆αTDC on some variables such as heat release [25], simulated pressure [17] or entropy [26]. In this work, the TDC is determined
following the Hohenberg’s proposal [27].
The stated uncertainties have different influence on the results but, in
general, they are all relevant for the calculation of the thermodynamic conditions in the chamber [28], and hence for the accurate prediction of the affected
energy terms. Although different approaches for the determination of one uncertainty have been commented, there are very few works dealing with the
adjustment of several of them at the same time while taking into account
their cross effect. Therefore, the estimation of one parameter can be affected
by the incorrect value of other uncertainties that are simultaneously adjusted.
Moreover, a combination of parameters can provide a low residual, according
to one criterion, but being worse according to another one. For example, the
effect of an incorrect pressure pegging and CR is similar in terms of simulated peak pressure, but they are quite different in terms of heat release [16].
Thus, a methodology to simultaneously determine all the uncertainties (taking
into account their specific effects) and considering more than one criterion is
recommendable to ensure accuracy.
In this section, a global methodology to adjust the stated uncertainties
at the same time is described. The proposal is based on the thermodynamic
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analysis in motoring conditions as described in [28], thus the effect of the uncertainties in the compression and expansion strokes can be assessed using the
RoHR obtained in motoring conditions3 , and the experimental and simulated
pressure comparison. Although the methodology has been developed using
specific sub-models, it is flexible enough to be used with different models and
different engines. It is worth to clarify that regarding the HT calibration, after
the adjustment of the model in motoring conditions, additional calibration in
combustion will be done, as presented in Chapters 6.2.1 and 6.3.1.
The method presented is based on motoring tests; however, its suitability
in combustion tests is included in Appendix 5.A. To illustrate the method,
the results shown in the next section correspond only to Engine A, but they
are representative of those obtained in both Engine A and Engine B.

5.3.1

Engine characterization

To determine the optimal set of engine-installation parameters, an adjustment methodology, henceforth called Engine characterization, is shown in
Figure 5.18. It can be split in three main phases:
1. Firstly, the adjustment of engine characteristics (CR, deformation and
heat transfer models) is performed.
2. After the adjustment of the heat transfer, ∆αTDC is calculated using the
Hohenberg’s proposal [27].
3. Finally, the pressure pegging (which is different for each test) is carried
out.
The processes during the first and third steps are similar, and can be
summarised as follows:
• Starting from a reference set of values, a sensitivity study to determine
the effect of each uncertainty during the closed cycle is carried out (see
Section 5.3.1.1). The effect is analysed in terms of the uncertainty on
RoHR and in the simulated in-cylinder pressure. In the first case, a value
different from zero is due to incorrect uncertainties values, in the second
3

As there is no energy release in motoring conditions, the RoHR should be zero. Non-zero
values are due to uncertainties in the stated parameters.
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case, the simulated pressure is compared with the experimental one. The
result of this step is the instantaneous evolution of the characteristic
effects of each uncertainty in a set of motoring tests.

• Using the information provided by the previous step, a minimization
of the difference between the real and simulated pressure and RoHR
residuals is performed. For that, a Multiple Linear Regression (MLR)
[29] is carried out (Section 5.3.1.2), thus obtaining a new set of values
for the uncertainties.

Initial values
pref, DaTDC, CR, CW1, kdef
Updated parametes

Phase 1

Phase 3

Sensitivity study for pref
imposing DaTDC, CR, CW1, kdef

Sensitivity study for
CR, CW1, kdef

Effect on
RoHR

Effect on simulated
pressure

Effect on
RoHR

New values for
CR, CW1, kdef

Effect on simulated
pressure

Adjustmend of pref
Phase 2

Calculation of DaTDC
No

Variation
(DaTDC, CR, CW1, kdef) < 1%
Update parameters

Yes
Adjusted values of
- DaTDC, CR, CW1, kdef
- Pressure referenced

Figure 5.18. Engine characterization.

As the effect of each parameter on RoHR residuals and pressure evolution can be slightly different for different values of the other parameters, an
iterative process is performed until the variation of all of them, in comparison
with the previous iteration, becomes negligible.
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The parameters resulting from the Engine characterization are ready to
be used for combustion analysis and GEB4 .
5.3.1.1

Sensitivity study

By solving the first law of thermodynamics as presented in the Chapter
3.3.4, the following expression for RoHR is obtained:
RoHR =

dHR
dα

= m cv

dmf,ev
dT
dQ
dV
dmbb
+
+p
− (hf,inj − uf,g )
+R T
dα
dα
dα
dα
dα
(5.43)

In motoring conditions, the real RoHR is zero; however, it can have a
non-zero value (εRoHR ) due to experimental and modelling uncertainties. At
these conditions, Equation (5.43) becomes:
εRoHR = m cv

dT
dQ
dV
dmbb
+
+p
+R T
dα
dα
dα
dα

(5.44)

Although some experimental uncertainties and signal noise can affect
εRoHR , it is assumed that the averaging of the 25 measured cycles and the
filtering process reduce the signal noise sufficiently [14]. It is also assumed
that all the relevant uncertainties have been considered, and any additional
effect on εRoHR is due to random experimental uncertainties.
On the other hand, from a predictive point of view, the simulated motoring pressure can be calculated by solving Equation (5.44) for p, assuming
that εRoHR = 0, which means an ideal motoring test, thus obtaining:
psim = −

m cv dT + dQ + R T dmbb
dV

(5.45)

As T and dT depends on psim , Equation (5.45) is solved using an iterative process. The simulated pressure deviation is straightforward obtained
through differentiation of experimental and simulated pressures:
4

The referenced in-cylinder pressure in the motoring tests are also obtained. Although
they will not be used any more, it is important to highlight that the correct pressure level
is necessary to properly adjust the other uncertainties.
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εp = psim − p

(5.46)

The identification of the characteristic effect of each parameter is key to
ensure their independence for the MLR method. For this reason, a sensitivity
study on εRoHR and εp due to variations of the stated parameters is performed.
The variation range is summarized in Table 5.7, these values are reasonable
variations on the determination of these parameters, as justified by Martı́n [15],
and are considered appropriate for the application described in this section.
Parameter
CR
kdef
Cw1
∆αTDC
pref

Variation
± 0,75
±1
±2
± 0,5◦
± 100 mbar

Table 5.7. Parameters variation.

Figure 5.19 shows the effect of the engine parameters variation presented
in Table 5.7 on εRoHR (left) and εp (right), whilst Figure 5.20 shows the effect
of pressure pegging for 1 motoring test. The main conclusions are:
• CR: its increment leads to a lower combustion chamber volume. Although CR does not affect dV , it modifies T through the application
of the ideal gas law, thus affecting the specific heat and the HT term
in Equation (5.44). The main effect of CR on εRoHR (Figure 5.19 (a))
is due to the variation of dT in the internal energy term, that can be
+T d(mR)
dp/p
expressed as dT = − (n−1)pdVmR
, being n = − dV
/V the politropic
exponent. The CR affects n, producing the asymmetric behaviour of
εRoHR . Its effect is higher in the proximities of TDC, where the variation of the chamber volume has a higher relative effect. On the other
hand, a higher CR leads to a higher simulated pressure, and hence a
positive εp as shown in Figure 5.19 (e).
• kdef : it also affects the volume calculation, and hence the temperature
and the politropic exponent; however, its effect is qualitatively and quantitatively different from CR. Whilst the CR change produces a deviation
in the volume that remains constant during all the cycle, deformations

Chap.5 Sub-models development and improvement

4
2
0

-0.5

-2

-1

-4
-6

kdef+1
kdef -1

0.5

6

(f)

4
2

0

0

-0.5

-2

-1

-4
-6
(c)

Cw1+2
Cw1 -2

0.5

6

(g)

4
2

0

0

-0.5

-2

-1

-4

1

ep [bar]

(b)

ep [bar]

eRoHR [J/º]

6

(e)

0

1

eRoHR [J/º]

CR+0.75
CR -0.75

0.5

1

eRoHR [J/º]

(a)

-6
(d)

DaTDC+0.5
DaTDC -0.5

0.5

6

(h)

4
2

0

0
-2

-0.5

ep [bar]

eRoHR [J/º]

1

ep [bar]

210

-4

-1

-6
-90

-60

-30

0

Angle [º]

30

60

90

-90

-60

-30

0

30

60

90

Angle [º]

Figure 5.19. Effects of CR, kdef , Cw1 and ∆αTDC on εRoHR (left) and εp (right).

depend on pressure and acceleration, thus their effect vary during compression and expansion, being more important near TDC (see Figure
5.19 (b) and (f)), where the pressure reaches its maximum value. On
the other hand, the higher the load, the higher the effect of the deformations; therefore, εRoHR and εp will change slightly at different operation
points. In comparison with CR, deformations have a lower maximum
effect for the considered variations.
• Cw1 : the higher this constant is, the higher the HT becomes. In Equation (5.44) it is possible to see that the heat transfer uncertainty is
directly transferred to εRoHR , as can be seen in Figure 5.19 (c). Contrary to CR and kdef , the uncertainty of Cw1 has an almost symmetric
effect on εRoHR , being more important as the pressure and temperature
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increase. The effect on εp shows the opposite trend, because a less adiabatic evolution of the gas leads to a lower simulated pressure, as shown
in Figure 5.19 (g). The effect on pressure is not completely symmetric
due to the fact that heat rejection during the compression stroke is not
compensated in the expansion stroke.
• ∆αTDC : the thermodynamic gap between the peak pressure and TDC
depends on the HT; therefore, it is not included as an independent variable in the phase 1 of the adjustment but it is later obtained with the
Hohenberg proposal [27]. However, for the sake of completeness, it is
interesting to analyse separately its effect on εRoHR and εp . ∆αTDC
variation leads to different p and dp for a determined α, leading to inaccuracies in the work, T and dT , and hence, in the variations of heat
transfer and the internal energy. The combination of these effects produces the εRoHR shown in Figure 5.19 (d). As p in Equation (5.46) is
slightly affected by the variation of ∆αTDC , the effect observed in Figure 5.19 (h) is explained by the small change in the IVC pressure, and
mostly by the change of experimental p for each crank angle.
As stated in Section 5.3.1, the motoring pressure has to be referenced.
For this reason, a sensitivity study, similar to that carried out for the other
uncertainties, is performed for the pressure pegging (pref ).
The variations on pref have two main effects; on the one hand, it leads
to temperature and specific heat variations, on the other hand, it results in
uncertainties in the politropic exponent, and hence in the work estimation.
The pressure pegging affects the whole compression and expansion strokes,
being its effect on εRoHR higher far from TDC (see Figure 5.20 left), because
the relative effect is smaller when the cylinder pressure increases. In contrast,
the effect on εp is more important near the TDC (see Figure 5.20 right),
because a small variation of the pressure level at IVC is amplified during the
compression stroke.
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Figure 5.20. Effect of pegging pressure on εRoHR (left) and εp (right).

5.3.1.2

Uncertainties determination based on multiple linear
regression

Starting from the characteristic effects determined in the previous section, and assuming the hypothesis of linearity [15], the total deviation of the
RoHR (εRoHR
) and simulated pressure (εpun ) due to the uncertainties can be
un
expressed as:
RoHR
RoHR
RoHR
εRoHR
(α) ' c1 εRoHR
un
CR (α) + c2 εCw1 (α) + c3 εkdef (α) + c4 εpref (α)

(5.47)

εpun (α) ' c1 εpCR (α) + c2 εpCw1 (α) + c3 εpkdef (α) + c4 εppref (α)

(5.48)

where α is the crank angle, εCR , εCw1 , εkdef and εpref are the effect of the uncertainties variation on RoHR and pressure residuals, and c1 to c4 are weighting
constants. The mathematical expressions for εRoHR and εp are similar, thus
Equation (5.47) and Equation (5.48) can be written in a general expression
as:

εi (α) =

m
X

cj εi,j (α)

(5.49)

j=1

where εi is the effect on RoHR or p produced by the m = 4 uncertainties
considered at the operating point i. εi,j is the specific effect of the uncertainty
j in the operating point i, and cj the corresponding weighting constant5 . The
equation system (Equation (5.49)) can be solved by knowing m equations;
5

Note that the possibility of including additional uncertainties is implicitly considered,
being m > 4 in that case.
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however, as a pressure signal has n >> m samples, it is an overdetermined
system that must be solved in order to minimize εRoHR and εp during the closed
cycle. This is done by means of MLR taking into account the considered
parameters, whose optimal solution is found by means of the least square
method. For a determined operation point i, the instantaneous uncertainty
on the RoHR or simulated pressure (εexp,i ) can be expressed as:
εexp,i (α) = εi (α) + εres,i (α)

(5.50)

where εres,i accounts for the effect of the terms not considered specifically
with the stated uncertainties, such as some experimental uncertainties or signal noise. In order to diminish these residuals, a sweep of engine speed was
considered in motoring conditions taking into account several cycles, so that
the addition of the uncertainty on RoHR or simulated pressure in all tests at
a defined crank angle will be:
tests
X

εexp,i (α) =

i=1

tests
X

εi (α) +

i=1

tests
X

εres,i (α)

(5.51)

i=1

Taking into account the differentiation between engine characteristics
and pressure pegging described in Section 5.3.1, Equation (5.51) can be written
as:

tests
X
i=1

εexp,i (α) =

tests
X m−1
X

cj εi,j (α) +

i=1 j=1

tests
X

ci εpref,i (α) +

i=1

tests
X

εres,i (α)

(5.52)

i=1

On the one hand, the last term of Equation (5.52) corresponds to the
neglected uncertainties and noise that have an aleatory effect;
therefore, the
Ptests
addition of different operation points compensates it, being i=1 εres (α) ≈ 0.
On the other hand, as described in Section 5.3.1, pref is adjusted for each
operating point in a second phase after the engine characteristic
adjustment;
P
thereby, it can be assumed that after some iterations test
c
ε
≈ 0 in
i
p
ref,i
i=1
Equation (5.52), thus:
tests
X
i=1

εexp,i (α) =

tests
X m−1
X
i=1 j=1

cj εi,j (α)

(5.53)
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If Equation (5.53) is written for each crank angle, the following matrix
is obtained:



  Ptests
 Ptests
Ptests
c1
i=1 εi,1 (α1 ) . . . Pi=1 εi,m−1 (α1 )
i=1 εexp,i (α1 )
P
P
tests


 tests εexp,i (α2 )   tests εi,1 (α2 ) . . .
i=1 εi,m−1 (α2 )   c2 
  i=1
 i=1
  .. 
=

..
..
..
 . 
 

.
.
.
Ptests
Ptests
Ptests
cm−1
i=1 εi,m−1 (αn )
i=1 εi,1 (αn ) . . .
i=1 εexp,i (αn )
(5.54)
The solution of this matrix results in a set of correction parameters
c1 , c2 , ...cm−1 , that weight the effect of each specific uncertainty on the RoHR
or simulated pressure. The iterative process is carried out by applying the
following correction at each step:
Pj,k = Pj,k−1 + cj,k ∆Pj

(5.55)

where Pj,k is the estimation of the Pj parameter (CR, kdef and Cw1 ) in the k
iteration, cj,k is the correction factor obtained by the MLR in the k iteration,
and ∆Pj is the variation of each parameter in the sensitivity study as detailed
in Table 5.7. The procedure can be performed only in one step; however, it
was checked that it provides more accurate results when an iterative process
is used, since the effect of each uncertainty on εRoHR and εp can vary slightly
depending on its value. It was found that after the third iteration, the variation
of the parameters is lower than 1%, which was assumed to be an acceptable
outcome.
Since both the effect of RoHR and simulated pressure are considered, the
process is carried out to find the optimal values that minimize separately εRoHR
and εp . Finally the optimal values obtained for each of them are averaged.

5.3.2
5.3.2.1

Evaluation of the methodology performance
Motoring conditions

To evaluate the methodology performance, it was tested in a speed sweep
of motoring tests performed on Engine A, changing the engine speed from
1000 rpm to 4000 rpm with steps of 500 rpm. To reduce the experimental
uncertainty, three repetitions of each operating point were measured.
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The initial values of the parameters to be adjusted are shown in the
“Reference” column of Table 5.8. The initial TDC position was assumed
to be at the peak pressure, the initial CR value is the one provided by the
engine manufacturer, kdef is the average value obtained in several engines
proposed by Martı́n [15], and Cw1 is the value proposed by Woschni [30]. The
pressure pegging was initially carried out assuming that the pressure at the
BDC coincides with the pressure at the inlet manifold in each test. It was
checked that the final values provided by the proposed method do not depend
on the initial values, thus demonstrating that the calibration process is robust;
however, they must lie in a determined range around the actual value, so that
the hypothesis of linear and independent behaviour of each uncertainty is
accomplished. If the initial values are far from the actual ones, the iterative
method can provide results with no physical meaning or it cannot converge at
all. In both cases the problem can be detected.

CR
kdef
Cw1
∆αTDC

Reference

Adjusted

16:1
2,20
2,28
369,0

15,9:1
1,29
1.74
369,9

Table 5.8. Characterization results.

The values of the parameters adjusted are presented in the “Adjusted”
column of Table 5.8. The residuals obtained with the reference and the adjusted parameters are shown in Table 5.9, where the RMSE of εRoHR and
the difference between the modelled and measured peak pressures are shown.
Following, some observations regarding the model performance for each parameter are presented:
• The difference between the reference and the adjusted TDC position
is 0.9◦ . This phase gap uses to be longer in smaller engines because
they have higher HT, as reported by Hohenberg [27]. It is interesting
to highlight the importance of the adjusted TDC position provided by
the method. Indeed, assuming that TDC is located at the peak pressure
in motoring tests would lead to an effect on imep that can only be
admissible at full load in combustion operation. A deviation of 0.5◦ at
mid load could lead to an effect on imep about 3% [16] and much higher
at low load.
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• The CR correction obtained with the method is -0.1. This variation
leads, in the worst case, to a deviation in the simulated peak pressure
of about 3 bar, which can increase in the case of combustion simulation,
where the inlet pressure will be higher.
• Regarding kdef , the correction obtained is -0.9 with respect to the reference value. Although having a lower effect than CR, it can lead to variations in the volume at the TDC about 2% at full load, where the high
pressure produces important deformations. The uncertainty in the volume would directly affect the in-cylinder temperature calculation, thus
affecting the RoHR (in the combustion diagnosis) and the pressure evolution (in the case of thermodynamic simulation).
• Finally, the Cw1 correction of -0.54 can produce a maximum variation
of the HT peak in combustion about 14%, and leads to a deviation of 3
bar in the peak pressure in motoring conditions (higher in combustion).
The effect of the HT changes on cumulative HR can reach 1-2%ṁf Hv at
low speed and load, where HT to the chamber walls is about one third
of the fuel energy [31].
RMSE of RoHR
Speed
[rpm]
1000
1500
2000
2500
3000
3500
4000

Error in pmax

Reference
[J/◦ ]

Final
[J/◦ ]

Reference
[%]

Final
[%]

0,09
0,17
0,10
0,15
0,10
0,14
0,21

0,11
0,13
0,07
0,11
0,06
0,07
0,17

5,5
9,0
8,9
8,7
8,7
9,0
8,7

1,1
0,5
0,8
0,8
0,8
0,7
0,5

Table 5.9. Residuals of RoHR and simulated pmax .

As shown in Table 5.9, the adjusted parameters provide a lower uncertainty in the two observed variables in almost all the operating conditions.
Since the method optimizes the global results for the sake of the accuracy
in most of the operating conditions, slightly worse results can be obtained in
some specific tests. Thus, the RoHR at 1000 rpm shows a slightly higher residual than that obtained with the original values. It has been checked that it is
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not a general trend at low engine speed in other engines. In fact, the method
has been tested in smaller [32] and bigger [33] engines (omitted for the sake
of brevity), and the residuals of RoHR and simulated pressure showed similar
trends at low and high engine speed.
As seen in Table 5.9, the performance of the method is even better if
the simulated pressure is considered: the difference between the simulated
and experimental peak pressures diminishes from 9% to less than 1% after the
adjustment.
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Figure 5.21. εRoHR (left) and εp (right) in motoring tests.

To evidence the adjustment effect on the instantaneous evolution of a
compression cycle, Figure 5.21 shows εRoHR and εp in four motoring tests
used for the adjustment. The mid-frequency oscillations of εRoHR due to signal
noise have not been removed but have been centred around zero, since the low-
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frequency deviation due to incorrect parameters has been effectively corrected.
In the case of εp the effect on pressure is clearly reduced.
5.3.2.2

Evaluation of combustion results

Finally, combustion tests are used to evaluate the Engine characterization results, taking into account that the final objective of this methodology
is to improve the combustion diagnosis to have reliable results to be used in
GEB.
2
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Figure 5.22. Cumulative HR with the reference parameters and the adjusted ones.

The cumulative HR obtained at four operating conditions is shown in
Figure 5.22. It can be stated that the HR is overestimated with the reference
parameters, mainly explained by the high Cw1 and the incorrect TDC position.
For the sake of brevity, the analysis is completed only with two additional parameters. Thus, Figure 5.23 shows the difference of the indicated
efficiency and peak temperatures in the complete engine map, calculated with
the adjusted and reference parameters. On the one hand, it can be seen that
the reference parameters (mainly due to TDC position) lead to overestimating
the indicated efficiency more than 4% at low load, where the maximum deviation takes place. On the other hand, the variation of the peak temperature is a
key parameter for both, the thermal behaviour of the engine and N Ox formation. As shown, the maximum variation reaches 57◦ C at high load, being the
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relative effect more important at low speed. This variation can lead to heat
transfer differences up to 9%. Moreover, even though out of the scope of this
work, in case that the chamber conditions were used as boundary conditions
for combustion models, these variations would have important effects on N Ox
modelling.
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Figure 5.23. Difference of indicated efficiency (left) and maximum temperature
(right) after characterization.

5.4

Mechanical losses model

As explained in Chapter 4.3, to determine the specific energy flow to the
coolant and oil, it is necessary the detailed determination of the mechanical
losses. Strictly speaking, the mechanical losses power (Nm ) is defined as:
Nm = Nf r + Na − Np

(5.56)

As detailed in Chapter 4.2.2, Np is directly determined from the indicated cycle6 , and the terms Nf r and Na can be split as shown in Equations
(4.27) and (4.28), recalled here for convenience:
Nf r = Nf r,pis + Nf r,bear + Nf r,valv
Na = Ncool + Noil + Nf
6

(5.57)
(5.58)

The negative sign is used for coherence with the sign convention explained in Chapter
4.2.2. In naturally aspirated engines, Np is negative, thus increasing Nm value, whilst in
highly turbocharged engines Np can be positive thus reducing the Nm .
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As explained in Chapter 4.3, these terms lead to part of the coolant
and oil heat rejection externally measured. Therefore, to separate its contribution from HT in the chamber and ports, it is necessary to determine them
accurately. Taking into account that their experimental determination cannot
be performed in conventional engine test benches, they were indirectly determined from available experimental information along with specific sub-models
proposed in the next sections.

5.4.1

Lubrication fundamentals

To determine the friction between surfaces in contact, it is necessary
to take into account the lubrication mechanism at which they operate. The
lubricating regimes can be identified by means of the Stribeck diagram, presented in Figure 5.24. In this diagram, the friction coefficient (f ) in a bearing
is represented as function of the Sommerfeld number (S), also known as duty
parameter, which is defined as:
S=

µω
σ

(5.59)

where µ is the oil viscosity, ω is the rotational speed and σ is the load per unit
area.
In Figure 5.24, S0 is the duty parameter at which transition between
boundary and mixed lubrication occurs, f0 is the dry friction coefficient during
boundary lubrication, Scr is the critical duty parameter at which the transition
between mixed and hydrodynamic lubrication occurs and fcr is the friction
coefficient when S = Scr .
As can be seen in Figure 5.24, depending on the duty parameter, three
defined lubricating zones are considered:
– Boundary region: in this region, the surfaces in contact are not completely separated by a lubricant film and there is a contact surface similar
to that in dry contact. The friction losses at these conditions depend directly on the material rugosity and the dry contact between the surfaces,
having higher friction levels than the other lubrication regimes.
– Hydrodynamic region: at hydrodynamic conditions, there is a lubricant film between the moving surfaces, and hence no direct contact
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Figure 5.24. Stribeck Diagram.

between them take place. This kind of lubrication occurs at stable steady
operation, where the movement of the pieces constantly drag oil towards
the lubricant film, thus keeping it stable.
– Mixed region: in this lubricating regime, the asperities of the surfaces
protrude through the oil film, thus some dry contact takes place between
them. This occurs when the oil drag speed is low and its temperature is
high, thus reducing both the viscosity and film thickness. At this regime,
both boundary and hydrodynamic lubrication occurs.
– Elastohydrodynamic region: this region is not represented in the
Figure 5.24; however, it is explained here because this regime is presented in some elements of the engine as will be explained later. The
elastohydrodynamic lubrication occurs when the lubricant between surfaces in rolling contact is subject to sufficiently high load to elastically
deform them during the hydrodynamic action. The oil viscosity increases
importantly due to the high pressure, thus allowing keeping the film.
In RICEs, depending on the element analysed and the instantaneous
operating condition, all the described lubricating regimes can take place. Figure 5.25 shows the main lubrication zones for the elements considered in this
work.

222

Chap.5 Sub-models development and improvement

Figure 5.25. Lubrication regimes for each element.

5.4.2

Friction losses between piston pack and liner

The piston elements considered to be in contact with the liner are the
compression, wiper and oil rings and the piston skirt. These elements are
referred henceforth as piston pack. The friction in these elements is about 4075% of Nf r [31]. The seal between the liner and the rings is not perfect, thus
some gas leakage occurs. This leakage produce a pressure load on the rings
back-face, which increase the contact force between them and the liner, and
hence the friction. The piston-rings assembly depends on the engine design,
thus several different configuration are used in current production engines;
however, a rather common configuration of three rings (i.e. compression, wiper
and oil rings) is considered for the model development.
To determine the friction of each element it is necessary to do some
simplifications of the real operation:
• No movement of the ring in the groove is considered.
• At each crank angle (α), the oil film has a uniform thickness around the
perimeter of the ring and it is treated as an incompressible fluid.
• After assembled, the rings and liner are assumed to be a rigid body, thus
no twist, mechanical nor thermal deformations are allowed.
• The ring’s face is always in contact with the lower face of its groove.
The simplifications assumed in this work are similar as those found in
the literature review [34]. More complex models assume twist and relative
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motion of the rings within the groove [35]. This kind of approaches require
detailed geometrical information and must be performed by means of finite
element analysis or dedicated experimental installations. For the application
presented in this work, where the main input is the in-cylinder pressure, the
results obtained with the assumptions made are considered to be accurate
enough.

5.4.2.1

Piston pack load determination

In Figure 5.26, a scheme of the loads acting on the piston pack are
presented (for the sake of clearness, piston-ring interactions were omitted).

Figure 5.26. Forces acting on the piston pack.

The normal force (FN,ri ) exerted on each ring is due to the gas force
(Fg,ri ) applied onto the ring’s back-face, and the ring’s mounting force7 (Fm,ri ),
thus:
FN,ri = Fg,ri + Fm,ri
7

(5.60)

This is the pre-load of the ring due to the elastic deformation when the ring is assembled
between the piston and liner. This load should be as low as possible but high enough to
ensure the proper combustion chamber sealing.
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where ri refers to the ring i (i.e. r1 -compression ring-, r2 -wiper ring- or r3
-oil ring-).
Fg,ri = pri × Ari
= pri π (D − 2 xri ) hri

(5.61)

where Ari is the ring area in contact with the gas and pri is the pressure
in each groove/ring volume. As shown in Figure 5.26, p, pV 2 and pV 3 are
the gas pressures applied in the compression, wiper and oil rings respectively,
being the in-cylinder pressure (p) experimentally obtained, and pV 2 and pV 3
estimated by means of the blow-by model described in Appendix 5.B.

Figure 5.27. Rings and grooves geometry.

To determine the mounting force of each ring (Fm,ri ) it is necessary to
know the contact pressure of the assembled ring8 (pc,ri ); however, the experimental determination of this pressure is difficult, and hence it is commonly
8

5.C.

A detailed description of the contact pressure determination can be found in Appendix
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calculated from the tangential (Ft,ri ) or the diametral (Fd,ri ) forces9 , according
to Equations (5.62) and (5.63) respectively [36]:
Fm,ri = 2 π Ft,ri
= 0.9 π Fd,ri

(5.62)
(5.63)

where Ac,ri is the contact area between the ring and the liner.
In the case of the piston skirt, it is assumed that the resulting normal
force exerted over the piston (FNB ) is applied in the skirt (FN,s = FN,B ). This
force is determined from the engine mechanism dynamics as presented in the
Appendix 5.D.
5.4.2.2

Friction between piston pack and liner

To determine the friction coefficient between piston pack and liner, the
instantaneous lubrication regime characterized by the duty parameter has to
be estimated. Since the piston has an alternative movement, some modifications have to be made in Equation (5.59), thus obtaining the instantaneous
duty parameter for the rings (Sri ) as follows [37]:
Sri (α) =

π D µ vy,B (α)
FN,ri (α)

(5.64)

where ω in Equation (5.59) was replaced by the instantaneous piston speed10
(vy,B ), and σ was calculated from the load in the ring (FN,ri ) and the contact
length (πD), following the considerations made by Taraza and Henein [37].
According to Stanley et al. [34], there is a linear correlation between
the Ln(fri (α)) and Ln(Sri (α)) in the hydrodynamic region (Sri > Scr ); thus,
known the duty parameter, the friction coefficient (fri ) at hydrodynamic conditions is instantaneously determined as:
Ln(fri (α)) = m Ln(Sri (α)) + Ln(B)

(5.65)

9
These values depend on the rings design and requirements. As a reference, the values
of Fd,ri provided by the manufacturer in the case of Engine A are 75, 40 and 90 N for the
compression, wiper and oil rings respectively.
10
Details of vy,B calculation can be found in Appendix 5.D.
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where m and Ln(B) are the slope and y intercepts, whose values depends on
the rings geometry. In this work, the mean value of those proposed in [34]
were used, thus m = 0.625 and Ln(B) = 1.962.
In the case of operating in the mixed region (S0 < Sri < Scr ), fri (α) is
determined following the proposal of Taraza and Henein [37]:




|Sri (α)|
|Sri (α)|
+ fcr
fri (α) = f0 1 −
Scr
Scr

(5.66)

where Scr = 1×10−4 is the critical duty parameter, fcr = 0.0225 is the friction
coefficient when Sri = Scr , and f0 = 0.14 is the dry friction coefficient.
Note that if Sri (α) tends to zero, fri (α) can be determined as:

lim
Sri (α)→0


f0

|Sri (α)|
1−
Scr




+ fcr

|Sri (α)|
Scr


= f0

(5.67)

which means that for small enough Sri values, the lubrication is in the boundary regime.
Similarly as for the rings, the friction coefficient between the piston
skirt and the liner (fs (α)) depends on the lubrication regime. As there is high
contact surface, there is always an oil film between skirt and liner, therefore,
hydrodynamic regime is assumed. The instantaneous duty parameter of the
skirt (Ss (α)) is determined as [34, 37]:
Ss (α) =

µ vy,B (α)
pc,s (α) Ls

(5.68)

being Ls the skirt length and pc,s (α) the contact pressure applied on the skirt,
which is estimated from the normal force in the skirt (FN,s ) as:
pc,s (α) =

FN,s (α)
π D Ls

(5.69)

The friction coefficient between skirt and liner is then determined as
proposed in [37]:
fs (α) = ks

p

Ss (α)

(5.70)
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where ks is a constant, whose value is 2.5 according to Taraza and Henein [37].
Once the friction coefficient of each element of piston pack is determined,
the friction force of each ring (Ff r,ri ) and the skirt (Ff r,s ) is calculated as:
Ff r,ri (α) = fri (α) FN,ri (α)

(5.71)

Ff r,s (α) = fs (α) FN,s (α)

(5.72)

and the total power lost by friction in the piston pack during one cycle (Nf r,pis )
is determined as:

Nf r,pis =

3 I
X

 I
Ff r,ri (α) vy,B (α) dα + Ff r,s (α) vy,B (α) dα

(5.73)

ri=1

5.4.3

Bearings friction

The friction in the bearings ranges between 20 and 40% of Nf r [31]. The
detailed determination of the losses due to friction and housing deformation
of the bearings can be performed by means of finite element analysis [38, 39].
As has been justified before, this approximation is not suitable for the application presented in this work. Notwithstanding, by considering the bearing
lubrication along with the kinematics and dynamics of the engine mechanism,
a simplified and accurate friction model can be developed [37].
The model presented is based on the mobility method [40], in which the
minimum oil film thickness (h0 ) and the journal centre location and trajectory
inside the bearing are calculated. In Figure 5.28, the geometry of a loaded
bearing is presented, where e is the eccentricity between the journal and bearing centres, vO is the journal centre speed, Fbear is the instantaneous load,
ϕ the angle between Fbear and the centres line (attitude angle) and ψ is the
angle between Fbear and vO .
Note that Fbear depends on the bearing location on the engine mechanism (i.e. connecting rod or crankshaft). Figure 5.29 presents the forces
exerted on each bearing in a 4-cylinder engine. The load applied on a connecting rod bearing (FA,i , where i is the cylinder analysed) can be directly
obtained from the dynamic analysis of the engine mechanism. On the other
hand, despite the force exerted by each cylinder in the crankshaft (FO,i , where
i is the cylinder analysed) can be also determined from the dynamic analysis
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Figure 5.28. Scheme of bearings geometry.

of the engine mechanism, how this force is supported by each crankshaft bearing requires specific measurements or finite element analysis. According to
the results shown in [41], it is accurate to assume that each of them supports
half of the force of adjacent cylinders, as shown in Figure 5.29. The detailed
calculation of FA,i and FO,i is provided in Appendix 5.D.

Figure 5.29. Scheme of loads applied on the bearings in a 4-cylinder engine.

According to [40], the friction force in the bearings (Ff r,bear ) can be
determined as:
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2
µ Dbear
ω Lbear J100 c  Fbear
2 vO Fbear
+
sinϕ +
sinψ
4c
Dbear
Dbear ω

(5.74)

where ω is the angular speed assumed to be the same for the journal and
bearing, Dbear is the bearing diameter, Lbear is the bearing length, µ is the
oil viscosity, c is the clearance between journal and bearing,  = e/c is the
eccentricity ratio, vO is the speed of the bearing centre displacement and J100
is a parameter that characterize the film extent and film thickness change
along the bearing, which is determined for a complete film extent as proposed
by Taylor [40]:
J100

Z

θ=2π

=
θ=0

1
2π
dθ = √
1 + cosθ
1 − 2

(5.75)

The terms of the friction force in Equation (5.74) correspond, from left
to right, to the shear stress (known as Couette constituent), the pressure constituent and the translatory constituent, this last related with the movement
of the journal centre [40]. The model presented in this work is a quasi-steady
model; therefore, equilibrium values of Fbear , e and ϕ are reached at each crank
angle, and hence, there is no translatory component (vO = 0) [37]. Taking this
into account and replacing Equation (5.75) in (5.74), Ff r,bear can be finally
calculated as:
Ff r,bear =

2
2 π µ Dbear
ω Lbear
c  Fbear
√
+
sinϕ
2
Dbear
c 1−

(5.76)

For a constant loaded bearing, as considered in this model, the friction
force correspond to the Ocvirk’s short bearing theory [42]. According to this
theory,  can be determined as [37]:

2Fbear /Lbear
ωµDbear



2c
Dbear

2 

Dbear
Lbear

2
=

π p
0.622 + 1
(1 − 2 )2

(5.77)

and ϕ as:
" √
#
2
1
−

π
ϕ = tan−1
4

(5.78)
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To solve the Equations (5.77) and (5.78), it is necessary to know specific
bearing geometry. As this geometrical information is not usually available, in
Table 5.10, typical geometrical values of engine bearings as function of engine
bore are provided.
Parameter

Connecting rod

Crankshaft

0.7 D
0,28 D
0,0005 D
0,0018 D

0,6 D
0,24 D
0,0004 D
0,0015 D

Dbear
Lbear
e
c

Table 5.10. Bearings geometrical parameters determination in function of cylinder
bore.

Once the friction components presented in Equation (5.76) are determined, the power lost by friction in the bearings during one cycle can be
calculated as:

Nf r,bear


N B I
X
ω Dbear,i
Ff r,bear,i (α) dα
=
2

(5.79)

i=1

where i is the analysed bearing and N B is the total number of bearings considered.

5.4.4

Valve train friction

The friction losses in valve train mechanisms depend on their design but
commonly ranges between 7 and 30% of Nf r [31]; in a conventional Diesel
engine with tappet follower, the rocker arm bearing accounts for about 10%
of the total friction in the valve train system, the cam bearing between 1 and
12%, the stem and valve guide about 2% and the cam/tappet contact between
85 and 90% [43]. As most of the friction occurs in the cam/tappet contact,
in some designs the sliding contact is replaced by a rolling contact by using a
roller instead of a tappet, thus reducing the friction about 50% [44].
The model presented in this work is focused on the tappet follower mechanism, which is the case of the Engine A and Engine B; however, to provide
a model suitable for most widespread valve train systems, the kinematics and
dynamics of both, tappet and rolling contacts, are presented in Appendix 5.E.
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Figure 5.30. Scheme of the contact between cam and tappet.

The cam and follower contact surface is separated by a thin oil film,
which is exposed to very high load. This causes an elastic deformation in
the cam and the follower that is comparable with the oil film thickness. To
estimate the oil film thickness, the elastohydrodynamic lubrication theory can
be used [45]. Therefore, the non-dimensional film thickness (H) is estimated
through the Dowson and Higginson proposal for line contact between two
cylinders [46]:

H=

h0
= 2.65 U 0.7 G0.54 W −0.13
Rc

(5.80)

where h0 is the minimum oil film thickness, key parameter to calculate the
friction in the valve train, Rc is the equivalent radius of curvature (determined
as described in Appendix 5.E.1) and U , G and W are dimensionless parameters
defined as:
µ ve
Ec Rc

(5.81)

G = αc Ec

(5.82)

U=

W =

FN,valv
Ec Rc Lcam

(5.83)
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being ve the entrainment velocity, FN,valv the force normal to the common
tangent11 , αc the pressure viscosity coefficient, Lcam the cam width and Ec
the effective elastic modulus calculated as [47]:
"
#
2
1 − νf2ol
1 − νcam
1
= 0.5
+
Ec
Ecam
Ef ol

(5.84)

where Ecam and Ef ol are the Young’s modulus and νcam and νf ol are the
Poisson’s ratios of the cam and follower respectively12 .
The friction in the cam/follower contact (Ff r,valv ) has two components,
the boundary friction (Fb,valv ) due to the asperity contact, and the viscous
friction component (Fv,valv ) due to the shear of lubricant [47, 48]:
Ff r,valv = Fb,valv + Fv,valv

(5.85)

Fb,valv is determined as proposed in [49]13 :
Fb,valv = τ0 Aa + km Pa

(5.86)

where τ0 is the Eyring shear stress, Aa is the asperity area, km is the pressure
coefficient of the boundary shear strength and Pa is the load carried by the
asperities. The asperity area is calculated as [49]:
Aa = π 2 (% ζ σ)2 A F2

(5.87)

and Pa can be determined as:
√
r
16 2
σ
Pa =
π(% ζ σ)2
Ec A F5/2
15
ζ

(5.88)

being % the asperity density, ζ the asperities radius of curvature, σ the composite surface roughness parameter and A the Hertzian contact area that can be
11

Detailed determination of ve and FN,valv is included in Appendix 5.E.
As this information is not usually available, a reasonable assumption is to use the Young’s
modulus of the steel as the effective elastic modulus (Ec = Esteel ).
13
Although the engine used in this work have tappet contact, Equation (5.86) can also be
applied to rolling contact.
12
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calculated by modelling the cam/follower contact as in the case of two cylinders [48]. In Figure 5.31, the typical load distribution in the cam/follower
contact is presented. Thus, the Hertzian area is:
A = 2 b Lcam

(5.89)

being b the half Hertzian width calculated as [45]:
s
b=

8 FN,valv Rc
π Ec

(5.90)

FN,valv

Lcam
b

Figure 5.31. Hertzian contact area.

The statistical functions F2 and F5/2 (see Equations (5.87) and (5.88))
are defined as function of the separation parameter (λ = hσ0 ) as follows [47, 48]:
1
Fn (λ) = √
2π

Z

∞

(s − λ)n e−s

2 /2

ds

(5.91)

λ

It is convenient to use simplified expressions to solve Equation (5.91);
therefore, several empirical correlations are presented in Equations (5.92) and
(5.93). This kind of simplification facilitates the application of the model, and
similar expressions can be also found in related works [47].
F2 = 1.47 e−λ + 0.0117λ3 − 0.143λ2 + 0.61λ − 0.93
F5/2 = 2.26 e−λ + 0.03λ3 − 0.31λ2 + 1.172λ − 1.64

(5.92)
(5.93)

The viscous friction component (Fv,valv ) is determined as [48]14 :
14

The model presented in this section was developed for a cam/tappet contact. A similar
model to estimate Ff r,valv in a cam/rolling contact can be found in Appendix 5.F.
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Fv,valv = τ (A − Aa )

(5.94)

where τ is the shear stress of the oil, which is calculated depending on whether
the oil has a Newtonian or non-Newtonian behaviour. This can be determined
by comparison of the Eyring shear stress with the actual shear stress. Therefore:
µc vs
h0

; if τ ≤ τ0

(5.95)

τ = τ0 + κ pc

; if τ > τ0

(5.96)

τ=

being vs the sliding velocity determined as shown in Appendix 5.E.1, κ the
rate of change of shear stress with pressure, pc the pressure on the oil film
contact and µc the oil viscosity at the contact point. pc is determined as [50]:
pc =

FN,valv − Pa
A − Aa

(5.97)

and µc as [51]:
µc = µ e(αc

pc )

(5.98)

Note that several parameters regarding the lubricant and surface properties are required to determine the friction components. Table 5.11 summarises
typical values of these parameters [47, 48, 52].
Taking into account the previous analysis, Equation (5.99) provides the
final expression used to determine the total friction in the valve train Nf r,valv :
I

int
int
Nf r,valv = NIV
Ff r,valv (α) vc (α) dα +
I
+ NEV

Ffexh
r,valv (α)

vcexh (α)


dα

(5.99)

where the index int and exh refers to intake and exhaust, vc is the contact
speed determined as shown in Appendix 5.E.1 and NIV and NEV are the total
number of intake and exhaust valves respectively.
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Parameter
αc
σ
(σ/ζ)
(% ζ σ)
τ0
km
κ
Ec

Value

Units

1.4×10−8 - 1.8×10−8
0.4
0.001
0.055
2-10
0.17
0.08
187 - 210

m2 /N
µm
MPa
GPa

Table 5.11. Typical values of the model parameters.

5.4.5

Coolant pump power

To pump the coolant, centrifugal pumps with straight blades are used,
thus the energy consumption (Ncool ) can be determined as:
Ncool =

∆pcool V̇cool
ηcool

(5.100)

where V̇cool is the coolant flow rate, ηcool is the pump efficiency and ∆pcool is
the coolant pressure drop. As these parameters are not always available, they
can be determined as follows:
2
∆pcool = k1,cool V̇cool

(5.101)

being k1,cool a proportionality value experimentally adjusted.
Since the coolant pump is a centrifugal machine, the mass flow does
not necessarily share a linear trend with the rotating speed. However, from
the experimental results showed in Figure 5.32, it can be stated that this
hypothesis is suitable. As can be seen, the pressure and flow rate intersection
points fits linearly with the engine speed having a coefficient of determination
(R2 ) close to 1. Therefore, it is reasonable to assume that:
V̇cool = k2,cool n

(5.102)

where k2,cool is the proportionality constant between coolant flow and engine
speed.
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Figure 5.32. Pressure drop at different coolant flow and engine speed in Engine A.

By combining Equations (5.100), (5.101) and (5.102), the following expression for Ncool can be obtained:
Ncool

3
3
n3
k1,cool k2,cool
k1,cool V̇cool
=
=
ηcool
ηcool

(5.103)

In the case of Engine A, the values of the adjustment constants are
provided in Chapter 6.2.1. In the case of Engine B, the pumps are driven
externally and are not taken into account in the IGEB.

5.4.6

Oil pump power

In RICEs, the oil is usually pumped by means of gear or lobe pumps.
Therefore, the power consumption (Noil ) can be calculated as:
Noil =

∆poil V̇oil
ηoil

(5.104)

where ηoil is the pump efficiency, ∆poil is the oil pressure drop and V̇oil is
the coolant flow rate. In the case that ∆poil and V̇oil are not available from
measurements, they must be estimated. On the one hand, taking into account
that the oil pump is a volumetric machine, the oil flow rate can be obtained
as a function of the engine speed as:
V̇oil = k1,oil n

(5.105)
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where k1,oil is the proportionality between oil flow and engine speed.
On the other hand, since the pump has a relief valve, ∆poil depends on
V̇oil until a certain engine speed (n∆p,max ) at which the maximum oil pressure
(∆poil,max ) is reached. For values lower than ∆poil,max (n < n∆p,max ), ∆poil
can be determined by considering a simplified model in which the pressure
losses in a pipe is computed.
The friction factor in a pipe (fpipe ) can be obtained with the DarcyWeisbach equation:
∆poil =

8 fpipe Lpipe 2
V̇
2
π 2 Dpipe
g oil

0
2
= k2,oil
fpipe V̇oil

(5.106)

0
being Lpipe the pipe length, Dpipe the pipe diameter, g the gravity and k2,oil
=
2
2
8Lpipe /π Dpipe g a constant value. To determine fpipe , the empirical formula
of Moody can be used [53]:

(

fpipe


1/3 )
π Dpipe µoil × 106
= 0.001375 1 + 200 σr +
4 V̇ ρoil

(5.107)

where σr is the pipe rugosity, µoil is the oil viscosity and ρoil is the oil density.
In practice, it is not easy to choose representative values for σr and Dpipe
to solve Equation (5.107), thus, a simpler proposal based on this expression is
presented:

fpipe =

0
µoil
k3,oil

!k3,oil
(5.108)

V̇oil

Replacing Equation (5.108) into (5.106), and bearing in mind that V̇oil =
k1,oil n, the following expression for ∆poil is obtained:
!k3,oil
0
k
µ
oil
3,oil
2
0
∆poil = k2,oil
V̇oil
V̇oil

=

k2,oil µoil
k1,oil n

k3,oil

(k1,oil n)2

(5.109)
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Note that, if the oil pressure is measured at some point along the oil line,
it can be used either directly in Equation (5.104) or to calibrate the constants
k2,oil and k3,oil of Equation (5.109). Regardless of whether this information is
available, the set of equations presented in this section allows modelling the oil
pump power consumption. Therefore, from Equation (5.104) and taking into
account Equations (5.105) and (5.109), the oil pump power can be determined
as:
k1,oil n ∆poil,max
; if
ηoil


(k1,oil n)3 k2,oil µoil k3,oil
; if
=
ηoil
k1,oil n
Noil =

Noil

∆poil = ∆poil,max

(5.110)

∆poil < ∆poil,max

(5.111)

Similar as for the coolant pump, the values of the adjustment constants
for Engine A are provided in Chapter 6.2.1.

5.4.7

Fuel pump power

In conventional piston pumps, the total amount of fuel compressed by
the pistons (part of which is injected and part returns to the low pressure
circuit) depends on the pump rotating speed and pump size, thus the volumetric flow (V̇f ) is proportional to the engine speed. Thereby, the fuel pump
power depends on the engine speed and the pressure drop (∆pf ), which can
be assumed to be equal to the rail pressure (prail ), taking into account that
prail is much higher than the feeding pressure15 . Taking into account these
comments, Equations (5.112) and (5.113) are proposed:
Nf =
=

V̇f ∆pf
ηf
0
n prail
k1,f

ηf

(5.112)
(5.113)

where kf0 is the proportionality constant between V̇f and n, and ηf is the pump
efficiency.
It is important to consider that, some new fuel pumps include both,
a pressure control valve and a volume control valve, whose behaviour differs
15

prail ranges between 200 and 2000 bar meanwhile the feeding pressure goes up to 5 bar.
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from conventional piston pumps. As can be seen in Figure 5.33 (a), the fuel
pump power consumption (Nf ) in this kind of pumps depends on prail , n
and the injected fuel mass as well. To determine the power consumption, a
characterization campaign was carried out through a modification of Engine
A test bench, consisting on dismounting the injectors from the combustion
chambers and performing motoring tests at different speed, prail and injected
fuel mass (injecting in a vessel). The rest of friction losses were kept constant
by controlling the oil temperature, thus the mechanical losses variations can
be only attributed to injection setting changes.
Firstly, a motoring test without fuel pump activation (prail = 0) is measured to determine the reference power consumption (Nf,0 ). Then, prail and
the injected fuel mass were swept. The power required to drive the fuel pump
is then calculated as the difference between the current power consumption
and the reference power as presented in Equation (5.114):
Nf = 2π n Me − Nf,0 =

∆pf V̇f
ηf

(5.114)

where Me is the brake torque.
In Figure 5.33 (b), the variation of Me due to the injection of a high
(mf +) or a low (mf −) fuel amount is presented. This dependency with mf
is explained by the strategy of the ECU, which manages the volume control
valve and regulates the amount of fuel compressed in the high pressure pump
to reduce the power waste.
Due to the difficulty to determine V̇f uel in this kind of pumps, an empirical correlation was adjusted based on the experimental results obtained from
Engine A:
k

V̇f = k1,f ṁf 2,f

(5.115)

where k1,f and k2,f are calibration constants and ṁf is the total fuel mass
injected.
Finally, by replacing Equation (5.115) in (5.112), the power consumption
can be estimated as:
k

Nf =

k1,f ṁf 2,f prail
ηf

(5.116)
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Figure 5.33. Fuel pump power (left) and brake torque (right) at two levels of injected
fuel mass.

In Figure 5.34, the comparison between the experimental and modelled
fuel pump power is presented. It is possible to see how the model behaves well
in all operating conditions measured, considering a wide engine speed, prail
and fuel mass range.
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Figure 5.34. Experimental and modelled fuel pump power consumption.
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Summary

As commented in Chapter 4.2.2, performing the IGEB requires the
modelling of some thermo-fluid-dynamics processes that are difficult to be
measured. The reference analysis tools (CALMEC and SiCiclo, described in
Chapter 3.3) include some of these sub-models, but they need to be upgraded
through addition of specific ones. This allows dealing with the IGEB in both,
Engine A and Engine B. Moreover, some of the existing HT sub-models
must be enhanced to achieve accurate predictions of in-cylinder and ports
HT, key for the IGEB analysis.
In short, the proposals for new and improved sub-models and HT calibration are the following:
• HT model for engines with tumble motion: the development of
a HT model that accounts for the tumble motion was required to determine the HT to the chambers walls of Engine B. CFD results were
used to the theoretical analysis and the empirical model development,
whilst skip-fire test were used to calibrate the model. Through a sensitivity study in skip-fire test and an analysis of the model performance
in combustion conditions, the model robustness has been demonstrated,
showing a clearly better suitability for engines with tumble motion in
comparison with the reference Woschni-like model.
• HT to ports: several sub-models to determine the HT to intake and
exhaust ports have been described. In the case of intake ports during the
whole cycle and exhaust ports during closed cycle, convective equations
that considers mean values of temperature and mass flow have been
used. The use of mean values was justified by the low weight of the
HT during these stages and the small variation of temperature and gas
velocity. Nevertheless, as the HT to the exhaust port during open cycle
has higher impact on the GEB (more than 90% of the total HT to ports),
a 0D quasi-steady model for its determination was developed. In this
convective model, the instantaneous gas temperature and heat transfer
coefficient were considered.
• Heat transfer from oil to coolant: HT between oil and coolant
takes place through the engine block and cylinder head, thus, a simple
lumped model which considers the thermal resistances of the oil, coolant
and engine material has been proposed.
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• Uncertainties adjustment: to attain accurate HT to engine walls,
the determination of some uncertain parameters (i.e. CR, kdef , ∆αTDC
and Cw1 ) is required. An Engine characterization methodology based
on the sensitivity study of each parameter on the RoHR and the simulated pressure has been described, where a set of optimal values was
determined thanks to a MLR method.
• Mechanical losses model: the HT to oil and coolant determination
requires detailed friction and auxiliary power modelling in order to separate their effect on Q̇cool and Q̇oil , which are experimentally measured.
Thereby, some specific semi-empirical sub-models to calculate the friction between piston pack and liner, bearings and valve train have been
proposed, considering the kinematic, dynamic and tribological processes
of each element. Similarly, simple sub-models to determine the coolant,
oil and fuel pumps power have been developed, taking into account simplified geometrical information to estimate the mass flow and pressure
drop of each pump. For these friction and auxiliary models, calibration
constants can be adjusted based on experimental information.
Once all the models required were developed, the next step is to provide
a calibration methodology. Therefore, the next chapter is addressed at the
description of a general sub-models adjustment methodology, along with some
applications of the GEB in Engine A and Engine B.
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5.A

Appendix: adjustment methodology
performance with late SoI tests

The adjustment methodology was tested in a set of delayed injection
tests performed on Engine A. The main potential advantage of using combustion tests instead of motoring tests is the similar thermal and thermodynamic
conditions (gas and wall temperatures, pressure and gas composition) with
respect to the nominal combustion tests. The main drawback is the smaller
crank angle slot in which the thermodynamic analysis can be applied: about
half the duration than in motoring conditions, because it can be applied only
between IVC and SoI. The operating conditions tested are summarized in Table 5.12. To reduce the experimental uncertainties, three repetitions of each
operating point were measured.
Speed
[rpm]

Load
[%]

[◦ ATDC]

SoI

1000
2000
3000
4000

50
50
50
50

1,7
2,9
4,9
0,8

Table 5.12. Set of delayed SoI points used to test the adjustment methodology.

The result of the test are presented in Figure 5.35, where the behaviour
of RoHR and pressure deviations during the compression are in agreement
with those described for the motoring test, having an important reduction in
both εRoHR and εp . However, despite the good performance in the reduction
of the instantaneous deviation, the values of CR, Cw1 and kdef obtained (see
“Delayed SoI 1” column in Table 5.13), are not in agreement with those obtained in motoring conditions. This difference can be explained through the
observation of the sensitivity effects shown in Figure 5.19: when compared
the effect of each uncertainty, they have a similar trend up to -30◦ ATDC and
is in the range ±30◦ where the characteristic behaviour of each parameter is
more evident. As only some part of this region is available for the analysis,
the method cannot differentiate correctly their effects, thus providing results
that adjust reasonably the compression stroke but that are not coherent.
From these results, it can be stated that if the information of the complete closed cycle (or at least most of it) is not available, the assumption of
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Reference

Motoring

Delayed SoI 1

Delayed SoI 2

16:1
2,20
2,28
369,0

15,9:1
1,29
1.74
369,9

15,4:1
1,25
0,65
369,6

15,9:1
1,29
2,04
369.9

CR
kdef
Cw1
∆αTDC

Table 5.13. Results of Engine characterization.
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independent effects is not fulfilled and the method does not perform properly.
Thus, using late SoI is not suitable to adjust all the uncertainties at the same
time. Taking into account this limitation, the method was tested for determining only the CR. This can be a convenient solution taking into account that
Cw1 and kdef are parameters that remain constant during the engine life and
do not change for different cylinders. Thus, if they were obtained previously
using a set of motoring tests, the TDC position can be obtained knowing the
heat transfer, and the CR can be determined with the proposed method as
shown in “Delayed SoI 2” column in Table 5.13, which can be useful if the
chamber geometry is modified.
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Appendix: blow-by model

The accurate determination of instantaneous blow-by16 presents several
challenges regarding the rings assembly dynamics, the rings deformation, the
gas thermal and fluid dynamic when the flow passes through the crevices, etc.
In this section, a model which consider instantaneous flow through each
ring gap is described. Firstly, some simplifications and hypotheses have to be
made regarding the piston-rings assembly and blow-by phenomena:
– No rings relative motion nor deformation is taken into account. The
rings are assumed to be rigid bodies always in contact with the bottom
face of the groove. Accordingly, the volumes between rings and grooves,
and between adjacent rings are constant.
– It is assumed that all the gas leakage occurs only through the rings gaps,
which are modelled as nozzles. This is consistent with the previous
hypothesis, since the bottom ring face is always in contact with the
groove and hence no gas leakage through them can occur.
– The flow through the gap is modelled as an isentropic nozzle. Due to
the fast flow through the gap, no time for HT is assumed, and hence the
process is considered adiabatic [54, 55].
– Volumes between rings are assumed to be isothermal systems and the gas
temperature is assumed to be the mean temperature between the piston
and liner walls (TV i = (Tpis + Tcyl )/2). This is explained by the high HT
rate due to the high area/volume ratio. This assumption is supported
by the work of Furuhama and Tada [54], who experimentally determined
the gas an the wall temperatures, observing very similar values between
them.
In Figure 5.36, the simplified scheme of the piston pack geometry is presented. The model is composed by 4 volumes and 3 nozzle: the 1th volume
corresponds to the combustion chamber and the crevice between the chamber
16

The blow-by accounts for the gas flow from the combustion chamber to the crankcase;
however, during the intake stroke the in-cylinder pressure could reach values below those
in the volumes between the piston and the liner, thus the gas flows from those volumes to
combustion chamber, such phenomenon is known as blow-back. For the sake of simplicity,
in the description presented the models is always referred as blow-by.
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and the compression ring, the 2nd volume is the clearance between the compression and wiper rings, the 3rd volume is the clearance between the wiper
and the oil rings and the 4th volume is the clearance between the oil ring,
the piston skirt and the crank case. As explained, each gap between rings is
represented by a nozzle.

Figure 5.36. Piston/rings assembly geometry.

As stated, the gas in the volumes is assumed to be isothermal, thus the
continuity equation for each volume can be expressed as:
dpi
R Ti
=
(ṁi,in − ṁi,out )
dt
Vi

(5.117)

where for each i volume, R is the gas constant, Ti is the gas temperature, Vi is
the volume and ṁi,in and ṁi,out are the instantaneous mass flow rates entering
and exiting the volume respectively.
The mass flow through the ring gap is calculated by means of the isentropic nozzle model:
r
ṁi,j (α) = cbb Agap,i pu

xi
R Tu

(5.118)

where j corresponds to the downstream volume, cbb is the apparent discharge
coefficient to be experimentally adjusted by means of mean flow measurements,
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Agap,i is the gap area of the ring, pu is the upstream pressure, Tu the upstream
temperature and xi is calculated as:

2γ
xi =
(γ − 1)

"

pd
pu

2



γ

−

pd
pu

 γ+1 #
γ

(5.119)

being pd the downstream pressure and γ the adiabatic index.
Note that Equation (5.118) is calculated for each crank angle in function
of the thermodynamic conditions of the volume i. If the pressure drop comply:
pd
<
pu



2
γ+1



γ
γ−1

(5.120)

choked flow occurs and the critic pressure pcr :

pcr = pu

2
γ+1



γ
γ−1

(5.121)

is used instead of pd .
During transient operation, specially in cold start where blow-by is an
issue, the integrated gas flow through each volume during one thermodynamic
cycle changes cycle to cycle and from one volume to another, taking into account that the gas is accumulated or leaked depending on the transient thermodynamic conditions. However, in steady operation, the cumulated blow-by
flow (mbb ) reaches an equilibrium after the convergence of the calculation in
an iterative process, indicating that the net mass flow leakage through each
volume is the same and there is no net accumulation along the cycle.
Once the physic model is described, it is necessary to perform some
assumptions and initializations in order to apply the model. Firstly, the piston
geometry presented in Figure 5.36 is used to determine the volumes between
the piston and the liner. The interesting volumes are those between rings, i.e.
V2 and V3 . To estimate those volumes, they are divided in zones as shown in
Figure 5.37. The volumes of such zones can be easily calculated as presented
in Equation (5.122):
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Figure 5.37. Detail of the volume between piston and liner.


π hp1p2  2
D − (D − 2xcl )2
4

π (hp2 − hr2 )  2
D − (D − 2xcl − 2xp2 )2
=
4

π hr2 
=
(D − 2xr2 )2 − (D − 2xcl − 2xp2 )2
4

V2,1 =

(5.122)

V2,2

(5.123)

V2,3

(5.124)

and Equation (5.127):

π hp2p3  2
D − (D − 2xcl )2
4

π (hp3 − hr3 )  2
=
D − (D − 2xcl − 2xp3 )2
4

π hr3 
=
(D − 2xr3 )2 − (D − 2xcl − 2xp3 )2
4

V3,1 =

(5.125)

V3,2

(5.126)

V3,3

(5.127)

thus, V2 and V3 are calculated as the addition of each volume as:
V2 = V2,1 + V2,2 + V2,3

(5.128)

V3 = V3,1 + V3,2 + V3,3

(5.129)

The thermodynamic conditions at each volume are determined through
an iterative process. Thus, some initial assumptions have to be done to start
the calculations:
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– The discharge coefficient of each gap (cbb,i ) has an initial value of 1.
These values are adjusted each iteration as is explained later.
– The pressure in the volumes 2 and 3 (pV 2 and pV 3 ) are initialized as:
p
pV 2 ,0 = p
p/pcrank
pV 2
pV 3 ,0 = p
pV 2 /pcrank

(5.130)
(5.131)

– The pressure in the 4th volume is the crankcase pressure, which is assumed to be the atmospheric pressure.
The thermodynamic conditions of volumes 1 and 4 are completely defined, meanwhile the conditions in the volumes 2 and 3 are determined by
means of an iterative process. This process converge when the difference between experimental and estimated mass flow (εmbb ) presented in Equation
(5.132) is lower than 1%.
εmbb =

m1,2 + m2,3 + m3,4
−1
3 mbb,exp

(5.132)

where mbb,exp is the mean value of the experimental blow-by mass flow.
In Figure 5.38, the modelled instantaneous blow-by mass flow for the
extreme points of the Engine A map are presented. As shown in the detail (upper corner of Figure 5.38), this model is able to detect the blow-back
phenomena, which corresponds to the zones with negative blow-by mass flow
around 90◦ and 300◦ ATDC.
Along with the instantaneous blow-by mass flow, the instantaneous pressure in the rings grooves shown in Figure 5.39 are also obtained. These pressures are key inputs for the piston friction model described in Section 5.4.2.
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Figure 5.38. Blow-by mass flow.
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180

252

5.C

Chap.5 Sub-models development and improvement

Appendix: piston rings mounting force
determination

The relationship between the tangential (Ft,ri ) and diametral (Fd,ri )
forces with the contact pressure (pc,ri ) can be obtained taking into account
that the bending moment (Mri ) produced by Ft,ri and the pc,ri must be the
same. Thus, considering the scheme shown in Figure 5.40, the momentum
produced by the pressure applied in a differential ring slide is [36]:
dMri = pc,ri hri (D/2)2 sin(β − ϕ) dβ

(5.133)

Mri = pc,ri hri (D/2)2 (1 + cosϕ)

(5.134)

and by integration:

where hri and D are the ring height and the ring external diameter after
mounting (equal to the cylinder bore).

Figure 5.40. Equivalent forces acting on a ring.

On the other hand, Mri can be also expressed in terms of Ft,ri as follows:
Mri = Ft,ri (D/2) (1 + cosϕ)

(5.135)

Combining Equations (5.134) and (5.135) and solving for pc,ri , the following expression is obtained:
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pc,ri =

2 Ft,ri
D hri
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(5.136)

The mounting load on the ring can be also characterized by means of the
diametral force (Fd,ri ), which is the force acting diametrically at 90◦ to the gap
that is necessary to compress the ring to its nominal diameter. To correlate
Fd,ri and Ft,ri , the mathematical expression proposed in reference [36] can be
used:

Fd,ri



uri
x2ri
= 2.2667 1 − 0.33 kri − 7.8
− 24 2 Ft,ri
D
D

(5.137)

where uri is the ovality and kri is a piston ring parameter.
Since the terms required to solve Equation (5.137) are not always available, the simplified form presented in Equation (5.138) can alternatively be
used [36]:
Fd,ri = 2.2 Ft,ri

(5.138)

Once pc,ri is determined as a function of Ft,ri or Fd,ri , the mounting force
of each ring (Fm,ri ) can be directly calculated by knowing the ring surface in
contact with the liner (Ac,ri ). Therefore, combining Equations (5.136) and
(5.138), the following relations are obtained:


2 Ft,ri
Fm,ri = pc,ri Ari =
(π D hri )
D hri
= 2 π Ft,ri

(5.139)

= 0.9 π Fd,ri

(5.140)

Note that Fm,ri is a key parameter to determine the normal force between each ring and liner (FN,ri ) as described in Section 5.4.2.1, and hence,
to determine the friction between piston pack and liner as shown in Section
5.4.2.2.
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Appendix: kinematic and dynamic analysis of
the engine mechanism
Engine kinematics

Figure 5.41. Engine mechanism.

¯
The engine mechanism (Figure 5.41) consists on the crankshaft (OA),
¯
the connecting rod (AB), the piston pack (B) and the bearings (A and O).
Usually, the piston pin is not located in the cylinder axis; however, this eccentricity is small and wont be considered in the following analysis.
Starting the kinematic study in the connecting rod, and through the geometrical relations shown in Figure 5.41, the Equation (5.141) can be written:

R sin α = L sinβ
thus, β can be expressed as function of α as:

(5.141)
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β = sin

−1



R
sin α
L


(5.142)

Assuming uniform angular speed (dα/dt = ω and d2 α/dt2 = 0) and
by deriving twice Equation (5.141), the connecting rod angular speed and
acceleration are obtained:
dβ
R cos α
=
ω
dt
L cos β
" 
#
d2 β
dβ 2
=
− ω 2 tan β
dt2
dt

(5.143)
(5.144)

It is also interesting to determine the kinematics of the connecting rod
centre of mass G, whose position, speed and acceleration are:

xG = −LG sinβ ; yG = R cos α + (L − LG ) cos β
−LG R ω
cosα ;
L


(L − LG )tan β
= −Rω sin α 1 +
L tan α

(5.145)

vx,G =
vy,G

LG R ω 2
sin α ;
L



(L − LG ) R cos2 α
2
= −Rω cos α +
− sin α tan β
L
L cos3 β

(5.146)

ax,G =
ay,G

(5.147)

The crankshaft follows a rotational movement with centre in O and
¯ Therefore, the position, speed and acceleration of the point
radius R = OA.
A referred to the coordinate system (~x, ~y ) describe the crankshaft kinematics:
xA = −R sin α ; yA = R cos α

(5.148)

vx,A = −Rω cos α ; vy,A = −Rω sin α

(5.149)

ax,A = Rω 2 sin α ; ay,A = −Rω 2 cos α

(5.150)
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The piston kinematics is represented by the point B, whose position,
speed and acceleration with respect to the coordinate system (~x, ~y ) are:
xB = 0 ; yB = R cos α + L cos β
sin(α + β)
cos β


cos(α + β) R cos2 α
2
+
= −Rω
cos β
L cos3 β

(5.151)

vx,B = 0 ; vy,B = −Rω

(5.152)

ax,B = 0 ; ay,B

(5.153)

The piston position is more commonly referenced to the TDC. Thus, the
distance between the point B and the TDC is known as the engine displacement (s), and can be determined as:
s = R + L − (R cos α + L cos β)

5.D.2

Engine dynamics

Figure 5.42. Forces acting on the engine mechanism.

(5.154)
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In this analysis, the weight of the engine components as well as the
friction between pieces have not been considered, taking into account that the
main load is the gas pressure (p). The scheme of the forces applied on the
engine mechanism are presented in Figure 5.42. By analysing the forces applied
on the connecting rod, the Equations (5.155) and (5.156) can be obtained:
Fx,A + Fx,B = mc ax,G

(5.155)

Fy,A + Fy,B = mc ay,G

(5.156)

where mc is the connecting rod mass. This mass can be decomposed in three
punctual masses mA , mB and mG located at A, B and G respectively. In
practice, mG ≈ 0, thus it can be neglected. Therefore, to correctly perform
the mass decomposition, the following conditions have to be accomplished:
mc = mA + mB

(5.157)

mA (L − LG ) = mB LG

(5.158)

Ic = mA (L − LG )2 + mB L2G

(5.159)

where Ic is the connecting rod moment of inertia.
The force exerted by the connecting rod on the piston is equal and
0
opposite to that exerted by the piston on the connecting rod (Fx,
= −Fx,B
B
0
and Fy,B = −Fy,B ); therefore, the result of the forces applied on the piston
can be expressed as:
Fx,B − FN,B = 0

(5.160)
π D2
−
(p − pcrank )
4


Fy,B = −mp ay,B


(5.161)

where FN,B is the normal force between piston and liner, and the crankcase
pressure (pcrank ) is applied over an area equal to the piston surface.
To solve the dynamic system an additional equation is required. This is
achieved by performing the sum of moments in the centre of masses G:
− (L − LG )cos β Fx,A + LG cos β Fx,B +
+ (L − LG )sin β Fy,B − LG sin β Fy,B = Ic

d2 β
dt2

(5.162)
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Equation (5.162) can be solved by knowing the position of the centre
of mass. Since it is not usually known, an accurate assumption is that it is
located at L/3 of point A.
By combining Equations (5.155), (5.156), (5.160), (5.161) and (5.162),
the following equation system is obtained:



1
0
1
0
0
Fx,A



0
1
0
1
0

  Fy,A 



0
0
1
0
−1  Fx,B 

=

0
0
0
1
0   Fy,B 
−(L − LG )cosβ (L − LG )sinβ LG cosβ −LG sinβ 0
FN,B


mc ax,G
mc ay,G
h 0




=
−m a −

p y,B






i
2

π D
4 (p − pcrank ) 

(5.163)

2

Ic ddt2β
The solution of Equation (5.163) allows determining the dynamics of the
engine mechanism at each crank angle.
Finally, to calculate the friction in the crankshaft bearing (see Section
5.4.3), the force applied in the point O is assumed to be equal but opposite to
that in point B, thus:
FO =

q

2 + F2
Fx,
y,B
B

(5.164)
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Appendix: kinematic and dynamic analysis of
the valve train
Cam/follower kinematics
y
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a
Ra
xa

θ

b

oref
R0

ya
x

o
wc

Figure 5.43. Cam/tappet kinematic scheme.

In Figure 5.43, a schematic of the cam/tappet contact is presented. The
speed of the contact point between the cam and tappet (point a), is determined
as [48]:
va = ωc Ra =

q
2 + v2
vx,a
y,a

(5.165)

where ωc is the angular speed of the cam whose value is one half of the engine
speed (ωc = 0.5 ω) and va is the speed of the point a, whose components (vx,a
and vy,a ) are geometrically determined as follows:
vx,a = ωc Ra cos θ
= ωc (R0 + ha )

(5.166)

vy,a = ωc Ra sin θ
= ωc x a

(5.167)

where θ is the angle between the line oa
¯ and the y axis, R0 is the cam base
radius, ha is the tappet lift and Ra is the distance between the contact point
and the cam centre. Through derivation the instantaneous tappet lift, the
acceleration of the follower (av ) is obtained:
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av =

2
d2 ha
2 d ha
=
ω
c
dt2
dβ 2

(5.168)

where β is the angular position of the cam with respect to the reference line
(oo¯ref ), called also cam rotation angle.
Solving for xa in Equation (5.167), the following expression can be obtained:
xa =

vy,a
dha /dt
dha
=
=
ωc
dβ/dt
dβ

(5.169)

therefore, the velocity of the cam/tappet contact point relative to the tappet
(vt ) can be determined through derivation of Equation (5.169) as follows:
vt =

dxa
d2 ha
dxa
= ωc
= ωc
dt
dβ
dβ 2

(5.170)

where d2 ha /dβ 2 is known as the geometrical acceleration of the follower, caused
by the cam lift movement pattern.
The sliding velocity (vs ) corresponds to the horizontal velocity of point
a observed by a static point in the tappet. Therefore, for a flat-tappet follower
without tappet spin vs = vx,a . Taking this into account, the resultant contact
velocity of the cam/tappet (vc ) is expressed as the addition of vs and vt as
follows [48]:


d2 ha
vc = vs + vt = ωc R0 + ha +
dβ 2

(5.171)

Note that the term in brackets correspond to the instantaneous radius
of curvature of the cam (Rc ) [56]:
Rc = R0 + ha +

d2 ha
dβ 2

(5.172)

Finally, to determine the tribological conditions between the cam and
the tappet, it is necessary to calculate the instantaneous velocity of lubricant
entrainment into the cam/tappet contact (ve ), which is done as proposed in
[48]:
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d2 ha
R0 + ha + 2
dβ 2

vc + vt
ωc
ve =
=
2
2
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(5.173)

As rolling followers are often preferred over tappet ones, the kinematic
analysis is also provided. The optimal design and kinematic analysis of cam/roller
followers mechanisms can be found in [57].
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b

e

oref

b

Common
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b' b''
f

y
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wc

Figure 5.44. Cam/rolling follower kinematic scheme.

In Figure 5.44, a schematic of the cam/rolling follower contact is presented. The contact velocity (vc ) can be expressed in terms of the follower
roller angular speed (ωf ) and radius (Rf ) as [57]:
vc = ωf Rf

(5.174)

Since the cam angular speed (ωc ) can be directly correlated with the
engine angular speed, it is interesting to express vc in terms of ωc as:
¯
vc = ωc ab

(5.175)

¯ is the distance between the contact pole (b) and the contact point
where ab
(a), which are continuously changing during the cam rotation. This line can
¯ 0 − bb
¯ 0 , where ab
¯ 0 is
¯ = ab
be determined through the geometrical correlation ab
0
00
calculated by means of the analysis of the triangle of − b − b as:
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¯0 =
ab

(hof ,0 + ha )
− Rf
cos ϕ

(5.176)

where hof ,0 is the minimum height between the cam and follower centres when
the valve is closed, which is determined from the Rf , Rc and the eccentricity
between cam and rolling follower centres (e). ha is the valve lifting and ϕ is the
¯ 0 is obtained by analysing the triangle oc − b − b0
pressure angle. Similarly, bb
as:
¯ 0 = o¯c b tan ϕ
bb

(5.177)

where o¯c b is determined through the following trigonometric expression:
o¯c b = oc¯b0 cos ϕ

(5.178)

and oc¯b0 is obtained by means of the triangle of − b0 − b00 as follows:
oc¯b0 = e + b0¯b00
= e + (hof ,0 + ha ) tan ϕ

(5.179)

Consequently, the following o¯c b expression is attained by replacing Equation (5.179) in (5.178) as:
o¯c b = [e + (hof ,0 + ha ) tan ϕ] cosϕ
= e cos ϕ + (hof ,0 + ha ) sin ϕ

(5.180)

¯ 0 is obtained by replacing Equation (5.180) in (5.177):
and finally, bb
¯ 0 = e sin ϕ + (ho ,0 + ha ) sin ϕ tan ϕ
bb
f

(5.181)

¯ 0 − bb
¯ 0 can be rewritten as a function of more con¯ = ab
Therefore, ab
venient geometrical parameters by considering Equations (5.176) and (5.181)
as:

¯ =
ab

(hof ,0 + ha )
− Rf − e sin ϕ − (hof ,0 + ha ) sin ϕ tan ϕ
cos ϕ

(5.182)
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This last expression can be substituted in Equation (5.175) to obtain
vc . To solve this equation, it is also necessary to determine ϕ (the rest of the
parameters can be obtained from geometry).
In Figure 5.44, it can be observed that the normal to the common tan¯ intersects the x axis in the point b0 , which corresponds to the
gent (line ab)
instantaneous centre of rotation between cam and follower. Since the follower
describes a translational motion along the y axis, the lifting velocity can be
determined as point b0 velocity (vb0 ) as:
vb0 = ωc oc¯b0

(5.183)

For convenience, Equation (5.183) can be rewritten as:
oc¯b0 =

vb0
dha /dt
dha
=
=
ωc
dβ/dt
dβ

(5.184)

Then, by combining Equations (5.179) and (5.184), the following expression can be obtained:
dha
= e + (hof ,0 + ha ) tan ϕ
dβ

(5.185)

from which the pressure angle is attained as:
ϕ = tan

−1



dha /dβ − e
hof ,0 + ha


(5.186)

From a tribological point of view, it is interesting to determine the instantaneous velocity of lubricant entrainment into the cam/tappet contact
(ve ). This velocity can be obtained as the average between the cam (vc ) and
the follower (vf ) contact velocities [58]. Assuming that the roller follower rolls
without slipping, vc must be equal as vf , therefore the following relation can
be obtained:
ve = 0.5 (vc + vf )
ve = vc

(5.187)

Note that the model is written as a function of the cam rotation angle
β which can be expressed in terms of the crank angle α, considering that
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the cam have twice the angular speed of the crankshaft in 4-stroke engines,
and the same angular speed in 2-stroke engines. This relationship is useful to
determine the friction over an engine cycle.

5.E.2

Cam/follower dynamics
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Figure 5.45. Cam/follower dynamic scheme.

Despite several valve train mechanism configurations could be used in
automotive applications [44], in this work it is assumed that the follower rod is
the valve rod itself, which is the case of Engine A and Engine B. In Figure
5.45, the forces acting in a rolling follower and in a bucket tappet follower are
presented.
In the more general case of a roller follower (Figure 5.45 (a)), when
the valve is open, the
Pforce normal to the common tangent (FN,valv ) can be
determined through
Fy = ma as:
FN,valv cos ϕ = Av (p − pport ) + Fk − (mv av + ms as )
FN,valv =

1
[Av (p − pport ) + Fk − (mv av + ms as )]
cos ϕ

(5.188)
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where av and as = av /2 are the valve and the spring centre of mass accelerations, mv and ms are the valve and spring masses, p is the in-cylinder
pressure, pport is the port pressure17 (which is equal to the intake or exhaust
pressure depending on the valve analysed) and Fk is the spring force, which is
calculated as:
Fk = Fk,0 + ks ha

(5.189)

being Fk,0 the spring pre-load, ks the spring constant18 and ha the spring
displacement from the initial position.
In the case of tappet followers (Figure 5.45 (b)), the common tangent is
parallel to the tappet surface, thus ϕ = 0 and hence Equation (5.188) becomes:
FN,valv = Av (p − pport ) + Fk − (mv av + ms as )

(5.190)

As the instantaneous pressure at intake and exhausts ports are not always available, their mean values can be also used. Figure 5.46 shows a comparison of the normal force estimation without considering the pressure loads
and using either the instantaneous or mean exhaust pressures. As can be seen,
considering the pressure loads is important at the beginning of the valve lifting,
since the in-cylinder pressure is high and tends to impede the valve opening.
However, when the pressures get closer (about 200◦ ), the net pressure load
becomes negligible. As the mean exhaust pressure does not follow the initial
in-cylinder pressure trend, there is an overestimation of the normal force few
degrees after the valve closing.
When the valve is closed (Figure 5.45 (c)), three main observations have
to be made19 :
– The valve and spring masses are stopped, thus no inertial loads are
exerted.
– The force due to the chamber and port pressures (Av (p − pport )) is
supported in the valve seat.
17

Taking into account that there is some load due to the atmospheric pressure, pport is
assumed to be applied on an area equal to Av to account for the atmospheric load.
18
In Engine A, Fk,0 = 30 N and ks = 15000 N/m according to the manufacturer.
19
Despite Figure 5.45 (c) shows a bucket tappet follower, these comments are also valid
to rolling followers.
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Figure 5.46. Exhaust valve loads considering instantaneous and mean exhaust pressure.

– The contact between cam and follower should be minimum, thus a very
low normal force is exerted in this contact point.
Taking these comments into account, it can be assumed that when the
valve is in contact with the valve seat, there is no normal force exerted between
cam and follower and the friction is negligible.
Once the normal force is determined for both rolling and tappet followers, the friction in the cam/follower contact can be determined. In the
following appendix, the lubrication details for the case of the rolling follower
contact is comprehensive analysed. The analysis of the friction in a tappet
follower contact was presented in Section 5.4.4.

5.F Appendix: rolling follower friction force determination
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Appendix: rolling follower friction force
determination

Similarly as for the cam/tappet follower contact, the friction in the
cam/rolling follower contact (Ff r,valv ) has two components, the boundary friction (Fb,valv ) and the viscous friction (Fv,valv ) [47, 48]:
Ff r,valv = Fb,valv + Fv,valv

(5.191)

The boundary component is determine as for the cam/tappet follower
[49]:
Fb,valv = τ0 Aa + km Pa

(5.192)

being τ0 the Eyring shear stress, km the pressure coefficient of the boundary
shear strength, Pa the load carried by the asperities and Aa the asperity
area [49]:
Aa = π 2 (% ζ σ)2 A F2

(5.193)

and Pa can be determined as:
√
r
16 2
σ
Pa =
π(% ζ σ)2
Ec A F5/2
15
ζ

(5.194)

being % the asperity density, ζ the asperities radius of curvature, σ the composite surface roughness parameter, F2 and F5/2 statistical functions20 and A
the Hertzian contact area calculated as:
A = 2 b Lcam

(5.195)

being b determined as [45]:
s
b=
20

8 FN,valv Rc0
π Ec

(5.196)

The definition of these functions and the simplified expressions provided in Section 5.4.4
can be also used in this model.
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where Rc0 is the combined radius of curvature defined as [47, 51]:
1
1
1
+
=
0
Rc
Rc Rf

(5.197)

where Rc is the instantaneous radius of curvature of the cam (calculated as
shown in Equation (5.172)) and Rf is the follower radius.
To determine the viscous friction component, the tribological features
of a cam/rolling follower contact must be considered. Therefore, Fv,valv is
determined as proposed by Goksem and Hargreaves [51], which provide a
simplified expression for the case of isothermal fully flooded rolling traction
(i.e. not including shear heating):
Fv,valv =

4.318
(G U )0.658 W 0.0126 Rc0 Lcam
αc

(5.198)

where G, U and W are determined as21 :
µ ve
Ec Rc0

(5.199)

G = αc Ec

(5.200)

U=

W =

21

FN,valv
Ec Rc0 Lcam

The terms included in these equations are defined in Section 5.4.4.

(5.201)
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6.1

Introduction

After the development of the sub-models shown in the previous chapter,
the analysis tool is ready to perform the GEB in Engine A and Engine B,
whose experimental installation were comprehensively explained in Chapter
3.2. The main objectives are, on the one hand, to provide a reliable calibration
procedure which assures accurate HT estimations, and on the other hand,
to perform the comprehensive analysis of the thermal behaviour of different
engines technologies, as an example of the tool potential. In Table 6.1, a brief
summary of the engines features is presented:

Strokes per cycle
Cylinders
Air motion
Fuel
Injection
Ignition
Combustion

Engine A

Engine B

4
4
Swirl
Diesel
DI
Compression
CDC

2
1
Tumble
Gasoline
DI
Compression
PPC

Table 6.1. Engines tested.

On the one hand, most of the experimental work for the development of
the tool calibration methodology was performed in Engine A. It was selected
taking into account that it is more representative of the current engine technologies used in automotive applications. On the other hand, Engine B is a
research engine with different features from those usual in current automotive
engines: it is a single-cylinder, 2-stroke, gasoline CI engine. Moreover, in this
case, the experimental information was limited in comparison with Engine
A. Therefore, this engine was selected to check the performance of the GEB
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methodology when applied in a non-conventional engine, taking into account
that the GEB is expected to be used for the evaluation of new engine concepts.
Before discussing the results of different parametric studies carried out
on each engine, the calibration methodology is presented for each of them.
The objective is to provide an optimal set of calibration constants for the
different sub-models, along with the comprehensive methodology followed for
their determination, taking into account that the available information for each
engine is different. Once the calibration is complete, the following studies are
presented:
• Engine A map analysis. In this study, the GEB is performed in the
engine map and the results are analysed using a combination of experimental and modelled information. The objective is to identify the main
energy trends observed in current automotive engines, and explain in
detail the physical phenomena causing the energy repartition.
• Engine B parametric studies. For this engine, two operating points are
taken as reference, in which several studies changing the injection setting
and the intake/exhaust conditions are performed. The results show how
the methodology presented is useful to diagnose new engine concepts.
In order to determine the potential engine efficiency improvement by
reducing the heat rejection to the chamber, a predictive approach is
carried out with the predictive tool SiCiclo described in Chapter 3.3.

6.2

GEB in Engine A

The main objective of this section is to analyse the trends of the energy
repartition in the whole operation map of Engine A, including the previous
calibration method required.
To ensure a stable thermal behaviour of the engine, stabilization periods
ranging from 20 to 40 min between consecutive measurements were required.
It was assumed that the thermal stabilization was reached when the variation
rate of the liquids temperatures (coolant, cooling water and oil) was lower to
1◦ C per minute (the accuracy range of the thermocouples is about ±1.5◦ C).
The gases temperatures (intake air and exhaust gases) were also controlled,
but the stabilization was faster than in the case of the liquids, thanks to the
lower thermal inertia and the higher convective HT between those fluids and
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the thermocouples and RTDs. More stabilization time is required in the case
of engine heating at low speed and load, due to the lower heat rejection in
comparison with high speed and load conditions, where the fluids are heated
and stabilized faster.
Speed
[rpm]

Load
[%]

Tcool
[◦ C]

Toil
[◦ C]

pint
[bar]

pexh
[bar]

1000
1500
2000
2500
3000
3500
4000

25-100
25-100
25-100
25-100
25-100
25-100
25-100

85
85
85
85
85
85
85

90
90-110
90-113
90-120
95-120
100-125
100-125

1.0-1.3
1.0-2.0
1.2-2.5
1.4-2.6
1.5-2.6
1.6-2.5
1.6-2.3

1.0-1.6
1.2-2.2
1.3-2.6
1.7-2.7
1.8-2.9
1.9-3.0
2.0-3.0

Table 6.2. Experiments performed on Engine A.

All the measured points are summarized in Table 6.2. As shown, in the
reference conditions the coolant temperature was set at 85◦ C, the oil between
90-125◦ C depending on the operating conditions1 and the fresh air at 30◦ C
(after the intercooler and before the mixing with the EGR). The load was
changed with steps of 25% between 25 and 100% of the maximum torque, the
rest of parameters were automatically set by the ECU.

6.2.1

Sub-models calibration

Before analysing the GEB of Engine A, the calibration methodology
depicted in Figure 6.1 has to be followed to ensure accurate results.
As can be seen, the global calibration process is performed in 4 steps:
• Step 1: a complete calibration of the HT model to the chamber walls
using motoring and combustion tests is firstly performed. The process
starts with the Engine characterization presented in Chapter 5.3, where
the uncertain parameters are adjusted with the criterion of reducing
the RoHR residuals in a sweep of engine speed at motoring conditions.
This step allows ensuring accurate gas properties calculation, being key
1

For temperatures higher than 90◦ C, the oil cooler operates at maximum capacity.
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Step 1

HT to chamber walls calibration
Engine characterization
- Motoring test to determine CR, Cw1,
kdef and DaTDC
- Criterion: reduction of eRoHR

HT model refinement
- Combustion tests to adjust combustion
constant (C2)
- Criterion: ACE uncertainty reduction

Step 2

HT to ports / during open cycle calibration
- Determination of the calibration constant for the
HT to exhaust port model
- Criterion: Reduction of Qtot uncertainty
Step 3

Mechanical losses calibration
- Calibration of the constants in the engine map
- Criterion: Nfr+Na uncertainty reduction
Step 4

HT from oil to coolant calibration
- Criterion: Reduction of Qoil uncertainty

Figure 6.1. Sub-models calibration procedure.

parameters for the sub-models, specially the HT model. The process
continues with the refinement of the HT model in combustion conditions,
using the engine map shown in Table 6.2. In this case, the adjustment
criterion consists on reaching an apparent combustion efficiency (ACE)
of 100%. Note that the results of the Engine characterization and the
HT model calibration have cross effects, thus, the optimal set of values
is obtained through an iterative process.
• Step 2: despite most of the HT from the hot gases to the engine walls
occurs in the chamber during the closed cycle, the HT to the ports during
open cycle cannot be neglected, specially at the exhaust ports, considering the high temperature and velocity of the exhaust gases. Thus,
the convective HT to ports model is adjusted to reduce the difference
between the experimental and modelled Q̇tot (See Chapter 4.3.1 for its
definition). Note that the calibration of the HT during the open cycle
is also included in Figure 6.1; however, the information available for its
adjustment is the same as for the ports, and both cannot be simulta-
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neously calibrated. For this reason, only the HT to ports is calibrated
for Engine A, taking into account that it has more weight in the IGEB
(about 30% of the total modelled HT) and that the reference model has
been adjusted to get accurate results during open cycle [1].

• Step 3: to attain a good modelling of the HT to the coolant and the
oil, it is necessary to know the detailed auxiliary (Na ) and friction (Nf r )
losses distribution, since most of them are dissipated in the cooling and
lubricating systems. Therefore, the calibration process of the mechanical
losses model is described.
• Step 4: once the HT and the mechanical losses are calibrated, the experimental and modelled heat rejection to coolant and oil are evaluated
separately. At this point, the only interaction that has not been considered is the HT between the oil and the coolant Q̇oil,cool . Thus, the
model accounting for Q̇oil,cool is adjusted based on the reduction of the
difference between the experimental and modelled Q̇oil . This criterion
was selected taking into account that Q̇oil,cool has higher relative effect
on Q̇oil than in Q̇cool (Q̇oil is about 4 times lower than Q̇cool ).
Once the sub-models are adjusted, they are used to obtain detailed information of all the relevant engine energy terms, combining internal and external points of view, which are useful to understand the energy management
in Engine A.
6.2.1.1

Heat transfer to chamber walls calibration

The calibration of the HT to chamber walls is performed in a two stages
process as presented in Figure 6.2.
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HT to chamber walls calibration
initial values
CR, kdef, b, C2, Cw1,c, Cw1,m,DaTDC
1th Stage

2nd Stage

Engine characterization
Imposed
b

Adjusted
CR
kdef
Cw1,m
DaTDC

Criterion: RoHR and psim
uncertainty reduction

HT model refinement
Imposed
CR
kdef

Adjusted
C2
Cw1,c
b

Criterion: ACE uncertainty
reduction
iterative process

Adjusted parameters
C2, Cw1,c, b
CR, kdef, Cw1,m ,DaTDC

Figure 6.2. Calibration of heat transfer to chamber walls.

The 1th stage consist on the Engine characterization in a speed sweep
at motoring conditions as described in Chapter 5.3, in which the optimal set
of values for the main uncertainties affecting the HT (CR, ∆αTDC and kdef )
are obtained along with the HT calibration constant (Cw1 ). As the Engine
characterization is performed in a set of motoring tests, the HT differs from
that of a combustion as a consequence of the different thermo-fluid-dynamic
conditions in the chamber. To ensure the accuracy, different calibration constants are defined to be used either in motoring (Cw1,m ) or combustion (Cw1,c )
conditions respectively.
To get the Cw1,c value, the 2nd stage consist on the calibration procedure with combustion tests, in which the Woschni constants (Cw1,c , C2 and b
of Equation (3.26)) are determined with the criterion of the ACE optimiza-
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tion, whose definition is shown in Equation (6.1), which should equals the
combustion efficiency2 calculated as shown in Equation (6.2).

ACE =

ηcomb

HRmax
× 100
ṁf Hv



ṁHC
ṁCO
= 1−
× 100
−
ṁf
4 ṁf

(6.1)

(6.2)

Note that the calibration of the constant b in the second stage makes
necessary to recalibrate Cw1,m , thus the calibration of the HT to chamber
walls is performed through an iterative process.
The results of the Engine characterization and the HT calibration are
presented in Table 6.3. Note that the HT constants in motoring conditions
slightly differ from those presented in Chapter 5.3.2.1 (see Table 5.8). This
is explained by the change in the exponent b from 0.8 to 0.7, which leads to
different values of Cw1,m .
Motoring
CW 1,m
CR
kdef
∆αTDC

2,3
15,9:1
1,29
369,9

Combustion
CW 1,c
b
C2

3,99
0,7
0,0012

Table 6.3. Results of Engine characterization and calibration of HT to chamber
walls.

In Figure 6.3, the ACE for the complete engine map before and after the
adjustment is presented. It is possible to see that the ACE was at first overestimated for almost all the measured points; however, after the calibration in
combustion, the ACE has values closer to the target of 100%ṁf Hv .

2

ηcomb ≈ 100%ṁf Hv in CDC.
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120

ACE [% mf Hv]

110

100

90
Initial
Adjusted

80
Load [%] 25 50 75 100 25 50 75 100 25 50 75 100 25 50 75 100
Speed [rpm]

1000

2000

3000

4000

Figure 6.3. ACE before and after calibration of the heat transfer to chamber.

6.2.1.2

Heat transfer to ports calibration

As presented in Table 5.6, the HT to the exhaust ports in the open
cycle accounts for more than the 90% of the total HT to the ports. After the
calibration of the HT to chamber, Q̇ports is the only term that significantly
affects Q̇tot,mod (see Equation (4.35)). Thus, the adjustment of the C constant
in Equation (5.30) is performed with the criterion of difference minimization
between Q̇tot,exp and Q̇tot,mod . It is interesting to highlight that Q̇tot,exp is
not calculated directly with Q̇cool,exp and Q̇oil,exp to reduce the experimental
uncertainty as discussed in Chapter 4.4. Instead, experimental variables with
lower uncertainty were used as justified in Chapter 4.3.1. As a result of this
calibration process, the value of C = 1.63 is obtained.
In Figure 6.4, a comparison between experimental and modelled total
HT is presented. The comparison was performed in an extensive experimental
database with more than 200 measurements carried out in Engine A, which
includes the extended engine map starting from low speed (1000 rpm) and low
load (about 10%) to high speed (4000 rpm) and maximum load. As shown,
there is a good agreement between the terms compared, lying almost all of
them on the bisecting line. The mean uncertainty is ±8%, in Section 6.2.1.5,
a detailed analysis of this uncertainty is provided
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50

Qtot,mod [kW]

40

30

20

10

0
0

10

20

30

40

50

Qtot,exp [kW]
Figure 6.4. Experimental and modelled Q̇tot comparison after the calibration of
Q̇ports .

6.2.1.3

Mechanical losses

To adjust the mechanical losses model, the total modelled losses ((Nf r +
Na )mod ) are compared with the experimental ones ((Nf r + Na )exp ). The adjustment criterion is then the reduction of the difference between them:
(Nf r + Na )exp = (Nf r + Na )mod
= kpis Nf r,pis + kbear Nf r,bear + kvalv Nf r,valv +
+ kcool Ncool + koil Noil + kf Nf

(6.3)

As shown in Equation (6.3), six calibration constants have to be adjusted. In order to assure the calibration robustness, it is desirable to reduce
this amount of parameters. Therefore, the auxiliary (Ncool , Noil and Nf ) were
calibrated based on information provided by manufacturers and by means of
dedicated experimental campaigns, as presented in Chapter 5.4. Table 6.4
summarizes the calibration constants obtained to determine the power of the
coolant, oil and fuel pumps from Equations (5.103), (5.111) and (5.116) respectively.
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Coolant pump

Oil pump

Fuel pump
3

k1,cool

bar
5, 14x10−5 (l/min)
2

k1,oil

7, 9x10−3 l/min
rpm

k1,f

m /s
3, 43x10−9 (g/s)
0.6

k2,cool

5, 51x10−2 l/min
rpm

k2,oil
k3,oil

bar
2.03 (l/min)
2
0.64

k2,f

0,6

Table 6.4. Calibration constants of the auxiliary losses models.

Since the auxiliary systems were prior calibrated, the terms kcool , koil
and kf of Equation (6.3) become 1. The adjustment of the friction constants
(kpis , kbear and kvalv ) was performed in the engine map, whose operating
conditions are summarized in Table 6.2.
It is important to notice that the accurate estimation of friction components depends on the derivation of suitable values for the empirical coefficients. The discrepancy of the constants with respect to the reference values
(i.e. kpis = kbear = kvalv = 1) is a consequence of uncertainties regarding the
elements geometry, load determination and sub-models imperfections. This
discrepancy with respect to reference values is also reported in other works [2],
which proposed “variable” constants values as a function of the engine speed.
As it was found that friction losses were overestimated at low engine speed,
this approach was also considered in this work. A linear correlation for the
piston constant was finally proposed: kpis = k1,pis + k2,pis n. In the case of
kbear and kvalv , no clear improvement was found by applying this approach;
therefore, they were maintained constant for all operating conditions. In Table
6.5, the results of the friction models calibration campaign are summarized.
k1,pis

k2,pis

kbear

kvalv

kcool

koil

kf

0.498

2.28×10−3 rpm−1

3.9

2.5

1

1

1

Table 6.5. Calibration constants of the friction and auxiliary losses models for Engine A.

Figure 6.5 shows the mechanical losses repartition in the engine map.
In the upper Figure 6.5, it is possible to see the good agreement between the
experimental and modelled total mechanical losses, having a good behaviour
for all the operating points. In the bottom of Figure 6.5, it is possible to see
the good agreement of Na +Nf r relative distribution when compared with that
found in the literature [3–5], being Nf r,pis between 40-60% , Nf r,bear between
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15-25%, Nf r,valv between 5 and 15%, Ncool about 15%, Noil about 5% and Nf
about 20% of the total Na + Nf r .

Figure 6.5. Auxiliary and friction results.

6.2 GEB in Engine A
6.2.1.4

287

Heat transfer from oil to coolant

The adjustment of Q̇oil,cool is performed through the determination of
the constants k1 and k2 of Equation (5.42), rewritten below for convenience:

Q̇oil,cool =

D2 (Toil − Tcool )
2
D
k1 n + k2 kwall

(6.4)

The values of k1 and k2 are determined with the criterion of difference
minimization between Q̇oil,exp and Q̇oil,mod . It is important to highlight that
this calibration was performed after the mechanical losses adjustment, because
part of them (Nbear , Nvalv and Noil ) are finally rejected to the oil. The adjustment provides the value of constants k1 = 6, 42 and k2 = 8, 8 × 108 . It is
possible to notice that 1/k2 ≈ 0, and hence the conduction can be considered
almost negligible in comparison with the convective heat transfer (see Chapter
(5.2.3)).

15

Qoil,mod [kW]

12.5
10
7.5
5
Without considering Qoil,cool

2.5

Considering Qoil,cool
0
0

2.5

5

7.5

10

12.5

15

Qoil,exp [kW]
Figure 6.6. Experimental and modelled Q̇oil comparison after Q̇oil,cool adjustment.
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In Figure 6.6, the comparison between Q̇oil,exp and Q̇oil,mod is presented3 .
It is possible to see how not including heat rejection from oil to coolant leads
to overestimation of the HT to the oil, specially at high power, having a mean
uncertainty about ±15%. When heat rejection from oil to coolant is included,
Q̇oil,exp and Q̇oil,mod are in better agreement, having a mean uncertainty about
±9%. More details of the uncertainty are presented in Section 6.2.1.5.
6.2.1.5

Calibration evaluation

50

Qcool,mod [kW]

40

30

20

10

0
0

10

20

30

40

50

Qcool,exp [kW]
Figure 6.7. Experimental and modelled Q̇cool comparison.

As presented in Figures 6.4 and 6.6, the modelled and experimental Q̇tot
and Q̇oil depict a good behaviour after the adjustment. In Figure 6.7, it is
possible to see that the modelled HT to the coolant is in good agreement with
the experimental results, having a mean uncertainty of ±19%. Taking into
account the relatively high uncertainty in the experimental estimation of the
HT to coolant (up to 12%) as commented in Chapter 4.4.4, it can be concluded
that the modelling work matches reasonably with the experiments.
3

The lowest power operating points have not been included in the graph because the oil
cooling system was deactivated due to the low oil temperature.
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From Figure 6.8 to 6.10, the difference between modelled and experimental Q̇tot , Q̇cool and Q̇oil in terms of fuel energy (%ṁf Hv ) are presented.
The following observations can be highlighted:
– The maximum difference between Q̇tot,mod and Q̇tot,exp is observed at
low engine speed, ranging between -2%ṁf Hv and -10%ṁf Hv . In the
rest of the map the difference is remarkably lower, depicting an average
difference lower than ±1%ṁf Hv .
24
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Figure 6.8. Difference between modelled and experimental Q̇tot in terms of %ṁf Hv .

– The HT to the coolant has a maximum uncertainty of about 6%ṁf Hv at
low load due to the high experimental uncertainty in the determination
of Q̇cool,exp at these conditions, as was seen in Figure 4.10; however, in
the complete engine map the average difference is about ±2%ṁf Hv .
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Figure 6.9. Difference between modelled and experimental Q̇cool in terms of %ṁf Hv .
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– The HT to the oil shows a maximum variation of about ±1.5%ṁf Hv .
This value is higher than that observed in the case of the experimental
uncertainty presented in Figure 4.49. Thus, it can be assumed that part
of the difference observed in Figure 6.10 is explained by modelling imperfections. Even so, the HT to the oil has the lowest relative uncertainty
of the three terms shown in this section, mainly due to its low relative
weight as later analysed in Section 6.2.2.3.

Figure 6.10. Difference between modelled and experimental Q̇oil in terms of %ṁf Hv .

6.2 GEB in Engine A

6.2.2

291

GEB analysis of the engine map

Once the sub-models provided in Chapter 5 were calibrated and their
uncertainty was confirmed to be between reasonable limits when compared
with the experimental uncertainty presented in Chapter 4.4, the next step is
to perform and analyse the GEB in Engine A, taking into account the main
energy terms involved in the EGEB and IGEB. Consequently, the analysis
presented in this section is based on the combination of both, experimental
and modelled results. The main objective is then, to assess the importance of
each GEB term in different regions of the engine map. For this reason, the
complete speed and load sweep presented in Table 6.2 will be evaluated.
The analysis starts with the chemical fuel energy released in the complete
engine map, shown in Figure 6.11. As expected, the input fuel energy increases
with both, engine speed and load, since the amount of injected fuel must be
also higher to achieve the power output required at each point. As the results of
the GEB terms will be presented in both, absolute (kW) and relative (%ṁf Hv )
terms, this figure helps to understand the weight of each term depending on
the operating condition.
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Figure 6.11. Fuel chemical energy in (kW).

6.2.2.1

Analysis of engine efficiency

The indicated power and indicated efficiency are plotted in Figure 6.12.
As commented in Chapter 2.3, the behaviour of the indicated efficiency is
mainly controlled by the RoHR shape and the HT to the combustion chamber
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walls during closed cycle (which also depends on the combustion process). In
this sense, the following trends can be highlighted:
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Figure 6.12. Indicated power (Ni ). Left: absolute value (kW). Right: relative value
(%ṁf Hv ).

– There is a global trend to increase ηi from 38%ṁf Hv to 46%ṁf Hv when
the engine speed increases. It can be justified by the lower weight of
HT to the chamber walls during closed cycle (Q̇cham,cc ), which is about
10%ṁf Hv lower at high speed as shown in Figure 6.13.
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Figure 6.13. Heat transfer to the chamber walls during closed cycle (Q̇cham,cc ). Left:
absolute value (kW). Right: relative value (%ṁf Hv ).

– Contrary to Q̇cham,cc , the indicated efficiency shows low sensitivity to
load changes, as can be seen in Figure 6.12. This behaviour can be
justified taking into account that the lower weight of HT at high load
observed in Figure 6.13 is compensated by the global trend to increase

6.2 GEB in Engine A

293

the combustion duration at high load, thus ηi has less variation with this
parameter. Furthermore, the changes of the number of injection pulses
and the effect of EGR, highly dependent on the engine optimization4 ,
also contribute to the slightly effect of the load.
Starting from ηi , the brake efficiency shown in Figure 6.14 can be explained through the analysis of the mechanical efficiency (ηm = Nb /Ni × 100)
presented in Figure 6.15. As the increase of ηi with the engine speed is overcome by the lower mechanical efficiency, the maximum ηb is reached at mid
speed. On the other hand, ηi shows a poor effect with the load while ηm
reaches its maximum value at high load; therefore, the maximum ηb is reached
near full load.
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Figure 6.14. Brake power (Nb ). Left: absolute value (kW). Right: relative value
(%ṁf Hv ).

6.2.2.2

Analysis of mechanical losses

In the previous section, the degradation from the indicated efficiency to
brake efficiency was briefly analysed to justify the trends. However, to achieve
a better insight of this process, the detailed mechanical losses (i.e. pumping, friction and auxiliary) should be analysed. In this regard, the following
comments can be made:
– Pumping power: in absolute terms, the pumping power (Np ) shown in
Figure 6.16 increases with the speed and is almost insensitive to the
4

The ECU sets the number of injections and the EGR strategy, according to the manufacturer calibration, in order to attain the best trade-off between consumption and emissions.
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Figure 6.15. Mechanical efficiency (Nb /Ni × 100).

load. Similarly, the relative weight of Np increases with the speed, but
in this case, it has a slight trend to diminish with the load. This trend
can be justified considering that increasing the speed leads to higher
air mass flow, thus increasing the difference between exhaust and intake
pressures. Although increasing the load also requires higher air flow, the
increase of the exhaust temperature allows to compensate it, thanks to
the increase of the gas enthalpy at the turbine inlet.
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Figure 6.16. Pumping power (Np ). Left: absolute value (kW). Right: relative value
(%ṁf Hv ).

– Friction: most of the engine friction takes place in the piston pack, the
bearings and the valve train, whose values are shown in Figures 6.17, 6.18
and 6.19 respectively. In absolute terms, the friction increases mainly
with the speed, except in the piston pack where it increase with both
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speed and load. This is explained by the fact that friction power is highly
dependent on the engine speed [6], as can be seen in Equations (5.73),
(5.79) and (5.99). In addition, the friction coefficient, used to calculate
the friction force, also depends on the engine speed. Nevertheless, in
relative terms, the friction decreases when increasing the load, which is
explained by the higher fuel energy.
As can be seen, Nf r,pis is the most important friction term, reaching
values up to 5%ṁf Hv at high speed and low load, followed by Nf r,bear
with a maximum weight of 2%ṁf Hv at low load, and finally, the less
important term is Nf r,valv , whose maximum value is 0.7%ṁf Hv at low
load.
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Figure 6.17. Friction between piston pack and liner (Nf r,pis ). Left: absolute value
(kW). Right: relative value (%ṁf Hv ).

24

24

22

22

20

20
0.6

0.8

1

1.2

1.4

18

1.6

16
14
12
10

0.4

0.6

0.8

1

1.2

1.8
1.4

1.6

bmep [bar]

bmep [bar]

18

0.6

14
12

0.8
1
0.6

10
8 0.8

6

6

0.2

1500

2000

2500

1.2
3000

Speed [rpm]

3500

1.8

4000

1.2

1

8

1000

0.8

16

1.2

1

1000

1.4

1500

1.6
2000

2500

3000

Speed [rpm]

1.4
1.6
1.8
2
35002.2 4000

Figure 6.18. Friction in the bearings (Nf r,bear ). Left: absolute value (kW). Right:
relative value (%ṁf Hv ).
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– Auxiliary: the coolant, oil and fuel pumps5 energy consumption is shown
in Figures 6.20, 6.21 and 6.22.
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Figure 6.20. Coolant pump power (Ncool ). Left: absolute value (kW). Right: relative
value (%ṁf Hv ).

As can be seen, the absolute power of the coolant and oil pumps is
proportional to the engine speed. However, their relative weight changes
with both, speed and load. On the one hand, the relative weight of
Ncool ranges between 0.2-1%ṁf Hv , being specially important at high
speed and low load, and on the other hand, Noil weight lies between 0.35

Some sub-systems such as the air conditioner also consumes part of the fuel energy;
however, these systems are not equipped in conventional research test benches and are not
included in this work.
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Figure 6.21. Oil pump power (Noil ). Left: absolute value (kW). Right: relative
value (%ṁf Hv ).

0.4%ṁf Hv at low load. The general higher weight of Ncool is explained
by the higher coolant flow requirements.
In the case of the fuel pump, its absolute power increases with both,
speed and load, since this pump has a pressure control valve and a
volume control valve. Therefore, the compressed fuel is controlled by the
ECU at low load to reduce unnecessary fuel pumping. As a consequence,
the relative weight of Nf in the complete map is almost constant about
0.7%ṁf Hv .
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6.2.2.3

Analysis of heat transfer

The HT in the chamber during closed cycle was analysed in Section
6.2.2.1 to explain ηi trends. This section deals with the complete evaluation
of the heat rejection to coolant and oil. To explain the heat rejection to the
coolant (Q̇cool ), it is interesting to analyse in detail the HT to chamber walls
(Q̇lin and Q̇ch )6 and ports (Q̇ports ).
As can be seen in Figures 6.23 and 6.24, the absolute values of Q̇lin and
Q̇ch increase with the engine speed since the HT to chamber walls is proportional to cm powered to b < 1 (see Equation (3.26))7 . However, increasing
the engine speed also reduces the available time for HT, which is inversely
proportional to cm , being this the key factor as it implies lower residence time
of the fluids in the engine. Thus, the relative weight of Q̇lin and Q̇ch is lower
at high speed. Additionally, increasing the load leads to higher absolute HT,
nevertheless, it is overcome by the increase of fuel energy, thus resulting in
lower HT weight.
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Figure 6.23. Heat transfer to liner (Q̇lin ). Left: absolute value (kW). Right: relative
value (%ṁf Hv ).

In the case of the ports, increasing the speed and load leads to higher
absolute Q̇ports values. However, in relative terms, it decreases with the speed
as a consequence of the lower residence time of the gases in the ports; nevertheless, increasing the load leads to higher exhaust temperature and gas
6

The HT to liner and cylinder head were assumed to be rejected to the coolant, see
Chapter 4.2.2.
7
The heat transfer coefficient is proportional to vgb , being vg also dependent on the mean
piston speed cm .
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Figure 6.24. Heat transfer to cylinder head (Q̇ch ). Left: absolute value (kW). Right:
relative value (%ṁf Hv ).

velocity due to the higher exhaust flow, which results in a Q̇ports increment
similar as the relative increase of the fuel energy, thus this term does not
change significantly with the load.
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Figure 6.25. Heat transfer to ports (Q̇ports ). Left: absolute value (kW). Right:
relative value (%ṁf Hv ).

Taking into consideration the trends described for Q̇lin , Q̇ch and Q̇ports
(and in lower extent for Ncool and Nf r,pis ), the relative weight of Q̇cool shown
in Figure 6.26 can be then analysed. As the relative weight of all these terms
decreases with the speed, Q̇cool also follows this trend. However, the lower
dependency of Q̇ports with the load, and considering that its relative weight
is almost the same as the other two heat rejection terms, the dependency of
Q̇cool with the load is lower than that of Q̇lin and Q̇ch . As a result, the relative
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weight of Q̇cool ranges between 18%ṁf Hv at high speed to 28%ṁf Hv at low
speed.
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Figure 6.26. Heat transfer to coolant (Q̇cool ). Left: absolute value (kW). Right:
relative value (%ṁf Hv ).

Additionally, as commented in Chapter 4.3.2, the friction between piston
pack and liner and the coolant pump power are also assumed to be rejected
to the coolant. As the relative weight of Nf r,pis does not change significantly
with the load, specially at high speed as shown in Figure 6.17, it also helps to
reduce Q̇cool dependence with the load. In the case of Ncool (see Figure 6.20),
its low weight has no significant effect on Q̇cool but a slight general increase in
the complete engine map.
The HT to the oil (Q̇oil ) is shown in Figure 6.27. As can be seen, it
is clear that Q̇oil is about 4 times lower than Q̇cool (shown in Figure 6.26).
In general, the absolute and relative trends observed for Q̇oil are similar as
those of the HT to the piston (Q̇pis ), presented in Figure 6.28. This similarity
is reasonable since Q̇pis is mainly dissipated to the oil. It is interesting to
highlight that Q̇pis is about 1%ṁf Hv higher than Q̇oil , since part of Q̇oil
energy is rejected to the coolant.
It is interesting to highlight some effects due to the mechanical losses
energy dissipation to the oil, i.e. the friction from bearings (Nf r,bear ), valve
train (Nf r,valv ) and oil pump power (Noil ), shown in Figures 6.18, 6.19 and
6.21 respectively. In absolute terms, these mechanical losses depend mainly
on the engine speed, thus the trend of Q̇oil becomes more dependent on n
than Q̇pis . Nevertheless, in relative terms, Nf r,bear , Nf r,valv and Noil do not
significantly depend on the speed; therefore, Q̇oil changes slightly less with the
speed than Q̇pis .
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Figure 6.27. Heat transfer to oil (Q̇oil ). Left: absolute value (kW). Right: relative
value (%ṁf Hv ).
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Figure 6.28. Heat transfer to piston (Q̇pis ). Left: absolute value (kW). Right:
relative value (%ṁf Hv ).

6.2.2.4

Analysis of exhaust energy losses

The net sensible enthalpies, Ḣg,ports (between ports), Ḣg,in (between
intercooler outlet and turbocharger inlet) and Ḣg,ex (between compressor inlet
and turbocharger outlet)8 are shown in Figures 6.29, 6.30 and 6.31. They
depict similar trends but at different levels: they depend on both the engine
speed and load; thus, the higher the load and speed, the higher the absolute
value of the exhaust gases energy. It is worth to highlight that, in relative
terms, the net sensible enthalpy shows higher sensitivity to the engine speed
than in absolute terms.
8

Definition of these terms can be found in Chapter 4.2.
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Figure 6.29. Net sensible enthalpy at ports (Ḣg,ports ). Left: absolute value (kW).
Right: relative value (%ṁf Hv ).
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The relationship between these enthalpies was stablish in Chapter 4.2.2,
for convenience, they are rewritten below:
Ḣg,in = Ḣg,ex + Q̇a + Q̇turbo + Q̇ext,turbo
Ḣg,ports = Ḣg,in + Q̇EGR + Q̇ext,man

(6.5)
(6.6)

The level difference between Ḣg,ports and Ḣg,in is mainly explained by
the HT to the EGR (Q̇EGR ), shown in Figure 6.32. Since no EGR strategy
was used at high load and speeds above 3500 rpm, no EGR refrigeration was
required at these operating conditions and the difference between Ḣg,ports and
Ḣg,in is low, being the small deviation (lower than 1%ṁf Hv ) due to Q̇ext,man .
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Figure 6.31. External net sensible enthalpy (Ḣg,ex ). Left: absolute value (kW).
Right: relative value (%ṁf Hv ).
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In the low-mid speed and load, the differences become higher, reaching values
up to 5%ṁf Hv at 2500 rpm and low load, where the EGR rate is about 30%,
and hence Q̇EGR reaches its maximum relative weight.
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Figure 6.32. Heat transfer from EGR (Q̇EGR ). Left: absolute value (kW). Right:
relative value (%ṁf Hv ).

Similarly, the level difference between Ḣg,in and Ḣg,ex is explained mainly
through the HT to the intercooler (Q̇a ). In Figure 6.33, it is possible to see
how Q̇a follows a similar trend as the net sensible enthalpy, i.e. its absolute
values are higher at high speed and load operating conditions due to the effect of air compression in the turbocharger. This is reasonable taking into
account that the higher Ḣg,in is related with the available energy to be used in
the turbine, and hence a higher compression work is done in the compressor,
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which leads to higher air temperature and higher relative cooling demand in
the intercooler.
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Figure 6.33. Heat transfer from air (Q̇a ). Left: absolute value (kW). Right: relative
value (%ṁf Hv ).

Note that in global relative terms, the net sensible enthalpies have a
contrary trend as that observed in Q̇cool and Q̇oil (see Figures 6.26 and 6.27).
This is mainly explained by the lower HT weight at high speed and load, where
the heat rejection reduction is partially recovered as efficiency, but mostly
evacuated as sensible enthalpy at exhaust.
6.2.2.5

Analysis of miscellaneous losses

As explained in Chapter 4.2.1, the miscellaneous term (Q̇misc ) gathers
some terms with relatively low weight in the GEB, as presented in Equation
(4.18), recalled here for the sake of clarity.

Q̇misc = Q̇ext + Q̇turbo + Q̇f + Ḣic + Ḣbb + Q̇unbal,ex

(6.7)

As shown in Figure 6.34, the lower the speed and load, the higher the
relative weight of Q̇misc . This trend can be explained by two main reasons:
on the one hand, as shown in Figure 6.35, at low speed and load the relative
weight of the HT to the ambient (Q̇ext ) is higher because the external wall
temperature of the engine, mainly dependent on coolant temperature, does
not change dramatically with the engine speed and load, contrary to the fuel
mass. On the other hand, the uncertainty (Q̇unbal,ex ) is maximum at low speed
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and load due to the small power of all the experimental terms measured, at
these conditions, the temperature differences and flow rates are smaller and
the relative uncertainty tends to increase as can be seen in Figure 6.36.
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GEB in Engine B

Once the GEB has been analysed in a conventional Diesel engine, the
methodology is applied in a new concept engine. For this reason, the singlecylinder, two stroke engine (Engine B), described in Chapter 3.2.2 is analysed.
The work presented in this section is aimed at obtaining different combustion
and thermodynamic conditions as those obtained in CDC. For this reason,
gasoline was used as fuel, and a Partially Premixed Combustion (PPC) was
tested. The analysis has two main goals:
– Showing how the GEB methodology can be used to perform thermal diagnoses in diverse engines, operating with different fuels and combustion
modes.
– After the uncertainties adjustment and the sub-models calibration, a
predictive approach is used to assess the effect of the HT in the PPC
concept. This study is performed with the thermodynamic predictive
tool SiCiclo.
For the experimental work, two operating points at mid-speed have been
selected: one at low load and the other at mid load, thus avoiding the high
uncertainty zone at low speed (see Chapter 4.4). These loads were chosen
because the potential of PPC is fully shown at those regions. In Table 6.6, the
base operating settings of the measured points are presented.
Speed
[rpm]
L1
L2

2000
2000

imep
[bar]

ṁa
[g/s]

ṁf
[g/s]

∆p *
[mbar]

prail
[bar]

Injections
[-]

τEGR
[%]

3.3
5.5

5.6
6.6

0.24
0.38

250
400

400
600

2
3

24
33

*∆p is defined as pint − pexh in this engine.
Table 6.6. Base setting of measured points in Engine B.

The first step is the tool calibration as performed in Engine A. It is
important to take into account that the experimental facility of Engine B
was not intended to determine all the heat fluxes; therefore, the information
required to perform the complete EGEB (i.e. by means of a mostly experimental approach) is not available. Nevertheless, the experimental measurements
available are enough to calibrate the models presented in this work.
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Once the models are calibrated for the selected operating conditions,
parametric variations at two levels of some operating variables (i.e. post and
main injections and ∆p) are performed. Finally, a brief theoretical study with
SiCiclo to assess the effect of the HT in the L2 operating point is carried out.

6.3.1

Sub-models calibration

The calibration of Engine B was performed following the same procedure as for Engine A; however, two comments have to be made:
– As this is a research engine, the optimization work has been focused on
the indicated efficiency because the engine design has not been optimized
to reduce mechanical losses. Therefore, they will not be analysed and
the model is not calibrated.
– As commented, the experimental information in this engine is more reduced than in the case of Engine A. As a consequence, the information
required to calibrate the HT from oil to coolant is not available.
Taking into account these comments, the calibration procedure followed
in Engine B is presented in Figure 6.37. The steps followed for the calibration
are the following:
• Step 1: similarly as for Engine A, the calibration of heat transfer to
chamber walls is performed in two stages. First, the Engine characterization is performed following the methodology described in Chapter
5.3.1. For this specific engine, this process is carried out in a set of skipfire tests as was discussed in Chapter 5.2.1. Taking into consideration
that this engine has tumble motion instead of swirl (see Chapter 5.2.1),
the Woschni constant (Cw1 ) is replaced for the equivalent constant Ct1
of Equation (5.5), recalled below for convenience.
vg,t = Ct1 cm + Ct2 ct + C2

Vd TIVC
(p − p0 )
VIVC pIVC

(6.8)

Once the Engine characterization is performed, the C2 constant of Equation (6.8) that accounts for the combustion effect on HT is adjusted. The
criterion followed is the reduction of ACE uncertainty (as in Engine A).
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Step 1

HT to chamber walls calibration
Engine characterization
- Skip-fire test to determine CR, Ct1,
kdef and DaTDC
- Criterion: reduction of eRoHR

HT model refinement
- Combustion tests to adjust combustion
constant (C2)
- Criterion: ACE uncertainty reduction

Step 2

HT to ports / during open cycle calibration
- Determination of the calibration constant for the
HT model during open cycle
- Criterion: Reduction of Qtot uncertainty
Step 3

Mechanical losses calibration
- Calibration of the constants in the engine map
- Criterion: Nfr+Na uncertainty reduction
Step 4

HT from oil to coolant calibration
- Criterion: Reduction of Qoil uncertainty

Figure 6.37. Sub-models calibration procedure.

This procedure was carried with the set of combustion measurements9
presented later in Section 6.3.2 (see Table 6.8).
Since the parameters involved in the Engine characterization have cross
effects [7] with the HT to the chamber, the previously commented stages
are carried out simultaneously10 as shown in Figure 6.37. The results of
the Engine characterization and the HT model adjustment are presented
in Table 6.7.
As the HT model during closed cycle was tuned with skip-fire tests,
it was assumed that the difference between ηcomb and the ACE mainly
depends on the combustion component C2 of the gas velocity in Equation
(6.8). Therefore, its value was determined with the criterion of reducing
9

A sweep of engine speed should be used to cover the complete engine operation range;
however, due to the particularities of this engine and the specific objective of this study, this
experimental set was considered enough.
10
This is consistent with the tumble model calibration presented in Chapter 5.2.1.4, which
was also simultaneously carried out with the Engine characterization.
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Parameter

Value

CR
kdef
∆αTDC
Ct1
Ct2
C2
Ct1,oc

16.5:1
0.99
167.3
1.05
0.53
0.005
22.4

Table 6.7. Engine characterization and HT model fitting constants.

ACE-ηcomb . ηcomb is determined by means of Equation (6.2), and for the
evaluated points, it has a value of 98±1%; therefore, this value was used
as reference. The results of this process provides a C2 = 0.005 as shown
in Table 6.7.
• Step 2: the next step consist on adjusting the HT during open cycle
(Ct1,oc instead of Ct1 in Equation (6.8)). As explained in Section 6.2.1,
adjusting simultaneously the HT to ports and in the chamber during
open cycle is not possible. Thus, differently to Engine A, in this case
the HT to the chamber during open cycle was adjusted instead of HT
to ports. The reason is that in this case the in-cylinder HT has a big
uncertainty, while the HT in the ports was previously studied in Engine
A, thus assuming similar behaviour. As no tumble nor combustion are
considered during open cycle (Ct2 = 0 and C2 = 0), Ct1,oc value has to
be adjusted to account for the air velocity effect on the HT due to the
piston movement. This process is similar as the adjustment of the HT to
ports performed in Engine A; therefore, the criterion is the reduction
of Q̇tot uncertainty for the operating conditions shown in Table 6.8. The
calibration constant of the HT to exhaust ports obtained in Engine A
was also used in this engine.
Finally, during the open cycle no tumble is considered by the model
presented; however, as commented in Chapter 5.2.1.1, some rotative macro
structures start forming during the intake process. Therefore, it is important
to adjust the Ct1,oc to compensate their effect on HT. As shown in Table 6.7,
Ct1,oc has a value of 22.4. This high value is consequence of adjusting the gas
velocity effect only with the mean piston speed (cm ). To include the tumble
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effect during the open cycle, a specific sub-model is required; however, it would
not improve the combustion diagnosis and would have just a slightly effect on
the IGEB.
8

Qtot,mod [kW]

7
6
5
4
3
2
2

3

4

5

6

7

8
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Figure 6.38. Experimental and modelled Q̇tot comparison after HT adjustment.

To assess the calibration performance, the comparison of Q̇tot,exp and
Q̇tot,mod is presented in Figure 6.38. As can be seen, the modelled values are
in good agreement with the experimental ones, having a mean deviation about
±3.5% (about ±1%ṁf Hv ).

6.3.2

Parametric studies

Once the HT model is tuned, several parametric studies were carried
out. These test were performed using gasoline RON 95 as fuel and a PPC
mode. The parametric studies performed are:
– Study 1: Variation of post injection timing.
– Study 2: Variation of main injection timing.
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– Study 3: Variation of the intake-exhaust pressure drop (∆p).
The relevant operating conditions of the parametric studies are summarized in Table 6.8. These ranges were the maximum variations possible at
which a stable combustion was achieved. Higher variations of these parameters
could lead to flame quenching or knocking [8, 9].
Operating
point

SoI pilot
[◦ ]

SoI main
[◦ ]

SoI post
[◦ ]

∆p *
[mbar]

Study 1

L1
L2

n/a
-60

-42
-44

-10/0
-6/-14

250
400

Study 2

L1
L2

n/a
-60

-36/-46
-42/-48

-10
-10

250
400

Study 3

L1
L2

n/a
-60

-42
-44

-4
-10

210/270
400/480

*∆p is defined as pint − pexh in Engine B.
Table 6.8. Parametric studies performed on Engine B.

In the following sections, Q̇unbal,in is not analysed. The reason is that it
is lower than 1%ṁf Hv in all the analysed points, which is in the range of the
fuel measurement uncertainty. It is interesting to clarify that Q̇unbal,ex was
considered in the analysis of Engine A because it changes importantly in the
engine map. Similarly, the blow-by also affects the GEB; however, its effect is
always lower than 0.06%ṁf Hv and it is not considered in the analysis.
6.3.2.1

Post injection timing variation

In this study, the post injection timing was change at two levels: 0 and
-10◦ for the L1 point, and -6 and -14◦ for the L2 point, as shown in Table
6.8. The rest of the operating parameters were kept constant to assure a clear
comparison between results.
Results on L1 point: the injection rate and the RoHR are presented in
Figure 6.39. As shown, the advanced post injection leads to faster combustion,
evident by the higher RoHR peak. This sharper combustion leads to higher
gas temperature peak and hence to higher HT as shown in Figure 6.40. During
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Figure 6.39. RoHR shape due to post injection variation in L1.

the expansion stroke the temperature tends to become similar in both cases,
being slightly lower for the delayed post injection. This is explained by the
longer combustion in this case, in which the combustion process is slower and
starts later, thus increasing T and HT during the expansion.
In Figure 6.41, the GEB is presented. As can be seen, the indicated
efficiency is almost the same in both cases; however, delaying the post injection
reduces Q̇cham,cool and Q̇cham,oil about 0.6 and 0.7%ṁf Hv respectively. This
HT reduction is compensated by two effects: on the one hand, the higher Ḣic
due to lower combustion efficiency, and on the other hand, the higher Ḣg,in
and Q̇EGR (about 0.5%ṁf Hv each of them) explained by the slightly higher
exhaust temperature because of the late combustion during expansion.
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Figure 6.40. HT and T changes due to post injection variation in L1.
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Figure 6.41. GEB of post injection variation in L1.

Results on L2 point: contrary to the effect observed in the L1 point,
advancing the post injection at higher load leads to lower RoHR peak and
delayed combustion, as can be seen in Figure 6.42. In this case, this earlier
post injection leads to higher delay time because of the reduction of the local
temperature due to the effect of fuel evaporation; however, it seems that in
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the second case (delayed post injection), the injection begins after the Start of
Combustion (SoC) of the main injection, thus leading to a faster combustion
of the post injection, as can be noticed in the sharper shape of the RoHR.
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Figure 6.42. RoHR shape due to post injection variation in L2.

It is interesting to highlight that the HT in the delayed post injection
is higher near to the TDC as shown in Figure 6.43. This higher HT is due to
the faster combustion and the faster increase of T . However, the later End of
Combustion (EoC) of the advanced post injection leads to increase T during
the expansion stroke. Therefore, some degrees after TDC, both T and HT
reach similar levels for both post injection cases. However, the effect of the
higher T close to TDC leads to increase Q̇cham,cool and Q̇cham,oil about 0.7 and
0.9%ṁf Hv (see Figure 6.44).
As shown in Figure 6.44, ηi,net is about 0.8%ṁf Hv higher in the case of
advanced post injection, which is explained by the global reduction of the HT
in the chamber about 1.6%ṁf Hv . Regarding Ḣg,in , it is 0.5%ṁf Hv higher in
the advanced post injection case, whilst Q̇ports and Q̇EGR have similar values
in the GEB as shown in Figure 6.44, (the addition of them is about 0.3%ṁf Hv
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higher in the case of advanced post injection). Note that Ḣic is similar in both
cases, which means that the combustion efficiency is not importantly affected
by the post injection timing at this load.
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Figure 6.43. HT and T changes due to post injection variation in L2.
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Figure 6.44. GEB of post injection variation in L2.
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Main injection timing variation

The procedure followed in this study is similar as that of the previous
study, but this time changing the main injection timing. For L1 point it was
varied between -36 and -46◦ , and for L2 between -42 and -46◦ , as shown in
Table 6.8.
Results on L1 point: advancing the main injection provides more time
for the air/fuel mixing process, thus leading to higher premixed combustion
and hence a sharp shape of the RoHR as shown in Figure 6.45. Also both SoC
and EoC occurs earlier in the case of advancing main injection.
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Figure 6.45. RoHR shape due to main injection variation in L1.

This faster combustion leads to higher T , and hence higher HT near
TDC, where the combustion takes place. However, delaying the main SoI
leads to longer and later combustion, and hence to slightly higher exhaust
temperature.
As can be observed in Figure 6.47, delaying the main SoI reduces Q̇cham,cool
and Q̇cham,oil about 0.6 and 0.7%ṁf Hv respectively. Moreover, Ḣic is 1.1%ṁf Hv
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lower, which indicates a better combustion performance, explained by the
lower amount of gasoline near the walls where the temperature is low, and
hence the fuel is not completely burned [10]. This global HT reduction and the
improved combustion efficiency lead to an increase of ηi,net about 1.4%ṁf Hv .
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Figure 6.46. HT and T changes due to main injection variation in L1.
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Figure 6.47. GEB of main injection variation in L1.

6.3 GEB in Engine B

319

As can be seen in Figure 6.47, Ḣg,in is 0.6%ṁf Hv lower when advancing
the main SoI due to lower exhaust temperature. For the same reason, Q̇ports
and Q̇EGR are slightly lower in this case.
Results on L2 point: as shown in Figure 6.48 both main SoIs tested
have similar RoHR shape, SoC and EoC. However, advancing the main SoI
leads to lower RoHR peak and slightly advanced combustion.
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Figure 6.48. RoHR shape due to main injection variation in L2.

Since the combustion process is quite similar, both T and HT have
similar behaviour during the whole cycle as shown in Figure 6.49. It is only
remarkable a slightly lower temperature after TDC for the advanced SoI.
As shown in Figure 6.50, a ηi,net improvement of 0.5%ṁf Hv is attained when advancing the main SoI as a consequence of the addition of
small favourable processes: a better combustion performance that leads to
0.3%ṁf Hv lower Ḣic , and slightly lower HT.
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Figure 6.49. HT and T changes due to main injection variation in L2.
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Figure 6.50. GEB of main injection variation in L2.

6.3.2.3

Variation of the intake-exhaust pressure drop

Due to the particularities of the Gasoline PPC concept, the air management plays a crucial role, since high IGR rate is key to increase the temperature
of the charge and trigger the auto-ignition of the low reactivity mixture. In
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2-stroke engines, the sweep of the burned gases is highly sensible to the difference between intake and exhaust pressure (∆p = pint − pexh ). For this reason,
a study at two different ∆p was carried on as shown in Table 6.8: ∆p was
swept from 210 to 270 mbar at L1, and from 400 to 480 mbar at L2. These
variations were made by changing the exhaust pressure and maintaining the
intake pressure values presented in Table 6.6.
Results on L1 point: The increase of ∆p enhances both, the intake of
fresh air and the sweep of burned gases. As shown in Figure 6.51, the higher
∆p delays the SoC. This is explained by the lower T during most of the cycle
(see Figure 6.53) due to the lower residual gases fraction, being about 5%
lower when increase ∆p in the range considered.
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Figure 6.51. RoHR shape due to ∆p variation in L1.

The lower T at higher ∆p also leads to lower HT, as shown in Figure 6.52.
Moreover, it can be seen how the temperature is lower during the compression
and also becomes increasingly lower during the expansion stroke, thus leading
to lower exhaust temperature.
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Figure 6.52. HT and T changes due to ∆p variation in L1.
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In the high ∆p case, the explained in-cylinder HT reduction leads to
an important heat rejection diminution in terms of Q̇cham,cool and Q̇cham,oil
(about 2 and 1.7%ṁf Hv respectively), as can be seen in Figure 6.53. This
HT reduction, along with the changes in the RoHR, leads to about 3.6%ṁf Hv
higher ηi,net . In the case of Q̇ports , the lower exhaust temperature leads to a
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reduction of 0.5%ṁf Hv , as shown in Figure 6.53. In spite of the lower exhaust
temperature when increasing ∆p, Ḣg,in is 0.7%ṁf Hv higher due to the higher
fresh mass flow.
It is interesting to highlight that at the measured conditions, Ḣic was
constant due to similar combustion efficiency in both cases. It was checked that
further increase of ∆p leads to lower combustion efficiency, higher combustion
instability and misfire due to low temperature and auto-ignition issues [8].
Results on L2 point: similarly as for L1 point, when increasing ∆p,
the intake of fresh air and the sweep of burned gases are improved. Thus,
as shown in Figure 6.54, the increase of ∆p delays the combustion process
even though at higher load the effect is smaller than in L1. As the scavenging
process is enhanced by higher ∆p, lower IGR rates are used; therefore, a
slightly lower T evolution is observed during the whole cycle as shown in
Figure 6.55, which results in a slightly lower HT.
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Figure 6.54. RoHR shape due to ∆p variation in L2.

As can be seen in Figure 6.56, the better air management increases ηi,net
about 1.3%ṁf Hv . This is explained, on the one hand, by the lower HT to the
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chamber walls (Q̇cham,cool and Q̇cham,oil about 0.5 and 0.3%ṁf Hv lower), and
on the other hand, by the lower Ḣic about 1%ṁf Hv , which indicates a better
combustion performance. Similarly as for L1, Q̇ports is 0.2%ṁf Hv lower due
to lower exhaust temperature, and Ḣg,in is 0.4%ṁf Hv higher due to higher
air mass flow at intake.
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Figure 6.55. HT and T changes due to ∆p variation in L2.
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Predictive study on heat transfer reduction

After the analysis performed in the previous section, and taking into
account that the HT sub-models were exhaustively calibrated for this engine
as described in Section 6.3.1, a consequent next step is using the predictive tool
SiCiclo to asses the potential of the tuned sub-models to evaluate the effect of
HT on the engine efficiency, and the benefits obtained if HT is reduced.
From the analysis presented in the previous section, and bearing in mind
that the indicated efficiency is mainly controlled by the RoHR shape and the
HT to the chamber walls, the following observations can be highlighted:
– Further improvement of the combustion process in Engine B is hardly
achievable by changes in the studied parameters (related with the injection setting and air management), which is principally due to the limited
variation range.
– The instantaneous HT to the chamber walls reaches the highest values
during expansion stroke; therefore, it is well known that reducing the
HT during close cycle leads to higher instantaneous pressure evolution,
and hence better indicated efficiency.
Attending to these comments, it was considered to evaluate the effect of
the HT in the indicated cycle as well as in the GEB terms. For this reason, a
predictive study that consists on gradually reduce the HT from the reference
case to the ideal adiabatic cycle was performed. This study is carried out
in the L2 operating point, whose main operating conditions are provided in
Table 6.9 (more information can also be found in Table 6.6).

L2

SoI pilot
[◦ ATDC]

SoI main
[◦ ATDC]

SoI post
[◦ ATDC]

pint
[bar]

pexh
[bar]

Tint
[◦ C]

Texh
[◦ C]

-60

-42

-10

1.7

1.3

47

414

Table 6.9. Operation settings of L2 reference point used for the predictive study.

The comparison between the reference and the adiabatic cycle (extreme
conditions) is interesting to determine the upper limit of what can be achieved
by reducing the HT. Thus, some simulations were performed with SiCiclo, using the HT constant adjusted in Section 6.3.1, and imposing adiabatic chamber
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conditions. In order to take into account only heat rejection effects, the RoHR
was assumed to be the same. The comparison of the indicated cycles is shown
in Figure 6.57. The simulations confirm the expected improvement on the
indicated work in the adiabatic case, as the pressure clearly increases during
the expansion stroke as presented in Figure 6.58, and hence the area of the
p − V diagram increases. This pressure increase leads to higher gas temperature evolution as shown in Figure 6.57, thus affecting several terms of the
GEB (e.g. the sensible enthalpy at exhaust and the HT to ports). Therefore,
the analysis of the GEB is interesting to complete the evaluation of the HT
reduction outcomes.
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Figure 6.57. p − V diagramm.

In order to obtain results in realistic cases, the HT was reduced at two
intermediate levels between the reference and the adiabatic cases (33 and 67%
of total HT to chamber). As the analysis is centred on the chamber process,
some clarifications have to be made: on the one hand, the analysis is focused
on the engine block, thus Ḣg,ports variation is analysed instead of Ḣg,in . On the
other hand, the combustion efficiency was assumed to be the same for all the
simulations because SiCiclo is not able to model the combustion completeness,
thus Ḣic cannot be calculated.
The GEB results are presented in Table 6.10. It can be seen that the
main terms changing are the indicated efficiency, the heat transfer to chamber
(Q̇cham,cool and Q̇cham,oil ) and the exhaust enthalpy, whilst the HT to ports
has a maximum increase about 1%ṁf Hv . The lower sensitivity of Q̇ports in
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Figure 6.58. p and T comparison between the reference and adiabatic cases.

comparison with Q̇cham,cool and Q̇cham,oil is due to the fact that in the case of
in-cylinder HT, both gas velocity and temperature are changing, while in the
ports only temperature variations are taking place.
In Figure 6.59, the trends of the main terms are presented. As can
be seen, in spite of the maximum reduction of Q̇cham about 26%ṁf Hv , a
maximum increment on the ηi,net of 9%ṁf Hv is achieved. This can be explained, on the one hand, because part of Q̇cham reduction takes place during
open cycle, thus only 22%ṁf Hv corresponds to closed cycle, and on the other
hand, assuming a thermal efficiency of the heat to power conversion similar
as the indicated efficiency (39%ṁf Hv ), an approximated indicated efficiency
improvement of 8.5%ṁf Hv can be expected; the difference of this value with
the simulated results is due to differences between the shape of the HT and
the RoHR11 . In the intermediate points studied, the ηi,net increment ranges
between 3 and 6%ṁf Hv when reducing the HT between 33 and 66%. Finally,
as only part of the HT recovery is converted in work, Ḣg,ports increases about
17%ṁf Hv in the adiabatic case.
Summarizing, a potential improvement of ηi,net between 3 and 6%ṁf Hv
can be achieved by reducing the HT in this engine. Apart from the gas velocity
reduction (as tumble motion is necessary to maintain a suitable combustion
11

The real benefits of reducing the HT can slightly differ from the results presented as a
consequence of changes in the RoHR due to different in-cylinder conditions.

328

Chap.6 Application of the GEB in direct injection engines

process), the heat rejection diminution can be attained following some of the
techniques described in Chapter 2.3.3: through a proper thermal management
or by using thermal barrier coatings on the combustion chamber. Moreover,
the increase of the available energy at exhaust can be used to enhanced the turbocharging process or in organic regenerative cycles as commented in Chapters
2.3.2 and 2.4.4 respectively.
Q̇cham
reduction

∆ηi,net
[%ṁf Hv ]

∆Q̇cham,cool
[%ṁf Hv ]

∆Q̇cham,oil
[%ṁf Hv ]

∆Q̇ports
[%ṁf Hv ]

∆Ḣg,ports
[%ṁf Hv ]

33%
67%
Adiabatic

2.4
5.3
8.9

-3.9
-8.8
-15.4

-2.6
-6.1
-10.9

-0.2
-0.6
-1.0

3.9
9.2
16.5

-6

0

-30

24
12
0
30

40

50

60

70

80

90

[% mf Hv]

-18

Dhi,net

[% mf Hv]

DQcham

12

[% mf Hv]

24

DHg,ports

Table 6.10. Variations of the GEB terms when reducing the HT to the chamber.
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Figure 6.59. Variation on the GEB parameters due to reduction of the HT.
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Summary and conclusions

To ensure a suitable HT estimation to perform the GEB, CALMEC and
SiCiclo sub-models required calibration prior to be used in a specific engine.
For this reason, a global HT calibration methodology has been proposed:
1. HT to the chamber walls calibration. In this step, two processes
were iteratively performed: on the one hand, the Engine characterization (using motoring tests) to obtain some uncertain parameters that
affect the in-cylinder conditions calculation12 . On the other hand, the
calibration of the HT to the chamber walls (using combustion tests) with
the criterion of reducing the difference between ACE and ηcomb .
2. HT to ports / during open cycle calibration. This step consists
on the tuning of the convective HT model to ports (case of Engine A)
or the HT during open cycle (case of Engine B), aimed at reducing the
difference between experimental and modelled Q̇tot .
3. Mechanical losses calibration. The mechanical losses sub-models
were adjusted to reduce the deviation from (Nf r + Na )exp . This process
was only performed for Engine A, taking into account that the studies
carried out in Engine B are aimed at the indicated cycle optimization,
thus the analysis of the mechanical losses was not relevant.
4. HT from oil to coolant calibration. Once all the models were adjusted, this last term was calibrated with the criterion of reducing the
differences between experimental and modelled Q̇oil . This step was only
carried out in Engine A.
After the complete sub-models calibration, the GEB was performed and
analysed in Engine A map. To improve the analysis, a combination of experimental and modelled results was used. Following, the most noticeable results
are presented:
– ηi mainly depends on the engine speed (having a limited variation with
load) ranging between 38%ṁf Hv at low speed and 46%ṁf Hv at high
speed. This behaviour is mainly explained by the reduction of the HT
12

i.e. CR, kdef , ∆αTDC and Cw1 , as described in Chapter 5.3.1.
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to the chamber with the speed and load; however, the HT reduction is
partially compensated by the increase of the combustion duration when
the load increases, which is due to changes in the injection settings and
air management; therefore, no clear variation of ηi were observed with
the load.

– ηb ranges between 30-38%ṁf Hv , reaching its maximum at mid-speed
and high load. This is explained as the combination of two main trends:
the higher ηi at higher engine speeds and the higher ηm at lower engine
speeds and higher loads.
– The relative trends observed in the HT to coolant are mainly explained
by the detailed repartition of HT to the chamber walls and ports. Q̇cool
tends to decrease with the speed similarly as Q̇lin and Q̇ch ; however, it is
less dependent on the load than these terms due to the lower sensitivity
of Q̇ports to load variations. Therefore, Q̇cool variates between 28%ṁf Hv
at low speed and 18%ṁf Hv at high speed.
– Q̇oil decreases from 9%ṁf Hv (at low speed and load) to 4%ṁf Hv (at
high speed and load). This trend is explained mainly by Q̇pis . The
difference between these terms is due to the heat rejection from oil to
coolant.
– The difference between Ḣg,ports and Ḣg,in is explained by Q̇EGR ; therefore, up to mid speed and load both reach similar values (as no EGR
strategy was used). Similarly, the difference between Ḣg,in and Ḣg,ex is
explained by Q̇a , being specially important at high speed, where the air
cooling demand is higher.
The relative weight of these net sensible enthalpies mainly increase with
the engine speed, thus Ḣg,ports , Ḣg,in and Ḣg,ex variate between 2242%ṁf Hv , 18-40%ṁf Hv and 16-34%ṁf Hv respectively.
– Q̇misc has values between 2 and 14%ṁf Hv , explained mainly by Q̇ext .
However, the higher Q̇misc at low speed and load is explained by the
higher experimental uncertainty at these conditions.
In the case of Engine B, two operating points at a fixed speed and low
and mid loads (L1 and L2) were chosen. Variations of the injection settings
(post and main injection) as well as in the difference between exhaust and
intake pressures (∆p) were performed. Some remarkable results obtained from
these parametric studies are:
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– Delaying the post injection in L1 reduces the HT but has low effect on ηi
because of the changes in the combustion and the increase of Ḣic . Hence,
the exhaust enthalpy Ḣg,in increases. In the case of L2, the reduction of
HT is even higher, thus leading to an ηi improvement about 0.8%ṁf Hv .
– Delaying the main injection in L1 reduces the HT and Ḣic , thus obtaining
1.4%ṁf Hv higher ηi . Despite this improvement in L1, delaying the main
injection in L2 did not change significantly the combustion process; thus,
a 0.5%ṁf Hv higher ηi was achieved as the addition slightly lower Ḣic
and HT.
– Increasing ∆p leads to lower HT, which leads to increase ηi about 3.6
and 1.3%ṁf Hv in points L1 and L2 respectively. In spite of reducing
the exhaust temperature, slightly higher levels of Ḣg,in were observed as
consequence of the higher mass flow at exhaust.
With this analysis, the potential of using the GEB has been shown in
diagnosis applications at different engines and parametric studies. Finally,
the tuned sub-models and the GEB analysis have been applied in a predictive
application on Engine B. Considering that improvements in the RoHR or
air management are hardly attainable in Engine B, and taking into account
that the HT sub-models were comprehensively calibrated, a predictive study
with SiCiclo to assess the potential increment of ηi by reducing the HT was
performed. In this study, variations of the HT from a reference point (L2) to
the ideal adiabatic cycle were carried out.
It was observed that, a maximum Q̇cham reduction about 26%ṁf Hv
leads to 9%ṁf Hv higher ηi,net ; thus, about 35% of the HT reduction becomes
engine efficiency and the remaining is lost as sensible enthalpy at the exhaust.
In more realistic conditions, reducing the HT to chamber about 33 and 67%
leads to ηi,net increments between 3 and 6%ṁf Hv .
As a final conclusion, it can be stated that the GEB and the methodology to adjust the sub-models provide a set of useful tools to characterize and
analyse the energy split in different engine hardware and settings configuration, including diagnosis and predictive applications.
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[1] Martı́n J. Diagnóstico de la combustión en motores de Diesel de inyección
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7.1

Conclusions

Taking into account the consumption and emissions trade-off, the main
strategies developed during last decades to control emissions in RICEs and
their effects on engine efficiency have been exhaustively evaluated. As a result
of the continuous RICE improvement, the in-cylinder process optimization has
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reached a development level in which further emissions reduction is barely attainable through controlling in-cylinder conditions with conventional methods.
Therefore, the use of aftertreatment systems has become a common solution.
This generalized use of aftertreatment systems along with the climatic change
awareness have moved the research interest towards the optimization of the
RICE operation to reach the maximum efficiency.
The thermal balances have gained relevance since they are used to evaluate the actual thermo-fluid-dynamic processes and to obtain reliable predictive
information regarding the engine thermal behaviour when using a particular
strategy. However, the thermal balances found in the literature use a simple
approach to analyse the thermal balance, usually taking into account only the
brake efficiency, the total heat rejection and the exhaust losses, and in few
cases, the unburned fuel. The simplicity of these approaches can be justified
considering the complexity of the experimental measurement of the energy
terms and the difficulty of developing and calibrating accurate models. From
this literature review, two general observations can be highlighted:
1. There is a lack of works proposing a global methodology to perform and
analyse the thermal balance.
2. It is necessary to develop a global strategy to perform a comprehensive
analysis of the energy balance, taking into account experimental and modelling tools to obtain all the energy terms.
Therefore, the work presented in this thesis is aimed at the development of a comprehensive methodology to perform and analyse the
energy balance in reciprocating engines. To accomplish this purpose,
the previous works of Tinaut [1], Armas [2], Degraeuwe [3], Martı́n [4] and
Garcı́a [5] have been used as a starting point. The cited works have provided
the reference thermodynamic model that includes the required sub-models to
perform the combustion diagnosis (CALMEC) and the cycle simulation (SiCiclo).
To fulfil the main aim of this thesis, 4 particular objectives were stated
in Chapter 1.3:
1. Proposing a comprehensive thermal balance methodology that allows determining and analysing all the energy terms.
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2. Developing the necessary sub-models to complete a comprehensive thermal balance.
3. Proposing a methodology for the calibration of the sub-models.
4. Showing the potential of the calibrated sub-models and the energy balance
methodology through their application on different engines.
In the following sections, the most relevant findings made for each objective will be highlighted.

7.1.1

Conclusions regarding the comprehensive thermal
balance methodology that allows determining and
analysing all the energy terms

A comprehensive methodology to perform and analyse the thermal balance, called Global Energy Balance (GEB), has been proposed. The GEB
considers two points of view:
– External Global Energy Balance (EGEB): it considers the main
energy flows through the engine, based mostly on experimental information.
– Internal Global Energy Balance (IGEB): a detailed description of
the energy split due to engine internal interactions has been presented.
It is based mostly on modelling work, but some experimental variables
are also used, being the in-cylinder pressure the most important.
Along with these GEB definitions, some equivalent terms between them
have been defined through a proper consideration of the energy repartition.
In particular, the experimental and modelled total heat transfer (Q̇tot,exp and
Q̇tot,mod ), heat transfer to coolant (Q̇cool,exp and Q̇cool,mod ) and heat transfer
to oil (Q̇oil,exp and Q̇oil,mod ) have been presented as key terms for the GEB
models calibration and results validation.
To determine the reliability of the experimental work, an uncertainty
analysis of the most relevant terms has been performed. It has been concluded that the most uncertain parameter in terms of the fuel energy is the
heat transfer to the coolant (Q̇cool ), whose uncertainty reaches values up to
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2%ṁf Hv at low speed and load. This relative high uncertainty confirmed the
importance of defining Q̇tot,exp based on less uncertain experimental parameters. The rest of the terms analysed have lower uncertainty in terms of the
fuel energy, showing most of them values lower than 0.5%ṁf Hv .

7.1.2

Conclusions regarding the development of the
necessary sub-models to complete a comprehensive
thermal balance

To perform the IGEB, the modelling of some energy terms is necessary;
therefore, several sub-models of CALMEC and SiCiclo have been improved
and new ones developed:
• HT model for engines with tumble motion: a model that considers
the tumble motion effect on the HT has been developed based on the
analysis of CFD simulations. Then, the experimental calibration was
performed with skip-fire tests and the model performance was checked
in combustion tests, showing a significant improvement in comparison
with the reference swirl model.
• HT to ports: a new model to determine the HT to ports has been
proposed. This model takes into consideration the high gas velocity
and temperature variations in the exhaust ports during the open cycle,
when about 90% of the total HT to ports takes place. Therefore, a
0D quasi-steady model that considers the instantaneous evolution of the
heat transfer coefficient and gas temperature has been developed.
• Heat transfer from oil to coolant: to determine the heat transfer between oil and coolant, a simple lumped model that considers the thermal
resistances of the oil, coolant and engine material has been proposed.
• Uncertainties adjustment: an adjustment methodology to determine
some uncertain parameters (i.e. CR, kdef , ∆αTDC and Cw1 ), called Engine characterization, has been developed. This methodology is based
on MLR and the sensitivity analysis of each parameter on the RoHR
and the simulated pressure.
• Mechanical losses model: as the determination of HT to coolant and
oil requires detailed friction and auxiliary modelling, specific sub-models
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to calculate the friction between piston pack and liner, bearings and valve
train have been proposed. Likewise, simple sub-models to estimate the
coolant, oil, and fuel pumps power have been provided.

7.1.3

Conclusions regarding the methodology for the
calibration of the sub-models

To ensure accurate HT estimation, the sub-models developed and included in CALMEC and SiCiclo have to be calibrated. Thus, an integral
methodology has been proposed, which follows the next steps:
1. HT to the chamber walls calibration, which consists on performing the
Engine characterization and the HT model refinement with combustion
tests.
2. HT to the ports calibration or HT during open cycle calibration.
3. Mechanical losses calibration.
4. HT from oil to coolant calibration.

7.1.4

Conclusions regarding the potential of the calibrated
sub-models and the energy balance methodology
through their application on different engines

After the adjustment of the sub-models, the GEB was performed in the
map of Engine A, concluding that:
– ηi depends mainly on the engine speed, ranging between 38%ṁf Hv at
low speed and 46%ṁf Hv and high speed. Its behaviour has been explained by the reduction of Q̇cham,cc and the increase of combustion
duration when increasing the load.
– ηb ranges between 30-38%ṁf Hv , reaching its maximum at mid-speed and
high load. Its behaviour has been explained by ηi and the mechanical
efficiency.
– The relative trends observed in Q̇cool are explained by Q̇lin , Q̇ch and
Q̇ports . Therefore, Q̇cool mainly depends on the speed, ranging between
28%ṁf Hv at low speed and 18%ṁf Hv at high speed.
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– The trends of Q̇oil are explained by Q̇pis , where the difference between
these terms is due to the heat rejection from oil to coolant. Hence, Q̇oil
decreases from 9%ṁf Hv (at low speed and load) to 4%ṁf Hv (at high
speed and load).
– The relative weight of Ḣg,ex ranges between 16 and 34%ṁf Hv depending
on the engine speed. This trend is similar as that of Ḣg,in and Ḣg,ports ,
being their differences explained by Q̇EGR and Q̇a .
– Q̇misc has values between 2 and 14%ṁf Hv , explained mainly by Q̇ext
and the higher experimental uncertainty at low speed and load.
In the case of Engine B, parametric studies of post injection, main injection, and ∆p were carried out in two operating points (L1 and L2). Starting
from the in-cylinder conditions and the RoHR analysis, the changes of the specific energy repartition were justified; thus, analysing how the injection setting
and air management affect the HT and efficiency in this 2-stroke engine. In
general, the reduction of the HT leads to ηi increase; however, the different
thermodynamic conditions at each load and the variations of Ḣic and RoHR
made necessary the GEB to explain the behaviour of PPC operation.
As further improvement of the RoHR with the parameters studied is
hardly attainable, the potential of increasing ηi by reducing the HT has been
assessed by means of a simulation study performed with SiCiclo. It consisted
on variations of the HT from a reference point (L2) to the ideal adiabatic
cycle.
In the adiabatic case, it was observed that the maximum Q̇cham reduction (26%ṁf Hv ) leads to 9%ṁf Hv higher ηi,net ; thus, about 35% of the HT
reduction can be recovered as engine efficiency, being the remaining part lost
as sensible enthalpy at exhaust. In more realistic conditions, reducing the
HT to chamber about 33 and 67% leads to ηi,net increments between 3 and
6%ṁf Hv .
With the finalization of the studies in Engine A and Engine B, the
potential of the methodology to calibrate, perform and analyse the
Global Energy Balance has been demonstrated. The analysis and calibration methodologies described in this thesis are flexible enough to be applied
in different types of engines and combustion modes, showing its usefulness for
both diagnostic and predictive applications.

7.2 Future works

7.2
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As final contribution of this work, the potential improvements and future
works according to the author point of view are commented. As can be seen,
the work done in this thesis was dedicated to the methodological description of
how to perform and how to analyse the GEB. An important effort was made to
provide all the sub-models required to determine the IGEB in different types
of engines. At the current state of this work, it can be applied to perform
complete combustion and thermal diagnosis, providing interesting insights of
the engine process.
Notwithstanding, it seems that this thesis is the first step of a deeper
development process, taking into account that the strategies to improve the
RICE efficiency are not directly derived from the results shown in this work,
beyond a brief application in Engine B. In this regard, the dual diagnosispredictive approach can be improved in a next step. Thus, some improvement
works for the predictive tool SiCiclo are proposed:
1. The analysis of the effects of different strategies on the engine efficiency
should be improved by considering the effect of the in-cylinder conditions
on the RoHR. This is highly important, as most of the strategies used
to improve the engine efficiency will affect the combustion process (i.e.
the RoHR).
2. In this work, emissions have not been considered; however, from the
predictive point of view, it would be interesting to combine consumption
and emissions for a complete analysis. Thus, including a model in SiCiclo
to take into account the N Ox formation within the chamber would be
very useful. This would allow establishing boundaries for the simulation
studies or multi-objective optimization.
3. Optimization algorithms can be included. The potential of the predictive
results would benefit from a mathematical model that allows determining
optimum parameters.
As commented in Chapter 2.4, it is interesting to highlight the benefits of
using the GEB analysis for the development of the future engine concepts. In
particular, the tool presented in this work could allow a comprehensive energy
analysis of emerging technologies, like some advanced engine architectures
(e.g. variable valve actuation, opposed piston engines, etc.). To use the GEB
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methodology, a prior adaptation of the tool is required, as an example, hybrid
powertrains require an important modelling work to make this tool suitable for
their diagnosis. In this regard, the methodology described in this work could
be extended to include the electric parts (battery packs, electric motor, etc.),
which would allow performing a complete thermal diagnosis and predictive
optimization of this kind of powertrains.
As conclusions, the author’s proposals are to extend the GEB methodology to take into account emerging engine technologies, such as hybrid powertrains, and to update the predictive tool SiCiclo regarding the combustion law
and N Ox emissions simulation. SiCiclo can be used together with CALMEC
to achieve a complete RICEs diagnosis/predictive analysis tool with
higher potential to determine engine improvement paths.
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Theoretical investigation of heat balance in direct injection (DI) diesel engines for neat diesel
fuel and gasoline fumigation.
Energy Conversion and Management, Vol. 50 no 1, pp. 43–51, January 2009.
(cited in pp. 38, 42, 50)
Edwards K.D., Wagner R. and Briggs T.
Investigating Potential Light-duty Efficiency Improvements through Simulation of Turbocompounding and Waste-heat Recovery Systems.
SAE Techinical Paper 2010-01-2209, 2010.
(cited in pp. 38, 47, 48, 50)
Edwards K.D., Wagner R.M. and Graves R.L.
Identification of Potential Efficiency Opportunities in Internal Combustion Engines Using a
Detailed Thermodynamic Analysis of Engine Simulation Results.
SAE Technical Paper 2008-01-0293, 2008.
(cited in pp. 38, 41, 47, 48, 50)
Etsion I. and Sher E.
Improving fuel efficiency with laser surface textured piston rings.
Tribology International, Vol. 42 no 4, pp. 542–547, April 2009.

(cited in p. 33)

European Parliament.
Regulation (EU) No 333/2014 of the European Parliament and of the Council of 11 March
2014 amending Regulation (EC) No 443/2009 to define the modalities for reaching the 2020
target to reduce CO2 emissions from new passenger cars.
Official Journal of the European Union, Vol. L103 Vol 5, pp. 15–21, 2014.
(cited in p. 4)
Farrell J.T., Stevens J.G. and Weissman W.
A Second Law Analysis of High Efficiency Low Emission Gasoline Engine Concepts.
SAE Techinical Paper 2006-01-0491, 2006.
(cited in p. 48)
Federal-Mogul.
Goetze Piston Ring Handbook.
online resource, 2008.

(cited in pp. 225, 252, 253)

Flierl R., Lauer F., Breuer M. and Hannibal W.
Cylinder Deactivation with Mechanically Fully Variable Valve Train.
SAE Int. J. Engines, Vol. 5 no 2, pp. 207–215, 2012.

(cited in p. 23)

Franco A. and Martorano L.
Methods to Evaluate In-Cylinder Heat Transfer and Thermal Load in the Small Internal
Combustion Engines.
SAE Techinical Paper 1999-01-1252, 1999.
(cited in p. 47)

352

Bibliographic Index

Fridriksson H.S., Tuner M., Andersson O., Sunden B., Persson H. and Ljungqvist M.
Effect of Piston Bowl Shape and Swirl Ratio on Engine Heat Transfer in a Light-Duty
Diesel Engine.
SAE Techinical Paper 2014-01-1141, 2014.
(cited in p. 25)
Fu J., Liu J., Feng R., Yang Y., Wang L. and Wang Y.
Energy and exergy analysis on gasoline engine based on mapping characteristics experiment.
Applied Energy, Vol. 102, pp. 622–630, February 2013.
(cited in pp. 38, 41, 48, 50)
Furuhama S. and Tada T.
On the Flow of Gas Through the Piston-Rings (1st Report, The Discharge Coefficient and
Temperature of Leakage Gas).
Bulletin of JSME, Vol. 4 no 16, pp. 684–690, 1961.
(cited in p. 246)
Furuhama S. and Tada T.
On the Flow of Gas Through the Piston-Rings (2nd Report, The Character of Gas Leakage).
Bulletin of JSME, Vol. 4 no 16, pp. 691–698, 1961.
(cited in p. 246)
Galindo J., Serrano J.R., Climent H. and Varnier O.
Impact of two-stage turbocharging architectures on pumping losses of automotive engines
based on an analytical model.
Energy Conversion and Management, Vol. 51 no 10, pp. 1958–1969, October 2010.
(cited in p. 25)
Galloni E., Fontana G. and Staccone S.
Numerical and experimental characterization of knock occurrence in a turbo-charged sparkignition engine.
Energy Conversion and Management, Vol. 85, pp. 417–424, sep 2014.
(cited in p. 16)
Garcı́a D.
Aportación al modelado de emisiones y consumo basado en la señal de presión en el cilindro
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Heat balance in modern automotive engines.
Journal of Middle European Construction and Design of Cars, Vol. 10 no 2, pp. 6–13, 2013.
(cited in p. 42)
Payri F., Benajes J., Galindo J. and Serrano J.R.
Modelling of turbocharged diesel engines in transient operation. Part 2: Wave action models
for calculating the transient operation in a high speed direct injection engine.
Proc. IMechE, Part D: Journal of Automobile Engineering, Vol. 216 no 6, pp. 479–493,
2002.
(cited in p. 24)
Payri F., Broatch A., Serrano J.R., Rodrı́guez L.F. and Esmorı́s A.
Study of the Potential of Intake Air Heating in Automotive DI Diesel Engines.
SAE Techinical Paper 2006-01-1233, 2006.
(cited in p. 101)
Payri F., Galindo J., Martı́n J. and Arnau F.J.
A Simple Model for Predicting the Trapped Mass in a DI Diesel Engine.
SAE Techinical Paper 2007-01-0494, 2007.
(cited in pp. 86, 93)
Payri F. and J.M. Desantes.
Motores de combustión interna alternativos.
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Vı́tek O., Macek J., Polášek M., Schmerbeck S. and Kammerdiener T.
Comparison of Different EGR Solutions.
SAE Techinical Paper 2008-01-0206, 2008.
(cited in p. 26)
Waki H., Nishikawa I., Kobayashi A. and Ishii N.
Sensitivity to experimental errors in evaluating the thermal expansion coefficient of a thermal
barrier coating by using coating system specimens.
Vacuum, Vol. 88, pp. 93–97, February 2013.
(cited in p. 30)
Wang C., Xu H., Herreros J.M., Wang J. and Cracknell R.
Impact of fuel and injection system on particle emissions from a GDI engine.
Applied Energy, Vol. 132, pp. 178–191, November 2014.
(cited in p. 23)
Wang X., Huang Z., Zhang W., Kuti O.A. and Nishida K.
Effects of ultra-high injection pressure and micro-hole nozzle on flame structure and soot
formation of impinging diesel spray.
Applied Energy, Vol. 88 no 5, pp. 1620–1628, May 2011.
(cited in pp. 17, 40)
Wei S., Wang F., Leng X., Liu X. and Ji K.
Numerical analysis on the effect of swirl ratios on swirl chamber combustion system of DI
diesel engines.
Energy Conversion and Management, Vol. 75, pp. 184–190, November 2013.
(cited in p. 18)
Weisberg S.
Applied Linear Regressions.
John Wiley & Sons, ISBN 0-471-66379-4, 3rd edition, 2005.
Williams F.
Combustion Theory.
The Benjamin/Cummings Publishing Co, ISBN 978-0201407778, 1985.

(cited in p. 207)

(cited in p. 89)

Wloka J.A., Pflaum S. and Wachtmeister G.
Potential and Challenges of a 3000 Bar Common-Rail Injection System Considering Engine
Behavior and Emission Level.
SAE Int. J. Engines, Vol. 3 no 1, pp. 801–813, 2010.
(cited in p. 17)

370
Woods M., Bryzik W. and Schwarz E.
Heat Rejection from High Output Adiabatic Diesel Engine.
SAE Techinical Paper 920541, 1992.

Bibliographic Index

(cited in pp. 46, 50)

Woschni G.
A Universally Applicable Equation for the Instantaneous Heat Transfer Coefficient in the
Internal Combustion Engine.
SAE Technical Paper 670931, 1967.
(cited in pp. 93, 102, 103, 215)
Woschni G.
Die Berechnung der Wandverluste und der thermischen Belastung der Bauteile von Dieselmotoren.
MTZ, Vol. 31 no 12, pp. 491–499, 1970.
(cited in pp. 93, 102, 103)
Xin Q. and Zheng J.
Theoretical Analysis of Internal Combustion Engine Miscellaneous Heat Losses.
SAE Techinical Paper 2009-01-2881, 2009.
(cited in p. 47)
Yamaguchi T., Aoyagi Y., Uchida N., Fukunaga A., Kobayashi M., Adachi T.
and Hashimoto M.
Fundamental Study of Waste Heat Recovery in the High Boosted 6-cylinder Heavy Duty
Diesel Engine.
SAE Int. J. Mater. Manf., Vol. 8 no 2, 2015.
(cited in pp. 38, 47, 48, 50)
Yang Y., Dec J.E., Sjöberg M. and Ji C.
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