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Resumen

Los motores de combustión interna viven un momento en el que deben ser más
limpios y e�cientes de lo que han sido hasta la fecha. Este cambio viene dado por el
endurecimiento global y continuado de las normativas anticontaminación vinculadas
a su comercialización, que tratan de establecer el camino para proteger la salud de
las personas que conviven con éstos, y avanzar hacia unos modelos más sostenibles de
uso de las energías disponibles.

Enmarcado en este contexto, el trabajo de investigación desarrollado en esta tesis
se ha centrado en continuar avanzando en el camino para la mejora de los motores
de encendido provocado. Para este �n se ha empleado un motor prototipo de dos
tiempos con la idea de estudiar la combustión por encendido provocado en mezclas
pobres (lean SI ) y la combustión mediante el autoencendido controlado de la mezcla
(CAI ). De esta forma la operación tradicional en condiciones estequiométricas de este
tipo de motores es reemplazada, en busca de una mejora en la e�ciencia energética,
y una reducción, al mismo tiempo, de las emisiones contaminantes.

Este trabajo se ha abordado desde un punto de vista principalmente experimental.
En primer lugar se ha trabajado sobre el motor, operando los diferentes modos de
combustión, �jando las estrategias de operación, y obteniendo gran cantidad de datos
sobre el funcionamiento del motor en las diferentes regiones del mapa motor. Y, en
segundo lugar, estos datos han sido analizados y estudiados en detalle para detectar
los potenciales y las debilidades de cada modo de combustión aplicado a las diferentes
condiciones de funcionamiento del motor.

La combinación de estos dos trabajos ha servido para obtener gran cantidad de
datos sobre las e�ciencias alcanzables y los valores de emisiones obtenidos en cada
modo de operación. Y, adicionalmente, se ha estudiado también la in�uencia de
la recirculación de gases quemados en el motor (EGR) sobre la combustión, como
estrategia para reducir las emisiones y controlar la combustión a altas cargas en
ambos modos de operación.

En cuanto a la parte analítica del trabajo, se han detectado diversos problemas.
En primer lugar, lidiar con la alta variabilidad de la combustión en este motor, y
en segundo lugar, el acople de dos modos de combustión totalmente diferentes. Esto
ha generado la necesidad de analizar los datos obtenidos de forma que nos den algo
más de información sobre la forma en que se ha desarrollado la combustión. Para dar
solución a estos dos aspectos, se ha planteado un punto de vista diferente a la hora de
afrontar el diagnóstico de la combustión (análisis ciclo a ciclo) y se ha propuesto una
metodología de análisis de la combustión que nos permita estudiar, desde un punto
de vista más detallado, la forma en que se ha desarrollado la combustión, y tratar de
diferenciar así los diferentes eventos de combustión que se desarrollan en el motor.

Todo este trabajo ha dado sus frutos en forma de la de�nición de las estrategias
para operar el motor en su totalidad mediante la combinación de los modos lean
SI y CAI. Esta solución, en comparación con los motores actuales Euro VI, ha
presentado unos valores de e�ciencia superiores cumpliendo con los límites establecidos
de emisiones, mostrando de esta forma un elevado potencial de estos modos de
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combustión aplicados a los motores de encendido provocado, así como una posibilidad
real de implementación en los vehículos venideros.



Resum

Els motors de combustió interna alternatius es troben a un moment en el que
deuen ser mes nets i e�cients que mai. Aquest canvi ve motivat per l'augment
de l'exigència de les normatives reguladores d'emissions contaminants vinculades a
la seua comercialització, que tracten d'establir el camí per a protegir la salut de
les persones que conviuen amb aquests, i avançar cap a uns models mes sostenibles
d'apro�tament de les energies disponibles.

Dins d'aquest context, el treball d'investigació realitzat en aquesta tesi, ha girat
al voltant de la millora dels motors d'encesa provocada. Per a aquesta �nalitat, s'ha
emprat un prototip de motor de dos temps amb l'idea d'estudiar la combustió per
encesa provocada amb dosatges pobres (lean SI ) i la combustió mitjançant una auto-
encesa provocada per les condicions termodinàmiques de la cambra de combustió
(CAI ). D'aquesta manera l'operació tradicional en condicions estequiomètriques
d'aquest tipus de motors és substituïda, buscant una millora en l'e�ciència energètica
i una reducció al mateix temps de les emissions contaminants.

Aquest treball s'ha abordat des d'un punt de vista fonamentalment experimental.
En primer lloc s'ha treballat sobre el motor, operant els diferents modes de
combustió, �xant les estratègies d'operació, i obtenint gran quantitat de dades sobre el
funcionament del motor en les diferents regions del seu mapa d'operació. I en segon
lloc, aquestes dades han sigut analitzades i estudiades en detall per a detectar els
potencials i les debilitats de cada mode de combustió aplicat a les diferents condicions
de funcionament del motor.

La combinació d'aquests dos treballs ha servit per a obtindre gran quantitat
de dades sobre les e�ciències assolibles i els valors d'emissions obtinguts en cada
mode d'operació. I, a més, s'ha estudiat la in�uència de la recirculació de gasos
d'escapament al motor (EGR) sobre la combustió, com a estratègia per a reduir les
emissions contaminants i controlar la combustió a altes càrregues en els dos modes de
combustió.

Quant a la part analítica del treball, s'han detectat diversos problemes. En primer
lloc, tractar amb l'alta variabilitat de la combustió en aquest motor, i en segon lloc,
l'acoblament de dos modes de combustió totalment diferents. Açò ha generat la
necessitat d'analitzar les dades obtingudes de forma que ens donen més informació
sobre la forma en que s'ha desenvolupat la combustió. Per a donar solució a aquests
dos aspectes, s'ha plantejat un punt de vista diferent a l'hora de realitzar el diagnòstic
de la combustió (un anàlisis cicle a cicle) i s'ha proposat una metodologia d'anàlisi
de la combustió que permeta estudiar, des d'un punt de vista més detallat, la forma
en que s'ha desenvolupat la combustió, i tractar de diferenciar així, les diferents
combustions al motor.

Tot aquest treball ha donat uns resultats en forma de la de�nició de les estratègies
per a operar el motor en la seva totalitat mitjançant la combinació dels modes de
combustió lean SI i CAI. Aquesta solució, en comparació amb els actuals motors Euro
VI, ha ofert uns valors d'e�ciència superiors, acomplint amb les limitacions establertes
d'emissions, mostrant d'aquesta manera un elevat potencial d'aquests modes aplicats



8

als motors d'encesa provocada, així com una possibilitat real d'implantació en els
vehicles que estan per vindre.



Abstract

Internal combustion engines are in a situation in which they must be cleaner and
more e�cient than they have ever been. This change is motivated by the global and
continuous evolution of the emissions regulations linked to their commercialization,
which try to establish the path to protect the human health, and move towards more
sustainable energetic models.

Framed in this context, the research work developed in this PhD thesis has
focused on the way to continue improving the spark ignition engines. To this end, a
prototype two-stroke engine has been used, with the idea of studying the Spark Ignited
combustion in lean conditions (lean SI ) and the Controlled Auto-Ignition combustion
(CAI ). In this way, the traditional SI operation in stoichiometric conditions of this
type of engines is replaced, looking for an improvement in fuel e�ciency, and a
reduction, at the same time, of the pollutant emissions.

This work has been approached mainly from an experimental point of view.
Firstly, di�erent works have been performed on the engine: operation of the
di�erent combustion modes, de�nition of the operating strategies, and compilation
of experimental data coming from the engine operation in the di�erent regions of the
engine map. And, secondly, all this data has been analyzed and studied in detail to
de�ne the strengths and weaknesses of each combustion mode applied to the di�erent
engine operating conditions.

The combination of these two works has led to obtain a large amount of data about
the achievable e�ciencies and the emissions values obtained in each combustion mode.
And, in addition, the in�uence on the combustion of the burned gases recirculation
in the engine (EGR), has also been studied as a strategy to reduce emissions, and
control the combustion at high loads in both combustion modes. Regarding the
analytical part of the work, several problems have been detected. Firstly, the high
combustion variability in this engine, and secondly, the coupling of two completely
di�erent combustion modes. These issues have generated the need to analyze the
data obtained in a more detailed way, in order to get more information about the
combustion process. To solve these two aspects, �rst, a di�erent point of view has been
raised when dealing with the combustion diagnosis, the cycle to cycle analysis, and
secondly, a combustion analysis methodology has been proposed in order to allow the
combustion analysis from a more detailed point of view. In this way the combustion
development is studied, and thus, the di�erentiation between the di�erent combustion
events that take place in the engine can be studied.

All this work has been useful to de�ne the strategies to operate the whole engine
map by combining the lean SI and CAI combustion modes. This solution, compared
to the current Euro VI engines, has presented higher e�ciency values complying
with the established emissions limits, showing in this way, the high potential of
these combustion modes applied to SI engines, as well as a real possibility of its
implementation in future vehicles.
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1.1 Overview

The Spark Ignition engine (SI), or more commonly known, the gasoline
engine, is well-known in today's society. It is about a reciprocating Internal
Combustion Engine (RICE), with more than a century of history. If a date had
to be chosen that would mark the birth of modern engines (as we know them
nowadays), that would be the year 1877, when the German engineer, Nikolaus
Otto, patented a gas engine operated under a combustion cycle that would be
known in the future by his name, the Otto cycle (Patent No. 194,047 Aug. 14,
1877). In Figure 1.1, some drawings of the �rst idea of the engine extracted
from the patent application �led in the United States can be seen.

Figure 1.1. Schematics extracted from the patent application presented by Nikolaus
Otto in the United States.

The Otto engine is not the starting point nor the end of this wide �eld
(the RICE), in which it is considered as a cornerstone. From this moment,
the development pathways of RICE have always kept the �core� set by this
prototype, with very few variations. One of the main characteristics of these
engines is how the energy from the combustion is extracted, by means of a
combustion process occurring in the working �uid itself (internal combustion).
As some other engines and machines at that time, the engine proposed by Otto
was based on volumetric or positive-displacement machines, which means that
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the working �uid is contained within an enclosure delimited by movable walls
that, when moving, its volume is modi�ed. The operation of these machines
can be understood in an intuitive way since, to a certain extent, it is easy to
imagine what happens when a gas expands or is compressed inside a cylinder
through the movement of a piston. These evolutions can be seen clearly in the
indicator diagram (see Figure 1.2), where the evolution of the pressure as a
function of the volume is represented for the Otto cycle.

V2 V1 V
1
4

3

2

0

p

p3

p2

p1

Figure 1.2. Indicator diagram of an Otto engine.

A few years later, in 1892, the engineer Rudolf Christian Karl Diesel
presented another work, patented �rst in Germany (Theory and Construction
of a Rational Heat Motor, 1893) and later in the USA (Patent No. 608.845a
Aug. 9, 1898), which would lead to the engine cycle also known by his name,
the Diesel cycle. The main idea of Diesel was to get as close as possible
to a Carnot cycle's performance [1]. Diesel wanted to keep the temperature
constant during the expansion phase. To achieve the desired expansion, he
thought of injecting the fuel at the same time as it burned, with an injection
law focused on maintaining the temperature constant by compensating the
heating of the combustion with the cooling of the expansion. Therefore, the
�uid inside the engine during the compression stroke was only air. If the
indicator diagram is presented (see Figure 1.3), the main di�erence on the
combustion is observed between points 2 and 3: in the Otto cycle the heat
release is considered at constant volume, whereas in the Diesel cycle it is
considered at constant pressure.
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Figure 1.3. Indicator diagram of a Diesel engine.

Nowadays, these two engine cycles, Otto and Diesel, have laid the basis of
what are the two main engine categories in the automotive industry, the spark
ignition engine (SI) and the compression ignition engine (CI). Both cycles have
di�erences and similarities, as well as advantages and disadvantages derived
from the type of fuel they require and the di�erences in the combustion process
developed. To summarize the main di�erences, Table 1.1 is included as a brief
summary.

Feature SI CI

Ignition By external energy intro-
duction

By autoignition of the fuel

Fuel Autoignition resistant Easy to autoignite

Mixture
formation

During the intake and com-
pression

End of compression and
beginning of expansion

Intake gases Air plus fuel Only air

Load
regulation

Quantitative Qualitative

Compression
ratios

8 to 11 12 to 23

Table 1.1. Summary of the main di�erences between SI and CI engines.
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From the appearance of these engines, the transportation sector changed
very fast. The implementation of these new power plants in light and heavy
vehicles became dominant in this sector thanks to their high speci�c power
and the high energy density of the used fuels, giving high power output and
high autonomy to the vehicles equipped with these engines.

The initial development works of these engines were focused on improving
their reliability and performance, since these machines were in an early stage
of its long way in the industry. Lots of works were performed to improve the
materials, the components and the strategies to make them more powerful,
more durable and to increase their application range [2�11].

In these initial years, the concern about the harmful combustion products
expelled by the exhaust was very low. However, in view of the raise of
di�erent health and environmental problems, this concern increased and forced
a change on the direction of the development works around these engines.1

This direction change was motivated due to the raise of di�erent reports and
articles giving information about the problems of these pollutant emissions
showing, on the one hand, the relationship between the emissions and some
health problems, as the ones collected in the publication of the National
Academy of Sciences, Engineering and Medicine [12] and, on the other hand,
the consequences of the accumulation in the atmosphere of these species
coming from the combustion process, noti�ed by di�erent universities and
governmental agencies, like the EPA [13�15]. Another important factor that
encouraged the improvement of the engines fuel e�ciency came from the
increase of the crude price, as well as the forecasted decreasing of the oil stocks.
This necessity goes in the same way as reducing the CO2 emissions, trying
to stop the climate change. But, unfortunately, this way is not necessarily
compatible with decreasing the rest of the pollutant emissions.

To overcome all these problems, the governments started to introduce
some regulations to control the emissions of the engines destined for the
transportation sector, di�erentiating the main pollutant emissions and limiting
them during the engine operation. These regulations were approached by
the di�erent countries on an individual way. Nevertheless, the pioneer in
these regulations was the California state in 1960. In the year 1955, the
South Coast Air Quality Management District was founded with the aim to
control the excessive air pollution in this region, and in 1960 they introduced
the �rst regulation related to the air quality and the limitation of certain

1It has to be taken into account that, before this direction change, the technology level
was high enough to ensure the high quality of these machines; these kind of works are not
the most abundant anymore, but have never disappeared completely.
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emissions considered harmful for the local environment. This standard evolved
with the time, and was used by other countries as a model to create their
own regulations. Finally, in the table presented in Figure 1.4, the di�erent
regulations in Europe, US, Japan and China are presented. It can be seen
how the 90s were a key date for these policies: the US already had, since a few
years before, a de�ned initial regulation, and on this decade Europe and Japan
included also their own regulation. This way has been followed progressively
by other countries, such as China, which delayed the implementation of the
�rst regulations until 2007-2010.

TiMeline – Toxic eMissions sTandards passenger cars

china

1985

1985

1990

1990

1995

1995

2000

2000

2005

2005

2010

2010

2015

2015

2020

2020

2025

2025

europe

WLTC + RDERevised ECE + EUDC cycleUrban (40 sec idle) + EUDC cycle

Euro 6d
Euro 6d 
TEMP

Euro 6bEuro 5bEuro 5aEuro 4Euro 3Euro 2Euro 1

us – carb LEV II LEV ULEV SULEV PZEV 2015 
LEV III 2017 - 2025 LEV IIILEV I TLEV LEV ULEV ZEVTier 1Tier 0 

us – epa
Tier 1 
US 94

2000/2001 
SFTP/NLEV

2004 - 2009 
Tier 2

2017 - 2025 
Tier 3

Tier 0 
US 87

Japan

10/15 + 11 mode cycles JC08 mode cycle

2005 – New Long 
Term Standards

2000 – New Short 
Term Standards

Standards 2009 Post New Long Term

2/13          Beijing 53/08      Beijing 4

5/14     Shanghai 511/09     Shanghai 4

1/2019

CN 6a

1/2022

CN 6b

4/16    CN57/10        CN4 national

1987 1994 2000 2004 2015 2017

7/92 1/96 1/00 1/05 1/09 9/11 9/14 9/17 1/20

Figure 1.4. Implementation of the di�erent emissions regulations in Europe, US,
Japan and China. Source: Delphi Technologies [16].

All these regulations, with di�erent considerations regarding when the
emissions are measured and evaluated, follow approximately the same patterns.
Among these four regions de�ned, the European standards have been chosen
to be described in more detail, since the current PhD thesis has been carried
out in Europe.

Figures 1.5 and 1.6 show the detailed de�nitions for all the di�erent
standards de�ned since 1993. In these ones, the regulated pollutants are
de�ned in the following groups: HC (unburned hydrocarbons), NOx (all
the nitrogen oxides), HC+NOx (the resulting value of the addition of these
two emissions), CO (carbon monoxide) and PM (particulate matter). Along
the evolution of these standards, the emissions amounts have been reduced
progressively (see Figures 1.7 and 1.8), and in some cases some new pollutants
have been introduced (such as PM for SI engines, even though their amount is
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so small that it's almost impossible to appreciate them in Figure 1.7 compared
to the scale of the rest of the pollutants).

european union
euro 1-4 passenger cars class M (≤ 2.500 kg gvW, ≤ 6 seats)

1) COP values in brackets.
2) Limits for IDI Diesel. For DI Diesel up to 10/1999: HC+NOx: 0.9 g/km, CO 1g/km, PM 100 mg/km.

3) Required recording of in-use durability.
4) Up to 12/2002 Diesel cars with GVW > 2T and > 6 seats or off-road vehicles were considered as 

N1 vehicles.

directive
euro 1 (ec 93) euro 2 (ec 96) euro 3 (ec 2000) euro 4 (ec 2005)

91/441/eec or 93/59/eec 94/12/ec or 96/69/ec 70/220/ec, as amended by 98/69/ec and 2003/76/ec
Application date TA 7/1992, FR 1/1993 TA 1/1996, FR 1/1997 TA 1/2000, FR 1/2001 TA 1/2005, FR 1/2006
Test type Urban (40 sec idle) + EUDC Revised Urban + EUDC

Combustion type
Positive ignition 

(PI)
Compression 
ignition (CI)

Positive ignition 
(PI)

Compression 
ignition (CI) 2)

Positive ignition 
(PI)

Compression 
ignition (CI)

Positive ignition 
(PI)

Compression 
ignition (CI) 4)

HC g/km – – – – 0.2 – 0.1 –
NOx g/km – – – – 0.15 0.5 0.08 0.25
HC+NOx g/km 0.97 (1.13) 1) 0.97 (1.13) 1) 0.5 0.7 – 0.56 – 0.3
CO g/km 2.72 (3.16) 1) 2.72 (3.16) 1) 2.2 1.0 2.3 0.64 1.0 0.5
PM mg/km – 140 (180) 1) – 80 – 50 – 25

Deterioration factors CO, HC, NOx: 1.4
CO: 1.1 

HC+NOx, NOx: 1.0 
PM: 1.2

CO, HC, NOx: 1.5
CO: 1.1 

HC+NOx, NOx: 1.0 
PM: 1.3

CO, HC, NOx: 1.2
CO: 1.1 

HC+NOx, NOx: 1.0 
PM: 1.2

CO, HC, NOx: 1.2
CO: 1.1 

HC+NOx, NOx: 1.0 
PM: 1.2

Durability km 80,000 80,000 80,000 80,000 80,000 or 5 years 80,000 or 5 years 100,000 or 5 years3) 100,000 or 5 years3)

EOBD – – – – EOBD EOBD EOBD EOBD

Figure 1.5. Values for the emissions in SI and CI engines for light passenger cars
from Euro 1 to Euro 4. Source: Delphi Technologies [16].

european union
euro 5-6

1) For compression ignition only: exempted M1 vehicles have to comply w/ N1 CL3 test I limits. No 
more exemption for pass cars for Euro 6.

2) Test procedure defined in UN Reg 83 Suppl 7.

3) Applicable to PI DI engines only.
4) Until 3 years after the dates for TA/FR particle emission limit of 6*E12 may be applied for Euro 6 

positive ignition DI vehicles upon request of manufacturer.

emissions unit
pc M 1), lcv n1 cl 1 lcv n1 cl 2 lcv n1 cl 3, n2

euro 5a euro 5b/b+
euro 6b, 6c, 
6d-Temp, 6d

euro 5a euro 5b/b+
euro 6b, 6c, 
6d-Temp, 6d

euro 5a euro 5b/b+
euro 6b, 6c, 
6d-Temp, 6d

euro 5-6 positive ignition emissions limits ((ec) 715/2007 as amended (ec) 692/2008)
THC

mg/km

100 100 100 130 130 130 160 160 160
NMHC 68 68 68 90 90 90 108 108 108
NOx 60 60 60 75 75 75 82 82 82
CO 1000 1000 1000 1810 1810 1810 2270 2270 2270
PM 2)3) 5.0 4.5 4.5 5.0 4.5 4.5 5.0 4.5 4.5
PN 2) Nb/km – – 6x1011 4) – – 6x1011 4) – – 6x1011 4)

euro 5-6 compression ignition emissions limits ((ec) 715/2007 as amended (ec) 692/2008)
NOx

mg/km

180 180 80 235 235 105 280 280 125
HC+NOx 230 230 170 295 295 195 350 350 215
CO 500 500 500 630 630 630 740 740 740
PM 1) 5.0 4.5 4.5 5.0 5.0 4.5 5.0 5.0 4.5
PN 1) Nb/km – 6x1011 6x1011 – 6x1011 6x1011 – 6x1011 6x1011

Figure 1.6. Values for the emissions in SI and CI engines for light passenger cars
from Euro 5 to Euro 6. Source: Delphi Technologies [16].

The introduction of CO2 regulations in order to control also the fuel
e�ciency of the engines has been more recent. In 2009 the EU regulated the
average speci�c emissions of CO2 for each manufacturer (EC no. 443/2009).
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Figure 1.7. Evolution of the SI emissions regulations in Europe.
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Figure 1.8. Evolution of the CI emissions regulations in Europe.

This regulation was e�ective from the year 2012, encouraging the increase in
fuel e�ciency for all the motored vehicles (Figure 1.9), and also trying to stop
the raise of CO2 emissions to the atmosphere (which is one of the main factors
a�ecting the climate change).

All the regulations described above have guided the recent development
of the engines on a way focused on their ful�lment. In CI engines, these
regulations favored the introduction of the direct injection, the generalization
of the turbocharging and, probably as a key element, the use of some speci�c
aftertreatment systems: DOC (Diesel Oxidation Catalyst), DPF (Diesel
Particulate Filter), SCR (Selective Catalytic Reduction), etc. And in SI
engines, the adoption of stoichiometric mixtures combined with the TWC
(Three-Way Catalyst) presented the best solution to overcome the regulations
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The CO2 emission limit varies as a function of the vehicle mass. The curves are defined by
the following formula:

CO2 = Target + a x (M - M0)

The parameters of the formula are defined in the table below across the years. The refer-
ence mass M0 will be adapted based on the European fleet averaged mass of the previous
years.
Each manufacturer fleet averaged mass M is computed every year. From the CO2 emission 
limit curve the manufacturer get its fleet average target for CO2 emission.

CO2 EMISSION LIMIT CURVES

Vehicle type
a Target M0

Years 
g/km / kg g/km kg

Passenger Cars

2012-2015 0.0457 130 1372

2016 0.0457 130 1392.4

2020 0.0333 95 TBD

Light Commer-
cial Vehicles

2014-2017 0.093 175 1706

2018 0.093 175 TBD

2020 0.096 147 TBD
CO2 emission limit curves for Passenger Cars and Light Commercial Vehicles. Curves for
2020 are estimated based on the M0 from 2015.

vehicle type years
a Target M0

g/km / kg g/km kg

Passenger Cars
2012-2015 0.0457 130 1372

2016 0.0457 130 1392.4
2020 0.0333 95 TBD

Light  
Commercial 
Vehicles

2014-2017 0.093 175 1706
2018 0.093 175 TBD
2020 0.096 147 TBD

Figure 1.9. Evolution of the CO2 emissions regulations in Europe.

in terms of pollutants emissions. As it can be seen, the strategies adopted
for each type of engine were di�erent. Diesel engines found more problems
to overcome the emissions regulations due to the higher values of certain
emissions and the di�culties to reduce them. This fact forced their continuous
development to ful�ll the successive regulations. All this, combined with the
initial higher e�ciency of the Diesel cycle, has led to a higher improvement of
these engines compared to SI engines, which remained almost stagnant in their
development, since it was not necessary until recently to continue developing
them in order to accomplish the �xed regulations.

However, the combination of some recent events is leaving the diesel engine
in an adverse situation. On the one hand, the well-known Dieselgate case has
moved to the forefront around the world the emissions of diesel engines and the
bad practices of some car manufacturers. This piece of news, combined with
the big di�erence noticed between the certi�ed and the real emissions obtained
during the standard driving cycle, have deteriorated greatly the social image of
the diesel engine. And, on the other hand, the new emissions regulations (either
those from the recent past of those coming in the near future) are increasing
the complexity and the prices of the vehicles powered by a diesel engine, as well
as the uncertainty about the implementation of tra�c regulations, especially
for diesel vehicles, do not help to improve the complicated situation of these
engines.

Therefore, it has seen that they are more e�cient engines, but more
pollutant, and the concern about the health problems inside the highly polluted
cities is more important than the e�ciency. This fact has promoted the interest
on the gasoline engine as a cleaner alternative to the diesel engine, and thus
their development has been �activated� again strongly, since these engines,
nowadays, are cleaner but still need to improve their lower e�ciency to ful�l
the CO2 new regulations. With this new e�ort to improve their e�ciency,
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gasoline engines will be a really serious and attractive alternative to diesel
engines.

The initial solutions already implemented for these engines, have been the
introduction of the direct injection system, turbocharging and downsizing.
With these improvements, the e�ciency achieved nowadays in these engines
has increased to a new level after lots of years remaining in the same e�ciency
ranges. Nevertheless, the next steps to continue improving the e�ciency
of these engines move the combustion conditions out of the stoichiometric
mixture. This change gives a new room to improve e�ciency, but moves
gasoline engines out of that �comfortable position� where all the emissions
coming from the combustion process were easily removed by the three-way
catalyst. These changes are the strati�ed charge and the lean combustion,
which represent a new challenge on the development of the gasoline engine
towards a more advanced and e�cient engine.

In the current scene, it must not be forgotten the emerging electrical
solutions and the hybridization of the vehicles aiming at getting better
e�ciencies and reducing the local emissions (these are nowadays the ones taken
into account). These solutions can be understood as a new competitor of
the combustion engines (full electric vehicles) or as a complementary way to
help these engines to work in a more e�cient way (hybridization). Currently
the second statement is gaining more importance, since the bene�ts of both
solutions can be exploited. In both cases, the combustion engines (at least
for the short and medium term) do not collide directly with these solutions,
and the work to improve the engines continues being mandatory to ensure
the ful�llment of the standards, as well as very important to preserve the
competitive advantages of these devices. With that, the maximum bene�t for
the �nal users of these vehicles could be ensured.

1.2 Context

This work performed in the current PhD thesis has been framed inside
a bigger project leaded by the car manufacturer Renault (project ULCGE
[17], Ultra Low Cost Gasoline Engine). In this project, the main goal was to
develop a new gasoline engine concept dedicated to the Indian market, with the
intention of creating an engine more e�cient and clean than its competitors,
but with the premise of making it simpler and, therefore, cheaper.

In the Indian market, the standard regulation in force during the
development of this work was the Bharat IV, the implementation of which
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started on April 1, 2010, and which �nally was implemented for the nationwide
on April1, 2017. This regulation is based on the Euro 4, in application from
2005 to 2009 in Europe. Therefore, the emissions requirements of this engine
initially were to ful�l Euro 4, and for this purpose, the goal was to design
an ultra-low NOx gasoline engine, only including an oxidation catalyst in the
exhaust line.

With this basis, the engine used to perform the works of this thesis has
been the same under development for this ULCGE project, since both works
were performed in parallel. At the beginning of the project, the engine was in a
very early stage. The initial part of the work was to choose and adjust the best
engine design and con�guration, and after those works (more technical and less
interesting for the purpose of the present thesis) the next step was to operate
the engine and study the combustion and the potential of this engine concept.
This part has been the core of the thesis work, which has been devoted to
try to implement and study the CAI (Controlled AutoIgnition) combustion
and the lean operation concepts in an engine close to a real industrialization
and commercialization. This last feature makes a di�erence compared to other
works, since the engine has been built with less complex systems (feasible
components for production engines) and the study has been performed for the
whole operation range, trying to study the potential of a complete operating
solution based on these modes.

1.3 Previous related works

The CMT-Motores Térmicos institute (CMT) has a great deal of experience
working with several engine manufacturers and leading own projects related
to the investigation of the combustion process and the engine development.
Inside the group, there have been some similar works related to this project,
and in the following lines some of them are going to be shortly mentioned.

Regarding the �eld of the SI engines improvement and the introduction of
gasoline fuel in CI engines to approach the research of new ways to improve the
gasoline engines e�ciency, there are two recent works that should be remarked
here. These are the works of Dr. Manuel Rivas [18] and Dr. Daniela de
Lima [19]. The �rst work dealt with the implementation and the study of the
EGR e�ect on gasoline engines, and the attempt to use this strategy to replace
the over-fueling strategies as a way to reduce knock at high loads. In this way, it
was demonstrated that this new strategy resulted better to control knock and,
at the same time, improved the engine fuel e�ciency. And the second work
was developed in order to explore the potential of a new combustion concept
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using gasoline in a CI engine to study PPCI combustion and to evaluate its
potential. Both works present some similarities on the way to undertake the
work performed in the present thesis, and can be used in some aspects as a
previous reference of the experience in this institute with this kind of works.

On an indirect way, inside this institute there have been some works related
to the study of Low Temperature Combustion Modes (LTC) but, up to now,
all these works have been performed with diesel applications (diesel engines,
as already mentioned, have had a more continuous development compared to
gasoline engines). These works have been performed by Dr. Eduardo Belarte
[20], Dr. Vicente Boronat [21] and Dr. Rogerio Jorge [22]. Therefore, the
combustion study of the gasoline and the LTC modes represents, in some
aspects, a new challenge for this institute and the personal involved in the
current project.

1.4 Thesis document structure

In this brief subsection, the structure of the whole document is going to
be described, in order to guide the reader and give him a whole idea about its
content.

• Chapter 1:
This chapter has been a brief introduction of the thesis topic and the
context around the work to be performed, since this is a very important
aspect a�ecting the fundamentals of this work and the goals to achieve.

• Chapter 2:
In this chapter, a deeper review of the topics closely related with this
thesis are summarized. Therefore, this chapter is a literature review to
position the reader and o�er a state of the art analysis around the topics
to deal along the thesis.

• Chapter 3:
Taking as a reference the previous chapter, a synthesis and evaluation of
Chapter 2 will be exposed, in order to use this synthesis to establish the
thesis objectives to follow during this work.

• Chapter 4:
In this chapter the experimental tools and the methodologies used and
followed during the thesis work will be described and detailed.
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• Chapter 5:
Chapter 5 will be focused on the description of the main peculiarities
of the engine, as well as the key points that make it di�erent compared
to a more common engine for this type of works. In this way, a more
technical point of view of the engine performance will be given.

• Chapter 6:
This chapter presents the analysis of the results obtained during the
study of the di�erent combustion modes operated in this engine, and
a proposal for a di�erent analysis methodology approach to study in a
deeper way the combustion cycles.

• Chapter 7:
Finally, this chapter will present a summary of the main conclusions
obtained during the whole work, as well as a brief study of the potential of
this engine based on the theoretical results obtained in di�erent standard
cycles.
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2.1 Introduction

Gasoline engines are employed as power plants by means of burning a
volatile liquid fuel mixed with air to obtain mechanical energy. They are
classi�ed as internal combustion engines, and the ignition of the fuel/air
mixture is initiated externally by a spark plug. This fact gives them their
commonly known name: SI engines (Spark Ignition engines). The exposed
literature review on the next pages will be focused on gasoline engines intended
for the automotive industry. This is the most common application for this type
of engines, since they power the major part of automobiles and motorcycles,
as well as some light trucks.

These engines are based on the Otto cycle, and they can be operated in
two or four strokes (2S - 4S), combining the compression, power, exhaust and
intake processes described by Otto. Some operating diagrams, representative
of these cycles, are shown in Figure 2.1.

Intake Compression Power Exhaust

Power Exhaust Scavenging Compression

Figure 2.1. Diagram of a 4S cycle (above) and a 2S cycle (below) representing the
di�erent phases of the cycle. Source: Adapted from [1].

This chapter is divided in three main themes. Firstly, the classical SI
combustion process is described, and its main peculiarities as well as the
pollutant formation processes are discussed. Secondly, the main attempts to
improve these engines are exposed, going from the most common and applied
nowadays to some of the most recent and interesting for this PhD thesis. And,
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�nally, a brief overview of the most common combustion diagnostics methods
used in the context of SI engines will be shown.

2.2 The conventional SI engine and its combustion

process

2.2.1 Premixed turbulent combustion review

For gasoline engines, the normal combustion development can be described
in four stages [2]: spark and �ame initiation, initial �ame kernel development,
turbulent �ame propagation and �ame termination.

The �rst two stages, the spark and �ame initiation and the initial �ame
kernel development, represent approximately 5% of the overall combustion
process. During this stage the cylinder pressure rise is very small (compared
to the corresponding motoring case) and there is no useful work, since ignition
has just occurred and the combustion process is initiating. The largest part
of the work is performed during the turbulent �ame propagation stage, where
most of the energy is released (around 80% to 90%). During this stage, the in-
cylinder pressure is raised (compared to the motoring case), producing the work
along the power stroke. Finally, the remaining 5% of the combustion process
is the �ame termination, where the combustion �nishes and the pressure starts
to decrease [3].

2.2.1.1 Spark and �ame initiation

Maly et al. [4] carried out a detailed review of the spark ignition process
for this type of engines. The spark plug is activated by a high increase of the
electrical potential (� 10 kV) across the electrode gap, producing an electric
arc with a very high current value, but a very short duration. This energy
is transmitted very e�ciently to the plasma generated [5] and, during the
breakdown phase, the electric arc remains activated in the order of 100 µs [6],
and the voltage is decreased down to around 50 to 100 V.

During the �nal phase of the spark activation, the glow phase, the electrical
discharge represents most of the energy released by the spark [7], and this one
is transmitted with a voltage of around 500 V and a low current value (� 0.1
A). During this last phase, the self-sustained propagation is established and
the initial �ame kernel development stage is initiated.
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2.2.1.2 Initial �ame kernel development

The �ame kernel consists on a small volume of combustion products inside
the unburned fuel/air mixture where the combustion reactions start. This
kernel presents a spherical shape under steady conditions, as it can be observed
by optical procedures, and it needs to reach a critical size to ensure a stable
�ame propagation, as reported in [8]. Its initial �ame is developed always in
laminar conditions and the size of this �rst stage is typically compared to the
gap between the spark electrodes. Therefore, the gap size of the spark plug is
very important to the initial �ame development.

The capacity of the kernel generated during the ignition process to progress
and generate a �ame front will depend on the turbulence existing around
the spark plug, as well as the local thermal and chemical conditions at that
moment (local temperature and richness). In the case of kernels without
strong deformations due to the local turbulences and heat losses, the initial
combustion propagates continuously until all the reactants are consumed.
But as the turbulence levels increase, the �ame front deformation increases
and it can be even quenched if the deformation is too strong. In order to
understand the �ow e�ect on the �ame propagation, well-controlled laminar
vortex models have been used in di�erent works [9, 10]. The vortex strength is
used to characterize the turbulence speeds, and this is a very important factor
a�ecting �ame kernel quenching. As a general trend, when the spatial scales of
these vortices are increased, lower speeds are required to provoke quenching.
Normally, �ame kernel quenching happens when a strong �ow exists, which
creates diverse local reaction fronts spreading towards each other. This e�ect
can occur locally, and the overall process can continue to consume the rest of
the reactant charge, but if the deformation is large enough, the entire kernel
can be extinguished. The main factors that a�ect the initial formation of this
kernel and its development are: the ignition system, the temperatures in the
cylinder, the degree of turbulence, the design of the combustion chamber and
the degree of fuel homogenization. In this type of engines, the development
of this initial phase has a randomness degree caused mainly by the turbulence
conditions in the spark plug region. This e�ect is very di�cult to control and
gives to these engines a certain cyclical variability in the development of the
combustion (Figure 2.2) that will a�ect the output power, the torque stability,
and the pollutant emissions of the engine [11].
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Figure 2.2. Origin of the combustion cyclic variability. Source: [1].

2.2.1.3 Turbulent �ame propagation

The turbulent premixed combustion can be classi�ed into di�erent regimes
[12, 13]. As can be seen in the Borghi diagram (Figure 2.3), depending on the
numbers of Damkohler, Karlovitz and Reynolds, di�erent types of turbulent
premixed combustion are di�erentiated. Within this diagram, the greatest area
of interest for SI engines is the area of thickened wrinkled �ames and corrugated
�amelets (Pockets formation). And the di�erentiation between these two zones
is de�ned when λK � δ, moment in which the small size �uctuations get into
the �ame front expanding it. Other authors place this limit rather in the
moment in which Ka � 1, moment in which the characteristic reaction time
and the smaller characteristic times of the Kolmogorov scale are equal [14].
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Figure 2.3. Borghi diagram. Source: Adapted from [1].
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The corrugated �amelets region is found increasing the turbulence level
with respect to the wrinkled �ames area. The e�ect of this increase in the
turbulence level is the formation of pockets (small bags of burned products in
the fresh mixture and/or vice versa). In this regime, the increase in the rate of
combustion is explained, fundamentally, by the increase in the surface of the
�ame front caused by the deformations. And if the turbulence level continues
to be further increased, it would lead to a situation where λk becomes smaller
than δ. At that time, the small size �uctuations get into the �ame front,
widening it (Figure 2.4). This change constitutes a transition point between
the wrinkled �ames and the thickened �ames.

Figura 13.8  Left: distributed flame, the spatial integral scale of the turbulence is of the 
same order of the thickness of the flame front. Right: distorted flame, the scale of the 
turbulence is larger than the flame front  thickness.

Flame front
thickness

Swirl

Swirl

Flame front thickness

Figure 2.4. Left - Thickened �ame, the spatial integral scale of the turbulence is on
the same order than the thickness of the �ame front. Right - Distorted �ame, the scale
of the turbulence is larger than the �ame front thickness. Source: Adapted from [1].

This process can be reproduced by a simple entrainment combustion model
suggested by Keck et al. [15]. The �ame front with an Aff area advances
through unburned gases with a ρub density at a Ut speed de�ned by the local
velocity of the turbulent �uctuation. This entrained gas is consumed in a time
scale lt{SL, where lt is the turbulent length scale and SL is the laminar �ame
speed.

dmub

dt
� ρub �Aff � Ut � mub

lt
SL

(2.1)

In the Eq. 2.1 mub represents the mass of unburned gas entrained but still
not burned. Therefore, the burning rate is the sum of the e�ect of the laminar
combustion at the nominal front and that of the entrained fresh mixture.
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dmb

dt
� ρub �Aff � SL � mub

lt
SL

(2.2)

From Eqs. 2.1 and 2.2, the burn rate in quasi-steady (i.e. if dmub
{dt � 0)

conditions results in:

dmb

dt
� ρub �Aff � pSL � Utq (2.3)

The quasi-steady combustion speed will therefore be the sum of SL � Ut.
Consequently, the turbulent speed increases respect to the laminar �ame speed
as far as the initially smooth and uniform �ame front transforms into a wrinkled
one, with an increased surface. But if the laminar speed is too low, the burning
time lt{SL can become comparable or even greater than the characteristic
di�usion time l2t {D (D = mass di�usivity). At this moment, the model of
wrinkled laminar �ame is no longer valid, and the combustion will start to
develop as thickened �ames.

The relationship between the movement of the charge inside the cylinder
and the local turbulences generated that increase the area of the �ame front is
not simple [16]. The small eddies are those useful to provoke the �ame front
wrinkling, thus e�ectively a�ecting the combustion velocity. These eddies,
however, are not generated during the intake process, but during the �nal stage
of the compression stroke, when the turbulence patterns (swirl or tumble) are
broken. The details on how this turbulence breakup takes place has a direct
impact in combustion velocity.

2.2.1.4 Flame termination

Once most of the mixture has been burned (90-95%), the last fractions to
burn are found in the corners of the combustion chamber, as well as in regions
close to the cylinder walls and the piston. The proximity to the colder metal
of the walls makes the heat �ows from the combustion chamber to the engine
walls very high, thus reducing the combustion rates. Finally, the fractions of
the mixture closest to the walls remain unburned, due to the low temperature
levels. Although this combustion phase contributes with a very little work
to the piston, it is an important phase because at this moment the unburned
mixture remaining in the cylinder has taken a relatively long period of time
being compressed and heated by the combustion process, so this part of the
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mixture can be autoignited, causing a problem known as knock. Therefore,
a control over the end of the combustion results in a smooth operation of
the engine since if knock appears, the presence of pressure oscillations can be
harmful to the engine [3].

2.2.1.5 Abnormal combustion, uncontrolled autoignition

The autoignition of the fuel/air mixture, more commonly known as knock,
occurs when part of the unburned mixture autoignites before being reached by
the �ame front [17]. Usually, this event happens in the �nal fraction of the
mixture (usually called end-gas), as the �ame front takes longer to arrive.

When this phenomenon (autoignition) occurs at di�erent points in the
combustion chamber, there is a strong increase of the pressure and temperature
of the unburned mixture, and both things (autoignition + increase in p and
T) strongly increase the rate of burned mass, deriving in a loop process that
could be catastrophic for the engine [18�20].

The autoignition of the end-gas in a SI has the following consequences:

• It causes a very fast increase in temperature and pressure in the
autoignition region, leading to a violent pressure wave that propagates
(at the speed of sound) through the combustion chamber [21].

• A very characteristic noise is generated by this pressure wave. This noise
comes together with a high pressure gradient that mechanically damages
the engine. In Figure 2.5, to the right, a cylinder pressure signal is
represented, in which the autoignition phenomenon occurs. A signi�cant
oscillation in the pressure signal (high frequency) can be observed, the
intensity of which is proportional to the amount of mixture that has
autoignited. Additionally, a sudden increase in the �nal part of the HRL
can be observed, which is associated to a large peak in the HRR.

• This pressure wave breaks the thermal boundary layer that exists close
to the walls of the combustion chamber. If this boundary layer is broken,
the high temperature of the gas reaches the surface of the wall, causing
a melting of the metallic material.

Now the thermochemical basis of this process will be summarized. When
a mixture with a certain richness is under a given pressure and temperature
condition, some chemical activity begins to take place by a series of chain
reactions that, after a certain time, lead to the combustion of the reactants
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of the autoignition on the Heat Release Law (HRL) and its derivative (HRR). Source:
Adapted from [1].

[22, 23]. This time necessary for the autoignition is called ignition delay (τ),
and its magnitude depends mainly on the fuel characteristics, the temperature,
pressure, oxygen mass fraction and equivalence ratio of the mixture. In
particular, a higher temperature and/or pressure and/or oxygen mass fraction,
as well as an equivalence ratio close to stoichiometric, lead to a reduction in the
ignition delay [24]. Figure 2.6 shows a map of the ignition delays (in seconds)
for a stoichiometric mixture of isooctane and air, where the dependence of this
parameter on pressure and temperature is clear.

Finally, it is interesting to present a correlation that allows determining the
ignition delay for an fuel/air mixture with a conventional gasoline. Although
the predictive capacity of this type of correlation is always uncertain [25],
among the various existing correlations, the most usual comes from the work
of Douaud and Eyzat [26], which allows the prediction for a mixture of air
with a gasoline with a given octane number, depending on the pressure and
temperature conditions (the authors do not specify the richness of the mixture,
since the e�ect of this parameter is not very important in traditional gasoline
engines, because it can be considered as a stoichiometric mixture):
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(2.4)

where τ is the ignition delay in ms, p is the absolute pressure in bar, T is the
temperature in Kelvin and ON is the octane number. Although in their work
the authors perform a thorough study to determine the most appropriate ON

to obtain a good prediction, reasonable estimations can be obtained using the
RON.

2.2.2 Exhaust emissions in SI engines

The fuel known as gasoline results from the combination of a large variety
of hydrocarbons formed mainly by chains of hydrogen and carbon atoms. If
a perfect combustion with enough oxygen levels is considered, the resulting
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composition of the exhaust gases will be H2O and CO2 (and O2 -if the mixture
is lean- and N2 coming from the air), resulting from the oxidation of the
hydrogen and the carbon of the fuel molecules. However, since the combustion
process is not perfect, intermediate products are produced as a result of
incomplete combustion, or due to the high temperatures and pressures during
the process. In this section the main groups of pollutant emissions de�ned for
internal combustion engines will be reviewed: unburned hydrocarbons (HC),
nitrogen oxides (NOx), carbon monoxide (CO), particulate matter (PM) and
carbon dioxide (CO2).

2.2.2.1 Unburned Hydrocarbons

Unburned hydrocarbons are issued, mainly, as a result of an incomplete
combustion of the fuel and, therefore, their composition is extremely
heterogeneous. This will depend on the composition of the fuel, the geometry
of the combustion chamber and the engine operating conditions.

When hydrocarbon emissions are in contact with the atmosphere, they
react with nitrogen oxides in the presence of sunlight to form ozone, which is
an important component of the photochemical smog that signi�cantly a�ects
pollution in urban areas. This smog is toxic and can cause problems in the
health of people such as eye irritation, damage to the lungs or some respiratory
problems.

The main causes of HC emissions are the following:

• Fuel/air mixtures out of the stoichiometric conditions. When
the mixture is out of stoichiometric conditions, two things can happen.
On the one hand, it can be rich (λ<1), and therefore there won't be
enough oxygen to oxidize all the hydrocarbons in the mixture. This
situation happens at the engine start-up, during high load demands or
when there is a problem in the engine. On the other hand, the mixture
may be lean, which implies (beyond a certain equivalence ratio) that the
mixture may be outside the �ammability limits, and therefore it wouldn't
ignite (Figure 2.7).

• Incomplete combustion. Even when operating in a correct F/A
equivalence ratio, the combustion is not carried out in an ideal way, and
there can be several factors that make the combustion incomplete. When
the �ame front reaches the walls of the combustion chamber, there is
always a portion of the unburned mixture near the walls that is not burnt.
Another source of hydrocarbons is due to the cooling of the unburned
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mixture during the expansion stroke, which reduces the reactivity of
the mixture, leaving some unburned areas in the cylinder at the end of
combustion. And �nally, the addition of high rates of residual gases in the
engine a�ects the mixture homogenization, decreasing the oxygen levels
and lowering the combustion e�ciency, thus leaving unburned portions
of the mixture.
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Figure 2.7. Exhaust emissions as a function of the Fuel/Air ratio. Source: Adapted
from [1].

• Crevice volumes. In the combustion chamber there are small spaces,
like the gap existing between the cylinder and the piston, among
others. During the compression stroke, part of the fresh fuel/air mixture
is introduced into these spaces (as much as 3% of the fuel in the
chamber can be forced into these crevice volumes). After this stroke,
during the expansion of the gases and the pressure drop in the power
stroke, a portion of these gases leave towards the combustion chamber.
Consequently, they can be partly burned, but there is always a portion
that remains inside and cannot be burned because the conditions were
not reactive enough for the �ame front to continue without extinguishing.
The design of the pistons and rings, as well as the tolerances between
them, have a great in�uence on this part of the hydrocarbons emissions.

• Valve overlap. During this period, the intake and exhaust are
communicated, and therefore there might be some short-circuiting (i.e.
some unburned mixture directly moves from the intake to the exhaust),
strongly increasing the hydrocarbon emissions. This e�ect is much more
dramatic in two-stroke engines rather than in four-stroke ones, since
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there are no speci�c strokes for intake and exhaust, and the charge is
renewed during a scavenging process, where both intake and exhaust are
necessarily opened at the same time. Anyway, this problem can exist in
both types of engine. The implementation of Variable Valve Actuation
(VVA) systems allowing the adjustment of the valves position at each
moment can greatly improve this problem, and the introduction of direct
injection systems in gasoline engines almost eliminates this problem,
since the fuel can be injected once the cylinder is closed.

• Deposits on combustion chamber walls. The formation of
deposits in the combustion chamber creates porous structures that
absorb part of the unburned hydrocarbons from the mixture with the
increase of the pressure during the compression stroke. Subsequently,
these hydrocarbons are released again when the pressure drops in the
combustion chamber, and are later released directly to the exhaust. This
problem is accentuated in the frame of boosted or high compression ratio
engines, since these ones work at higher pressures. A correct design of the
combustion chamber in combination with fuels that include additives to
minimize the formation of these deposits can greatly reduce this problem.

• Oil on the combustion chamber walls. The engine needs to be
continuously lubricated to protect the engine components from the heat
generated by friction when they have relative motion between them. For
this reason, in the cylinder walls there is always a thin layer of oil to
lubricate the movement of the piston in the cylinder. On the one hand,
this oil will generate a similar e�ect to that described previously for
the deposits in the combustion chamber, absorbing and releasing fuel
molecules depending on the existing pressure. And, on the other hand,
with the aging of the engine the tolerances between the piston rings
and the cylinder walls are increasing. This makes the oil layer thickness
higher, and part of that oil can end up being part of the combustion.
This oil is a hydrocarbon heavier than gasoline, and consequently its
combustion is slower, leaving generally unburned hydrocarbons after its
combustion.

2.2.2.2 Nitrogen oxides

Nitrogen Oxides (NOx) generated during combustion are formed from the
nitrogen molecules present in the air, when these are exposed to an oxidizing
atmosphere with temperatures above 2200 K. For the combustion conditions
in standard gasoline engines, the temperatures reach the necessary values to
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initiate the formation of this pollutant, and with the introduction of strati�ed
GDI engines this problem has increased. Figure 2.8 shows the operation zones
of both type of engines in a graph where the richness and the temperature
of the combustion are represented in each axis. Inside the diagram also the
characteristic zones of NOx and Soot formation are represented.

As it can be seen, the characteristic NOx region is found at high combustion
temperatures and Fuel/Air ratios where the oxygen is present in relative
abundance [27]. This is because high activation energies are necessary to
initiate the dissociation process of both the nitrogen and oxygen molecules.
Apart from this, it is required some oxygen excess, enough time during which
the molecules are at high temperatures and a mixture as heterogeneous as
possible, since the fuel molecules have greater a�nity for the available oxygen,
and these heterogeneities in the mixture make it easier the formation of this
pollutant [28].

The main factors that a�ect the formation of NOx will be enumerated and
described in the following lines:

Figure 2.8. Representation of the operating conditions for SI engines on a Fr-T
diagram. Source: Adapted from [1].

• The Fuel/Air ratio. It is a key point in the NOx emissions formation
process since oxygen is the second element necessary for the formation
of these molecules. When the engine is operating with rich mixtures,
the amount of oxygen available is very limited, and so the process
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of the nitrogen oxidation interferes with the formation of OH and H
radicals [29]. Therefore the emission of this pollutant will be very limited.
However, when the mixture is lean, NOx formation is enhanced, since
there is oxygen in excess to oxidize all the fuel. This happens in the
new generation engines operated with lean mixtures that try to improve
their e�ciency working with oxygen excess. Therefore, the increase in
the compression ratios of this type of engines together with the presence
of oxygen in excess aggravates the process of NOx formation [30].

• Combustion temperature. As it has been said before, this is the
other dominant factor on the formation of this type of emissions. The
combustion rates developed in the engine have a high in�uence on the
amounts of emitted NOx. The increase in combustion rates is associated
with higher temperatures, and therefore NOx emissions will also increase,
being directly proportional to the temperature peaks recorded during
combustion [31]. On the other hand, combustions with slower combustion
rates will see their NOx emissions reduced [32].

NOx emissions represent a big problem for the environment. The main
biochemical and physiological e�ects of NOx are the following:

• NOx is one of the main responsible for acid rain and potentially producer
of smog.

• As a result of the acid rain, a�ected lands become acidi�ed, damaging
trees and plants, and making them impossible to absorb the necessary
nutrients [33].

• Nitrogen dioxide, with an intense odor and a reddish brown color, can
irritate the lungs and reduce their resistance to infectious diseases if the
level exceeds 600 mg/m3 [34].

• Nitrogen monoxide participates in the ozone reduction in the strato-
sphere, thus facilitating the passage of solar ultraviolet radiation to the
earth's surface.

2.2.2.3 Carbon monoxide

The CO formation mechanism is a fundamental intermediate step during
the oxidation of a hydrocarbon and is mainly controlled by the Fuel/Air
equivalence ratio.
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CO is one of the most important pollutant species in combustion processes
in which the heterogeneity of the mixture can derive in local rich mixtures.
This can happen in combustion systems that work with stoichiometric or
rich mixtures, such as gasoline engines, or in systems that use lean mixtures
but the mixing conditions are quite heterogeneous, such as diesel engines.
These emissions are more important in the context of gasoline engines, and
the formation of CO in these engines is mainly due to the lack of oxygen in
some local regions during the combustion and, to a lesser extent due to the
CO2 molecules dissociation, taking place at high temperatures, approximately
beyond 2000 K, which are typical local temperatures that are reached in a
combustion process. Another mechanism that usually causes the formation
of CO is the �ame quenching close to the cylinder walls due to the low
temperatures in that region, but this process has less importance in this type of
engines. The amount of CO generated during the combustion depends on the
balance between the formation processes (rapid reactions) and oxidation (slow
reactions), both of which are very active at high temperatures. Therefore, in
processes where the residence times are of the order of seconds, the reactions
of oxidation of the CO would reach the equilibrium and the amount of CO in
the exhaust gases would be practically zero. However, in systems with short
residence times, such as gasoline engines, the temperatures drop very fast,
resulting in the freezing of the reaction and emitting a considerable amount of
CO into the atmosphere.

This gas is colorless, odorless and poisonous. And it is especially known for
its ability to get combined with the hemoglobin present in the blood, disabling
the function of the red blood cells. In an extreme case it may cause the death
to a person who would be exposed to it for a su�ciently long period of time.

2.2.2.4 Particulate matter

Soot emissions had been a problem rather related to diesel engines so far.
These emissions have been very important in diesel engines and represent a
serious problem for health. With the arrival of GDI engines, this type of
emissions is not only a problem associated with diesel engines, since these new
engines also generate particulate matter (PM). This has been shown in works
such as Aakko and Nylund [35], Mohr et al. [36], and Braisher et al. [37]. PM
emissions in gasoline engines are not exactly the same as in diesel engines.
They are lower in quantity and with a smaller size [38]. This means that the
knowledge about this type of emissions in diesel is not 100% applicable to
gasoline engines, and therefore there is not such a deep understanding about
the soot formation in gasoline engines.
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Smoke emissions come from the areas where combustion has been developed
with extremely rich mixtures (F/A equivalence ratio higher than 2). In this
situation there is not enough oxygen to convert all the carbon atoms of the
fuel into CO2, not even into CO, and therefore the carbon atoms generate
carbonaceous particles. These particles oscillate between diameters from 10
nm to 80 nm and their composition is based on solid carbon, traces of HC and
other components absorbed on their surface [39].

In direct injection engines, the injection jet is often guided through a
preformed piston, towards the vicinity of the spark plug to facilitate the ignition
of these mixtures. This implies two things: �rst the mixture heterogeneity is
increased, thus increasing the presence of regions with local rich mixtures; and
second, the fuel can be deposited on the piston surface or even in the cylinder
walls, and later on will burn as a di�usion �ame, since it has not been properly
homogenized. Both e�ects favor the appearance of PM emissions.

Stevens et al. [40] studied the soot formation based on the modi�cation
of the fuel injection strategy and the fuel �lms deposited on the walls of a
GDI engine. They observed a direct relationship between the amount of fuel
deposited on the walls and the increase in soot emissions.

2.2.2.5 Carbon dioxide

Among the gases recognized as the main contributors to the greenhouse
e�ect, only CO2 emissions generated by combustion engines are signi�cant
as direct emissions, although the molecular potential of global warming for
other gases such as methane or nitrous oxide is 23 and 296 times greater than
that of CO2, respectively. This is because the emitted amounts of these other
gases are much lower than those of CO2. The only factor that can a�ect
CO2 emissions of an engine, in addition to its operating conditions, is the
fuel composition. And if the type of fuel used in an engine is not modi�ed,
CO2 emissions are directly proportional to its fuel consumption (e�ciency).
The dependence of CO2 emissions with the fuel (assuming its molecule as
HmCnOp), is re�ected through two parameters that describe its composition:
the hydrogen/carbon ratio (m/n) and the oxygen/carbon ratio (p/n), the latter
especially signi�cant in the case of biofuels, as shown in Figure 2.9. Fuels with
low carbon content, and therefore with lower potential for CO2 generation, such
as methanol, carbon monoxide, natural gas (basically methane) and hydrogen,
are rare in the automotive industry, at least nowadays, but could be a good
solution to reduce this type of emissions.
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Figure 2.9. E�ect of fuel formulation on CO2 emissions. Source: Adapted from [1].

2.3 Strategies to improve the SI gasoline engines

2.3.1 Downsizing

This strategy is based on the reduction of the volume displaced by the
engine and the increase of its BMEP in order to o�er a similar performance
compared to a larger engine.

This trend is being adopted by the vast majority of manufacturers, reducing
the number of cylinders of the engine and adding a boosting system to
compensate the loss of engine capacity. Some examples are Ford with its 1.0
liter Ecoboost engine that replaced the naturally-aspirated (NA) 1.6 engine,
Volkswagen with its 1.4 TFSI engine that came to replace the 1.6 and 2.0 NA
engines or Renault with its 1.2 and 1.3 TCe engines that replace its 1.5 and
1.6 liter NA engines.

The consumption improvements obtained through this strategy depend on
the size reduction degree, and can reach up to 35% for a NEDC standard cycle
as announced in the work of Turner et al. [41], where a reduction of a NA 5.0
to a turbocharged 2.0 liter engine was studied. In other cases with a smaller
reduction of the displaced volume of the engine, the improvement may be less
signi�cant [42].
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Downsizing strategies present a challenge in the development of engines
to reduce CO2 emissions. The fact of reducing the capacity of the engine
makes it working at higher loads, which increases the risk of autoignition of
the mixture and it increases the thermal and mechanical loads of the engine
parts. In Figure 2.10 an engine map is shown, where the downsizing strategy
is approached. As the downsizing degree is higher, the available area in the
engine map to operate the engine is reduced. Another problem with the size
reduction of the engine is the lesser space available in the cylinder head to
accommodate all the necessary components, spark plug, injectors, valves...
which also presents a challenge in terms of engine design.

Engine speed

BM
EP

Efficiency penalty
by lower CR

Figure 2.10. Boundaries for a downsized engine map. Source: Adapted from [43].

Part of the proposed solutions to address this strategy is the improvement of
the boosting systems, which have to be much more �exible to ensure a smooth
operation of the engine and an e�cient operation in the entire engine operating
map. The developed solutions to get this goal have been, for example, variable
geometry compressors [44] or turbines [45], and electrically driven compressors
[46].

Finally, regarding the problems of high temperatures and the knock raising
trend, these can be reduced by the use of EGR, speci�c injection strategies, or
variable valve actuation systems (VVA).

2.3.2 Direct Injection

Direct injection systems for SI engines took longer to be developed than for
diesel. However, they started to appear in passenger vehicles since 1996, when
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Mitsubishi launched the �rst gasoline engine equipped with a direct injection
system for a passenger car.

A bene�t derived of the fuel injection directly into the combustion chamber
is the heat absorption produced by the fuel evaporation in the combustion
chamber, and not in the intake walls and in the cylinder head port. Thanks
to this temperature reduction of the in-cylinder gases, the engines equipped
with this system can have higher compression ratios without the problems of
knocking that would have an engine with an injection system at the intake port.
For example, Toyota and Mazda have reported compression ratio increments
in their NA engines thanks to this strategy [47]. In the case of boosted engines,
the bene�t is the same despite having lower compression ratios due to the high
intake and exhaust working pressures [48].

Another bene�t of direct injection systems is a greater �exibility on the
injection laws con�gurations and additionally the possibility to operate the
engine with strati�ed mixtures [49]. This strategy allows the operation of
the engine with lean mixtures, since through the moment of injection and
the guiding of the spray through the combustion chamber, the quality of the
mixture in the region close to the spark plug can be modulated to ensure the
ignition of a lean mixture at low loads [50]. Figure 2.11 shows a small sketch
of the injection spray guided to the spark plug.

High Pressure
Injector

Straight Port

Fan-shaped
Fuel Spray

Shell-shaped
Piston Cavity

Figure 2.11. Wall-guided combustion method. Fuel spray and piston con�guration.
Source: [50].
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Regarding the pollutant emissions associated to this technology, unfor-
tunately direct injection presents more problems than the previous injection
strategies at the intake port [49]. The mixture heterogeneity is higher in DI
engines, therefore the e�ciency of combustion is lowered and the temperature
in the combustion chamber will be more heterogeneous. This will increase
the emissions related to rich mixture combustions, such as particles, unburned
hydrocarbons and CO. Additionally, direct injection tends to cause greater
wall wetting problems inside the combustion chamber, which is also directly
related to the soot emissions [51, 52].

The development of these technologies is increasing the particles emissions
in this type of engines. Therefore detailed studies are needed on the di�erent
soot formation mechanisms in gasoline engines to be able to create optimum
strategies to minimize the production of these emissions. In parallel, studies
that evaluate the impact of these particles on the environment and on human
health [53] are needed as well, since it is predictable that emission regulations
will be progressively hardened in this aspect for gasoline engines, limiting the
amount and number of particles emissions.

Regarding the design of strategies to reduce these particles emissions, there
are studies trying to reduce the emissions of this type of engines, as for
example Whitaker et al. [51], who studied injection strategies based on the
fragmentation of the fuel injection in order to homogenize it better without
causing the e�ect of wall wetting. With the results obtained, the GDI engine
studied was able to ful�l with Euro IV without the need of a particulate �lter.
Another work related to the reduction of particle emissions was developed by
Price et al. [52] to try to optimize the cold start of this type of engines, moment
in which this type of emissions is increased.

The introduction of direct injection in gasoline engines has been shown to
be a very important strategy to improve CO2 emissions. However the emissions
of particles generated by this change must be studied and reduced to avoid a
negative impact on human health and the environment.

2.3.3 Variable valve Actuation systems

Before the emergence of these technologies, the valve actuation on the
engines was pre�xed during the engine design and the actuation of the valves
was the same for all the di�erent operating points of the engine. This
situation was not optimum for all the operating range of the engine, so it
was necessary to de�ne the best compromise to ensure a correct e�ciency of
the engine and decide which part of the operating range was going to be the
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optimized. With the emergence of these technologies, the possibility to adjust
the valves actuation for di�erent operating ranges opened the door to improve
considerably the performance and the e�ciency of the engines.

This concept brings di�erent ways to actuate and modify the valve
con�gurations. On one hand there are the fully adjustable valve systems
[54, 55], where the moment of the opening and closing events, the lift of the
valve and the way to reach this lift can be customized. And on the other hand,
more simpli�ed actuators, able to adjust to a lesser extent di�erent parameters
of the valve, can be found. For example the Honda VTEC system, which
was able to vary the lift pro�le between two di�erent shapes depending on
the desired engine behavior. Or the commonly known Variable Valve Timing
(VVT) system [54, 55] included in some engines nowadays. This technology
allows the adjustment of the opening and closing moments of the intake and
exhaust valves, improving the optimization of the scavenging process and the
duration of the compression and exhaust strokes depending on the operating
conditions of the engine.

The adjustment of this system is a function of the engine load and speed,
since they strongly a�ect the amount of air that has been consumed during its
operation. In general terms, the operating criteria would be the following:

• High load and low engine speed: in this case the VVT is positioned
increasing the overlap of the valves, since it is important to allow the
scavenging of the exhaust gases trying to reduce the hot residual gases
from the cylinder as much as possible, thus decreasing the risk of knock
and allowing the correct phasing of the combustion.

• High load and high engine speed: theoretically, the strategy should be
the same as for the low speeds, and even increasing the valve overlap
because the time available for the scavenging process is lower. However,
in boosted engines, the turbo is designed to operate optimally at medium
engine speeds (since it will operate there most of the time). Therefore
when the exhaust gases mass �ow is increased the turbo causes an
increment in the exhaust pressure, producing a back�ow e�ect of the
exhaust gases inside the cylinder. This is why the overlap is reduced to
avoid this harmful e�ect.

• Part load: for this operating region, the VVT is adjusted to maximize
the output torque in order to optimize fuel consumption and the engine
response.
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• Low load: the guideline is still similar to that exposed for part loads.
However, in this case SI engines have many losses due to the throttling
e�ect. Therefore the control strategies of the VVT are aimed at reducing
these losses by approaching the operation of the engine to the Atkinson
or Miller cycles [56, 57].

2.3.4 Boosting

The increase in boosting pressure has been a general trend in internal
combustion engines.

The BMEP went from 12 bar around 1960 to 20 bar at the beginning of the
80s, and there is a tendency to surpass the 25 bar BMEP. Currently, Ford's 2010
generation of EcoBoost GTDI engines (Ford Gasoline Turbocharged Direct
Injection) reaches 23.5 bar BMEP.

It is important to point out that the increase in the boosting level in
recent years (and in the future) has not been and will not be conditioned
by the increase in power, but by the consumption and emissions reduction
thanks to the downsizing of the engines. In parallel, the engine had a technical
and technological evolution that has resulted in a signi�cant elevation of the
acceptable thermal and mechanical stresses. The combustion peak pressures in
IC engines have been growing, reaching currently around 124 bar in passenger
cars (in the case of the mentioned already Ford EcoBoost engines). The same
has happened with the maximum exhaust temperatures, which are currently
at around 950 oC for SI engines.

EngineCompressor

Intake Exhaust

Naturally aspirated
Boosted

Figure 2.12. a) Boosted engine scheme, b) Comparison between an ideal constant
pressure combustion cycle naturally aspirated and boosted. Source: Adapted from [1].
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The boosting of internal combustion engines consists of increasing the
density of the intake air by means of an increase in pressure. The pressure
increase in the intake manifold is achieved by a compressor, as shown in the
diagram presented in Figure 2.12 a). The density increase at the engine inlet
allows to increase the air mass �ow, for a certain displacement and volumetric
e�ciency, as shown by Eq. 2.5.

9mair � ηv � Vt � ρair �N � i (2.5)

where 9mair is the air mass �ow, ρair is the air density, Vt is the displaced
volume,ηv is the volumetric e�ciency, N is the engine speed (in rps) and i
indicates the number of thermodynamic cycles per engine revolution.

With the increase of the air �ow, the fuel �ow is increased in the same
proportion, if the F/A ratio is kept constant. Formulating the additional
hypothesis that the performance is not a�ected, which is true in a �rst
approximation, we can conclude, as expressed by Equation 2.6, that the power
of the engine will grow linearly with the air �ow. The p-V graph of Figure 2.12
b) exempli�es the e�ect of boosting on power, through the indicated diagram
of an ideal cycle at constant pressure.

Pe � LHV � ηe � 9mf � LHV � ηe � F {A � 9mair (2.6)

where Pe is the e�ective power, LHV is the low heating value, 9mf is the fuel
mass �ow and ηe is the e�ective e�ciency.

The main advantage of the intake boosting consists on the increase of power
for a certain displacement and, therefore, on the increase of the speci�c power
and the brake mean e�ective pressure, as shown in Equation 2.7.

MEP � Pe

Vt �N � i � LHV � ρair � ηv � F {A � ηe (2.7)

The increase of the density in the combustion chamber due to the boosting
a�ects in an important way the combustion process and, therefore, the
emissions and the indicated performance of the engine. This increase in
pressure and temperature in SI engines increases the risk of knock, which
is usually compensated with lower ignition advances and the use of reduced
compression ratios. In the case of SI direct injection, the high density favors
the mixing process when the engine works with strati�ed charge. It should
be reminded that the reduction of the relative heat losses due to boosting
(Equation 2.8) means an improvement in the indicated performance.



42 2. Combustion in gasoline engines

9mcoolant

9mf
∝

1

pcmρq0.25 � pTcharge � Tcoolantq (2.8)

where (cmρ) is the mass �ow per unit area of piston.

Moreover, the friction losses remain practically constant while there is an
increase in the IMEP, which means an increase in the mechanical e�ciency.
The mechanical losses remain constant especially if the boosting compressor is
driven by a turbine moved by the exhaust gases of the engine (turbocharger).
If it is moved by the engine crankshaft (mechanical boosting), there is a
deterioration of the mechanical e�ciency due to the increase in the necessary
power of the auxiliaries.

2.3.5 EGR

This strategy has been widely used as a method of reducing pollutants
(mainly NOx) in diesel engines. It is based on the introduction of a variable
amount of recirculated exhaust gases through the intake that will be mixed with
the fresh air before getting inside the cylinder. When this strategy started to
be applied in gasoline engines, it was observed that the e�ect was wider than
in diesel engines; apart from reducing NOx, it also in�uenced the development
of combustion.

The EGR application in gasoline engines started from the 90s. Apart
from reducing NOx emissions, it was applied in NA engines to improve fuel
consumption at low and medium loads. At high loads this system should not
be used, since in this type of engines the aspiration capacity is limited and it
de�nes the maximum output power. The fact of replacing the intake fresh air
with exhaust gases reduce the maximum power of the engine, therefore it was
not an interesting actuation [58].

Additionally, Hacohen et al. [58] observed the e�ect of the introduction
of small EGR ratios. With this strategy the net indicated thermal e�ciency
of the engine could be improved at medium loads. These improvements were
due to a decrease in the pumping losses combined with a slight increase in
the temperatures of the mixture during the compression phase that helped
to improve the combustion stability. Figure 2.13 shows one of their results,
where the net indicated thermal e�ciency of the engine is observed for di�erent
mixture richnesses and EGR rates. It can be seen that for an EGR rate of 10%
the e�ciency is improved. However with a further increase of the EGR rate, the
dilution e�ect of the mixture is stronger and the thermal e�ciency is worsened
due to the combustion e�ciency drop.
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Figure 2.13. EGR rate and equivalence ratio in�uence on the engine net indicated
thermal e�ciency at medium loads for a SI engine [58].

After the EGR application in NA engines, few years later the application
of EGR in boosted SI engines was studied. In these engines, due to the use of a
booster, the restriction on the EGR application at high loads is reduced thanks
to the boosting: the necessary air could be supplied together with the EGR
without the loss of volumetric e�ciency. The EGR introduced in these engines
was previously cooled to try to decrease the reactivity that the temperature of
these gases provided to the mixture. In the studies of Grandin et al. [59] it is
shown how the addition of cooled EGR reduced considerably the knock at high
loads. This strategy was therefore better than the enrichment of the mixtures,
since it had a greater e�ect on the knock and, additionally, an improvement
in fuel e�ciency, as the extra fuel introduced to decrease the temperatures in
not necessary anymore.

Figure 2.14 shows some tests carried out by Grandin et al. [59] at high
loads, where di�erent EGR rates were added in order to advance the ignition
timing as much as possible. Thanks to the knock reduction with the EGR rate
increase, the combustion could be advanced and therefore a greater BMEP
could be achieved for the same operating conditions. This was due to the
dilution e�ect of the mixture that lowered the combustion temperatures and
therefore a�ected the (auto)ignition delay of the fuel.

When the engine is turbocharged, the exhaust temperatures must be
controlled to avoid damage in the energy recovery systems installed in the
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Figure 2.14. EGR in�uence on the ignition timing, and in�uence on the engine
BMEP [59].

exhaust. This implies that the exhaust temperatures should not exceed a
temperature of around 900oC. This, applied to gasoline engines, was a barrier
when operating at maximum loads, making necessary to increase the richness
of the mixture to reduce the exhaust temperatures. Grandin et al. and
other authors [60�62] showed how the EGR addition to the engine had an
in�uence on the exhaust temperatures, since on the one hand the combustion
was carried out at lower temperatures, and on the other hand the advance of
the combustion also allowed to have lower temperatures in the exhaust.

2.3.6 SI Lean Combustion

SI Lean combustion is a combustion mode working outside the stoichiomet-
ric conditions (which is, by far, the most usual strategy in gasoline engines).
More speci�cally, it is based on the engine operation with an air excess
during the combustion, which implies lean mixtures. In Figure 2.15, the
lean combustion operating region can be seen (in an approximate way) in
a BMEP/equivalence ratio chart. From the �gure, it can be seen, on the one
hand, that when the mixture gets close to stoichiometric and the engine load
increases, the risk of knock. And, on the other hand, that an excessive dilution
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of the mixture causes ignition problems. This type of combustion, compared
to a stoichiometric combustion, has always o�ered a great improvement in the
e�ciency of the engine. The pumping losses are reduced (mainly at low loads,
which are a great problem for SI engines), the combustion e�ciency increases
thanks to a greater amount of available oxygen to oxidize the fuel, and the
engine has less heat losses since it is working at lower temperatures [61�63].
Regarding the emissions of this strategy, in comparison to stoichiometric
mixtures, HC and CO are reduced. However, NOx emissions are more di�cult
to reduce, and the use of speci�c after-treatment systems is necessary [60].

This combustion approach has been developed during the last decades,
and in the 80s it had its �rst appearance in the market [64]. However, the
evolution of the pollutant emissions regulations made necessary that this type
of engines had to use an oxidation catalyst together with a NOx reduction
system. Therefore this technology almost disappeared in favor of engines
operated with stoichiometric mixtures equipped with TWC. In recent years,
with the appearance of direct injection and charge strati�cation, the interest
in this type of combustion and associated improvements is reemerging despite
the need of using two di�erent systems to reduce pollutants [65, 66].
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Figure 2.15. Operation region for lean combustion de�ned as a function of the
engine load and the Fuel/Air ratio. Source: Adapted from [67].

The main problem of the lean mixtures combustion, unlike the operation in
stoichiometric mixtures, is the need for a complex pollutant reduction system.
This is because the three-way catalyst, widely used in gasoline engines, loses
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its NOx conversion e�ciency when the presence of oxygen molecules increases
in the exhaust gases (Figure 2.16). Consequently, it is necessary to look for
other alternative systems combining an oxidation catalyst for the HC/CO and
a NOx trap or an SCR system for the reduction of NOx emissions.
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Figure 2.16. Three way catalyst conversion e�ciency for di�erent equivalence ratios.
Source: Advances in energy systems and technology, volume 3 [68].

The years when the standard cycles were softer than today, the low
restrictions on NOx emissions, together with the reduction of HC and CO
emissions from this combustion mode, encouraged studies that tried to
overcome these restrictions without the use of catalysts, such as the work
of John J. [69], where the advantages of this strategy were analyzed and it was
stated that its future will depend on the evolution of antipollution regulations.

With the time and the evolution of the emissions regulations, there was a
trade-o� in the interest of this combustion mode. On the one hand, there was
the bene�t obtained in the e�ciency achieved; and, on the other hand, there
was the problem of reducing the emissions. Therefore, several studies appeared,
trying to study the bene�ts obtained, taking into account the disadvantages
presented by these engines. Authors, such as Gomez and Reinke [70], made
several reviews trying to summarize the advantages obtained and the most
common approaches to the operation of lean combustion modes. Hiroyuki et al.
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[71] worked, for example, with a high-compression ratio engine operated on lean
mixtures, and in their study they showed improvements in fuel consumption
between 10% and 6% depending on the standard cycle that would have to be
overcome, along with their corresponding pollutant gas restrictions.

Another common problem of combustion with lean mixtures is the �ame
quenching due to the low reactivity of the mixture. For this reason studies like
that of Yu et al. [63] were carried out trying to expand the combustion limits
in lean mixtures to mitigate the problem of �ame quenching. In this case they
worked with factors such as the mixture strati�cation and the ignition system
energy supplied.

This strategy started to be compared to another one being under study
that consisted on the introduction of EGR in the intake gases. Both strategies
were e�cient to reduce the problem of engine knocking at high loads and
control the high exhaust temperatures. In the study developed by Grandin
and Angstrom [60], it is shown that lean strategy reduced also the emissions
of HC and CO. However it was impossible to use a three-way catalyst,
penalizing NOx emissions compared to the use of EGR as diluent of the
mixture. Therefore, the extra cost of adding a speci�c system of NOx reduction
compared to the improvement obtained in HC and CO emissions, according
to their criteria, did not compensate for the industrial implementation of this
type of strategy.

It is expected that in future regulations, the particle emissions will be more
restricted. Therefore, it is expected that the implementation of a particle �lter,
as already used in diesel engines, will also be necessary for direct injection
gasoline engines operated with lean mixtures. This means another extra
component, along with the NOx reduction system, increasing the cost and
complexity. So, the potential bene�t will have to be evaluated in front of the
extra cost and complexity.

2.3.7 Low Temperature Combustion applied to SI gasoline
engines

2.3.7.1 The Low Temperature Combustion concept (LTC)

In this section, the description of the LTC concept will be addressed, that is,
the low temperature combustion mode and the various combustion strategies
developed to get it in modern engines. These strategies are based on the early
injection of the fuel to ensure its correct homogenization, thus avoiding the
combustion zones with rich mixtures to �nally obtain a generalized autoignition
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combustion of the mixture as homogeneous as possible [72, 73]. This concept
is totally new for diesel combustions, since the fuel is premixed with the
air previously, whereas in gasoline engines the mixture pre-homogenization
is not new. However the autoignition of the fuel breaks with the typical
provoked ignition of these last type of engines. These strategies try to achieve
a combustion without NOx formation. Akihama et al. [74] suggest that with a
�ame temperature below 2100 K, the NOx formation in signi�cant quantities
would no longer be observed (see Figure 2.17).

Soot 

SI stoich.

GDI strat.

Temperature [k]

LTC

HCCI

Figure 2.17. Representation of the SI, GDI, LTC and HCCI combustion modes in
an Fr-Temperature diagram. Source: Adapted from [1].

Due to the increasingly stringent regulations, LTC combustion strategies
are more important year after year, and therefore are increasingly studied.
These combustions can be developed for both diesel and gasoline engines, since
they are based on the mixture reactivity to initiate the combustion process [75].
In the diagram presented in Figure 2.18, the di�erent achievable combustion
modes in SI and CI engines are presented according to the chosen fuel. In this
diagram, the LTC combustion modes are highlighted. The HCCI combustion
mode (Homogeneous Charge Compression Ignition) is the ideal representation
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of this type of combustion, where a perfectly premixed mixture is autoignited
in a homogeneous way by increasing the enthalpy of the in-cylinder charge.
This combustion mode is applicable to both types of fuel. Depending on the
reactivity of the fuel, a lower or a higher enthalpy increase will be required
to provoke the autoignition and, therefore, a di�erent strategy to control the
combustion will be necessary.
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Figure 2.18. Diagram of the di�erent achievable combustion modes in SI and CI
engines.

In addition to the bene�ts obtained from reducing NOx and Soot emissions,
the LTC combustion modes allow the increase of the engine compression ratio,
reduce the engine pumping losses, reduce the combustion duration [76], allow
fuels combination, and present the bene�ts of SI and CI engines [77]. However,
the combustion control of these engines is very complex and the combustion
operation is often reduced to very small load ranges with current engines [78].
Apart from this, there is also an increase in combustion noise [79], and in
CO [80] and HC [81] emissions.

HCCI, the ideal LTC combustion mode

During the last decades, as stated in the book written by Hua Zao [82],
this combustion mode has received di�erent names from the authors who have
worked around this type of combustion mode:

1. ATAC (Active Thermo-Atmospheric Combustion) [83]

2. TS (Toyota-Soken) [84]

3. ARC (Active Radical Combustion) [85]
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4. CIHC (Compression-Ignited Homogeneous Charge) [86]

5. HCCI (Homogeneous Charge Compression Ignition) [87]

6. CAI (Controlled AutoIgnition) [88�91]

7. UNIBUS (UNIform BUlky combustion System) [92]

8. PREDIC (PREmixed lean DIesel Combustion) [93]

9. MK (Modulated Kinetics) [94]

10. PCCI (Premixed Charge Compression Ignition) [95]

11. OKP (Optimised Kinetic Process) [96]

If all these announced combustion modes are examined, it can be seen that
all of them have two fundamental common aspects: the �rst is the premixing
of fuel/air before combustion, and the second is the use of autoignition as the
ignition procedure.

Finally, with the progress of the related works in this �eld, the name
adopted for this type of combustion has been HCCI. This combustion mode is
characterized by a completely homogenous premixed combustion, and it has
become very interesting because of its great potential for reducing pollutant
emissions, mainly NOx and soot, and for achieving high thermal e�ciency.
In this type of combustion, fuel is usually injected in the intake manifold or
directly inside the cylinder, but early enough for the fuel/air mixture to be
homogeneous at the start of combustion. The mixing process starts early in
the cylinder, and the combustion of the fuel/air mixture starts when it reaches
the autoignition conditions. Unlike in a standard SI engine combustion, the
homogeneous and lean mixture ignites spontaneously in several places at the
same time thanks to the enhanced reactivity. The combustion is not generated
through a spark or a �ame front but in a generalized way [76, 97], the local
temperatures are lower than in a conventional combustion, and NOx formation
does not occur during combustion. On the other hand, soot emissions are
inhibited by the fact that the lean and homogeneous mixture does not promote
the formation of soot precursors.

This strategy, associated with high EGR rates, o�ers the advantage of
low soot and NOx emissions. However, HCCI still has some disadvantages
compared to conventional combustion, and consequently this combustion mode
is still being researched for its better development.
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1. HC and CO emissions are higher than in conventional combustion. The
necessary conditions for HCCI, as lean mixtures and high EGR rates,
decrease the combustion temperatures, resulting in an increase of the
unburned regions [76, 97�102].

2. The di�culty of controlling the autoignition instant also causes problems
for its practical application. Various investigations are being carried out
with the aim of better understanding the process and its dependence
on various factors such as the mixture homogeneity, compression ratio,
intake air and engine temperatures, concentration of oxygen in the air,
intake pressure, engine speed, turbulence level, etc. [76, 97�106].

3. Mixture preparation to avoid the impact of the fuel with the piston or
cylinder walls. The impact with the walls can lead to high HC emissions
and dilution of the engine oil, damaging both the emissions and the
integrity of the engine. In addition, problems related to the homogeneity
of the mixture can lead to undesired e�ects such as knock or problems
with the autoignition [107�112].

4. Besides all this, there is an additional problem, which is the di�culty
in controlling the rate of heat release, since it is a purely premixed and
self-ignited combustion. This has undesired consequences, such as a high
combustion noise [76, 97].

PCCI and RCCI, alternative approaches to LTC combustion
modes

From the basis to operate in LTC, there are very similar modes but
with di�erent approaches, with the intention of moving this HCCI operating
principle to a more realistic operation mode, or making combustion easier to
control in the available engines.

PCI (�Premixed Compression Ignition�) or PCCI (�Premixed Charge
Compression Ignition�) is a combustion strategy with similarities to HCCI
applied in CI engines, but with direct fuel injection occurring during the
compression stroke as a method to reduce wall wetting and the loss of
combustion e�ciency. Iwabuche et al. presented it in 1999 with the name
of PCI [78]. In this study, the engine developed was equipped with a piston
shaped with a large, open bowl, and a new type of injector nozzle, in which
each ori�ce was replaced by two smaller ori�ces that converged into a single
diesel spray, which, according to the study, managed to reduce this penetration
and, at the same time, to increase its dispersion. A comparison of the spray
between a conventional nozzle (left) and the double-hole nozzle (right) with
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several contact angles can be seen in Figure 2.19. There was a considerable
reduction in NOx emissions compared to conventional combustion without any
soot emissions rising. However, HC emissions were increased, as well as speci�c
fuel consumption. Further studies continued with the objective of getting
better results regarding combustion performance or pollutant emissions. The
addition of water vapor in the intake [113], cooled EGR [114], multiple injection
strategies [115], or the introduction of gasoline as a fuel [116] have been used
with the objective of reducing NOx, soot and HC emissions, and to increase
the operating range of the PCI strategy in CI engines.

Figure 2.19. Comparison between a conventional injector spray (left) and the jet
developed in the PCI strategy. It can be seen that the penetration decreases and the
angle of the jet increases with the angle between the two holes [78].

According to the conclusions derived from the investigation of the PCCI
combustion, its implementation through di�erent fuel mixtures, depending
on the operating conditions, shows great potential for the improvement of
combustion control. In the work of Ra et al. [117] it is shown that each fuel
has a single ignition delay/temperature curve for a de�ned YO2, as can be
seen in Figure 2.20. Unlike in laboratory tests, on the road, the in-cylinder
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charge temperature depends on multiple factors (environmental conditions,
engine speed, load degree...), so that each fuel has a limited operating range
where the thermal e�ciency of combustion is maximized. Therefore, since the
combustion phasing must be perfectly controlled to maximize the e�ciency, it
would be desirable to have the capacity to operate with di�erent fuel mixtures,
depending on the operating conditions.

Figure 2.20. Simulated delay times, at constant volume, for 3 di�erent fuels. The
shaded area corresponds to the representative conditions of ICE [73].

Following this trend, Inagaki et al. [118] investigated the combustion
process working with a homogeneous premixture of iso-octane and direct
injection of diesel (as shown in the scheme of Figure 2.21 (a)), with the aim of
reducing the EGR needed for premixed combustions. The main result, apart
from the low levels of NOx and soot emissions, con�rms that di�erent fuel
blending ratios are required for di�erent operating conditions: according to
Figure 2.21 (b), a fuel with high cetane number at load is desirable, whereas
with low cetane number at high load.

Taking into account this approach, Kokjohn et al. [119] named as RCCI
(Reactivity Controlled Compression Ignition) combustion the strategy where
a low reactivity fuel (LRF, with a low cetane index) is injected in the
intake manifold, creating a homogeneous mixture together with the air and
recirculated exhaust gases, which is compressed inside the cylinder; then, a
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Figure 2.21. RCCI strategy, a) Facility layout, b) Main results of the RCCI
operation as a function of the IMEP [118].

highly reactive fuel (HRF, with a high cetane number) is injected directly
into the cylinder, in one or several events, and the conditions in the chamber
promote its autoignition. This leads to the sub-sequent ignition of the
homogeneous mixture with the LRF.

This behavior is demonstrated in the research of Splitter et al. [120] by
means of optical techniques. In addition, it concludes that the decomposition
of the fuel progresses smoothly from the most reactive species to those that
are less reactive, as long as there is a suitable reactivity gradient.

In this way it is possible to create fuel blends, controlling the distribution
of the reactivity in order to optimize the combustion phasing and the rate of
heat release, according to the operating conditions [121].

2.3.7.2 The Gasoline CAI engines

Among the combustion modes described in the previous section, there was
one called HCCI gasoline, which is therefore the operating HCCI strategy
with a gasoline-type fuel. This LTC mode, as already seen, can be operated
with both fuels (gasoline and diesel). For this reason, to try to disambiguate
this situation, some authors adopt the name CAI (Controlled AutoIgnition)
to refer to an HCCI combustion obtained with gasoline in a SI engine [82,
89, 122, 123]. Therefore, this di�erentiation leaves the name of HCCI to be
used in the context of CI engines, with high cetane number fuels, and marks a
di�erentiation between these two modes. This is based on the fact that HCCI
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engines, as the name suggests, will initiate the combustion of the mixture
through the increase of its energy due to compression, whereas CAI engines will
require the use of strategies (other than compression) to increase the reactivity
of the mixture (such as increasing the rate of hot residual gases in the engine)
in order to promote the mixture autoignition.

In this case, in order to achieve a CAI combustion, the starting point is
a SI engine, in which the fuel and air are premixed in the intake or inside
the cylinder before the compression stroke (or in its initial stage), so that at
the end of compression, the fuel and air mixture is completely homogenized.
Close to the end of the compression stroke, the mixture will reach a high
enough temperature, thus initiating the autoignition process in a similar way as
would happen in a CI engine. However, in this engine due to the autoignition
resistance of the fuel and the lower compression ratio, the mixture must be
preheated to reach, at the end of the compression stroke, an adequate enthalpy
level for the mixture to ignite and the subsequent combustion development
[124]. This e�ect is mainly achieved in two ways: the �rst is by heating the
intake air before introducing it into the cylinder, and the second, by retaining
part of the hot residuals from the combustion of the previous cycle. The
application of this type of combustion to SI engines o�ers an increase in fuel
e�ciency and a great decrease in NOx emissions compared to SI standard
operation.

As it has been said, CAI combustion is achieved by controlling the mixture
conditions, i.e. pressure, temperature and composition of the charge. Unlike SI
and CI engines, there is no direct control over the mixture ignition timing, and
therefore the initial conditions of each combustion cycle will be more important
than in the previously mentioned engines. In this type of combustion, chemical
kinetics plays a fundamental role in the development of combustion. Many
studies have been developed with the intention of giving light to the chemical
mechanisms developed during the instants in which the fuel initiates the
autoignition process. For example, Zhao et al. [125] studied the process by
simulating a 4-stroke engine fueled with isooctane. They used a model with
detailed chemical kinetics of the fuel to study the di�erent parameters a�ecting
CAI combustion. Kelly-Zion et al. [126] developed a work by modeling an
engine where the e�ect on the autoignition delay was studied when the initial
conditions of the mixture or the type of fuel used were varied.

Other very important works for the understanding of these mechanisms
have also been developed in parallel by the use of rapid compression machines
(RCM), in which it has been possible to study in detail the chemical part of the
autoignition process, isolating very well the rest of e�ects such as temperature,
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composition or pressure, since in an engine it is often impossible to isolate
the e�ect of each parameter separately. Tanaka, S. et al. [127] used an RCM
to study the e�ects of fuel structure on the self-ignition process. Desantes,
J.M., Lopez, J.J. and López-Pintor, D. appear in numerous works related to
the self-ignition of fuel/air mixtures in rapid compression machines, having
contributed with a great knowledge about this �eld of research [17, 128�132].

Figure 2.22. PV diagram for combustion cycles operated in SI and CAI conditions.
Source: Adapted from [82].

In an ideal CAI combustion case, the ignition of the mixture occurs
simultaneously in the entire volume occupied by the fuel/air mixture, without
a de�ned �ame front [133]. Therefore, this process develops with higher heat
release rates. Consequently, the resulting combustion speed would be much
faster than the one achieved by a �ame front-based combustion. So, it could
be considered that the heat release would take place at constant volume (see
Figure 2.22). This process is much more repetitive and stable compared to a
SI standard combustion [134].

This combustion mode will always be bounded in an area smaller than the
complete engine operation map. Beyond that area, problems of (1) mis�re,
(2) partial burn or (3) knock will appear. In Oakley's work [135] some engine
maps are presented where the CAI operation region is de�ned for a given SI
engine, based on the lambda used and the EGR rate. In this engine, the air
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Figure 2.23. Boundary regions for CAI operation with unleaded gasoline [135].

was introduced at a temperature of 320 oC and the intake pressure was kept
constant at 2.7 bar, so that with the variation of the amount of fuel injected,
both the IMEP and the lambda were modi�ed. The �rst boundary de�nes the
region of mis�res, where the EGR rate is very high and the excessive amount
of CO2 and H2O hinders the mixture autoignition. This EGR rate can be
higher with higher lambdas, since the amount of oxygen present in the EGR
increases signi�cantly. With the decrease in the amount of fuel, the lambda
increases until it reaches the second boundary, the partial burn region, where
combustion begins to be incomplete. The combustion stability is lost, and CO
and HC emissions are increased. Finally, the knock region occurs when the
mixture is richer and the EGR rates are low because the reactivity increases
excessively and the combustion goes out of control.

In Duret's work [136], an engine operation map is presented as a result of
the work on a two-stroke engine, where the CAI region and the SI region are
speci�ed (Figure 2.24). As it can be seen, the autoignition region of the engine
map presented by Duret was wide enough wide to move the vehicle from about
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15 km/h in �rst gear until 95 km/h in fourth gear, providing by this way an
engine able to take advantage of the bene�ts of the CAI combustion.

Figure 2.24. Engine map proposed by Duret for a CAI-SI operation in a two stroke
engine [136]. Source of the �gure: [82].

Approaches to CAI operation in gasoline engines

As already seen, this combustion mode has high potential to reduce fuel
consumption and minimize emissions. Therefore a great e�ort has been done in
the last decade in order to try to transfer this combustion mode to the current
engines running on the roads.

First of all, the most obvious strategy to get CAI is the intake heating.
This work was carried out by Najit and Foster in 1983 [86]. In this work the
temperature of the intake air was increased to achieve a CAI combustion, later
controlled by the dilution degree of the mixture. This heating can be achieved
in di�erent ways: through the heat rejected by the engine to the coolant or
exhaust gases [137], or through an external heat source installed in the intake.

Another methodology to achieve CAI combustion is the increase of the
engine compression ratio in order to reach the autoignition temperatures by
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compressing the mixture [138�140]. The problem of this solution is the limited
operation range if there is not a VCR (Variable Compression Ratio) system
installed.

The fuel characteristics modi�cation through the blending of di�erent fuels,
or the variation of its original composition has also proven to be, on the one
hand, a tool with a great potential for the CAI application to the current
engines, and to achieve larger operating ranges [141�144]. However, this
strategy is limited by the complexity and cost of implementing a dual fuel
system. On the other hand, Lacey et al. [145] warn that CAI conditions are very
sensitive to fuel composition, and therefore the variability of its composition
generated in the re�nery, transport and storage can a�ect the �nal operation
of the engine, its e�ciency and emissions.

Finally, the most successful method to achieve CAI combustion in gasoline
engines is by retaining the hot residual gases from the previous combustion
cycle inside the engine [88, 91, 146�148]. These gases are at high temperatures
and, therefore, when they are mixed with the fresh charge introduced by the
intake, the temperature of the resulting in-cylinder charge can be modulated
according to the retained residual rate. This strategy makes CAI operation
possible in engines with a standard compression ratio without the need of an
external preheating system. This last strategy can be performed by di�erent
ways depending on the engine con�guration (residual gases retaining), and will
be described in more detail in the following paragraphs.

One way is advancing the closure of the exhaust valve in order to prevent
the expelling of the complete amount of exhaust gases. When the exhaust
valve is closed before TDC, the pressure in the cylinder increases during the
rest of the exhaust stroke. Accordingly, the intake opening must be delayed
until the cylinder pressure is lower than the intake pressure (see Figure 2.25).
This strategy is known as Negative Valve Overlap (NVO), and one of its major
drawbacks is the loss of engine permeability. However, this strategy creates a
period of recompression of the retained gases that can be used to inject part
of the fuel and thus further increase the reactivity of the mixture, since when
this fuel is precompressed and exposed to high temperatures and pressures,
it begins its decomposition in chains of shorter hydrocarbons with greater
reactivity [140, 149].

This strategy is widely used by di�erent authors in their work to study CAI
combustion. Yang [150], for example, studied CAI combustion in an optical
engine with the NVO strategy to trap the residuals in the cylinder. Hunicz [151]
studied the e�ect of NVO on the combustion phasing control and the e�ect
of fuel injections during the recompression period in the NVO. The second
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Exhaust valve

Intake valve

NVO

Figure 2.25. Graphical description of a NVO strategy. The exhaust and intake
camshaft timings are separated from each other, creating an intermediate period where
the cylinder is closed during part of the exhaust and intake strokes. Source: Adapted
from [149].

way is based on the exhaust gases recirculation. In this case, they leave the
cylinder to be reintroduced again. This process can be carried out by means
of the so-called internal EGR, thanks to the positive overlap of the valves.
However, in this strategy an additional energy input is usually required due to
the temperature loss of the exhaust gases, either by preheating the intake air or
by an increase in the compression ratio [139, 146, 152]. The other alternative
in which less exhaust gas energy can be recovered is called exhaust rebreathing,
and consists on letting the exhaust gases out and then reabsorbing them by
opening again the exhaust valve or leaving it open during part of the intake
stroke [153].

There are other strategies that have been presented by di�erent authors to
keep residual gases in the cylinder, and thus achieve CAI combustion. These
ones are very similar, on the basis, to the ones already mentioned above, but
with slight di�erences when acting to retain the gases.

Cinar et al. [154] reduced the lift of the exhaust valves by adjusting it to
retain the necessary amount for the autoignition of the mixture, which �nally is
a strategy similar to that of using the NVO for the same purpose. In the work
of Caton et al. [155], the valve timings were adjusted to control the e�ective
compression ratio, the amount of residual gases inside the cylinder and the
exhaust temperature. And �nally, Li et al. [156] studied the intake back�ow
so as to achieve autoignition conditions.
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If these ways are compared, the exhaust recirculation is characterized by
the lower temperature of the residuals since these lose part of the heat during
the period in which they are recirculated. This characteristic can be bene�cial
to operate at high loads, since the reactivity of the mixture is decreased. On
the contrary, the retention of the exhaust gases inside the cylinder eliminates
these heat losses and, therefore, the initial temperature is higher. This method
can be advantageous for the operation of the engine at low loads to favor the
autoignition of the mixture and a faster combustion [157].

Injection strategies

Once the strategies used to modulate the reactivity of the mixture and to
achieve autoignition have been presented, the way in which the fuel is injected
also has a great importance in the development of the combustion, because the
homogenization of the fuel will be di�erent depending on the selected strategy.

Fuel injection strategies in these types of engines cover di�erent aspects.
Firstly, the injection point: either the intake port or to inject the fuel directly
into the cylinder can be chosen. Secondly, the way in which the fuel will be
injected can be adjusted. In the case of intake port injections, the �exibility is
not very big. However in the case of the direct injection of gasoline, both the
injection timing and the number of injections to be made can be adjusted.

The intake port injection is, a priori, a solution with less complexity and
price. This one guarantees a good homogenization of the fuel. However, this
operation mode is very rigid and does not allow for great adjustments when
setting injection timings. Authors such as Milpied, J. [158] and Choi et al. [159]
present works with this injection mode, and talk about their problems and
bene�ts.

The direct injection in the cylinder is the most commonly used strategy
nowadays. This one allows greater �exibility when modifying the injection
settings to control combustion. Cao et al. [160] conducted a study using
CFD simulation where the e�ect of injection timing on a gasoline GDI engine
was analyzed. They observed how the SOI a�ects the in-cylinder fuel/air
mixing and mixture temperature. Therefore it was shown as a very in�uential
parameter in CAI combustion optimization and engine performance. In
another of his works [161], Cao also states that direct fuel injection can result
in lower fuel consumption and higher loads than with a PFI strategy. The
SOI variation also a�ects the combustion phasing through the e�ect of charge
cooling. But, on the other hand, direct injection of fuel so early in the cylinder
favors piston wetting, considerably increasing HC emissions [153].

Another strategy used to take control over ignition and combustion
development in CAI is the distribution of the fuel in two pulses. In this way, it
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is possible to modulate the homogenization of the mixture and, thereby, create
a charge strati�cation that will allow the autoignition of the mixture, as well as
a decrease in the heat release rate. If the engine operated in CAI uses the NVO
strategy to retain the hot residual gases in the cylinder, the �rst injection can
be made during the recompression of the residual gases, thus creating a fuel
reforming e�ect in the injected fuel that will make easier later the autoignition
of the mixture, thus giving a better stability and a more advanced SOC [151].
In some engines, the combination of both systems (the PFI and the DI) has
also been studied, resulting in greater �exibility to create strati�ed charges
despite presenting similar results to what would be obtained with a strategy
of split injections [162].

Emissions and e�ciencies

SI engines rely on a plasma discharge originated by the spark plug to
start the combustion process in a mixture under stoichiometric conditions.
This combustion will advance through the combustion chamber as a de�ned
�ame front that will separate the areas of fresh unburned mixture and burnt
products. During this process the temperatures in the �ame front can reach
up to 2500 K, which causes the formation of NOx that will be directly related
to the temperatures reached during the combustion process. Regarding smoke
emissions, the SI engine is a virtually smoke free. However the need to operate
with stoichiometric mixtures makes it necessary to install an intake throttle to
regulate the air mass �ow entering the engine. This results in high pumping
losses, and therefore a worsened e�ciency at low and medium loads.

Unlike SI combustion, in CAI combustion a premixed and highly diluted
mixture is autoignited at di�erent points in the combustion chamber at the
same time, so that it progresses through the combustion chamber more quickly.
An important di�erence is that the combustion temperature is lower due to
the presence of an excess of air or diluents in the mixture, which lead to
combustion temperatures usually below 2200 K, resulting in the elimination
of NOx emissions. In addition, lean mixtures are also virtually free of smoke
emissions during combustion.

The possibility of working with lean mixtures makes the adjustment of
the intake throttle less restrictive, even to work without it. This reduces the
pumping losses, making the SI engine in this aspect similar to a CI engine.
Therefore, it could be said that, by means of the CAI mode, the engine can
reach the e�ciencies of a CI with very low emissions.

However, this combustion mode, since it is operated with lean mixtures
and low temperatures, can increase the unburned hydrocarbons emissions. On
the one hand, the emissions due to crevices are similar to the ones of SI engines
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when operating in conditions close to stoichiometric. But with the dilution of
the mixture, the unburned hydrocarbons emissions increase due to the partial
combustions [163]. Regarding CO emissions, these are not eliminated under
CAI operation. However, it is true that the use of residual gases to initiate
combustion helps to reduce the emissions of this pollutant [89, 146].

The work developed by Zhang and Zhao [164] focuses on the comparison
of SI and CAI combustion modes in 2S and 4S engines. They show the
comparative results of the e�ciencies obtained and the emissions values in
each type of engine, when being operated in di�erent combustion modes. From
the results presented in the paper, the following �gure (Figure 2.26) has been
extracted, where their main results are shown. It can be seen how these results
go in the same line than the statements explained in this section.

4sThrSI    4sIVLSI  4SPVOSI   4sNVO    4sReB       2sCAI        2sSI
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Figure 2.26. Comparison of the SI-CAI modes in 2S and 4S engines with di�erent
approaches to get the CAI combustion. Source: [164].
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In order to better understand the �gure, a brief description of the X axes
labels of each graph is presented:

• Mode 1: 4-stroke throttle-controlled SI mode.

• Mode 2: 4-stroke intake valve throttled SI mode.

• Mode 3: 4-stroke positive valve overlap SI mode.

• Mode 4: 4-stroke negative valve overlap CAI mode.

• Mode 5: 4-stroke exhaust rebreathing CAI mode.

• Mode 6: 2-stroke CAI mode.

• Mode 7: 2-stroke SI mode.

It must be said that all the tests were operated with an equivalent output
power and the operation was made in all cases under stoichiometric conditions.

Zhi Wang et al. [165] also conducted a study comparing the combustion
modes SI, SICI (Spark Induced Compression Ignition) and CAI on the same
engine, obtaining results also in line with those presented above (Figure 2.27).
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Figure 2.27. Comparison of combustion and emission characteristics among the
CAI, SICI and SI modes. Source: [165].

This type of works have been extensive in recent years, and the main part of
them have provided similar conclusions together with a better understanding of
the e�ciencies obtained and the emissions associated to this type of combustion
[123, 134, 164, 166�169].
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Hybrid combustion mode, between CAI and SI

CAI engines, always need a spark plug to run and work when they are cold,
and to complete the operation range of the engine through the SI mode at very
low loads and high loads, since in the �rst case the mixture does not reach
enough temperature to autoignite and, in the second case, the autoignition
operation leads to high levels of knocking and uncontrolled combustion due to
the excessive reactivity of the mixture.

The in�uence of the spark plug on CAI combustion has been studied in
di�erent works, and it can be found that, according to some authors, this can
a�ect very little the combustion when the engine is operating in CAI [152]or,
on the contrary, for some other authors, it can have a greater in�uence on the
combustion, a�ecting its positioning and development [170�172], even helping
at certain points to operate the engine in CAI conditions, as for instance at
low loads, where the reactivity needs an extra energy supply, thus extending
the range of operation in CAI conditions. This is why a hybrid combustion
mode called Spark-Assisted Compression Ignition (SACI) can be found in
the literature [173]. This mode has received other names such as SI-CAI,
CAISI. . . all of them related to the ignition assistance by spark plug in CAI
combustion.

In this type of operation, the reactivity conditions are modulated in such
a way that the initial contribution of the energy generated by the spark
plug and a small combustion kernel can later start a generalized combustion
by autoignition [174]. This combustion mode allows the positioning of the
combustion, since it can be adjusted by the spark timing. In this way, the
bene�ts of both combustion modes (SI and CAI) can be partly provided: on
the one hand, greater control over the combustion positioning and, on the other
hand, the bene�ts of CAI combustion compared to SI [175�177].

Expanding the CAI operation limits

One of the main problems with the CAI combustion mode is that it
cannot be used in the complete operation range of an engine. Therefore,
the combustion modes have to be alternated according to the load degree
demanded. This means that part of the interest in this combustion mode is
lost, since it adds a great engine operation complexity and the bene�t is very
limited due to the small region where the engine is operable in CAI combustion.

This problem has generated a great working �eld for the researchers that,
little by little and with successive works, have been increasing the application
range of this type of combustion in the engine. The approaches have been
very di�erent. Most of them have focused on controlling the mixture reactivity
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more precisely with the available settings, whereas others have tried to add new
parameters to have additional degrees of freedom when adjusting the operation
of the engine.

• Injection strategies:
The injection strategies have already been discussed in this section, since
they play an important role in the homogenization of the mixture and the
adjustment of the reactivity of the �nal charge. Therefore, the continuous
work on these strategies can lead to higher operation loads under CAI
conditions. In the work presented by Li et al. [178], the application of
di�erent timings for simple and split injections is studied. At the end
of the study they state that, with the advance of the injection and the
use of split injections, the maximum load under CAI conditions can be
increased.

• Residuals rate adjustment:
The valve timing con�guration has shown to be essential to achieve
the necessary reactivity to make the engine work in CAI combustion.
By modifying these parameters the initial reactivity of the mixture is
strongly a�ected, and so it is not surprising that an improvement over
the performance in these parameters can lead to an expansion of the
combustion region by auto ignition [179]. It is worth to mention in this
section the work of Yang et al. [180] where the e�ect of residual gases
trapped in the engine is studied. In their study they state that not only
the e�ect of the temperature of these gases must be taken into account,
but also the e�ect of the mixture dilution has a great importance when
expanding the CAI operation range.

• Fuel modi�cation:
Another interesting strategy to work in CAI combustion mode and to
increase the operating range is based on the modi�cation of the fuel
composition. This is a strategy that moves away from what would be
understood by CAI combustion in purely gasoline engines. However the
need of di�erent mixture reactivities at each operating point suggest not
only to modify the conditions of the gases, but also the fuel itself. The
work of Zhang et al. [181] and Uyumaz [182] show that, in the �rst case,
the addition of ethanol to the fuel favors the increase of the maximum
load in CAI, since this one has a greater cooling e�ect in the mixture
and presents slower combustion rates. And, in the second case, that
the mixture of di�erent fuels also results in an increase of the equivalent
octane number of the resulting fuel, allowing to extend the limit of CAI
operation towards higher loads.
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• Water addition:
The combustion at high loads presents the problem of an excessive
reactivity of the mixture, losing the control over the knock and the
combustion performance. Therefore, a �eld of study has focused on the
introduction of reactivity suppressors like water, through the addition
of this element by mixing it with the fuel [183�185] or by injecting it
directly into the combustion chamber [186, 187].

The addition of water to the combustion chamber implies a drop in the
initial charge temperature and a lower heat release rate thanks to the
heat absorption required to evaporate this element and to the higher
cp of the H2O molecules that absorb a greater amount of energy to
increase its temperature. All these phenomena have a great e�ect on
the combustion temperature. This strategy o�ers promising results to
be able to considerably increase the maximum achievable load in CAI
mode [149].

• EGR:
In the same direction as the water addition, the EGR introduction also
seeks a decrease in the mixture reactivity, thus favoring the increase of
the maximum allowable load. For this purpose the EGR gases must be
cooled, and once introduced into the cylinder, they reduce the charge
reactivity thanks to the lowering of the oxygen concentration and the
higher cp thanks to the water vapor contained in these gases. Therefore,
some works have also been developed using the EGR as a tool to expand
the range of operation in CAI mode [188, 189].

• Spark adjustment:
Finally, the use of the spark plug in the CAI combustion mode has shown
to be a useful element, since it can be used to initiate a combustion that
normally would not have started by autoignition. By this way, the engine
can be operated with a su�ciently low reactivity, so that the mixture is
unable to autoignite without a small extra energy supply. This energy
will be provided by the spark plug and by the small combustion kernel
formed, thus initiating the process in two phases: the �rst phase starts
with an SI ignition, and the second phase, thanks to this increment of
additional energy, it will cause the general autoignition of the rest of the
mixture [190].

The two stroke CAI engines

The use of two-stroke engines has always been very complex. One of their
main problems has been a very unstable operation at low and medium loads.
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During the 70s di�erent works emerged trying to improve this aspect. Among
these, Onishi et al. [83] and Noguchi et al. [84] presented an improvement of the
combustion at part loads in this type of engines that improved their e�ciency,
stability and emissions of these engines. This improvement set the foundations
of combustion by autoignition in gasoline engines. From this moment, several
works focused on studying the advantages and disadvantages of these engines
were developed. These works tried to establish the ways in which it can be
taken advantage of this new combustion mode and how to apply it to the
engines that in the future could power the vehicles used for transportation.
Many of these have been described in the previous lines of this section, since
the combustion basis is the same for 2S and 4S engines.

As seen today, the use of 2S engines is increasingly anecdotal against the
massive use of 4S engines. However, two-stroke engines can o�er virtually twice
as much power per displaced volume as a 4S, since they perform a complete
cycle in each crankshaft revolution. This means that these engines can be
more compact and more e�cient due to lower heat losses and lower friction
losses during the cycle [191]. Nevertheless, these engines are more complex
and unstable during operation, and this theoretical bene�t has always been
very di�cult to be attained in reality. Despite this, there have always been
di�erent works in progress trying to continue improving this type of engines, or
studying the implementation of new solutions or approaches in their operation
that could o�er a competitive advantage over 4S engines.

CAI combustion can push the development of this type of engines improving
their combustion stability and improving low and medium loads operation
performance, since these are the operating areas where this type of engines
have their main problems. Therefore, there is a large working �eld in which
several studies have been made even though, due to its lesser presence in the
automotive world, the amount of these works is much less than those done for
4S engines.

Along the following lines, a series of works carried out in years close to the
development of this PhD. thesis will be shown, trying to see the aspects in
which the authors have focused on.

Wijesinghe and Hong [192] worked on a two-stroke engine (160 cm3, piston-
ported, single-cylinder). In this engine, valves were installed at the intake and
exhaust to control the scavenging process and to trap residual gases inside the
engine. With this arrangement they made tests analyzing the operation of the
engine at low and high loads. These authors published in other works [193, 194]
an analysis of the e�ect of maintaining the spark assistance on the engine
while operating in CAI combustion to improve the combustion stability and
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eliminate mis�res problems. They state that, by advancing the spark timing,
the autoignition onset can be in�uenced, thus giving an extra adjustment
degree of the combustion phasing. However, they observed that the combustion
duration was independent of the ignition timing. This duration depends on
the composition and conditions of the mixture in the cylinder.

Hung et al. [195] developed a study based on the modeling of a two-stroke
free piston linear engine, in which they analyzed the e�ect of di�erent operating
parameters such as the intake temperature, F/A equivalence ratio, engine load,
intake pressure or the spark plug e�ect on combustion.

Duret has also contributed to the development of di�erent works related
to the development of two-stroke engines. One of them has been the
development of a two-stroke engine capable of operating in CAI combustion
called ELEVATE [196, 197].

Andwari appears related to di�erent works on the development of two-
stroke engines (piston ported single-cylinder) operated in CAI conditions.
These works are focused on the analysis of the e�ect of the hot residual gases on
the combustion and the addition of EGR to the intake charge [191, 198�201].

The authors Zhao and Zhang have made a great contribution in this
research �eld with numerous investigations and works related to the CAI
engines and also with architectures of two-stroke engines. Zhao, has edited
a book about CAI engines [82] where he tries to collect much of the knowledge
developed up to that moment, and summarizing in a chapter dedicated to the
two-stroke engines the work done on these engines and their peculiarities.

Some works of these authors are detailed in the following lines:

In 2000, Zhao and other authors worked on the 4-SPACE project with the
aim to develop an innovative controlled autoignition combustion process for
lean burn automotive gasoline 4-stroke engines application [88].

In 2001 and 2002, Zhao continued researching about the CAI combustion
with a Ford 1.7L Zetec-SE 16V engine [89, 152].

In 2004, Zhao studied in an optical engine the CAI heat release by means
of 2-D PLIF imaging of formaldehyde [202].

In 2006, Zhang presented a study about the combustion and emission
characteristics of ethanol on a port fuel injection HCCI engine [203].

In 2012, they published a paper about the measurement of the short-circuit
of intake gases to the exhaust in two-stroke engines and the e�ects for the CAI
operation [204].
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In 2013 both authors published a study using DME directly injected to
control the mixture reactivity and the combustion timing [205]. In another
work [206], they studied the implementation of a sensor in the engine to
measure the CO2 concentration inside the cylinder and thus quantify the
amount of hot residual gases during the operation of the engine. Finally, they
also studied the in�uence of intake back�ow on HCCI autoignition timing [207].

In 2014 and 2015, Zhang et al. [164, 208] worked with a single-cylinder
engine able to work work as a 2S or a 4S thanks to a camless system, to study
the possible bene�t of operating the engine in CAI through a two-stroke cycle.

In 2015 they published some results using gasoline with ethanol [181]. In
this study the in�uence of the introduction of di�erent fuel compositions was
analyzed.

These investigations, together with others shown during the development
of this chapter and many others not mentioned here, have contributed to
improve the understanding of the CAI operation and its application in two-
stroke engines.

2.4 The combustion analysis

2.4.1 The combustion diagnostics

The combustion diagnostics is a key tool to obtain precious data from the
combustion occurred during any engine test. This data gives information about
the essential process in IC engines, since the combustion is the way how the
energy is introduced in the engine, which will be recovered at the power stroke.
Therefore, the way in which this is developed plays an important role on the
engine performance. The most extended way to analyze the combustion is
based on the estimation of the heat release law (HRL) from the pressure data
measured directly from the combustion chamber. In the literature two, main
ways to estimate this parameter can be found [39, 209], named as the �burning
rate analysis� and the �heat release analysis�.

• The burning rate estimation comes from SI engines, in which the
combustion development is clearly di�erentiated in two regions: the
burned and the unburned gases. By this way, the evolution of the burned
region determines the burning rate from the combustion initiation (0%)
to the end of combustion (100%). The estimation of this parameter
is based on simpli�ed models to approximate the thermodynamic
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evolution of the cylinder charge, but nevertheless this is less accurate
than the application of the �rst law of thermodynamics (heat release
analysis). Moreover, the main advantage of this methodology is the faster
estimation of the MFB (mass fraction burned).

One of the most extended models is the one of Rassweiler and Withrow
[210]. By analogy with a constant volume combustion, the authors
link the pressure increment with the evolution of the burned fraction,
obtaining a simpli�ed equation to estimate the MFB:

MFBpαq � p
1
n pαq � V pαq � p

1
n
0 � V0

p
1
n
f � Vf � p

1
n
0 � V0

(2.9)

where α is the angular position of the crankshaft, p and V are the
pressure and the instantaneous volume inside the cyclinder and the
subscripts 0 and f are refered to the intial and the �nal conditions.

• The heat release analysis is based on the application of an energy balance
to the combustion chamber, based on the �rst law of thermodynamics.
By this way, for the estimation of the HRL, all the variables of this
balance are considered: internal energy, expansion work, heat �ows to the
walls and enthalpy of the combustion chamber incoming and out-coming
mass �ows. Usually the most important parameters on this estimation
are the internal energy and the expansion work, the rest of the variables
can be simpli�ed or neglected. According to Heywood [39] , its usual to
di�er between two ways to estimate the HRL.

� The �rst one takes in account a model to estimate the heat loses to
the cylinder walls, by this way the chemical energy released from
the fuel can be estimated. This estimated HRL is known on the
literature as the gross heat release [39, 209, 211�214].1

� The second way does not consider any heat loss for the estimation
of the HRL, by this way the obtained HRL is known as the net heat
release [39, 215�217].

A simpli�ed example of the HRL estimation is suggested by Brunt
et al. [209] based on the polytropic evolution hypothesis presented by
Rassweiler and Withrow. Applying the �rst law of thermodynamics the
gross heat release rate can be obtained.

1This is the chosen methodology for the HRL estimations all along this thesis work.
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∆HRL � m �∆U � m � cv �∆T � V2
γ � 1

�
p2 � p1

�
V1
V2


n�
(2.10)

where p1, p2, V1 and V2 are the pressure and the volume inside the
cylinder refered to the starting (1) and the �nal conditions (2) during
the considered period of time to calculate the HRL variation, γ is the
isentropic exponent and n represents the polytropic exponent.

Regarding these diagnostic models, it is possible to sort them depending
also on the considered zones inside the combustion chamber. There are single
zone models [211�213, 216, 218�220] and models with two or more zones [215,
217, 220, 221]. The second are more accurate, but that accuracy implies an
increment of the numerical complexity, and for the estimation of the HRL the
single zone models are widely considered as accurate enough [209].

As said at the beginning, all these estimations depend mainly on the
cylinder pressure registered signal. This experimental data measurement
presents some di�culties and uncertainties that modify the obtained data
compared to the original values. Two of the main problems are: �rst, the
signal disturbance by external in�uences, as the noise introduction inside the
measured signal. And second, the slight combustion variabilities that can be
found in the individual measured cycles that are not representative of the
whole combustion performance. These two problems are solved processing the
pressure signal from the raw data. First, the �nal pressure signal is the result
of the measurement and averaging of a set of measured cycles. By this way
the small di�erences and dispersion between the individual cycles are reduced
(see Figure 2.28, right), thus obtaining a representative pressure cycle. And
secondly, the signal is �ltered to remove the high frequency noise introduced in
the signal coming from external sources (see Figure 2.28, left). By averaging
the pressure cycles, besides getting a more representative pressure data, this
operation implies also a signal �ltering. Some authors, as Callahan et al. [222],
for instance, do not include any additional �ltering beyond the averaging of
100 measured pressure cycles.

These methodologies are widely employed for the combustion diagnostics
in SI and CI engines, thus obtaining a representative HRL to analyze the
combustion process on the engine. However, there are two concerns during
the present work. The �rst one is which the quality of this methodology is
when working with a SI engine with a high cycle to cycle variability, since
the averaged pressure analysis is a very good methodology for engines with
small variability during the combustion process (as CI engines), while with the
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Figure 2.28. Left - Detail of the external noise registered on a pressure signal
measurement. Right - Di�erent pressure cycles measured during combustion and
averaged pressure signal.

increase of the scattering, the averaged pressure cycle is less representative of
the whole process. And the second concern is about the availability of a deeper
combustion analysis from the HRL information, especially with the emergence
of all these combustion modes and their potential coexistence during the engine
operation. From these two points, the next subsections have been created in
order to review the approaches to these two questions related to the combustion
diagnostics.

2.4.2 The SI cyclic variability and the in�uence on the
combustion diagnostics

The cyclic variability is a common phenomenon during the combustion
process, observed from the very beginning of the Spark Ignition (SI) engines
development [223]. This variability mainly causes �uctuations in the rate
of heat release, giving a variable power output, increased emissions and a
worsened fuel consumption [224]. It is therefore not surprising that the
instabilities were identi�ed as a fundamental combustion problem in spark
ignition engines [11, 225]. The main factors a�ecting the cycle to cycle
variability of the SI combustion have been classi�ed, for example, at Heywood
[39], and these are the following: mixtures not close to the stoichiometric values
(lean mixtures operation), aerodynamics in the cylinder during combustion,
homogenization of the fuel, residual and recirculated exhaust gases supplied to
the cylinder, composition of the local mixture near the spark plug, etc.
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The unpredictable and stochastic character of this variability produce
several problems for the development of optimized engine control systems
and limits the maximum e�ciency and power achievable [226]. Around the
literature it can be found information about several works dealing with this
phenomenology and trying to improve the engine e�ciency by reducing the
variability [227]. Nevertheless, despite of the work made trying to solve the
di�erent aspects of combustion instabilities, a controlled stable combustion
process in an SI engine has not yet been solved [228�230].

So, it is necessary to deal with the combustion variability when these
engines are being used. Normally, for these type of studies, the most common
way to approach a combustion study is by the analysis of a representative
averaged pressure cycle calculated from the `n' measured cycles, which is
assumed as representative of the whole test [231]. This methodology is perfect
for diesel engines because the variability of the combustion is nearly cero, so
the averaged cycle is very similar to each instantaneous measured cycle. It has
not much sense to think about analyzing the instantaneous cycles in that case.
However with SI engines the averaged cycle could not be representative enough
of the whole combustion inside the cylinder due to the big discrepancies among
the di�erent instantaneous cycles.

Some works have been done dealing with these problems in SI engines. For
example, E. Galloni [232] talks about the adjustment of the spark ignition
timing individualized for each cycle and the associated problems of the
adjustment of this parameter just with the mean values. Baratta studied for
several years the cyclic variability in SI engines. In 2005 [233] developed a
new diagnostic technique based on a quasi-dimensional multizone model and
named it the �cycle resolved model�. With this tool he studied, in this case,
the in�uence of the cyclic variability on the di�erent aspects of the combustion
diagnostics. Afterwards, in 2006 this model was also used to estimate the
start of combustion (SOC) for each cycle [234], and �nally, in 2012 [235] he
presented a methodology based on the cycle-resolved heat release analysis to
estimate the end of combustion for each cycle.

Other interesting point of view related to the cyclic variability comes from
the raising interest to get an online diagnostic of the combustion for each
singular cycle. D'Ambrosio [236] analyzed, for SI engines, the available pressure
based techniques to obtain the HRL in order to check the viability to implement
them in onboard diagnostics tools. These kind of works try to optimize the
estimation of the HRL and search for an accurate calculation in the minimum
time and with the minimum calculation sources as possible, in order to allow
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the online diagnostic of the combustion. This aim reveal the need to perform
the combustion diagnostics cycle by cycle.

Aside from these works, it becomes a di�cult task to �nd a considerable
number of references dealing with the di�erent ways to proceed to the
combustion diagnostic in cases with high cyclic variability.

2.4.3 The combustion analysis on SI and CAI combustion
modes

The basic combustion information available coming from the combustion
diagnostic of the experimental data is the Heat Release Law, calculated from
the in-cylinder pressure evolution, the operating conditions and the trapped
mass inside the cylinder [211]. From this law, di�erent parameters, such as the
Heat Release Rate (HRR), and other related parameters, as the combustion
phasing, are obtained. This HRL depends on multiple factors a�ecting the
combustion development: the fuel used, the mass trapped inside the cylinder,
the temperatures and pressures, the Fuel/Air equivalence ratio, the turbulence
e�ect, the mixture dilution, the combustion chamber design or the mixture
homogenization. All these variables a�ect the performance of the combustion
and their characterization can help to obtain a more complete combustion
analysis. For example, D'Ambrosio [237] worked on the development of
an improved combustion diagnostic tool integrating a multizone heat-release
model with a CAD procedure for the burned-gas front geometry simulation
with the aim of studying the combustion velocities inside the engine.

Along this chapter di�erent combustion modes have been referred, some of
them more common (SI -stoichiometric- and CI), and others more di�cult to
�nd in common engines (SI -lean- and LTC combustion modes). The lean SI
and the CAI combustion are the focus of this thesis and, therefore, it could
be interesting to see how the authors deal with the combustion diagnostic and
analysis of these two combustion modes, since they present very di�erent ways
to burn the fuel (by �ame front developed and by autoignition, respectively).

This kind of works to analyze the SI and CAI combustion have been
addressed from di�erent approaches. Some of them are more experimental,
based on empirical data, whereas others through the simulation of the di�erent
combustion processes.

The part of SI combustion has been investigated from long. This
combustion characterization is based on the turbulent �ame propagation,
which is a function of the estimated laminar combustion speed and the
modi�cation of this speed caused by the turbulence inside the combustion
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chamber. Metghalchi and Keck developed an empirical correlation for the
estimation of this laminar combustion speed as a function of temperature,
pressure and Fuel/Air eq. ratio, for di�erent fuels [238]. Later, Rhodes
and Keck developed an improved correlation based on the same equation for
gasoline-type fuels [239]. With these type of experimental correlations and the
di�erent ways to estimate the turbulence inside the cylinder, the SI combustion
has been characterized from more simple and analytical ways, to more complex
and detailed multidimensional simulations.

From the advent of HCCI and CAI concepts, the works related to the
development of chemical kinetic models have had great development, since
the combustion mechanisms are governed by chemical kinetics instead of
physical phenomena. These works try to characterize and predict the necessary
conditions to reach autoignition based on detailed chemistry mechanisms,
starting from zero dimensional single-zone models, as the one developed by
Curran et al. [240] to predict the isooctane autoignition, to multi-dimensional
CFD models with multi-zone detailed chemistry, as the one developed by
Aceves et al. [241�243].

The ways to characterize each combustion mode are very di�erent, since
they are governed by di�erent mechanisms. For this reason, it is quite
di�cult to �nd some works trying to deal with both modes by an analytical
way, studying both combustion modes and their di�erentiation. These
methodologies, however, result very interesting when CAI and SI combustion
can coexist in the same engine, since at some given operating points, it could
be di�cult to know the exact combustion process nature. The particular case
of the SACI combustion puts in evidence the need to develop analytic tools
to evaluate in detail the combustion process under those conditions. Olesky
et al. [244] de�ned a method to detect the transition between SI to CAI
combustion. This is based on the change in the curvature of the heat release
law just after the initial gradual heat release period (i.e. �ame propagation),
assuming that this change is due to the change in combustion performance, as
it can be seen in Figure 2.29.

Other authors, as Persson et al. [245], worked also to identify the moment
of the combustion mode change from SI to CAI by the pressure signal analysis,
and Reuss et al. [246] worked on the de�nition of the cycle to cycle variation
origins of the SACI combustion. In this work they also worked on the
combustion modes di�erentiation, basing their analysis on the pressure signals
and the HRR laws.

Finally, it has to be noted that nowadays this type of works related to the
combustion analysis are being replaced by the detailed chemistry models and
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Figure 2.29. Left - rate of heat release. Right - Mass fraction burned curves where
the change from SI to CAI combustion is marked by the yellow dots. Source: Olesky
et al. [244].

the CFD simulations, thanks to the accuracy in the results obtained. With
these tools, the real fuel (i.e. a blend of many di�erent hydrocarbons) is
substituted by a surrogate fuel (build from a few hydrocarbons, the chemistry
of which is known), which allows the accurate combustion characterization.
These methodologies are more predictive than analytical, but they are also
used to look in detail the combustion performance and to compare the results
with the experimental data as a way to analyze the combustion process.
Around the literature it is very easy to �nd works about these simulations
to characterize the CFD results, comparing them with experimental data
[247�249]. Nevertheless, the necessary time and computing power make these
tools sometimes restrictive and limited for a few number of calculations.

2.5 Summary

Throughout this chapter, a review of combustion in SI gasoline engines has
been made, analyzing from the basis of the traditional SI combustion concepts
to the most recent advances, which try to improve these engines in order to
make them more e�cient and clean.

As described in the chapter, SI combustion is a turbulent, pre-mixed
combustion that requires an external ignition for combustion initiation, and it
is governed by the development and propagation of a �ame front that burns
progressively the fuel/air mixture, separating it in two di�erentiated zones:
burned and unburned regions. This type of combustion has usually been
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operated under stoichiometric conditions until today, and the most common
pollutant emissions produced by it are HC, CO, NOx and CO2, all of them
derived from the high temperatures reached and the combustion irregularities
during its development. The CO2 emissions, despite not being a pollutant, are
a regulated emission and give an indication of the engine e�ciency.

Once the bases of combustion in gasoline engines have been set, the next
step has been to search for the strategies followed to improve these engines,
with the intention of making them more e�cient and less pollutant for the
environment where they operate.

The �rst group of reviewed strategies are focused on improving the available
systems to operate the engine in a more e�cient way. These strategies are
better known nowadays, since they can be considered of wide application in
the latest engines generation. These strategies are:

• Downsizing: this action consists on the reduction of the displaced volume
of the engine and the increase of the BMEP in order to have a smaller
engine with the same performance of a larger engine but with a better
e�ciency.

• Direct injection: the direct injection in gasoline engines has come to
replace the port fuel injection. In this way the engines gain in e�ciency,
since the compression ratio can be increased and they can operate with
strati�ed charges.

• Variable valve actuation: the introduction of these mechanisms allows
adjusting the valve actuation for each operating point, thus allowing the
engine scavenging optimization, as well as obtaining some improvements
in engine e�ciency.

• Boosting: this strategy has allowed to increase the volumetric e�ciency
of the engines. It has been a very important step for the application of
the downsizing strategies.

The second group of strategies to improve gasoline engines is focused on the
development of combustion, and this is a more active research �eld nowadays,
since it still needs many solutions to apply these concepts in a massive way on
the engines intended for the automotive industry.

• EGR: this strategy has been always associated to diesel engines.
However, based on certain studies, it can be an e�ective tool in gasoline
engines to reduce nitrogen oxides, to control combustion speeds and to
prevent knock appearance.
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• Lean combustion: this strategy is based on operating the engine with
lean mixtures, since in this way the engine can reach higher e�ciency
levels, mainly due to di�erent changes:

� The throttle can be suppressed, decreasing in this way the pumping
losses a�ecting SI engines.

� The compression ratios can be higher, thanks to the higher mixture
dilution that decreases the knocking risk.

� The thermal loses are decreased since the combustion is performed
at lower temperatures.

� The combustion e�ciency can be improved due to a higher amount
of available oxygen, because the fuel/air mixture always has some
heterogeneities. So, in stoichiometric conditions, the probability of
local rich mixtures was high.

However, this combustion mode has the problem that it cannot be used
with a three-way catalytic converter. This fact makes it to lose part of
its interest by having to employ more complex aftertreatment systems.

• Low Temperature Combustion modes: these combustion modes try to
place the engine operation out of the NOx and Soot formation regions.
The present work is focused on CAI combustion, since this is the
LTC mode for SI engines. This combustion mode is presented as a
solution to get high e�ciencies in the engine and a low level of pollutant
emissions, and it is based on the autoignition of a homogeneous fuel/air
mixture, avoiding the use of a spark and the progression of a single
�ame front along the combustion chamber. The combustion is developed
spontaneously in several points of the combustion chamber, resulting
in a faster combustion, with lower �ame temperatures. However, the
control of these combustions is not easy, and so the implementation of
this technology still requires a lot of development work.

Finally, a brief review of the combustion diagnostics methodology has been
performed. The most widely and reliable methodology chosen for experimental
works is the application of an energy balance on the combustion chamber
based on the �rst law of thermodynamics. This analysis uses an averaged
pressure cycle, considered as representative of the operating conditions of the
engine in a given moment, to �nally obtain the HRL. However, this diagnostic
methodology has shown to give poor information if the engine operation
presents cycle to cycle variations. Furthermore, when di�erent combustion
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modes are studied, the HRL continues being a valid diagnostic to analyze the
combustion development, but for a �ner analysis this parameter can be further
break down in order to evaluate the di�erences of each combustion mode.

As will be seen later, all these strategies have in�uenced the work of this
PhD. thesis, either in the development of the engine concept to be used,
or in the research work performed on the analysis of the di�erent operating
combustion modes.
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3.1 Introduction

In this brief chapter, an analysis of the state of the art in SI engines will
be performed based on the previous chapter. In this way, the current working
�elds to continue with the development of these engines will be detailed, and
based on this analysis, the objectives and the lines to follow in this PhD thesis
will be established, to carry out a work that contributes to the improvement
of this type of engines.

3.2 Synthesis of the literature review

The literature review made in Chapter 2 has been focused on the analysis of
SI engines, reviewing the keys of their combustion process and analyzing the
recent improvements that have been implemented during their development
with the aim of achieving more e�cient and clean power units.

This review, therefore, shows an image of the state of the art in this �eld.
As it has been seen, there are di�erent development areas where the research
works have been very intense, and are still bringing results to improve SI
engines. These areas are mainly: downsizing, the direct injection introduction,
boosting, and variable valve actuation systems implementation. All these
improvements have allowed the emergence of a new SI engines generation
totally di�erent from the SI engine concept known some years ago. These
development �elds, despite being better known nowadays, still have some
improvement margin. The BMEP and the e�ciency of this type of engines
is being increased continuously, and this requires better combustion control
methodologies to reduce the knocking (one of the major problems in these
engines), and other problems, such as the reduction of the pollutant emissions
generated by this type of engines, since they are rising with their progressive
evolution.

Currently, another development way is the implementation of new
combustion modes, with the aim to get a great improvement of these engines.
This �eld is attracting many e�orts, since there are di�erent approaches under
development to achieve a much more e�cient and clean combustion, something
that has proven being necessary in view of the problems arisen with the
advances of the new SI engines design.

One of the approaches with a predictably more immediate application, is
the change in the operation of SI engines from stoichiometric (as traditionally
operated) to lean conditions. However, this change presents di�erent challenges



100 3. Thesis proposal

that are di�cult to be solved nowadays, such as the development of optimal
strategies to minimize the pollutant emissions generated, as well as the
simpli�cation and cheapening of the aftertreatment systems. On the other
hand, it is necessary to face the task of igniting, in a reliable and repetitive
way, a lean mixture that will often be close to the �ammability limits, and this
is not trivial in most cases. Most of the current strategies are based on the
strati�cation of the charge, thus increasing the heterogeneity of the mixture
to make the ignition process easier. But this strategy increases the pollutant
emissions and limits the e�ciency that theoretically could be achieved thanks
to the lean mixtures operation.

Another approach at an earlier development stage is the CAI combustion
mode, which o�ers a big theoretical potential, but results in a great complexity
for the engine management. The bene�ts obtained if stable CAI combustion
is achieved are high: the e�ciencies of a Diesel cycle can be obtained but with
pollutant emissions levels below those produced by this type of combustion,
and even below the levels of an Otto cycle. However, the operation of
this combustion mode is based on achieving a controlled autoignition of a
homogenized mixture of gasoline and air without using any mechanism with a
direct action on the combustion initiation. The biggest challenges to face with
this combustion mode, and to transfer these theoretical bene�ts to the daily
use, are:

• The development of an optimum way to manage the reactivity of the
mixture, allowing the controlled autoignition at the optimum moment
and a development of combustion that does not a�ect the integrity of
the engine.

As it has been seen, di�erent approaches are being investigated to achieve
the control of this reactivity, but it is still di�cult to determine which
will be the best applicable strategy that will work in di�erent engines
and variable operating conditions.

• The design of methodologies that will allow to extend this operation
mode to the whole engine map.

Another big problem for CAI combustion nowadays, is the operating
limitation in terms of IMEP. There are works and methodologies to try
to extend this mode to greater operation ranges. However, nowadays it
is practically impossible to operate the entire working range of an engine
in CAI conditions.
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• The design of the appropriate control methodologies to allow the use of
the engine along di�erent load levels and speeds with a smooth operation
and uninterrupted combustion during transient operation.

This combustion mode, as already said, does not have a direct mechanism
to act on the start of combustion. Consequently, it is necessary to work
continuously on the mixture reactivity. This makes necessary the design
of advanced combustion control strategies totally di�erent to the ones
already seen, in order to make possible in the future the operation of
these engines out of a test bench in stationary conditions.

• The simpli�cation of the number of elements to add, as well as the
necessary changes to achieve the operation in this combustion mode.

The complexity of the systems necessary to operate in this combustion
mode is very high, depending on the approach to get CAI combustion.
Some necessary systems will never be available outside of a test cell in a
laboratory. Therefore, it is necessary to simplify all the required systems,
or at least make it possible for them to operate correctly in a vehicle.

• The necessary reliability of the engine performance when it is subjected
to the variability of the working conditions and the di�erences in fuel
composition supplied to the engine.

During the engine development, there are some standardized operating
conditions that establish the temperature, humidity, pressure and fuel
composition during the tests. Normally, a series of corrections are
established in the values obtained from the engine to standardize the
data obtained at any operating condition. However, it has been observed
that in these combustion modes, the variation of these conditions can
deeply a�ect the performance of the engine. So, before considering this
technology as mature, it should be evaluated if this combustion mode
can operate correctly during all the working conditions that can be found
throughout the di�erent driving situations.

All these challenges have a great relationship with the choice of the optimal
engine architecture to operate this type of combustion and the design of each
individual component to adapt it perfectly to the new operating conditions at
which it will be working. Up to now, it can be said that the de�nitive CAI
engine does not yet exist. Prototypes have been shown, but these may be very
far from what would be understood in the future as a CAI engine.

These new developments also entail some doubts about the suitability
of using the standard combustion diagnostics and subsequent analysis for
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them. The use of SI engines combined with the implementation of lean
combustion and CAI combustion modes, raises the importance to proceed
to the combustion diagnostic cycle by cycle, in order to take into account
the intrinsic variability of these engines and their higher combustion control
complexity. And regarding the combustion analysis methodologies, these
ones also present some lacks if a deeper information to distinguish di�erent
combustion modes has to be established from the HRL information.

3.3 Thesis objectives and general methodology

Thesis objectives

Based on the current state of the art, the main objective of the thesis will
be to study the SI lean combustion and CAI combustion in an engine that
presents a combination of the di�erent advances achieved in SI engines up to
now.

If this main objective is separated in a series of more speci�c objectives,
these can be taken as a guide for the development of the current thesis works,
and the following list can be proposed:

• To evaluate the potential of two-stroke engine architectures with the
latest technologies incorporated.

The engine under study will be an engine that works under a two-stroke
cycle. This decision was taken with the intention of trying to take
advantage of the higher theoretical power output per volume that this
type of engines is capable to achieve, as well as the higher mechanical
simplicity compared to four-stroke engines. That fact would allow to
decrease the cost of the future CAI engines. This decision is also in
line with the downsizing trend of the engines development, since in a
two-stroke engine, the BMEP achieved is twice the equivalent one in a
4-stroke engine, thus being able to reduce the displaced volume of the
engine.

• To analyze the potential of CAI and SI lean combustion modes.

These combustion modes will be tested with the intention of enlarging the
existing knowledge in relation to the required operation strategies, the
e�ciencies, the pollutant emissions and the limitations of each operating
mode.
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• To study the potential of the EGR applied to the di�erent combustion
modes.

A low pressure EGR system will be implemented in the engine with the
intention of controlling the pollutant emissions and to study its e�ect on
both lean and CAI combustion. In this last combustion mode, there is a
special interest to see the e�ect of this strategy (EGR) on the combustion
development, since this e�ect has not yet been studied extensively, and
it can be considered as a useful tool to extend the CAI operation range
at high loads.

• To study the convenience of changing the combustion diagnostics
methodology from the averaged pressure cycle to the individualized cycle
analysis.

If there are cycle to cycle variations during the engine operation, some
authors state that it becomes necessary to proceed with more detailed
solutions for the combustion diagnostic.

• To develop a deeper combustion analysis methodology to study the HRL
in depth in both SI and CAI modes.

After seeing that, in the reviewed current bibliography, there is not much
information about any quantitative analysis to di�erentiate the CAI
and SI combustion modes, the development of a combustion analysis
methodology is proposed here in order to study these combustion
processes. The aim of this study is to look for the di�erences between
these two combustion modes, and try to quantify in some way the
di�erences between a combustion carried out by a standard �ame front
progression and a combustion developed by autoignition.

• Try to o�er a complete engine solution with the available technologies
described along the literature review.

Although there is not yet an obvious and widely accepted way to develop
a CAI engine suitable to be industrialized, in this PhD thesis, thanks
to the study of the di�erent combustion modes, a �nal engine design
capable of operating either in lean or CAI combustion mode along
its whole working range will be proposed. With the data obtained
during the development of the work carried out, some theoretical results
of the engine performance in standard cycles will be calculated, thus
demonstrating if it could be considered as an e�ective solution for the
mobility of future vehicles.
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General methodology

To achieve all those objectives, the starting point will be a prototype single
cylinder engine equipped with all the technologies described in Section 2.3.
Once the engine is installed in the corresponding test cell, equipped with all
the necessary sensors and actuators for its control, and some equipment for
data acquisition is available, this one will be ready to be operated.

The �rst part of this thesis work will be the design and execution of the
experiments. Since there is not any previous engine map or precon�guration of
this engine, the �rst part of the work will be to explore the possibilities of each
engine setting, so as to de�ne the operation possibilities. Once the e�ect of the
di�erent settings is known and the engine map is de�ned, the experiments to
optimize the engine performance in lean conditions and CAI combustion will
be carried out, with the aim of searching for the best results as possible, as
well as identifying the di�erent operation regions of each mode.

All this work will be developed together with di�erent software tools
required to process the information obtained and to show the results of the
di�erent tests. Along the work carried out in the frame of the present
PhD thesis, there are di�erent processing phases: the �rst one will be faster
and carried out in parallel to the experimental work, in order to guide the
experimental tests depending on the results obtained. And the other one will
be oriented to analyze in detail the obtained data, as well as to understand
the information obtained from this engine.
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4.1 Introduction

In any research work, the use of certain experimental and theoretical
tools as well as some theoretical fundamentals and working methodologies is
necessary to get a contrasted work and solid results. Particularly, to carry
out all the work necessary to develop the current PhD thesis, several facilities
and tools are required, so as to ful�ll the already de�ned objectives, due to
the particular working �eld in which it is developed. For this reason, in this
section all the employed tools, as well as all the necessary basis to warrant a
correct working methodology and to provide enough quality to the presented
results will be de�ned and detailed here.

This chapter has been structured in three separate sections: the �rst
one is focused on the experimental tools, the engine and all the necessary
equipment to work with it; the second one deals with the theoretical tools
used along the development of this thesis; and, �nally, the third one describes
the methodologies employed during the thesis work.

4.2 Experimental tools

4.2.1 The engine

In this thesis, the engine selected to work with has been a prototype two-
stroke (2S) engine. This engine comes from the ULCGE project, and it is a
single cylinder engine specially built for the research and development stage of
the project, which is representative of the �nal engine. Along this section, the
speci�cations of the �nal engine, as well as of the single cylinder engine, are
going to be detailed.

The �nal engine is a twin-cylinder engine, with a displaced volume of
around 600 cm3. From this datum, it can be deduced that the engine will
be a medium-small size engine, intended for light passenger cars. It has to
be noted that 2S engines can achieve a higher speci�c power, since the power
strokes number is twice compared to 4S engines, with a lower cost thanks
to their mechanical simplicity. The main reasons behind the selection of the
engine con�guration �nally retained will be discussed in this subsection.

In a two stroke engine, usually the engine architecture is not the same as
the one commonly extended in 4S engines, where the intake and the exhaust
gases are introduced and removed thanks to the valves placed on the cylinder
head. In this case, the chosen con�guration has been a uni�ow scavenged one
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(Fig. 4.1). This means that the intake gases are introduced inside the cylinder
by the ports placed at the cylinder bottom, and the exhaust gases are removed
by the valves located on the cylinder head. This con�guration allows higher
engine permeability, because the exchange area for the intake and the exhaust
gases can be further increased, which is extremely important in a two stroke
cycle, since the time available for the scavenging process is much smaller and
the piston does not force the exhaust gases exit, nor the intake gases entrance.

Figure 4.1. Uni�ow scavenging architecture. Source: Wikipedia.

Among the di�erent scavenging con�gurations available for 2S engines
(Fig. 4.2), the uni�ow con�guration presents a greater scavenging quality
than the other con�gurations [1]. This is a widely employed con�guration
in applications other than automotive, with extremely good results [2�7]. One
of the main applications for this architecture is large marine 2S diesel engines.
These engines are operated at very low engine speeds (around 100 rpm) and
their peak e�ciencies are very high, up to 55% [8, 9]. The engine developed in
the frame of this PhD thesis tries to get closer to this concept in order to take
advantage of the high e�ciency values achieved in these other applications.

Since the intake of the fresh air is not induced and the exhaust gases are
not removed by the piston motion like in 4S engines, some scavenging pump
is needed to perform the scavenging process in 2S engines. This means that
all 2S engines have to be boosted in some way, so as to guarantee a positive
pressure di�erence between the intake and the exhaust, allowing the renewal
of the in-cylinder gases every cycle. To allow the maximum �exibility with a
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Figure 4.2. Di�erent scavenging con�gurations for 2S engines: (a) cross scavenging
(b.1) Uni�ow with opposed pistons (b.2) Uni�ow with head valves (c.1) Schnuerle
porting (c.2) MAN reverse scavenging (c.3) Curtis porting (c.4) Poppet valves
scavenging. Source [10].

reasonable cost, a ROTREX (Fig. 4.3) has been chosen, which is a mechanical
blower driven by the crankshaft.

Sections: 

A - Input Drive: 

 - Belt or shaft 
 - Simple integration 

B - Oil Pump: 

 - Self-contained oil-system 

C - Traction Drive: 

 - Low noise 
 - Speed up to 293.000 rpm 

D - Turbo Compressor: 

 - Adiabatic efficiency up to 82% 

D A B C 

Figure 4.3. Detailed view of the basic parts of a Rotrex system. Source:Rotrex
Technical Handbook [11].
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Regarding the driving of the exhaust valves, a Variable Valve Actuator
(VVA) has been installed to give higher �exibility during the engine calibration
and to get better overall fuel e�ciency in the engine. Among the di�erent
VVA systems, a Variable Valve Timing (VVT) system has been installed in
the camshaft, actuating on the exhaust valves and enabling the symmetrical
modi�cation of its angular position (Fig. 4.4). This system allows the
scavenging process optimization at di�erent engine speeds, as well as the
modi�cation of the e�ective compression and expansion strokes. It is important
to remind that, with this system, the valves opening and closing will be
modi�ed at the same time, and the lift duration will remain the same.

Starting from a centered VVT position, this one can be advanced or delayed
(taking as a reference the angular position, lower values mean advanced VVT's,
whereas higher values mean delayed VVT's). If the VVT is advanced, the
power stroke is decreased and the compression stroke is increased, whereas the
opposite e�ect will be achieved if the VVT is delayed.

0º TDC

180º BDC

Intake
Centered VVT
Advanced VVT

Expansion
stroke

Compression
stroke

Figure 4.4. Distribution diagram for the intake and exhaust.

In Figure 4.5 and further on, the camshaft angular position will be depicted
by the midpoint position of the exhaust valve opening and closing (EVO and
EVC) de�ned as VVT= (EVC + EVO)/2 (a centered position corresponds to
a value of 180o CA). For this engine, the VVT moving range is 30o CA, and the
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optimum range in order to improve the overall engine performance has been
de�ned between 150o and 180o CA.

80 130 180 230 280
Crank ang. [ºCA]

Ef
f. 

A
re

a 
[a

.u
.]

Intake
VVT 150
VVT 180

Figure 4.5. Distribution scheme where the two extreme positions of the VVT are
shown.

As in any 2S engine, air short-circuiting is unavoidable, and consequently
it is strongly recommended to inject the fuel directly inside the combustion
chamber, once the ports and valves are already closed. Thus, a fuel direct
injection system is required, but in this application attention should be paid
to the cost of the system. The search of the best compromise between those two
objectives has led to the choice of an air-assisted fuel injection system [12]. This
system consists of two injectors: the �rst one introduces the gasoline inside a
pressurized chamber, �lled with air and located just above the second injector,
which is installed in the cylinder head and introduces that premixture inside
the cylinder (Fig. 4.6, left). Such a system allows a good enough atomization
without the need of high (and �expensive�) fuel pressures (10 bar, in this case).

Figure 4.6. Left - Air-assisted injector assembly. Right - Operation scheme.
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The operating scheme shown in Fig. 4.6 to the right, shows the preinjection
of the fuel inside the air injector and, after a pre�xed delay, the injection of
this premixture (air + fuel) inside the cylinder. The main parameters to set
during the engine operation are the following: the amount of fuel introduced,
the starting angle of the premixture injection (SOI, Start Of Injection, de�ned
as an injection advance in degrees BTDC), and the duration of this injection
(DOI, Duration Of Injection, de�ned also in degrees). With this last parameter,
the amount of air injected together with the fuel can be modi�ed. The SOI
and DOI of the fuel injection are calculated automatically with the required
fuel amount (knowing the injection rate characteristics), and the pre�xed
separation time between the EOI (End Of Injection) of the fuel injection and
the SOI of the premixture injection.

However, this system does not come without weaknesses. The �rst is the
limited minimum EOI (taken as degrees BTDC). This limit is achieved when
the in-cylinder pressure is equal to the premixture injection pressure (7.5 bar
in this case). For lower EOI values, the in-cylinder pressure surpasses the
premixture injection pressure, and some back�ow inside the injector starts to
occur. Another problem of this fuel injection system is the obstruction of the
injector nozzle due to the freezing of the air humidity on the nozzle during
the injection when the engine is cold, because of the signi�cant temperature
drop in the injection air caused by its expansion in the nozzles. To avoid this
problem along this work, the humidity in the air has been removed previously.

Going back to the �rst problem stated above, it would be interesting to
determine the maximum in-cylinder pressure below which the nozzle will work
at choking conditions, since in this operating regime the injection rate would
be constant (maximum) and stable. This maximum pressure is, in fact, the
critical pressure. To estimate this value (pcrit), an isentropic evolution of an air
�ow through an injector nozzle can be assumed, taking the injection pressure
as the stagnation pressure (p0), Eq 4.1.

pcrit � p0

�
γ � 1

2


 γ

γ � 1

(4.1)

When the in-cylinder pressure is below pcrit, the injection rate is maximum
and constant. Once pcyl ¥ pcrit, the injection rate will progressively decrease,
until reaching the limit condition when pcyl � p0, where the injection rate is
stopped. Beyond this point, if the injector remains opened, the in-cylinder gas
will be pushed inside the injector, and the �ow will be reversed. Figure 4.7
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shows the injection pressure of the fuel/air mixture together with the evolution
of the nozzle exit pressure and the in-cylinder pressure. This last one was
measured in an operating point at 2000 rpm, and 5 mg/stk of injected fuel,
during the compression stroke.
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Figure 4.7. Nozzle exit pressure of the premixture injector depending on the in-
cylinder pressure.

The prototype single cylinder engine

Once the engine and the di�erent systems installed have been described,
it becomes necessary to describe the particular characteristics of the single
cylinder engine used during the thesis work, as representative of this �nal or
complete engine. This other engine has the same cylinder architecture and
dimensions as the cylinders of the �nal engine, with a displacement volume
of around 300 cc, and an elevated compression ratio (so as to promote CAI
combustion) compared to standard 2S engines. The speci�c power and torque
are around 70 kW/l and 70 Nm/l, respectively. With this data the reader can
get the idea about the engine, since it's not possible to give further details
about the engine speci�cations for con�dentiality reasons derived from the
ULCGE project.

The rest of the systems and components are the equivalent versions for the
single cylinder engine (the VVT and the injection system) or external supplies
provided by the systems installed in the test bench (like the boosting function
of the Rotrex or the oil and coolant conditioning). Those supplies have to be
included later in the calculations to adapt the single cylinder engine results to
the complete engine �nal results.

The air management of this engine requires a special mention, since this
is a two stroke engine. The air supply is provided by an external compressor,
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since the single cylinder engine has not any boosting system installed, and the
exhaust manifold installed on the single cylinder engine has been designed in
order to reduce as much as possible the acoustic e�ects of the exhaust gases
(which is a really important parameter in 2S engines). The main problem to
face between the two engine versions is the acoustic e�ect on the intake and
the exhaust. This is a very important parameter in these engines, since it
a�ects the scavenging process. The intake of the �nal engine, given that it is
a twin-cylinder engine, is a double ring around the intake ports connected on
the middle part where both cylinders are closer to each other (both cylinders
are aligned; an in-line architecture has been considered), whereas in the single
cylinder engine there is a single ring around the intake ports. This di�erence
might be considered as being negligible, but the air movement in both intake
ducts are not going to be the same. For the exhaust system a similar problem
is expected, since the interaction of both cylinders and the exhaust design will
in�uence the �nal acoustics of this system.

4.2.2 Test cell characteristics and equipment

Besides having the engine, which is the main experimental tool for this
work, it becomes necessary to have a properly equipped place to run this
experimental tool, to control its operation and to measure all the relevant
parameters. This place is the test cell, and depending on the tests and the
needs of the project, it has di�erent requirements in terms of equipment. In
Figure 4.8, a detailed sketch of all the equipment installed is presented, and in
the following lines of this section, all these elements will be described.

Engine dynamometer

The dynamometer available for this engine is an electric dynamometer
provided by AVL. This device can be con�gured as a motor or as a generator
(brake), which is necessary to run the SCE, since these engines are not available
to start by themselves, and by this means the combustion tests are directly
started from motored conditions. The brake torque is measured at the output
shaft of the engine with a strain-gauge torque meter, and the engine speed and
crankshaft angular position are measured continuously by means of an optical
encoder placed on the crankshaft. The main speci�cations of the dynamometer
are presented in Table 4.1.

Air supply and exhaust system

For this engine, the air supply has to be adapted in two aspects. The �rst
aspect is the control of the intake conditions in order to remove any e�ect
of these conditions on the combustion data. With that purpose, the air has
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Figure 4.8. Test cell sketch with the engine and all the auxiliary systems.

to be previously dried to keep a relative humidity below 25% and a constant
temperature of 20 oC. The second aspect is the control of the intake pressure (or
intake mass �ow) for each test depending on the de�ned operating conditions.
The air compressor chosen for this purpose is an oil free screw air compressor,
the characteristics of which are described in Table 4.2. This device has the air
dryer included inside by means of a refrigerator, and for the �nal conditioning
of the intake air, an extra heat exchanger and di�erent acoustic absorbers are
placed to get an air �ow as stable as possible.
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Engine dynamometer speci�cations

Type 4 pole AC electric dynamometer

Supplier and model AMK Type DW3

Nominal power 38 kW

Nominal torque 120 Nm

Nominal speed 3000 rpm

Maximum speed 9000 rpm

Test cell control platform AVL EMCOM + PUMA

Table 4.1. Main speci�cations of the dynamometer used on the engine.

Air path sub-systems speci�cations

Compressor type Oil-free screw air compressor

Supplier and model Atlas Copco ZA1-98

Maximum pressure 4 bar (abs)

Flow rate at maximum speed 450 m3/h

Air dryer type Refrigerant compressed air dryer

Supplier and model Atlas Copco FD 380 W

Air temperature on the inlet 35 oC

Dew point temperature 3 oC

Intake settling chamber volume 250 l

Exhaust settling chamber volume 50 l

Table 4.2. Main speci�cations of the intake air compressor.

The exhaust system has the main purpose of conducting the exhaust gases
from the engine output out of the test cell. This exhaust line has to be
designed with a de�ned backpressure and acoustic characteristics, in order to
emulate the conditions of the �nal designed exhaust line. This de�nition is very
important in this case, since it has a big in�uence on the scavenging process of
this particular engine. Since the de�nitive exhaust line for the twin-cylinder
engine was not yet de�ned, the one installed in the test bench was chosen in
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such a way to inhibit, as much as possible, any acoustical e�ect. Thanks to
this choice, the results obtained wouldn't be pessimistic, nor optimistic. At
the end of the exhaust line, a back-pressure valve was installed for controlling
purposes, allowing the choice of realistic exhaust gas pressure values.

EGR system

The EGR system was designed speci�cally for this test cell. Since the
2S nature of the engine forces the intake pressure to be always above the
exhaust pressure, the selected EGR system was, necessarily, a low pressure
system. In this circuit, the exhaust gases are taken downstream of the valve
for exhaust back-pressure control, to avoid any impact on this control, and
conducted to a piston compressor, which pumps them to the early part of
the intake line, to ensure a proper homogenization with the fresh air. Before
entering the EGR system, the exhaust gases are �ltered with a particulate �lter,
where any solid particle is removed, and before arriving to the compressor the
gases are �ltered again to remove any accidental solid particle or any water
droplet in order to protect this machine. The exhaust gases also circulate
inside a heat exchanger for temperature control. The purpose of this control is
twofold: on the one hand, to avoid an excessively high temperature (when these
come directly from the exhaust), which would be dangerous for the compressor
integrity; and, on the other hand, to avoid an excessively low temperature
(when these are recirculated inside the compressed loop -as it will be seen
in the following lines-), which would lead to water condensation. The way
to de�ne the correct temperature to minimize the water condensation and
the calculations to estimate this water condensation are brie�y presented in
Appendix 4.A. In Figure 4.9 a diagram of the EGR circuit is presented, with
all the construction details. The system has been built in such a way that the
EGR �ow is regulated through two electronic control valves, and not by the
actuation over the compressor operation. The �rst valve controls the gases
recirculation on the compressed loop whereas the second controls the mass
�ow sent to the intake manifold. In this way the system regulation is more
accurate in a wide range of EGR mass �ows (especially when small amounts
are required). Additionally, this way to control the EGR system has shown to
be less intrusive with the exhaust and intake pressures, obtaining results with
high accuracy.

Fuel and pressurized air supply for the injection system

The fuel supply and conditioning is managed by a Horiba FQ2100 (see
detailed diagram of the device in Figure 4.10). This device undertakes the
temperature and pressure regulation of the fuel, as well as the measurement of
the fuel mass �ow consumed by the fuel injector. For this work, the pressure
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Control valve

Control valve
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Heat exchanger
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Piston compressor
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Heat exchanger
Intake

Exhaust

Figure 4.9. Diagram of the EGR system installed in the test bench.

is �xed at 10 bar and the temperature at 20 oC, and they are constant along
the whole study.

Fuel return

Fuel inlet
Fuel outlet

Figure 4.10. Scheme of the HORIBA FQ2100 inner fuel circuit.
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The gasoline employed during all this work is a 95 RON calibrated fuel
provided by TOTAL. The choice for this fuel, with a very precisely controlled
composition, was to guarantee the engine behavior repeatability. The main
characteristics of this fuel are provided in Table 4.3.

Concept Units Results Method

Density@15oC kg/m3 758.1 ASTM D 86

RON Index 94.6 ISO 5164

MON Index 84.8 ISO 5163

Heating power kJ/kg 42790 GC - calculated

%C % mass 87.2 GC - calculated

%H % mass 12.8 GC - calculated

%O % mass <0.1 GC - calculated

Sulphur mg/kg 16.1 EN ISO 20846

Table 4.3. Gasoline speci�cations.

Regarding the pressurized air required for the injection system, it is
supplied at a constant pressure and temperature of 7.5 bar and 20 oC,
respectively, and with a relative humidity lower than 20%. Since this air mass
�ow becomes pulsated during the injection process, it is di�cult to measure
it directly with enough accuracy. For this reason, the system presented in
Figure 4.11 has been designed, to ensure the accuracy of the injected air
mass �ow measurement. With this design, there is a constant air mass �ow
through the main line (from the inlet to the regulation valve). In this line
there is a derivation to the injector, and two air mass �owmeters are placed
before and after this derivation (with the corresponding settling volumes, to
isolate the �owmeters from the pressure waves, thus ensuring a more reliable
measurement). In this way the injected air mass �ow is obtained through the
di�erence of the values obtained in these two �owmeters.

Cooling and lubricating systems

The cooling and lubrication of the engine are fundamental, on the one
hand, to ensure the correct operation and the protection of all the mechanical
elements. On the other hand, the selection of a convenient value of the oil
and coolant temperature, which can be controlled thanks to these systems, is
vital to guarantee that the data obtained from the engine is representative of
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Figure 4.11. Scheme of the pressurized injection air measurement facility.

real driving conditions, since they have a signi�cant impact on the heat �ows
inside the engine.

The cooling system installed on the test cell for the single cylinder engine
is presented in Figure 4.12. The working �uid inside the circuit is ethylene
glycol. Its temperature is regulated at 80 oC at the engine inlet, with a mass
�ow rate of 55 l/min.

As the engine has not its own lubricating system, it has been necessary to
design an auxiliary circuit to provide the necessary lubrication to the engine,
also controlling the conditions of this �uid. The oil introduced inside the
engine is a SAE 5W30, at a constant temperature of 85 oC at the engine inlet,
and a pressure of 4.5 bar. The designed circuit to control and measure the
oil conditions is presented in Figure 4.13. The circuit is made up of a three-
body oil pump, an external tank and di�erent �lters, heat exchangers and
sensors. Regarding the oil pump, one body is set to increase the pressure of
the oil circuit taking the oil from the tank, and the other two are connected
to the engine oil outlets, in order to suck the oil from the crankcase and the
cylinder head, sending it back to the tank. The circuit has three oil inputs
towards the engine. These ones are connected to the cylinder head, to lubricate
the camshafts, to the crankshaft, and to a small oil injector installed at the
bottom of the cylinder, to cool down and to ensure the correct lubrication of
the cylinder and the piston during the engine operation (this last connection
has its own �owmeter, since this is a critical part of the engine: too much oil
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Figure 4.12. Scheme of the cooling system installed.

causes oil penetration into the combustion chamber, whereas not enough oil
can derive in a fast engine seizure).

This oil from this circuit is also used to control, by periodic analysis, the
engine wear by monitoring the evolution of the metal particles content in the
oil.

Engine management and data acquisition

First, the sensors in the engine and test bench are going to be described.
Almost all these sensors are included in Figure 4.8, labeled with a T and a
P for the Temperature and Pressure sensors, respectively, and with a speci�c
indication for the �owmeters.

The pressure sensors are installed throughout the engine and the test bench
to control and register the necessary pressure data. They have been subdivided
in three groups:

• Installed on the engine:

� Two piezoelectric Kistler 6061B installed in the cylinder head to
measure and register the in-cylinder pressure. These sensors come
with a cooling system using external liquid.
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Figure 4.13. Scheme of the lubricating system installed.

� One piezoresistive Kistler 4007BA20FS installed at the bottom
of the liner to register the cylinder pressure around BDC. The
information of this sensor is used for pegging the signal of the two
previous piezoelectric sensors.

• Intake and exhaust manifolds:

� Both are equipped with a piezoresistive Kistler 4603 B10, and in the
case of the exhaust duct, the sensor is cooled with external liquid.

The �rst two detailed groups are high frequency sensors destined to measure
the instantaneous evolution of the pressure during the tests. In Table 4.4, the
measurement ranges for each sensor are also detailed.

• Other pressure sensors: Besides the previous main sensors, necessary to
collect the engine data, there are other sensors installed to control the
correct operation of the test bench.
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Signal Sensor/equipment Speci�cation

Cylinder pressure [bar] Piezoelectric sensor 0 to 250

Intake pressure [bar] Piezoresistive sensor 0 to 10

Exhaust pressure [bar] Piezoresistive sensor 0 to 10

BDC pressure [bar] Piezoresistive sensor 0 to 20

Table 4.4. Detail of the pressure sensor type and the operating range of the main
instantaneous pressure sensors.

� Pressure sensors in di�erent points of the air supply from the
compressor to the intake manifold.

� Oil circuit.

� Coolant circuit.

� High pressure injected air.

� Fuel circuit.

There are also several temperature sensors installed in di�erent points of the
engine and the test cell. These are thermocouples (K-type), and it has to be
taken into account that the measurement provided by these sensors has a very
long response time. Therefore the measurement of these devices has to be
taken into account only as an averaged measurement. They are installed in
the following points:

• Engine inlet and outlet points of the oil circuit.

• Inlet and outlet points of the coolant circuit.

• Inlet of the exhaust duct and extraction point of the gases for the exhaust
gas analyzer (HORIBA).

• Intake manifold and intake ring duct.

Finally there are some mass �owmeters installed at the following places:

• Intake manifold.

• Oil circuit derivation to the cylinder bottom (oil injector).
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• Coolant circuit.

• Fuel system.

• Pressurized air for the injection system (two �owmeters).

All these sensors, as well as some others described in di�erent lines of this
chapter, are detailed in Table 4.5, where the type of sensor and the operating
range are de�ned.

Variable Sensor/equipment Speci�cation

Engine speed [rpm] Optical angular encoder 1 to 6000

Engine torque [N�m] Strain-gauges torque meter -200 to 200

Intake pressure [bar] Piezoresistive transducer 0 to 10

Exhaust pressure [bar] Piezoresistive transducer 0 to 10

Intake temperature [oC] Thermocouple K-type 0 to 1000

Exhaust temperature [oC] Thermocouple K-type 0 to 1000

Fluid temperature [oC] Pt100 thermoresistance 0 to 100

Air �ow [m3/h] Rotary �owmeter 0.05 to 160

Blow-by �ow [m3/h] Blow-by Flowmeter AVL 442 0. to 4.5

Equivalence F/A ratio [-] UEGO NGK sensor 0.01 to 2

Table 4.5. Detail of the type and operating ratio of the sensors installed in the test
cell.

Once the sensors installed on the engine and the test cell have been
described, the systems to control the engine, the test cell and to collect all
the data obtained from the tests are going to be described:

• Control of the test cell: together with the test bench (dynamometer set),
a management system developed by AVL, called PUMA, is provided.
This system is used to control the dynamometer and the auxiliary
systems of the test bench, (mainly lubricating and cooling systems), and
the temperature in the test cell. Furthermore, this system is used to
collect the data of all the monitoring sensors and de�ne a control panel
of the engine and the test cell operation.
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• Control of the injection system: for this system an ETAS �exible ECU
controlled with INCA software has been installed to control manually the
injection parameters of each operating point. With this software, SOI,
DOI and the amount of fuel are speci�ed to the ECU.

• Control of the VVT system: the VVT has its own control system
provided by Renault acting on a control valve to regulate the camshaft
position.

• Data acquisition of the �fast signals�: as fast signals, it is meant the
instantaneous pressure measurements, which is a very important data
for the di�erent tests performed on the engine. To register and save this
data, a multichannel oscilloscope provided by YOKOGAWA has been
selected and connected to the data processing computer.

• Data acquisition of the averaged signals: for this other variables
registered, the PUMA system is employed, all the control data and the
averaged measurements are connected to this system and stored during
each test to be sent subsequently to the data processing computer.

Exhaust gas analysis

The exhaust pollutant emissions are an important part of the engine test
results nowadays. To obtain these results, the exhaust gases have to be
analyzed by complex systems and procedures, since those results are not a
direct measurement as the temperature or the pressure. The selected devices
to analyze the exhaust gases of the engine are (1) the HORIBA MEXA-7100D-
EGR to measure the gaseous emissions (HC, NOx, CO, CO2 and O2) and (2)
the smokemeter AVL 415 for the solid emissions (soot).

The �rst device is a set of four exhaust gas analyzers: a �ame ionization
detector, to measure the unburned hydrocarbons; a chemiluminescence
detector, to measure the NOx emissions; a non-dispersive infrared detector,
to measure CO and CO2 concentrations; and a magneto-pneumatic detector,
for the oxygen concentration. And the second device is speci�cally dedicated to
analyze the concentration of carbonaceous particles on the exhaust gases. This
device uses a single use �lter to retain the soot particles of a de�ned sampling
volume coming from the exhaust manifold. These particles cause a darkening
of the paper �lter, which is measured by a photoelectric re�ectometer and
translated to a scale from 0 to 10, de�ning in this way the units of Filter
Smoke Number (FSN): 0 is considered a clean gas and 10 is considered the
maximum concentration in FSN units. This value can be translated into
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mg/m3 (concentration value per volume of gas analyzed) thanks to an empirical
correlation de�ned by Christian et al. [13]:

soot � 1

0.405
� 4.95 � FSN � e0.38�FSN rmg{m3s (4.2)

4.3 Theoretical tools

4.3.1 ULCGE processing software, based on CALMEC

The ULCGE processing software tool has been developed in Matlab, as a
processing software for the data measured from the engine during the di�erent
tests carried out. The development of this speci�c tool was motivated by
the singularity of the engine used. The common procedure at CMT-Motores
Térmicos is the following: �rst, the raw data is preprocessed in Matlab; second,
the combustion analysis, based in the in-cylinder pressure, is carried out by
the in-house code CALMEC [14�18]; and, �nally, with all the data available
from the �rst and second steps, the de�nitive �les are obtained. However, the
engine under study is a 2S engine, possessing a signi�cantly high number of
particularities that make the processing procedure longer and more di�cult
(e.g. the compression work required by the blower needs to be computed, to
estimate the BSFC of the twin-cylinder engine, which means that the current
operating point needs to be plotted in the compressor map, to �nd its e�ciency,
etc., as will be detailed later). For this reason a single processing tool has been
designed, where the combustion diagnostics was included, with the aim of
reducing the e�ort but yet keeping the accuracy of the results.

This tool, therefore, has been used to process all the obtained data from
the tests performed in the engine. By this means, all the measured data,
the combustion estimations, the heat release laws, power, fuel consumptions,
e�ciencies and emissions are estimated and represented in standardized
datasheets and databases, allowing their easy management and data query
during the next steps of the analysis work.

4.3.2 Chemkin

For the theoretical study of the di�erent e�ects that a�ect the autoignition
of the fuel, some numerical methods have been used to calculate the chemical
kinetics processes involved in this phenomenon. For these calculations,
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chemical kinetics mechanisms are used, which are sets of species and chemical
reactions that, together with their thermodynamic properties, describe the
behavior of these species for any reaction that occurs within some given ranges
of physical and chemical properties. The chemical kinetics mechanisms used
for the combustion simulations are classi�ed according to the simulated fuel
and their complexity level. Due to the usually large number of reactions and
chemical species that these mechanisms take into account, detailed mechanisms
and reduced mechanisms can be found, being the �rst more accurate but with a
longer computational time, and the second group less accurate but demanding
less computational time. An example of a detailed chemical kinetics mechanism
is the Gasoline Surrogate model developed by the Lawrence Livermore National
Laboratory, which consists of 1404 chemical species and 6003 reactions, and as
a reduced model, the two reduced models of the mechanism previously stated,
which consist of 679 and 323 species, respectively [19, 20].

In this case, these tools have been used as a support information to check
some results and statements. In fact, in this whole document, the only
information obtained using this software is the one presented in Appendix 5.A.
The selected software to solve the di�erential equations of chemical kinetics
in this work has been CHEMKIN (Reaction Design, ANSYS). This includes
di�erent models allowing to solve chemical kinetics mechanisms for the
study of ignition delays, combustion rates, equilibrium compositions, �ame
temperatures and pollutant emissions, simulating the existing conditions inside
a combustion chamber.

4.3.3 CFD

In this work, a CFD (Computational Fluid Dynamics) software has also
been used to support the understanding of some engine details. For this
purpose, a model provided by Renault of the single cylinder engine was
available, running in CONVERGE [21]. As a brief description of this software,
it generates a structured and orthogonal mesh, automatically adapted to the
needs of the geometry introduced during the calculations, based on some
control parameters previously de�ned by the user, and later performs the
physical 3D simulation of the �uid dynamics and the thermal evolution inside
the combustion chamber. In the frame of this PhD thesis, this CFD tool has
been used mainly to understand the behavior of the air-assisted fuel injection
system, and more speci�cally the e�ect of the DOI parameter on the engine
brake e�ciency.
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4.4 Methodological aspects

In this last section of Chapter 4, the methodological aspects of this work
are going to be detailed. By methodological aspects, two di�erent concepts are
meant: �rst, the procedures for the estimation of di�erent engine parameters
and variables; and, secondly, the necessary procedures to operate correctly all
the experimental facilities and to properly de�ne the di�erent test sets.

4.4.1 VVT position determination

To determine the VVT position, two strain gauges (one per valve) are
installed on the rocker arms. These gauges register the force on these elements,
thus indicating the camshaft actuation on the valves. In Figure 4.14, an
example of the signal registered is shown, where the iddle signal and the
camshaft actuation can be easily diferentiated. This signal is processed,
and the two extreme edges (rising and falling) are identi�ed. These edges
correspond to the EVO and EVC, respectively, and once these angles are
de�ned, the midpoint position calculation is strightforward.
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Figure 4.14. Registered signal of the strain gauge installed in the exhaust valves
system.

This measurement, besides providing the VVT position, is also used
to control the valve clearance. This extra veri�cation is made with the
experimental estimated EVO and EVC and the measured valve lift pro�le1.
Once the values of EVO and EVC are experimentally determined, these are

1This valve lift pro�le is measured before installing the camshaft, during the cam pro�le
(and, thus, the camshaft) characterization.
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placed on the valve lift pro�le to estimate the valve clearance, as shown in
Figure 4.15, if the obtained value is out of an acceptable range2, the valves
system should be inspected and readjusted.
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Figure 4.15. Valve lift pro�le, de�nition of the interesting angles and the valve
clearance.

4.4.2 Knock estimation (MAPO)

The MAPO (Maximum Amplitude of Pressure Oscillations) is the
parameter selected to detect and monitor the appearance of knock during
the engine operation, which is based on the analysis of the high frequency
amplitudes of the in-cylinder pressure signal [22, 23]. To obtain the MAPO,
the raw pressure signal is band-pass �ltered (between 5 and 20 kHz), and the
maximum amplitude of the resulting signal is taken.

When the MAPO value surpasses a given limit, the knock is considered too
high and the engine operation should be interrupted unless some settings are
modi�ed to reduce this parameter. The MAPO limit is considered to depend
linearly with the engine speed [24]. In this case, the de�ned limits have been
1.8 bar at 2000 rpm and 3.8 bar at 4000 rpm.

2The acceptable range for this clearance is located on the ramps (opening and closing
ramps), i.e. the areas with very low slope at the beginning and the end of the valve lift
pro�le.
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4.4.3 Estimation of the charge composition inside the cylinder

The charge composition in this engine results from the combination of the
gases (air, or air + EGR) coming from the intake and those remaining inside
the cylinder after the scavenging process. Apart from that, since this is a 2S
engine, the e�ect of the trapping ratio has to be taken into account, because
not all the introduced gases will remain inside the cylinder during the closed
cycle.

Trapping ratio

The trapping ratio (TR), also known as trapping e�ciency, is the result of
the ratio between the intake mass trapped inside the cylinder and the total
intake mass. Under the assumption that the engine is operating without
EGR, this parameter is the indicative of the rate of fresh air enclosed inside
the cylinder during the scavenging process. For the determination of this
parameter, an experimental measurement of the fresh air quantity in the
intake and exhaust manifolds is performed. This measurement is made by
the introduction of a known amount of methane in the intake manifold, and
measuring the methane increase in the exhaust manifold derived from this
external source. This technique is known as the gas-tracer technique [25],
which is quite usual in the context of 2S engines.

The procedure to measure the trapping ratio of the engine for a determined
operating point (with or without EGR), in steady conditions, is divided in the
following steps:

• Initial measurement of the methane concentration in the intake and
exhaust without any methane injection. In this step, the methane
concentration in the fresh air (hopefully 0) and the �natural emissions�
derived from the combustion process are measured, to be removed later
from the measurements with externally added methane.

• Second measurement. In this step, methane is introduced in the intake
manifold and regulated until reaching a constant concentration during
the operation.

The amount of methane to be introduced in the intake manifold to
ensure the correct measurement of the trapping ratio without a�ecting
excessively the combustion, has been considered to be between 1000
and 1500 ppm. Once the operation is stabilized, the operating point
is measured and processed together with the additional information
collected during the previous measurement.
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During the processing, the trapping ratio is calculated as shown in
Equation 4.20, where Xexh

CH4 and Xint
CH4 represent the methane concentration

in the engine exhaust and intake, respectively, during the test with methane
injection and Xexh

0,CH4 and X
int
0,CH4 are the methane concentrations measured in

the engine exhaust and intake, respectively, during the test without methane
injection. The rest of the variables are: 9mair (intake fresh air mass �ow), 9mf

(Fuel mass �ow), 9mair inj (air mass �ow introduced by the injection system),
9mEGR (EGR mass �ow), 9mdel (delivered mass �ow, i.e. 9mair + 9mEGR), and
ηcomb (the combustion e�ciency). This last term is included to take into
account the part of the methane introduced inside the engine that has not
burnt. Finally the amount of intake gas retained will be de�ned as 9mret and
the shortcircuited mass as 9mshort (Eqs. 4.20, 4.4 and 4.5).

TR �

�
Xexh

CH4 �X0,exh
CH4

	
� p 9mdel � 9mf � 9mair injq � p1� ηq �Xint

CH4 � 9mdel�
Xint

CH4 �Xint
0,CH4

	
� 9mdel

(4.3)

9mret � 9mdel � TR � p 9mair � 9mEGRq � TR (4.4)

9mshort � 9mdel � p1� TRq � p 9mair � 9mEGRq � p1� TRq (4.5)

Consequently, by this method, the TR can be accurately measured in
di�erent operating conditions, except in operating points where the exhaust
temperature is above the methane oxidation temperatures (around 537 oC).
Above these exhaust temperatures, the trapping ratio measurements start to
lose their reliability, since the methane is also burnt in the exhaust manifold.
Consequently, this methodology is di�cult to be applied at high loads.

IGR

The IGR (Internal Gas Recirculation) is the amount (in terms of
proportion) of residual hot gases remaining inside the cylinder once the
gas exchange process is over. Unlike other parameters, this one cannot be
measured directly and has to be estimated from other measurements and
making di�erent hypotheses to set the data required for its determination.
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To estimate this parameter, �rst, it is necessary to know the fresh charge
amount trapped in the cylinder (the trapping ratio determined as indicated
in the previous paragraph). Once this is known, the trapped residual gases
are estimated with the equation of state and an in-cylinder enthalpy balance
at the beginning of the compression process (also described in [25]), with the
following assumptions: the trapped air is assumed to have the temperature
measured in the intake manifold (i.e. around the intake ports), and its
quantity is known thanks to the trapping ratio determined previously; the
residual gases temperature is calculated from the temperature measured in the
exhaust manifold, taking into account the possible amount of short-circuited
fresh charge; the in-cylinder pressure is assumed to be the one measured in
the cylinder at the corresponding crank angle. To have this last information,
as already mentioned above in Section 4.2, a piezo-resistive pressure sensor
was installed near BDC, to be able to measure this pressure. Finally, with the
two equations mentioned above, the mass and temperature of the residuals is
determined with Equations 4.6 and 4.7.

TIGR � cpexh � p 9mdel � 9mf q � Texh � cpshort � 9mshort � Tshort
cpexh � p 9mdel � 9mf � 9mshortq (4.6)

mIGR � cpint � PIV C � VIV C

cpexh �RIV C � TIGR
� cpint �mair ret � Tair ret

cpexh � TIGR
�

mEGR ret � TEGR ret

TIGR
(4.7)

Fuel/Air equivalence ratio calculation and de�nitions

The Fuel/Air ratio is the ratio between the mass of air and that of fuel
available during the combustion process. This parameter can be represented in
di�erent ways depending on the hypotheses or simpli�cations applied. The �rst
and more commonly used representation is the estimation of this parameter
from the intake air mass �ow rate and the fuel mass �ow rate, which is known
as the apparent F/A ratio (Eq. 4.8).

apparent F {A ratio � 9mf{ 9mair (4.8)

From this de�nition the apparent F/A equivalence ratio can be determined
making use of the stoichiometric F/A ratio (value that represents the exact
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amount of fresh air to oxidize the 100% of the fuel). So, if the apparent F/A
ratio is divided by the stoichiometric F/A ratio, the apparent F/A equivalence
ratio is obtained (noted also as Fr), and this is a commonly used parameter to
refer to the fuel/air ratio during the engine operation. To continue with the
discussion, it will be assumed that no EGR is performed in the engine. Under
this assumption, in 4S engines, usually the apparent F/A equivalence ratio
matches quite well with the �real� F/A equivalence Ratio, since the amount
of air measured in the intake is virtually equal to the air enclosed inside the
cylinder. But in a 2S engine, the apparent F/A eq. ratio calculated from
the intake mass �ow and the fuel mass �ow can di�er compared to the �nal
F/A eq. ratio of the in-cylinder charge during the engine operation. So in this
point, two possible obtained values have to be di�erentiated, the apparent F/A
equivalence ratio and the in-cylinder (or �real�) F/A equivalence ratio, de�ned
in Equation 4.9. In the �rst case, the total amount of intake air is taken into
account, whereas in the other case, the intake air fraction enclosed inside the
cylinder is taken into account to obtain the Fr. Therefore, in this last value,
the TR is taken into account.

Frapp � F {A eq. ratio

stoichiometric F {A eq. ratio

Frcyl �
F {A eq. ratio � 1

TR
stoichiometric F {A eq. ratio

(4.9)

As already indicated, all these parameters have been obtained considering
operation without EGR introduction. If EGR is introduced, the main
di�erence is that the intake gas (air + EGR) would have a variable oxygen
concentration. Therefore, the F/A equivalence ratio has to be de�ned in the
same way but taking into account the F/O (fuel to oxygen ratio), so as to
obtain a parameter that is not a�ected by the EGR introduction.

EGR

The measurement of the EGR rate is performed based on the CO2 content
in the intake and in the exhaust gases. With this twofold measurement
performed by the Horiba MEXA-7100D-EGR, the EGR content in the intake
charge can be determined using Equation 4.10.

τEGR � CO2 int � CO2 atm

CO2 exh � CO2 atm
(4.10)
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where CO2 atm is the CO2 content in the ambient. Once this rate has been
found, the EGR mass �ow rate ( 9mEGR) is obtained from the air mass �ow rate
( 9mair):

9mEGR � 9mair � τEGR

1� τEGR
(4.11)

Together with this subsection, the Appendix 4.B has been included, and
inside this extra documentation, the scheme of the di�erent gas �ows inside
the engine is de�ned.

4.4.4 Combustion data

Heat Release Law and Heat Release Rate

The Heat Release Law (HRL) and its derivative, the Heat Release Rate
(HRR), are calculated by the ULCGE software using the classical combustion
analysis approach. This one makes use of the instantaneous in-cylinder
pressure, and applies the �rst law of thermodynamics and a heat losses model
based on the Woschni equation.

Combustion phasing

The combustion phasing is detailed for the 10, 25, 50, 75 and 90% of the
total heat released. Each position is calculated by means of the HRL estimated
values, being for example the CA10 the angular position where the HRL has
reached 10% of its maximum value.

Combustion e�ciency

This parameter is estimated based on the concentration of HC, CO and
soot measured in the exhaust gases during the engine operation. Thanks to a
mass balance, and assuming that the LHV (Lower Heating Value) of the CO
is around 4 times lower compared to that of the fuel, and that the LHV of
the soot is 1.25 times lower, the ratio between the introduced fuel and the fuel
completely burnt can be obtained.

ηcomb � 1�
mHC � mCO

4
� msoot

1.25
mf

(4.12)

Usually, the Soot term is neglected because it represents a very small mass
fraction of the exhaust gases.
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Combustion stability

The combustion stability is estimated by means of the standard deviation
of all the IMEP values registered during the test. This value is called
σIMEP. In order to normalize this parameter, an σIMEPlim, which de�nes the
maximum σIMEP to be considered acceptable, will be de�ned and used. This
σIMEPlim is taken assuming a limit value for the COVIMEP (σIMEP/IMEP)
of 6%, which is equivalent to 3% in a 4S engine. As a result, the parameter
σIMEP/σIMEPlim that will be obtained will be indicative of the relative
stability of the combustion, being 1 its upper limit.

4.4.5 BSFC estimation

The single-cylinder prototype engine used in this research is far from the
real engine in many aspects. First, it has not installed its own mechanical
blower, driven by the crankshaft. Instead, the intake air is blown by an external
compressor available in the test cell. And, second, the SCE presents also
di�erent values for the mechanical losses compared to the twin-cylinder engine,
for several reasons: in the SCE there are two counter-rotating balance shafts
installed for inertia compensation, and these will not be used in the real engine;
an oil injector is used in the SCE, whereas it will not be used in the TCE (twin
cylinder engine); the crankshaft holders in the SCE are bigger compared to the
ones intended to be used in the TCE, etc. Because of these many di�erences,
it is important to adapt the calculations to estimate the brake parameters
for the real engine, in such a way that these parameters are more fair and
useful for comparison. For this reason, the BMEP (Brake Mean E�ective
Pressure) and the BSFC (Brake Speci�c Fuel Consumption) are estimated
from the IMEP (Indicated Mean E�ective Pressure), taking into account the
following mechanical losses3:

• The friction losses and the driving power of the water pump, using a
suitable correlation as a function of the engine speed. This correlation
(shown in Eq. 4.13) was provided by Renault, based on their expertise.

Pfric � a �N3 � b �N2 � c �N1 � d

1000
rkW s (4.13)

3For con�dentiality reasons, only the type of correlations and the parameters considered
for the estimation of the di�erent losses will be presented here.
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• The work performed by the mechanical blower supplying the intake air
(Protrex), using an experimental correlation after testing the real blower.

The correlation mentioned above depends on the engine speed and the
mass �ow rate. No further details are provided here for con�dentiality
reasons.

• The work performed by the high pressure compressor supplying the air
for the fuel injection system.

This correlation has the same aspect as the friction losses. It was
obtained from an experimental characterization of the compressor
intended to be used in the TCE, and shown in Eq. 4.14.

Pinj � a �N3 � b �N2 � c �N3 � d

1000
rkW s (4.14)

After considering all these losses, the Brake Power (Pbrake), the BMEP and,
thus, the BSFC of the twin-cylinder engine can be properly estimated making
use of the expressions shown in Eqs. 4.15, 4.16 and 4.17:

Pbrake TCE
� 2 � PindSCE

� Protrex � Pfric � Pinj rkW s (4.15)

BMEP � Pbrake TCE

pN � 2 � Vtq rbars (4.16)

BSFC � 2 � 9mf

Pbrake TCE

rg{kWhs (4.17)

where both Vt and mf refer to the SCE, and N is the engine speed in rps.

4.4.6 Testing methodologies

Along this subsection the procedures used during the experimental tests are
going to be discussed. Along the discussion, the reasons to perform the tests
in one or another way will be explained, as well as the necessary routines and
veri�cations to ensure the correct management of the experimental equipment
and the quality control of the recorded data.
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Tests procedures

The engine and the facilities available in the test cell are subject to hard
operating conditions derived from the necessary tests. For this reason, the wear
and possible failures of the facilities have to be strictly controlled, to ensure the
correct operation of all the devices, as well as the data quality obtained from
them along the time. For this purpose, the use of the experimental facilities
should follow a strict procedure. This one can be divided in three main parts:
start-up, measurement and shut-down procedures (see Table 4.6).

Start-up procedure Measurement procedure Shut-down procedure

Engine warm-up Engine test session Engine cool down

O�set determination
and sensors checkup

Shut down of the lu-
bricating and cooling
systems

Validation tests Shut down of the test
cell

Table 4.6. Detail of the testing procedures.

• The start-up procedure is considered the most important one, since all
the facility is checked and prepared to be used. So, in this phase, the
test cell is initiated, checked and calibrated.

The initial tasks are a sequential initiation of the di�erent systems, as
well as the warm-up of the oil and coolant until reaching the desired
temperature. Once this work is done, all the sensors are checked and
a measurement with the engine stopped at atmospheric conditions is
launched. This measurement has two purposes: the �rst one is to check
that all the sensors are working properly; and the other one is to use it
later during the tests of that day to remove any �o�set� in the signal of the
sensors, and to put all of them in the same reference level (specially the
pressure sensors and the �owmeters). With this procedure, the measuring
system is daily calibrated and the small deviations are removed. After
that, the injection air circuit is pressurized, and a measurement with the
two �owmeters used to determine the injected air mass is performed.
Since the engine is still stopped, both �owmeters should indicate the
same value. The eventual discrepancies found will be used to correct the



138 4. Experimental tools and methodology

registered values during the subsequent tests, to obtain a more accurate
value for the injected air during them. Finally, the engine operation is
also checked measuring three standardized operating points: the �rst is
a motored test, the second is a low load operating point and, �nally,
for the third measurement the engine load is increased to high load
conditions. Since these points are always the same, they are used to
check the repeatability of the engine operation. In this way, any problem
in the engine or in the measuring devices can be detected before starting
the engine test campaign, where it would be more di�cult to detect any
small problem in the engine or in the measuring devices.

• During the testing campaign, the measurement of the set of tests
planned for the day is carried out under controlled conditions and de�ned
methodologies.

First, it has to be noted that the in-cylinder pressure in all these
tests is a critical measurement, since the results obtained are strongly
dependent of the proper measurement of that variable. For this reason,
the measurement of this variable is performed twice by two di�erent
pressure sensors, and the deviation between these two sensors during
each test is checked, as an imperative condition to consider the test as
being valid.

All the tests performed follow the same measuring methodology. First
the operating conditions are adjusted and controlled, until reaching a
stationary operation of the engine at the desired operating conditions.
Once these conditions are reached the point is measured. There are
two measurement types: averaged and instantaneous data. For the
averaged data, each sensor registers its corresponding magnitude during
60 seconds, at a sampling rate of 10 Hz, and later this data is averaged,
whereas for the instantaneous data (instantaneous pressure signals,
mainly), a set of 250 cycles are measured and stored, to process them
later.

Finally, during the tests, there are some control parameters to protect
the engine integrity during its operation. These control parameters are
the knock monitoring (de�ned in Section 4.4.2), some key temperatures
(e.g. in the coolant and in the test cell), and the oil and coolant mass �ow
rates. If any of these parameters is out of the de�ned range, the engine
is immediately stopped. And additionally, the cylinder pressure sensors
drift, the exhaust pressure, the combustion stability and the correct
measurements of the exhaust gas analyzer are extra control parameters
used to reject the saved data if they are not inside the de�ned ranges.
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• The shut-down procedure is the most simple of the three parts of the
testing procedure, but it's also important to follow a minimum procedure
to keep the facility in the better conditions and avoid any damage derived
from a wrong procedure. After the operation of the engine, this one has
to be left in operation under motoring conditions and with a minimum
intake pressure, until the exhaust manifold temperature is below 200
oC. The oil and water systems have to follow a sequential switch o�
procedure: �rst, the heaters have to be disconnected and the pumps
must remain working for a few minutes (this is because if all the system is
totally disconnected immediately, the residual heat of the heaters would
damage the portion of the oil and coolant that remains inside these
devices). After this, all the systems are disconnected in a prede�ned
order. And, �nally, as preventive procedure, all the intake discharge
valves have to be opened before leaving the facility, and all the power
supplies have to be disconnected.

Tests de�nition

The tests sets for each campaign are de�ned depending on the work to
perform at that time. Since the engine is in an early development stage,
these sets can be very di�erent depending on the scheduled work (testing of
new con�gurations, CAI tests, SI lean combustion tests, engine performance
optimization. . . ). Usually the general methodology has been to de�ne sets of
tests where two parameters are swept. By this way the data obtained isolates
the in�uence of the parameters tested, and those results can be used to study
the in�uence of those parameters on the engine performance, and also to search
for the optimum combination of both for a given engine output.

The parameters to be swept are often related to each other. For example,
one set of tests can be a combined variation of the VVT position and the
Fr, obtaining detailed maps of di�erent engine parameters (e.g. exhaust
temperature, BSFC, etc.) for a given operating point. Or a SOI - DOI
variation, where the in�uence of the injection settings can also be studied for
an operating region of the engine. Apart from these more �standardized� sets,
load variations, combustion phasing variations and any other required tests
have also been performed. But, in any case, always the general methodology
has been to de�ne a parameter to be swept, and to study its individual impact
on the engine performance.

All along this work, the de�nition of the operating points has been done, on
the one hand, by a given engine speed and, on the other hand, by a �xed fuel
amount, being the latter approximately representative of the load degree on



140 4. Experimental tools and methodology

the engine map. The operation at constant load is a common practice in real
engines, but this is not the case in the current research: the engine is a SCE,
merely representative of a real engine; therefore, the real load degree is not a
direct measurement, and it should be estimated online (which is not evident)
if the engine is intended to be operated in this way (at constant load). By
this alternative (operation at constant fuel amount), the testing procedures
are much simpli�ed, and the engine management is much faster. Based on
that, the de�nition of the operating points will be as �rpm@mf�, where �rpm�
is the engine speed in rpm and mf the injected fuel mass per cycle. This
nomenclature to identify the operating points will be used along the whole
document.

4.A Estimation of the humidity loss through the

EGR system

The loss of water contained in the exhaust gases during the EGR
recirculation is estimated in order to know the �nal humidity of the intake
gases when EGR is introduced. To this end, the following steps have been
followed:

• The humidity of the exhaust gases (XH2Oexh
, molar fraction) is estimated

taking into account the fuel composition and the apparent F/A eq. ratio.

• In order to estimate the water condensation, the EGR path from the
exhaust to the engine is divided in two parts. In this way two possible
condensation events are taken into account:

� The �rst part covers the part of the gas recirculation from the
exhaust extraction to the intake duct introduction (see Fig. 4.9,
page 118). In this part, the exhaust gas is �ltered, compressed, and
its temperature is controlled by a heat exchanger installed.

Along the �rst part, the temperature of the gas is considered to be
the same as the one of the heat exchanger (THE), and the pressure
(pEGR) is considered to be 200 mbar higher than the intake pressure.
With this data the water saturation pressure of a gas in those
conditions and the water partial pressure of the exhaust gas are
calculated. Finally, the water condensation is estimated taking into
account that the Water Saturation Pressure must be equal or higher
than the Water partial pressure. If not, the di�erence between both
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is the amount of condensed water. And the new molar fraction of
water on this �rst part of the circuit is recalculated.

W.Sat.press. � 10
5.074�

1675.4

THE � 273.15� 46.13 rbars (4.18)

W.Part.press. � PEGR �XH2Oexh
rbars (4.19)

� The second part takes into account the EGR gas introduction in
the intake duct and the corresponding mixture with the fresh air.

For this second part, the EGR gas is combined with the fresh
air coming from the upstream intake. The water content at this
point on the EGR gas is the one estimated during the previous
step. Therefore, the total water content on the intake mixture is
calculated as a combination of the humidity coming from the fresh
air and the humidity coming from the EGR.

From this point the procedure is the same as before: the water
saturation pressure of that gas (at the intake temperature) is
calculated, and with the estimated water partial pressure of
the intake gases, the water condensation of this second part is
determined. At this point, the humidity of the intake gases
(YH2Oint , mass fraction) and the water condensation fraction can
be calculated.

Water loss � τEGR � YH2Oexh
� p1� τEGRq � YH2Oair � YH2Oint

τEGR � YH2Oexh
� p1� τEGRq � YH2Oair

�
100 r%s (4.20)

where τEGR is the EGR rate, and YH2Oexh
is the water mass fraction

in the exhaust gases, YH2Oair is the water mass fraction on the fresh
intake air.

This estimation has two purposes: the �rst one, previously stated,
is to consider the correct humidity of the intake gases when EGR is
introduced in the engine; and the second one, to optimize the heat
exchanger temperature to avoid water condensations along the �rst
part of the EGR circuit.
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4.B Estimation of the di�erent mass �ows inside the

engine
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Figure 4.16. Schematics of the di�erent gas �ows and compositions along the engine.

In this appendix a detail of the considered schematics to calculate the
composition of the intake, in-cylinder and exhaust gases is given in Figure 4.16.
As can be seen in the �gure, the di�erent mass �ows are represented in two
colors: in blue color fresh air, and in red color stoichiometric exhaust gases.

Finally, along the following lines, each label is going to be described, in
order to understand the assumed composition of the charge moving inside the
engine:

Intake mass �ows:

9mairth, 9mairCth, 9mair: these �ows are the fresh air mass �ow rate
introduced in the intake. The three variables consider di�erent conditions:
Atmospheric, intake duct and just before getting inside the cylinder.

9mairret / 9mairshort: the �rst one is the amount of air trapped in the
cylinder and the second one is the amount of air lost through the exhaust
valves (shortcircuited mass).
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9mEGR / 9mEGRret / 9mEGRshort: this is the EGR mass �ow, and the
following variables are the EGR retained inside the cylinder and the EGR lost
through the exhaust valves (shortcircuited).

This 9mEGR is composed of fresh air ( 9mairEGR, 9mairEGRret and
9mairEGRshort

) and stoichiometric exhaust gases ( 9mgbEGR, 9mgbEGRret and
9mgbEGRshort

).

In-cylinder mass �ows:

9mair1 / 9mair2: the �rst one is the total charge trapped inside the cylinder
before the injection event, whereas the second takes into account also the air
mass �ow coming from the injection (air assisted system).

9mf / 9mairf : these variables represent the mass �ows of fuel and air
introduced in the cylinder by the injection system.

9mair2air: this is the fresh air mass �ow inside the cylinder (coming both
from the intake and the injection system).

9mIGR / 9mgbIGR / 9mairIGR: this variable represents the IGR mass in the
cylinder and, like the EGR, it is composed by stoichiometric exhaust gases and
fresh air.

Exhaust mass �ows:

9mshort: this variable represents the mass �ow lost from the intake to the
exhaust.

9mexh / 9mairexh: this �rst value of the 9mexh represents the �nal mass
�ow through the exhaust (without EGR and IGR), and 9mairexh the fraction
of fresh air contained in these gases.

9mexh1 / 9mair1exh: this second value represents the total amount of mass
inside the cylinder after combustion ( 9mair2+ 9mf).

9mexh2 / 9mair2exh: this third value represents the exhaust mass �ow coming
from the combustion without the 9mIGR.

9mexh3: this last value represents the exhaust mass �ow taking into account
the shortcircuited gases and the EGR.
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5.1 Introduction

The engine used in the present work is not a common engine used in
other studies for research purposes or used by the industry for automotive
applications. This is a unique prototype, developed in order to evaluate its
potential as a di�erent approach for a more e�cient mobility. From its arrival
to CMT it needed a complete set up, a de�nition of its optimal con�guration
and the design of the operating maps, since it was at an early stage of its
development.

Compared to a standard 4S solution, there are big di�erences and aspects
to be understood on this engine:

• The scavenging process does not follow a classical model where each
cycle is perfectly renewed independently. In these engines the scavenging
process is incomplete and depends a lot on the load degree and on the
scavenging con�guration chosen [1].

• The injection system, instead of being a common gasoline injector (direct
or ported), is a combination between a gasoline injector and an air
injector. Due to that, the system injects an air/gasoline mixture, adding
more degrees of freedom to con�gure the best injection strategy.

• The engine, although not being very common for gasoline engines, will
also have an EGR system, in order to reduce the NOx emissions and to
study its in�uence on combustion.

• And �nally, this type of engine has a higher cycle to cycle variability
than a 4S engine, because of its peculiar scavenging process and the lean
operation.

Moreover, there is also an interest to operate the engine in di�erent
combustion modes to study their application and potential. On the one hand,
the operation in SI will be carried out with lean mixtures and, on the other
hand, the operation in CAI will require speci�c strategies to achieve this type
of combustion.

All these di�erences, peculiarities and needs make this chapter necessary to
de�ne and understand how to handle all the variables properly. The di�erent
aspects indicated above will be addressed in the following subsections.
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5.2 Di�erent combustion modes

Because of its characteristics, this engine can switch between two di�erent
combustion modes: SI and CAI. The operation in one or the other mode mainly
depends on the mixture reactivity, which will allow or not the autoginition of
the mixture. The IGR ratio and the initial temperature of the in-cylinder
charge are the main parameters having an in�uence on the mixture reactivity,
allowing its adjustment. In fact, both parameters are strongly a�ected by the
engine load, as illustrated qualitatively in Figure 5.1. As far as the engine
load is reduced, the amount of air required by the engine is lower, and the
scavenging process is less e�cient, thus explaining why the IGR ratio increases,
as it will be discussed later. Regarding the initial temperature of the in-cylinder
charge, it is the result of an enthalpy balance between the fresh charge (at the
intake temperature) and the IGR gases (at the exhaust temperature, as a �rst
approach). The increase in IGR ratio as far as the engine load is reduced
explains why the initial temperature of the charge increases initially. But
at very low loads, this trend is reversed, which is justi�ed by the decrease
in exhaust temperature (i.e. the temperature of the IGR gases) due to the
decreasing amount of burnt fuel mass.
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Figure 5.1. Evolution of the IGR ratio and the initial temperature of the in-cylinder
charge with the engine load, and de�nition of the di�erent combustion regions of the
engine.
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• Region I: at high loads, where the IGR and the initial temperature of the
charge are moderate, the combustion process is controlled by the spark,
as in any conventional SI engine. In this scenario, the autoignition of the
mixture is dangerous for the mechanical integrity of the engine (knock),
and consequently it needs to be avoided.

• Region III: at low loads, the fuel burns in purely controlled autoignition
(CAI) mode because of the enhanced reactivity of the in-cylinder charge
caused by its high temperature (this is demonstrated in Appendix 5.A).
This CAI operation mode introduces some advantages that will be further
discussed later: increased engine stability, mis�ring avoidance (which
commonly takes place in engines operating with high percentages of
residual gases), low NOx, etc.

• Region II: between the two previous regions, at medium loads, a
transition between SI and CAI takes place, and a hybrid combustion
situation can appear.

• Region IV: there is also a small region at the lower loads, where the initial
temperature of the charge is not enough to support a CAI combustion
process. Despite the high amount of residual gases, these ones do not
have the necessary temperature due to the small amount of fuel burned
in the previous cycle.

In order to have an overall knowledge of the operation of the engine, and
trying to optimize the amount of work, some operating points are set in an
operation map as representative of the overall engine performance. These have
been de�ned taking into account the di�erent combustion regions that will be
representative of the operation of the engine on the di�erent areas de�ned in
Figure 5.1. This set of selected operating points are shown in Figure 5.2, and
are described here:

• Point 2000@17, at maximum torque, has been taken as representative
for region I because of its importance in the engine map as being the
maximum torque point.

• Points 2000@5 and 4000@5 have been taken as representative for region
II. These are medium load points capable to be operated in SI and in
CAI combustion modes.

• Point 2500@3 for region III at low load conditions. This point will
be operated as CAI and also has a big relevance in standard cycles
calculation.
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Figure 5.2. Representative points of the engine map and the di�erent combustion
regions.

• Point 1000@2 is the point selected for region IV, where the engine has
to be operated as SI. More speci�cally this is the idle operation of the
engine.

Therefore, to evaluate the potential of this solution, all these points have
to be optimized, trying to �nd the best compromise between e�ciency and
emissions.

5.3 Scavenging process

As explained in Section 4.2, the engine scavenging architecture is a uni�ow
con�guration, with intake ports and exhaust valves. To modify this scavenging
process, the two fundamental actuations in this engine are the intake pressure
modi�cation and the variation of the VVT position. Therefore, in this section
the e�ect of both modi�cations will be studied. In order to know how the
process has been developed, there are four main parameters that give helpful
information about it: the trapping ratio, the IGR rate, the apparent F/A
equivalence ratio (also referred as Frapp), and the in-cylinder F/A equivalence
ratio or Frcyl.
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Firstly, to illustrate in an understandable way the scavenging process, some
CFD results of this process are going to be shown.

In the images of Figure 5.3, a complete scavenging process of the in-cylinder
hot gases is represented. For this layout, the color scale is representative of
the gases temperature, di�erentiating between the hot gases coming from the
combustion in green color, and the cooler gases from the intake in blue color.

The scavenging begins with the exhaust valves opening, located in the
cylinder head. The hot gases of the combustion start to leave the cylinder by
the pressure di�erence between the cylinder and the exhaust. Then, the intake
ports begin to open and the fresh gases start to enter in the cylinder from its
bottom part. These gases will take the space of the burned gases and will move
them towards the exhaust, thus renewing the charge of the cylinder until the
intake and exhaust ducts will be closed.

As it can be seen in the �gure, the scavenging process is not perfect: the
intake gases do not completely remove, from the bottom of the cylinder to the
valves, all the burned gases. This is a normal behavior due to the aerodynamic
interactions generated by the di�erent elements of the combustion chamber
and the velocity gradients existing between the main �ow (i.e. the �direct�
way to the exhaust) and the �ow close to the walls. These e�ects have mainly
two consequences: on the one hand, the short circuit of the fresh gases from
the intake to the exhaust during the scavenging of the charge, and, on the
other hand, the presence in the cylinder of a portion of hot residual gases that
have not been swept away by the fresh gases.

Apparent F/A equivalence ratio e�ect

Once the overall process has been described, in order to better understand
and quantify the di�erent events observed during the scavenging, some tests
will be shown so as to see the e�ect of the apparent F/A equivalence ratio
variation (further on referred also as Frapp). First, the e�ect of this parameter
at operating Point 2000@17 will be shown, and after that the results for
2000@5 will be presented. This way, the scavenging process will be analyzed
for di�erent load degrees.

In a �rst approach, the intake pressure modi�cation is the key parameter to
modify the amount of fresh gases introduced in the cylinder. Therefore, for a
�xed fuel mass, it acts directly on the richness of the mixture (see Figure 5.4).

Additionally, by means of the introduction of a greater amount of fresh
gases inside the cylinder, the sweep of the hot residual gases remaining inside
the cylinder improves. Therefore, as it can be seen in Figure 5.5 to the left,
the intake pressure also a�ects the IGR rate. As a result, the intake pressure
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Figure 5.3. Complete scavenging process simulated by a 3D CFD model, the blue
color represents the fresh gases and the green color the burnt gases.
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Figure 5.4. E�ect of intake pressure on the apparent F/A eq. ratio.

modi�cation will lead to the variation of both the F/A ratio and the IGR rate,
and they will vary always at the same time (see Figure 5.5, to the right).

The CFD images presented before have shown that not all the fresh gases
are trapped inside the cylinder. Unfortunately, a portion of the fresh gases
is short-circuited, i.e. it goes away through the exhaust valves, and is not
trapped in the cylinder. This lost fraction of fresh gases increases with the
intake pressure, since the exhaust pressure is not modi�ed respect to the one
of the intake, and therefore the pressure di�erential between intake and exhaust
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Figure 5.5. IGR rate evolution with the intake pressure (left) and with the
Frapp (right).

is increased, thus increasing the velocity gradients existing between the main
�ow and the �ow close to the walls. This leads to a reduction in the trapping
ratio or trapping e�ciency (see Figure 5.6).
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Figure 5.6. Trapping ratio as a function of the intake pressure.

The combination of all these e�ects on the scavenging process makes that,
�nally, the richness existing inside the cylinder, once the intake and exhaust
ducts are closed, will be di�erent to the apparent F/A equivalence ratio,
obtained from the fuel and intake air mass �ows (see Figure 5.7). This is
because of two main reasons: on the one hand, because the short-circuited air
has been lost and is not among the in-cylinder charge; and, on the other hand,
because the hot residual gases remaining in the cylinder from the combustion
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of the previous cycle a�ect the richness, since they may include some extra
oxygen depending on the equivalence ratio operated.
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Figure 5.7. Relationship between the apparent F/A eq. ratio and the in-cylinder
F/A eq. ratio for Point 2000@17.

If the same study is performed now for a medium load point (2000@5),
the results observed are quite similar, even though there are some important
changes: since the necessary air mass �ows are much lower, the intake pressures
are also lower. The e�ect on the apparent F/A equivalence ratio is the expected
one. However, compared to the previous case (Point 2000@17), the in-cylinder
richness is lower, because the IGR rate is much higher, and the mixture has
higher dilution rate.
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Figure 5.8. Evolution of the in-cylinder richness and the IGR ratio with the
Frapp modi�cation for Point 2000@5.
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The IGR rates for these points are much higher, moving between 50% and
70% of the total trapped mass, depending on the chosen Fr. Regarding the
trapping ratio, the trend is the same as before: it is improved with the intake
pressure decrease, as can be seen in Figure 5.9. However, the variation is very
marginal. It can be stated that, at this load degree, almost all of the mass
supplied by the intake is enclosed in the cylinder.
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Figure 5.9. Evolution of the trapping ratio with the intake pressure for Point
2000@5.

In the region under study right now (Region II, at medium load), the
in-cylinder charge composition changes very signi�cantly during a variation of
apparent F/A equivalence ratio, because the IGR rate is signi�cantly modi�ed.
Without going into more details about the combustion parameters (since they
will be addressed in the following chapter), it will be shown how a transition
between a spark ignition to a CAI combustion mode can be achieved by the
modi�cation of the charge composition induced by a variation of the apparent
F/A equivalence ratio. The point selected to analyze this transition is Point
4000@5, and the results are shown in Figure 5.10. The graph illustrates the
average HRR's for di�erent values of the apparent F/A equivalence ratio.

VVT e�ect

The second main tool to act on the engine scavenging process is the
variation of the VVT position. However, the e�ect of this parameter is lower
than the e�ect of the Fr, and it could be said that this e�ect is, somehow,
complementary. The VVT a�ects the instant in which the exhaust valves
open and close. Therefore it will have an in�uence on the charge composition
the temperature of this charge, as well as on the e�ective compression and
power strokes.

The VVT variation shows two di�erent behaviors, depending on if it is
located before or after the VVT position=169o CA. This is the position where
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Figure 5.10. E�ect of the Frapp on the HRR at Point 4000@5.

the intake and exhaust closure take place simultaneously. From this angle, if
the VVT is delayed, the intake is closed before the exhaust (therefore, during
this period, the cylinder loses part of its charge, depending on the pressure
di�erence between cylinder and exhaust) and the exhaust opens closer to the
intake opening, which hinders the initial entry of fresh air into the cylinder.
On the contrary, if the VVT is advanced, the exhaust closes before the intake
and also opens sooner. Therefore, it makes easier the exit of the exhaust gases
before the intake opening (loosing part of the power stroke, however) and the
permeability of the engine is lowered by closing the exhaust sooner (the intake
air retention is favored).

To analyze these e�ects on the engine scavenging process, some tests have
been performed on Point 2000@17, where the position of the VVT has been
modi�ed keeping a constant apparent F/A equivalence ratio. The results are
shown in Figure 5.11.

• First of all, the exhaust gases temperature (also the IGR temperature)
decreases with the delay of the VVT position. This is due to the fact
that the expansion stroke is longer and the exhaust gases have been more
expanded. A brief and more detailed explanation of this phenomenon can
be found in Appendix 5.B.

• The trapping ratio remains almost constant for the VVT positions before
169o CA. However, for delayed VVT's, a fall in the trapping ratio values
takes place, since the trapped charge is going out the cylinder through
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Figure 5.11. VVT variation with constant Frapp.

the exhaust during the time when the exhaust is open and the intake is
closed.

• The necessary intake pressure is minimum at values close to 169o CA
if the apparent F/A equivalence ratio is kept constant. If the VVT
is delayed from this value, the intake pressure must be increased to
compensate the initial high pressure inside the cylinder due to a delayed
exhaust opening. And, in the other direction, with the advance of the
VVT, although the initial cylinder pressure will be lower, the closure
of the exhaust occurs earlier as well. Consequently, there is less time
available from the intake opening to the exhaust closing, and the intake
pressure has to be increased to introduce the same amount of air.

• The IGR rates have few variations if the Fr remains constant. However
with VVT's advanced respect to 169oCA, the emptying of the exhaust
gases before the intake opening is greater, and since there is less time
available from the intake opening to the exhaust closing, the intake
pressure has to be higher to keep the Fr. Both e�ects will cause the
IGR rates to be slightly lower in the advanced VVT's. In the other
direction, with the delay of the VVT from the 169o CA position, the
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IGR rates are reduced because the intake pressure has to be increased
again to keep the Fr, which improves the residuals scavenging.

• The in-cylinder richness values are �nally the combined result of the
changes in the trapping ratio and the evolution of the IGR rate in the
engine for the di�erent VVT's.

5.4 E�ect of the injection and ignition systems

Injection system

In this engine, the fuel injection system is air assisted, a system which is
not very common in ordinary engines. Even if some authors have carried out
some studies about the performance of such a system [2�5], the knowledge
about its operation is not at the same level as other more commonly used
injection systems. The reasons for the choice of this system are based on
the improvement of fuel atomization, and therefore a better dispersion of
the mixture, with lower injection pressures. Thanks to this, a high-pressure
gasoline pump and more expensive injectors are unnecessary. This decision is
translated into a competitive improvement in terms of production costs and
simplicity of the elements.

For the above reasons, it seems necessary to study the behavior of an
injection composed of a mixture of high pressure air and fuel that is introduced
through an injector directly inside the cylinder. This analysis will be focused on
two main parameters: the SOI (Start Of Injection) and the DOI (Duration Of
Injection). The SOI (de�ned as degrees BTDC) determines the instant when
the mixture starts to be introduced in the cylinder, whereas the DOI (de�ned
as crank angle degrees), de�nes the duration of the injection, as well as the
amount of air introduced together with the fuel (the fuel injection is �xed,
controlled by another injector; only the amount of air assisting the injection
process is modi�ed by the DOI).

To carry out this analysis, some data has been taken from each operating
point de�ned on Figure 5.2. With this data, a general behavior of these two
parameters and the key points for their optimization will be searched.

High loads, Point 2000@17

In this particular operating point, where the engine speed is moderate,
the mixing process relies mostly on the injection process. Both SOI and
DOI signi�cantly a�ect the mixture homogeneity (it is enhanced by an early
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injection, i.e. SOI Ò, and a long injection1, i.e. DOI Ò). As a general trend,
higher mixture homogeneity (attained either by a high SOI or DOI) produces:

• Increased combustion e�ciency, since there are less lean regions, unable
to burn correctly.

• Better combustion stability (lower σIMEP, i.e. the standard deviation of
the IMEP), since the characteristics of the mixture near the spark plug
are more repeatable.

In order to verify and illustrate those statements, Figure 5.12 shows a SOI
variation with a constant DOI, and a DOI variation with a constant SOI,
respectively.

In agreement with the above comments, in the �gures it can be seen that
σIMEP and combustion e�ciency improve with the increase of both DOI and
SOI. And, as a result, BSFC is also improved.
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Figure 5.12. Left - E�ect of SOI at Point 2000@17. Right - E�ect of DOI at Point
2000@17.

1The e�ect of the DOI variation a�ects the fuel atomization, and is analyzed in the
Appendix 5.C in order to get a better understanding of this phenomenon.
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The only di�erence between the trends observed for these two parameters
is the e�ect on the spark timing. It is worth to underline that the spark timing
is advanced up to the knock limit in any case, in order to work in equivalent
conditions. This di�erence in trend can be easily explained as follows. On the
one hand, for a constant SOI, the higher the DOI, the higher the allowed spark
timing, since there are less fuel-rich regions with higher risk of knock. On the
other hand, for a constant DOI, the higher the SOI (i.e. the residence time of
the fuel in the cylinder Ò), the higher the risk of knock, and consequently the
lower the allowable spark timing.

Generally speaking, at this operating condition (high load, moderate engine
speed), the engine behavior is optimized with high SOI's and DOI's. But as
far as the engine load decreases, the optimum value for these two parameters
will change, as shown in the next paragraph.

Medium loads, Points 2000@5 and 4000@5

The tests at conditions 4000@5 show that the e�ect on BSFC, engine
stability and combustion e�ciency is exactly the same as already shown at
high load (Figure 5.13): a higher mixture homogeneity (i.e. DOIÒ) improves
the engine stability, combustion e�ciency and BSFC (as a result of the two
previous aspects).

The corresponding NOx emissions are mainly explained by the location
of the combustion process (earlier combustion ñ NOx Ò) and the mixture
homogeneity (less homogeneous mixture ñ richer regions ñ local TÒ ñ
NOx Ò).

Regarding the e�ect of SOI, the results are shown in Figure 5.14. Now
the trends di�er from those explained in the previous scenario (high load).
Based on all the results available (among which those of Figures 5.14 have
been selected), the following general trends can be extracted:

• Small SOI's are not good, since BSFC increases, stability decreases,
BSNOx increase, and combustion e�ciency decreases.

• As the SOI increases, at the beginning the mixture homogenization is
improved (SOI 110o CA). This improvement can be seen in three results
shown in Figure 5.14: �rst, the combustion velocity slightly increases, as
can be seen in Figure 5.14 right; second, the speci�c fuel consumption
decreases; and, third, the NOx emissions decrease, thanks to a better
mixture homogenization that implies less local rich mixtures and lower
combustion temperatures. However, since these points have a high level
of residual gases, when the combustion e�ciency is observed, it can be
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Figure 5.13. E�ect of DOI on di�erent engine outputs at Point 4000@5.

seen that it decreases. This is an indication that there are unburned
portions of the mixture. If the SOI continues to increase (155o CA), an
excessive dispersion of the mixture can be reached. This fact, combined
with an environment with many residuals, is detrimental. This e�ect
can be seen in four results presented in the �gures: 1.- The combustion
e�ciency decreases, since the mixture is not completely burnt; 2.- The
NOx continue decreasing, because the combustion temperature continues
decreasing; 3.- The graph of the HRR shows a loss in combustion velocity
despite the combustion event is advanced; and 4.- The BSFC starts to
get worse due to the above listed e�ects. Thus, in contrast to the results
obtained in the previous scenario, the maximum allowable SOI is now
not necessarily the best choice.

The e�ect of the DOI is presented also for Point 2000@5 in Figure 5.15.
Besides the change in engine speed (from 4000 to 2000 rpm), the optimum
Frapp is now 0.75 instead of 0.65. Because of these two di�erences, the e�ect of
the DOI is signi�cantly di�erent than before. At these other conditions, where
the mixture characteristics relies more markedly on the injection characteristics
(because at lower engine speed the level of turbulence is lower) and the
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Figure 5.14. Left - E�ect of SOI on di�erent engine outputs. Right - E�ect of SOI
on the HRR (data from Point 4000@5).

combustion tends to be more CAI (because of the higher richness), the following
trends can be observed:

• Shorter injections (DOI smaller) lead to earlier and faster combustions
(i.e. more CAI, with narrower HRR): because of the higher mixture
heterogeneity, there are more rich regions in the mixture that autoignite
earlier. This is good for BSFC, the combustion e�ciency and the engine
stability.

• The main drawback of the above behavior is that NOx emissions increase
signi�cantly.

In this operating point, the HRR is seen to be narrower for shorter
injections. This is mainly due to the higher local richness, which tends to make
the combustion process more CAI. This produces higher combustion velocity,
as well as higher repeatability. As a consequence, the HRR of the mean cycle is
narrower. Longer injections, as it can be seen in the σIMEP evolution, produce
an excessive mixture dilution, and the combustion starts to be less e�cient and
to lose stability.
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Figure 5.15. Left - E�ect of DOI on di�erent engine outputs. Right - E�ect of DOI
on the HRR (data from Point 2000@5).

Low loads, Point 2500@3

For lower loads, the main observations of the injection parameters variation
are the following:

• Based on Figure 5.16, the DOI needs to be small. This produces improved
stability, BSFC, combustion e�ciency and NOx. The HRR for small
DOI's is much narrower (more CAI; see Figure 5.16): this might be
the result of a less homogeneous mixture, with more rich regions with
enhanced reactivity, which seems to be very important at these conditions
with extremely high IGR ratios.

• The e�ect of SOI is shown in Figure 5.17. High SOI's improve the engine
behavior in terms of BSFC, combustion e�ciency and NOx, and this
parameter does not have any signi�cant e�ect on stability.

Generally speaking, at these operating conditions, it is interesting to
perform a not too long injection to avoid fuel dispersion near TDC (i.e. when
the temperature is higher, and so is reactivity), and to place this injection
quite far from TDC.
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Figure 5.16. E�ect of DOI on di�erent engine outputs (left) and on the HRR (right)
at Point 2500@3.
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Figure 5.17. E�ect of SOI on di�erent engine outputs at Point 2500@3.

Finally, with the aim of trying to better understand why the e�ect of DOI
depends markedly on the operating point, all the results presented in this
section showing the e�ect of this parameter at each operating point will be put
together in a single graph, and will be plotted as a function of a parameter
more meaningful than the DOI. The parameter designed for this purpose is
the ratio between the mass of air injected and the total air available in the
combustion chamber for the combustion process (injected air + trapped intake
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air), which will be referred as the injected air ratio, IAR (de�ned as indicated
in Eq. 5.1) 2. The corresponding results are shown in Figure 5.18.
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Figure 5.18. Evaluation of the IAR parameter for di�erent tests.

On the top of the �gure, the combustion e�ciency is presented. Even if
this parameter is not fully comparable among the di�erent operating points,
since at low loads it is considerably lower than at high load, the results show
that an optimum value for the IAR exist, at around 0.1. The same observation
can be done for the engine stability (middle �gure) and the corrected BSFC
(bottom �gure). This last parameter was obtained by a linear transformation
of the BSFC at each operating point, to homogenize the values. This result
shows that an IAR too high (i.e. too much fuel dispersion) or too low (i.e. not
enough fuel dispersion) are not a good option.

2Another parameter was also checked, namely injected air/mf, which is similar to the
IAR but not taking into account the F/A ratio. However, the correlation of the parameters
shown in Fig. 5.18 is signi�cantly better for the IAR, and that is the reason why it was the
parameter �nally considered.
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Ignition System

The ignition system used in this engine is a conventional spark plug and,
therefore, a system widely known. For this reason, the analysis presented
here will be shorter, since it will not present any great mystery for the engine
community.

The aim of this paragraph is to make a brief summary of the di�erent cases
that can be found in this engine. Therefore, three di�erent situations will arise:
one with the engine working at high loads, another with the engine operating
at medium loads with lean mixtures, and �nally, one where the engine will be
working at low load.

Region I. First, when the engine is operating at high load (e.g. Point
2000@17), the ignition advance is used to optimize the combustion position.
In Figure 5.19, the results of an ignition timing variation are shown. For these
tests, all the settings of the engine have remained constant except the advance
of the ignition. In this case, the ignition advance is a useful tool to position
the combustion, parameter that is interesting to be as advanced as possible
at high loads, as can be seen in the improvement of the BSFC. However, this
advance of the combustion causes a rapid growth of the knock in the engine,
thus preventing the combustion to be placed in its optimum position, to achieve
the maximum e�ciency. Therefore, for high loads, where the engine operates
as a SI, the ignition timing will be as advanced as possible, taking into account
the limiting factor of the knock appearance.
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Figure 5.19. Di�erent spark ignition timings for operating Point 2000@17.

As for the stability of the combustion, it can be observed that the variations
are not signi�cant, and they don't follow any de�ned trend. Consequently, in
these cases the combustion stability is not a parameter to worry about.
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In order to illustrate the e�ect of the increase of the knocking tendency with
the ignition advance, some data has been taken from a test where the ignition
advance of the same operating Point 2000@5 was modi�ed. The result is shown
in Figure 5.20, where the MAPO and the combustion center of gravity (CA50)
position for all measured cycles during the three tests have been represented.
As a complementary information, inside the plot there is a sub-plot with the
averaged combustion position and the averaged MAPO for the three cases. In
the �gure legend, the value of the ignition advance for each test is given.

10 15 20 25 30
CA50 [º]

0

1

2

3

M
A

P
O

 [b
ar

]

13 14 15 16
CA50 [º]

0.1

0.2

0.3

0.4

M
A

P
O

m
ea

n 
[b

ar
]

Spark advance [ºBTDC]
11.5    
10.3
9

Figure 5.20. MAPO vs CA50 for all individual cycles (main graph) or averaged
(detailed graph) for a spark timing swept.

In this graph, the fast increase of the knocking tendency can be seen, which
does not follow a linear trend, but an exponential one, as already observed in
the results of Figure 5.19.

Region II. The next case to be shown, corresponds to the region two of
the engine operation map. This is a region of medium loads, and the engine
can be operated either in SI or in CAI combustion, depending on the mixture
reactivity (mainly Fr). The point selected to present the results of this region
is a point that does not correspond to any of the ones de�ned initially on the
engine map. It is taken at 4000 rpm with a mass of fuel of 9 mg/stk, which
would be representative of a �5 bar IMEP.

This point has the peculiarity of being a point with a lean mixture
(Frapp=0.6) and an EGR rate of 10%. Because of this, it is di�cult to reach
knocking combustion through the ignition advance, since the engine load is
low enough (the e�ective compression ratio is low, and the mixture is quite
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diluted thanks to a high IGR rate and an additional 10% EGR in the intake).
Therefore there is no such limiting factor, in contrast with what happened in
the previous case.

Once the optimum point for the ignition advance is reached, if the ignition is
further advanced, the engine e�ciency is worsened. In Figure 5.21, the results
of an ignition variation are shown. It can be seen that the optimum advance
for the operation of the engine was around 27o BTDC. From this point, if the
spark is further advanced, combustion is worsened. The combustion stability
decreases and the combustion phasing seems to not further advance. The
reasons behind this behavior are:

• Such a high ignition advance makes the ignition to happen with lower
density of the mixture, because of the further distance between the piston
and the cylinder head.

• The mixture is diluted in this case, which would hinder the ignition
process.

• The engine has a direct injection system, and the mixture takes some
time to homogenize. For this reason, a too early ignition �nds more
mixture heterogeneities, and the cycle to cycle variability increases.
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Figure 5.21. Spark ignition swept for Point 4000@9.

Region III. The last case to be shown refers to Region III of the engine
map, where the engine is operated at low loads. For the operation points where
the engine is operating under CAI combustion, the ignition advance loses its
function, since the ignition mechanism of the mixture has changed and it is
necessary to act on other variables to control the combustion onset. As can
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be seen in Figure 5.22, once the engine is operating under CAI conditions, the
choice of one or another spark advance has no e�ect in any engine output: the
combustion e�ciency is not a�ected, and the same can be said for the rest...
So, the spark could be disabled without any apparent problem. However, if
reliability prevails, the ignition can remain activated. In that case, it will be
set to a speci�c value so that in the event that the autoignition process fails,
the spark will avoid �uctuations on the load, or even the engine shutdown.
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Figure 5.22. E�ect of the spark timing on di�erent engine outputs at Point 2500@3.

5.5 EGR e�ect

The addition of an EGR system in this engine allows introducing
another control parameter for the engine operation and the charge reactivity
management, research topic in which other authors have been working with
similar approaches [6�8]. Besides, as an additional bene�t, EGR could also lead
to further reduce NOx emissions, which would be necessary in some stringent
markets. In the following paragraphs, the e�ect of introducing EGR on the
combustion process of this engine and its control will be analyzed.

This strategy is based on the use of exhaust gases, which are re-introduced
in the intake, and mixed together with the fresh air. This strategy is very
popular in diesel engines to reduce NOx emissions. In the frame of SI, gasoline
engines, it has been shown in some works that it can bring some extra bene�ts
than just the NOx emissions reduction, as it will be illustrated later. The EGR
was introduced in gasoline engines for the �rst time in the 90's. It was focused
on the improvement of fuel consumption at low loads and the reduction of
exhaust emissions. This was not tested at high loads for naturally-aspirated
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engines, because the introduction of an inert mass in the cylinder reduced
the maximum output power since the volumetric e�ciency of the engine was
worsened, as observed by Hacohen et al. [9]. However, this e�ect can be
mitigated if the engine is boosted. Anyway, a fundamental di�erence between
the previously cited works and the current study is that now the EGR will be
introduced in a cylinder charge where there is already a signi�cant amount of
hot residual gases (by internal recirculation), so the expected e�ect may di�er
from previous studies.

The EGR introduction in this engine has shown to a�ect in di�erent ways
the engine performance depending on the load degree. Therefore, the results
will be presented divided in the di�erent engine load regions, as already done
in the previous subsection.
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Figure 5.23. Point 2000@17, high equivalence ratio case (Fr=0.75). Left - Evolution
of di�erent parameters as a function of the EGR rate. Right - For the same tests,
correlation between BSFC and CA50, and detail of the knocking region when no EGR
is used.

At high load operation, an increase in the equivalence ratio leads to a
limitation in the CA50 advance due to the appearance of knock: the increase
of the temperatures leads to an increase in mixture reactivity, making it easier
to autoginite. This e�ect prevents the correct positioning of the combustion
event in the cycle, thus limiting the achievable e�ciency at these loads. The
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EGR introduction leads to two main e�ects: �rst, an increase of the cp of the
intake gases, and so the temperature of the mixture during the compression
stroke will be lower; and, second, there is a reduction of the O2 concentration in
the mixture, and therefore the dilution degree is higher. Both e�ects decrease
the mixture reactivity, making it easier to avoid the autoignition of the mixture.
In this context, thanks to the EGR introduction the knock is mitigated [10]
and, thus, the combustion can be further advanced (see Figure 5.23, to the
right). This leads to an improvement in BSFC despite the loss in combustion
e�ciency associated to the lower O2 content in the intake gases caused by the
EGR introduction (see Figure 5.23, to the left): fuel consumption is improved
in 2.3% even assuming a loss of 4% in combustion e�ciency, and NOx emissions
are reduced in 75.6%. These results show the strong potential of EGR to
reduce NOx, which is a more than usual result [11]. But, at the same time,
EGR also serves to improve BSFC, because of its knock mitigation capability.
This capability will be further shown in the following paragraphs.

Figure 5.24 shows a cycle-to-cycle analysis from a test with the same
con�guration as before (Frapp=0.75), where the spark advance and the EGR
rate are modi�ed, respectively, in order to advance the combustion position
(i.e., the CA50). These two �gures include two graphs in both cases: the main
graph shows the instantaneous MAPO (to quantify knock) for each measured
cycle (250 cycles per test) vs. the corresponding CA50, whereas the sub-graph
shows the same information but averaged (MAPO mean vs. CA50 mean). The
�rst case (Fig. 5.24, to the left) shows an attempt to advance the combustion
position without EGR, only advancing the spark timing. As it can be seen,
in this case the MAPO increases with the combustion advance (CA50), as
expected.

However, in Fig. 5.24, to the right, for the same operating point in similar
conditions, the intake charge has been modi�ed by introducing 15% of EGR.
As a consequence, now the mixture will be more diluted and the temperatures
at the end of compression will be lower. The result is that combustion position
can be signi�cantly advanced (by an advanced spark timing) without any
signi�cant change in knock (in fact, the mean value of the MAPO is even
slightly lower than in the starting point). This result illustrates the strong
potential of EGR to mitigate knock, thus allowing signi�cant improvements in
terms of fuel economy [12] and NOx emissions.

Still at high load, but with lower equivalence ratios (Figure 5.25), where
knock is not a problem for the correct combustion positioning, the introduction
of EGR does not bring the clear bene�t seen before, since the combustion onset
is placed even too early in the cycle. Thus, in this other case, the NOx reduction
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Figure 5.24. Left - MAPO vs. CA50 for all individual cycles (main graph) or
averaged (detailed graph) for a spark timing swept. Right - MAPO vs. CA50 for all
individual cycles (main graph) or averaged (detailed graph), for two di�erent cases:
with (green) and without EGR (red).

is attained at the expense of an increase in BSFC. This BSFC deterioration can
be explained as follows: the dilution e�ect of the mixture and the reactivity
loss, both caused by EGR, lead to a decrease in combustion stability that
needs to be compensated by an advanced spark timing (CA50 is placed too
early) to hold a stable combustion process. This, coupled to the deterioration
in combustion e�ciency, leads to a signi�cant increase in BSFC.

Given the widely-known NOx reduction e�ect of EGR and all the previous
explained e�ects, it is found that, at high loads, the EGR strategy improves
considerably the NOx-BSFC trade-o� of this engine (shown in Fig. 5.26). In
view of this �gure, it can be stated that NOx emissions can be reduced by a
factor of 4 without any increase in BSFC, or even slightly improving it.

Medium and low load

As far as the engine load is reduced, the limitation in CA50 position
caused by knock disappears. Besides, in contrast with the previous scenario,
because the combustion mode switches to CAI mode, the spark timing loses its
controlling capability over the combustion process. Thus, now the CA50 can
be correctly positioned by some means (e.g. Fr and/or VVT position, not the
spark timing) other than EGR. Consequently, the role of EGR in this other
scenario will be less important.
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Figure 5.25. Low equivalence ratio case (Fr=0.55). Left - Evolution of di�erent
parameters as a function of the EGR rate. Right - For the same tests, correlation
between BSFC and CA50. In this case, the results previously shown in Figure 5.23
for the Fr=0.75 case are also shown.

240 260 280 300 320
0

5

10

15

20

BSFC [g/kWh]

B
S

N
O

x [
g/

kW
h]

 

 

E
G

R
 [-

]

0.05

0.1

0.15

0.2

0.25

0.3

Figure 5.26. NOx-BSFC trade-o�. The color scale gives information about the EGR
rate.

As in the previous subsection, the e�ect of the EGR will be analyzed at two
di�erent Fr values. In Fig. 5.27, to the left, the evolution of di�erent engine
parameters as a function of the EGR rate is presented, for Point 4000@5 at
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low Fr (0.65). The trends are similar to the ones already seen in the previous
subsection, for higher loads.
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Figure 5.27. Point 4000@5, low equivalence ratio case (Fr=0.65). Left - Evolution
of di�erent parameters as a function of the EGR rate. Right - For the same tests,
correlation between BSFC and CA50. In this case, the results for a higher Fr
(Fr=0.75) case are also shown.

The following comments can be done:

• EGR signi�cantly reduces NOx emissions. However, the starting levels
of NOx are already low, and the use of EGR is less justi�ed than at
higher loads. Remember that at CAI operating mode, the IGR rate is
signi�cantly high, and NOx emissions are naturally low.

• BSFC worsens with EGR. On the one hand, as observed in Fig. 5.27,
to the right, this is because the combustion process is delayed (CA50
moves away from TDC). The reason for this is the lower reactivity of the
in-cylinder mixture, and cannot be compensated with the spark timing,
since it does not control the combustion onset anymore. On the other
hand, this is also the result of the loss in combustion e�ciency caused
by EGR that can be observed in the �gure as well.

• The lower mixture reactivity also explains the decrease in combustion
e�ciency, as well as the increase in σIMEP (the engine is more unstable).
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For higher Fr's (e.g. 0.75 in Fig. 5.27), because of the higher mixture
reactivity, the combustion onset takes place too early, and the engine operates
in the non-interesting region shaded in the �gure to the right. The operation
in this region needs to be avoided because, depending on the operating point,
either the combustion onset is placed too early or some knock can appear.
In this other case, EGR can help to place the combustion onset on the right
place, as shown in Fig. 5.27 to the right, thus allowing to meet, together, lower
NOx and BSFC. Therefore, at the operating points where the combustion
process was already well placed in the cycle, EGR only serves to reduce
NOx emissions. But taking into account the initially low NOx emissions
because of the CAI combustion, it might be not necessary to add EGR in
most cases.

As a conclusion, the use of EGR, besides reducing NOx emissions, allows
the exploration of operating points that were previously impossible to achieve
due to the excessively high knock level or the too early combustion onset.
At the operating points where the excessive mixture reactivity represents a
problem for the point optimization, the introduction of EGR decreases this
reactivity and allows the correct combustion positioning, thus improving the
fuel e�ciency with a lower level of NOx emissions. With this new degree of
freedom in the engine, a wider range is now available at each operating point
to look for lower NOx together with the same or even lower BSFC. Besides,
even the engine peak power can be increased.

5.6 Study of the cycle to cycle variation

As it has been said in Chapter 2, the analysis of the combustion through
the averaged pressure cycle from the `n' measured cycles has usually been
the most common and widely methodology employed. For diesel combustion
cases, where the cyclic deviation is almost zero, this method is perfectly valid.
But when this methodology is extrapolated to the analysis of SI engines, the
assumption that the averaged cycle will be representative of the rest of the
cycles could not be correct. These kind of engines have signi�cant cyclic
variability, and in these cases the analysis through a representative averaged
cycle may not have enough quality to understand well enough the combustion
process or to make decisions about combustion optimization.

In order to illustrate this di�erent behavior, the plots included in
Figure 5.28 show two di�erent tests where a diesel test and a gasoline test
have been represented. In each plot all the measured instantaneous cycles of
the test have been plotted, 50 for the diesel test and 250 for the gasoline one.
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Figure 5.28. Instantaneous pressure measurements in a standard diesel (50 cycles)
and gasoline (250 cycles) engines.

The instantaneous pressure cycles have been presented with colored continuous
lines, and the averaged pressure cycle is plotted with a black, dashed, thicker
line. For the diesel test it can be seen that the instantaneous and the averaged
cycle are almost equal. Nevertheless the gasoline test has a high variability, so
the averaged cycle is not similar to all the measured cycles. All those possible
big discrepancies due to the cyclic variability among the di�erent instantaneous
cycles may lead to an unreal estimated HRL and HRR. To illustrate this, in
Figure 5.29, there are two plots showing two hypothetical HRR's: on the right
the most critical possible case, where both HRR's have a di�erent phasing,
and on the left a more favorable case, where the HRR's are placed in the
same position and there is only a small shift on the vertical coordinate. If the
averaged cycle is calculated, the right case estimation is not representative of
the overall combustion. Furthermore, the resulting HRR has not any sense
in that particular case. However, on the left case, the methodology is totally
valid, since the two cycles have the same phasing and the di�erence between
both cycles is very small.

In the cases where there is a considerable cycle to cycle dispersion, it starts
to be necessary to take a deeper look and analyze all the instantaneous cycles
individually, in order to get a wider information about what has happened
during the measurement. This di�erent approach for the combustion analysis
is not only helpful for traditional SI gasoline engines. It becomes even more
necessary with new engine concepts and with the di�erent combustion modes.
For example: lean operation, controlled auto-ignition (CAI), Homogeneous
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Figure 5.29. Di�erences in the averaged cycle HRR estimation.

Charge Compression Ignition (HCCI), Reactivity Controlled Compression
Ignition (RCCI), Partially Premixed Compression Ignition (PPCI), etc. For
all these engines, although not being SI or gasoline (at least, some of them),
they need a deeper analysis and control of the combustion and the cylinder
conditions in each moment to get a stable and e�cient combustion.

The above necessity also applies to the two speci�c cases discussed in
this work. First, lean operation, which is desired in spark ignition engines
to reduce nitrogen oxides and hydrocarbon emissions as well as to improve fuel
e�ciency. One of the major constraints to get lean operation has been the high
number of mis�res and partial burns, which can be studied and controlled with
a more detailed cycle to cycle analysis. And, second, CAI operation, where the
previous cycle has a strong in�uence on the next cycle. Therefore to operate
the engine, the analysis should be more detailed and cycle by cycle to get more
information and de�ne the correct strategies.

Once reached this point, there seems to be two di�erent approaches
to analyze engine data. The �rst one is the one using the average cycle
(ACM, Averaged Cycle Methodology). This one is the most widespread, and
it is suitable when there is no signi�cant cycle-to-cycle variability. From
this averaged pressure measurement, parameters such as the Heat Release
Law (HRL) and the Heat Release Rate (HRR), the combustion position
characteristic angles, indicated mean pressures, etc, are calculated. With these
values and some other measured data, as e.g. mass �ows and temperatures
(which are averaged data), there is enough information to explore what has
happened inside the engine in a representative way. The second approach is, in
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the cases where there is signi�cant cyclic variability, to analyze cycle by cycle
the pressure measurements to get the parameters relative to the combustion of
each cycle separately. This way will be called the Cycle To Cycle Methodology
(CTCM) from now on. However for this way to proceed, some care must be
taken with the data coming from sensors with low response speed (as mass
�ow meters or temperature sensors), because the registered values are, in fact,
averaged data during the whole test, and the cycle to cycle variation has been
lost. So, when some parameters are calculated requiring information from such
sensors, those parameters will not be representative of the individual cycles.

The results obtained from each type of analysis have signi�cant di�erences
when those are analyzed. In Figures 5.30 and 5.31, data from two tests is
shown under the same load and very similar settings. However, one of them
(the blue one) has a much greater cyclic dispersion (High Dispersion, HD)
than the other one (red; Low Dispersion, LD). Inside each graph three types
of data are represented: �rst, each of the instantaneous cycles, which are the
solid color points without perimeter. Second, as solid color dots with a black
outline, the results obtained from averaging the results of the cycle to cycle
analysis. And, third, as points with a textured color, the results obtained from
the analysis through the averaged cycle.

In Figure 5.30, the IMEP of each cycle against the position of the
combustion and the maximum HRR from each cycle are represented. The
most obvious di�erence is that with the case of analysis by the averaged
cycle there is a single point on which all the information is synthetized,
whereas with the other analysis a cloud of points is obtained, with much more
information for the analysis. This cloud can acquire di�erent trends: linear,
curved, random trends. . . And these should be analyzed to better understand
the relationship between the parameters plotted and the phenomenology that
has led to this dispersion. On the other hand, when averaging the results,
also some di�erences between the two processing methods can be appreciated,
which are more important when the dispersion (cycle-to-cycle variability) is
higher. The most signi�cant case is on Figure 5.31, where the combustion
duration is represented against the maximum heat release rate. It can be seen
that the analysis of the combustion by means of the averaged cycle is not
100% representative of the set of individual cycles: there is an error of �18%
in the average combustion duration for the point with higher cyclic dispersion,
and of �10% in the case where the combustion has been more stable. This
is not the case if the cycles are analyzed individually and then averaged. In
this other case, the result is much more embedded inside the cloud of points
obtained from the test. To emphasize these di�erences, two black lines are
plotted passing through the two calculated points: the discontinuous for the
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calculation by the average cycle and the continuous for the calculation of the
instantaneous cycles. It can be seen how the trend for the averaged cycle is
not on the dots cloud.
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Figure 5.30. Graphs for two di�erent tests, with high and low dispersion. The IMEP
is presented against the CA50 and the maximum HRR in each plot.
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Figure 5.31. Combustion duration (CA90-CA10) against the maximum Heat Release
Rate (MaxHRR)for the same cases as those in Figure 5.30.

Now considering the knock analysis for these two tests, the corresponding
results are shown in Figure 5.32. In this �gure, the values of the combustion
position (CA50) are plotted against the Maximum Amplitude of Pressure
Oscillations (MAPO) [13] obtained by the two exposed methods (the only
parameter that is a�ected by the calculation methodology is CA50; the MAPO
only makes sense to be calculated from the individual cycles, and never from an
averaged cycle). The way to present the graph is the same as the on already
shown in Figures 5.30 and 5.31. If the minimum CA50 compatible with an
acceptable MAPO limit is intended to be determined, this cannot be done
properly with the analysis of the combustion by the averaged cycle, nor with
the average of the parameters of all cycles. This relationship between the limit
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MAPO and the limit CA50 can only be correctly established by using the
cycle-to-cycle information. If the combustion position is represented against
the MAPO, the most appropriate area for the combustion phasing can be
determined: in this case, it would be about 14 degrees after Top Dead Center
(ATDC). Through this kind of representations, better information would be
available about which parameters should be corrected or controlled through
the adjustment of the combustion settings.
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Figure 5.32. Combustion position (CA50) against the MAPO intensity (knock)for
the same cases as those in Figures 5.30 and 5.31.

If the evaluation of the points is made by means of the maximum MAPO
registered (this is how it is commonly done among the engine community),
some mistakes can be made when only this value is taken into account instead
of taking the totality of the cycles. Figure 5.33, for example, shows the
MAPO cycle by cycle for two di�erent operating points measured with similar
load. The MAPO limit for these operating points was 4 bar. The two
points appearing in this plot have exceeded that limit and, therefore, both
are considered as invalid operating points. In case of having to choose one of
the two as valid, taking the maximum MAPO as the only information for the
choice, the selected point would be P1, because the maximum MAPO has been
about 6 bar, whereas the other case has reached the value of 8 bar. However, if
all the cycles of the test are examined, it is clear that at Point P2 this maximum
value reached has been erratic, and is not representative of the whole cycles
population. On the contrary, at Point P1 there are many cycles that have
exceeded the limit of 4 bar. Therefore, with this more detailed analysis it is
concluded that Point P2 is much more valid than Point P1.

Once the data from the cycle to cycle analysis is available, it is easier to
analyze the anomalous cycles, and to understand what happened with them.
An example of a strange combustion occurred during the operation of an
operating point running under CAI conditions was shown in Figure 5.2. In
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Figure 5.33. MAPO intensity presented for each cycle of two test measurements,
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this case, the engine was burning the mixture without any action on the spark
plug. The �gure shows a peculiar pressure cycle, clearly di�erentiated and
much larger than the others. So the questions which arise are: why has this
happened? Has it been spontaneous or in�uenced by previous cycles?
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Figure 5.34. Pressure measurement for cycles 37 to 41.

The singular cycle of the test measurement is cycle number 40. This cycle
has had an abnormal combustion. It has been ignited too early and, therefore,
the combustion heat has been released well before TDC (see Figure 5.35),
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reaching an excessively high pressure in comparison to the representative cycles
of this test. Taking a look to the previous cycles, cycles number 37 and 38 have
been normal cycles for this test. However, in the following cycle (#39, just
before the cycle under study) there has been a mis�re. The cycle to cycle
analysis already gives a clue about what might have happened: after cycle
#39, there were residual gases with a large amount of unburned hydrocarbons
inside the cylinder, which had been previously compressed and, therefore, they
would be signi�cantly hot and decomposed (some chemical activity might
be initiated). These gases will auto-ignite sooner than con�gured, causing
the combustion of the mixture too soon. However, despite having such an
early heat release and despite having reached much greater pressure, there has
been no knock in this cycle. Nevertheless the next cycle (#41) has presented
problems of knock (see Table 5.1).
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Figure 5.35. Heat release rates for cycles 37 to 41.

Aside from the results previously presented from the processing of the
pressure signal by means of CALMEC, where combustion data is obtained, it
would also be interesting to know some other parameters, such as mass �ows,
which are only available as an averaged value due to the lack of measuring speed
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Cycle #37 #38 #39 #40 #41 Avg Cycle

MAPO [bar] 1.31 0.27 0.08 0.15 8.01 0.62

IMEP [bar] 4.42 4.44 0.68 3.67 4.42 4.44

CA50 [oATDC] 6.45 12.95 58.20 -29.8 -0.05 15.03

CA90-CA10 [oCAD] 11.75 28 68.75 28.75 6.5 23.39

Pmax [bar] 42.27 32.18 22.06 58.56 57.45 32.16

HRLmax [J] 332 351 97 405 330 352

Table 5.1. Data extracted from the CTCM.

of the sensors that provide that data. To estimate the intake and exhaust mass
�ows, as well as the instantaneous cylinder composition, the pressure data can
be used together with some other parameters of the engine. For this calculation
the instantaneous pressure signal from the intake, exhaust and cylinder are
needed. Also the intake and exhaust discharge coe�cients, the instantaneous
volume in the cylinder, intake and exhaust temperatures, the composition of
intake gases and fuel, and, �nally, the averaged data of the measured �ows, to
verify that the calculated data is equivalent to the real measurement.

As already indicated, all the results shown come from a two stroke engine.
It is well-known that the scavenging process in a 2S engine is much more
complex than the gas exchange process in a 4S engine, because it is strongly
in�uenced by the combustion process. So, it is not possible to say that the
instantaneous �ows are repetitive and coincident with the measured (average)
�ow. By means of this calculation more details about the test are available,
helping to explain the variations in the combustion process. For example,
analyzing the cycles presented above (Table 5.2 and Figure 5.36), it is possible
to see how the air mass �ow across the engine has also changed, and this
one has in�uenced the in-cylinder richness and, therefore, the reactivity of the
mixture. The presented values called as In-cylair and In-cylbg are representative
of the equivalent mass �ows of fresh air and burnt gases (respectively) in each
individual cycle.

Thanks to this more detailed way to process the data, it can be observed
that the instantaneous richness is not coincident with the average richness
measured during the entire time interval (red line in Figure 5.36). From cycles
#37 and #38, points considered within the range of combustion similar to
the average cycle, the analysis of the richness evolution can be started. It is
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Cycle Frcyl [-] In-cylair [kg/h] In-cylbg [kg/h]

# 37 0.86 40.6 27.2

# 38 0.87 39.9 20.7

# 39 1.05 33.1 18.5

# 40 1.15 30.3 26.1

# 41 1.07 32.5 24.3

# 42 0.96 36.3 21.0

# 43 0.92 37.8 21.2

# 44 0.91 38.2 17.8

Table 5.2. Data of the instantaneous mass �ows extracted from the CTCM.

0.8

0.9

1

1.1

1.2

37 38 39 40 41 42 43 44

Fr
cy
l [

-]

Cycle [#]

20
25
30
35
40
45

37 38 39 40 41 42 43 44

In
-c

yl
ai

r [
kg

/h
]

Cycle [#]

Figure 5.36. Representation of the Frcyl and the air inside the cylinder(In-cylair)
for cycles 37 to 42. The red line represents the mean value during the test.

observed how in cycle #39 there is a smaller amount of air inside the cylinder,
and this, combined with a mis�re of the mixture in that cycle, has lead to the
particular behavior of cycle #40, which has burned with a high richness (and
with the residual unburned hydrocarbons from the previous unburned cycle,
which have not been taken into account for the richness calculation). Finally,
in later cycles, it is observed how the engine starts to burn progressively in
a way closer to what has been the average of the test cycles, and both the
in-cylinder richness and the combustion position return to their normal values.
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Figure 5.37. Pressure measurement for cycles 41 to 44.

5.7 Conclusions

Through the chapter, di�erent aspects have been addressed. In this �nal
section of the chapter, the most important ideas are going to be summarized.

• Di�erent combustion modes:

The engine can be operated in two di�erent combustion modes: SI and
CAI.

The possibility to move between CAI and SI depends, mainly, on the
engine load, since the conditions of the in-cylinder charge are modi�ed
with this parameter.

Four operating regions in the engine map were identi�ed: region I will
be an area where the engine can only be operated in SI; region II, where
it can alternate between SI and CAI; region III, where the engine will
operate in auto-ignition conditions; and Region IV, where it will operate
again under SI conditions.

• Scavenging process:

As this is a two-stroke engine, the scavenging process of this engine does
not remove all the residual gases of the previous cycle, nor retains all
the fresh intake gases. The charge that will remain inside the cylinder
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will be a mixture between the portion of fresh trapped gases and the hot
residual gases that have remained from the previous cycle.

The main �levers� to control the scavenging process are the intake
pressure and the VVT position. Firstly, by means of the intake pressure,
the richness and the scavenging process can be regulated. And, to
a lesser extent, by means of the VVT modi�cation, a complementary
adjustment of the in-cylinder charge characteristics (the IGR rate and
its corresponding temperature) can be achieved.

With the reduction of the load degree, the IGR rate increase unavoidably.
These residuals in the cylinder can be used to adjust the composition of
the charge and its initial temperature, which can be used to operate the
engine in CAI combustion mode.

• E�ect of the injection and ignition systems:

The injection system introduces a mixture of fuel and air into the engine.
This system o�ers better spray homogenization with lower fuel injection
pressures. The parameters to be adjusted are the SOI (Start Of Injection)
and the DOI (Duration Of Injection). It is important to remark that the
DOI parameter directly a�ects the air amount injected together with the
fuel.

The strategies to optimize these parameters are focused on de�ning a SOI
as advanced as possible for high loads, which guarantees a good mixture
homogeneity, and to reduce this SOI value as far as the engine load is
reduced, since the mixture dispersion starts to be excessive. Regarding
the DOI, a new parameter, named IAR (Injected Air Ratio), has been
de�ned. With this parameter, an optimum relationship between the
injected air and the total in-cylinder air mass can be determined.

Regarding the ignition system, the three scenarios that can be found
during the operation of the engine have been addressed. The �rst one is
the most common case, where the ignition timing is used to adjust the
combustion position, and the increase of the knock level is the limiting
factor to advance the combustion. The second case occurs with very lean
mixtures, which allows an over-advanced ignition without any limitation
arisen by knock. This over-advance would cause a loss in both e�ciency
and combustion stability, so it has to be controlled. And the third case,
with CAI combustion, the e�ect of the spark is lost and the ignition of
the mixture starts to be governed by other mechanisms.
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• EGR e�ect:

The EGR strategy has been chosen as a new variable for the con�guration
of the composition of the charge and its reactivity. Additionally, it also
has some bene�ts in terms of NOx reduction.

Depending on the engine load, the EGR has shown di�erent results.
At high loads, it has shown a strong capacity of reducing NOx and,
additionally, it has helped to improve the performance of the engine
thanks to the decrease in the knocking tendency, thus allowing a better
combustion positioning.

With lower loads, if the combustion was already well positioned, this
improvement margin can no longer be exploited, and so its bene�t is
limited to the NOx reduction.

• The cyclic variability:

Two methods to analyze the combustion process have been presented
and discussed: the one based on the average cycle, and the one based
on the cycle-to-cycle analysis. After seeing the di�erences between
both methods, it is possible to see that each of them has its interest
depending on the information to be analyzed. The cycle-to-cycle analysis
method provides a large amount of detailed information about what has
happened at each instant during the test measurement. In this way, some
speci�c phenomena during the combustion process can be studied, and
anomalous cycles can be isolated and studied separately.

The problems associated to the averaged cycle analysis when there is
cyclic dispersion have also been exposed. The main problems are the
deviation of the data obtained because of the deformation of the averaged
pressure cycle. In these cases, the average of the results from each cycle
separately usually presents more accurate values than the one obtained
from the averaged cycle.

On the other hand, for combustion processes without cyclic deviation
(e.g. in diesel engines), the high amount of information obtained
through the CTCM is not useful, since it results in a large amount of
redundant information. The required processing e�ort is much greater,
and therefore a longer calculation time and a greater amount of resources
are required. Apart from that, a greater e�ort to deal with this large
amount of data and interpret the results of the analysis is also needed.

Finally, it should be noted that this type of methodologies are going to
be necessary in new engine concepts where, for example, the engine will
be operated in HCCI or CAI conditions, since a greater degree of detail
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is needed for the analysis of the combustion. And, in a next step, this
will be useful to perform the control of the combustion in closed loop,
allowing to operate directly on the anomalous combustions and on the
instabilities with predictive and corrective strategies. This leads to higher
levels of e�ciency, better control of the knock, and makes it possible the
use of combustion modes practically unachievable through an open loop
combustion control.
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5.A E�ect of IGR on the ignition delay

In this appendix the ignition delay of a mixture of air + IGR is assessed
as a measure of its knocking tendency. The motivation is to �nd out which
e�ect is stronger: the e�ect of the oxygen content reduction when the IGR
rate increases, which would reduce the mixture reactivity; or the e�ect of the
increase in mixture temperature when the IGR increases, which would increase
the mixture reactivity.

For the study, the following hypotheses and assumptions were taken:

• The air in the intake manifold is at 323 K. This is assumed to be the
initial temperature of the air trapped in the cylinder.

• The exhaust gases in the exhaust manifold are at 827 K3. This one is
also assumed to be the initial temperature of the residual gases (IGR)
trapped in the cylinder, thus neglecting the shortcircuiting.

• With the two previous assumptions, the initial temperature of the
mixture is calculated, as a function of the IGR rate, taking into account
the cp, initial temperature and mass fraction of both air and IGR.

• The mixture at known initial conditions is assumed to be compressed
up to TDC (consequently both the temperature and pressure are
signi�cantly increased), and then introduced in a PSR (Perfectly Stirred
Reactor, i.e. a perfectly homogeneous reactor), where the autoignition
process is going to be studied with Chemkin. It is worthy to note that the
compression up to TDC is necessary to ensure the mixture autoignition.

• The ignition delay is considered to happen when 50% of the total
temperature increase in the reactor takes place.

• The fuel considered was isooctane (the chemical mechanism considered
was that from Curran et al. [14]), and the equivalence fuel/air ratio was
1 (for Fr=0.6, it was checked that the conclusions are exactly the same).

The results of the simulations are presented in Fig. 5.38. It can be seen that,
in the main range of IGR rates, the higher the IGR rate, the lower the ignition

3This assumption might seem not realistic, since as far as the IGR rate is increased,
the exhaust temperature will probably be lower, because the amount of fresh mixture
(and, consequently, the amount of fuel burned) is lower. However, the initial in-cylinder
temperature also increases with the IGR rate, and this might compensate the lower heat
released during combustion. Consequently, the assumption that the temperature in the
exhaust is constant independently of the IGR rate makes sense.
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Figure 5.38. E�ect of the IGR rate on the ignition delay.

delay, meaning that the thermal e�ect is stronger than the dilution e�ect. This
trend is broken at very high IGR rates (above 75%; for an Frapp=0.6, this shift
in the trend takes place at an IGR rate of 90%), and at low IGR rates (below
15%). However, it should be taken into account that the minimum IGR rate
achievable in the engine is between 10 and 15%, whereas the maximum IGR
rate is between 80 and 90%. Consequently, it can be concluded that, in the
possible range of IGR allowed in the engine, the higher the IGR, the higher
the mixture reactivity.

5.B E�ect of the exhaust valves opening time

modi�cation over the IGR temperature

At a given operating point, with the EVO advance, the exhaust gases show
to have a higher temperature. This e�ect is due to the modi�cation of the
e�ective expansion rate.

To begin with, the case when the EVO is delayed is going to be analyzed.
In this situation, the in-cylinder gases are further expanded inside the cylinder,
and the irreversible expansion taking place when the valve is opened is reduced.
As a result, the overall expansion takes place mainly in the cylinder, and
consequently this expansion is more similar to an isentropic expansion. On the
contrary, when the EVO is advanced, the in-cylinder gases are less expanded in
the cylinder, and the irreversible expansion when the valve is opened increases
in magnitude, and overall, the expansion is further away from an isentropic
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expansion. If these two processes are compared, the gases temperature is
decreased faster trough an isentropic expansion, and this is the main reason
why the exhaust gases temperature changes when the EVO is modi�ed.

This e�ect can be demonstrated easily with experimental data of some
points measured at the same operating conditions where the EVO has been
modi�ed. As it can be seen in Figure 5.39, the measured exhaust gases
temperature increases with the advance of the exhaust opening.
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Figure 5.39. Evolution of the exhaust temperature with the EVO variation.

5.C DOI e�ect on the fuel homogenization

There is some experimental evidence that the increase of the injected air
mass �ow (ÒDOI) for the same fuel amount improves the combustion e�ciency
(see e.g. Fig. 5.40)4. To analyze this behavior, the two extreme experimental
cases have been taken as a reference to study this e�ect (the highest and the
lowest DOI, later referred as long and short injection, respectively).

This increase in injected air has been simulated in a CFD model in order to
investigate the origin of this improvement. In a �rst step, only the modi�cation
in injected air has been simulated, assuming that nothing else changes in the
engine operation when this parameter is modi�ed. Under this assumption, the
CFD model does not reproduce the experimental result (see Table 5.3, �rst
two columns; the combustion e�ciency is the same in both cases). After this
result, it was thought that, probably, the addition of a higher amount of air
to the same amount of fuel would improve the fuel atomization process. To
validate this hypothesis, the droplet size was increased for the short injection

4This statement is true provided that the IAR parameter (presented in Chapter 5) is
below its optimal value.
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Figure 5.40. Experimental results of the DOI in�uence on the combustion e�ciency.

case in a second step (last column in the table). Now the results show more
consistency with the experimental results.

Long
injection

Short
injection

Short
injection

Droplet size [µm] 20 20 40

Comb. e�ciency [-] 0.9564 0.9559 0.9048

Table 5.3. CFD simulation results for the di�erent injection con�gurations at Point
2000@17 .

Based on the results obtained with the CFD model, the e�ect of the injected
air amount on the fuel atomization process seems to be the key factor to explain
the observed trend in combustion e�ciency. The main reason would be that
the droplet size might have a direct impact on the fuel mixing process, since
the fuel evaporation is proportional to the surface that is in contact with the
air. In this case, the smaller the diameter of the droplets, the higher the
total surface, thus improving the fuel evaporation process, and therefore the
combustion e�ciency.



Chapter 6

The di�erent operable combustion

modes in the engine used

Contents

6.1 Introduction . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 199

6.2 Experimental study of the di�. combustion regions

in the engine . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 199

6.2.1 Engine operation under SI lean mixtures . . . . . . . . . 199

6.2.1.1 Equivalence ratio modi�cation in�uence . 200

6.2.1.2 The load variation e�ect on the SI operation 203

6.2.2 Controlled autoignition . . . . . . . . . . . . . . . . . . . . . . . . 219

6.2.2.1 SI - CAI comparison . . . . . . . . . . . . . . . . . . 220

6.2.2.2 Key parameters . . . . . . . . . . . . . . . . . . . . . . 223

6.2.2.3 CAI operation loads . . . . . . . . . . . . . . . . . . . 234

6.2.3 Hybrid modes, CAISI . . . . . . . . . . . . . . . . . . . . . . . . . 240

6.3 Analytical approach to the di�erent combustion

modes . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 245

6.3.1 Fundamentals of the analysis . . . . . . . . . . . . . . . . . . . 246

6.3.2 Analysis . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 250

6.3.3 Results . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 262

6.4 Conclusions . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 272

6.A E�ect of the power stroke increase on the BSFC

due to the VVT delay . . . . . . . . . . . . . . . . . . . . . . . . . 276

6.B HRL re�nement . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 278

Bibliography . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 281





6.1. Introduction 199

6.1 Introduction

The focus of this chapter has been the study of the SI lean combustion
and CAI combustion modes. Both modes present a series of potential
improvements in e�ciency or emissions compared to the traditional SI
operation in stoichiometric conditions that make them very interesting for the
improvement and development of current SI gasoline engines. For this study,
the �rst part of the chapter is focused on the experimental study of both
combustion modes, analyzing the potential of each separately, as well as the
key parameters to control and optimize the combustion through the di�erent
operation regions of the engine. During the second part of the chapter, the
need to analyze in a more detailed (and quantitative) way the combustion
development is raised. By this way, more detailed and valuable information is
obtained and serves to evaluate the information coming from the engine. This
information can be used to better understand these two combustion modes
and their di�erences, and to distinguish, by an analytical way, which type of
combustion has occurred in a cycle if it is analyzed.

6.2 Experimental study of the di�erent combustion

regions in the engine

6.2.1 Engine operation under SI lean mixtures

In this section, the engine operation in SI conditions will be studied (i.e.,
the normal combustion process in gasoline engines). However, unlike the
SI operation in stoichiometric conditions, the lean mixture operation will be
studied in order to try to identify the advantages of this operation mode. The
engine map described in Section 5.2 shows two regions de�ned as �SI operated�
(I and IV), being region I of greater importance, operated at high loads and
taking a large part of the map of this engine. In fact, the whole engine map
could be operated in SI conditions, since this combustion mode is the standard
mode of this engine.

Therefore, to start this section, the potential of working with lean mixtures
instead of stoichiometric mixtures will be analyzed, and later the combustion
performance through the di�erent load levels of the engine will be studied.



200 6. The di�erent operable combustion modes in the engine used

6.2.1.1 Equivalence ratio modi�cation in�uence

Usually SI engines have been operated always in stoichiometric conditions,
to make them compatible with the use of a simple and cheap aftertreatment
system, the TWC [1]. However, lean operation leads to di�erent advantages
that make its application very interesting to get an improvement in terms of
fuel e�ciency in SI engines.

To show the e�ects of the application of this combustion mode on
the engine, some results at Point 2000@17 will be shown, where the F/A
equivalence ratio has been varied. In order to show the e�ect of this parameter
on the combustion process, the VVT position and the fuel injection (mass and
settings) have remained constant for all the presented tests. However the spark
timing has always been varied, adjusting it to try to optimize torque (MBT,
Maximum Brake Torque), even if, in most of the cases, the knock limit was
reached earlier. Since this engine works in a two stroke cycle, the apparent
F/A equivalence ratio may not be representative of the in-cylinder equivalence
ratio due to the possible presence of some short-circuiting of the intake charge.
For this reason, the in-cylinder conditions are going to be used in order to
represent the real conditions inside the combustion chamber.

The �rst interesting result is the improvement of the engine e�ciency by
increasing the air excess. For that, Figure 6.1 shows the evolution of the brake
speci�c fuel consumption when the mixture is moved out of stoichiometric
conditions (in these tests Frcyl has been reduced, starting from the value
1 -stoichiometric-). This parameter is signi�cantly reduced, going from a
value of 286 to 240 g/kWh, which represents an improvement of 16% in fuel
consumption.
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Figure 6.1. Brake speci�c fuel consumption for di�erent Frcyl values.
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This e�ciency improvement is mainly due to four reasons:

• First, the combustion position (CA50) has been advanced as the Frcyl has
been reduced (Figure 6.2, CA50). This advance has shown to be
bene�cial, since the combustion advance in stoichiometric conditions
was limited by knock. It has to be noted that for Frcyl values close to
stoichiometric conditions the spark timing has not been advanced. This
e�ect might be due to the improvement of the mixture homogenization
and the extra oxygen available for combustion, leading to an increase
in the mixture reactivity compared to the stoichiometric conditions. If
Frcyl is further decreased, both the dilution e�ect and the decrease in
combustion temperatures reduce the risk of knock. For this reason,
the combustion can be advanced and placed better in the cycle, thus
improving the engine e�ciency.

• Second, the combustion e�ciency is improved, especially in the �rst part
of the variation starting from stoichiometric conditions, because of the
better homogenization of the mixture (the local rich areas are reduced)
and the greater availability of oxygen to oxidize the fuel. As can be seen
in the graph, there is an optimum Frcyl for this parameter, in the mid
of the explored range: for Fr's richer than this optimum, the mixture
does not burn completely due to the lack of oxygen; and for Fr's leaner
than this optimum, the excessive dilution of the fuel brings the mixture
close to the �ammability limit and, therefore, there will be areas with
low temperatures or with low fuel concentrations that won't be burnt
(Figure 6.2, Comb. e�ciency). When the mixture composition gets
close to the �ammability limits, the combustion stability deteriorates
progressively, and these instabilities will cause a rapid increase in HC
emissions and a drop in the fuel e�ciency.

• Third, the decrease of the combustion temperatures caused by the
Frcyl reduction, reduces the heat losses to the combustion chamber walls,
and therefore the engine will be more adiabatic and e�cient. This
reduction is provoked by the higher dilution of the mixture, and more
energy will be available to be recovered during the expansion stroke.
This reduction in combustion temperature can be partly seen in the
exhaust temperatures drop, which is the combination of the combustion
temperature reduction together with the combustion advance (Figure 6.2,
Exhaust temperature).

• Fourth, the theoretical cycle e�ciency is improved due to the higher
speci�c heat ratio (γ) at lean conditions.
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Figure 6.2. Representation of di�erent combustion parameters for Point 2000@17
as a function of the in-cylinder F/A eq. ratio and relationship between the in-cylinder
and the apparent F/A eq. ratio.

The trapping ratio evolution for these tests is also shown in Figure 6.2. This
parameter is worsened with the increase of the delivered air mass (required to
decrease Fr). As observed in the plot where Frcyl and Frapp are presented, the
Frcyl does not decrease as fast as the Frapp due to the short-circuiting of fresh
air coming from the intake directly to the exhaust. This fact has to be taken
into account when the engine operation strategies have to be de�ned, since in
many cases the Frcyl will not coincide with the Frapp, and during the engine
operation the Frcyl is not available as a direct measurement.

Finally, to complete the study of the in-cylinder F/A eq. ratio modi�cation
from stoichiometric to lean conditions, the evolution of the pollutant emissions
will be analyzed (Fig. 6.3).

• NOx: in a premixed combustion, these emissions depend on oxygen
availability and combustion temperature. When Frcyl decreases from sto-
ichiometric, oxygen availability increases, without no signi�cant decrease
in combustion temperature, leading to an increase in NOx emissions.
However, when the mixture is lean enough, combustion temperature
signi�cantly decreases, and NOx emissions start to decrease.



6.2. Experimental study of the di�. combustion regions in the engine 203

0

5

10

15

0.6 0.7 0.8 0.9 1

BS
N

O
x[g

/k
W

h]

Frcyl [-]

5

8

11

14

0.6 0.7 0.8 0.9 1

BS
HC

 [g
/k

W
h]

Frcyl [-]

0

0.03

0.06

0.09

0.6 0.7 0.8 0.9 1

BS
so

ot
 [g

/k
W

h]

Frcyl [-]

0

50

100

150

0.6 0.7 0.8 0.9 1

BS
CO

 [g
/k

W
h]

Frcyl [-]

Figure 6.3. Representation of the main pollutant emissions as a function of the
in-cylinder F/A eq. ratio values.

• Soot: soot formation is usually insigni�cant in the present case, since
the fuel is premixed before the combustion event. Even so, there is a
decreasing trend in soot emissions when Frcyl decreases, thanks to the
greater homogenization of the mixture.

• HC emissions are closely related to the combustion e�ciency, as
mentioned above. These emissions have an optimum point, and out
of this optimum point, HC emissions will increase due to an incomplete
combustion of the charge.

• Finally, CO decreases very quickly thanks to the increase of the oxygen
available in lean mixtures to oxidize the carbon atoms and to the
decrease of the combustion temperatures that slow down the dissociation
mechanism of the CO2 molecules.

6.2.1.2 The load variation e�ect on the SI operation

In this section the load degree e�ect on the SI lean combustion process will
be studied, since the scavenging process is strongly in�uenced by the load in
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this engine. Besides, the engine load also has an in�uence on the conditions
inside the cylinder, thus a�ecting the combustion performance.

High loads

When this engine is operated at high loads, as already seen, it is very
important to get the highest combustion advance in order to improve fuel
e�ciency, since normally the combustion is always delayed with respect to its
optimal position because of knock issues.

Figure 6.4 shows a graph where the combustion phasing (CA50) of each
test is plotted with its brake speci�c fuel consumption value. These tests come
from Point 2000@17 and, for all of them, the injection con�guration and the
apparent F/A eq. ratio have been kept constant (Frapp=0.6). On the one hand,
the main trend observed in the plot is an improvement of the fuel e�ciency
with the combustion advance. On the other hand, it has to be noted that two
groups of points on the chart are clearly di�erentiated. The di�erence between
the two groups is a variation in VVT position. However, in both groups the
relationship between CA50 and fuel e�ciency is the same. Calton [2] studied
the in�uence of the combustion position on the fuel e�ciency, and the results
obtained showed that, depending on the operating conditions of the engine,
the combustion phasing (CA50) should be placed between 5 and 10o ATDC.
As it can be seen on the �gure, all the tests are far away from that optimum
theoretical position (striped area on the plot).
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Figure 6.4. BSFC values obtained for di�erent CA50 positions with two di�erent
VVT con�gurations (dark blue 161o and light blue 166o).

Now, if one of those tests is repeated, and the spark advance is increased
progressively (keeping the other parameters constant) trying to place the
combustion on that optimum position and paying no attention to knock (which
will surely raise), the results obtained are shown in Figure 6.5. As expected,
the combustion advance brings an improvement in engine e�ciency, because
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of the more appropriate location of the combustion process in the engine
cycle. However, the knock raises very fast, limiting the engine's potential
at high loads. Additionnally, a clear correlation between the CA50 and the
combustion duration can be observed: the closer the CA50 to TDC, the shorter
the combustion duration. This might be linked to the reduction in the volume
of the combustion chamber, which reduces the distance to be covered by the
�ame front.
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Figure 6.5. Ignition advance variation for Point 2000@17.

A very important element in this engine that helps to explain why the
combustion is so delayed and why the knock increases so fast, is the rate of
residual gases remaining inside the cylinder, the IGR ratio. In Figure 6.6, two
graphs are presented with the same tests already presented in Figure 6.4. On
the left, the brake speci�c fuel consumption is presented, now against the CA75
values (position where 75% of the fuel has been burnt1) and, on the right, the
speci�c fuel consumption is presented against the IGR ratio2.

The results show the in�uence of the IGR ratio on the BSFC: as far as the
IGR ratio is reduced (right plot), the engine e�ciency is improved (when the
engine is operated in SI mode). This result, combined with the trend observed
on the left plot, where the advance of the CA75 results in an improvement of
the fuel e�ciency, indicates that the IGR restricts the combustion advance
due to an increase of the in-cylinder charge temperature (directly related
to the increase on the knock tendency). Therefore, the correct scavenge of

1This parameter is, somehow, related to the end of combustion. Why this parameter has
been chosen for this graph, instead of CA50, will be discussed later in this section.

2It is worthy to note that the scattering of the points is signi�cantly higher when BFSC
is plotted against IGR compared to when plotted versus CA75. This can be easily justi�ed
taking into account that the IGR parameter is not measured directly, but calculated from
some other measurements, which surely increases the uncertainty of the actual value.
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these residual gases when the engine is operated under SI mode becomes very
important to get the maximum e�ciency as possible.
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Figure 6.6. Left - Evolution of BSFC with CA75. Right - Correlation for the same
tests between BSFC and IGR ratio.

On the IGR plot analyzed before, two de�ned groups of points were
di�erentiated. This di�erence is due to a di�erent VVT position chosen for
these tests: one group was operated with a VVT=166o CA and the other with
a VVT=161o CA in order to get di�erent IGR values for the same apparent
Fr. But when the position of the VVT is modi�ed, the expansion stroke is
modi�ed and the BSFC values can be also a�ected. To clarify this possible
question, the e�ect of a VVT delay in 5o CA has been analyzed by means of
a simulation software of combustion cycles, and the results obtained indicate
that the improvement due to this e�ect is negligible (these results can be
found in more detail in Appendix 6.A). Thus, the IGR reduction is the main
responsible for the BSFC improvement, and the expansion stroke modi�cation
derived from the VVT variation has a minor in�uence.

The points with higher IGR ratio have also shown to have lower combustion
rates (Figure 6.7). This is mainly caused by two main reasons: on the one hand,
the dilution e�ect of the residual gases (although being hot gases) reduces the
oxygen content of the mixture, thus hindering the �ame propagation; on the
other hand,the in-cylinder temperature, risen by the higher amount of residual
gases, favors the knocking tendency, and the spark timing needs to be delayed
(therefore, the combustion rates are worsened due to the delayed position).

When Figures 6.4 and 6.6 are compared, it can be seen that the parameter
CA75 is more appropriate to correlate the combustion phasing with the engine
e�ciency, than the most usual one, the CA50. This is because with the use
of the CA75 parameter both the combustion position and its duration are
taken into account. This combustion duration has shown to play an important
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Figure 6.7. In�uence of the IGR ratio on the combustion duration.

role in these tests, since the charge composition is very variable. Thus,
di�erent combustion durations can be found for the same CA50, and it becomes
necessary to take into account both parameters. In traditional SI engines,
operated with stoichiometric mixtures and with small amounts of residual gases
(4S), the combustion position and its duration are univocally related to each
other for a given operating condition. Under these circumstances, both the
CA50 and the CA75 correlates well with BSFC. However, this is not the case
for the current engine, where the Fr is not �xed and the IGR ratio can be
signi�cant (2S): this fact breaks the relationship between combustion position
and its duration. This peculiarity can be observed in Figure 6.8, where two
tests from Figure 6.4 have been analyzed in more detail (with the cycle to
cycle methodology). These tests are: one with the VVT=166o and the other
with the VVT=161o, and both of them present the same averaged CA50 (18o

ATDC). As shown in the �gure, both tests present clearly di�erent relations
between the combustion phasing and the combustion duration, which is due
to the di�erent charge composition provoked by the IGR variation.

It might be concluded, then, that the key factor to understand the BSFC
trend at a given operating condition is to know when the combustion ends
(CA75).

Once shown that the IGR is detrimental for the engine operation in SI
conditions, this e�ect is going to be analyzed in more detail, trying to isolate
the IGR e�ect on the combustion performance. For this purpose, two tests
will be shown with the same load degree and similar operating conditions,
but with a di�erent IGR ratio (selected among the whole set of cases already
shown before). For these selected cases the engine settings will be di�erent,
and the key parameter to consider them equivalent and comparable has been
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Figure 6.8. In�uence of the IGR ratio on the combustion duration.

the in-cylinder richness (please note that the fuel mass was already constant
for the whole set of cases).
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Figure 6.9. Representation of 50 measured pressure cycles for two di�erent tests,
test 2000@17a (left), with lower IGR, and test 2000@17b (right), with higher IGR.

Figure 6.9 shows 50 recorded pressure cycles for each test. Test 2000@17a
represents a case with lower IGR ratio (13%), whereas test 2000@17b represents
a case with higher IGR ratio (15%). The main visible di�erence between
the two tests is the increase of the erratic knock, a�ecting the combustion
process, with the increase in IGR ratio. In that case, the mixture reactivity is
greater due to the increase in temperature caused by the higher amount of IGR
and, at the same time, the mixture is more diluted with residual gases, what
reduces the combustion rates. Both factors (higher temperature and slower
�ame propagation) increase the knocking risk during the combustion process.
Therefore, the ignition advance must be reduced in order to control the high
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pressures and temperatures during combustion, and reduce by this way the
knocking tendency. As far as the combustion is delayed, the BSFC and the
σIMEP are negatively a�ected, as can be seen in Figure 6.10.

Concerning knock (quanti�ed by the MAPO parameter), it is of course
worsened when IGR increases. However, the value of this parameter does not
show in detail what happened during all the cycles of the test because, after
all, this is a maximum value along all the cycles registered during the test.
In Section 5.6 the problems of quantifying knock as a single value during the
whole test were further discussed.
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Figure 6.10. Combustion phasing, knock values, combustion stability and brake
speci�c fuel consumption for the tests 2000@17a and 2000@17b shown in Figure 6.9.

Up to now, it has been shown (1) how the in-cylinder F/A equivalence ratio
reduction has a great in�uence on the improvement of the engine performance
and (2) how the in�uence of the IGR ratio on the SI operation has shown to
be detrimental for the engine performance due to the increased knocking risk.
The introduction of more fresh air into the engine, apart from lowering the in-
cylinder F/A equivalence ratio, also improves the sweep of the residual gases
(Figure 6.11). Therefore, to reach the maximum e�ciencies in this engine,
when working under SI mode, the mixture should be as lean as possible until
the worsening of the combustion stability is achieved, since beyond this point,
the fuel e�ciency will be lost.

If the load degree is further increased, it is desirable to keep Fr as low
as possible in order to reduce the mixture reactivity, thus avoiding knock.
However, in 2S engines the trapping ratio will always be a�ected by the pressure
di�erence between intake and exhaust. The desired increase of the air trapped
inside the cylinder may not be possible, because of the degradation of the
trapping ratio when the intake pressure is increased, which causes higher short-
circuiting of the intake air directly to the exhaust. To evaluate the e�ect
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Figure 6.11. In�uence of the Rich �ow values on the IGR ratios.

of the load increase beyond Point 2000@17 (representative of the maximum
torque conditions), three new Points will be used: Points 4000@17, 4000@21
and 4000@25, all of them represented on the engine operating map shown in
Figure 6.12.
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Figure 6.12. Extended engine operating map with high load operation Points.

Along the coming up discussion about the increase in engine load, all the
graphs shown are going to be plotted with a horizontal axis representing the
fuel mass injected, in milligrams per stroke (mg/stk), of each of the three high
load operation points (see e.g. Figure 6.13). Therefore, each of these graphs
represent a load variation at an engine speed of 4000 rpm. It has to be noted
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that, due to the high load level demanded on the engine, Points 4000@21 and
4000@25 have been tested with an EGR rate of 5%, otherwise it was impossible
to operate the engine below the allowable knocking limits.
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Figure 6.13. Evolution of the trapping ratio with the load increase for di�erent
equivalence ratios.

During the scavenging process, since the intake and exhaust remain opened
at the same time, the increase in the intake pressure necessary to introduce
more air into the engine causes a greater short-circuiting of the fresh gases
to the exhaust. This e�ect can be seen in Figure 6.13, where the trapping
ratio drops very fast when trying to increase the engine load beyond certain
limits. This means that, unfortunately, the engine is not able to retain the
necessary fresh gases to be operated at higher loads. Additionally, it can be
seen that an operating point is missing in the graph: the Point 4000@25 with a
Frapp=0.6. In this point, the predictable trapping ratio would be as low as 60%,
and therefore the necessary intake pressure to keep an acceptable in-cylinder
richness would have been too high. All the energy invested to introduce a given
amount of gases inside the engine that �nally end-up directly in the exhaust,
represent a big loss in engine e�ciency, and the interest of this way to operate
the engine completely disappears.

This problem with the limited capacity to retain the fresh gases inside the
cylinder causes that the maximum amount of air retained will be limited, and
therefore the increase of the in-cylinder F/A eq. ratio with the increase of the
engine load is unavoidable. Figure 6.14 shows, for the points presented above,
the in-cylinder F/A eq. ratio during the tests. This one has been much higher
than the apparent F/A eq. ratio, even reaching rich values at Point 4000@25.
So, it can be stated that the engine cannot be further operated in lean mixtures
beyond certain load degrees.
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Figure 6.14. Evolution of the in-cylinder richness with the load increase for di�erent
equivalence ratios.
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Figure 6.15. Evolution of the IGR ratio with the load increase for di�erent
equivalence ratios.

Theoretically, the IGR ratio decreases with the increase of the intake
pressure, and so it would be expected that, at very high load, the residual gases
would be completely swept away. However, since the scavenging process is not
perfect, there is always a remaining IGR ratio (a lower limit or threshold). This
e�ect can be observed in Figure 6.15, where the IGR ratio is seen to stabilize
and does not go down anymore, even though the intake pressure continues to
increase with the load.

Therefore, when the engine load is increased, in order to avoid the knock
derived from the increase of Frcyl (caused by the drop in TR indicated above),
which increases the mixture reactivity, the most straightforward solution is to
delay the combustion retarding the spark timing, to have lower pressures and
temperatures during the combustion process. As widely known, the IMEP is
reduced when the combustion is retarded, and the increase in the output power
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obtained is lower than expected, since the energy of the fuel introduced in the
cylinder cannot be used properly (see Figure 6.16).

0

10

20

30

40

50

-10 10 30 50 70

HR
R 

[J/
º]

Crank angle [ºCA]

0

200

400

600

800

1000

1200

-10 10 30 50 70

HR
L 

[J]
Crank angle [ºCA]

4000@17

4000@21

4000@25

Figure 6.16. HRR (left) and HRL (right) for the di�erent tested loads.

The small increase in the IMEP obtained, due to the drop in engine
e�ciency, is even more pronounced if the BMEP is analyzed, since within
the IMEP, the energy required by the compressor is not taken into account.
If this energy consumption is taken into account (this is done in the BMEP
parameter, shown in Figure 6.17, to the right), it can be seen how for Point
4000@21, with a Fr of 0.6, the e�ective engine power has even dropped despite
of the �hopefully� higher load degree. This is because the compressor requires
more extra-energy to move the intake gases than the one obtained in the engine
shaft from the increase in fuel mass.
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A possible solution to mitigate this problem may be to increase the exhaust
pressure in order to decrease the pressure di�erence between the intake and
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exhaust. In this way the trapping ratio could be improved by retaining more
fresh air, thanks to the increase of the in-cylinder charge density. To evaluate
this hypothesis, some tests have been carried out at Point 2000@17, where the
exhaust pressure has been increased, to see its e�ect on the engine behavior.
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Figure 6.18. E�ect of the exhaust pressure increase at Point 2000@17. Left -
measured exhaust pressures for an apparent F/A eq. ratio variation. Right - IGR
ratios for the tests shown on the left.

The results of the exhaust pressure increase study show that it is not a
particularly good strategy to trap more air mass in the cylinder. The problem
found is that the increase in charge density is applied equally to the fresh gases
and to the IGR (see Figure 6.18). Therefore, the total trapped mass can be
increased, but the mass of residual gases are also increased, since their exit
through the exhaust is hindered. Finally, the combination of a greater amount
of IGR together with higher pressures in the cylinder (for the residual gases,
the higher the pressure, the higher the temperature), signi�cantly increase the
MAPO values for the same CA50 (see Figure 6.19).

Medium loads

In this subsection, the engine is operated in Region II of the presented
engine map in Section 5.2, page 150. This zone is a medium-load region,
where the engine can be operated in SI or CAI conditions. Along this section,
only the SI operation in this region will be analyzed.

With the decrease of the load degree, the dilution of the mixture
with residual gases is gradually increased, since the scavenging process is
progressively worsened, and this causes a loss in combustion stability and
engine performance. In order to illustrate this e�ect, some results from an
apparent A/F eq. ratio variation on Point 2000@5 are shown.
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Figure 6.19. MAPO (left) and CA50 (right) values for di�erent exhaust pressures
during an apparent F/A eq. ratio variation at Point 2000@17.

For this load degree, as can be seen in Figure 6.20, the trapping ratio
values are very high, since a smaller amount of air is being introduced into the
cylinder compared to higher loads. Due to this small amount of fresh air, the
sweep of residual gases inside the cylinder is not complete and, therefore, for
these tests, the IGR ratio is in the range of 50% to 70%, depending on the
equivalence ratio.
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Figure 6.20. Trapping and IGR ratios for an apparent F/A eq. ratio variation at
Point 2000@5.

In this situation, if a low operating equivalence ratio is chosen in order to
sweep as many residuals as possible and decrease the charge temperature,
the resulting mixture is extremely diluted both by fresh air and residual
gases. Therefore, the combustion rate will be very low and the combustion
stability will be worsened (this is a common problem in 2S engines operated
at partial loads). On the contrary, if the equivalence ratio is increased close to
the stoichiometric values, the IGR ratio is very high, and therefore the high
temperature of the in-cylinder charge promotes its auto-ignition, thus making
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it di�cult to operate the engine as an SI. The change in combustion nature
can be easily seen in a graph where the HRR's of the di�erent equivalence
ratios are represented (see Figure 6.21). These HRR's curves change with the
increase in Fr from a slow and spark plug-governed combustion, to a very fast
combustion, where its onset depends on the auto-ignition process. During these
tests, the spark timing was �xed at 40o BTDC and left constant throughout
the Fr variation.

For the lower Frapp's (0.5 and 0.6), the start of the combustion is initiated
by the spark. The HRR's start a bit later than 40o BTDC and, at the
same time, after that, the combustion progresses in a slower way (which is
characteristic of lean SI combustion). However, with the increase of Fr, the
control over the start of combustion is lost, as can be seen in the �gure: the
di�erent tests ignite at positions far from the spark timing, and the combustion
onset is even di�erent among them. This indicates that the ignition procedure
is now governed by a mechanism di�erent from the spark.
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Figure 6.21. HRR laws for an apparent F/A eq. ratio variation at Point 2000@5.

Along the current subsection, it has been stated that the progressive
decrease of the load degree results in an increase of the charge dilution that
leads to a loss on combustion stability and a lower combustion speed. To
support this statement, some measured cylinder pressures at Point 4000@5
are presented in Figure 6.22. These cycles show to be very variable, and the
corresponding HRR's are very slow, taking around 15o CA to burn between 25
and 75% of the HRL, and 46o CA to burn between 10% and 90% of the HRL.
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Figure 6.22. Pressure signals and HRR laws for the test Frapp=0.6 at Point 2000@5.

Low loads

The lower loads in this engine represent Region IV of the engine map
(Figure 5.1, page 150). In this situation, the engine also needs to be operated
in SI mode, since the decrease in IGR temperature and the small amount of air
mass introduced inside the engine make it impossible to reach enough reactivity
to sustain an autoignition process. Among the points contained in this region,
the point at idle conditions probably has the highest interest, not only because
it is the point with the lowest engine load, but also because a considerable part
of the time during real operation, the engine will be working at idle conditions.
An idle point would be an operating point where the engine is turning at a low
speed, around 1000 rpm, and with the amount of fuel injected just required
to compensate the mechanical losses and keep the engine running at constant
speed (this is the de�ned Point 1000@2).

Knowing that the load decrease worsens the performance of the engine, an
interesting strategy taking advantage of the fact that the 2S engine performs
twice as many combustions as a four-stroke engine, would be to decrease the
engine speed3 in order to increase the equivalent load degree per cylinder and
cycle. In this way, the scavenging process could be improved and, together
with this, also the engine performance.

To evaluate this hypothesis, two operating points are de�ned: Point
1000@2, and the alternative Point, which will be operated at 500 rpm with
the same fuel �ow (500@4). The way to assess the suitability of the engine

3As the number of combustions per unit of time is higher, the engine speed could be
decreased without worsening the engine performance compared to a 4S engine.
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operation at these points, has not been based on the evaluation of the brake
speci�c fuel consumption, since the e�ective power is almost zero, and the
values obtained for this parameter do not have much sense (in fact, they tend
to in�nity). The parameter selected for the assessment has been the e�ective
torque (parameter measured directly on the dynamometer for the SCE), since
for the same fuel �ow in both points, a higher value in the torque will imply a
better engine e�ciency, as well as a possible reduction in the fuel required to
maintain the idle speed.
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Figure 6.23. Results of the di�erent torque, combustion phasing, combustion stability
and combustion e�ciency for the two idle points tested.

The results presented in Figure 6.23 show that the torque is higher for Point
500@4, and although the combustion e�ciency is identical for both points, the
combustion position and the combustion stability are much better.

This higher torque value is mainly caused by two factors: on the one hand,
because the mechanical losses of the engine are reduced with the lower engine
speed and, on the other hand, because the combustion at Point 1000@2 is over
advanced (CA50=-2.3o ATCD), whereas it is better positioned at Point 500@4
(CA50=6.95o ATDC). Figure 6.24 shows some additional evidence about the
combustion positioning in these tests. In the HRR graph, the over advance
to achieve a stable combustion in Point 1000@2 forces all the combustion
process to be developed before TDC. This means that an extra work during
the compression stroke needs to be performed, and therefore the e�ciency
will be lower. On the contrary, at Point 500@4, this over advance to get a
stable combustion is not necessary, and an improvement in engine e�ciency is
achieved.
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Figure 6.24. Pressure signal and HRR laws for Points 1000@2 and 500@4.

6.2.2 Controlled autoignition

This mode of operation, as reviewed in detail in Chapter 2, is framed within
the low temperature combustion (LTC) modes. In this case, the combustion is
developed by the generalized autoignition of a previously homogenized mixture.
The single �ame front originated by the spark plug no longer progresses through
the entire combustion chamber, as is the case of the SI operation. This
di�erence in the combustion development of this other operating mode o�ers
some advantages in terms of e�ciency and pollutant emissions. These bene�ts
will be experimentally analyzed through the study of the necessary strategies
for its implementation in the engine, as well as through the analysis of the
results obtained.

The CAI operation has been limited to the low-load region in SI engines,
since the increase in engine load rapidly causes an excessive increase in the
pressure gradients generated by the fast combustion of the fuel, resulting in
a combustion mode extremely di�cult to control. Based on this information,
the regions where the operation in CAI has been studied are those at low
loads, which are typically, in 2S engines, the worst in terms of e�ciency. For
this reason, this type of combustion is of great interest in the context of these
engines. Subsequently, since one of the major problems of this combustion
mode is the reduced operating window, the use of EGR as a tool to control the
excessive reactivity when the engine is operated in CAI conditions at higher
loads will be studied. This strategy will allow the extension of the maximum
achievable load.
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6.2.2.1 SI - CAI comparison

The CAI operation presents important di�erences with respect to the
operation of the engine in SI conditions. Firstly, the mixture is no longer
ignited through the action of the spark plug. Instead, this one ignites
when the pressure and temperature reach the autoignition conditions. And,
secondly, the combustion progression does not develop in the same way: under
CAI conditions the in-cylinder charge burns from multiple points distributed
through the combustion chamber [3].

The best way to compare these two combustion modes will be through
the analysis of the results of an operating point placed on Region II, since in
this region the engine can be operated in both combustion modes. The point
selected for this comparison is Point 2000@5, which has been operated under
SI conditions (Fr=0.5) and CAI conditions (Fr=0.9), by means of a variation
of the mixture reactivity through the Fr modi�cation. The �rst signi�cant
di�erence can be seen in the development of pressure cycles and combustion
laws (Figure 6.25). Firstly, the pressure cycles are much more repetitive when
operated under CAI conditions; and, secondly, the HRR's indicate that the
combustion rates have been higher and more homogeneous.

The (average) combustion duration (in both cases taken as the CA75-CA25
value) has been signi�cantly reduced, from 18.6o for the SI case to 7.27o in the
CAI case. Additionally, no mis�res or cycles with abnormal combustion can
be seen among the recorded data for the CAI case.

If the results of both tests are further examined (see Figure 6.26), it can
be found that, �rstly, the IGR ratio has been increased from 48% to 65%.
This change, added to the Fr increase, results in an enhancement of the charge
reactivity, su�cient to promote the fuel autoignition without the need for a
spark plug. Thanks to this change, the combustion stability has improved by
76% with respect to the SI conditions. Regarding the combustion position,
it has been delayed in the CAI mode, since during the SI operation it was
necessary to over advance the spark timing in order to maintain a stable
combustion process, due to the extremely high charge dilution. These changes
have resulted in an improvement of the speci�c fuel consumption of 7.8%, 4.2%
in combustion e�ciency, and 5.7% in indicated e�ciency. Finally, in terms of
pollutant emissions: NOx have virtually disappeared (reduction of 84%), the
smoke emissions (already low when working with homogenized mixtures) have
been reduced by 44%, and CO and HC emissions have been reduced by 34%
and 38%, respectively, thanks to the improved combustion e�ciency.
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Figure 6.25. Pressure traces and HRR laws for two tests at Point 2000@5 with a
Frapp of 0.5 (SI combustion) and 0.9 (CAI combustion), respectively.

As it has been shown, all these changes imply some advantages over SI
combustion:

• The autoignition process has proven to be more stable, avoiding the
combustion variability generated by (1) the �ame kernel formation and
development at the spark plug, and (2) the mixture mis�res. In this
particular engine, due to the operation in lean mixtures together with the
signi�cantly high residual rates, CAI operation appears to be a suitable
strategy to improve the engine performance at mid and low loads.

• Higher indicated and combustion e�ciency values. The improvement in
combustion e�ciency allows burning most of the fuel introduced into the
engine. This improvement, together with the better combustion phasing,
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Figure 6.26. Results of the comparison between SI (Frapp=0.5) and CAI (Frapp=0.9)
operation.

leads to an increased indicated e�ciency and therefore this is re�ected
in greater fuel economy.

• Suppression of NOx and smoke emissions (at these operating conditions).
This NOx reduction is extremely important, because it will allow the
engine to keep these emissions below the legal limit without the need for
any speci�c aftertreatment system for this pollutant.

Taking advantage of these fundamental advantages can help to improve the
overall engine results by applying this combustion strategy in the lower part of
the engine map, which, as discussed in the previous section, is a complicated
region for 2S engines.

However, these bene�ts are not unlimited, and they have several
limitations. The �rst and fundamental one is that the desired reactivity cannot
always be available or adjusted properly. The optimal conditions to reach
autoignition are dependent on the temperature and pressure reached before
TDC, and these are a function of Fr, IGR ratio and the e�ective compression
rate of the in-cylinder charge. These parameters depend on the engine load
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and, unfortunately, they cannot always be adjusted as desired. Secondly, this
combustion mode is very sensitive to small changes in the operating conditions
(charge renewal, intake pressure, mixture homogenization, temperatures. . . ).
Therefore, the adjustment of all the operating parameters must be very
precise to avoid variations that worsen the proper and stable combustion
development. And, �nally, working in a combustion mode where combustion
is developed by autoignition, using a high autoignition-resistance fuel, leads
to an operation that is always on the limit between a fast combustion and a
knocking combustion.

6.2.2.2 Key parameters

The CAI ignition mechanism is based on the chemical kinetics for the
fuel autoignition [4]. Therefore, to control the initiation of that autoignition
process, the conditions of the charge must be modi�ed, thus adapting the
reactivity of the mixture to achieve a controlled autoignition process leading
to a complete combustion development without any knocking problem. To
achieve this goal, in Section 5.3 it has been talked about the e�ect of the Fr
and VVT position modi�cation on the scavenging process, and consequently
on the IGR ratios, a fundamental parameter to modulate the temperature of
the in-cylinder charge.
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Figure 6.27. Left - E�ect of the Frapp on the HRR at Point 4000@5. Right -
Evolution of the IGR ratio with the Frapp variation.

The IGR ratio modi�cation changes the reactivity of the charge, modifying,
�rst, the combustion mode and, secondly, once operating under CAI mode, the
way in which combustion develops. Figure 6.27 shows this e�ect by means of
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a Fr variation at Point 4000@5. From the lowest to the highest Fr's, the
combustion process begins to change from a slower combustion controlled by
the spark, to a faster combustion where the control over the charge ignition
by the spark is lost. This transition takes place between Fr=0.7 and Fr=0.8.
Then, from Fr=0.8 on, the SOC is not controlled by the spark anymore, but
by the autoignition process which, in turn, depends on the reactivity of the in-
cylinder charge. Once operating in this Fr range, if Fr (and, therefore, the IGR
ratio, as seen in the graph to the left) continues increasing (both modi�cations
enhance the mixture reactivity), the combustion becomes faster and its onset
takes place earlier.

In Figure 6.28, the temperature of the in-cylinder charge at the angle
30o BTDC is shown. This position has been chosen because (1) it is close
to the end of compression, and (2) the average in-cylinder temperature at
this location is still not signi�cantly a�ected by combustion in all the tests.
This temperature, at a �xed piston position and corresponding to that of the
unburned charge, would be a useful parameter to quantify some aspects of the
mixture reactivity. Despite the Fr increase (by reducing the air supply), which
implies less mass enclosed in the cylinder and slightly higher heat losses, the
in-cylinder temperature increases thanks to the increase of the IGR ratio, thus
demonstrating the enthalpy increase potential of the residual gases. Thanks
to this strategy, high temperatures can be achieved at the end of compression
with a richer Fr, thus making easier the autoignition of the mixture.
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Figure 6.28. Temperature of the in-cylinder charge at 30o BTDC.

Once operating in CAI, the correct modulation of the IGR has a very
important role in getting the engine to work e�ciently. The excess of
reactivity will cause an over advanced combustion that will disrupt the
expected improvements. On the contrary, the lack of reactivity will cause the
drop of the combustion stability. Figure 6.29 shows the results of the BSFC
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and the combustion position for the tests just discussed before. Regions B and
C of the graph are those operated by autoignition, and the best e�ciencies
for the CAI tests are those with lower Fr values since combustion has a better
phasing.
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Figure 6.29. Brake speci�c fuel consumption for the tests presented in Figure 6.27.

VVT e�ect

As explained in Section 5.3, the VVT modi�cation a�ects the scavenging
process in a complementary way compared to the Fr. These modi�cations in
the charge composition can be used for a �ner adjustment of the mixture
reactivity. For example, the Frapp can be kept constant and the mixture
reactivity can be adjusted through the IGR ratio modi�cation. Figure 6.30
shows the e�ect of the VVT modi�cation on the HRR's when Frapp is kept
constant. It can be seen how this variation a�ects the combustion position.
The operating conditions still correspond to Point 4000@5 (mid load). The
advance of the exhaust opening and closing have led to an increase in the
IGR temperature and rate, since the exhaust gases have been less expanded
(thus higher T) and the early exhaust closure retains more residuals inside the
cylinder (thus higher IGR ratio).

Fuel injection

Fuel injection plays a fundamental role homogenizing the fuel in the
cylinder charge. A wrong injection con�guration can lead to a loss in engine
performance and increased emissions. The two parameters to be controlled
in the system installed on this engine are the start of the injection and the
injection duration of the air+fuel mixture (this duration de�nes the amount of
air that accompanies the fuel). The results shown come from Point 2000@4,
a CAI operating point with a load degree slightly lower than that of Point
2000@5, see Fig. 6.31.
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Figure 6.31. Representation of the operating Point 2000@4 on the engine map.

First of all, the e�ect of the SOI modi�cation is going to be analyzed (see
Figure 6.32). This parameter directly in�uences the mixture homogenization,
thus a�ecting the combustion development. Soot emissions are a good �tracer�
of this homogenization (see Figure 6.33), since for the smaller SOI's there is a
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fast increase in these emissions due to a strati�ed combustion of the charge (i.e.
there are more rich regions, which is the key aspect for soot production). With
the increase of the SOI, the fuel homogenization process is improved, and the
charge moves from strati�cation to perfect homogenization. This e�ect can also
be re�ected in the combustion position and duration. The combustion position
tends to be delayed with the initial increase of the SOI, until the SOI=150o is
reached. Beyond this value, the trend is reversed, and combustion tends to be
advanced. Based on this change, two situations can be distinguished. In the
�rst situation, the mixture is strati�ed and the areas with higher local richness
are those that initiate the combustion process, propagating it to the rest of the
charge. Now, with the increase of the SOI, these rich areas start to disappear,
and combustion is delayed until the mixture is completely homogeneous. The
second situation is when the mixture is correctly homogenized. In this other
case, if the SOI is further advanced, the combustion position begins to be also
advanced because the early injection of the fuel allows more time to increase
its temperature, reaching the autoignition conditions earlier.
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Figure 6.32. Combustion performance during a SOI variation.

The combustion duration, despite not presenting a perfect linear trend,
shows a decreasing trend with the increase in SOI, since this duration is
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in�uenced by the quality of the mixture. The better homogenization will be
re�ected on a higher combustion speed, and at the highest SOI's, the rapid
increase in speed due to a homogeneous mixture with a higher temperature
during the combustion.
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Figure 6.33. Evolution of the pollutant emissions during a SOI variation.

On the other hand, the evolution of the combustion stability is linked
to the local reactivity of the mixture. The local rich mixtures improve this
stability, and as these local areas are reduced, the stability is worsened. Once
the mixture is already homogeneous, increasing the fuel residence time in the
cylinder makes this stability to improve thanks to a greater reactivity.

Finally, the e�ciency of the engine is the result of the combination of all the
e�ects described above, and the maximum value will be at the point where the
combustion position is as centered as possible, as faster as possible and with
the best stability. For the particular case under analysis now, this optimum is
reached with the greatest injection advance.

If the emission evolution is examined with the increase in SOI (Figure 6.33),
either NOx, soot and HC are in line with the improvement of the mixture
homogenization. NOx and soot are greatly in�uenced by the strati�cation
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of the mixture, and HC emissions decrease when the combustion is as
homogeneous as possible and when the reactivity of the mixture is maximized.

To analyze the DOI e�ect, there are two possibilities when deciding how
to perform the tests. The �rst option is to keep the SOI constant, assuming
that the end of the injection will change. And the second option is to keep the
end of the injection constant, thus increasing the DOI leaving free the SOI.
The choice of one strategy or the other will change the results obtained in the
test, since the residence time of the fuel in the cylinder will be a�ected. In
this case it was decided that the best criterion was to �x the EOI during the
DOI variation, assuming that from the end of the injection event, the residence
time will be the same for all tests.
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Figure 6.34. Combustion performance during a DOI variation.

The increase of this DOI implies that the fuel will be dispersed in a greater
amount of fresh air during the injection (i.e. the injected air mass will increase).
This e�ect leads to a delayed and slowed down combustion due to the cooling
e�ect on the charge and the higher dispersion of the fuel. The engine e�ciency
and combustion stability values show that there is an optimal DOI for each
operating point, where the dispersion of the mixture and the cooling e�ect due
to the variable amount of air injected are optimal to achieve a stable and well
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positioned combustion (Figure 6.34). This optimal DOI value has also been
mentioned in Chapter 5, where it was linked to an optimum value for the IAR
parameter, which is the ratio between the injected air amount and the total
amount of fresh air enclosed in the cylinder. The results right now presented
about the DOI e�ect are totally consistent with those already presented in the
previous chapter for the IAR.
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Figure 6.35. Evolution of the pollutant emissions during a DOI variation.

Regarding pollutant emissions, the dispersion/homogenization of the
mixture always favors the NOx and Soot emissions reduction, whereas HC
emissions present an optimum DOI value related to the best values of
combustion e�ciency and combustion stability, meaning that the charge is
correctly burned and there are no mis�re events during the engine operation
(see Figure 6.35).

EGR

The application of this strategy replaces the intake air with low pressure
(and temperature) EGR, and therefore the amount of oxygen of the intake
charge is reduced. This implies that the in-cylinder richness will be increased,
but the IGR ratios will be the same, since the sweep of the cylinder is
maintained (see Figure 6.36).
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Figure 6.36. E�ect of the EGR introduction on the in-cylinder richness and the
IGR ratio.
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Figure 6.37. Representation of the operating Point 4000@7 on the engine map.

These cooled exhaust gases will lower the mixture reactivity, which can
be useful during CAI operation to control the knock raise due to the high
combustion rates of some operating points. The results that are going to be
shown in this subsection to analyze the EGR e�ect correspond to an operation
point of Region II, with an approximate IMEP of 3.8 bar (Point 4000@7 shown
in Figure 6.37). This load degree starts to be excessive for the engine operation
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in CAI conditions since the knock starts to be very strong, making it di�cult
to operate at these conditions. Thanks to the EGR introduction, it has been
possible to reduce the knock progressively with the increase of the introduced
rate as can be seen in Figure 6.38.
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Figure 6.38. Evolution of the knock with the EGR rate variation for Point 4000@7.

The knock reduction in the case of EGR introduction does not happen due
to the decrease of the temperature during the compression stroke, but due to
a decrease of the combustion rates thank to the reduction in YO2. This can
be seen in Figure 6.39. The compression temperatures are increased with the
EGR introduction (due to the higher temperature of the IGR gases, which is
closely related to the exhaust temperature, also shown in the �gure, which also
increase with the EGR rate). However, the HRR's show how combustion has
been delayed and the heat release rates are reduced with the increase in EGR
rate, because of the lower reactivity associated to the lower oxygen content.
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However, the use of this strategy has some disadvantages: the increase
of the amount of exhaust gases progressively deteriorates the combustion
e�ciency and tends to increase the σIMEP (see Figure 6.40). Therefore it
is not interesting to apply very high EGR rates to control the heat release
rates during the engine operation.
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Figure 6.40. E�ect of the EGR increase on the combustion e�ciency and the
σIMEP.

Regarding the e�ect of this strategy on pollutant emissions, as can be seen
in Figure 6.41, NOx and soot emissions tend to decrease, both mainly due to
lower combustion temperatures (see Figure 6.40). HC emissions, on the other
hand, remain more constant and follow the trend of combustion e�ciency.
Finally, CO emissions tend to increase due to the lower amount of available
oxygen and the reduction of the combustion temperatures that increase the
time needed for these molecules to get converted in its stable form of CO2.
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Figure 6.41. Emissions values for an EGR variation at Point 4000@7.
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6.2.2.3 CAI operation loads

After presenting the bene�ts of the CAI operation and describing the key
factors to control this combustion on this engine, the following question arises:
which is the region of the engine map where it is possible to work in CAI? To
determine this region, some tests have been carried out in which the mass of
fuel has been progressively increased at 2000 and 4000 rpm. The �gures that
will be presented below show the results obtained at both engine speeds: in
blue the points at 2000 rpm and in red the points at 4000 rpm.

First, Figure 6.42 shows the most signi�cant parameters that have been
considered to analyze the di�erent loads operated on the engine. This �gure
is composed of di�erent graphs that are going to be analyzed one by one:

• The IMEP range through CAI conditions has been in an approximate
range between 1 and 3.5 bar maximum in both regimes. Despite showing
a higher IMEP for 4000 rpm, the knock intensity for that particular test
is too high to be considered as a valid point for the engine operation.

• The indicated e�ciency of these points has been increasing with the
engine load, reaching values of 36% at 2000 rpm and 38% at 4000 rpm
at 3.5 bar IMEP.

• The combustion speed has been increasing with the progressive increase
of the load until the excessive reactivity caused an increase of the
knocking. Beyond these conditions, the need to lower the reactivity
makes that the combustion duration does not continue decreasing. It
has to be noted that, for the lower loads, the duration of the combustion
is considered excessive. Therefore the combustion could be started
by autoignition but, at some moment, it could have continued its
development by means of a �ame front.

• The required IGR ratio has been decreasing with the load increase in
order to keep a controlled reactivity. For the lowest loads, a large
temperature input is necessary, since the enclosed mass is low and during
the compression stroke it does not reach temperatures high enough to
promote the charge autoignition. With the increase of the engine load
and, therefore, the mass enclosed, the necessary IGR ratio gets lower to
reach the autoignition temperatures of the fuel.

• The MAPO, as expected, has been increasing with the load, making
impossible the engine operation in CAI conditions beyond a certain load
degree. In the 4000 rpm tests, a point outside the operating limits has
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Figure 6.42. Load variation on CAI combustion conditions for two di�erent engine
speeds, 2000 rpm (blue) and 4000 rpm (red). Main engine parameters.

been included, where it is observed that the increase of this value is not
progressive. When the control over this parameter is lost, the values
obtained are very high.

• The combustion stability oscillates between acceptable values in these
tests, since the operation in this mode allows little room for variation in
this parameter. When the σIMEP begins to increase, and some mis�res
take place, the loss of the IGR temperature causes the combustion
extinction. The observed behavior during the operation of the engine
indicates that, for low loads, the loss of the IGR temperatures causes a
σIMEP increase until combustion vanishes, and for high loads, the need
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to reduce the mixture reactivity to control the knock causes a situation
where the reactivity is not enough to maintain the autoignition process,
and the engine stops.

Regarding pollutant emissions (see Figure 6.43), NOx and soot emissions
are not as low as theoretically expected, and they show an increasing trend with
the increase in load. This e�ect might be due to the applied measures to control
the combustion that lead to a worse charge homogenization and to a reactivity
out of the optimum values during these tests. On the other hand, HC and CO
emissions show extremely high values at low loads. This can be interpreted
in the following way: at low load, the combustion by autoignition has not
developed in a homogeneous way along the whole charge, and some regions
may change to a �ame front combustion mode due to the poor reactivity. In
this way, the temperature becomes too low towards the end of combustion and
�ame quenching may appear. This interpretation also explains the signi�cantly
long duration of the combustion in these conditions already seen in the previous
�gure.
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Figure 6.43. Load variation on CAI combustion conditions for two di�erent engine
speeds, 2000 rpm (blue) and 4000 rpm(red). Pollutant emissions.
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The results obtained during this load variation can be represented on the
engine map in order to see the CAI region of this engine. This information is
shown in Figure 6.44. It can be seen that this region covers from a very low
load degree (despite not reaching the idle points) up to approximately 35% of
the maximum engine load. This result indicates that quite a large part of the
vehicle's usage time could be operated in CAI conditions. However, it is worth
to note that the engine would be continuously changing between the SI and
CAI modes: every time the vehicle would move from idle conditions, or during
an engine load variation, etc.
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Figure 6.44. Representation of the CAI operable region (yellow area) on the engine
map.

Increase of the CAI operation loads through strategies to control
the mixture reactivity

The EGR addition in premixed combustion has proven to be useful to
control the charge reactivity, helping to reduce knock, as already seen in the
literature review [5] and, subsequently, on the results obtained in this engine
(see Section 5.5). For this reason, its e�ect on CAI combustion has been
analyzed, and this analysis has been included in the previous subsection. EGR
has shown to be a very useful tool to control the high combustion rates during
the engine operation that cause an increase of the knock level and hinder the
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engine operation at high loads. This strategy is therefore interesting to try to
increase the maximum achievable load degree in CAI conditions.

In order to analyze the potential of this strategy and the potential
enlargement of the maximum achievable load limit in CAI conditions, the
previous tests have been completed including now EGR as a strategy to
continue with the load increase. In this case, only the results obtained at
4000 rpm are shown in Figure 6.45, since the trends obtained were the same
for both engine speeds. The points operated without EGR are represented in
blue, whereas the new points obtained when using EGR are shown in red.

• The maximum load degree has been increased up to values of around
5 bar IMEP, which represents an increase of approximately 30%
compared to the engine operation without EGR.

• It has been possible to control the knock in a higher load range. The
point presented with an injected mass of 8 mg/stk without EGR had an
excessive MAPO of 10 bar. Thanks to the use of EGR, the MAPO has
been reduced to allowable values for this engine (4 bar).

• The combustion duration has changed its decreasing trend with the EGR
introduction since it is necessary to reduce the high heat release rates in
order to continue operating the engine.

• The σIMEP while operating in CAI conditions is always kept below
the maximum operability limits (otherwise the combustion extinguishes).
However, with the increase of the EGR rates, the reactivity of the charge
is decreased, thus increasing the σIMEP and causing the stop of the
engine with higher EGR rate.

• The IGR ratio has remained approximately constant at these points and
has not been further reduced since in that case the mixture could not be
autoignited. This is because the air mass was reduced when EGR was
introduced (i.e. the EGR displaced the air), thus leading to a higher in-
cylinder richness, which partly compensates the loss of mixture reactivity.

• Regarding the indicated e�ciency, it can be seen how the use of the EGR
has deteriorated slightly this value since the combustion slows down and
is delayed. Therefore the heat release is not optimal in order to maximize
fuel e�ciency.

The pollutant emissions during these tests (see Fig. 6.46) show that
NOx and soot are still present in combustion. However, in view of the trends,
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Figure 6.45. Load variation on CAI combustion conditions with (red) and without
EGR (blue). Main engine parameters.

they have stopped increasing and have been controlled thanks to EGR, which
causes a decrease in combustion temperatures. As for HC and CO emissions,
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Figure 6.46. Load variation on CAI combustion conditions with (red) and without
EGR (blue). Pollutant emissions.

they show an upward trend with the use of EGR, since the quality of the
mixture is worsened and the in-cylinder richness is increased.

Finally, the engine map obtained with the EGR inclusion to extend the
maximum loads is shown in Figure 6.47. The upper limit has been increased
from 3.5 to 5 bar IMEP (remember that this value in a two-stroke engine is
twice if compared to a four-stroke). The result of this strategy has led to a
larger CAI region on the engine map. In view of this improvement, EGR is
demonstrated to be a valid strategy to try to extend the operational limits in
CAI conditions, giving a solution to the typical problem of this combustion
mode: its restriction to low loads.

6.2.3 Hybrid modes, CAISI

In a CAI engine, normally both the SI and CAI combustion modes can be
operated, since the main di�erence when working in these combustion modes
is essentially the reactivity of the in-cylinder charge during the compression



6.2. Experimental study of the di�. combustion regions in the engine 241

0 1000 2000 3000 4000 5000
N [rpm]

0

2

4

6

8

10

IM
EP

 [b
ar

]

3

2b 2a

1

44

2000@17

1000@2 2500@3

2000@5 4000@5

Figure 6.47. Representation of the CAI operable region without EGR (yellow area)
and with EGR (green area) on the engine map.

stroke. Therefore, by adjusting this reactivity, the combustion mode can be
varied between SI and CAI, or vice versa, during its operation [6].

The transition point from SI to CAI mode occurs when the reactivity of the
charge is su�ciently high to sustain a stable autoignition process in the engine
without any assistance from the spark plug. However, just before this limit,
the in-cylinder charge is not able to autoignite with the existing conditions in
the cylinder, but only a small external energy supply is su�cient to trigger the
autoignition process of the charge [7]. In these engines, this extra-energy supply
can be provided by (1) the spark plug and (2) the subsequent development of
a combustion kernel that will cause an increase in pressure and temperature
in the combustion chamber during the combustion development [8]. Under
these conditions, there is a hybrid combustion mode, placed between the SI
and CAI modes, in which a small part of the mixture is ignited by the spark
plug and, later on, the combustion quickly starts to develop by autoignition,
which is promoted thanks to this extra energy. This operation mode can be
found referred with di�erent names. However, the most common one seems
to be CAISI/SACI (Controlled Auto-Ignition Spark Ignited/Spark Assisted
Compression Ignition) [6, 7] and, unlike the CAI combustion mode, the main
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advantage of operating in this other mode is the greater control on the charge
ignition thanks to the action of the spark plug.
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Figure 6.48. Apparent F/A eq. ratio variation at Point 2000@5.

Point 2000@5 is a good example of this peculiar combustion mode, since the
optimum settings for this point are reached when operating in hybrid mode. In
order to show the di�erences between these combustion modes, the optimum
operating con�guration of this point has been chosen, and from this one,
the apparent F/A equivalence ratio has been modi�ed to change from hybrid
combustion to CAI and SI conditions. The results are shown in Figure 6.48.
The highlighted Frapp=0.8 case corresponds to the hybrid operating point.
From this point, with the lowering of the Fr, the combustion has changed to
a �ame front controlled combustion, whereas with the increase of the Fr, the
combustion has been fully developed by autoignition. For the SI tests, the heat
release rates have decreased due to the change in the combustion mode, since
the �ame front has to progress in a highly diluted charge. On the contrary, in
the CAI mode, the charge is autoignited too early due to an excessive mixture
reactivity, and the heat release rates are much faster. As can be seen, in the
hybrid mode case, the combustion onset is smoother compared to the CAI
mode cases, and the �nal heat release rates during combustion are high, but
do not reach the values of these other cases where CAI combustion takes place
from the beginning.

Figure 6.49 is a �gure that goes in line with Figure 6.25 (page 221), already
presented in Section 6.2.2.1. In this last �gure, the pressure cycles measured
and the calculated HRR laws were shown for a SI and a CAI point. In
the current �gure, however, the same information but for a CAISI point is
presented. This point is more similar to a CAI test, since the combustion
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Figure 6.49. Representation of the measured pressures during CAISI operation and
their respective calculated HRR's.

stability is high and similar to the CAI conditions. However, the fact of starting
the combustion with the spark plug provides the characteristic variability in
the ignition process of this mechanism, since this process is always subject to
a certain degree of randomness due to the e�ect of the turbulence in the region
located between the electrodes. This e�ect can be easily seen on the HRR
graph as there is a high dispersion on the di�erent cycle's positions if this test
is compared with the CAI example.

The results obtained from these tests (Figure 6.50) con�rm that the best
values for brake speci�c fuel consumption and indicated e�ciencies are for
the point operated in this combustion mode. This is due to several reasons:
positioning, temperatures, stability and combustion e�ciency.

• This combustion mode allows operating in CAI-like conditions with
slightly leaner Fr values and lower IGR ratios, which is translated into
lower combustion temperatures and, therefore, less heat losses.

• As it can be seen in the graph showing the combustion position, the
SI tests are too delayed and, on the contrary, the change to a CAI
combustion mode causes an excessive combustion advance due to the
high reactivity of the mixture.

• The combustion stability at this point is very similar to that of a CAI
point. After all, the combustion ends as a CAI. In this case, it should be
noted that, starting from the CAISI point, the Fr modi�cation in order
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Figure 6.50. Apparent F/A eq. ratio variation at Point 2000@5. Main engine
parameters.

to obtain either SI or CAI points, with the same engine con�guration,
is not the optimum strategy. The SI points, for instance, have resulted
very unstable, most probably because the optimal VVT for this point is
not the best option for SI operation.

• The combustion e�ciency has been greatly improved, since in this range
of load degrees the IGR ratios are very high and the in-cylinder richness
values very low. Therefore the SI combustion e�ciency at these points
has very low values since there will be many regions of the mixture below
the �ammability limits.

In terms of pollutant emissions (see Figure 6.51) the Frapp=0.8 has shown
as being the optimum compromise. NOx and soot are minimal because
the combustion process takes place with higher dilution and lower charge
temperature compared to stoichiometric conditions, and the HC and CO
emissions are also low due to the high combustion e�ciency achieved, because
the charge has burned mainly by autoignition. Once the characteristics of this
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Figure 6.51. Apparent F/A eq. ratio variation at Point 2000@5. Pollutant
emissions.

mode have been seen, it can be stated that this particular way of burning
the fuel represents an engine operating way in between the two combustion
modes: on the one hand, the combustion is initiated by the spark plug, which
gives a greater control of the combustion position and gives the possibility
to operate with charges with a lower reactivity; and, on the other hand, the
bulk of the combustion develops by autoignition, obtaining the advantages of
the two operation modes. However, this type of combustion is di�cult to be
achieved in this engine at di�erent loads, since such a precise adjustment of the
mixture reactivity, so close to the autoignition threshold, is often problematic.
And, additionally, sometimes these conditions where CAISI can be operated
result being so narrow that it is impossible to operate in this combustion
mode. The region of this engine where this mode is most easily attainable is
Region II, where the engine can be operated in CAI and SI modes. Particularly
this mode is interesting when the combustion position of the CAI operating
points is outside what would be considered an optimal position, since by this
way the combustion position can be moved without losing the bene�ts of CAI
operation. Finally, it should be underlined that the fact of working with the
spark activated makes it possible to avoid sometimes erratic mis�res.

6.3 Analytical approach to the di�erent combustion

modes

The SI combustion is going to be deeper analyzed decomposing the
experimental HRR's and searching for the basic evolution of the �ame front
in di�erent combustion conditions. The goal of this analysis is to be able
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to characterize the �ideal� SI combustion for this engine, getting a valuable
information to be used later for the analysis of the di�erent combustion cycles,
so as to have a deeper understanding of the di�erent agents a�ecting the
combustion development. Once the SI combustion details would have been
studied, the CAI combustion could be also analyzed with the same approach,
in order to search for the di�erences on the combustion evolution and, if
possible, de�ne a methodology to di�erentiate both combustion modes during
the experimental data processing.

6.3.1 Fundamentals of the analysis

Before starting with the combustion analysis proposed in this work, the
necessary data has to be re�ned, adapted, or even calculated in some cases,
from the available measured data.

Processing of the di�erent individual cycles of each test

This analysis takes each measured cycle separately. So the necessary initial
data has to be individualized. The start of the processing methodology requires
the pressure data, the calculated HRL and the mass �ows of all the di�erent
gases (and fuel) inside the engine. For this purpose, the methodology described
in Section 5.6, de�ned to analyze the tests cycle by cycle, is used to calculate
the necessary individualized data from each test.

HRL re�nement

The heat release laws present inaccuracies in some cases. These ones come
from di�erent origins, as disturbances on the pressure signals or deviations
due to the di�culties to estimate accurately the trapped mass and the initial
conditions of the cylinder charge at the beginning of the cycle. To solve these
problems, the pressure signal is �ltered and the e�ect of those disturbances is
easily removed. However, the deviations in the estimated trapped mass are
more complicated to be solved, and this problem worsens with the decrease in
engine load, since the relative errors increase. This problem can be observed
in Figure 6.52, where the HRL curve presents a signi�cant slope, both during
the compression stroke, and at the end of the expansion stroke. These slopes
cannot be real, and lead to wrong calculations when the HRL is processed.
To solve this problem, these slopes are removed, and the HRL is correctly
placed on the vertical axis4. The details about how this correction process is
performed are given in Appendix 6.B.

4The small step observed at the end of the re�ned law in considered a residual variation
caused by the de�nition of the new EOC.
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Figure 6.52. Original vs. processed HRL.

The correction of the �nal part of the HRL presents some di�culties, since
the determination of the exact inclination to remove from the HRL end and
the exact point when the combustion is �nished is not easy to �nd. To check
if the estimation has been correct, the representation of the HRR vs the HRL
can be examined (see Figure 6.53).
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Figure 6.53. Left - Bad estimation of the HRL end. Right - Correction of this
problem.

In this plot the combustion laws of each cycle are represented, and in blue
dots the average of all those cycles. The start and the end of the HRR should
cross the HRL axis on the values 0 and 1, as shown in Figure 6.53 on the



248 6. The di�erent operable combustion modes in the engine used

right. If this representation shows a case like the one shown on the left of this
�gure, this means that the end of the HRL is poorly estimated (the end of the
combustion is earlier than estimated) and the residual inclination of the �nal
part has to be removed in order to remove this error.

Instantaneous temperatures

During the analysis of the combustion it is necessary to know the
instantaneous conditions of the two regions in the combustion chamber (burned
and unburned regions). This calculation is performed through the pressure
signals and the estimated instantaneous composition of the in-cylinder charge.

First, the mean in-cylinder temperature (Tavg) is calculated by means of
the equation of state for ideal gases (Eq. 6.1) . In this equation, pcyl is the
cylinder pressure, V is the instantaneous volume of the combustion chamber,
R is the constant for the particular gas trapped in the cylinder (estimated from
the in-cylinder composition), and m is the trapped mass evolution during the
cycle (it changes slightly due to blow-by losses). This estimated temperature
will be used later to estimate the temperatures of the burned and unburned
regions during the combustion process.

Tavg � pcyl � V
R �m rKs (6.1)

The temperature in the unburned region (Tub) is considered to be equal
to the average in-cylinder temperature during the period before the SOC, and
after this point, it is estimated as an adiabatic compression process of the
unburned gases caused by the expansion of the burned mass generated during
the combustion process, as illustrated in Eqs. 6.2 and 6.3, where gamma is
calculated at the instantaneous temperature and composition of the unburned
gas.

If IV C   α   SOC, Tubpαq � Tavgpαq rKs (6.2)

If α ¡ SOC, Tubpiq � Tubpi� 1q � pcylpiq
pcylpi� 1q

γcyl � 1

γcyl rKs (6.3)
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Once this temperature is estimated, the density of the unburned mixture
(ρub) can be deduced, as shown in Eq. 6.4:

ρub � pcyl
R � Tub rkg{m

3s (6.4)

Finally the burned region temperature (Tb) is estimated, from the start of
combustion, as an enthalpy balance between the unburned region temperature
and the mean temperature during the combustion process, as shown in Eq. 6.5.
The di�erent cp values are estimated from the composition and instantaneous
temperatures for the in-cylinder charge (cpcyl) and the burnt gases (cpexh), and
the HRL represents the fraction of mass burned at each instant.

Tb �
ppcpcyl � p1�HRLq � cpexh �HRLq � Tavgq � pp1�HRLq � Tub � cpcylq

cpexh �HRL
rKs
(6.5)
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Figure 6.54. Example of the calculated temperatures for Point 2000@17. The
blue color represents the spatially averaged temperature, the green color the unburned
temperature and the red color the burned temperature.

Finally, with all these calculations the di�erent temperatures and densities
of the two di�erent regions during the combustion can be estimated. An
example of some of the results obtained is shown in Figure 6.54.
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6.3.2 Analysis

Now, the HRR is going to be decomposed, in order to subtract the di�erent
e�ects a�ecting this heat release and, thus, go deeper in the analysis of the
di�erent parameters of the combustion development. In this way the results
of di�erent tests performed in the engine could be compared despite having
di�erent settings.

This process can be separated in di�erent steps, described below.

1st step: HRRmf rg{ss � HRR rJ{ss{LHV rkJ{kgs (6.6)

In the �rst step the e�ect of the fuel is removed from the HRR, as shown
in Eq. 6.6, where the HRR is divided by the Low Heating Value (LHV) of
the fuel. The result is a mass �ow rate, indicative of the fuel burned at each
instant (HRRmf).

2nd step: HRRmsq rg{ss �

HRRmf rg{ss � p1� p1{FstO2 r�s � Y O2cyl r�s � Frcyl r�sqq (6.7)

With this mass �ow rate of burned fuel, the mass �ow rate of unburned
mass (i.e. the mass �ow rate going through the �ame front) can be determined
(HRRmsq). It is important to distinguish the HRRmf from the HRRmsq, since
this last parameter takes into account the amount of gases mixed with the fuel,
modifying the �rst parameter as a function of the in-cylinder F/A eq. ratio,
the dilution of the charge (YO2cyl), and the oxygen required in a stoichiometric
combustion (FstO2).

3rd step: AS rm3{ss � pHRRmsq{1000q rkg{ss{ρub rkg{m3s (6.8)

If this last mass �ow rate is divided by the density of the unburned mixture
(ρub), the AS parameter is obtained. This parameter is representative of the
�ame front surface during the combustion (A) and the speed of this combustion
(S). Once this value is obtained, two hypotheses can be considered in the
context of turbulent premixed �ames to continue with the analysis:
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The �rst one considers the area (A) as an e�ective area (Aeff ) of the
�ame front and the combustion speed (S) as the laminar combustion speed for
those conditions (SL). With this assumption, the e�ective area is the result of
a �theoretical� area developed in quiescent conditions (Ageo), i.e. a smooth
surface, which is later wrinkled by the in-cylinder charge turbulence (the
surface increase factor is taken as k), increasing its area to make it equivalent
to the �ame front e�ective surface. Finally, this area is multiplied by the
laminar combustion speed, since each area di�erential is assumed to progress
under laminar conditions, see Eq. 6.9.

Aeff � SL � Ageo � k � SL (6.9)

The second consideration takes the area (A) as the theoretical area
developed in quiescent conditions (Ageo) and the speed (S) as an equivalent
speed (Sb), adding the turbulent e�ect to the laminar combustion speed. In
this way the result is basically the same, even if now the turbulence e�ect is
associated to the modi�cation of the combustion speed, as shown in Eq. 6.10.

Ageo � Sb � Ageo � k � SL (6.10)

Finally, it is observed that both considerations lead to the same equation.
In this equation, a term (k) appears, associated to the turbulence, which
increases the rate of heat release. This term is often called FSR (Flame Speed
Ratio), and is related to the internal movements of the charge, which are
a�ected by the geometry, the scavenging process and the engine speed, among
others, wrinkling the surface of the �ame front (or a�ecting the combustion
speed). If the �rst proposed Equation 6.9 is taken into account, when the AS
parameter is divided by SL, the resulting parameter will be Aeff .

4th step: FSRA ra.u.s � AS rm3{ss{pSL{100q ra.u.s (6.11)

Dividing AS by the SL calculated for the instantaneous in-cylinder
conditions, the parameter FSRA is obtained, which is representative of the
e�ective area at each instant of the combustion process.

For this step (#4), it is necessary to de�ne how to determine the laminar
combustion speed as a function of the di�erent conditions that may be
present in the cylinder during the engine operation. If the literature is
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reviewed, Metghalchi and Keck [9] worked on the de�nition of the laminar
combustion speeds for methanol, isooctane and indolene at di�erent pressures
and temperatures (Eq. 6.12). These combustion speeds are based on the
correction of a known value of SL for some given conditions taken as a reference.
Later, Rhodes and Keck [10] de�ned an improved correlation for the standard
gasoline, basing their work on the equation already proposed by Metghalchi.

SL � SLref
� pTub{Tref qk1 � pp{pref qk2 rcm{ss (6.12)

where k1 and k2 are de�ned for each fuel, and depend on the F/A equivalence
ratio, as shown in Table 6.1.

Fuel k1 k2

Isooctane 2.18� 0.8 � pFr � 1q �0.16� 0.22pFr � 1q
Gasoline 2.4� 0.27 � Fr3.51 �0.357� 0.14 � Fr2.77

Table 6.1. De�nition of k1 and k2 for isooctane and gasoline [9, 10].

This equation was expanded in order to take into account the addition of
residual gases to the charge [9]. For this purpose, an extra term related to the
mixture dilution was added, as illustrated in Eq. 6.13.

SL � SLref
� pTub{Tref qk1 � pp{pref qk2 � p1� 2.1 � Ydilq rcm{ss (6.13)

This equation is reliable as long as the combustion conditions are within
the de�ned range of use. To obtain the above equation, a relatively narrow
range of F/A equivalence ratios was used. Consequently, the Fr valid range
for the equation is very close to the stoichiometric conditions, and the values
obtained when the calculation is out of this range are not reliable. The
operating range of this engine, as already seen before, always present a
signi�cantly high dilution degree of the mixture, either with air (lean mixtures)
or with residual gases (IGR or EGR). Therefore, knowing the limitations of
the formulations proposed by Metghalchi and Keck, in the present work an
alternative formulation for the laminar combustion speed estimation is going
to be obtained and proposed, speci�cally adapted to this engine. The proposal
is the following:
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As it can be observed, the proposed equation is based on the one already
proposed by Metghalchi. It depends on a prede�ned combustion speed value
at some given conditions taken as a reference. From this point, the combustion
speed will be modi�ed according to the current temperature, pressure, oxygen
concentration and apparent F/A equivalence ratio. However, in Eq. 6.14,
the e�ect of each parameter is isolated from the others, i.e. each term
in the equation depends on only one parameter (the exponents a and b,
for instance, now are constants, and do not depend on Fr, as proposed by
Metghalchi). Besides, the function considered for each parameter is de�ned
based on its already known theoretical in�uence over the combustion speed
(see Figure 6.55). The selection/de�nition of each function is justi�ed in the
following paragraph.
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Figure 6.55. Functions for each parameter of the combustion speed equation.

The functions for temperature and pressure are essentially the same as
those proposed by Metghalchi, only modifying the exponent: now they
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are constant, whereas Metghalchi proposed a function of Fr. The major
modi�cations in the proposed equation concern the e�ect of Fr and Ydil, with
the intention to make more �exible, reliable and �physical� their e�ect. The
in�uence of the mixture dilution with residual gases has been de�ned as a
power law of the oxygen mass fraction (YO2), relative to the atmospheric
oxygen content. In this case, the choice of the exponent determines the �nal
in�uence of YO2 on the combustion speed. It is worth noting that the function
proposed here to take into account the e�ect of YO2 is more suitable than that
originally introduced by Metghalchi (Eq. 6.13), as illustrated in the bottom-
left plot in Figure 6.55, where this last function provides negative values for
oxygen mass fractions below 0.12. Finally, the Fr in�uence has been de�ned
as a Gaussian function. This bell-shape function has been considered because
of its consistency with experimental observations (e.g. Heywood [11]). The
position of the maximum, as well as the width of the �bell� can be adjusted
with the constants m and d. All the constants that need to be determined in
Eq. 6.14 will be �tted based on experimental data taken from the engine used
for this research. Details about the �tting methodology will be given in the
following paragraphs.

Regarding the reference values appearing in the equation, the following
choices have been done: for the SLref

, a unitary value will be considered,
and for pref and Tref 298 K and 1 bar, respectively. This means that the
correlation of the laminar combustion speed will not provide any physical value
in absolute terms. Nevertheless, since the interest of this equation at this
stage of the analysis is to evaluate the relative deviation between the di�erent
processed tests, the choice of an arbitrary value for SLref

does not introduce
any particular e�ect, because it is a constant value for all the considered cases.
Therefore, if all the data used for the comparison is processed with the same
methodology, there won't be any particular error during this comparison.

The methodology to determine the di�erent parameters of the equation
proposed for the SL calculation (i.e. the constants a, b, c, d, and m) is based
on the analysis and optimization of a given group of tests, carefully selected,
that are considered to have been totally burnt by a �ame front (with this
engine this is a very important and critical point, since total or partial CAI
combustion can be found in some operating regions). The chosen points are
mainly high load operating points, because in those conditions it's impossible
to operate the engine by autoignition, and if this phenomenon occurs, it will
be easily detected, since knock will appear. Besides, in this �rst phase of the
analysis, the di�erent tests have been chosen with the same engine speed and
a similar load degree, to ensure that the FSR value should be equivalent for all
of them. Once an appropriate group of tests at di�erent conditions of Fr and
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YO2 has been selected, the equation is tested for multiple combinations of the
parameters. In each iteration, a combination is chosen and applied to calculate
the di�erent laminar combustion speeds, and with that, the FSRA values are
calculated for each cycle of the selected tests (as indicated in Eq. 6.11). After
that, the dispersion among them is calculated as the standard deviation of all
the cycles respect to the mean FSRA cycle.

σ �
gffe 1

n

ņ

i�1

pxi � µq2, µ � 1

n

ņ

i�1

xi (6.15)

The optimum parameters will be those presenting the minimum dispersion
on all the calculated FSRA, since this would mean that the e�ect of the di�erent
combustion conditions a�ecting the combustion speed have been satisfactorily
removed from the FSRA parameter.

Finally, after the optimization work, the parameters and the �nal laminar
combustion speed equation for this engine are presented:

a � 1.4; b � �0.2; c � 1.2; d � 0.9; m � 1.15
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Once the equation for the laminar combustion speed is de�ned, the FSRA
parameter can be obtained. With this parameter, the e�ect of the di�erent
laminar combustion speed reached depending on the charge conditions are
removed. This FSRA thus represents the evolution of the e�ective �ame front
area during the combustion process (Ageo � k -see Eq.6.9-). Therefore, if the
Ageo evolution is assumed equivalent5 for all the operating conditions and the
k (turbulence parameter) is mainly dependent on the engine speed, the FSRA
should aggregate, in a similar trend, the di�erent tests if the engine speed is
kept constant. In order to show this e�ect, in Figure 6.56, a Frapp variation at
Point 2000@17 is presented, and the standard deviation between the average
cycles for each test is reduced from the HRR to the FSRA in a factor of 2.35.

As seen in Figure 6.56, all the steps of the analysis and the graphs derived
from these calculations will be represented in a graph format where the X

5The geometrical area evolution is the same if the compared combustions present the
same combustion phasing. If not, this evolution would be slightly di�erent. For the present
work, this di�erence has been neglected.
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axis is the non-dimensional HRL. In this way, cycles with di�erent combustion
durations can be represented in the same graph, and all of them will have the
same start and end. Besides, this way of representing the information allows
to use the Y axis dimension to compare how the di�erent cycles have been
developed.
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Figure 6.56. Comparison among the HRR and the FSRA obtained for a
Frapp variation at Point 2000@17 operated with di�erent Frapp values.

5th step: : A� ra.u.s � FSRA ra.u.s{Nf ra.u.s (6.17)

Once the FSRA is obtained, it is important to take into account that
this parameter results from the combination of the FSR (representative of the
turbulence level existing inside the cylinder) and the theoretical combustion
area without the wrinkling e�ect of the turbulence. As widely known, the
turbulence intensity can be scaled with the engine speed, and according to the
Borghi diagram (Figure 2.3, page 22), if the engine is operated in the wrinkled
�ames region, the in�uence of the engine speed is directly proportional to
the turbulence intensity [12]. Therefore, the FSRA can be divided by the
engine speed in order to make all the curves obtained at di�erent engine speeds
comparable among them. In order to follow the same philosophy as in the
previous equation de�nition (Eq. 6.14), the parameter related to the engine
speed has been de�ned as Nf , where the exponent f has to be optimized
following the same methodology as for the previous step. Once some tests at
di�erent engine speed have been selected, the optimization process has been
carried out, and the best f value found has been f � 1, thus con�rming that
the FSR is scaled directly with the engine speed (see Figure 6.57).
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This new parameter will be referred as A�, and it is representative of a
constant value multiplying the theoretical geometric area of the combustion
�ame front (k �Ageo), which, by this means, is experimentally obtained.

HRL [-]
0 0.2 0.4 0.6 0.8 1

FS
R

A 
[a

.u
.]

0

0.005

0.01

0.015

0.02

HRL [-]
0 0.2 0.4 0.6 0.8 1

A*
 [a

.u
.]

10- 6

0

1

2

3

4

2000 rpm
3000 rpm
4000 rpm

Figure 6.57. Correction of the engine speed. Left - FSRA values without any
correction. Right - The same values corrected with f=1.

As a summary of the methodology presented, in Figure 6.58, the di�erent
described steps have been represented for a test at Point 2000@17, in order to
give a graphical view of the described analysis. It is worth to indicate that, in
the �gure, the many di�erent lines at each plot correspond to the 250 cycles
registered during a test.

Once reached this point, it is worth to compare the results of the
methodology proposed up to now for three di�erent correlations for the
laminar �ame speed: the correlation for isooctane presented by Metghalchi,
the correlation for common gasoline presented by Rhodes, and the correlation
obtained in the frame of the current research, already shown before in this
chapter. To perform this comparison, a selection of 14 tests with their
corresponding 250 cycles has been used. This selection includes information of
di�erent engine speeds, a variation of the apparent Fr between 0.5 and 1, and
some tests operated with EGR up to a rate of 20%.

The result of this comparison can be observed in Figure 6.59, where the
values for the standard deviation were σ=1.8161 for the isooctane correlation,
σ=0.3578 for the gasoline correlation and σ=0.1405 for the correlation adapted
to this engine. These values show that the isooctane correlation is far from
being reliable in these conditions. Regarding the gasoline correlation, it is
more reliable than the previous one, but yet compared with the correlation
proposed in the current work, the scattering of the curves is still 2.5 times
higher. Consequently, the proposed correlation, which was speci�cally adapted
to this particular engine, provides the best results, as expected. The main
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Figure 6.58. Calculation of the A� for a Point 2000@17 following the steps
previously described.

reason for the lower reliability of the gasoline correlation is now going to be
investigated.
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Figure 6.59. Representation of the A� calculation for the three correlations of
the laminar combustion speed, from left to right: isooctane correlation, gasoline
correlation and proposed correlation.

As stated, the main limitation of the already existing correlations presented
above, is the limited Fr validity range. To illustrate this problem, the
correlations of gasoline presented by Rhodes and the adapted correlation
proposed in this work are going to be used to calculate the A� value of di�erent
Point 2000@17 tests, where only the Frapp has been variated (the isooctane
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correlation has been omitted for this comparison, since the previous results
have already shown that it was clearly the worst option). In this case, three
sets of points have been selected: the �rst one includes Frap's from 0.5 to
1, the second from 0.6 to 1, and the third from 0.7 to 1. The results are
shown in Figure 6.60. It can be observed that the gasoline correlation loses
signi�cantly its accuracy when the Frapp range is increased, moving from values
of σ=0.1198 when the minimum Frapp is 0.7, to values of σ=0.3685 when the
minimum Frapp is 0.5. On the contrary, the correlation proposed here for this
engine has kept the standard deviation under control despite the increase of the
Frapp range, thus showing its better suitability in the context of lean mixtures.
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Figure 6.60. Comparison for di�erent Frapp ranges of the gasoline correlation and
the correlation proposed in this work. Above - the proposed correlation. Below - the
gasoline correlation.

6th step: De�nition of a standard curve

The application of the previously explained steps has led to the A� value
(in fact, curve), where the in�uence of the di�erent conditions during the
combustion process were intended to be removed. Now, if this parameter
is calculated for a larger number of tests representative of the SI combustion
mode, the average of all the obtained results should be indicative of a standard
curve, representative of the SI combustion in this engine. This curve is
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presented in Figure 6.61. The shape of this curve indicates three trends
during the combustion process: �rst, a fast increase of the theoretical surface
of the �ame front during the initial development of the combustion, before
reaching the chamber walls; after that, once the �ame front reaches the wall,
A� stagnates, and starts to decrease slowly; �nally, once only the last fractions
of the mixture remain in the chamber, A� drops much faster, until the �ame
front reaches the end part of the unburned mixture.
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Figure 6.61. Representative A� value (standard curve) for the SI combustion
evolution in this engine.

For the calculation of this representative �pattern� of the SI combustion,
the operating points chosen have been the same as those already shown in
Figure 6.59. From now on, this standard curve will be referred as �SI pattern�.

7th step: Evaluation of the di�erent operating points

Once the SI pattern and all the calculations are de�ned, any operating
point of the engine can be processed and compared with the SI pattern in
order to evaluate the di�erences between what can be considered as an ideal
SI combustion and an individual engine operation case.

Now, the way to present the results is going to be explained. Two di�erent
graphs will be presented for each case (see, e.g. Figure 6.62): the �rst graph
will allow a qualitative comparison, whereas the second will allow a more
quantitative one. The �rst one shows the evolution of A� against the non-
dimensional HRL. Inside this graph, several plots are represented: �rst the
SI pattern (blue dashed line) and, second, the processed operating point.
Three di�erent curves are given for the processed point: the averaged A�



6.3. Analytical approach to the di�erent combustion modes 261

for the registered cycles (red continuous line), and the same curve plus and
minus a standard deviation of the individual cycles (orange dashed lines).
On the second graph, the quantitative di�erence between a given test and
the SI pattern is illustrated. The black horizontal line would represent
the perfect match between both cases (Di�erence=0). There is also a red
circle, representing the average di�erence between the SI pattern and the test
processed (calculated as indicated in Eqs. 6.18 and 6.19; in this computation, n
cycles are considered, and A�

i,j and SIpatternj are the vectors representing the
di�erent curves). This Di�erence presents also an error bar plotted together
with the red circle, which de�nes the standard deviation of that Di�erence
value estimation (see Eq. 6.20; it is worth to note that this parameter is a
standard deviation of the average di�erence of the n cycles, which justi�es
the n-1 term dividing the usual equation for a standard deviation). However,
the value obtained for the standard deviation6 is so small due to the big number
of cycles taken into account that it is almost invisible compared to the ordinate
axis scale of the graph.

Differencei �
°m

j�1

A�

i,j � SIpatternj

SIpatternj
m

(6.18)

Difference �
°n

i�1Differencei
n

(6.19)

σDifference �

c°n
i�1pDifferencei �Differenceq2

n?
n� 1

(6.20)

Now, as stated, the SI pattern will be the reference to evaluate the di�erent
tests, either taking the average cycle or some individual cycles. If the test
shows a similar shape and scale, it would mean that the combustion has been
developed as a standard SI combustion. On the contrary, if some di�erences are
found, that will be indicative of some changes in the combustion development.

62σ, being representative of 68.3% of the total �population� of points of the relative
di�erence between the two curves.
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Figure 6.62. Final output data for the combustion analysis. Left - Comparison
between the SI pattern and the selected test to analyze. Right - Di�erence parameter,
representative of the similarity of the analyzed test compared to the SI pattern.

6.3.3 Results

The de�ned methodology should be capable to be used in any operating
point of the engine, since the obtained SI pattern has been de�ned removing
the e�ects of the load degree, the engine speed and the combustion conditions.
In this subsection, the methodology will be used, �rst, to analyze the SI
combustion on this engine for di�erent points and conditions. After that,
some CAI tests will be processed, to see the results obtained by this analysis.
And, �nally, the hybrid modes will be also studied with this analytical tool.
This last point results very interesting, because during the combustion process,
the two combustion modes have taken place, and it's very di�cult to de�ne
how the process has been developed.

For the SI conditions, some tests with di�erent engine speeds and di�erent
Fr's are chosen. The results obtained are represented in Figure 6.63, showing
that they �t very well with the de�ned SI combustion reference. The shape of
the combustion evolution is very similar, and the calculated di�erence between
the SI pattern and the tests is almost zero. These results do give a positive
feedback about the analysis methodology performance, indicating that the
di�erent SI tests can be successfully processed and compared.

It is known that this engine has a high cyclic variability. Therefore, if the
data is taken cycle by cycle, most of the cycles di�er slightly from the average
cycle, meaning that there have been slight di�erences in terms of combustion
speed. These di�erences might have di�erent origins: by the natural variability
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Figure 6.63. Results of di�erent SI tests processed.

of the combustion development in SI engines caused by the ignition process
and the local turbulence, by inaccuracies of the laminar combustion speeds
calculated, or due to the mixture heterogeneities during the combustion. These
slight di�erences do not present relevant information (at least for the present
work) and are not going to be further analyzed. However, there are other
cycles, more singular in shape and dimensions, that possess a relevant di�erence
with the reference pattern. These singular cycles can be analyzed in order to
understand the di�erence respect to the theoretical combustion that should
have happened.

Figure 6.64 shows the A� values of a given test at Point 2000@17, and in
a dashed black line the SI pattern. Some of the cycles of this test are going
to be analyzed individually, in order to see the di�erent situations that can be
found with this combustion analysis if a SI test is processed. The chosen cycles
are #60, #150 and #18, since the �rst one is equivalent to the SI pattern (see
Figure 6.65 to the right), cycle #150 presents a di�erent shape during the last
part of the HRL (see Figure 6.65 to the left), and cycle #18 shows the same
shape, but the scale is higher (see Figure 6.67).

The �rst two cycles (#60 and #150) are plotted individually in Figure 6.65.
Cycle #150 is out of the main trend of the whole cycle population of this test:
it presents a big increase on A� from the 60% of the heat release. If the
corresponding pressure trace is examined (Figure 6.66), it can be said that the
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Figure 6.64. Representation of the A� values for all the individual cycles in a test
at Point 2000@17.

origin of this big increase can be associated to the knock appearance during
the last stage of the combustion. This statement is supported by the �nal big
pressure raise and the oscillations generated after that event. Consequently,
when A� starts to be higher than the SI pattern, is because a change on
the combustion speed has taken place, meaning that the theoretical area of
the �ame front has been increased faster than expected. This fact can be
indicative of an autoignition event during the �nal phase of the combustion
process (leading, in this case, to knock).
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Figure 6.65. Representation of A� of cycles #60 (left) and #150 (right).
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Figure 6.66. Cylinder pressure for cycles #60 and #150.

If these cycles are compared by means of the CTCM presented in Chapter 5,
the values obtained for the main combustion parameters, shown in Table 6.2,
indicate that the combustion has been more advanced and fast in the case of
cycle #150, leading to the appearance of knock, due to the high pressures and
temperatures reached during the combustion process, resulting in a MAPO
increment up to 2 bar.

Data Cycle #60 Cycle #150 Cycle #18

CA50 [oATDC] 18.95 12.95 12.2

CA75 [oATDC] 25.45 16.7 16.2

CA25 [oATDC] 13.45 7.7 8.2

comb dur [oCA] 12 9 8

MAPO [bar] 0.096 1.96 0.7621

Fr [-] 0.73 0.73 0.72

Table 6.2. Di�erent values for cycles #60, #150 and #18.

The other cycle,#18 has been chosen because the A� values have resulted
abnormally high, even though presenting the characteristic shape of the SI
pattern, standing out above the other cycles. In Figure 6.67 this cycle is
presented together with the corresponding pressure trace, and in Table 6.2,
some values of the combustion performance can be seen. In this case, the
combustion has been developed faster than the previously shown cycles, and
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it has been more advanced compared to cycle#60 . Some knock seems to
have appeared, but the value of the MAPO is still inside the acceptable limits.
Therefore, this cycle has an abnormally high speed of combustion, but it is
not easy to �nd the reason for this behavior with the available data (maybe a
slight autoignition event at the beginning of the combustion process).
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Figure 6.67. Representation of A� and the cylinder pressure of cycle#18.

In order to get more information to explain these events, the cycles just
before the one studied can be analyzed, to try to see if there has been any
in�uence coming from them. Concerning cycle #150, the previous cycles do not
show any particular trend (see Figure 6.68). Using the CTCM, the compression
temperatures at 15o BTDC and the instantaneous Fr's and IGR ratios have
been calculated (Table 6.3), to see if the cause of this knock is related to the
initial conditions of the mixture, but they have remained almost constant. The
only parameter that has changed (but erratically) during this sequence is the
combustion phasing. This e�ect can be simply attributed to the variability of
the combustion progression originated by the spark ignition process.

Now if cycle #18 is analyzed, the corresponding information is shown with
the same structure as in the previous analysis (Figure 6.69 and Table 6.4). The
compression temperatures, Fr and IGR values have shown to remain almost
constant. However, the combustion phasing has been advanced progressively
till reaching the conditions of cycle #18, where the combustion has turned to
be faster than usually.

The combustion analysis of the SI combustion has shown to be valid to �x
a reference of the �normal combustion development�, to evaluate the di�erent
cases and to discover the abnormal cases.
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Figure 6.68. Analysis of the cycles before #150.

Compression
temperatures at
-15 oATDC [K]

Fr [-] IGR [-] CA50
[oATDC]

Cycle # 145 496 0.70 0.10 15.7

Cycle # 146 497 0.72 0.11 25.45

Cycle # 147 498 0.73 0.12 14.7

Cycle # 148 496 0.77 0.15 23.45

Cycle # 149 497 0.72 0.11 14.7

Cycle # 150 495 0.73 0.12 13.2

Table 6.3. Estimated instantaneous combustion parameters for the cycles before
#150.

CAI combustion

The CAI combustion follows a di�erent combustion pattern. Its evolution is
de�ned by the chemical mechanisms, resulting in a faster combustion process,
where there is not a de�ned single �ame front consuming the unburned mixture.
These di�erences should be appreciated if a CAI point is processed and
compared to the SI pattern. The operating Point 2000@4 has been selected as
representative, because it is a stable CAI point, operated in Region III of the
engine map.
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Figure 6.69. Analysis of the cycles before #18.

Compression
temperatures at
-15 oATDC [K]

Fr [-] IGR [-] CA50
[oATDC]

Cycle # 13 499 0.72 0.12 23.2

Cycle # 14 494 0.73 0.12 20.7

Cycle # 15 497 0.72 0.11 15.45

Cycle # 16 495 0.71 0.11 13.95

Cycle # 17 498 0.73 0.13 13.7

Cycle # 18 497 0.73 0.12 12.2

Table 6.4. Estimated instantaneous combustion parameters for the cycles before #18.

The result of this analysis shows, in Figure 6.70, many di�erences respect
to the SI pattern (which represents the theoretical combustion development
at these conditions assuming SI operation). The most striking di�erence
is the huge separation of the A� values from the SI reference, resulting in
an equivalent theoretical surface of the �ame front much higher during the
combustion evolution. There is also a signi�cant di�erence in shape between
the two curves (the SI pattern and the average cycle): the shape is now more
symmetric. The di�erence between the two curves calculated from all the HRL
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Figure 6.70. Combustion analysis of Point 2000@4 operated in CAI conditions.

shows that the theoretical �ame front surface of the CAI combustion has been
developed 4 times7 higher compared to the one corresponding to SI conditions.
This means that, in this case, the combustion process has been 4 times faster,
in average, because of its CAI nature.
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Figure 6.71. Combustion analysis of Points 4000@7 (above) and 2500@3 (below)
operated in CAI conditions.

These di�erences are repetitive for the di�erent CAI operated points, no
matter the load degree, the engine speed or the combustion conditions. Then,

7The number 4 comes from the following reasoning: based on the �gure, the relative
di�erence is 3 pSCAI �SSIq{SSI . To obtain SCAI{SSI , it is required to add 1 to the previous
expression, thus being 4.
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this methodology o�ers an analytical way to di�erentiate CAI combustion from
SI combustion. As an example, two other operating points (see Figure 6.71)
have been considered, to repeat the same analysis as the one already presented
previously (Figure 6.70). With these new points, a higher load and a lower load
respect to the previous point, have been explored. In Figure 6.72, a summary
of the e�ect of the engine load on the CAI to SI di�erence is presented. It
can be seen that, as the load is decreased, the di�erence between CAI and SI
combustion is higher, since the SI combustion for low loads results worsened
due to the excessive dilution (i.e. very low YO2), and the lower temperatures
and pressures. It can be concluded that the CAI mode enhances combustion
velocity, and the lower the load, the higher the enhancement.
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Figure 6.72. Evolution of the Di�erence parameter with the load increase.

Hybrid modes, CAISI combustion

The combustion de�ned as hybrid modes combines an initial part of
the combustion developed by a SI �ame front with a CAI combustion that
consumes the rest of the unburned mixture at the end of the combustion
process. In the previous lines the results obtained of SI and CAI combustions
have been analyzed, showing the di�erent trends and values obtained for these
di�erent combustion modes. Now, it would be very interesting to see the results
obtained if this hybrid combustion is analyzed, in order to see how the evolution
of the combustion is performed during the cycle, and to check if both events can
be di�erentiated. To illustrate this combustion mode and try to evaluate the
combustion performance, a set of tests at Point 2000@5 have been chosen and
presented in Figure 6.73. This set of tests is a Fr variation, starting with lean
mixtures and increasing the Fr progressively. By this means, the combustion
starts being operated as SI to �nish the tests with a CAI operated point.
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Figure 6.73. Results of the combustion analysis for a Frapp swept at Point 2000@5.

The leaner Fr was expected to be a SI combustion test. This one shows
a start of combustion very similar to the SI pattern, but from the 30% of
the combustion approximately, the A� values start to increase faster than the
SI pattern, meaning that from that moment part of the mixture has been
autoignited. Consequently, this point can be considered to burn under a hybrid
combustion mode. However, the transition to CAI conditions takes place
relatively late, and a signi�cant part of the mixture is burnt in SI conditions.
As the Fr is increased, if attention is paid to the Fr=0.7 case, it also shows a
combustion start very similar to the SI pattern, but from a very early HRL
value (10% approx.), the A� value starts to increase very fast, acquiring the
CAI combustion characteristics. This is probably the most interesting point of
the hybrid combustions, since the start of the combustion has been governed
by the SI process and very early it has changed to a CAI combustion.

The other two tests with higher Fr values are CAI combustion, losing the
in�uence of the spark and therefore the control on the combustion onset. In
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Figure 6.74, the value of the calculated Di�erence is plotted for all these tests.
It can be seen how the combustion development is changing steadily and getting
more CAI.
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Figure 6.74. Di�erence between the SI pattern and the di�erent processed tests of
the Frapp swept at Point 2000@5.

The results obtained with this methodology have shown to be very useful
to characterize the hybrid combustions. As expected, the SI part of the
combustion follows the SI pattern, and when the combustion is changed
to CAI, the A� value indicates this change moving beyond the SI pattern.
This makes possible the di�erentiation of the two combustion events and the
characterization of the combustion transition during the cycle.

6.4 Conclusions

Along this chapter the SI and CAI combustion modes have been studied
from an experimental point of view using a two-stroke single cylinder engine.
Now the main �ndings along the chapter are going to be summarized.

Conclusions of the SI mode

The lean operation gives some advantages with respect to the stoichiometric
conditions: better combustion phasing, improved combustion e�ciency, less
heat loses and better pollutant emissions values. Nevertheless, if the Fr is
decreased excessively, all these bene�ts will be lost, since the σIMEP and the
combustion e�ciency will be lost.
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The IGR is always present during the engine operation to a greater or
a lesser extent. This component is not bene�cial for the SI operation, since
it increases the compression temperatures and therefore the knock intensity,
forcing to delay the combustion phasing, and it generates a dilution degree
in the combustion chamber that a�ects the combustion rates and the correct
combustion development.

The trapping ratio (characteristic parameter of 2S engines) limits the
maximum load of the engine, since the intake mass �ow cannot be retained
properly inside the engine. This e�ect makes that the maximum load degrees
have to be operated with too high in-cylinder richness values. In that case,
the knock is raised, and the only solution is to delay the combustion, making
impossible to translate the extra amount of fuel in extra power. The increase
of the exhaust pressure has been tested, but it is not a valid strategy to solve
this problem. The density of the charge is increased and the trapped mass is
higher, but the IGR ratio is also increased, since the charge composition is not
modi�ed by this strategy. Therefore, the same IGR ratios and an increased
pressure at the start of the compression leads to a higher knock intensity.

Finally, with the load reduction, the scavenging process is worsened, and
the IGR ratio is increased. As a consequence, the charge dilution is increased
progressively, worsening the σIMEP and the combustion e�ciencies. This
e�ect makes that the engine won't be very e�cient at partial loads.

Conclusions of the CAI mode

The CAI combustion mode can be operated at partial loads. Compared to
the SI mode, this combustion has shown to be more repetitive, stable (better
σIMEP), with high combustion speeds, and a better combustion e�ciency.
Thanks to all those changes the fuel e�ciency is improved at partial loads. The
emissions are also improved, NOx and soot thanks to the lower temperatures
and Fr's, and HC and CO thanks to an improved combustion e�ciency.

This combustion mode is achieved through the increase of the mixture
reactivity until the charge is autoignited. The key parameters to adjust this
reactivity are:

• The IGR ratio: with the control of the hot residual gases retained inside
the cylinder, the temperature of the charge can be adjusted. This IGR
ratio depends on the scavenging process. The load degree has a high
in�uence on the IGR ratios, and the con�guration of the Fr and the
VVT position can be used to vary the amount of hot residuals retained
during the engine operation.
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• Fuel injection: in this case two parameters can be adjusted: the
SOI and the DOI (of the fuel+air injection). The SOI has to be
advanced su�ciently to homogenize the fuel properly, and once de�ned
the positions for which the homogenization is acceptable, it can be
�nely adjusted to control the time during which the fuel is inside the
cylinder, since this time, combined with the autoignition delay, can be
used to adjust the combustion onset. Regarding the DOI adjustment,
the variation of this parameter modi�es the amount of air mixed with
the fuel. This air has a cooling e�ect on the charge and increases the
fuel dispersion. So there is an optimum con�guration for this parameter,
de�ned by Eq. 5.18, where the amount of air introduced with the fuel
gives the best combustion e�ciency values.

• The EGR: this additional tool can be used to reduce the knock intensity,
since the dilution of the charge with cooled residual gases decrease the
combustion rates. By this means, the maximum achievable load in CAI
conditions is increased. Nevertheless, the use of EGR deteriorates the
combustion e�ciency and the σIMEP, since the higher dilution of the
cylinder charge hinders the combustion process.

Once studied the CAI combustion in this engine the operating region in
CAI conditions has been de�ned. This region starts at very low loads (1 bar
IMEP) until the 35% of the max load without the use of EGR and up to
50% of the maximum load with the EGR addition. These results show that
it is possible to improve the part-load region of the engine, and operate it in
CAI conditions in a big part of the engine map, and not only in a narrow
operating region. This fact increases the interest of this combustion mode to
be implemented in commercial engines.

Conclusions of the hybrid mode CAISI

This mode combines the CAI combustion with the initial development of
the combustion as a spark assisted. In this way, the CAI e�ciencies and
bene�ts can be achieved, and the combustion initiation can be better adjusted.
Apart from this main di�erence, in these conditions, the engine can be operated
in CAI combustion with leaner Fr's and less IGR, achieving higher e�ciencies
and lower combustion rates, since the mixture reactivity is smaller, and the air
excess is slightly higher.

These points have shown to be useful to operate when the CAI combustion
results over advanced, due to the reactivity excess. In this way, the combustion
can be better positioned.
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Conclusions of the combustion analysis

Through this last part of the chapter, a methodology to analyze the
HRR has been de�ned to get more detailed information of the combustion
development when the engine is operated. This work has o�ered the results
summarized in the following lines.

An adapted new correlation for the laminar combustion speed for the engine
has been de�ned. This correlation has allowed to better characterize the e�ect
of the apparent F/A equivalence ratios and the YO2 on the combustion velocity.
The results have shown to be a more suitable SL correlation compared to some
other correlations taken from the literature. But it has to be noted that this
correlation is speci�cally adapted for this particular engine. To use it in other
engines, most probably the exponents have to be adapted accordingly.

The methodology has shown to be valid to de�ne a standard SI combustion
for di�erent conditions, and compare it with the experimental data to get
info about the combustion performance, to identify irregularities during the
combustion, and to detect anomalous cycles. Taking this SI reference, the
CAI combustion can be processed, and therefore the di�erentiation between
both modes can be made. The results have shown that the CAI cycles present
higher A� values during all the combustion development, as well as a di�erent
shape compared to the SI pattern, allowing to di�erentiate them. This tool has
also shown to be very useful in the case of CAISI tests, since the combustion
process can be characterized, indicating the moment and the burned mass
fraction when the combustion changes from SI to CAI.

Finally, the limitations of this methodology are identi�ed:

• The inaccuracies at low loads to estimate the exact Fr's and mass �ows
for each individual cycle lead to deviations in the results di�cult to solve
just with corrections.

• The e�ect of the piston position a�ecting the geometry of the combustion
chamber, and therefore the evolution of the �ame front, is not considered.
This additional improvement could help to homogenize the di�erent tests
in a best way, and get a higher quality information.

• Another limiting factor is the competition of this method with the CFD.
This other tool is much more complex, precise and o�er a high amount of
information. But it needs much more processing capacity and time. So,
each tool should be used for di�erent purposes: the tool proposed here
is recommended when a lot of data needs to be analyzed, and not much
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time is available; whereas CFD is probably more suitable when few data
needs to be analyzed, and a lot of time is available for the analysis.

6.A E�ect of the power stroke increase on the BSFC

due to the VVT delay

Along the lines around the reference to this appendix, it was stated that the
improvement on the BSFC when the VVT (and therefore EVO) was delayed,
was mainly due to the modi�cation of the IGR ratio of the in-cylinder charge.
But, nevertheless, when the EVO is delayed, the e�ective power stroke is also
increased, thus improving theoretically the BSFC. So, the question that arises
is: which of both e�ects is more important?

To clarify this question, a simulation by a 0D thermodynamic predictive
model has been performed in order to isolate the increase of the expansion
stroke e�ect on the BSFC. This model is called SICICLO, and its detailed
description can be found in [13]. To con�gure this 0D model, the dimensional
characteristics of the engine have been introduced. Afterwards, a simulation
trying to reproduce an experimental result at the operating conditions close to
the ones that are intended to be analyzed has been carried out. This simulation
has been used to verify the accuracy of the model. Finally, two simulations
have been performed in the same operating conditions as before, imposing the
same HRL in both of them, and introducing a variation in the EVO position
as the only di�erence between these two cases. By this way, the e�ect of the
increase in e�ective power stroke can be analyzed isolatedly.

The results are shown in Table 6.5. Based on these simulations, the increase
in indicated e�ciency associated to the increase of the power stroke has been
2.1%.

VVT position
[oCA]

IMEP [bar] Indicated e�-
ciency [%]

ISFC [g/kWh]

161 12.36 37.65 250

166 12.62 38.45 244.79

Table 6.5. Results obtained from the SICICLO simulation.

Now that the e�ect of the increase in e�ective power stroke has been
quanti�ed, it will be compared with the observed experimental result, where
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both e�ects (IGR and power stroke) take place together. These experimental
results are shown in Figure 6.75.
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Figure 6.75. Left - Evolution of BSFC with CA75. Right - Correlation for the same
tests between BSFC and IGR ratio.

Since for each VVT position there is a cloud of values presented in the
�gure, the averaged value of all those values is going to be calculated. The
experimental improvement will be assumed to be the one de�ned with the
averaged values. The results obtained are shown in Table 6.6, where the ISFC
improvement has shown to be 9.6%. It has to be noted that the ISFC values
have been taken to perform the comparison, because the brake values are not
available in SICICLO.

VVT position
[oCA]

BSFC [g/kWh] ISFC [g/kWh]

161 282.29 261.54

166 256.57 236.42

Table 6.6. Experimental results obtained.

Finally, taking into account all these results, it can be concluded that
the improvement in BSFC is governed mainly by the IGR ratio modi�cation
coming from the VVT variation rather than by the variation of the e�ective
power stroke.
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6.B HRL re�nement

Along this appendix, the calculation details to suppress the anomalous
slopes at the beginning and the end of the HRL are given. To explain the
followed methodology, a speci�c cycle measured at Point 2000@5, shown in
Figure 6.76, will be used.
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Figure 6.76. Initial calculated HRL.

Lower part

The �rst part of this methodology works with the lower part of the HRL,
and the objective is to remove the initial slope observed before the combustion
start. The followed steps are:

• Estimation of the HRL initial part without combustion.

To this end, an equation of a line that passes through two points is
calculated for the 25 and the 75% of the HRL (black line in Fig. 6.77),
and the crank position where this line crosses the HRL=0 is found. From
this position, the HRL initial part without combustion is de�ned from
the crank angle=-100o to the determined crossing point minus 10 oCA.

• Calculation of the slope of this initial part.

The next step is to calculate the slope of that initial part without
combustion, in such a way to de�ne a line with that inclination (see
Fig. 6.77, red dashed line) that later will be removed from the HRL
(Fig. 6.78).
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Figure 6.77. Operations on the initial calculated HRL.

Crank angle [ºCA]

-100 -50 0 50 100

H
R

L 
[-]

0

50

100

150

200

Figure 6.78. HRL with the initial inclination removed.

• The following step is to add an extra negative inclination to the HRL,
in order to de�ne the SOC by the search of the minimum HRL value
(Fig. 6.79). The de�nition of the necessary inclination has been manually
optimized and �xed for all load degrees, since it was checked that the
error on the SOC estimation was lower compared to a variable inclination
as a function of the load degree. The procedure to search this optimal
inclination to remove, was based on two aspects: �rst, the minimization
of the di�erent estimated SOCs (individual cycles) dispersion for a
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measured test; and second, the minimization of the deviation between
the SOC estimated through the averaged cycle diagnostics and the SOC
obtained from the average of all the individual SOCs. With both
references, the best compromise for di�erent operating points and load
degrees was taken as the best choice to de�ne the inclination to remove.
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Figure 6.79. Inclination of the HRL to �nd the SOC angle.

• The operations presented up to now have been useful only to determine
the SOC position. Now, the corrected HRL will be based on the initial
one, where the HRL value for the SOC will be set to 0 (the curve will
be shifted in the vertical axis accordingly), and all the initial part, from
-100o to the SOC position will be removed (set to 0) (Fig. 6.80).

Upper part

The correction of the upper part follows a very similar procedure as the
lower part. The �nal slope of the HRL is suppressed, to leave this last
part horizontal, and �nally an extra slope is subtracted to locate the EOC.
In this case, the determination of an optimum for this inclination becomes
more di�cult, since there are more deformations at the end of the HRL than
at the beginning. Therefore the search of the optimum cut-o� point is a
signi�cantly di�cult task. To assist during this determination, the appropriate
slope is de�ned with the help of the HRR/HRL chart. By means of this
graphical information the choice of the appropriate slope to �nd the end of the
combustion can be assessed. The main idea is that the start and the end of
the HRR should cross the HRL axis on the values 0 and 1. The de�nition of
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Figure 6.80. Final HRL with the lower part corrected.

this slope is also manually performed for each processed test, and the slope is
applied to all the individual cycles.

To illustrate how the use of this chart can be really useful for this purpose,
in Figures 6.81, 6.82, and 6.83, the three possible situations are represented:
in the �rst case, a delayed estimation of the EOC is shown, and the HRR
curve reaches the HRL axis to early (at 0.9 instead of 1); in the second case, a
properly estimated EOC is shown; and, �nally, a case where the EOC is over
estimated is shown, where at HRL=1, the HRR is still far from being 0. This
procedure shows to be very sensitive to validate the correct choice of slope. In
fact, it is used as a way to check this choice during the pre-processing of the
HRL's.
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7.1 Introduction

This �nal chapter will be the closing of this PhD thesis. Along this, the
most remarkable obtained conclusions are presented. Additionally, a brief
study of the engine potential when operating in standard cycles is included.
Finally, some future works and ideas to continue this work are proposed.

7.2 Achievements obtained in the PhD thesis

Looking back to the beginning of this work, the main objective guiding
the development of this PhD thesis has been to study the lean SI and CAI
combustion processes in an engine that presents a combination of the di�erent
advances achieved in SI engines up to now.

To accomplish this main objective, it was divided in several speci�c
objectives. These were: �rst, to explore the potential of 2S architectures
equipped with the latest technologies. Second, to implement and analyze
the results obtained from CAI and lean SI combustion modes operation;
additionally, an EGR system was installed to reduce NOx emissions and
to study its potential on the combustion control. Third, the combustion
diagnostics and the methodologies to analyze the results obtained have been
reviewed. On the one hand, the combustion diagnostics was approached cycle
by cycle, and, on the other hand, the combustion analysis based on the HRL
estimation was studied in order to get deeper results focused on lean SI and
CAI combustion. Finally, thanks to this work and the consecution of the
di�erent objectives, a complete engine solution combining lean burn and CAI
combustion will be analyzed.

The engine

The engine selected can be operated in both combustion modes, SI and
CAI, depending on the chosen engine con�guration and the load degree. For
low and mid loads, the engine is operated as a CAI engine (except for the very
low loads, as the idle point), and at high loads the engine operates as a SI
under lean combustion conditions.

By the fact of being a 2S engine, it has a more complex scavenging process
compared to a 4S engine, and this is a key point for the engine management
and the operation of the di�erent combustion modes. The charge that will
be enclosed inside the cylinder will be a mixture between the portion of fresh
trapped air (or a mixture of air and EGR, if EGR is introduced) and the hot
residual gases (IGR) that have remained from the previous cycle. This IGR is
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found �naturally� to a greater or lesser extent depending on the load degree,
the F/A ratio and the VVT position, which are the main instruments to adjust
and optimize the scavenging process.

Furthermore, the fuel injection system selected for this engine is not the
most usual one nowadays. It is an air-assisted direct injection system. By this
way, a mixture of fuel and air is introduced into the engine, o�ering a better
spray homogenization with lower fuel injection pressures. The most remarkable
�nding around this fuel injection system during the present research is that
there is an optimum value for the so-called IAR (Injected Air Ratio), which
represents the ratio between the injected amount of air and the total amount
of fresh air trapped in the cylinder. This parameter has shown to present a
single optimum value for the di�erent operating points of the engine.

The combustion modes, SI lean conditions and CAI operation

First, the lean SI combustion mode will be summarized. This one o�ers
some bene�ts with respect to the one under stoichiometric conditions: better
combustion phasing, improved combustion e�ciency, less heat loses and better
pollutant emissions values. Nevertheless, if the Fr is decreased excessively, all
these bene�ts will be lost, since both the σIMEP and the combustion e�ciency
will be deteriorated.

During the study of this combustion mode in this engine, some �ndings
can be remarked.

• The presence of IGR has shown to be detrimental for this combustion
mode, since it increases the compression temperatures and, therefore,
the knock intensity, thus forcing to delay the combustion phasing. Addi-
tionally, it generates a dilution degree in the combustion chamber that
a�ects the combustion rates and the correct combustion development.

• The trapping ratio has shown to limit the lean operation of this engine at
very high loads since the fresh air cannot be retained inside the cylinder.
Therefore, the Fr needs to be increased and the bene�ts of the lean
operation are lost. Besides, with the raise of the knock caused by the Fr
increase, the maximum achievable load is limited.

• Finally, with the load reduction, the scavenging process is worsened,
and the IGR ratio is increased. As a consequence, the charge dilution
is increased progressively, worsening the σIMEP and the combustion
e�ciencies. This e�ect makes that the engine won't be very e�cient
at partial and low loads under SI conditions.
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Second, the CAI combustion mode will be synthetized. This combustion
mode has shown an operation range from low to mid loads. Compared to
the SI mode, this combustion has shown to be more repetitive, stable (better
σIMEP), with higher combustion speeds and better combustion e�ciencies.
Thanks to all those changes the fuel e�ciency is improved at partial loads.
The pollutant emissions are also improved: NOx and soot, thanks to the lower
combustion temperatures and the low Fr's, and HC and CO, thanks to an
improved combustion e�ciency.

This combustion mode is achieved through the increase of the mixture
reactivity until the charge is autoignited. The key parameters to adjust this
reactivity in the engine are two: the IGR and the fuel injection. The IGR
ratio has shown to be the main parameter to adjust the charge reactivity
and to achieve CAI combustion. By means of the IGR ratio adjustment, the
temperature of the charge can be increased up to the autoignition conditions.
And, to a lesser extent, the fuel injection con�guration has shown to in�uence
the fuel homogenization and the residence time inside the cylinder, parameters
that also signi�cantly a�ect the autoignition process of the fuel.

Additionally, there is a third combustion mode, which could be understood
as a mixture between the two previous combustion modes: it has been referred
as a hybrid mode (CAISI). This mode combines the initial development of the
combustion as a spark assisted to continue with the rest of the combustion
in CAI conditions. In these conditions, the engine can be operated in CAI
combustion with leaner Fr's and less IGR than a pure CAI combustion,
achieving higher e�ciencies and lower combustion rates, since the mixture
reactivity is smaller and the air excess is slightly higher. Another important
bene�t of this combustion mode is the possibility to better adjust the
combustion initiation, since the initial development is governed by the spark
plug. However, the operation range of this mode has shown to be very narrow.

Finally, after seeing all these statements, it can be remarked that the IGR
ratio has shown to be a key parameter for the optimization of the engine
operation in both SI and CAI conditions.

The EGR introduction on lean SI and CAI combustion

The EGR strategy has been chosen, apart from reducing NOx emissions, as
an additional parameter to adjust the charge thermodynamic conditions and,
above all, its reactivity. Under SI conditions, depending on the engine load,
the use of EGR has led to di�erent results. At high loads, it has shown a
strong capacity to reduce NOx and, additionally, it has helped to improve the
performance of the engine thanks to the decrease in the knocking tendency,
thus allowing a better combustion positioning. At lower loads, however, this
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extra bene�t has not been observed. During CAI operation, this strategy can
be used to reduce also the knock intensity, since the dilution of the charge
with cooled residual gases decrease the combustion rates. By this means, the
maximum achievable load in CAI conditions can be increased. Nevertheless,
the use of EGR deteriorates both the combustion e�ciency and the σIMEP,
since the higher dilution of the cylinder charge hinders the combustion process.

Combustion diagnostics cycle by cycle

The analysis of all the measured cycles individually instead of a single
averaged cycle has shown to provide a large amount of detailed information
about all the di�erent cycles recorded during the test measurement. In this
way, some speci�c phenomena occurring during the combustion process can be
studied, and the anomalous cycles can be isolated and studied separately. This
methodology has shown to be more suitable for engines with high cycle to cycle
deviation, as the one presented in this work, since the averaging of a pressure
cycle for the combustion diagnostics can lead to a wrong representative cycle in
most of the cases. However, for combustion processes without cyclic deviation
(e.g. in diesel engines), the high amount of information obtained through the
CTCM is not useful at all, since it results in a large amount of redundant
information. The required processing e�ort is much greater, and therefore a
longer calculation time and a greater amount of resources are required, as well
as a greater e�ort to deal with this large amount of data.

Finally, it should be noted that this type of methodologies are going to
be necessary in new engine concepts where, for example, the engine will be
operated in HCCI or CAI conditions, since a greater degree of detail for the
analysis of the combustion is needed.

Analytical approach to the di�erent combustion modes

The work performed to go deeper in the combustion analysis has led to
di�erent outcomes.

The �rst has been obtaining an adapted new correlation for the laminar
combustion speed determination at the combustion conditions available at this
engine. This correlation has allowed to better characterize the e�ect of the F/A
ratio and the YO2 in a range wider than usual.

And secondly, the methodology has shown to be valid to de�ne a standard
SI combustion at the di�erent operating conditions, to compare it later with the
experimental data so as to get information about the combustion performance.
Taking this SI reference, the CAI combustion cases can be processed in
the same way, and therefore the di�erentiation between both modes can be
performed. This tool has also proven very useful in the case of CAISI tests,
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since the combustion process can be characterized, indicating both the instant
and the mass burned fraction when the combustion changes from SI to CAI.

Complete engine solution

Once the di�erent combustion modes in this engine have been studied, the
operating strategies and the optimum combustion regions have been de�ned.
The combination of lean SI and CAI combustion has shown to possess a high
potential to cover a complete engine map in a 2S engine. Both combustion
modes complement each other, since in the regions where CAI combustion
is not possible (mainly high loads) the lean SI combustion o�ers a good
solution, whereas in the regions where the SI operation e�ciency is worsened
(mid and low loads) the CAI operation has proven to be a good choice to
operate e�ciently the engine. Finally the proposed engine map is presented in
Figure 7.1
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Figure 7.1. Final distribution of the di�erent combustion modes in the engine map.

These results show that it is possible to improve the part-load region of
the engine, operating it under CAI conditions in a big part of the engine map,
and not only in a narrow operating region. This fact increases the interest of
this combustion mode to be implemented in commercial engines. Nevertheless,
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the lower part of the engine cartography is necessarily SI operated, and this
considerably increases the number of transitions between CAI and SI modes
(e.g. each idle time during the engine operation).

7.3 The engine potential, a brief analysis

As an extra information of all this work, a brief analysis of the engine
potential is going to be shown through the simulation of the theoretical results
that this engine would achieve in di�erent standard cycles. As already known,
the result of a standard cycle is obtained not only for an engine, but also for a
vehicle. Consequently, the engine has to be installed inside a vehicle, and the
�nal result comes from the combination of these two factors. For this particular
case, the vehicle designed for this engine is a light vehicle of approximately
700 kg, the maximum speed of which will be above the maximum speed of any
of the driving cycles (consequently, the complete cycle will be simulated in all
cases). All details about the procedure to estimate the results on a standard
cycle are included in Appendix 7.A.

First, the best results obtained in terms of BSFC and NOx emissions for the
main points of the engine map (those appearing throughout the whole study)
are shown in Table 7.1. These values are given as an extra information of the
�nal fuel e�ciency and NOx emissions reached for the interested readers. In
that way this data could be compared with other results of di�erent works in
the future.

Now, the results obtained for di�erent standard cycles are going to be
presented. The di�erent considered cycles are: the Bharat cycle, which is the
main target of the initial development of this engine; the NEDC cycle, which
is (or, at least, it was during the development of the project with Renault)
the current standard cycle in Europe; the Artemis cycle, which is considered
a more realistic and complete driving cycle, and therefore more demanding
than the NEDC1; and, �nally, the WLTP cycle, which is the driving cycle
recently implemented, replacing the NEDC. For all the results presented here,
the engine parameters (mainly BSFC and BSNOx) are estimated from the ones
experimentally known at a set of 17 di�erent operating points distributed along
the whole engine map.

1This diving cycle is usually employed as an internal reference for the car manufacturer,
since the di�erent parts of the driving test can be con�gured. By this means, the Artemis
can be con�gured to be similar to another driving cycle, and the level of stringency can be
also adjusted.
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Without EGR

Point n BMEP BSFC BSNOx

[-] [rpm] [bar] [g/kWh] [g/kWh]

2000@17 2000 8.2 250 14

4000@5 4000 2 295 0.6

2000@5 2000 2.1 285 0.5

2500@3 2500 0.7 420 0.2

With EGR

Point n BMEP BSFC BSNOx

[-] [rpm] [bar] [g/kWh] [g/kWh]

2000@17 2000 8.2 250 6

4000@5 4000 2 300 0.4

2000@5 2000 2.1 290 0.3

2500@3 2500 0.7 420 0.2

Table 7.1. Best values obtained for the selected Points without and with EGR.

Firstly, the results have been calculated without the use of EGR. This
consideration has been made paying attention to the initial idea coming from
the ULCGE project to achieve an ultra-low NOx engine for the Indian market.
In Table 7.2 these results are shown. As it can be seen, the current Bharat
standard cycle (equivalent to EURO IV) can be ful�lled with a properly de�ned
engine calibration. Therefore, the initial goal coming from the ULCGE project
can be achieved. However, the rest of the standard cycles are not ful�lled. The
main reason of this huge di�erence in terms of NOx emissions is the higher
speeds tested on these other driving cycles, which make the engine to work
with higher loads during more time.

Secondly, the estimation of the results for the standard cycles is also
performed with the optimized engine map, now with EGR, con�gured to ful�ll
all NOx limitations for the standard cycles de�ned (see Table 7.3). In this
case, all the di�erent cycles can be ful�lled (in fact, the choice of the optimized
engine map was carried out paying attention to ful�ll the most stringent cycle,
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Fuel cons. NOx

Cycle [l/100km] [mg/km]

Bharat 3.58 82.0 Limit: 80mg/km

NEDC 3.87 209.2

Limit: 60mg/kmArtemis 4.2 405.9

WLTP 3.85 298.5

Table 7.2. Results in the standard cycles obtained without EGR addition.

the Artemis in this case). However, it can be seen how the fuel e�ciency has
been worsened in favor of the NOx emissions reduction thanks to the EGR
introduction and the selection of di�erent operating points without their best
fuel e�ciency but with low NOx emissions.

Fuel cons. NOx

Cycle [l/100km] [mg/km]

Bharat 4.18 30.8 Limit: 80mg/km

NEDC 4.47 47.5

Limit: 60mg/kmArtemis 4.92 59.0

WLTP 4.38 52.8

Table 7.3. Results in the standard cycles obtained with EGR addition.

Finally, the announced results of di�erent car manufacturers for similar
vehicles are shown in Table 7.42. If the fuel e�ciencies published by di�erent
car manufacturers are compared to the estimated results obtained in the EURO
VI WLTP standard cycle for the engine under study, it can be seen that this
engine o�ers better fuel e�ciency compared to the others (compared to the
averaged fuel consumption of the selected group, the other engines need 19%
more fuel, in average). Thus, it can be concluded that this engine concept is
able to bring an extra improvement in fuel e�ciency and can be a competitive
solution against current SI, and also CI, small engines.

2The source of all this collected information is the one published on the di�erent car
manufacturers websites.
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Vehicle Standards Engine
installed

Fuel
consumption

Di�erence

Ford Ka
2019

Euro VI SI engine, 1.19
TI-VCT

5.9 [l/100 km]
WLTP

+35%

Ford Ka
2019

Euro VI Diesel engine,
1.5 TDCI

4.7 [l/100 km]
WLTP

+7%

Renault
Twingo
2019

Euro VI SI engine, 0.9
TCe

5.3-5.6 [l/100
km] WLTP

+24%

Peugeot 108
2019

Euro VI SI engine, 1.0
VTi

4.8 [l/100 km]
WLTP

+10%

Toyota
Aygo 2019

Euro VI SI engine, 1.0 4.8 [l/100 km]
WLTP

+10%

VW Polo
2019

Euro VI SI engine, 1.0 5.5 [l/100 km]
WLTP

+26%

Table 7.4. Fuel consumptions for di�erent compact cars sold in Europe.

7.4 Future works

Once having seen all the developed work, the main future work to be
performed step by step is the implementation of CAI combustion on SI engines,
and little by little de�ne the CAI engine as an engine solution suitable for
industrialization. If this ambitious task is intended to be related to this engine,
some ideas come to mind to continue improving the engine and the study
and optimization of these combustion modes. Being a two stroke engine, the
scavenging process (especially in this engine) is very complex and, therefore,
the implementation of a fully Variable Valve Actuation system could help to
better control the trapping ratio and the scavenging process. With this new
system, the possibilities to study the lean SI and the CAI combustion would be
further increased, since the IGR ratio could be better adjusted independently
of the apparent F/A equivalence ratio and the load degree. Nevertheless this
improvement would increase the engine complexity, moving it away from a
suitable industrialization. So, the best compromise or the best system to
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improve the scavenging process is, at the moment, an unknown for the author
of this work.

Another possible and �necessary� improvement for this type of engines is
the implementation of a variable compression ratio (VCR) technology. The
CAI combustion requires high compression ratios to get an optimum process,
and this need is also variable with the load degree. However, the SI combustion
mode does not need those higher compression ratios (unfortunately due to the
knock raise), and with a higher CR the maximum achievable load of this engine
is limited. This improvement has also the same problem as the VVA: the
excessive complexity and the question about which would be the best solution.

Seeing these two proposals, as well as the problems faced along the whole
work, it is clear that the future engines implementing these combustion modes
need more �exibility to adjust the charge reactivity at all times.

Apart from the �engine hardware future works� just proposed up to now,
another �eld with di�erent possible tasks to be performed would be what it
can be referred as �the engine operation�. Along the work performed during
this PhD thesis, one of the main lacks detected could be the de�nition of
the reactivity concept. It would be very convenient to clarify the di�erent
in�uences on the reactivity, as well as try to de�ne a measurable standardized
parameter to better quantify and control this concept during the engine
operation. In this way, the de�nition and optimization of the di�erent
operating points could be faster. Another work could be the implementation
of an e�ective online knock prediction system, as well the necessary strategies
to avoid this phenomenon, since knock has been a big and constant issue
during all the work, greatly limiting the potential of this engine. And to �nish
with these �engine operation future works� part, the attempt to get an idle
operation under CAI combustion mode would be a great improvement for this
engine operation, since a big percentage of the CAI-SI-CAI transitions would
be removed. Nevertheless this last improvement may be also related to the
initially stated necessary improvements in the engine hardware.

Finally, regarding the combustion analysis methodology developed in this
PhD thesis (presented in Section 6.3), the next step to complete this analysis,
in view of the results, would be to characterize a CAI pattern. In this way, it
would be possible to try to de�ne the instants when SI and CAI combustion are
taking place at the same time. And if this situation is observed, try to calculate
the fraction of burned mixture consumed by each mode. The expected result
should be similar to the one presented in Figure 7.2 for illustration. This
is a combination of the results already presented in Section 6.3, and more
speci�cally in Figure 6.73. The following curves are represented in the �gure:
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the curve of the Frapp=0.7 case, which has been taken as the one under analysis
(labeled as �selected�); the �SI pattern�, which is the one obtained in the frame
of the present work; and the Frapp=0.9 case, which has been taken as the
�CAI pattern�, since the whole combustion has developed in CAI conditions.
With this information, the fuel fraction burnt in each combustion mode can
be obtained based on the distance of the case under analysis to both patterns.
In this �virtual� example, however, it has to be noted that the combustion
conditions for the �Selected� and the �CAI pattern� are not the same. This
plot has been built just to give an idea of the results that could be obtained if
a CAI pattern would be also established.
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Figure 7.2. Illustrative result of the combustion analysis assuming that a CAI pattern
is available.

Another additional future work around this combustion analysis method-
ology could be the in-cylinder pressure prediction for a SI combustion under
the de�ned operating conditions, in order to enrich the data coming from the
analysis and to use it as a combustion prediction and optimization tool. More
precisely, the idea would be to use the SI pattern as the starting point to predict
the real HRR in some given operating conditions (of course, assuming that the
engine is working under SI conditions), as well as the in-cylinder pressure.
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7.A Estimation of the theoretical results of the

performance of the twin cylinder engine in

standard cycles

This estimation methodology tool has been developed to approach the
theoretical results of this engine in a standard cycle from an engine map
obtained in the test cell. The aim of this work is to give an approximated
idea of the �nal e�ciency of this engine inside a given vehicle. And with this
information, it can be evaluated if this developed new engine concept is a valid
solution to meet the market requirements in the future, and if it has enough
potential compared to the current engine solutions.

Along the following lines this methodology is going to be described.

• Getting the necessary information to de�ne the driving cycle
in the engine map

The driving cycles are de�ned as a test for a vehicle in which, during
a de�ned period of time, it will be running emulating a driving path
(Fig.7.3) in a chassis dynamometer. During this test, the emissions and
the fuel consumption are measured to obtain later the �nal results along
this standardized driving cycle.
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Figure 7.3. Detail of the velocity pro�le for the NEDC and the WLTC standard
cycles.

During this test, the engine will be operating at di�erent operating points
depending on the speci�cations of the vehicle (weight, gearbox, selected
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gear, size of the wheels, etc.) and the required vehicle speed during the
driving cycle. Therefore, this test can be discretized as a set of engine
operating points (that will be referred as cycle points - BMEP@N3-) and
the corresponding �residence time� at each of these points (∆ti). During
this discretization, in order to obtain a set of cycle points representative
of the driving conditions, the necessary BMEP has to take into account
the mechanical loses from the engine crankshaft to the wheels4. Finally,
Figure 7.4 is included in order to show these cycle points (green crosses)
on the engine operating map.
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Figure 7.4. Representation of the cycle points set to de�ne the NEDC driving cycle
on the engine operating map.

• Equation to estimate the results at a given standard cycle

For this step, Eq. 7.1 is suggested. With this equation, the fuel
consumption along the whole cycle (or the NOx emissions if the BSFC
values are replaced by the BSNOx values) is calculated as follows:

3BMEP is the Brake Mean E�ective Pressure and N is the engine speed.
4These mechanical loses depend on the vehicle considered. In this case Renault provided

directly the cycle points to perform the corresponding calculations. Therefore the power loss
from the engine to the wheels was already included in the given set of cycle points.
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The above equation could be written as a single summation, but it is
more convenient to perform the summation appearing in the numerator
and in the denominator separately. The reason for this separation is
due to the cycle points where v � 0, since if the contribution of each
cycle point is determined separately, there will be some points with a
division by 0. Thus, the best way to proceed is the following: on the
one hand, to compute the g of fuel (or NOx) consumed (or emitted) each
second, and to perform the summation of all these values. With this, the
total amount of fuel (or NOx) in g, consumed (or emitted) by the engine
along the whole cycle is determined. On the other hand, to compute
the distance traveled each second, and to perform the summation of all
these values. With this, the total distance travelled by the vehicle is
determined and the �nal fuel consumption and NOx emissions can be
determined in g/km or liters/100 km.

This equation can be also separated in two terms: on the one hand,
the necessary energy and the distance travelled during the whole driving
cycle, since these are constant for a given cycle and a given vehicle. With
this, Kcycle is obtained, see Eq.7.2.
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And, on the other hand, the �unknown term�, the mean BSFC (or NOx )
during the whole driving cycle. This term is calculated as the summation
of the BSFC values of each cycle point (BSFCpCyPiq) multiplied by a
weight term (W pCyPiq), representative of the in�uence of each cycle
point on the complete driving cycle.
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How this term is calculated will be discussed in the next paragraph. With
these two terms, the fuel consumption (or NOx emitted) along the whole
cycle could be calculated as shown in Eq. 7.4:

Fuelcons.cycle

�mg
km

�
� Kcycle �BSFCavg (7.4)

• Calculation of the BSFCavg from the de�ned engine map

Since the BSFC and the NOx for each cycle point are unknown, these
have to be estimated from the engine map created with a set of
cartography points, see Figure 7.5.
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Figure 7.5. Representation of the set of cartography points to de�ne the engine
operating map.

Once the cartography points have been de�ned, the next step is to obtain
the fuel consumption and the NOx emissions of the cycle points based on
the values of the cartography points. For this purpose the methodology
chosen is a linear interpolation (by triangulation), to �nd the in�uence
of each cartography point on each cycle point (see Fig. 7.6). In that
way, each cycle point will be de�ned as the sum of the in�uences of its
closer cartography points. And the smaller the distance, the higher the
proportion of the in�uence that has to be assigned to that point.
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Figure 7.6. Graphical scheme of the in�uence estimation of the di�erent cartography
points on a cycle point.

The in�uence of each cartography point (referred as In) on a given cycle
point is computed as follows: a virtual function that takes the value 1 at
the cartography point under consideration, and 0 at the rest, is used, and
the value at the cycle point is interpolated/extrapolated using Matlab
(linear interpolation/extrapolation). It is worth to indicate that the value
obtained corresponds directly to the searched In: the in�uence of that
particular cartography point on the cycle point. To get an accurate
interpolation/extrapolation, the two axes need to have a similar scale.
For this purpose, both axes are divided by the maximum BMEP and N,
respectively, in such a way that their values oscillate between 0 and 1.

In Equation 7.5, the BSFC for a cycle point (CyPi) is estimated from
the determined in�uence (In) of the cartography points (CaPi) and
their corresponding BSFC value. The same equation can be used for
the NOx emissions estimation.

BSFCpCyPiq �
¸
InpCaPiq �BSFCpCaPiq (7.5)

Once the BSFCpCyPiq values are calculated, the next step to obtain
the BSFCavg is to calculate the W pCyPiq values (weights). This will be
done as follows.
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The contribution of each cycle point in the �nal results along the whole
driving cycle can be de�ned as a relative weight from 0 to 1, in which the
sum of all the cycle points weights complete the total cycle (weight=1).
Taking into account Eqs. 7.1 and 7.2, it can be demonstrated that the
weight of each cycle point in the whole cycle has to be de�ned as the
energy consumed of that point (Ne � ∆ti), divided by the total power
consumed.

W pCyPiq � Nei �∆ti°
Nei �∆ti (7.6)

• Estimation of the driving cycle results

Once the three previous steps have been ful�lled (i.e. the weighs of the
cycle points have been de�ned, the in�uences of the cartography points in
each cycle point have been determined, and the values of the BSFC and
the NOx emissions for each cycle point have been estimated), the result
of the driving cycle can be obtained from the cycle points as already
shown in Equation 7.4.

However, initially the only points where everything is known are the
cartography points, and thus the estimation of the driving cycle results
from the cartography points would be much faster. To this end, it is
very convenient to directly relate the cartography points with the driving
cycle. In this case, the weight of each cartography point in the total
driving cycle (W pCaPiq) can be simply determined by Equation 7.7:

W pCaPiq �
¸
InpCyPiq �W pCyPiq (7.7)

Finally, the equations for the estimation of the total fuel consumed and
the total NOx emitted would be the followings:

Fuelcons.cycle � Kcycle

¸
�W pCaPiq �BSFCpCaPiq

�mg
km

�
(7.8)

NOx emiss.cycle � Kcycle

¸
�W pCaPiq �NOxpCaPiq

�mg
km

�
(7.9)
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