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ABSTRACT

Advances in internal combustion engines make it necessary to study in depth their contribution
to engine efficiency, and thus to friction mechanical losses, especially those generated in the
piston-cylinder liner assembly. In this paper, the design of a novel test rig is presented, based on
the floating liner principle, with the key objective of having the capability of developing multiple
parameters tests in a relatively quick and easy way. The final design integrates a single-cylinder
internal combustion engine, a mechanical solution that allows the liner to float, three piezoelectric
force sensors and a novel design of lateral support based on ball transfer units. Reproducibility
and repeatability of tests were assessed demonstrating the capability of the test rig to develop
reliable friction measurements. Some parameters tests were developed to evaluate the sensitivity
of the friction force measurements to variations in the working conditions, oil temperature and
engine speed. A theoretical model for the piston compression ring is presented for both fully
flooded and starved lubrication conditions, including asperity interactions and lubricant rheology.
Comparisons of these approaches with experimental results showed that, for the working conditions
of the test rig, lubrication of the compression ring is better estimated under fully flooded lubrication
condition, as the starved lubrication analysis results in over-estimated friction force values at
higher engine speed regimes.

1. Nomenclature

A = ring contact area

A ,p = asperity area
a, b and ¢ = oil constants

b = circumferential length of the ring
D =bore

E = combined modulus of elasticity
f = friction force

f» = boundary friction force

F; = tangential force

[, = viscous friction force

F, = load carrying capacity of the oil per unit width

h = oil film thickness

h;, = oil film thickness at the liner

hje g = oil film thickness left by the ring
h,, = film thickness at dp/dx = 0

h,= minimum oil film thickness

hg = piston ring profile

i = nodes in the axial direction

J = crank angle iteration

I = compression ring axial height

L = connecting rod length
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n = number of nodes on the compression ring axial profile
m = iteration

p = oil pressure

P, = contact pressure

gq;, = oil flow rate available to the ring

q,, = oil flow rate at dp/dx =0

R = crank radius

R s = compression ring profile radius of curvature

T, = oil temperature

t = time

U = velocity of the moving surface in the axial direction, piston speed
V,; = engine displaced volume

W = ring tension force

W, = total contact reaction

x = axial coordinate of the ring height

x; = oil film inlet position

x’l = oil film inlet position under starvation conditions
X, = point where the oil film ruptures

x5 = oil film reformation point

x4 = oil film outlet position

y = circumferential coordinate

z = radial coordinate

2 = fraction of the radial clearance space filled with oil

Non-dimensional terms:

H = oil film thickness = h/h,,

H,, = oil film thickness at dP/dX =0, H,, = h,,/h,

P = oil pressure = ph?/r/Ul

Q,, = oil flow rate available to the ring at a specific crank angle = h;,/h,
Q,, =oil flowrate at oP/0X =0,Q,, = H,,/2

X = axial coordinate of the ring height = x/!

Greek:

a = crankangle

p = asperity radius of curvature

ep = tolerance for pressure convergence
€g = tolerance for oil flow rate convergence
ey, = tolerance for load convergence

¢ = coefficient of asperity shear strength
n = dynamic viscosity of the oil

6 = crank angle

p = asperity density

o = combined surface roughness

7 = shear stress

@ = angular velocity

2. Introduction

The study of friction in internal combustion engines (ICE), specifically in the piston-cylinder liner assembly has
been of great importance for researchers and manufacturers due to its contribution to the engine mechanical friction
losses [42, 38, 17, 15], and therefore to the engine efficiency. Improvements in the design of engine components,
materials and surface finishes [48, 14, 36, 40, 44, 11, 6, 24, 49], by instance, make it necessary to keep on studying this
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phenomenon in depth. For this purpose, floating liner test rigs have been developed by different authors to evaluate the
friction force in the piston-cylinder liner interface, as it allows a direct measurement of friction under different working
conditions and for multiple parameters tests. The measuring principle of a floating liner consists of isolating the liner
from the engine block and suspend it, in such a way that the liner moves freely in the axial direction. Friction force,
exerted by the piston over the liner, is therefore only captured by force sensors [31, 37].

Furuhama et al [8] developed the first floating liner test rig using piezoelectric force sensors and with the capability
of running tests under fired conditions. Their design has been improved by multiple authors and it has served as baseline
for similar research works [46, 19, 27, 20]. Recent studies have also employed this floating liner design without the
cylinder head and under motored conditions by means of an electric motor[23, 47, 24]. In order to simulate compressed
cylinder conditions, but without having combustion, Law et al [22] developed a test rig with a compressed air injection
system, used also to compensate mass losses due to blow-by and leakage through the combustion chamber sealing.
This sealing was made by means of a labyrinth seal located at the top of the liner, leaving a gap to avoid any interference
with the axial movement of the liner. Results with the test rig showed however, that under compressed conditions, the
sealing device was interfering with the liner, causing erroneous friction measurements. Islam [16] continued the work
in the test rig, replacing the labyrinth seal with a piston compression ring. With this modification, peak pressures of
up to 80 bar were reached during tests, similar to that found during normal engine combustion. Soderfjill et al [39] on
the other hand, designed a simplified floating liner for Heavy-duty diesel (HDD) engines application under ambient
pressure conditions.

Regarding the design of this type of test rigs, many difficulties arise during the process, starting from the mechanical
solution given to isolate the liner, which in turn implies the selection of force sensors and their location, as they
will be the only attachment between the liner and the engine block. One of the main concerns is the sealing of the
combustion chamber, so the in-cylinder pressure does not affect the friction force measurement. Multiple solutions
have been proposed to balance the in-cylinder pressure by means of modifications to the liner and even to the piston
[7, 45, 13, 19, 21]. The floating liner developed by Gore et al [10] employs a labyrinth seal to prevent leakage from
the combustion chamber; however, corrections to the measured friction force were needed, given that some pressure
leakage was found to act at the top rim of the liner. The lateral force exerted by the piston over the liner is another
design parameter to take into account. Different solutions have been employed to restrict this force from interfering
with the axial friction force measurement, Wakuri et al, [45] used by instance, eight hydrostatic bearings to support the
liner, allowing its axial displacement. The floating liner developed by Soderfjéll et al [40] added a liner guide made of
PTFE to assure contact only between the piston ring and the cylinder liner. The floating liner developed by O’Rourke
et al [32] on the other hand, employed tri-axial force transducers, which hold the clamps that give radial support to the
liner, thus being capable of measuring the forces in the three axis.

In order to estimate the lubrication conditions in the piston-cylinder liner assembly, theoretical models have been
developed extensively throughout the years, commonly based on the solution of the Reynolds equation. This solution
can be addressed by means of analytical or numerical methods. In the same way, theoretical models can have different
levels of complexity, including features to represent the real working conditions of the piston assembly. Dowson et al
[3] presented a one-dimensional analytical model for the piston compression ring, assuming fully flooded conditions
for all the engine strokes. To model the lubrication of a complete ring pack, flow continuity and ring starvation were
included in the model; in this way, the lubricant oil available to the inlet of the ring was equal to that left behind by the
preceding ring. Hydrodynamic lubrication was assumed and friction force was obtained from the integration of the
viscous stress in the regions of fluid film lubrication.

A different approach was applied by Ma et al [25], for the lubrication of one piston ring including starvation and
cavitation conditions. It consisted of a switching function or cavitation index that changed according to the region, full
film or cavity, where the Reynolds equation was applied. The model took into account the mass conservation principle
to estimate the oil available at the inlet of the interface, including the oil accumulation in front of the ring. The model
was solved numerically using the finite differences method.

Hydrodynamic lubrication was assumed by D’Agostino et al [1], assuming also that surfaces were smooth, and
that oil viscosity and density were constant with temperature. To include the surface topography of the ring and the
liner, Morris et al [29] used the approach by Greenwood and Tripp [12], to model the lubrication in one piston ring.
The model was based on the work previously developed by Patir and Cheng [34], using the flow factors approach.
Friction force was then estimated for both hydrodynamic and boundary lubrication, from the asperity interactions of
the surfaces. In a later work by Gore et al [9], an analytical model was presented and compared to results in a floating
liner. The model included both boundary and hydrodynamic lubrication, assuming a fully flooded inlet condition for
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the ring. Viscosity and density of the lubricant oil varied with the temperature and pressure working conditions.

Up to this point, direct comparisons between experimental measurements of friction losses in the floating liner
and simulation results had only been reported in the work by Gore et al [9], and only for fully flooded lubrication
conditions, which could not completely represent the actual lubrication of the piston rings. This is specially important
for the compression ring, that has been demonstrated to work under starved lubrication for most of the engine cycle
[28, 37, 39]. Include fully flooded as well as starved lubrication to the comparison of theoretical and experimental
results of the piston compression ring lubrication in a floating liner, represents a gap in the current research work
developed on this subject.

In this paper, a new floating liner has been developed with the aim of providing a test rig that allows the study of
friction in the piston-cylinder liner assembly in an accurate and easy way. For this purpose, the design of the rig was
aimed to facilitate the exchange of engine components for multiple parameters tests, and it is operated under ambient
pressure conditions, by means of an electric motor. A theoretical model for the piston compression ring using the finite
differences method is also presented, including hydrodynamic and boundary lubrication conditions. Fully flooded
condition is initially assumed for the piston compression ring, however, starved lubrication was also included in the
model to account for flow continuity. These two assumptions for the piston ring lubrication were then compared with
experimental results in the floating liner. The novelty of the research work presented here includes the modular design
of the floating liner, that helps with the components exchange, and the solution proposed for the lateral force restriction
based on ball transfer units; this design has not been reported in previous literature. Regarding the piston compression
ring lubrication model, although it has been widely presented by different authors [26, 29, 33], as well as the study
of its friction force contribution trough experimental tests [9, 49], the comparison of friction force results under fully
flooded and starved lubrication conditions with experimental data is not easily found in literature, as discussed in the
previous paragraph, and therefore it is a main contribution of the work presented here to this subject.

3. Development of the Floating Liner

The measuring principle of a floating liner test rig consists of suspending the cylinder liner in such a way that
the small axial displacement of the liner, due to the reciprocating motion of the piston, is restricted only by sensors,
which in turn are attached to the test rig structure [32]. The friction force generated between the piston and the
liner is then captured by the sensors directly. With this in mind, the design of the floating liner presented here was
developed with some key targets. The main one consisted of having the capability to develop different parameters
tests with reliable results, which implied a design simple enough to facilitate the assembly and disassemble of the
rig, allowing repetitive results. It was also determined that tests would be developed without combustion and under
ambient pressure conditions; this with the aim of avoiding measurement inaccuracies due to combustion. Friction
force tests under ambient pressure imply significant differences with the actual friction losses experienced by the
piston assembly under combustion conditions. Apart from the differences in the order of magnitude of the friction
force values, the biggest differences would be expected during the compression and expansion strokes, where the high
in-cylinder pressure increases the applied force, specially for the compression ring, causing more severe lubrication
conditions. Furthermore, the floating liner without combustion allows to study the direct effect of different parameters
over friction without the influence of the combustion chamber pressure variation. Finally, the floating liner design
was thought to allow the exchange of components, piston, rings and liner, of different geometric dimensions, with the
restriction of a liner external diameter of up to 110 mm.

3.1. Base engine

A single cylinder motorcycle ICE was selected as base for the design of the floating liner; its main characteristics
are presented in Table 1. In this air-cooled engine, the liner was incorporated to the engine block as a single unit,
making it necessary to replace the whole cylinder block, leaving only the crankcase as baseline for the design of the
floating liner.

3.2. Design of the test rig

The floating liner test rig consists of a modular design with different components: a liner with a disc in its external
face to attach the three force sensors at 120° spacing; a base plate that serves as joint with the crankcase of the internal
combustion engine (ICE), the force sensors are also attached to this component; two cylinders of the same dimensions
that make up the external structure of the floating liner, they comprise two rims at the top and bottom to be bolted to
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Bore x Stroke | [mm] 105 x 90
Volumentric capacity (displacement) | [cc] 780
Compression ratio - 9.5
Max. engine torque | [Nm] | 58.8 @ 5500 rpm
Max. power | [kW] | 39.1 @ 7000 rpm
Lubrication system - wet sump

Table 1
Base engine main characteristics

External cylinders x 2

—» Ball transfer units x 4

77— Half-moons x 2

» Modified liner

—» Force sensors x 3

» Base plate

Figure 1: CAD of the floating liner test rig

the rest of the components. Finally, a radial support to restrict the piston lateral force, composed by two half-moons,
bolted between the external cylinders, and four ball transfer units. These ball transfer units are omnidirectional bearings
consisting of a holding fixture with threaded rod and a ball supported by smaller bearing balls. In this way, the ball
transfer units allow the liner to move freely in the axial direction, while restricting the lateral movement of the liner.
A CAD of the floating liner test rig is shown in Figure 1, it is a section view of the mechanical components and one of
the piezoelectric force sensors. In addition to the objectives mentioned in Section 3, and as a future improvement of
the floating liner, a supply of compressed air to the combustion chamber was proposed to better simulate the operation
of an ICE. This led to the design of the floating liner with a more robust structure that allows the transmission of the
in-cylinder pressure to the rest of the test rig. This explains the use of a thick base plate, of about 30 mm. Under the
current working conditions of the floating liner, without in-cylinder pressure, the liner with a wall thickness of 4.5 mm,
making it quite rigid, and this component being firmly attached to the force sensors, elastic deformation of the liner is
not expected to occur under the operating conditions presented in this study.

For the tests in the floating liner, the procedure followed to assemble/disassemble the ring pack in the floating
liner required to remove the external cylinders and the cylinder liner, leaving the piston accessible, but without being
removed from the test rig. The rings were removed or installed in the piston using piston ring pliers; while for the
cylinder liner assemble, a piston ring compressor set was required, consisting of a metal band of the appropriate

V. Macian et al.: Preprint submitted to Elsevier Page 5 of 22



Piston compression ring friction force

KISTLER
5165A
IN DL]r_
o1f
23 DAQ N/ /’\
o 8 YOKOGAWA| \/ U
Zs
/EceeEEmmmmE | o
Labview 7
interface i Encoder VFD

Pump Wm0 | Temperature
Fiter ~N @ — _l. Control® | | --——-- Force
valve | | | == Angular position, trigger
Electric resistance Qil
------ Water

Water line

Figure 2: Schematic diagram of the experimental setup

diameter and pliers to secure the band. With the band in place covering the piston and compressing the rings, the liner
was installed from its bottom end and slid over the piston to its final position in the test rig.

3.3. Instrumentation

An schematic diagram of the instrumentation of the floating liner is shown in Figure 2. It consists primarily of the
three piezoelectric force sensors selected to measure the friction force. These sensors are Kistler quartz force links with
ameasuring range of +2.5 kN that have been mounted under preload, therefore they can be used to measure both tensile
and compression forces. A hollow shaft encoder was installed in the test rig in order to acquire the crankshaft angular
position along with the instantaneous friction force with a resolution of 0.36 degrees. The encoder was employed to
trigger the data acquisition of the force sensors. Eight thermocouples type K were located in the test rig, six were
installed in the external face of the liner at three different heights and opposed to each other perpendicular to the
crankshaft. One thermocouple was located at the bottom of the crankcase to measure the lubricant oil temperature,
this reading was employed as reference for the execution of the tests. The last thermocouple was located at the outlet
of the electric resistance and was used as feedback to the system that controls the temperature of the oil entering the
engine (Section 3.4). Data from the thermocouples was recorded through input modules of a National Instruments
data acquisition (NI DAQ) system. For the force sensors, a Kistler 5165A amplifier was used, their analog outputs
were transferred to a Yokowaga DAQ system and finally to a computer with the corresponding application software.
The encoder measurements were also recorded by this system.

The floating liner operation was integrated in a Labview code to control the electric motor, oil pump and electric
resistance. Data from the NI DAQ system was also recorded and displayed through the Labview interface.

3.4. Auxiliary systems

The floating liner test rig comprises two auxiliary systems, shown in Figure 2: the transmission and the lubrication
system. The former includes an electric motor with a variable frequency drive (VFD) to adjust the motor speed. Its
coupling with the ICE was made with a flexible coupling to absorb any possible misalignment of the shafts. Figure 3
shows the final assembly of this auxiliary system.
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Figure 3: Assembly of the transmission system

Engine speed QOil temperature
Test (rpm] [°C] Assembly
1 500 40 1
2 500 40 2
3 2500 40 1
4 2500 40 2
5 500 60 1
6 500 60 2
7 2500 60 1
8 2500 60 2

Table 2
Test points for the performance evaluation of the floating liner test rig

For the floating liner lubrication, an external auxiliary system was mounted with the possibility of controlling the
temperature of the oil entering the engine. This system consists of a closed circuit using the own ICE lubrication
components; that is, the oil pump, internal oil passages and jets located at the bottom of the liner to lubricate the
piston. Regarding the external part of the circuit, it consists of an electric resistance of 6 kW encapsulated in a cylinder
full of oil to heat it, an oil pump to return the oil to the crankcase, a heat exchanger and a control valve for the flow
of water. The control of the electric resistance and the valve was done through a PID (proportional-integral-derivative
controller), the target temperature was compared with the temperature reading of the thermocouple located at the exit
of the electric resistance.

4. Performance evaluation of the test rig

In order to test the capability of the floating liner test rig to measure friction with reproducible and repetitive results,
tests were proposed with two variables, engine speed and oil temperature. For the reproducibility evaluation, tests were
carried out in between two assemblies; that is, one test with the first assembly, followed by a disassemble procedure,
and a second test with a new assembly. Each assembly-disassembly task included the upper external cylinder, the two
half-moons, and the ball transfer units. Table 2 shows the test points used in this analysis.

The friction force measurements were obtained for an engine cycle of 720°; the comparison between assemblies is
presented in terms of the resultant friction mean effective pressure (FMEP) and their percentage difference in Table 3.
The FMEP was obtained from equation (1), the instantaneous friction force measurement f, the piston speed U and
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. . FMEP [KPa] FMEP [KPa] . 0
Working conditions Assembly 1 Assembly 2 Difference [%]
40° © 500 rpm 19.77 19.85 0.42
60° @ 500 rpm 14.86 14.64 1.48
40° @ 2500 rpm 61.61 61.58 0.04
60° @ 2500 rpm 61.91 61.31 0.97
Table 3
Reproducibility results
A bly 1 A bly 2
60 ssembly 60 ssembly '
R1 R3
R2 R4
a0t {1 a0}

Friction force [N]
n
o o
Friction force [N]
o

S}
S
N}
=]

N
o

i

-40+ 1 40t
TDC BDC TDC BDC TDC TDC BDC TDC BDC TDC
60 1 | 1 60 1 | 1
0 180 360 540 720 0 180 360 540 720
Crankangle [°] Crankangle [°]

Figure 4: Reproducibility and repeatability tests at 500 rpm and 60°C of oil temperature for the two assemblies

Working conditions | Assembly Mean Standard Relative standard
FMEP [kPa] deviation [kPa] deviation [%]
40° @ 500 rpm 1 19.77 0.03 0.13
40° @ 500 rpm 2 19.85 0.04 0.18
60° @ 500 rpm 1 14.86 0.03 0.23
60° @ 500 rpm 2 14.64 0.04 0.30
40° © 2500 rpm 1 61.61 0.15 0.24
40° © 2500 rpm 2 61.58 0.13 0.22
60° @ 2500 rpm 1 61.91 0.12 0.20
60° © 2500 rpm 2 61.31 0.05 0.09

Table 4
Repeatablity results

the engine displaced volume V, [41].

[ fudt

d

FMEP = e

For the cycle-to-cycle repeatability, each test point in Table 2 was measured for a 720° engine cycle and four
repetitions. Figure 4 shows the friction force measurements obtained for one set of engine working conditions (500
rpm and oil temperature of 60°C) and the four repetitions, for the two assemblies in separate plots. The repeatability
results are presented in Table 4, including the mean FMEP of the repetitions and the standard and relative deviation of
the measurements.

Results of the performance evaluation of the floating liner showed that the test rig allows the measurement of
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the instantaneous friction force with a good level of reproducibility and repeatability. The maximum difference in
FMEP after an assembly-disassembly task was of about 1.5%. This difference showed to be greater for the higher oil
temperature in the two engine speed conditions. The cycle-to-cycle assessment also showed a good response, none of
the tested points showed a relative standard deviation higher than 0.30%.

5. Tests definition

Parameters tests in the floating liner were proposed with the aim of evaluating the sensitivity of the test rig to
changes in the working conditions of the ICE, and to validate the theoretical model developed for the piston compression
ring (Section 6). To accomplish the first objective, tests were developed for five engine speed levels (500, 600, 800,
900 and 1500 rpm) and three oil temperatures (40, 60 and 80°C). For the second purpose, given that the model is for the
compression ring, tests were developed with two piston configurations: the configuration A consisting of the complete
piston (skirt + ring pack of compression ring, scraper ring and oil control ring), and the configuration B consisting of
the complete piston without the compression ring. In this way, the friction force share of the compression ring was
obtained as the difference between the measurements of the piston configurations A and B. The main characteristics
of the piston and ring pack are included in Table 5.

6. Piston compression ring model

The one-dimensional Reynolds equation, as presented in expression (2), was used to model the lubrication of the
piston compression ring. This is a simplified form of the full Reynolds equation with the following assumptions:

9 (,30p oh oh
2 (32 =6nu 2 + 12422 2
ax< ax> ox T @

The lubricant is Newtonian, therefore the stress is proportional to the shear rate.

The oil viscosity is constant throughout the film thickness, but varies with the oil temperature.

There is no side leakage of oil, thus the analysis is kept in one dimension, along the ring axial height.

The density of the oil is constant with pressure.
o Inertia effects are negligible.

The boundary conditions applied to solve the Reynolds equation, including the Reynolds cavitation condition, are
the following:

e Inlet: p = ambient gauge pressure at x = x;
e Cavitation: p=0;dp/dx =0atx = x,
o Outlet p = ambient gauge pressure at x = X,

A diagram of the lubrication conditions of the piston compression ring is shown in Figure 5. Given that the floating
liner is operated under ambient pressure conditions, the force applied to the ring only comes from the ring tension force
W, opposed to the load carrying capacity of the oil film F, and the force due to the asperity contact Fy,. It can also
be assumed that the ring inlet is fully flooded with oil; however, experimental research [28, 37, 39] has shown that
the piston compression ring normally works under starved lubrication conditions, shown in a dotted line in Figure 5,
during most of the engine cycle. In a piston ring pack, starved lubrication is a consequence of the small quantity of oil
left by the preceding rings to lubricate the compression ring; in this way, the oil film thickness available in the liner is
not enough to fill the ring at x = x, and the oil inlet moves inwards to x = x’l.

In the cavitation region, the oil pressure falls to a constant value, assumed to be equal to ambient pressure. In this
region, the lubricant oil liberates some of the dissolved air in the form of bubbles, and the oil crosses this region in the
form of thin streams [4]. This assumption has been adopted by different authors [25, 35, 2], and was also applied in
this model for the friction force calculation.
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Figure 5: Piston ring lubrication
Piston bore - 91.42 mm
Piston length - 86.27 mm
Piston-liner clearance - 0.220 mm
Compression ring (rectangular) axial height / 2 mm
Scraper ring (taper faced) axial height - 2 mm
QOil control ring (DSF) axial height - 3 mm
Combined modulus of elasticity | E | 1.08x10'! Pa
Coefficient of asperity shear strength ¢ 0.1
Pressure tolerance | ¢p 5x107
Load tolerance | ¢, 1x10°3
Flow rate tolerance | ¢, 1.5x102
Number of nodes on the compression ring axial profile n 200
Compression ring radius of curvature | R 30 mm
ofp | [] 0.187
Compression ring tangential force | Fr 173 N
Lubricant oil - SAE 5W30
Oil dynamic viscosity at 40°C - 56.20 mPa.s
Oil dynamic viscosity at 60°C - 26.70 mPa.s
Oil dynamic viscosity at 80°C - 14.62 mPa.s

Table 5
Data used in the experimental tests and for the piston compression ring lubrication model. *DSF: double-bevelled spiral
expander ring

The lubrication model described here was developed in the mathematical software Matlab, the flow diagram for
its implementation is shown in Figure 6. Furthermore, Table 5 summarizes the geometric dimensions and coefficients
used in the model.

To solve the Reynolds equation (2), it was expressed using the following non-dimensional terms:

K=l
U

2
h ? P_pho t =

H=— X = = x
h, nUl ®

Where K, is a term defined to replace the time step in the last term of equation (2) by an angular position step. A
is the oil film defined by the minimum oil film thickness A, and the piston ring profile A, which can be expressed as

a parabola:

x2

h=hy+h,=h,+ )
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Figure 6: Flow diagram for the implementation of the piston compression ring lubrication model

An initial value of h, was estimated in order to run the model, it was assumed to be equal to the radial clearance
space between the piston and the liner internal diameter.
U is the piston speed [37]:

U =—-Rw sina+£$ “4)

2L R 2
1- < 7 sin a>
Finally, the Reynolds equation in non-dimensional terms is as follows:

i<H3£>=60_H+12Kt0_H 5)
0X X 0X Jda
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To obtain the oil pressure distribution, Equation (5) was solved using the finite differences method. For the left-hand
side term, and the first term in the right-hand side of the equation, a central finite difference scheme was applied; while
for the squeeze term, a forward finite difference expression was employed. Equation (5) in finite differences, and solved
for pressure at the node i, is as follows:

H,—H,_

H,»3+1/2Pi+1 + H,»3_1/2Pi—1 — 66X (Hyyy 0 — Hioypp) — 12K,6X? (lle>

P, = 3 3 (6)
(HZ o+ HZ )

Once the pressure distribution was obtained for all the nodes in the ring domain at the specific crank angle,
convergence was sought with the expression (7) and a tolerance ep. nrepresents the number of nodes on the compression
ring axial profile and m is the iteration.

n | m_Pm—ll

i,j i,
— * e 7
Z P Sép (N

i=1

From the oil pressure distribution, in its dimensional form p, the load carrying capacity F, of the oil was obtained
from equation (8). This force along with that from the asperities’ interaction F,, should balance the ring tension
force W.

]
F, = / pdx ®)
0

To model the asperity interaction between the piston compression ring and the liner, the Greenwood and Tripp
[12] model was applied to calculate the load carried by the asperities F, from equation (9). It was assumed that the
asperities of both surfaces, piston ring and liner, followed a Gaussian distribution. Coefficients used in the equation
are summarized in Table 5.

1
F=62
5

o
wp =~ n (PP E \/;AFS (3 ©)
A is the contact area of the ring (A = xDI), and the statistical function Fs,, was obtained from the expression
proposed in [12], using numerical integration:

1 ® 5/2 —s2/)2
Fsp(A) = —/ (s — )32 24 (10)
/ V2 J4

Fs, is function of the Stribeck oil film parameter 4, defined as the ratio between the minimum oil film thickness
h, and the roughness of the surfaces o. Values of A greater than 4 indicate hydrodynamic lubrication with F5,, =0

The total contact reaction, W, = F, + F,,, was then compared to the ring tension force W, calculated for the

piston compression ring from equation (11); note that W and W, are force per unit width.

PA
W = 2 (11

Where P, is the contact pressure obtained from (12) as in reference [18, 30], and F; is the ring tangential force F't.

2F,
P_

.= 5f (12)
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Given that these two forces, W and W/, applied to the ring-liner interface must be in equilibrium, they are compared
for equality with the following expression (13) and tolerance ey, .

W =W, |
— o <ew (13)

If the convergence criterion was not satisfied, and iterative procedure was applied updating the minimum oil film
thickness &, using equation (14). In this way, if the total contact reaction was lower than the force applied by the ring
tension, the minimum film thickness would decrease to yield a greater force and meet the convergence criterion.

m—w>
(14)

ho,new = ho,old +tn < W

R, 014 18 the minimum film thickness obtained in the current iteration, and &, ,,,,,, is the film thickness to be used in
the following iteration. y; was set between 0.02 and 0.075. Once convergence was achieved, calculation proceeded to
the oil flow rate and then to the next crank angle a.

The following step was to calculate the oil flow rate per unit circumferential length from the integral of the velocity
term U, which is composed by the Poiseuille and Couette terms, first and second term in the right side of equation
(15), respectively:

_h3 9
=h” 9p Uﬁ

15
12110x+ 2 (15

h
q(x) = / U(x,z)dz =
0

To calculate the oil flow rate, the cavitation boundary was selected. In this way, dp/dx = 0, and equation (15) was
reduced to the following expression (16); here 4, is the oil film thickness at the selected location.

—Uhm 16
40 = U2 (16)

Expressed in non-dimensional terms:

X—Uhm—Hm 17
Qm()_EZh == (17

For the fully flooded lubrication condition, the last step is to achieve the cyclic convergence of the minimum oil
film thickness. For this purpose, the minimum film thickness calculated in each crank angle is compared to that of the
previous cycle. Convergence is achieved when the difference is less than 0.5%.

6.1. Friction force

The friction force in the interface of the piston compression ring and liner was modeled from two contributions,
one due to the viscous shear of the lubricant oil, hydrodynamic lubrication, and the other determined by the asperity
interaction of the surfaces, boundary lubrication.

Under hydrodynamic conditions, friction force is the result of the oil shearing in the full film and in the cavitation
region (Figure 5). Due to the presence of air bubbles in the cavitation region, only a fraction of the radial clearance
space between the ring and the liner is filled with oil [4]. This fraction Z can be obtained from the flow continuity
condition evaluated at the boundaries of the cavitation region, where the oil pressure gradient is zero:

h

p= 1 18
2= (18)
The viscous friction force is therefore obtained as the integral of the shear stress in the two regions:
X2 X3
[, (x) = / Tdx + / Z2rdx (19)
X1 X2
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The boundary friction force on the other hand, was determined from the asperity interactions with two sources:
one due to the shearing of the thin oil film absorbed by the asperity peaks, first term in Equation (21). This shear has
a non-newtonian behavior and is determined by the Eyring shear stress of the oil 7, [5]. The second source is from
the adhesive friction of the cold welded asperities, second term in Equation (21); where ¢ is the coefficient of asperity
shear strength [43].

fb(x) = ToAasp + é‘Fasp (21)

Given that the area of asperity peaks represents a very small fraction of the total contact area of the ring, less than
0.12%, the first term of Equation (21) can be neglected [43].
Finally the total friction force f was obtained from (22):

Fo) = f,(0 + f(0); (22)

6.2. Ring starvation

To this part, the lubrication model assumed the inlet of the piston compression ring to be fully flooded with oil;
however, given that this condition does not reflect the actual lubrication conditions of a piston compression ring in a
normal engine operation, starvation was included in the model for both the up-stroke and down-stroke. The model
applied by Dowson et al [3] for the piston compression ring was employed here: the oil available to the ring in the
up-stroke should be equal to the oil left during the down-stroke. This oil availability condition is shown in Figure 7. In
the first diagram with the piston in the TDC, the oil film at the liner A;, has uniform thickness; during the downstroke
in the second diagram, the ring encounters this oil film thickness plus the accumulated oil and leaves behind the film
thickness Ay, r,. In this way, during the upstroke in the third diagram, the ring encounters the oil film thickness left at
this location during the previous stroke plus the accumulated oil.

The same condition (23) applies for the whole engine cycle, where the oil available to the ring ¢;, and that left
behind g, can be calculated from equation (24) and the previous equation (16), respectively.

g;,(up-stroke) = g,,,(down-stroke) (23)
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in = hinU (24)

Condition (23) could also be expressed and evaluated in non-dimensional terms as follows:

Q,,(up-stroke) = Q,,(down-stroke)

Uhin _U hw

Uh, ~ U2n, 25)
hin _ Hy
h 2

o

If the ring is fully flooded at any crank angle, oil accumulation occurs at the leading edge of the ring, and it is
added to the oil available in the next crank angle.

In the model described here, the flow continuity condition in Equation (23), was sought through an iterative
process, as depicted in Figure 6: in the first iteration the oil inlet was set at the first node of the axial domain, the oil
pressure distribution, load carrying capacity and film thickness were calculated in the same way as for the fully flooded
condition. The oil flow rate entering the ring g;, in the up-stroke, and that left by the ring g,,, in the down-stroke, were
calculated and compared for equality and a tolerance €. If the flow continuity condition is not achieved, starvation
is introduced moving the oil inlet inwards the axial domain one node at each iteration; the oil pressure distribution,
load carrying capacity and film thickness calculations are repeated for the new domain. This iterative procedure is
developed until convergence is achieved.

6.3. Oil rheology

As stated in Section 6, the oil viscosity was assumed to be only dependent of the temperature; furthermore, it
was assumed that the viscosity of the oil entering the ring varies with the position of the ring along the stroke. For
this purpose, the experimental measurements of the thermocouples installed in the liner were taken as the oil working
temperature. Given that these thermocouples were located at the TDC, BDC and at the mid-stroke, a piecewise cubic
hermite interpolating polynomial (PCHIP) was used to obtain the temperature along the liner for a complete engine
cycle. To calculate the corresponding dynamic viscosity of the oil, the Vogel equation as stated in equation(26), was
employed. a, b and ¢ are constants of the oil, and # is the oil dynamic viscosity at the desired temperature Tj,.

n= ae?/@To—c) (26)

7. Results and discussion

7.1. Experimental tests

As indicated in Section 5, parameters tests in the floating liner were developed for two configurations of the piston,
A and B, and four engine speed levels and three oil temperatures. Figure 8 presents the friction force measurements
for some of the parameters conditions and for the piston configuration A. In order to make the results clearer, the raw
friction force obtained from the sensors was filtered with a moving average filter.

From Figure 8, the lubrication regimes experienced by the piston-liner conjunction can be identified from the
shape of the instantaneous friction curves: at the mid-stroke regions, hydrodynamic lubrication is promoted by the
high relative motion of the surfaces and friction is determined by shearing of the oil. As the piston reduces its velocity
approaching the dead centers, mixed lubrication begins to appear reflected in a small decrease of friction, followed by
arapid increase of friction at the dead centers, indicating that friction is determined by asperity contact. This boundary
and mixed lubrication conditions are present until the piston speed increases and there is sufficient oil film thickness
to completely separate the surfaces.

In this Figure 8, it can be observed that the working conditions of the test rig are dominated by boundary lubrication
near the dead centers and specially at the lower engine speed regimes. This boundary lubrication decreases with the
increase of the speed, which can be observed in the smaller peaks of friction at the dead centers for 800 and at 900
rpm. The opposite occurs with the oil temperature, its increase from 40 to 80°C results in higher friction in the dead
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Figure 9: FMEP of the piston configurations A and B as function of the engine speed and oil temperature

centers and specially at 500 and 600 rpm, where neither the viscosity nor the engine speed contributes to the formation
of a fluid film of lubricant oil. In the mid-strokes, hydrodynamic lubrication begins to appear due to the increase of
the relative speed between the surfaces. In this region, a higher oil viscosity also contributes to the formation of a
thicker oil film and therefore, to higher viscous friction. Under 900 rpm, it can also be observed that friction at the
dead centers is not zero, as it is in the other engine speeds; instead, the friction force curve crosses zero before the dead
center locations. This behavior is explained by the impact forces caused by the piston secondary motion, which are
significant in this regime.

From the measured friction force curves, the FMEP was calculated for an engine cycle and plotted for the two
piston configurations A and B; results are presented in Figure 9.

In Figure 9, the effect of the engine speed and oil temperature can be seen in the overall friction of an engine cycle.
With the increase of the engine speed, the prevalence of hydrodynamic lubrication results in an increase of the viscous
friction and therefore on the FMEP. The opposite can be said for 500 rpm, where the FMEP increases due to the major
contribution of boundary/mixed friction near the dead centers. Regarding the oil temperature, comparison of results
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Figure 10: Experimental and theoretical results of the compression ring friction force at 500 rpm and 40° C

at 60 and 80°C shows small differences in FMEP; this is due to the viscosity characteristics of the oil formulation: the
viscosity step between 40 and 60°C is greater than that for 60 and 80°C, as presented in Table 5. This trend appeared
for most of the speed regimes. At 500 rpm, the FMEP values for 60 and 80°C are almost the same for both piston
configurations A and B, with only a small difference in the friction force measurement at the BDC (Figure 8a.) At 900
rpm on the other hand, the piston secondary motion begins to interfere with the friction force measurements, causing
impact forces due to the inertia of the system. This effect is more evident in the piston configuration B, where the
absence of the compression ring results in a larger radial clearance between the piston and the liner. Under this engine
speed, the FMEP results in Figure 9b. were practically the same for the three oil temperature levels. As commented
previously, this situation shows that the effect of the piston secondary motion at this regime is significant, masking the
actual effect of the oil temperature/viscosity over the friction losses variation in the piston-liner interface.

7.2. Compression ring friction force: comparison of experimental and theoretical results

This section presents the comparison of results for the piston compression ring between the experimental measurements
and the friction force estimations obtained from the lubrication model described in Section 6. As explained in Section 5,
the experimental friction force share of the compression ring was obtained from the subtraction of the measurements
of the piston configurations A and B. Regarding the theoretical estimations, friction force is presented for the two
lubrication conditions: first, assuming that the ring is flooded with oil throughout the engine cycle and second,
including lubricant starvation.

Figures 10a, 11a and 12a, gather the experimental friction force measurements for the piston configuration A and
B, and the resultant friction force of the compression ring for some representative test points: 500 rpm and 40°C, 600
rpm and 60°C, and 800 rpm and 80°C, respectively. The contribution of the compression ring to the total friction
force of the piston is highly significant for the configuration and working conditions of the floating liner, reflected
in the space formed between the measurements of piston A and B. Furthermore, it can be seen that the compression
ring contribution is present throughout the engine cycle and therefore, in all the lubrication regimes. At 600 rpm and
60°C (Figure 11a) however, the friction share of the compression ring decreases to almost zero contribution at the
BDC, possibly due to the supply of oil from the crankcase being enough to fill the compression ring inlet during the
downstroke; at the BDC reversal however, the friction share of the compression ring appears again.

These previous figures also include the predicted friction force for the piston compression ring for fully flooded
and starved lubrication conditions. The minimum oil film thickness (MOFT) was also included in Figures 10b, 11b
and 12b for the two lubrication regimes. The dotted line in the figures shows the Stribeck oil film parameter A, defined
as the limit for hydrodynamic lubrication.

From the MOFT results, it can be observed that the assumption of ring starvation, which reduces the wetted area
of the ring, significantly affects the thickness of the oil film at the mid-strokes. This is due to the high oil pressures
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Figure 11: Experimental and theoretical results of the compression ring friction force at 600 rpm and 60° C
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Figure 12: Experimental and theoretical results of the compression ring friction force at 800 rpm and 80° C

needed to produce the oil carrying capacity to balance the applied load. In this way, the reduction of the film thickness
results in higher friction forces, according to the relationship for the viscous shear stress and the oil film (z « yU /h).
Near the dead centers, the reduction of the relative speed results in greater oil pressures to overcome the applied
load, and therefore in lower MOFTs. In these regions, the contribution of the pressure gradient to the viscous friction
becomes more prominent, first term in equation (20). Due to the characteristics of the compression ring and its working
conditions, most of the engine cycle presents hydrodynamic lubrication with just a few crank angles dominated by the
asperity interactions.

Overall, the friction force estimation from the fully flooded lubrication model shows good agreement with the
experimental measurements, both in terms of the curve trends and the magnitude of the friction force. For the starved
lubrication model on the other hand, results show that the friction force is slightly overestimated at the lower engine
speed regimes, but increases significantly with the engine speed as shown in Figure 13. This figure presents the results
of the rest of the test points in terms of FMEP, obtained for a complete engine cycle of 720°, with the aim of making a
clearer comparison between the experimental and theoretical results. The standard deviation (STD) of the experimental
measurements for the compression ring was also plotted in this figure; as it can be seen the deviation was small with
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Figure 13: Experimental and theoretical FMEP results for the piston compression ring

a maximum relative STD of 1.54% (STD=49.1 Pa at 900 rpm, 80°C) and a minimum of 0.35% (STD=11.8 Pa at 500
rpm, 40°C).

From this Figure 13, it can be seen that the experimental FMEP and the that of the fully flooded lubrication model
are in good agreement for most of the test conditions. At 900 rpm however, it is important to note that the results of the
experimental tests with the piston configuration B showed a poor response due to vibrations in the test rig aggravated
by the increased clearance between the piston and the liner, as shown in Figure 9b., where it can be seen that the FMEP
fell to almost the same value for all the oil temperature levels. This condition leads to an incorrect comparison with
the model estimations.

Regarding the FMEP comparison with the starved lubrication model, as explained in Section 6.2 and shown in
Figure 7, the oil available to the compression ring is taken from the oil left by itself during the previous stroke, it
means, that during the downstroke, the oil supplied from the crankcase and the oil jets is not taken into account. In
the experimental tests, and taking into account that the floating liner is motored under ambient pressure conditions, it
is possible that in the downstroke, the compression ring has a sufficient amount of oil, as seems to be the case at 600
rpm and 60°C (Figure 11). This could be one of the reasons for the differences in FMEP between the experimental
results and the starved model. The inclusion of the scraper ring and the oil control ring to the model, would give a
better estimation of the oil available to the rings at each crank angle, and therefore of the lubrication conditions that
they experience.
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Conclusions

e The floating liner test rig showed to provide instantaneous friction force measurements of the piston-cylinder
liner assembly with an appropriate response to the changes in the working conditions of the rig, engine speed
and oil temperature. Furthermore the configuration of the floating liner allowed the development of multiple
parameters tests with repetitive and reproducible results. These parameters test also showed that above 800
rpm, vibration and specially the piston secondary motion start to interfere with the friction measurements.
Improvements to the test rig structure are needed to obtain a cleaner measurement at higher speed regimes.

o The experimental results with the piston configuration A and B showed that the contribution of the piston
compression ring to the total friction force is significant throughout the engine cycle: during the boundary/mixed
lubrication regime at the dead centers due to its tension force and the low engine speed, and during hydrodynamic
lubrication at the mid-strokes due to the wedge effect caused by its running profile.

e The experimental friction force curves showed that, although it is possible to obtain reasonable measures of the
compression ring friction force with the subtraction method used in this study, the clearance between the piston
and the liner without this ring results in high instability of the measurements. This issue could be solved using
a slightly over-sized piston.

e Results obtained with the floating liner under different working conditions helped to validate the piston compression
ring lubrication model. Assuming fully flooded lubrication, the comparison of results showed good agreement
between the experimental and theoretical results. For the starved lubrication approach, a better estimation of the
degree of starvation is needed to better simulate the lubrication of the ring. This could be addressed with the
analysis of the oil available to the rings from the interaction of the complete piston ring pack.
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