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Abstract 
 
An experimental and numerical study has been carried out to understand mixing and auto-ignition processes in 
RCCI combustion conditions, using gasoline and diesel as low and high reactivity fuels, respectively. 
Three parametrical studies have been developed using a heavy duty compression ignition engine equipped with a 
direct injector and a port fuel injector, to be able to vary the in-cylinder fuel blending ratio. Besides, a detailed 
analysis in terms of air/fuel mixing process has also been performed by means of a 1-D spray model.  
It is found that combustion starts with the auto-ignition of the diesel injection and the air and gasoline entrained. 
Then, the temperature and pressure raise starts the flame propagation across the lean diesel and gasoline zones 
of the combustion chamber. As the Diesel/Gasoline fuel ratio is reduced, the ignition delay increases extending 
the mixing time and the first combustion stage gets lowered while the second one is enhanced. The advance of 
the diesel injection timing enlarges the mentioned effects over the combustion process. With respect to 
conventional neat diesel combustion, a slight reduction in terms of NOx and a very important reduction in terms of 
soot were achieved with the RCCI combustion. 
 
 

Keywords: Reactivity Controlled Compression Ignition, Dual Fuel combustion emissions, in-cylinder fuel 
blending. 
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1. Introduction 

Nowadays automotive scientific community and companies focus part of their efforts on the investigation of new 
combustion modes [1] and on the optimization of the current technology with the aim of reducing fuel consumption 
and emissions in internal combustion engines (ICE) [2], more specifically in CI (Compression Ignition) diesel 
engines [3]. Most of these new combustion concepts are achieved by using different strategies that produce a 
leaner mixture, using medium and high levels of EGR to provide low temperature combustions with the objective 
of decoupling the injection and combustion events. Consequently, high efficiency is achieved along with a 
decrease in the most relevant CI diesel engine emissions, NOx and soot [4] [5]. These combustion concepts 
based on partially or fully premixed lean mixtures are commonly known as Homogeneous Charge Compression 
Ignition (HCCI), Premixed Charge Compression Ignition (PCCI), etc. Despite their important emissions benefits 
[6], these combustion concepts present some practical issues that must be overcome before they could be 
implemented in CI diesel engines. The most relevant limitations consist of achieving an appropriate combustion 
phasing, the cycle-to-cycle control of the combustion process, the noise and the operation at high load conditions. 
 
With the aim of overcoming the mentioned drawbacks, different strategies have been proposed in the last few 
years [7]. Some of the most relevant ones are: the control of the intake air temperature, the modification of the 
compression ratio, the use of different injection strategies and the control of the intake oxygen concentration [8]. 
At the end, all these strategies try to compensate the high chemical reactivity of the diesel fuel, by modifying the 
gas properties. By contrast, recent studies tried to overcome the disadvantages previously described by modifying 
fuel properties, reducing fuel reactivity to slow down chemical reactions and delay auto-ignition [9].  
 
On this regard, RCCI combustion concept, also named Dual Fuel PCCI, has arisen as a combustion mode in 
which combustion is controlled mainly by fuel reactivity [10]. This combustion mode symbolizes an evolution from 
the Premixed Charge Compression Ignition (PCCI) concept, because fuel and air are mixed before combustion, 
but in this case fuel reactivity varies across the cylinder. Recently Hanson et al. confirmed how combustion 
phasing could be controlled by handling auto-ignition, varying fuel reactivity. Also stated how fuel reactivity 
stratification is needed to control the rate of heat released, initiated by the diesel fuel auto-ignition and propagated 
to the less reactive zones [11]. Moreover, other authors also confirm that the in-cylinder blending of different 
reactivity fuel provides the potential of simultaneous reduction of NOx and soot emissions for CI engines [12].  
 
Considering the previously described background, in an attempt to improve the fundamental understanding of the 
RCCI combustion process, this paper is focused on describing mixing and combustion processes, as well as 
pollutant emissions, when diesel/gasoline in-cylinder blending conditions are varied.  
 
The outline of this paper is as follows: In section 2 is detailed the information related with materials and methods. 
In its first subsection, the experimental facilities used to carry out this research are described. Then, the following 
subsection consists of the description of the 1-D computational modelling code, used to provide mixing process 
information. Furthermore, in the third subsection, the experimental methodology and the main operating 
conditions are detailed. In section 3 there is a discussion about the results obtained from three different 
parametrical studies, each one on its own subsection. The first one gives an insight of how the port fuel injection 
of gasoline, as low reactivity fuel, changes combustion behaviour. In the second one, the effects of the evolution 
from neat diesel conditions to RCCI combustion, by changing the in-cylinder fuel blending ratio, are analyzed 
concerning combustion performance and engine-out emissions. In the third study, on the same concern, the 
discussion is focused on the diesel injection timing. Finally, last section summarizes the main conclusions from 
this research work. 
 

2. Materials and methods 

2.1. Experimental set-up 

All the engine tests were developed following a parametrical scheme on a single cylinder engine, in order to attain 
a better control of the operating conditions [13]. In this work, a single-cylinder, four-stroke, compression ignition 
research engine, representative of commercial truck engines, has been used. Detailed basic specifications of the 
engine are given in Table 1. 

 
Table 1: Main research engine characteristics. 
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The engine was installed in a fully instrumented test cell, with all the auxiliary facilities required for its operation 
and control, as is illustrated in Figure 1. Moreover, to achieve stable intake air conditions, a screw compressor 
supplied the required boost pressure before passing through an air dryer. The air pressure was adjusted within 
the intake settling chamber, while the intake temperature was controlled in the intake manifold after mixing with 
EGR. The exhaust backpressure produced by the turbine in the real engine was replicated by means of a valve 
placed in the exhaust system, controlling the pressure in the exhaust settling chamber. 

 

Low pressure EGR was produced taking exhaust gases from the exhaust settling chamber. Then, once it was 
filtered by a DPF, its temperature was reduced passing through a heat exchanger. After that, water steam and 
condensed were separated from gases by means of a centrifugal filter, and resulting gases were passed through 
a secundary filter. Furthermore, a roots-type supercharger was used in order to provide the external EGR mass 
flow rate desired. With the aim of lowering the gases temperature increase caused by the supercharger, a second 
heat exchanger was used before the arrival of the EGR gases to a settling chamber equipped with an electric 
heater. It was then introduced into the intake pipe, closing the external EGR loop. The temperature regulation was 
performed upon the EGR-fresh air mixture, by means of a temperature sensor in the intake manifold. Finally, the 
exact EGR rate was controlled by means of a valve between the EGR settling chamber and the intake pipe. 

 

The determination of the EGR rate was carried out using the experimental measurement of intake and exhaust 
CO2 concentration. The concentrations of NOx, CO, uHC, intake and exhaust CO2, and O2 were measured with 
specific state-of-the-art analyzers. Smoke emission was measured with a variable sampling smoke meter, 
providing results directly in FSN (Filter Smoke Number) units that were transformed into dry soot mass emissions 
by means of the correlation proposed by Christian et al. [¡Error! No se encuentra el origen de la referencia.].  

 

 
 

Figure 1: Complete test cell schema. 

Single cylinder,

4 Stroke cycle,

Direct injection

Bore x stroke [mm] 123 x 152

Connecting rod length [mm] 225

Displacement [l] 1.806

Geometric compression ratio 14.4:1

Number of valves 4

Valve actuation system Camless HVA

Engine type
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Considering the combustion strategy proposed, to carry out the experimental tests commercially available diesel 
and gasoline 98 ON fuels were selected as high and low reactivity fuels, respectively. Their main properties 
related with auto-ignition are listed in Table 2. 

 
Table 2: Characteristics of fuels used along the study. 

 

 

 

To enable RCCI operation the engine was equipped with a double injection system, one for each different fuel 
used, as is shown in the schema of Figure 2. This injection hardware enables to vary the in-cylinder fuel blending 
ratio, fuel mixture properties, according with the engine operating conditions [15]. 

 

Related to the diesel fuel, the engine was equipped with a common-rail flexible injection hardware which is able to 
perform up to five injections per cycle; the main characteristic of this hardware is its capability to amplify common-
rail fuel pressure for one of the injections (main injection) by means of a hydraulic piston directly installed inside 
the injector. Moreover, taking into account the diesel injection event shortening due to the port fuel injection of 
gasoline, a low hydraulic flow nozzle was selected to develop this study. The main characteristics of the nozzle 
used are: 8 holes with a diameter of 100 µm and an included angle between spays of 140º. 

 

Concerning the gasoline injection, an additional fuel circuit was in-house built with a reservoir, a fuel filter, a fuel 
meter, an electrically driven pump, a heat exchanger and a commercially available port fuel injector (PFI). The 
mentioned injector was located at the intake manifold and was specified to be able to place all the gasoline fuel 
into the cylinder during the intake stroke. Consequently, the gasoline injection timing was fixed 10 CAD after the 
IVO to allow the fuel to flow along 160 mm length (distance from PFI location to intake valves seats). Accordingly, 
this set up would avoid fuel pooling over the intake valve and the undesirable variability introduced by this 
phenomenon. 

 

 
 

Figure 2: Fuel injection systems scheme. 
 

2.2. 1D Computational modelling 

The data collected from the single cylinder engine were used as input for an in-house 1-D spray model, DICOM 
[16] [17]. The main objective when applying the code is to clarify the mixing process in response to variations of 
the in-cylinder fuel blending ratio and injection timings. 
 
The specific and necessary inputs for the model are the in-cylinder thermodynamics conditions evolutions 
(pressure, temperature and density), the jet cone angle and the fuel mass injection rate. In addition to be closer to 

Fuel Gasoline Diesel

Density [kg/m3] (T=15ºC) 722 882

Viscosity [mm2/s] (T=40ºC) 0.37 2.8

Octane Number [-] 98 -

Cetane Number [-] - 52

Lower heating value [kJ/kg] 44542 42651
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the real ambient conditions, the oxygen mass fraction at IVC and the stoichiometric equivalence ratio (defined as 
equation 1 shows) are needed to take into account the entrainment of air plus EGR and gasoline, respectively.  
 

 
Equation 1: Estequiometric equivalence ratio calculation 

 
Then, the model solves the general conservation equations either in a transient or steady formulation for axial 
momentum and fuel mass in terms of the on-axis (i.e. center line) referred to instantaneous values of velocity, 
species mass fractions and others. 
 
Physically, the model is based on the fact that the fuel is injected with a uniform radial profile, downstream of the 
nozzle, momentum exchange of the fuel with the surrounding air leads to increase the width of the spray as the 
axial distance increases. Radial growth of the spray is determined by the cone angle. Thus, as a typical transient 
problem, the entire spray domain is divided axially in a certain number of cells that occupy the whole spray cross 

section, each with a width of △x and, each cell is limited by an inlet (Xi). 
 
To better understand the mixing process conditions at SoC, a specific methodology was carried out with the aim 
of knowing how the mass fuel was distributed in different equivalence ratios. For each test, considering the data 
obtained from the experimental work, were determined the SoI and SoC timings. These data provided the 
calculation time for the 1-D model, because in the computational study the calculation of spray is performed from 
SoI to SoC.  
 
As a first approach, the 1-D model results consist of a spatial and temporal evolution of different equivalence 
ratios (from 9 to 0.2 in steps of 0.2). At specific time the information provided by the code is shown in Figure 3. 

  

 
Figure 3: Spatial evolution of spray in 1D model with equivalence ratio iso-lines. 

 
As can be seen in Figure 3, with the results of the 1-D code is possible to extract the iso-lines for the equivalence 
ratio zones. In addition, the masses mixed up to different equivalence ratios for the entire temporal history of the 
spray are calculated. 
 
Performing a mathematically processing work, a mass distribution mixed up in 0.2 bins to different Φ is obtained 
at experimental SoC. To understand better the methodology, an example is shown in Figure 4. 
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Figure 4: An example of area mass mixed up for one equivalence ratio 

 
Figure 5 shows the result of the methodology used. In this case, bars represent the result of the masses mixed up 
to different local equivalence ratios and the solid line profile, the envelope of these bars.  
 

 
Figure 5: Evolution of procedure to obtain the mass under the local equivalence ratio. 

 

2.3. Methodology 

As a general methodology, a combined strategy between experiments and 1-D modelling has been carried out for 
each parametrical study.  

 

Aside from the preliminary study, all the experiments were developed at low-load and medium-speed conditions, 
coincident with the A25 mode of the European Stationary Cycle for emission certification of heavy-duty diesel 
engines (fixed 25 % load and 1200 rpm). In Table 3 appears a summary of the operating conditions that were kept 
fixed during the experiments. Regarding air management, despite the advantages in terms of fast-motion intake 
and exhaust valve lift profiles (which reduces gas energy looses), it must be highlighted that the valve settings 
listed below imply that there is no valve overlap. Due to the very little clearance between the piston and valves, 
when the piston is close to TDC fast-motion lift impedes the presence of a valve overlap at breathing TDC 
reducing volumetric efficiency, otherwise valve to piston contact will occur. Moreover, the total injected fuel mass 
(except in the first study), the intake pressure and the EGR rate were kept fixed providing a global effective 
equivalence ratio of 0.7 and an intake oxygen mass fraction at IVC of 15.5%. These conditions were selected in 
order to be able to develop RCCI combustion. 

 
Table 3: Common settings of the tests described. 

 

 

 

0 0.01 0.02 0.03 0.04 0.05
X[m]

0

0.002

0.004

0.006

0.008

0.01

r 
[m

]

Example: mmix Φ=0.4 – mmixΦ=0.2 

0 1 2 3

L [-]

0

0.1

0.2

0.3

0.4

m
f 

[m
g

]

Speed 

(rpm)

P_IN

(bar)

P_EX

(bar)

T_IN

(ºC)

EGR

(%)

DI 

pressure

(bar)

PFI 

pressure

(bar)

SoI

Gasoline

(cad)

IVO

(cad)

IVC

(cad)

EVO

(cad)

EVC

(cad)

5 385 375 535 147 3471200 1.35 1.15 40 45 900

GENERAL SETTINGS INJECTION SETTINGS VALVES SETTINGS



 Page 7/18 

It is necessary to mention that, to ensure the reliability of the provided results, at every operation point its 
measurement was repeated three times and a reference point was controlled before every measuring session, in 
order to guarantee tests repeatability along the study. Moreover, all analyzers, sensors and transducers were 
calibrated by applying their respective manufacturers recommended methods. In order to give an idea of the error 
that can be derived from experimental measurements, Table 4 summarizes the accuracy of the instrumentation 
used in this work. 

 
Table 4: Accuracy of the instrumentation used in this work. 

 

 

At each engine operation point, the in-cylinder pressure traces from a piezo-electric transducer were recorded 
during 50 consecutive engine cycles in order to compensate for dispersion in engine operation. The remarked 
number of cycles was chosen by means of a preliminary study [18]. Then, the recorded values of in-cylinder 
pressure were processed by means of a combustion diagnosis code CALMEC [19] [20]. Valuable information can 
be extracted, such as the heat release, the rate of heat release (RoHR) and the unburned gases temperature, 
which is one basic input to the adiabatic flame temperature (Tad) calculation. Tad represents the temporal 
evolution of the maximum temperature overall the combustion chamber (considering unburned gases and 
products of oxidation). It has been calculated with the assumption of constant pressure at each step of calculation, 
adiabatic burning of the fuels/air mixture and considering a conventional chemical equilibrium model, with 13 
species into in the reaction, following the scheme proposed by Way [21]. 

 

Afterwards, a combination of experimental measurements and results from the combustion diagnosis code were 
used as input for the 1-D spray model for the calculation of the evolution of the local equivalence ratio after the 
SoI and before the SoC, as is detailed in the previous subsection. 

 

3. Results and discussion 

3.1. Effects of adding port-injected gasoline to neat diesel combustion 

Regarding the literature, varying fuel reactivity seems to be a suitable solution to HCCI combustion dilemma. 
Thus, a preliminary experimental study was performed in order to analyze the role played by the burning of 
gasoline in the combustion behaviour. In this study the direct injection of diesel fuel was kept constant, while the 
total amount of injected fuel was increased by adding gasoline through the intake pipe. Particular operating 
conditions of these tests are given in Table 5. 
 

Table 5: Engine operating conditions, starting from neat diesel combustion and adding port-injected gasoline. 
 

Variable measured Device
Manufacturer 

and model
Accuracy

In-cylinder pressure
Piezoelectric 

transducer
Kistler 6125B ±1.25 bar

Intake/exhaust 

pressure

Piezorresistive 

transducers
Kistler 4045A10 ±25 mbar

Temperature in 

settling chambers and 

manifolds

Thermocouple TC direct K Type ±2.5 degC

Crank angle, engine 

speed
Encoder AVL 364 ±0.02 CAD

NOx, CO, HC, O2, CO2 Gas analyzer
HORIBA Mexa 

7100DEGR
4%

FSN Smoke meter AVL 415 ±0.025 FSN

Gasoline/diesel fuel 

mass flow
Fuel balances AVL 733S ±0.2 %

Air mass flow Air flow meter Elster RVG G100 ±0.1 %
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3.1.1. Mixing and combustion process 

Instantaneous traces of RoHR are presented in Figure 6 coupled with their corresponding simulated diesel 
injection rates. Looking to the neat diesel combustion (red trace) it shows cool flame reactions, followed by the 
main energy release stage (premixed burning) and a short tail of late combustion. When the diesel fuel is injected 
into a gasoline-air atmosphere, it gets vaporized creating non-uniform reactivity stratification in the combustion 
chamber. Therefore, combustion behaviour changes, as Figure 6 shows. Firstly, low temperature reactions, cool 
flames [22], appear as in the neat diesel case promoted by the diesel injection. Afterwards, the auto-ignition of the 
high reactivity zones (diesel vaporized plus gasoline entrained) results in higher peak of high temperature heat 
release due to the increase of fuel mass burning in this premixed stage. And finally, the previous multi site 
combustion (from the 8 fuel jets) leads to multiple propagation flames through the low reactivity zones. That is 
why the previously named as late combustion (from neat diesel conditions) is enhanced and appears as a second 
stage of high temperature heat release. Thus, RCCI combustion is staged according with the mixture reactivity 
stratification, from the higher to the lower. 
 

 

Figure 6: Simulated diesel injection rate and RoHR results. 
 
In order to understand better the experimental results previously discussed, calculations with in-house 1-D model 
have been performed. The main objective of those simulations is to provide information about the mixing process, 
mainly, the local equivalence ratio at SoC conditions will be studied for the different tests detailed in Table 5. It 
should be noted that, although iso-octane and dodecane are the chosen surrogates for the gasoline and diesel 
fuels, they will be named as gasoline and diesel with the aim of simplifying the analysis nomenclature. 
 
Figure 7 presents the mass distribution mixed up to different equivalence ratios calculated at experimental SoC 
for neat diesel and different diesel-gasoline in-cylinder blending ratios, at -24 CAD aTDC of diesel injection timing 
and using a 45% of EGR rate. In the mentioned figure is clearly highlighted how increasing the amount of gasoline 
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port-injected enhances the mixture stratification, because there exists more diesel fuel at higher local equivalence 
ratios and less at lower local equivalence ratios, when the high temperature heat release starts. This fact agrees 
with the enlargement of the second stage of energy release seen in Figure 6. Considering the homogeneous 
charge of gasoline (low reactivity fuel), the reactivity stratification will be leaded by the equivalence ratio 
stratification of the diesel fuel (high reactivity fuel), which is enhanced by adding port-injected gasoline. 
 

 

Figure 7: Diesel mass under the local equivalence ratio at the SoC. 
 

3.2. Effects of varying the in-cylinder fuel blending ratio on RCCI combustion  

Once the effects of adding a gasoline port-injection to neat diesel combustion have been described in terms of 
mixing and combustion process, this study is focused on the effects of varying global fuel reactivity over 
combustion performance and engine-out emissions. Starting from neat diesel combustion, the amount of diesel 
fuel injected was reduced up to the 10% of the total fuel mass, and the amount of gasoline was increased keeping 
the total amount of fuel injected constant. Those tests were developed at a constant engine speed (1200 rpm), a 
fixed diesel injection timing (-24 CAD aTDC) and a fixed rate of EGR (45%). Particular operating conditions of 
these tests are given in Table 6. 
 

Table 6: Tests from the study of the in-cylinder fuel blending ratio. 
 

 
 

3.2.1. Mixing and combustion process 

RoHR results from tests detailed in Table 6 are presented in Figure 8, coupled with their corresponding calculated 
adiabatic flame temperatures. On the other hand, Figure 9 presents the mass distribution mixed up to different 
equivalence ratios calculated at experimental SoC. Looking to Figure 8, the neat diesel combustion (red trace) 
shows cool flame reactions and a peak of premixed burn, followed by a diffusion stage, in which injection and 
combustion events are overlapped. Then, as a conventional diesel combustion, after the EoI there is a stage of 
late burning.  

0 2 4 6 8
Local equivalence ratio [-]

0

0.05

0.1

0.15

0.2

0.25

D
ie

s
e
l 
F

u
e

l 
M

a
s
s
 [

m
g

]

0 mg/str gasoline

17.5 mg/str gasoline

24.7 mg/str gasoline

28.7 mg/str gasoline

Speed 

[rpm]

mf_total 

[mg/str]

Diesel SoI

[cad 

aTDC]

EGR_ext

[%]

70 100% 0 0%

52.5 75% 17.5 25%

35 50% 35 50%

17.5 25% 52.5 75%

7 10% 63 90%

1200 70 -24 45

mf_inj

Diesel

[mg/str]

mf_inj

Gasoline

[mg/str]



 Page 10/18 

 
As the diesel/gasoline in-cylinder blending ratio is reduced from 100/0% to 50/50%, the ignition delay increases 
due to the global lowering of fuel reactivity. Accordingly, the diesel jet has more time to entrain air and gasoline, 
and afterwards, the premixed stage of combustion shows higher peaks of heat released. At these conditions, SoC 
appears before the EoI, so the longer ignition delay implies there appear richer local equivalence ratios at the 
SoC, as Figure 9 shows.  
 
An important change of the combustion behaviour appears when the in-cylinder diesel/gasoline blending ratio is 
reduced from 50/50% to 25/75%. Like in previous ICFB ratios tested, the lower global fuel reactivity implies longer 
ignition delays. Furthermore, the shorter diesel injection event is able to entrain fewer amounts of air and gasoline 
before its auto-ignition. Accordingly, as is shown in the grey trace of Figure 8, there appears a first peak of heat 
released that is lowered, compared with previous cases. This is the premixed burn of most of the diesel fuel 
injected and its corresponding entrained air and gasoline. After this first HTHR stage, a stratified mixture of 
gasoline, air and diesel fuel (that did not burn before) burns as a multiple flame propagation (second HTHR 
stage), onset by the raise in pressure and temperature from the previous premixed burn. This two-staged 
combustion shows a squared shape with lower maximum peaks of heat release and a proper combustion 
phasing.  
 
Moreover, if the diesel/gasoline ratio is further reduced, from 25/75% up to 10/90% the combustion process is 
highly worsened. First of all, it should be kept in mind that this ICFB has the lowest global reactivity tested in this 
research. In addition, the diesel injection event is too short and the energy given by the diesel injection is not 
enough to onset multiple propagation flames. Both conditions, added to the low intake oxygen mass fraction 
(15.5%), deal with a long ignition delay and an over-mixing of the high reactivity fuel (worsened reactivity 
stratification across the cylinder). Concerning the equivalence ratio stratification, looking to Figure 10, the long 
ignition delay coupled with the fact that the injection rate has finished much before the SoC, imply the appearance 
of the leanest local equivalence ratio from all tests. At the end, those conditions imply an important worsening in 
combustion efficiency, which agrees with too long and less energetic black RoHR trace of Figure 8. 
 

 
Figure 8: On the left, RoHR results and simulated diesel injection rates. On the right, adiabatic flame temperature 
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Figure 9: Diesel mass under the local equivalence ratio at the SoC. 

 

3.2.2. Pollutant emissions 

Figure 10 shows the evolution of the main engine-out emissions as the ICFB ratio is modified, from neat diesel 
conditions up to 10%diesel / 90% gasoline. According with the combustion behaviour variation detailed in section 
3.2.1, the engine-out emissions also vary their trends, so this analysis follows the same structure. 
 
The neat diesel case burns as a conventional diffusive combustion. Consequently, it shows low levels (close to 
EURO VI limits) of CO, uHC; medium levels of NOx emissions; and high levels of soot emissions. As the 
diesel/gasoline in-cylinder blending ratio is reduced from 100/0% to 50/50%, soot emissions are strongly reduced 
due to longer ignition delay and the increase of the low reactivity fuel amount (shorter fuel molecules that lower 
soot formation). Longer ignition delays also help on a slight reduction of NOx emissions. However, as global 
reactivity is lowered, oxidation processes are worsened and CO and uHC emissions increase. 
 
The combustion behaviour variation observed in Figure 8 as the diesel/gasoline ICFB ratio was swept from 
50/50% to 25/75%, only reported a noticeable change in terms of NOx emissions trend. The squared RoHR 
implies shorter combustion events, but with extended duration of its maximum peak of heat released. As a 
consequence, the maximum adiabatic flame temperatures are higher and NOx emissions increase. On the other 
hand, it also contributes to improve CO oxidation processes. However, uHC are not reduced. It means that, the 
increase of low reactivity fuel amount across the cylinder and at cold regions has a stronger effect (gasoline near 
the wall and the crevices is difficult to burn [23]) than the mentioned enhancement of the oxidation processes. 
 
As was described in section 3.2.1, if the diesel/gasoline ratio is reduced from 25/75% up to 10/90% the 
combustion process gets highly worsened. Results in Figure 10 in terms of uHC and CO emissions confirm this 
fact with their important increase. Furthermore, the deterioration of the combustion process implies lower 
adiabatic flame temperatures, as is shown in Figure 8. Thus, the lean local equivalence ratios and the low 
adiabatic flame temperatures agree with the low levels of soot and NOx emissions shown in Figure 10. 
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Figure 10: Results in terms of pollutant emissions. 
 

3.3. Effects of injection timing on RCCI combustion  

The present study is focused on the analysis of the effects of high reactivity fuel injection timing, in terms of 
mixing-combustion process and engine-out emissions. On this concern, the diesel SoI has been swept from -15 to 
-30 CAD aTDC by 3 CAD steps. Those tests were performed at two different ICFB ratios (25%/75% and 
35%/65% diesel/gasoline percentages), at a fixed engine speed (1200 rpm) and a fixed rate of EGR (45%). 
Particular operating conditions of these tests are given in Table 7. 
 

Table 7: Tests from the study of the diesel injection timing. 
 

 

3.3.1. Mixing and combustion process 

Like in the previous section, RoHR results from tests detailed in Table 7 are presented in Figures 11 and 12, 
coupled with their corresponding calculated adiabatic flame temperatures. In addition, Figure 13 presents the 
mass distribution mixed up to different equivalence ratios calculated at experimental SoC. 
 
RoHR results shown in Figures 11 and 12 confirm that RCCI combustion is a staged process, according to 
reactivity stratification. Furthermore, combustion stages are strongly influenced by the diesel injection timing. At 
the most delayed injection timing, the initial stage of HTHR is a sharp peak in which takes place the premixed 
burn of most diesel fuel and the entrained air-gasoline. Afterwards, the reactivity stratification across the cylinder 
helps the flame propagation through the lean mixture zones, at the second stage of heat release. Looking to 
Figure 13, this behaviour is justified by a wider range of local equivalence ratios at SoC. However, as the diesel 
SoI is advanced, the local equivalence ratio stratification is reduced (and also the reactivity stratification) because 
of the increase of the ignition delay. This fact implies an important change on the combustion behaviour. The 
initial stage of combustion stills being premixed but its maximum peak of heat released gets lowered. Moreover, 
the second stage of heat release starts as multiple propagation flames which lead to generate the appropriate 
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conditions for several auto-ignition sites (that could be stated as a third combustion stage). Therefore, the burning 
of the lower reactivity mixture gets sharper and shorter as is clearly shown in Figure 11, attaining a short and 
square-shaped RoHR at most advanced injection conditions. 
 
With the aim to analyze how the ICFB ratio affects combustion performance while the diesel injection timing is 
swept, results in Figure 11 (25/75% diesel/gasoline ratio) are compared with results in Figure 12 (35/65% 
diesel/gasoline in-cylinder blending ratio). In both scenarios, combustion behaviour vary as was explained in the 
previous paragraph, increasing the ignition delay and shortening the combustion duration mainly by enhancing the 
second combustion stage, as the injection timing is advanced. However, results in Figure 12 do not show the 
lowering of the first peak of heat released either the expected squared RoHR shape, at -30 CAD aTDC. Results 
on the right of Figure 13 (ICFB: 35/65%) reflect that there is more diesel fuel mass (higher local fuel reactivity) at 
the same equivalence ratio than in the case of ICFB 25/75%. Thus, in order to achieve the favourable squared 
RoHR it is necessary to use lower global fuel reactivity blends and advanced injection timings to enable the 
appearance of low auto-ignition sites in the low reactivity regions. 
 

 
Figure 11: On the left, RoHR results and simulated diesel injection rates. On the right, adiabatic flame 

temperature calculations. Diesel/gasoline ratio 25/75%. Not all of tests were plotted for clarity. 

 
Figure 12: On the left, RoHR results and simulated diesel injection rates. On the right, adiabatic flame 

temperature calculations. Diesel/gasoline ratio 35/65%. Not all tests were plotted for clarity. 
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Figure 13: Diesel mass under the local equivalence ratio at the SoC. On the left, for 25/75% and on the right for 
35/65% diesel/gasoline in-cylinder blending ratio. 

3.3.2. Pollutant emissions 

Figure 14 shows the evolution of the main pollutant emissions as the diesel SoI is swept, for two different ICFB 
ratios. According to the variation of the combustion behaviour described in the previous sub-section, the engine-
out emissions are analysed at to two different scenarios: delayed (from -15 to -24 CAD aTDC) and advanced 
conditions (from -24 to -30 CAD aTDC). Focusing on 25%/75% diesel/gasoline blend at delayed conditions, 
Figure 14 shows that NOx and soot increase while uHC and CO are reduced, as the diesel SoI is advanced. This 
is due to the fact that the peak of premixed burn increases and also does the maximum adiabatic flame 
temperature, as is shown in Figure 11. In addition, the shorter ignition delay of delayed injection timings implies 
the richer local equivalence ratios, as is shown in Figure 13. In this sense, high adiabatic flame temperatures and 
rich local equivalence ratios lead to increase NOx and soot formation, respectively. By contrast, those high 
temperatures contribute to improve oxidation processes and to reduce CO and uHC emissions. On the other 
hand, when focusing on the same ICFB at advanced injection conditions, NOx are lowered while uHC and CO are 
slightly increased, as the diesel SoI is advanced. These opposite trends appear because of the leaner local 
equivalence ratios, the lower peak of heat released and the lower maximum adiabatic flame temperatures. 
 
How the ICFB ratio affects to engine-out emissions as the diesel injection timing is swept, is shown in Figure 14 
(comparing blue and red traces for 25/75% and 35/65% diesel/gasoline ratios, respectively). Both ICFB show the 
same trends, except for NOx emissions at advanced conditions. At those conditions, the red trace decreases 
while the blue one keeps increasing. The main reason is because higher global reactivity fuel blends need longer 
ignition delays to enhance local reactivity stratification across the cylinder, lower the maximum peak of heat 
released and also the adiabatic flame temperatures. In addition, the 35/65% diesel/gasoline ICFB has more diesel 
fuel at the same local equivalence ratio, than the 25/75%, which contributes to increase soot emissions. In terms 
of uHC emissions, the lower global reactivity fuel blend is near 2 gIkWh above the other one, whatever the 
injection timing. Higher uHC emissions from higher gasoline content are resulted from the crevice effect like the 
top-land crevice, where fuel is more difficult to be burned. 
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Figure 14: Results in terms of pollutant emissions. 
 

4. Conclusions 

A detailed investigation has been performed using a heavy-duty CI engine, operated at low load conditions and 
fuelled by port-injected gasoline and in-cylinder direct-injected diesel fuel. This work was focused on mixing - 
combustion processes, and its influence over engine-out emissions. On this concern, 1-D spray modelling was 
used to calculate the evolution of the local equivalence ratio after the SoI and up to the SoC. The most relevant 
conclusions are: 

 RCCI resulted in a staged combustion process controlled by the mixture reactivity stratification. Firstly takes 
place the auto-ignition of the premixed diesel, air and gasoline mixtures (high local reactivity zones). Then, 
the multi site temperature and pressure raise leads to multiple propagation flames through the low reactivity 
zones across the combustion chamber. Moreover, if the appropriate conditions are reached (temperature, 
pressure, equivalence ratio and reactivity distribution), the previous propagation flames deal with the 
generation of several auto-ignition sites. 

 As the in-cylinder fuel blending ratio is varied towards lower global reactivity blends (up to 25/75% 
diesel/gasoline ratio), the ignition delay gets longer and the fuel reactivity stratification is improved. That 
implies a premixed stage of combustion slightly lowered and a flame propagation enhanced, shortening 
combustion duration. 

 As the diesel injection timing is advanced, the fuel mixture gets better stratified and less zones of low local 
reactivity exist across the cylinder. It implies the lowering of the first peak of HTHR and the enhancement of 
the second one. 

 This combustion strategy, reducing the global fuel reactivity and advancing the diesel injection timing, 
resulted in an efficient “heat-to-work” conversion due to the squared and well timed heat release law 
achieved. 

 On the plus side, RCCI combustion is able to produce an important reduction in soot and NOx emissions, 
with respect to neat diesel combustion, showing attainable EURO VI emission limits. On the down side, high 
levels of CO and uHC were measured, mainly due to the crevice effect like the top-land crevice, where low 
reactivity fuel is more difficult to be burned. 

The results of this work show that RCCI combustion is a promising way to meet future emissions regulations, 
without expensive after-treatment systems. However, further work is needed to attain a combustion concept 
useful for the whole engine operating range. 
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Glossary 

aTDC: after Top Dead Centre 

CD: number of diesel fuel molecule carbons 

CG: number of gasoline molecule carbons 

CI: Compression Ignition 

CO: Carbon Monoxide 

DPF: Diesel Particulate Filter 

EGR: Exhaust Gas Recirculation 

EoI: End of Injection 

FSN: Filter Smoke Number 

HD: number of diesel fuel molecule hydrogens 

HG: number of gasoline molecule hydrogens 

HCCI: Homogeneous Charge Compression Ignition 
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ICE: Internal Combustion Engines 

IVO: Intake Valve Opening 

ICFB: In-Cylinder Fuel Blend 

NOx: Nitrogen Oxides 

ON: Octane number 

PCCI: Premixed Charge Compression Ignition 

PFI: Port Fuel Injector  

RCCI: Reactivity Controlled Compression Ignition 

RoHR: Rate of Heat Release 

SoC: Start of Combustion 

SoI: Start of Injection 

TDC: Top Dead Centre 

Tad: Adiabatic Flame Temperature 

uHC: Unburned Hydrocarbon 

YN2, air: Nitrogen mass fraction of the intake air 

YN2, air: Nitrogen mass fraction of the intake air 

Φ: equivalence ratio 

Φest: estequiometric equivalence ratio 

ΦG: gasoline equivalence ratio 

 

 


