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Abstract

Low fuel consumption is one of the main requirement for current
internal combustion engines for passenger car applications. One of the
most used strategies to achieve this goal is to use downsized engines
(smaller engines while maintaining power) what implies the usage of
turbochargers. The coupling between both machines (the turbocharger
and the internal combustion engines) presents many difficulties due to
the different nature between turbomachines and reciprocating machines.
These difficulties make the optimal design of the turbocharged internal
combustion engines a complicated issue.

In these thesis a strong effort has been made to improve the global
understanding of different physical phenomena occurring in turbocharg-
ers and in turbocharged engines. The work has been focused on the 1D
modelling of the phenomena since 1D tools currently play a major role
in the engine design process. Both experimental and modelling efforts
have been made to understand the heat transfer and gas flow processes in
turbochargers. Previously to the experimental analysis a literature review
has been made in which the state of the art of heat transfer and gas flow
modelling in turbochargers have been analysed.

The experimental effort of the thesis has been focused on measuring
different turbochargers in the gas stand and the engine test bench. In the
first case, the gas stand, a more controlled environment, has been used
to perform tests at different conditions. Hot tests with insulated and not
insulated turbocharger have been made to characterise the external heat
transfer. Moreover, adiabatic tests have been made to compare the effect of
the heat transfer on different turbocharger variables and for the validation
of the turbine gas flow models. In the engine test bench full and partial
load tests have been made for model validation purposes.

For the models development task, the work has been divided in heat
flow models and gas flow models. In the first case, a general heat trans-
fer model for turbochargers has been proposed based on the measured
turbochargers and data available from previous works of the literature.
This model includes a procedure of conductive conductances estimation,
internal and external convection correlations and radiation estimation pro-
cedure. In the case of the gas flow modelling, an extended model for VGT
performance maps extrapolation for both the efficiency and the mass flow
has been developed as well as a model for discharge coefficient prediction
in valves for two stage turbochargers.

Finally, the models have been fully validated coupling them with a
1D modelling software simulating both the gas stand and the whole en-
gine. On the one hand, the results of the validation show that compressor
and turbine outlet temperature prediction is highly improved using the
developed models. This results prove that the turbocharger heat transfer
phenomena are important not only for partial load and transient simula-
tion but also in full loads. On the other hand, the VGT extrapolation model
accuracy is high even at off-design conditions.
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Resumen

El bajo consumo de combustible es uno de los principales requerim-
ientos de los motores de combustión interna actuales para aplicaciones de
coches de pasajeros. Una de las estrategias más usadas para conseguir ese
fin es el uso de motores "downsized" (motores más pequeños con la misma
potencia) lo que implica el uso de turbocompresores. El acoplamiento entre
ambas máquinas (el turbocompresor y el motor de combustión alternativo)
presenta muchas dificultades debido a la diferente naturaleza entre las
turbomáquinas y las máquinas alternativas. Estas dificultades convierten
el diseño óptimo de los motores de combustión interna sobrealimentados
en un asunto complicado.

En esta tesis se ha realizado un importante esfuerzo para mejorar el
entendimiento global de los diferentes fenómenos físicos que ocurren en
los turbocompresores y en los motores sobrealimentados. El trabajo se ha
centrado en el modelado 1D de los fenómenos puesto que las herramientas
1D juegan actualmente un papel principal en el proceso de diseño del
motor. Se han realizado tanto esfuerzos experimentales como de modelado
para el entendimiento de los procesos de transmisión de calor y de flujo de
gases en turbocompresores. Previamente al análisis experimental se ha
realizado una revisión de la literatura disponible en la que se ha analizado
el estado del arte del modelado de transmisión de calor y flujo de gases en
turbocompresores.

El esfuerzo experimental de la tesis se ha centrado en la medida de
diferentes turbocompresores en el banco de gas y en el banco motor. En el
primer caso, se ha utilizado el banco de gas, un ambiente más controlado,
para realizar ensayos en diferentes condiciones. Se han realizado ensayos
calientes con y sin aislamiento del turbocompresor para caracterizar el
flujo de calor externo. Además, se han realizado ensayos adiabáticos para
comparar el efecto de la transmisión de calor sobre diferentes variables
del turbocompresor y para la validación de los modelos de flujo de gases de
la turbina. En el banco motor se han realizado ensayos a plena carga y a
cargas parciales para usarlos en la validación.

Para la tarea del desarrollo de los modelos, el trabajo se dividió en
modelos de flujo de calor y modelos de flujo de gases. En el primer caso, se
ha propuesto un modelo general de transmisión de calor para turbocom-
presores basado en los turbocompresores medidos y en datos disponibles
de trabajos previos de la literatura. Este modelo incluye un procedimiento
para la estimación de las conductancias conductivas, correlaciones de con-
vección interna y externa y un procedimiento de estimación de la radiación.
En el caso del modelado de flujo de gases, se ha desarrollado un modelo
extendido para la extrapolación de mapas de funcionamiento de TGV tanto
para el rendimiento como para el gasto másico además del modelo de
predicción de coeficientes de descarga en válvulas de turbocompresores de
doble etapa.

Finalmente, los modelos han sido completamente validados con su
acoplamiento a un software de modelado 1D simulando tanto el banco de
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turbos como el motor completo. Por un lado, los resultados de la validación
señalan que la predicción de las temperaturas de salida de compresor y
turbina mejora notablemente usando los modelos desarrollados. Este resul-
tado demuestra que los fenómenos de transmisión de calor son importantes
no sólo en simulaciones de cargas parciales y de transitorios sino también
en plenas cargas. Por otro lado, la precisión del modelo de extrapolación de
TGV es alta incluso en condiciones fuera de diseño.
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Resum

El baix consum de combustible és un dels principals requeriments dels
motors de combustió interna actuals per a aplicacions de cotxes de passat-
gers. Una de les estratègies més usades per a aconseguir eixe fi és l’ús de
motors "downsized" (motors més xicotets amb la mateixa potència) el que
implica l’ús de turbocompressors. L’adaptament entre ambdues màquines
(el turbocompressor i el motor de combustió alternatiu) presenta moltes
dificultats degut a la diferent naturalesa entre les turbomàquines i les
màquines alternatives. Estes dificultats convertixen el disseny òptim dels
motors de combustió interna sobrealimentats en un assumpte complicat.

En esta tesi s’ha realitzat un important esforç per a millorar l’enteniment
global dels diferents fenòmens físics que ocorren en els turbocompressors
i en els motors sobrealimentats. El treball s’ha centrat en el modelatge
1D dels fenòmens ja que les ferramentes 1D juguen actualment un paper
principal en el procés de disseny del motor. S’han realitzat tant esforços
experimentals com de modelatge per a l’enteniment dels processos de
transmissió de calor i de flux de gasos en turbocompressors. Prèviament a
l’anàlisi experimental s’ha realitzat una revisió de la literatura disponible
en què s’ha analitzat l’estat de l’art del modelatge de transmissió de calor i
flux de gasos en turbocompressors.

L’esforç experimental de la tesi s’ha centrat en la mesura de diferents
turbocompressors en el banc de gas i en el banc motor. En el primer cas,
s’ha utilitzat el banc de gas, un ambient més controlat, per a realitzar
assajos en diferents condicions. S’han realitzat assajos calents amb i sense
aïllament del turbocompressor per a caracteritzar el flux de calor extern.
A més, s’han realitzat assajos adiabàtics per a comparar l’efecte de la
transmissió de calor sobre diferents variables del turbocompressor i per a
la validació dels models de flux de gasos de la turbina. En el banc motor
s’han realitzat assajos a plena càrrega i a càrregues parcials per a usar-los
en la validació.

Per a la tasca del desenvolupament dels models, el treball es va dividir
en models de flux de calor i models de flux de gasos. En el primer cas,
s’ha proposat un model general de transmissió de calor per a turbocom-
pressors basat en els turbocompressors mesurats i en dades disponibles
de treballs previs de la literatura. Este model inclou un procediment per
a l’estimació de les conductàncies conductivas, correlacions de convecció
interna i externa i un procediment d’estimació de la radiació. En el cas
del modelatge de flux de gasos, s’ha desenvolupat un model estés per a
l’extrapolació de mapes de funcionament de TGV tant per al rendiment
com per al gasto màssic a més del model de predicció de coeficients de
descàrrega en vàlvules de turbocompressors de doble etapa.

Finalment, els models han sigut completament validats amb el seu
adaptament a un software de modelatge 1D simulant tant el banc de
turbos com el motor complet. D’una banda, els resultats de la validació
assenyalen que la predicció de les temperatures d’eixida de compressor i
turbina millora notablement usant els models desenrotllats. Este resultat
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demostra que els fenòmens de transmissió de calor són importants no sols
en simulacions de càrregues parcials i de transitoris sinó també en plenes
càrregues. D’altra banda, la precisió del model d’extrapolació de TGV és
alta inclús en condicions fora de disseny.
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ḣ Specific enthalpy flow
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1. INTRODUCTION

1.1 Motivations

The first patent of an internal combustion engine (ICE) dates from 1876 [9]. After
more than a century it is still the main source of propulsion for transportation
worldwide. The number of vehicles in developed countries is growing [10] as it
is shown in Figure 1.1. In some developed countries, as the United States, there
are 797 motor vehicles per one thousand people. In business terms, ICE top six
manufacturers had a global revenue of 1067 USD billions in 2014. Furthermore,
the vehicle industry has a prominent position in worldwide economy with many
interactions between manufacturers, governments, suppliers and clients [11].
Consequently, it is justified in modern societies to devote time and resources
to the development and improvement of ICE technology and the good use of it,
facing environmental and social problems that arise from car usage. It is even
more justified if it is considered that this technology will still be in use while
new alternatives like electric vehicles are under development [12].
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Figure 1.1: Number of registered vehicles worldwide

New concepts have appeared throughout the years to increase the power and
the efficiency of the ICE. One of this concepts is turbocharging. The coupling of
a turbocharger to the engine provides an effective way to increase output power
by increasing air density inside the cylinder. Equation 1.1 in which four-stroke
engine effective power is shown depicts that solution. Among the variables
appearing in Equation 1.1 the air density can be easily increased by using a
turbocharger or a supercharger. The difference between these two devices lies in
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1.1. Motivations

the fact that the energy used to drive the compressor that increases air density
at the intake comes from different sources. In the case of the turbocharger it
comes from a turbine that extracts energy from engine exhaust gases and in the
case of the supercharger the power to move the compressor is extracted from
engine crankshaft.

P = ηvolρaVswNη f Q f

2

(
1

AFR

)
(1.1)

The first use of turbocharging in an ICE appeared in 1917 for aviation
engines so, in the same way as for ICE technology, the idea of turbocharging is
not novel. As it can be observed in Figure 1.2 engine bmep and thus effective
power decrease as altitude increases due to lower density. For that reason,
early aviation engines required means to increase effective power. By using a
turbocharger it is possible to increase the power and fly at a higher service ceiling
with the same power as naturally aspirated engine as shown by the grey curve
in Figure 1.2. One of the first uses of turbocharging for ground transport was on
truck engines as more power and torque are required for that application. Truck
and heavy duty engines manufacturers started using turbocharging around
1954 and its use continues today, improving the performance of both the ICE
and the turbocharger [13].
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1. INTRODUCTION

In the last years, strict emissions regulations impulsed ICE design in a
different direction where pollutants reduction became the main design issue.
ICE application on passenger cars suffered the most severe restrictions as their
pollution affects heavily inhabited zones. The strict European regulation [14]
concerning passenger car emissions is a proof of this trend. Moreover, energy
usage had become an important issue worldwide promoting energy harvesting
and saving technologies [15]. Related with that an increased engine efficiency
can contribute to energy waste reduction and consequently to fuel savings. This
fact can help to extend the time available for finding alternative solutions to
fossil fuels. In this global framework ICE manufacturers for passenger car
applications devote more resources to engine research and design improvement
focusing on these two problems.

One of the main techniques to reduce carbon dioxide emissions and reduce
fuel consumption is using downsized engines. An important effort from both
industry and engine research facilities is focused on this solution, proved by
global projects like the one developed in [16]. In the last years downsizing has
been heavily used in passenger car engines. Downsizing consist in the reduction
of engine swept volume keeping the same power as the higher volume engine
i.e increasing engine specific power. The power increment needed to match
the smaller volume engine power to the bigger engine is achieved by means
of turbocharging. The advantage of this approach is the effective efficiency
increment compared to a naturally aspirated engine of higher volume. As
the efficiency is higher, the emissions of carbon dioxide are lower as both are
directly related by the combustion process. In Equation 1.2 the expression for
effective engine efficiency is provided. For a given indicated power, indicated
efficiency is the same in both the naturally aspirated and the turbocharged
engines. However, a much higher bmep will be achieved in the turbocharged
engine for the same power due to higher cylinder pressures. Nevertheless, the
sum of terms pmep+ fmep+amep will not suffer a considerable increase. The
mean effective pressure of auxiliary systems (amep) is similar in both engines as
exhaust gas turbocharging is used, so no power is extracted from the crankshaft.
Pumping losses mean effective pressure (pmep) can increase in the case of a
turbocharged engine but not to a high extent as the back-pressure due to the
turbine is compensated by the higher pressure at the intake provided by the
compressor. Friction mean effective pressure (fmep) may slightly increase in
turbocharged engine due to the larger dimension of bearings because of the
increased cylinder pressure. However, as this increment is much lower than the
bmep increment, the turbocharged engine efficiency will be higher according to
Equation 1.2.

ηe = ηi ·ηm = ηi ·
bmep

bmep+pmep+ fmep+amep
(1.2)
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1.1. Motivations

In this framework, turbocharging has become a key technology for this
application as it is one of the best ways of achieving same effective power
in the downsized engine. However, the coupling between the ICE and the
turbocharger presents several difficulties [17]. The problem is inherent to the
way in which each machine works. While an ICE is an alternative machine
that works with pulsating flow, a turbocharger is a continuous flow machine.
Several studies as the one presented in [18] show the effects of pulsating flow
on turbocharger behaviour. Other aspects of the modelling of turbocharger and
engine coupling like heat transfer [19] or partial admission [20] are at high
discussion in nowadays research as it can be deduced from the recent papers
published about these issues.

Engine research has usually been focused in two complementary aspects:
experimentation and modelling. While experiments in engine test rigs provide a
way of measuring variables in real conditions, modelling provides a tool for the
prediction of engine behaviour, reducing additional experimental costs. Both
approaches are used in a combined way since modelling requires experimental
data for validation and calibration while experimentation benefits from mod-
elling due to the reduction of the number of tests. In ICE modelling field 1D
modelling tools are widely used in industry and research [21]. In these tools fluid
dynamics equations are simplified to a one-dimensional case using different
discretization schemes to compute gas properties in the different cells. That way
flow items like pipes can be calculated. The processes occurring in other engine
systems like the combustion in a cylinder are calculated based on experimental
information.

The research in this field is focused mainly on the independent modelling
of the turbocharger or the engine. Little research has been done concerning
the effects of turbocharging modelling on engine performance modelling. This
probably occurs due to the fact that generally engine manufacturers and tur-
bocharger manufacturers are different companies and the communication of
important information is uncommon between them. However, advanced tur-
bocharger modelling is an important tool to improve ICE design in order to
fulfil current emission regulation and engine performance goals. The effect
of the different turbocharger models like the heat transfer model on engine
performance modelling must be analysed to characterise the real impact on
predictions.

At CMT-Motores Térmicos of Universitat Politècnica de València several
dissertations have been performed concerning turbocharging models and ex-
perimentation. The thesis of Tiseira [22] deals with compressor surge problem
from both modelling and experimental points of view. Cervelló [23] developed
a testing methodology for turbochargers that have been extensively used af-
terwards. Fajardo [24] centred his studies on a 3D modelling of turbocharger
turbines. Using a similar approach, Navarro [25] studied compressor acoustic
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1. INTRODUCTION

problem. Reyes-Belmonte [26] centred his efforts on improving and developing a
methodology to account heat transfer in turbochargers. Finally, García-Cuevas
[27] developed an improved model for turbine simulation using a quasi 2D
approach. In this framework, the current dissertation provides an improvement
of some of the models previously developed focusing mainly on the models that
can enhance engine simulation using commercial 1D tools like GT-POWER™.
Moreover, as it has been stated previously, the effect of these turbocharger
models on whole-engine models is studied in depth.

1.2 Objectives

The main objective of this PhD dissertation is to offer a global approach to
turbocharger advanced modelling and show its impact on engine performance
prediction when using a 1D whole engine model. Several tasks must be per-
formed prior to accomplishing the main objective. These tasks correspond to a
generalisation of turbocharger 1D submodels and are listed below:

• Experimental analysis of the variables affected by heat transfer phenom-
ena in turbochargers in both the gas stand and the engine test bench.

• Development of a general methodology to characterise heat transfer phe-
nomena in turbochargers taking into account convective, conductive and
radiative heat transfer modes.

• Development of a map extrapolation tool for VGTs and fixed geometry
turbines for both the reduced mass flow and the total to static efficiency.

• Development of a methodology to characterise wastegate discharge coeffi-
cient for fixed geometry turbines.

• Integration of turbocharger submodels into a whole engine model for
validation.

After the fulfilment of these tasks the main objective can be achieved. This
will be done by studying the effect of turbocharger modelling on a whole engine
model performance predictions at different engine operating conditions. Full
loads, partial loads and tip in and tip out cases will be discussed separately and
compared to experimental results performed in an engine test bench.

1.3 Methodology

In this dissertation a refined approach regarding turbocharger 1D modelling
that considers the effect on whole engine models was developed starting from
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previous works. For that purpose, several turbocharger modelling problems have
been studied providing a clear methodology for accounting different aspects like
heat transfer, map extrapolation and wastegate discharge coefficient calculation.
The validation of the different models has been done using experimental data
from both the gas stand and the engine test bench. This approach results in the
work being divided into two complementary parts, in the same way as it is done
in engine design process.

Focusing on the objectives of the dissertation, the experimental part is con-
ceived as a way to provide valuable inputs to build the models. Moreover, it
will give insight into the turbocharger parameters that are strongly affected by
different phenomena like heat transfer. In that way, the experimental work has
been divided in heat transfer characterisation, discharge coefficient measure-
ment in wastegated turbines and adiabatic map characterization for turbine
map extrapolation tools. A deep analysis of the obtained results has also been
performed in the different experimental parts.

For heat transfer characterisation, several testing methodologies have been
used in order to isolate the different heat transfer modes so they can be studied
independently. Conductive heat transfer has been characterised in the thermo-
hydraulic test bench before the tests in the gas stand, using the methodology
described in [28]. Turbocharger wall temperature measurements are necessary
and were redundantly measured. Gas stand offers the most controlled envi-
ronment for turbochargers testing, what makes possible the development of
models from reliable data. Different heat transfer paths in the turbocharger
were measured using the turbocharger itself as a heat transfer sensor since the
conductive conductances have been characterised in the themohydraulic bench.
However, actual turbocharger operating conditions at higher temperatures are
better reproduced in an engine test bench. For that reason, engine test bench
experimental results have been analysed and used for validation in the thesis.
External and internal heat transfer were distinguished in order to build an
external heat transfer model in this work.

The adjusted and validated external heat transfer model has been used to
perform an analysis of the different heat flows, showing that the most important
external heat fluxes come from the turbine external surface, due to its higher
temperature and big areas. External heat fluxes at the central housing are
negligible compared to the turbine enthalpy drop. In compressor side, external
heat flow can be reversed, i.e. it can be lost or absorbed depending on the running
conditions. In this way, the most important seems to be the heat radiated by the
turbine side but the other paths cannot be neglected.

For the discharge coefficients characterisation, the testing methodology was
focused on mass flow measurement through the wastegate during turbocharger
operation. An indirect approach was used, in which the whole turbocharger
system was tested at the same time in a gas stand. For the adiabatic map
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1. INTRODUCTION

characterisation, the focus of the tests was on the correct measurement of
turbine adiabatic efficiency achieved by minimising heat transfer fluxes along
the turbocharger using the approach detailed in [29].

From the modelling point of view, several turbocharger models to account for
different aspects have been developed in the thesis. In the first place, a general
methodology to account for heat transfer phenomena in turbochargers has been
developed. This methodology helps to save experimental costs of turbocharger
heat transfer characterisation. As it will be proved by a 1D whole engine model,
turbocharger heat transfer phenomena play an important role in whole engine
simulations. The results of the simulations will show much better predictions
in turbine outlet temperature compared to the original model without heat
transfer modelling. Compressor outlet temperature prediction will be slightly
improved, as well. It will be also proved for both variables that the precision of
the generic methodology is similar to the precision given by specific correlations
based on empirical data of a given turbocharger. In that way, experimental
characterisation of the turbocharger in several test rigs can be avoided without
losing precision in compressor and turbine outlet temperature prediction.

In the second place, a turbine map extrapolation model has been developed
which is crucial in whole engine simulations since the pulsating flow makes the
turbine work outside of its design conditions. The model shows good agreement
with the experimental data even when it is calibrated with a very limited set of
data. In this model both mass flow and efficiency can be extrapolated beyond
typical turbine map measured range in whatever variable, i.e. VGT position,
reduced speed and blade to jet speed ratio. In the case of wastegated turbines,
wastegate valve discharge coefficient has been modelled in a mathematical way.
The error in mass flow prediction using this procedure is small if compared with
the experimental results.

Finally, after the theoretical development of the different turbocharger mod-
els they were integrated in a GT-POWER™ model by means of an external
library. GT-POWER™ were used since it is widely used in industry and research
althuogh the developed models can be coupled and used in any other 1D mod-
elling environment. After the integration in GT-POWER™, the models were
validated against experimental data. Several simulations have been performed
to show the effect of the different models on the prediction of several engine
variables. The heat transfer model has been studied using a whole engine model
in both transient and steady conditions. The wastegate discharge coefficient
model has been studied in a two stage turbocharger gas stand model. Finally,
the turbine map extrapolation model was studied in a single stage turbocharger
gas stand model.

Contrary to the general view that heat transfer phenomena occurring in tur-
bochargers are only important at partial loads and transient engine evolutions,
in this work, it will be demonstrated that full load operating points are also
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1.3. Methodology

affected by these phenomena. The compressor and turbine outlet temperatures
are important variables to be predicted at these operating points. The impor-
tance is in inter-cooler design (or combustion process), after-treatment, exhaust
energy recovery and two stage turbocharging modelling and design because
accurately predicted boundary conditions can be used in each case.

The work will also show that turbo speed prediction is not affected by heat
transfer when hot turbocharger maps in which compressor and turbine have
been measured at the same time are used.
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Figure 1.3: Outline of the dissertation

In Figure 1.3 an outline of the dissertation is presented including chapters’
distribution. As it can be observed in Figure 1.3, the whole dissertation repre-
sents a full cycle of experimentation, modelling and validation as it is customary
in engine design and research. In that way, after the current introduction and
a deep review of the available research on the different subjects of study, each
chapter corresponds to one step of this cycle.

Chapter 1 sets the motivation of the research, the primary objectives that
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1. INTRODUCTION

have been achieved during the development of the thesis work and the method-
ology employed to achieve these objectives.

Chapter 2 provides a deep insight into the available research regarding
the different parts of the dissertation. Different heat transfer models will be
discussed with focus on 1D models, empirical models and CFD models. The
influence of these models on engine performance prediction will also be discussed.
Regarding turbine maps extrapolation, several models available on the literature
will be discussed stating their advantages and disadvantages. These models are
based on empirical, mean line or CFD approaches. Finally, the flow thorough an
orifice will be studied showing available research regarding wastegate discharge
coefficient determination.

Chapter 3 will provide a description of the experimental work in both the
gas stand and the engine test bench. The focus will be on test methodology,
on the results and on the analysis of these results. This analysis will provide
insight into the effects of turbocharger phenomena on the performance variables
of both the engine and the turbocharger.

Chapter 4 is dedicated to the development of the modelling part of the disser-
tation. In this chapter, the underlying theory of the models is described as well
as model integration in a commercial 1D software. The different turbocharger
models and their effect on engine perfomance prediction will be discussed. This
includes a generalised heat transfer model composed by internal convection,
conduction and external heat transfer, a turbine performance map extrapolation
model for both the reduced mass flow and the efficiency and wastegate discharge
coefficient modelling.

Chapter 5 deals with the validation of the models developed in the previous
chapter using the gas stand and the whole engine models in a 1D gas dynamic
software. In the whole engine model case both steady and transient simulations
will be studied. Different turbochargers that have not been used in the model
development phase will be used in this validation stage.

Finally, chapter 6 gives an insight of the main contributions of the work
performed in the thesis as well as a list of possible future works that fell beyond
the scope of this work.
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2.1. Introduction

2.1 Introduction

The usage of turbochargers has evolved throughout the last years. Improve-
ments regarding the operation of turbochargers are currently under development
on diesel and gasoline automotive engines. The improvements are focused on
several topics of engine and turbocharging matching. Some of them are related
with heat transfer modelling in order to take into account these phenomena
in one dimensional models. Furthermore, the effect of these phenomena on
turbocharger and engine performance has also been studied in the last years
by the scientific community. Several approaches have been developed to ac-
count for heat transfer phenomena in turbochargers ranging from lumped-mass
modelling to complex computational calculations. In order to improve turbine
design and modelling a lot of research effort was also devoted in the last years to
turbine map extrapolation techniques. Several approaches were used regarding
this topic, ranging between empirical models and CFD approaches. Another
interesting topic related with the contents of current thesis is the discharge
coefficient modelling of the different valves used in turbocharging. This topic is
acquiring a lot of attention in the last years as two stage turbocharging solution
makes use of several by-pass valves. In this chapter a comprehensive literature
review regarding the different topics of the thesis is presented.

Several aspects of current turbocharging research regarding compressor
map extrapolation and surge detection as well as pulsating flow effects are left
aside in this chapter as they are not clearly related to the thesis.

2.2 Heat transfer modelling in turbochargers

Traditionally, turbochargers behaviour has been modelled neglecting heat trans-
fer phenomena [21, 30], specially when a whole-engine 1D simulation of tran-
sient gasoline cycles was carried out [31, 32]. However, in the last decade several
authors pointed the importance of considering heat transfer phenomena in tur-
bochargers to improve models prediction capabilities in terms of precision and
robustness. Previously to those claims, the effect of heat transfer on efficiency
measurements in turbocharger hot gas stands has already been considered by
[33]. This author pointed out that the measured efficiency in both compressor
and turbine is different from adiabatic efficiency in the case of hot gas flowing
through the turbine. The reason of this behaviour is the difficulty of measuring
the fluid temperature difference due to pure compression or expansion, decou-
pled from possible heat fluxes [2]. These heat fluxes cannot be neglected for
many turbochargers and engine operative points. Even in axial compressors
the effect of heat transfer on the efficiency is important [34]. Therefore, the
heat transfer phenomena in map measurement affect turbocharger and engine
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1D modelling [35] as compressor and turbine efficiencies are used to compute
properly the outlet temperatures and the powers of both machines. Compressor
outlet temperature prediction is crucial in setting correct boundary conditions
for the intercooler and combustion chamber. Turbine outlet temperature pre-
diction is important in increasing the accuracy of after treatment modelling
and in improving the prediction of the available energy for a second turbine.
Furthermore, it is also important for modelling exhaust energy recovery systems.
Finally, accurate power output calculation is necessary to calculate turbocharger
speed which affects to overall turbocharger performance.

In order to show the importance of heat transfer phenomena in turbocharger
modelling different approaches and studies have been performed. Experimen-
tal studies of the phenomena, both in a gas stand [36] and in an engine test
bench [37] have been published. The gas stand tests decouple the turbocharger
phenomena from the ones associated to the engine. The engine test bench exper-
iments represent the closest approximation to real vehicle operation conditions.
The work performed in [37] reveal that turbine and compressor temperatures are
not uniform during engine operation. Furthermore, Figure 2.1 shows that there
is an important difference between inner and outer walls of the turbocharger
at three different locations. The ’external’ location corresponds to casing tem-
perature measurement on the opposite side to the engine, the ’engine’ locations
corresponds to the point of the casing that faces the engine directly and ’top’ is
located between ’engine’ and ’external’. Aghaali et al. [38] also made an impor-
tant effort in analysing different heat transfer conditions in the turbocharger on
engine operation.

Furthermore, theoretical studies [39] showed that isentropic efficiency defi-
nition is insufficient to correctly asses the heat transfer in compressors spinning
at low speeds. The reason reported by these authors is that the denominator of
isentropic efficiency definition, shown in Equation 2.1 is not equal to the shaft
power for diabatic flows. In this case the temperature rise of the denominator is
composed of shaft power and heat addition due to heat transfer effects.

ηs =
T2s −T1

T2 −T1
(2.1)

In Figure 2.2 it can be observed that the effect of turbine inlet temperature
on compressor efficiency is more important at low and medium rotational speeds.
The drop in efficiency is clear when the turbine inlet temperature is increasing.

The authors propose to use the polytropic efficiency definition adding a
heat transfer component as shown in Equation 2.2, where ηp is the polytropic
efficiency, ηpq the diabatic polytropic efficiency, q12 the specific heat transfer in
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Figure 2.1: Turbine casing: inner and outer wall temperature difference in
three different locations [37]
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Figure 2.2: Compressor isentropic efficiency with different turbine inlet
temperatures and rotational speeds [39]

the compressor and y12 the specific polytropic head rise in the compressor.

ηp = 1
1
ηpq

− q12
y12

(2.2)
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Shaaban and Seume [40] developed and confirmed experimentally the theory
that compressor non-adiabatic performance is dominated by the compressor heat
number, defined in Equation 2.3, and peripheral Mach number. The deviation
from adiabatic performance increases with the decreasing of peripheral Mach
number due to the relative decrement of aerodynamic work compared to the
amount of heat transfer. The effect of the compressor heat number has the
inverse trend. High values of the compressor heat number correspond to higher
deviations between non-adiabatic and adiabatic compressor performances. The
reason for this behaviour can be inferred from Equation 2.3. Higher compressor
heat transfer, qC, result in high compressor heat numbers and thus in higher
non-adiabatic performance of the compressor.

ζh,C = qC

cp,airT1t
(2.3)

Diango et al. [41] have considered heat transfer in turbochargers and
micro gas turbine using an exergetic analysis. This analysis allows a detailed
calculation of losses in the turbocharger, distinguishing heat transfer from shaft
power. The same authors have also demonstrated in [42] that internal and
heat transfer in small gas turbines introduces a drop in their performance. The
adiabaticity assumption in this type of machines and in turbochargers leads
to inaccurate results. Furthermore, the insulation of the turbine results in a
higher drop in performance compared to non-insulated case.

All these studies show that the importance of heat transfer phenomena in
the overall power exchange inside the turbocharger can be significant at low and
medium turbocharger speeds. In the next subsections the different approaches
in the literature to take into account these phenomena in turbocharger modelling
will be described. Additionally, studies reflecting the impact of heat transfer
models in engine performance will be discussed in a separate subsection.

One dimensional models

Turbocharger heat transfer models based on a 1D approach study the compres-
sion and expansion processes in compressor and turbines from a thermodynamic
point of view. In this analysis the difference between isentropic adiabatic and
diabatic processes is highlighted. The characterization of these processes is
made by measuring performance maps of compressor and turbine in a gas stand.
The traditional approach in 1D models of turbocharged reciprocating engines
has always been the usage of these maps measured in hot conditions [30]. Thus,
with a given gas conditions at the inlet of the turbomachine, the outlet conditions
are easily obtained using the measured efficiency and pressure ratio provided
by the map.
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2.2. Heat transfer modelling in turbochargers

The gas stand measured variables necessary to characterise a performance
map include compressor and turbine inlet and outlet temperatures, pressures
and mass flows, as well as turbocharger shaft speed. Performance maps are
composed of four main parameters: reduced or corrected mass flow (equation
2.4), reduced or corrected shaft speed (equation 2.5), total to static or total to
total pressure ratio (equation 2.6) and total to static or total to total efficiency
(equation 2.7).

ṁred
t = ṁt ·

√
T3t

p3t
; ṁ∗

c =
ṁc ·

√
T1t/Tre f

p1t/pre f
(2.4)

Nred
t = N√

T3t
; N∗

c = N√
T1t/Tre f

(2.5)

πt/s
t = p3t

p4
; πt/t

c = p2t

p1t
(2.6)

ηt/s
t = 1−T4/T3t

1− (
1/πt/s

t
) γ−1

γ

; ηt/t
c =

(
πt/t

c
) γ−1

γ −1
T2t/T1t −1

(2.7)

In these equations the standard definitions for compressor and turbine have
been chosen in terms of reduced or corrected parameters. As it can be observed
in the equations, in reduced and corrected mass flow and speed definitions inlet
pressure and temperature are included, making the maps useful for comparison
even when inlet conditions are different to the measured in the gas stand.
Those parameters are highly useful as they relate the different conditions that
can appear in both compressor and turbine. For instance, for a given reduced
mass flow and reduced speed there is only one efficiency and one pressure ratio
possible value. Furthermore, the maps reveal zones of optimal operation, where
the efficiency of the turbomachine is higher and zones of undesired operation as,
for instance, surge zone in the compressor.

The measurement of the maps in the gas stand can be done using different
approaches. The main two approaches are hot and cold tests. In hot tests the
turbine inlet temperature is high (similar to the exhaust gases temperature of
the engine) while in cold tests the temperature is kept at lower levels, usually
below 130°C.

In the first approach the efficiency values of compressor and turbine are
affected by heat transfer phenomena occurring during the tests due to the high
temperature differences. In Figures 2.3a and 2.3b it can be observed that the
evolution in the enthalpy-entropy chart is different in both cases. Following the
ideas of [43] some heat is added or subtracted in the process. This heat changes
the temperature at the outlet of the compressor or at the inlet of the turbine so
it is different from the corresponding adiabatic evolution. Thus, the efficiency
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computed from equation 2.7 would be different from pure adiabatic efficiency of
the turbomachine. In the cold tests the measured efficiencies are less affected
by heat transfer effects and are closer to the adiabatic definition.
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Figure 2.3: (a) Compressor enthalpy-entropy chart (b) Turbine
enthalpy-entropy chart

Sidorow et al. [44] have proposed a three stage division of the compression
and expansion processes as shown in Figure 2.4. In their proposal heat is
extracted or added before the adiabatic compression or expansion and after it.

Several definitions of turbine efficiency in hot conditions have been used
in the literature. Turbine efficiency can be defined based on the isentropic
power of the turbine or isentropic power of the compressor. In the last case,
mechanical losses are taken into account in the definition. In Equation 2.8 the
first definition is shown, called turbine diabatic efficiency (TDE) as in a general
case of hot gases it corresponds to a diabatic evolution. In Equation 2.9 effective
turbine efficiency is presented. This definition is also called map efficiency as
it is normally used by turbocharger manufacturers in the performance map
that they supply with the product. This definition is affected by both the heat
transfer to the compressor and turbocharger friction losses as demonstrated in
[45].

TDE = T30a −T4a

T30a −T4as
= Ẇt

Ẇtsa
(2.8)

ETE = ηt,map = ṁc · cp,c · (T20 −T10)
ṁt · cp,t · (T30 −T4s)

= Ẇc + Q̇C/Air

Ẇts
(2.9)
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Figure 2.4: Compression and expansion process according to [44]

For the compressor the definition of efficiencies in adiabatic and in hot
(diabatic) maps are presented in Equations 2.10 and 2.11, where the temperature
definitions are shown in Figure 2.3a.

ηc,adiab. =
T20s −T10

T20a −T10
= Ẇcs

Ẇc
(2.10)

ηc,diab. =
T20s −T10

T20 −T10
= Ẇcs

Ẇ ′
c
= Ẇcs

Ẇc + Q̇C/Air
(2.11)
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Furthermore, according to [46] the effect of non-adiabatic turbocharger
operation impacts on the prediction of the performances of the bearings.

The efficiency values are crucial for correct outlet temperatures computation.
Therefore, it is important to consider if cold or hot maps must be used for better
prediction. Furthermore, the different ways of defining turbine efficiency must
be also taken into account. The standard approach is to use hot maps because
the temperatures in the engine are similar to those in the gas stand so measured
efficiencies will give more accurate values of outlet temperature for the same
conditions. However, in present thesis it will be proven that turbine outlet
temperature prediction accuracy is low using hot maps at similar conditions
without heat transfer model. If a cold map is used the prediction will be worse
as the temperatures in the gas stand are much lower than those in the engine.
However, if different engine conditions are to be modelled such as partial loads
and transients (which are actually important for normative driving cycles) the
hot map approach might yield worse results in terms of precision due to lower
temperatures in the engine. It is possible to use cold maps for such conditions
when the temperatures in the engine are similar to those in cold maps but it
could be difficult to find reasonable similarities.

To overcome these problems different approaches have been proposed to take
into account the type of map used in the models and the temperature conditions
during map measurement. Heat transfer phenomena must be studied and taken
into account for this purpose in 1D simulations.

Experiments in gas stand as performed by [47] have been used to evaluate
the effect of turbine inlet temperature and mass flow on turbine and compressor
casings temperature. The authors concluded that the influence of turbine inlet
temperature on turbine casing maximum temperature is nearly linear. The
effect of increasing turbine mass flow is reflected in the increment of compressor
casing temperature due to the increment of compressor pressure ratio.

Lüddecke et al. [48] have performed an extensive experimental study in a gas
stand showing the important impact of turbine inlet temperature in compressor
and turbine efficiencies. The effect of water cooling temperature has been also
studied in [48] showing higher compressor efficiencies in the case of lower water
cooling temperatures. External radiation measured using thermal imaging
shows higher bearing housing temperatures in the case of higher turbine inlet
temperature. Finally, this study proposed a methodology of measuring a wider
turbine map range by using different turbine inlet temperatures. In that way
for lower temperatures the expansion ratios will be higher for the same reduced
speed. The conclusions of a more recent study made by Marelli et al. [49] are
similar. In both papers simple correction models for compressor efficiency have
been proposed. However, neither of them quantified the heat transfer in the
different turbocharger elements.

Schinnerl et al. [50] have also performed and extensive experimental cam-
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paign to study the effect of heat transfer on compressor and turbine performance.
In Figure 2.5 it can be observed that the effect of heat transfer on compressor
efficiency is higher in the low and medium turbocharger speed range. This
impact is also correlated with the coolant temperature as shown in Figure 2.6
where the coefficient of Equation 2.12 is plotted against the corrected mass flow.
The values of fq higher than unity indicate that the compressor is losing heat to
the central housing, thus increasing the value of the measured efficiency. Lower
values than unity mean that the compressor is receiving heat what gives lower
measured efficiency. As it can be observed in Figure 2.6 when the coolant is at
lower temperature compressor measured efficiency will be higher and when the
coolant temperature is high the measured efficiency will be lower. Finally, in [50]
it is also reported that a significant improvement in turbine outlet temperature
prediction can be achieved with a calculation of more accurate values of turbine
isentropic efficiency using a heat transfer model.

Figure 2.5: Compressor performance map with differences between adiabatic
and diabatic compressor efficiency [50]

fq =
∆hdia,c − qc,a − qc,b

∆hdia,c
(2.12)

In Muqeem et al. review work [51] it is stated that turbine non-adiabatic
operation can increase turbo lag. The reason is the inaccurate prediction of
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Figure 2.6: Heat correction factor for compressor efficiency [50]

compressor and turbine power without heat transfer model what can increase
the denominator of Equation 2.13.

∆t = Irotor

∫ ω2

ω1

ωdω
ẆT −ẆC

(2.13)

Shaaban and Seume [52] have studied the effect of turbocharger heat trans-
fer on internal combustion engine volumetric efficiency. It is stated in their
study that at part loads a decrease of 4% in volumetric efficiency can be expected
at medium turbocharger rotational speeds.

Other authors [53] showed that manufacturers maps must be modified in
diesel engines simulation codes in order to take into account heat transfer
effects. The authors have proposed a very simple heat transfer model taking
into account the turbine inlet temperature to correct compressor manufacturers
map. Even with the simple model proposed an improvement in compressor
outlet temperature prediction was detected.

A similar kind of models can also be based on tests in engine rigs [54]. From
those tests a 1-D heat transfer model was developed in [37].

Aghaali et al. [55] studied the effect of heat transfer at different engine
load points. The experiments show the effects of different variables on heat
transfer phenomena. According to this work, the temperature of turbocharger
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working fluids is affected by the turbine and compressor performance and the
temperature of the walls.

Bohn et al. [56, 57] have studied turbocharger heat transfer using a conju-
gate 3D model. They found that at low Reynolds numbers in the compressor
the compressed air is heated by the heat flux coming from the turbine. If the
Reynolds number is high the air is heated by compression and this heat goes to
the casing.

In [58] a conjugate CFD heat transfer model has been used in conjunction
with a 1D model. The 3D model was used to estimate a value of the wetted
compressor area before and after compression. The authors used this estimation
in 1D simulations concluding that the difference between this approach and
considering heat transfer only after the compression process is only of one
percentage point in outlet temperature prediction. This conclusion clearly
validates the simplifications given in Figures 2.3a and 2.3b where the addition
or subtraction of heat in the compressor is considered only after the compression
process.

Models based on calibrated coefficients to provide an estimation of heat
transfer or adiabatic efficiency are widely used. The authors of [48] have
proposed a method based on water cooling to correct the measurements of
turbine efficiency taking into account heat transfer. This model takes into
account only conduction inside of the turbocharger, not considering external
heat transfer between the test cell and the turbocharger. Two coefficients were
calibrated in this model offering precise results.

Some authors use calibration coefficients for engine models [59, 55]. They
conducted a test campaign at different engine loads [60] to build a heat transfer
model in GT-POWER™. In the first place, efficiency multipliers were used
proving difficult the proper calculation of turbine outlet conditions using only
the multipliers. For that reason, an improved model is proposed in which a heat
sink and a heat source are used in the compressor and turbine, respectively. In a
different study of the same authors [38] a model to include external heat transfer
is included, taking into account both external convection and radiation. Several
methods have been compared to compute Nusselt numbers for convective heat
transfer based on previous studies of the literature. Finally the authors propose
a correlation that better fits their experiments which has been made at a wide
range of external heat transfer conditions.

Shaaban et al. [61] developed a special software capable of simulating the
turbocharger performance taking into account the heat transfer in compressor
and turbine. The software implements a model developed on physically based
regression equations.

Another approaches used in the literature are the lumped capacitance mod-
els. For that purpose the turbocharger is divided in several nodes and the
interactions between different fluids and the metal nodes are considered. In
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Figure 2.7 this kind of model is shown. It is necessary to provide a way to
compute all the heat flows considered. This can be done by using gas stand
experiments to fit standard convective correlations as done in [62], [63] and
[64]. More considerations must be taken into account to compute the heat flows
between the metal nodes like the metal conductances between the nodes. These
models also give the possibility to consider thermal inertia and thus model
transient behaviour of the turbocharger regarding heat transfer.

Convection Conduction

H

T 1 2 3 4 5 C

Tatm

Convection Convection Convection

Convection

ConvectionConvectionConvection

Conduction Conduction Conduction

Figure 2.7: Resistances for turbocharger heat transfer model [63]

The convective heat transfer is calculated in these studies by using correla-
tions of the form shown in Equation 2.14. It is a conventional approach in the
study of convective heat transfer [65].

Nu= a ·Reb ·Prc (2.14)

Serrano et al. [66] propose general coefficients for the convective heat
transfer correlations for the different fluids. In order to take into account
the variation of Nusselt number depending on different turbine conditions
new terms can be added to Equation 2.14. Some authors like Lavagnoli et al.
[67] have reported different Nusselt numbers in axial turbines depending on
circumferential position. This fact can be extrapolated to radial turbocharger
turbines as shown in previous studies made by Reyes [26]. Taking into account
these previous works special care must be taken in modelling the convective
heat transfer of variable geometry turbines.

Authors like [68] have performed a sensitivity study of the heat transfer
model parameters in this kind of approach. The results show that the influence is
low on gas temperature prediction but high on housing temperatures prediction.

The procedure detailed in [69] is similar to the previously described one. In
this study, the authors separated the different heat transfer phenomena that
occur in the turbocharger. Heat transfer by conduction among the metal nodes
is studied independently of the convection with the different fluids using the
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procedure detailed in [28]. The convective heat transfer has been studied in
gas stand using different type of tests taking special care with measurement
uncertainity with the procedures described in [70]. The external heat transfer
has also been studied in [1] using a simplified geometry for the turbocharger.
The proposed model has been built using experimental results from the gas
stand and the engine test bench.

Other authors like [71] have found that convective correlations coefficients
on three different turbochargers have similar values for internal convection.
However, external free convection coefficients proved to be dependant on tur-
bocharger model.

The results found in previous studies suggest that convective correlations of
the form proposed in Equation 2.14 can be used consistently on different tur-
bochargers for internal heat transfer modelling. However, special care must be
taken on modelling external heat transfer to provide general results applicable
to different turbocharger models. According to Shaaban [72] the external heat
transfer can represent up to 70% of the total heat transfer of the turbine at low
rotational speeds.

In [73] engine transient behaviour has been modelled using a lumped model
considering only turbine and compressor casings. The results reported in this
study show an important improvement in predicting turbine outlet temperature
in engine transient conditions even with high inaccuracies in predicting metal
temperatures. The approach used in this study, as well as in the previous
lumped approaches needs an adiabatic map to provide proper results.

Turbocharger heat transfer also has an impact on mechanical losses compu-
tation as it affects to oil outlet temperature. For that reason in order to decouple
heat transfer and friction losses even in almost adiabatic measurements it is
necessary to take into account the heat transfer as it was done in [29]. In
that study a mechanical losses model is proposed based on the simplification
of the Navier-Stokes equations applied to the thrust and journal bearings of a
turbocharger. In order to fit the model adiabatic measurements are needed so
the oil temperature increment is due only to friction losses power.

Empirical models

Empirical models for turbochargers heat transfer consist on adjusting coef-
ficients of mathematical expressions to experimental results. The adjusted
equations can be used later for different conditions to the studied experimen-
tally.

An example of pure empirical approach can be found in Tadesse et al. [74].
These authors have tested a turbocharger turbine in fast transient evolutions
measuring temperatures at different volute radial positions. This transient
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behaviour has been modelled using a first order differential equation (equation
2.15) in which the time constant τ is adjusted for each test.

±τdT
dt

= T (2.15)

It can be concluded that the variation of turbine inlet temperature does not
affect the time constant. However an important impact of the turbine mass flow
was observed. In Figure 2.8 the time constant for each test is represented for
four different thermocouple positions represented by ’MP’ in the legend. Four
turbine inlet temperatures have been tested represented by different colours
in Figure 2.8. It can be observed that there is a clear decreasing trend with
increasing mass flow for all thermocouple positions. The impact of the different
turbine inlet temperatures is negligible on the adjusted time constant in all the
cases.

Figure 2.8: Temperature and mass flow effects on the time constant τ [74]

The results of this empirical model can be used as boundary conditions for
conjugate heat transfer calculations or for thermal stress analysis of turbine
wheel and case.

CFD models

Some authors [75] have performed CFD (Computational Fluid Dynamics) studies
in order to better understand the heat transfer phenomena in turbochargers
and their implications. In the simulations done by Hellstrom et al. [76] it was
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found that the shaft speed is not affected by the heat transfer in the turbine.
These numerical studies also show the relevant heat transfer paths and their
magnitude.

The complex power exchange network during turbocharger acceleration
can be found in [77]. The authors performed CFD calculation of the whole
turbocharger. The most important heat paths according to this study are:
turbine housing to ambient, turbine housing to bearing housing, bearing housing
to coolant, bearing housing to compressor housing and compressor housing to
charge air.

Diefenthal et al. in [78] and [79] have performed a numerical CFD study in
order to gain knowledge of the transient temperature distribution in the turbine
wheel. In Figure 2.9 the temperature gradients in the turbine wheel are shown.
It is clear that non-adiabatic behaviour is expected in this case.

Figure 2.9: Temperature gradients in the turbine wheel [78]

Gu et al. [80] have performed numerical simulations and found that the
external heat transfer has an important impact on a centrifugal compressor
performance. They also found that the internal heat transfer in the compressor
is dominated by the shroud surface.

Heuer et al. [81] have calculated the external temperature of turbine hous-
ing using a conjugate heat transfer numerical simulation. The results for
turbochargers with integrated engine manifold are shown in Figure 2.10. It can
be observed that turbine housing wall temperature is mostly uniform for two
different twin entry designs.

Verstraete et al. [82] have performed a conjugate heat transfer calculation
in a micro gas turbine composed of radial compressor and turbine. The main
conclusion of their study is that the heat transfer in diffuser and nozzle is the
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Figure 2.10: Steady state CHT calculations at full load: external and internal
surface temperatures [81]

main contribution to the total heat transfer. It depends on both solid and fluid
conductivities with a major role of the fluid one.

Yamagata et al. [83] have performed a three dimensional heat transfer
calculation on a high pressure ratio compressor. They concluded that the heat
inflow in the compressor comes from the hot back plate. They also reported that
the metal temperatures are proportional to the compressor outlet temperature.
They found that the effect of turbine inlet and oil temperatures in compressor
performance is lower than expected what implies that the oil is removing most
of the heat that goes from turbine to compressor.

Heat transfer models influence on engine performance
calculation

The influence of turbocharger heat transfer and mechanical losses models on en-
gine performance prediction is not clear. It is widely accepted that the influence
of heat transfer and mechanical losses models is important at part loads and at
transient operation [55].

Some authors have performed experimental measurements in gas stand
concluding that the effect of turbocharger heat transfer is irrelevant compared
to turbocharger mechanical power at high engine loads [84]. Other authors [54]
have measured turbocharger performance in an engine test bench concluding
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that at high engine speeds and loads the deviation between adiabatic and
non-adiabatic compressor efficiency is small.

However, more recent studies [19] show that heat transfer in the turbine
always represent an important part of its enthalpy change, being more relevant
in the low torque region. In Figure 2.11 the ratio of turbine heat power to total
turbine enthalpy drop is represented on an engine map. It can be observed
that even at high engine speeds and loads turbine heat represents 40% of the
mechanical power. In the low load and low speed area the ratio is close to 0.9
meaning that heat transfer in the turbine must be considered for correct predic-
tion in the models. The conclusion of this study is that for precise temperature
prediction even at high engine speeds and loads heat transfer must be taken
into account.

Figure 2.11: Turbine heat divided by turbine mechanical power on an engine
operation map [19]

In another recent study [85] it has been pointed out that at higher powers
the distribution of heat transfer during compression process has important
effects. These authors propose the usage of αA, defined in equation 2.16 as
the quotient between the compressor area before the compression process and
the total compressor area. In Figure 2.12 it can be observed that for different
percentages of this coefficient the efficiency of the compressor can vary up to 5
percentage points at high turbocharger speeds.
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Figure 2.12: Compressor efficiency compared to model efficiency for different
assumed percentages of heat transfer before compression [85]

αA = Ab

AT
(2.16)

2.3 Turbine maps extrapolation methods

As it is shown in [30], during engine transient and partial load design conditions
for the ICE the turbocharger turbine works at off-design conditions. In these
off-design conditions the turbine works at high blade to jet speed ratios (σ) or
low pressure ratios and low power outputs as shown in [86] due to turbocharger
wheel inertia and pulsating flow in the exhaust of the ICE. Traditional measure-
ments of turbine maps in gas stands are unable to capture this behaviour [87].
Only a narrow turbine map range is provided by manufacturers as a standard
practice. Turbine maps are necessary when using 1D or 0D modelling tools to
predict the whole engine behaviour. Turbocharged ICE designers must rely on
map extrapolation tools when predicting engine performance outside of turbine
design operative conditions [88].

As any extrapolation tool, the extrapolation models have always faced an
important validation problem. The validity of the modelling can be checked for
the measured conditions but not in the outside area, where it is really interesting
to use the model. To overcome this problem, special tests in a gas stand can be
used in which the turbine is measured outside of its design range, at extremely
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high BSR [89]. This new approach provides wider BSR range than using a closed
circuit in the compressor to extended the operational range of the turbine [90].

Empirical models

Empirical models use pure polynomial expression in which several coefficients
are fitted using measured data. These models are simple but have inaccuracy
problems if the extrapolated turbocharger is very different from the used for
the fitting. To solve that problem semi-empirical models have also been de-
veloped. In those models turbomachinery principles equations are used and
fitting coefficients are added to model certain aspects that can only be assesed
experimentally. These models are generally more robust the pure empirical
ones.

In the last years, several proposals have appeared in the literature regarding
this topic. Some of them are based on pure theoretical approaches [91]. A com-
prehensive study of the different losses in stator and rotor have been considered
in this work. A procedure to compute the perfromance parameters of nozzled
and nozzless turbines is also presented in [91]. The parameters of losses models
have not been proved to be general on a wide range of turbine sizes or VGT
positions.

Baines [92] also presents a model based on the characterisation of different
losses such as passage losses or tip clearance losses also considered by Dambach
et al. [93]. Nevertheless no general procedure for coefficients fitting or a compre-
hensive model validation at highly off-design conditions have been reported in
this studies.

Other models are based on physical considerations but use empirical param-
eters for fitting stator outlet flow angles, without a clear correlation against
physical values of average flow angles [94]. Furthermore, the model proposed
in [94] relies on tangent functions, which are mathematically unstable during
fitting procedures using numerical methods. Moreover, the model shown in [94]
was only validated for blade to jet speed ratio extrapolation, not for turbocharger
speed or VGT position extrapolation.

Other models are purely empirical and use the information of the map to fit
coefficients as has been done in [95] for SI and DI engines control as shown in
equation 2.17, where c and k are the fitting coefficients of the reduced mass flow.
A similar approach has been used in [96] for automotive engines simulation,
also with a control oriented objective.

mred = c
√

1−πk
t (2.17)

In [97] a Taylor series expansion is used to develop a model able of predicting
mass flow parameter of radial turbines. Seven coefficients of equation 2.18 must
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be calibrated in order to use the model, where z is defined in equation 2.19.
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)2
n2

t (2.19)

Bozza et al. [98] have developed a 1D model based on the complex 3D turbine
geometry to simulate automotive turbochargers. An optimization code is used
to calibrate the 17 (19 in VGT case) different coefficients of the proposed model
using only a limited set of turbine performance points. This model provides good
accuracy in predicting tubine mass flow and adiabatic efficiency.

Sieros et al. [99] have proposed a quadratic polynomial in turbine expansion
ratio and reduced speed to determine the reduced mass flow of jet engine
turbines as shown in equation 2.20.

mred = a0 +a1πt +a2Nred +a3πtNred +a4π
2
t +a5N2

red (2.20)

Zhuge et al. [100] have developed one-dimensional models for compres-
sor and turbine. These models make possible the prediction of turbocharger
performance with the possibility of extrapolating turbocharger performance
maps.

A review of the advantages and disadvantages of each kind of model has
been performed in [101]. In this work the authors implemented and compared
different literature models for a given turbocharger.

Mean line models

Mean line modelling consists on assuming that there is a mean streamline
through the stage of a turbomachine whose conditions are an average of the
passage conditions [102].

Mean line models are used for simulating pulsating flow conditions, requiring
different modelling approaches similar to the proposed in [103], where meanline
and one-dimensional models are integrated as shown in Figure 2.13. In [104]
non-adiabatic pressure loss boundary is used as an alternative to the integration
of the mean line model. These models allow the prediction of the performance
parameters of the turbine that are used in the one-dimensional models. Another
interesting application of these tools is the fast evaluation of turbine capabilities
in design process as performed in [105].
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Figure 2.13: Unsteady turbine model with six rotor entries [103]

CFD models

CFD models for turbine design have been developed in [106]. This approach is
useful when turbine CAD files are available. Full three-dimensional simulations
can reproduce turbocharger behaviour only at a very high computational cost
[107] what means that these simulations are only performed at few operating
points [18]. Therefore, for whole driving cycle simulations, 1D or 0D approaches
must be used to keep low computational costs and an adequate precision.

2.4 Waste-Gate Discharge coefficient
characterisation

As it has been studied in [108] several aspects of two stage turbochargers must
be taken into account to well characterise the behaviour of the whole system. In
that background, apart from taking into account the heat transfer effects that
affect turbomachine performance it is also necessary to take into account the
behaviour of the different valves. Two stage systems are generally composed
of several valves to regulate the flow to control the boosting of the system.
For instance, in [109] a two-stage system is described which is composed of
three valves: by-pass valve between the turbines, a check valve between the
compressors and a waste-gate valve for the low pressure turbine. In Figure 2.14
a schematic of this kind of systems is shown.

According to the equation 2.21 from [110] the mass flow through an orifice
at sub-critical compressible flow depends on the gas properties, inlet conditions
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Figure 2.14: Schematic of a regulated two stage turbocharging system [109]

and pressure ratio between the inlet and the outlet of the orifice.
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]
(2.21)

However, several effects of the flow crossing the orifice such as vena contracta
take place [111]. In order to characterise this complex effects the simplest
approach is to use a single parameter dependant on flow conditions to correct
the mass flow of equation 2.21 as shown in equation 2.22. Using this approach
the opening of the valve can also be considered in the discharge coefficient.

ṁreal = CD · ṁth (2.22)

The characterisation of the discharge coefficient can be useful in 1D mod-
elling of the whole two-stage turbocharging system as actual mass flow thorough
the different valves can be calculated with accuracy.

Several proposals have been made in the literature to characterise the
behaviour of nozzles. In [112] a numerical CFD and experimental approaches
have been used to calculate a discharge coefficients of a spray solid cone pressure
nozzle with incompressible flow. In the case of incompressible flow equation
2.23 is used by the authors to compute the discharge coefficient. This equation
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is based on Bernouilli principle and continuity equation that can be applied
directly for incompressible flow.

CD = Q

A0

√
2∆p′
ρ

(2.23)

The authors tested the nozzle at different operating conditions to observe
the effects on the discharge coefficient. The influence of different flow conditions
through the nozzle have a great impact on the discharge coefficient value.

In [113] it is shown experimentally that upstream flow disturbance and
pressure drop have an important impact on discharge coefficient values of a
standard orifice in incompressible flow. The effects of flow disturbance are
shown in Figure 2.15 for a standard orifice in incompressible flow. In Figure
2.15 the discharge coefficient is plotted against the ratio between the distance
to disturbance obstacle and pipe diameter for standard (’ST’) and perforated
orifices (’P’). It can be observed that the discharge coefficient is not constant
and does not present any clear trend with porosity ratio (area of the orifice
divided by the area of the pipe, defined by β). The same effects can appear in a
compressible flow case. For that reason it is necessary for a proper estimation of
the discharge coefficient of turbocharger valves to consider the effects in real
operation.
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Figure 2.15: Effect of the obstacle disturbance on the discharge coefficient [113]
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3.1. Introduction

3.1 Introduction

In this thesis an important effort in measuring different turbocharger variables
has been made. The experimental results of this chapter are crucial for the
model validation that will be described in chapter 5. Measurements in gas
stand and engine test bench have been performed in different configurations. In
addition, thermohydraulic test bench tests have been performed for conductive
heat transfer characterisation.

The gas stand has been traditionally used to measure turbine and compres-
sor performance in hot or cold conditions. As it was discussed in the previous
chapter, the performance is usually given in maps providing reduced or corrected
mass flow and speed as well as total to total or total to static pressure ratio
and efficiency. However, in order to refine the prediction of one-dimensional
turbocharger and engine models, it is not sufficient with the information of the
standard maps. In order to define proper testing methodologies it is necessary
to take into account the following aspects:

• Distinguish the pure adiabatic behaviour from the non-adiabatic behaviour
of compressor and turbine.

• Characterise the turbocharger mechanical losses.

• Characterise the flow in the waste-gate or by-pass valves of the tur-
bocharger.

• Characterise the internal heat transfer between the different fluids and
the turbocharger walls.

• Characterise the external heat transfer between the ambient and tur-
bocharger walls.

The different experimental approaches described in this chapter contribute
to a better characterisation and understanding of these aspects. Furthermore,
the experimental information is used in the thesis in order to build more precise
turbocharger models. An analysis of the pure experimental results will also be
described in this chapter.

The database of available turbochargers from the previous work done by
Reyes [26] has been extended with the analysis and measurement of two ad-
ditional turbochargers and a two stage turbocharging system. The first two of
these four additional turbochargers have been tested in an engine test bench, in
the thermohydraulic test bench and in the gas stand. The two turbochargers of
the two stage system have been only tested in the gas stand at certain points
corresponding to full load engine operation. In Table 3.1 the main characteristics
of the turbochargers that have been analysed in this thesis are presented. In
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addition, the tests benches in which each turbocharger has been tested are pre-
sented. The acronyms used in Table 3.1 correspond to the geometric definitions
of Figure 3.1. The turbochargers measured in this thesis correspond to the
turbochargers T#1 to T#4 (both included) from Table 3.1 and the remaining
turbochargers correspond to the previous work done by Reyes [26]. Therefore,
in this thesis the turbocharger database has been extended with measurements
of four additional turbochargers and the information of the new database has
been used for the development of the models and for analysis.

Figure 3.1: Turbocharger geometry simplification

3.2 Themohydraulic test bench

In the thermohydraulic test rig an incompressible fluid is passed through the
turbocharger in order to determine metal conductance and an initial estimation
of thermal capacitances [28]. An incompressible fluid is chosen to avoid fluid
expansion, so measured temperature variations are only due to heat transfer.
The selected incompressible fluid was thermal oil due to its thermal properties
and the simplicity to measure mass flow and detect possible leakages.
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3. EXPERIMENTAL ANALYSIS

A schematic view of the test rig is shown in Figure 3.2. As it is observed
the turbocharger unit was placed in the centre of the installation and it was
connected to two different oil circuits. There was a high temperature circuit and
a low temperature circuit. On one hand, the heat source in the high temperature
circuit was provided by three electrical resistances (12.5 kW of nominal power
each of them) to a heat transmitter fluid (thermal oil). On the other hand, the
heat drain system consisted of a low temperature oil circuit with an external
heat exchanger, at which cold oil delivered its heat energy to a glycol-based
coolant solution. Oil temperature and mass flow in both circuits can be varied
in a wide range of operative conditions by using PID controllers and manual
valves.

Figure 3.2: Thermohydraulic test bench layout

As it has been mentioned, metal nodes are connected by means of a con-
ductive conductance K i, j. The heat flow between two contiguous nodes can be
calculated using Fourier’s Law given in equation 3.1.

Q̇cond.
i, j = K i, j ·

(
Ti −T j

)
(3.1)

It has been assumed that these conductances are constant for any operative
condition; i.e. conductivity is constant with temperature.

The metal nodes temperatures have been measured at different positions
along the turbocharger by means of K-type thermocouples fixed to the metal
external surface. Three thermocouples were installed on each of the five planes
of the lumped model at several azimuthal locations in order to check the as-
sumption of negligible radial heat transfer.

Fluids temperature measurement was accomplished using RTDs due to their
higher precision. Oil flow was measured by using two Coriolis flow meters (one
for the high temperature oil circuit and the other for the low temperature oil
circuit).

Two types of tests were performed at this rig: steady and transient. In
both tests the turbocharger shaft is blocked and the absence of leakages and
communication between circuits is granted. The initial quantification of the
storage of energy by metal nodes and the calculation of conductive conductances
is based on a correct combination of both types of tests [28].
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3.3. Gas stand

3.3 Gas stand

The tests needed to characterise turbocharger performance and heat transfer
have been performed in a gas stand. Several configurations for gas stands
can be used. The main features are the possibility of generating hot or cold
flow in the turbine, an independent lubrication system and sensors to measure
turbocharger speed, pressure, temperature and mass flow of the different fluids
at the inlet and outlet sections. It is also crucial to have the possibility of
changing the outlet conditions of the compressor through a backpressure valve.
In Figure 3.3 the layout of the first gas stand used in this thesis is shown. More
details about this test bench can be found in [114] and [2]. The main features of
this test cell are the following:

• A screw compressor with a maximum mass flow capacity of 0.2 kgs−1, at
a maximum discharging pressure of 3.5 bar (gauge), which provides the
mass flow to the turbine.

• The mass flow is heated by five parallel tube-type electrical heaters. This
system can reach up to 720 K at the maximum mass flow rate. This hot
flow is collected in a plenum and conducted to the turbine inlet.

• After passing through the turbine, the air is cooled by means of a heat
exchanger in order to allow the mass flow measurement by hot plate
flow meter. All mass flow sensors in the facility have been previously
calibrated.

• The compressor takes air from the atmosphere. The air passes first
through a filter and then the flow rate is measured in a hot plate flow
meter. Downstream of the compressor, there is a vortex type flow meter
(with double check purpose) and an electronically driven backpressure
valve to control compressor outlet pressure.

• An independent lubrication system is used to control oil flow rate, pressure
and temperature. The oil mass flow rate is measured using a Coriolis flow
meter. Lubrication inlet and outlet temperatures are measured by means
of low uncertainty platinum resistance temperature detectors.

• An independent cooling system is used for water cooled turbochargers.
The coolant mass flow rate is measured by means of a magnetic flow meter.
Coolant inlet and outlet temperatures are measured by means of low
uncertainty platinum resistance temperature detectors.

• Temperature and pressure sensors are installed on the inlet and the outlet
pipes of the compressor and the turbine according to SAE J1723 [115] and
SAE J1826 [116] standards.
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3. EXPERIMENTAL ANALYSIS

• Compressor and turbine inlet and outlet pipes have been insulated using
fibreglass in order to make the heat losses to the ambient negligible and
ensure a more precise measurement of the temperatures at each stage.

• A rotary valve can be used to generate pulsating flow of given amplitude
and frequency in turbine and/or compressor inlet.

Figure 3.3: Gas stand layout

Table 3.2 shows the main characteristics of the employed sensors, indicating
measurement range and uncertainty.

Table 3.2: Accuracies of measurement sensors

Variable Sensor type Accuracy
Gas pressure Piezoresistive ± 2500 Pa
Gas and metal temperature K-type thermocouple ± 2.2 K
Gas mass flow V-cone ± 0.5 %
Oil pressure Piezoresistive ± 2500 Pa
Oil temperature RTD ± 0.15 K
Oil mass flow Coriolis ± 0.1 %

Another gas stand with higher power output has been also used. The layout
of the second gas stand is shown in Figure 3.4. It has similar capabilities making
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3.3. Gas stand

possible the achievement of higher turbine inlet temperature and pressure so
bigger turbochargers can be tested. Up to 5 bar pressures and 870 K tempera-
tures at turbine inlet can be achieved in this facility. The following elements
have been added in this gas stand in comparison with the first one in order to
improve the quality of the measurement process:

• A heat exchanger to use the thermal energy of the hot gases of turbine
outlet. In this way the gas arriving to the thermal resistances is hotter.

• A heat exchanger downstream the screw compressor is installed in order
to cool the turbine inlet air below the opertaing temperature of the screw
compressor. This element is useful for adiabatic testing.

• An intercooler is installed in the compressor circuit in order to control the
compressor inlet temperature.

Figure 3.4: Gas stand layout

Uncertainty analysis

The uncertainty of a measurement is a parameter that characterises the disper-
sion of the values that could reasonably be attributed to the action of measuring.
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3. EXPERIMENTAL ANALYSIS

As it has been proposed in [117] the uncertainty estimation can be evaluated by
using a statistical analysis of series of observations and by other means, such
as manufacturers data. In the case of the measurements of the current work
both types of evaluations have been performed. On one hand, the standard
deviation due to the repetitiveness of the measurement, ua, is calculated using
equation 3.2, where n is the number of measurements, x is the arithmetical
mean of these measurements and xi the measurement. On the other hand,
the standard deviation due to the inaccuracy of each sensor can be computed
using manufacturer data of the probability distribution of the error or assuming
uniform rectangular distribution of probability if only the limits of inaccuracy
are given [117]. This last way has been used in this thesis and the standard
deviation from the sensor manufacturer data, ub, is calculated using equation
3.3. Uniform rectangular distribution of probability has been used, where a−
and a+ are the lower and the upper limits of the sensor inaccuracy. Depending
on the available information one of the ways of calculating the uncertainty has
been used.

ua =

√√√√√ n∑
i=1

(xi − x)2

n−1
(3.2)

ub =
√

(a+−a−)2

12
(3.3)

Finally, the standard deviation that represents combined uncertainty, uc is
calculated using equation 3.4, where u represents one of the types of uncertainty
calculations from equations 3.2 or 3.3. The combined uncertainty is used for
variables that are calculated from several measured variables. It is necessary to
compute the different derivatives, ∂ f /∂xi, of the combined variable with respect
to the different measured variables as shown in equation 3.4.

uc =

√√√√ k∑
i=1

(
∂ f
∂xi

)2
·u2 (xi) (3.4)

Tests methodology

As it has been stated in the introduction, the proposed procedure must separate
heat transfer from friction losses and from adiabatic efficiency of the turboma-
chine. To achieve that decomposition several types of tests must be carried out
in the gas stand.

When the conductive conductances of the model are known and thermocou-
ples are installed on turbocharger walls, convective heat flows can be calculated
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for each measured point of the gas stand. This can be done performing an
energy balance on the desired nodes when external heat fluxes are negligible
(the turbocharger is thermally insulated). In that way it can be said that the
turbocharger is a heat flux sensor.

For example, to calculate the heat flow in the turbine in hot insulated
tests an energy balance on node ’T’ (which represents the turbine casing) can
be performed. Equation 3.5 is used for this calculation. If the conductive
conductance between the turbine casing and the backplate (KT/H1) is known
(from thermohydraulic test bench) and node temperatures have been measured
during the hot insulated tests, then the heat flow can be calculated. This heat
flow can be used to correct the efficiency of the turbine according to Figure 2.3b,
where point 30a can be calculated after subtracting heat from point 30.

Q̇GAS/T = KT/H1 · (TT −TH1) (3.5)

Similar calculations can be performed for air heat flow in the compressor and
for the heat flow between oil and housing, performing the appropriate energy
balances based on the nodes in which the heat transfer model is divided.

Heat transfer characterization tests

In order to characterize the different heat fluxes in the turbocharger during the
measurements, the experimental approach must include at least the following
tests:

• Hot tests where the turbocharger is insulated from the ambient (hot
insulated tests).

• Hot tests without insulation on the turbocharger (hot exposed tests).

• Thermal transient tests.

The performance maps of the turbocharger are measured three times. First
they are measured in hot insulated conditions and a second time in hot ex-
posed conditions. In addition to these tests a third map measured in adiabatic
conditions has been performed in order to make comparisons. In that way
comparisons between the three different maps can be performed for the same
turbocharger.

All the tests have been performed in steady flow conditions since it has
been decided to avoid the more complex pulsating tests that are unnecessary
to make comparisons between the different maps regarding heat transfer ef-
fects. The operative conditions of the test bench are chosen in order to obtain
turbocharger performance maps at the highest turbine inlet temperature. In hot
insulated tests external heat transfer is avoided (both convection and radiation)
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by insulating the turbocharger from the ambient using glass wool. From these
tests, the internal convective heat transfer between the working fluids and the
turbocharger can be calculated as it was shown by Equation 3.5. In hot exposed
tests the turbocharger is exposed to ambient. These tests are performed in
order to estimate the external natural and forced convection and radiation heat
transfer as proposed in [1] and will be explained in the following chapter.

In thermal transient tests the turbocharger is firstly thermally stabilized
at a desired point without heating the air; i.e. the electrical heaters of the gas
stand (see Figure 3.3) are switched off. Then the heaters are switched on and
the additional energy accelerates the turbocharger increasing the rotational
speed. After thermal stabilization is reached, which can take several hours, the
heaters are switched off, the turbo decelerates and the initial stable point is
obtained again. All the turbo variables are recorded during the process. These
tests can be used to characterize thermal inertia of the different nodes of the
heat transfer model.

As it was stated previously, thermocouples in turbocharger walls must be
installed in order to have the possibility of measuring heat fluxes and wall
temperatures on the turbocharger during the tests. For thermocouples installa-
tion it is important to have redundant measurements. As it has been stated in
[26] the turbocharger heat distribution can be assumed as homogeneous in the
radial plane. Therefore, different thermocouples at the same axial position and
different radial positions must be used for each plane. The main reason for the
redundancy is the delicate installation of these thermocouples.

These thermocouples are installed making small drills in the surface and
introducing the thermocouple, covering it after that to fix it in place. Figure 3.5
shows how that installation is made, where the thermocouple and the external
covering can be observed.

Figure 3.5: Detail of wall thermocouple installation

The final appearance of an instrumented turbocharger with wall thermo-
couples is shown in Figure 3.6. It can be observed that different axial sections
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have been chosen in which three thermocouples for each section have been
installed. In the processing of the experimental data the average value of the
three radial thermocouples is taken for each node since it has been checked that
the differences between them are small and that implies 1D behaviour.

Figure 3.6: Wall thermocouples installed on a turbocharger

Friction losses characterization tests

For friction losses measurement and characterization adiabatic tests have been
used. The procedure is based on the imposition of the compressor outlet tem-
perature at the turbine inlet and oil inlet, minimizing in that way the heat flow
across the turbocharger.

This procedure of testing the turbocharger is based on providing the lowest
possible temperature gradients between its elements, thus minimizing the heat
transfer between them. In that way the effects of heat transfer are avoided and
purely adiabatic efficiencies can be computed. In addition, as the heat transfer
to the oil is very small, the enthalpy of the oil represents only friction losses.
Table 3.3 shows the mean differences between the turbine inlet and compressor
outlet temperatures and the oil inlet temperature for a given turbocharger
for a typical adiabatic test. The measurements performed go from 30 krpm
to 190 krpm in steps of 20 krpm in compressor corrected speed for the tested
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turbocharger between surge and choke. As it can be observed in Table 3.3, at
minimum compression ratios (i.e. 30 krpm and 50 krpm), the adiabaticity is
difficult to achieve as the temperatures are close to ambient conditions [118].
More details about the adiabatic measuring procedure can be found in the
thesis of García-Cuevas [27]. The adiabatic measurement procedure achieves
an experimental separation of mechanical losses from heat transfer.

Apart from measuring friction losses using adiabatic tests, getting the adi-
abatic efficiency of the turbomachinery is also possible with the data of these
tests. It is important to state that adiabatic tests are not regular cold tests
because specific conditions must be given (absence of heat flows along the tur-
bocharger) to properly measure the adiabatic efficiency. The installation of wall
thermocouples is recommended to compensate residual heat fluxes of difficult
control in conventional gas stands.

Table 3.3: Temperature differences in adiabatic tests

n [rpm] Toil,in [K] T2-Toil,in [K] T3-Toil,in [K]
30 000 297.0 -3.1 4.9
50 000 298.8 -0.2 0.8
70 000 3103 -1.7 4.3
90 000 321.2 0.6 1.0

110 000 343.7 -9.0 0.7
130 000 357.8 -1.7 1.5
150 000 379.0 3.1 2.0
170 000 400.2 3.6 1.4

By-pass and waste-gate valves flow characterisation

A two stage turbocharging system has been studied experimentally in the second
gas stand that has been described above. In order to adapt this kind of systems
to the different engine operating points turbocharger manufacturers make use
of regulating valves. On one hand, a relatively large turbocharger is needed to
provide appropriate nominal operating point of the engine. On the other hand
to obtain higher torque at lower speeds a smaller turbine is needed since in
that case the transient response is faster. The two stage system that has been
studied in this section makes use of a by pass valve between the turbine stages
in order to achieve both goals.

In Figure 3.7 the scheme of the turbocharging system as well as the instal-
lation of the system in the gas stand is shown. It can be observed that the
system is composed of three control valves and a VGT actuator for the high
pressure turbine. The by-pass valve is used to direct the flow directly to the low
pressure turbine avoiding the high pressure turbine. The low pressure turbine
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is regulated by a waste-gate valve. On the compressor side there is a check
valve, i.e, a on/off valve that bypasses high pressure compressor when its outlet
pressure is lower than the outlet pressure of the low pressure compressor. Since
this last valve works by pressure a control unit in the gas stand is unnecessary.

Figure 3.7: Two stage turbocharging system installed in the test bench.

In Figure 3.7 the measured variables and their position are also shown. The
distribution of the sensors makes possible a comprehensive analysis of the valves
since pressure and temperature variables are measured at the inlet and outlet of
each stage. The test campaign of Table 3.4 has been designed to characterise the
valves behaviour at full loads. has been performed. These points are based on
the conditions of full load engine points. In the valve characterisation campaign
five measurements with different turbine expansion ratios (from 1.5 to 4.5) have
been performed (65 points). An additional test campaign has been performed
to better characterise the waste-gate and the by-pass valves outside of the full
load points range. These new points also allow to check if the trends of the
previous measurements are followed by the new ones. The additional points are
summarised in Table 3.5. Four different expansion ratios have been measured

63



3. EXPERIMENTAL ANALYSIS

for each proposed point.
The objective of these test campaigns is the characterisation of the discharge

coefficient of the three valves. The geometrical area (Ageom) for each valve
was obtained from the turbocharger CAD file for a maximum opening of each
valve. The values are given in Table 3.6. Pressures at the inlet and outlet
of each valve were obtained from the measurements. Inlet temperature was
also obtained from the adequate sensor for each valve. Fluid properties are
considered constant for a given temperature.

Table 3.4: Test campaign for valves characterisation at full load points

Point
(-)

Waste gate
valve (%)

By-pass
valve (%)

Check valve
(-)

Expansion
Ratio (-)

1 92.6 0 Opened 1.5; 2.25; 3;
3.75; 4.5

2 93.5 35 Opened 1.5; 2.25; 3;
3.75; 4.5

3 94.1 73.6 Opened 1.5; 2.25; 3;
3.75; 4.5

3.1 94.1 75 Opened 1.5; 2.25; 3;
3.75; 4.5

3.2 94.1 80 Opened 1.5; 2.25; 3;
3.75; 4.5

3.3 94.1 90 Opened/
Closed

1.5; 2.25; 3;
3.75; 4.5

4 94.9 95 Closed 1.5; 2.25; 3;
3.75; 4.5

7 95.1 98 Closed 1.5; 2.25; 3;
3.75; 4.5

8 95.3 97.7 Closed 1.5; 2.25; 3;
3.75; 4.5

10 96.5 98.8 Closed 1.5; 2.25; 3;
3.75; 4.5

11 96.4 98.8 Closed 1.5; 2.25; 3;
3.75; 4.5

12 97.7 99 Closed 1.5; 2.25; 3;
3.75; 4.5

13 98.6 99.3 Closed 1.5; 2.25; 3;
3.75; 4.5

The actual mass flow through waste-gate and by-pass valves is calculated
as the difference between the measured mass flow through both turbines and
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Table 3.5: Test campaign for valves characterisation outside of full load points

Point
(-)

Check valve (-) Waste gate
valve (%)

By-pass
valve (%)

Expansion
Ratio (-)

A.1 80 20 1.5; 2.25; 3;
4

A.2 80 55 1.5; 2.25; 3;
4

A.3 Opened in almost
all points

80 85 1.5; 2.25; 3;
4

B.1 94 20 1.5; 2.25; 3;
4

B.2 94 55 1.5; 2.25; 3;
4

B.3 94 85 1.5; 2.25; 3;
4

Figure 3.8: Measured and interpolated mass flow on LPT map

turbine mass flow calculated from the reduced mass flow as shown in Equation
3.6. This is possible due to the availability of manufacturers maps of both the
HPT and the LPT.

ṁreal = ṁmeasured − ṁturbine (3.6)

65



3. EXPERIMENTAL ANALYSIS

The reduced mass flow is obtained from the corresponding turbine maps
(HPT for by-pass valve and LPT for waste-gate) interpolating with the expansion
ratio and the reduced speed. In Figure 3.8 an example is shown for the LPT
where red points correspond to the measured total reduced mass flow and the
grey points represented the interpolated values on the map. The difference
between both is the mass flow through the waste-gate valve.

Table 3.6: Geometrical area of the fully open valves (in mm2)

Check valve Waste gate valve By-pass valve
1547.3 907.9 157.2

Extension of compressor heat transfer correlation

The LPC of two stage turbocharging system has water cooling around the
compressor volute. This layout is used in the present section to design an
experimental campaign in which water enthalpy is used to measure the heat
flow in the compressor volute. In that way the correlation for the convection in
the compressor volute between the air and the wall can be extended. Moreover,
an accurate correlation for the heat transfer between the compressor and the
water can be obtained for future use in 1D models of two stage turbochargers.

In order to make a comprehensive and extended correlation it is necessary
to consider all the possibilities of heat transfer between the compressor case (C)
and the air (A). Water cooling is used to change the heat flux vector sense since
in normal turbocharger operation C/AIR heat flow can be positive (when the
heat flows from the wall to the air) or negative (when the wall is heated by the
air) [26]. Therefore, two different conditions have been measured:

• The water temperature is higher than the compressor case temperature
so there is a net heat flux from the water to the compressor case.

• The water temperature is lower than the compressor case temperature so
there is a net heat flux from the compressor case to the water.

The distribution of the different fluids is shown in Figure 3.9. It can be
observed that the outer part of the water case will be insulated using fiberglass
layers so it can be assumed that the heat transfer from the water to the outside
is negligible. In this case, the heat transfer from the water to the compressor
case is the variation of the enthalpy of the water times water flow as shown
in Equation 3.7. The measurements have been made using the adiabtic tests
methodology described previously. In those conditions the heat transfer from the
compressor to the central housing is negligible. Besides, the measurements will
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be taken after the temperature of the compressor case is stabilized (steady along
the whole C wall). Taking into account all these considerations, the heat transfer
from the water to the compressor equals the heat transfer from the compressor
to the air (Equation 3.8). Taking into account all the previous considerations the
heat transfer from C to the air (A) can be calculated as shown in Equation 3.9. To
reduce the relative measurement error, the variation of the water temperature
between the outlet and the inlet will be kept as high as possible. To achieve the
highest temperature difference the water mass flow will be kept at minimum
level.

Figure 3.9: Schematic of thermocouples installation and fluids distribution in
the LPC

Q̇W /C =∆hW · ṁW (3.7)

Q̇W /C = Q̇C/A (3.8)

Q̇W /C = ṁW∆hW = ṁW cW (ToutW −TinW ) (3.9)

Once the heat transfer from C to A is known, the heat transfer coefficient
hC/A can be calculated using the Newton’s law of Cooling given in Equation 3.10.
To use the equation it is necessary to measure the compressor case temperature.
For that purpose small drills have been made in the compressor volute to install
thermocouples as it can be observed in the schematic of Figure 3.9. Three radial
locations have been chosen for themocouples installation in order to check if
one-dimensional heat transfer assumption is correct. The locations of the drills
are shown in Figure 3.10.

Q̇C/A = hC/A A (TA −TC) (3.10)
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Figure 3.10: Location of the drills for thermocouples installation in LPC volute

Solving the heat transfer coefficient in Equation 3.10, the Nusselt number
can be calculated as shown in Equation 3.11. After that the Nusselt number
can be fitted to a standard expression of the form of Equation 2.14. The same
approach is followed to find a correlation for the water. However, mass flow
and temperature conditions must have considerable variation to operate in a
sufficiently wide range so a different testing campaign for water characterisation
is needed.

Nu = hC/A ·L
kA

(3.11)

To achieve the wide range conditions a test campaign has been designed.
Some facts must be considered in the testing campaign to assure accurate
results:

• The Oil Inlet Temperature (OIT), the Compressor Outlet Temperature
(COT) and the Turbine Inlet Temperature (TIT) must be kept as nearly
equal as possible in order to minimize the heat transfer through the
whole turbocharger. This means that all of them have to be kept below
130ºC (to avoid oil cocking). This procedure is similar to the adiabatic
measurement procedure employed for friction losses characterisation.
With this procedure the heat flow between the compressor and central
housing is negligible.
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• In order to model the heat flux from the air, the Water Inlet Temperature
(WIT) will be kept at 30ºC. At this temperature it can be assured that
there will be a net heat flux from the air to the water at relatively low
pressure ratios.

• In order to model the heat flux to the air the Water Inlet Temperature
(WIT) will be kept at 95ºC. At this temperature it can be assured that
there will be a net heat flux from the water to the air at relatively low and
medium pressure ratios.

In order to vary the pressure ratio of the compressor, six points for each
measured iso-speed line are considered giving a total of 66 measured points for
compressor heat flow estimation. In Figure 3.11 the measured points of this
campaigns are shown on the low pressure compressor map.

0 0.05 0.1 0.15 0.2 0.25 0.3 0.35
1

1.5

2

2.5

3

3.5

4

4.5

Corrected Mass Flow (kg/s)

C
o
m
p
re
ss
io
n
R
a
ti
o
(-
)

 

 

 68636
 92509
110414
125335
137271
146224
155176
167113

Figure 3.11: Measured points for convection correlations characterization

For water correlation a fixed iso-speed is used with 7 different temperatures
for four different water mass flows as it is shown in Table 3.7, with a total of 28
points measured for this last purpose.
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Table 3.7: Water correlation test campaign

Turbo Speed (rpm) Water Mass Flow
(kg/h)

Water Inlet Temper-
ature (degC)

70000

100
30
40

175
50
60

250
70
80

325
90

Tests results analysis

In this section, the discussion of the obtained experimental results for two
turbochargers: one water cooled (T#1) and another without water cooling (T#2),
is performed. Both turbochargers were tested in hot gas conditions (about 600
K at turbine inlet) and in adiabatic conditions; but in both cases they were
externally insulated. The results are discussed for compressor and turbine
efficiency, mass flow and pressure ratio.

In Figure 3.12, where the numbers in the legend indicate VGT position
percentage (0% – completely closed), a comparison in compressor pressure ratio
is presented plotted against corrected mass flow. It can be observed that the
differences between the two maps (hot insulated and adiabatic) are insignificant.
The reason of this behaviour is that heat transfer phenomena do not affect the
aerodynamic behaviour of the compressor [62]. Repetitiveness of the experiment
is also shown in Figure 3.12 since the effect of the different VGT positions have
no effect on the map.

Nevertheless, when it comes to compressor efficiency the differences can
be very significant as shown in Figure 3.13. In the very low speed region
these differences rise up to 30 basic points of efficiency what clearly shows
that in that region compressor is highly diabatic. The absence of heat transfer
along the turbocharger arriving to the compressor allows lower compressor
outlet temperatures for quasi-adiabatic tests, what increases the calculated
compressor efficiency values defined in equation 2.7. While for hot tests, and
mainly at low compression ratios, the compressor receives heat from the rest of
the turbocharger increasing outlet temperature what increases the compressor
total enthalpy drop. Such decrement does not mean that the compressor is
working aerodynamically different that in adiabatic tests, but that additional
heat is increasing compressor outlet temperature what affects to the definition
of efficiency in equation 2.7.
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Figure 3.12: Comparison of pressure ratio measured at hot insulated conditions
versus measurements at adiabatic conditions. Turbocharger without water

cooling (T#2)

This fact evidences that both heat and aerodynamic phenomena must be
decoupled for a correct analysis and that maps measured in hot conditions do not
capture correctly the efficiency of the machine at low speeds. These facts justify
the importance of internal convection heat transfer determination. However,
at high speeds the heat transfer effect on compressor outlet temperature is
negligible in comparison to mechanical power of the compressor what explains
that the differences in efficiency in Figure 3.13 are insignificant from 130 krpm
to 170 krpm.

For a not water-cooled turbocharger (T#2) the results are globally similar to
that shown in Figure 3.14. In spite of this, in this case the differences between
hot and adiabatic tests are appreciable even at 130 krpm and much higher
for 90 krpm and 110 krpm. This effect is due to the absence of the important
thermal barrier that water cooling generates between turbine and compressor.
In the case of 30 krpm and 50 krpm the differences are similar in Figure 3.13
and Figure 3.14, showing that water cooling is not so efficient when residence
time is high, as occurrs at these low speeds. Moreover, in this case the water
temperature is higher than the air temperature what means that there is no
thermal barrier.
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Figure 3.13: Comparison of compressor efficiency measured at hot insulated
conditions versus efficiency measured at adiabatic conditions. Water-cooled

turbocharger (T#1)

In Figure 3.15 reduced mass flow is plotted against turbine pressure ratio
for four different reduced speeds of T#2. It can be observed that there are no
significant deviations between the adiabatic and the hot externally insulated
tests. The only difference is the amount of energy that is provided in each test.
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Figure 3.14: Comparison of compressor efficiency measured at hot insulated
conditions versus efficiency measured at adiabatic conditions. Non water-cooled

turbocharger (T#2)

In the hot insulated tests the turbine inlet temperature is higher, so for the
same reduced speed it is possible to measure higher expansion ratios. It must
be taken into account that in hot insulated tests the turbine inlet temperature
(TIT) was about 600 K while for adiabatic tests was about 300 K.
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Figure 3.15: Comparison of hot insulated measurements of turbine mass flow
with adiabatic measurements (T#2)

Assuming that the heat transfer processes occur before the expansion pro-
cess, the effective turbine inlet temperature will be lower than the measured one
as shown in Figure 2.3b. After the expansion process from point 30a the result-
ing turbine outlet temperature (point 4a), which coincides with the measured
one, can be lower than the temperature at 4s. This produces values of turbine
diabatic efficiency (TDE), defined in equation 2.8, much higher than unity as can
be observed in Figure 3.16. This effect occurs at the low expansion ratio area
due to the relatively higher importance of turbine heat fluxes in comparison
to isentropic enthalpy drops. Figure 3.16 shows that TDE will be higher than
unity for pressure ratio below 1.25.

For that reason, among others, turbocharger manufacturers usually give the
effective turbine efficiency (ETE), defined in equation 2.9, and generally provide
data above 90 krpm of turbocharger speed (while in this analysis measurements
above 30 krpm are presented).

In Figure 3.17 the ETE definition of turbine efficiency is plotted. As compres-
sor power is in the numerator which can never be superior to turbine mechanical
power (power that moves the whole turbocharger) it seems reasonable that ETE
value will never be superior to unity. However, if heat transfer takes place the
compressor enthalpy drop is the sum of pure mechanical power plus compressor
heat flow. This fact enables the possibility of ETE values higher than unity,
when the compressor heat fluxes are high enough compared to total compressor
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Figure 3.16: Comparison of hot insulated measured TDE with adiabatic
measurements (T#2)

enthalpy drop. This behaviour occurs at very low turbocharger speeds when the
pure mechanical power is low. In Figure 3.17 the ETE values higher that unity
only take place at turbine pressure ratio below 1.1, in contrast with the TDE
results.

Figure 3.16 and Figure 3.17 shows that in adiabatic tests the values of both
efficiencies are always below hot insulated tests at low pressure ratio and only
equals to hot tests at high pressure ratios (high turbo speeds) when heat fluxes
are relatively less important. It proves that the heat fluxes present during hot
conditions are responsible of the behaviour described above.

The TDE considers only turbine behaviour, so no mechanical losses are
included. For that reason in absence of heat fluxes (adiabatic map) the value
of the TDE depends only on turbine aerodynamic design. When the TDE is
applied to hot measurements the value depends on turbine aerodynamic design
and heat flow along the turbocharger. Conversely, the ETE depends on both
the turbine and the compressor involving mechanical losses. For that reason,
in absence of heat flows the value of the ETE is a function of turbine design
and mechanical losses and will be always lower than the TDE. In the case of
hot measurements the ETE is also a function of heat flows. In Figure 3.16 it
can be observed that in the case of adiabatic measurements the TDE values are
between 0.55 and 0.75 typical in turbomachinery theory while in Figure 3.17 at
low expansion ratios the ETE values fall to 0.2. The reason is that mechanical
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Figure 3.17: Comparison of hot insulated measured ETE with adiabatic
measurements (T#2)

Figure 3.18: Comparison of hot insulated measured ETE/TDE with adiabatic
measurements (T#2)
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efficiency at low speeds is very small so the product of mechanical efficiency and
the TDE is very low as well.

Mechanical efficiency can be roughly calculated as a ratio between the ETE
and the TDE from adiabatic tests as it is shown in Figure 3.18. Showing that
it can be as low as 0.3 for low turbocharger speeds. Part of this low value is
explained by the low oil temperatures required to perform adiabatic tests at
such low turbo speeds [118].

In conclusion, heat flows inside the turbocharger are very significant at low
engine loads for the compressor and turbine efficiency determination. Only
using adiabatic measurement techniques the heat flows are negligible and the
resulting efficiencies are closer to theoretical adiabatic behaviour. ETE definition
allows approaching hot tests ETE to adiabatic definition at high turbo speeds
(pressure ration over 1.5 in Figure 3.17) but can provide values higher than
unity for low energy conditions.

3.4 Engine test bench

The test rig used to validate the proposed model in a real application, i.e.
mounted on an engine, is a standard engine test rig, designed for the study of
internal combustion engines up to 200 kW of power. The facility is assembled
to control and evaluate the engine performance in steady and transient states.
The most important devices of the engine test bench are described as follows
and a scheme of the facility and its instrumentation is shown in Figure 3.19:

• AC- Dynamometer, variable frequency and high response.

• High frequency analogical data acquisition system.

• Last generation test room control device and data acquisition system.

• Continuous smoke measurement device.

• Control strategies design hardware.

• Airflow measurement system (Hot-wire anemometer).

• Transient fuel-flow measurement balance.

• Piezoelectric and piezoresistive cooled pressure transducer.

• Exhaust gas analyser.

• Thermocouples and Thermoresistances
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3. EXPERIMENTAL ANALYSIS

The engine is installed in a bench fixed by means of metallic beams joined
by screws or weldings. The structure is designed in a way that prevents the
longitudinal movement of the engine and makes easier the alignment with the
dynamometer.
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Figure 3.19: Layout of the engine test cell

The load rate and the engine speed are controlled by this asynchronous dy-
namometer (APA) and an automatic acceleration system called Throttle which
are both introduced into a control and data acquisition system called PUMA.
The dynamometer offers the necessary resistant torque for the engine in order
to test different rates of charge and dissipates the heat generated by the en-
gine by means of a water cooling systems. The thermal state of the different
fluids (cooling water, admission air, fuel and oil) is controlled by means of heat
exchangers, in which the mass flow of the coolant is adjusted by an electric valve
controlled by a PID controller.

In an engine test bench the measurement conditions are more restrictive,
although the test conditions are similar to the real operation of the turbocharger.
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A turbocharged Diesel engine with a variable geometry turbine and an ex-
haust gas re-circulation valve is mounted on the facility. The main technical
characteristics of this engine are presented on Table 3.8.

Table 3.8: Main characteristics of the employed engine

Parameter Value

Engine displacement [cm3] 1997
Bore [mm] 85

Stroke [mm] 88
Number of cylinders 4 in line

Valves 4 valves per cylinder
Compression ratio 16

The facility is controlled automatically by the control system (PUMA V5)
which allows the acquisition of a set of variables that characterize the behavior
of the different systems of the engine. The sensors acquired by this system are of
medium frequency (100 Hz). In order to acquire instantaneous (high frequency)
measurements an oscillographic recorder Yokogawa DL716 digital scope (from
now on YOKO) is used.

Finally, engine calculator (ECU) variables are measured by specific control
software INCA V5. Some of the measured parameters, like turbocharger pres-
sures, are acquired by two type of sensors which are recorded by an acquisition
system depending on their frequency (high or low). The torque of the engine
is measured by means of a load cell coupled to the dynamometer. The engine
speed and the crankshaft rotation angle are measured using of a Kistler 2613B
optical angular encoder.

The fuel flow rate is measured using a gravimetric balance (AVL-733S),
allowing the measurement of both instantaneous and average fuel consump-
tion. In the same way, as in the gas stand several instantaneous piezoresistive
KISTLER pressure sensors are installed in order to measure pressure fluctu-
ations. When no pressure fluctuations must be measured average pressure
sensors are used (called FEM-P in PUMA acquisition system). For temperature
measurements either Pt100 thermoresitances or type K thermocouples are used.

Tests methodology (swept volume emulation)

A 2.0 litres turbocharged diesel engine has been instrumented in the test bench.
Its main technical characteristics were presented in Table 3.8. In order to tests
the same one stage turbochargers that have been tested in the gas stand (T#1
and T#2 from Table 3.1) it was necessary to make some adaptations for T#2 since
it is designed for a smaller engine. For that reason for T#2 tests, downspeeding
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has been applied in order to avoid turbocharger overspeed. This means that
the engine speeds were adapted to emulate a 1.6 litre engine volumetric flow
rate for the smaller turbocharger (T#2). For T#1 no adaptations were necessary
since it is the turbocharger of the instrumented engine. In this way full load
engine points at different speeds have been measured for both turbochargers.

In equation 3.12 the expression of engine power is shown as a function of
air to fuel ratio, engine effective efficiency, air mass flow and fuel power. In
downspeeding procedure the power of the engine is reduced by the ratio 2/1.6,
so the air mass flow according to equation 3.12 will be reduced in the same ratio,
as the rest of the parameters are fixed for a given engine. In that way the mass
flow through T#2 in the tests will be equal to the mass flow that it would have
in a 1.6 litres engine.

P = η
(

1
AFR

)
ṁaQ f (3.12)

Engine characterization tests

Previously to the full load tests a set of different tests on the engine have
been performed to characterise the valves flow coefficients and the combustion
process in order to build an accurate 1D engine model. Valves flow coefficients
are important for calibrating the gas exchange process in the cylinder and to
predict intake mass flow correctly using the model. The characterisation of
the combustion process is necessary for a good estimation of the in-cylinder
conditions at the exhaust valve opening which affects the available energy at
the turbine inlet. This characterisation has been performed using instantaneous
in-cylinder pressure signal from full load tests as will be described below.

Valves flow coefficients were obtained using a cold flow gas stand [119]. The
cylinder head was disassembled from the engine and set up in a gas stand where
the flow coefficients of all the valves have been measured for direct and reverse
flow. The measurements were performed modifying the valve lift. These tests
provided curves for all valves that correlated flow coefficients with valve lift as
shown in Figure 3.20.

Combustion process was characterised using an in-house combustion diag-
nosis tool (CALMEC) [120] and [121], which is based on the measured instanta-
neous in-cylinder pressure and the characterization of some uncertainties [122].
From this measurement and other parameters that define the engine working
point, CALMEC is able to determine the heat release law by using the first prin-
ciple of thermodynamics. The main objective of this task is to provide enough
information to predict the in-cylinder conditions at the exhaust valve opening
and then the fluid thermal state at turbine inlet. The combustion process of the
engine has been characterized for both steady and transient behaviour.
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Figure 3.20: Flow coefficients of the intake and exhaust valves

Special interest shows the combustion characterization in transient engine
conditions. In order to characterize the combustion in transient conditions the
signals must be processed.

• Firstly the signals have to be synchronized due to the fact that there are
signals sampled at constant frequency and others at constant crank angle.

• Moreover the fuel signal must be calibrated.

• The air mass flow must be corrected due to:

– Time delay as a consequence of wave displacement.

– Gas accumulation in the intake system.

• The EGR has to be estimated. Instantaneous EGR measurement are not
available, and then it has to be estimated using the engine volumetric
efficiency as shown in equation 3.13.

ṁEGR =
[
VT

n
2
ρ inlet

]
ηV − ṁair (3.13)

Once the signals are prepared, the combustion process during the transient
tests was analysed cycle to cycle. Figure 3.21 shows the Ratio of Heat Release
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Figure 3.21: RoHR during acceleration for T#1 (left) and T#2 (right)

(RoHR) for different cycles of two transient tests using T#1 (left) at 1500 rpm
engine speed and using T#2 (right) at 1600 rpm engine speed.

As it has been commented before, the main objective of this analysis is
to provide to the model the capability to predict in-cylinder conditions at ex-
haust opening. Figure 3.22 provides the evolution of in-cylinder pressure and
temperature at that moment of the cycle.
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Figure 3.22: In-cylinder conditions at EVO for T#1 (left) and T#2 (right)

Tests results

Steady tests have been performed covering all the engine speed range (from 1000
rpm to 4000 rpm) for both turbochargers taking into account the downspeeding
of T#2. Partial load tests have also been performed. In Figure 3.23 the torque
of full and partial loads for both turbochargers is plotted against the engine
speed. For T#2 in this and the following figures the emulated engine speed
is represented. In Figure 3.24 compressor outlet conditions are plotted. The
outlet temperature of the compressor will be predicted by the model that will
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Figure 3.23: Engine torque at steady conditions. Left: T#1, Right: T#2
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Figure 3.24: Compressor outlet conditions. Left: T#1, Right: T#2

be developed in the next chapter and compared with the temperature of this
figure. The maximum outlet pressure of T#2 is corresponds to the maps of this
turbocharger.

Figure 3.25 shows the inlet turbine conditions. Turbine inlet temperature is
necessary for the modelling of the engine with 1D tools. Finally in Figure 3.26
turbocharger speed is shown. It can be observed that T#2 is not overspeeded,
what justifies the engine downspeeding method.
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Figure 3.25: Turbine inlet conditions. Left: T#1, Right: T#2
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Figure 3.26: Turbocharger speed. Left: T#1, Right: T#2
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4.1. Introduction

4.1 Introduction

The information of the experimental tests described in the previous chapter
along with the available data from the turbochargers of previous works (see
Table 3.1) will be used to develop the following models:

• Heat flow models

– Internal convection heat transfer in compressor and turbine.

– External heat transfer in turbochargers.

– General conductive heat transfer modelling.

• Gas flow models

– Extended VGT performance maps extrapolation.

– Discharge coefficients modelling.

The model developed by Reyes [26] has been modified with the inclusion of
the turbochargers T#1 and T#2, improving the internal convection correlations.
Moreover, the model has been extended with the inclusion of external heat
transfer, VGT position extrapolation, general conductive heat transfer procedure
and discharge coefficient model.

4.2 Heat flow models

In order to have the possibility of calculating heat flows when testing the
turbocharger on gas stand a lumped model is proposed as shown in Figure 4.1.
This model has been developed by Reyes [26]. The turbocharger has been divided
in five nodes corresponding to turbine casing (T), turbine backplate (H1), central
housing (H2), compressor backplate (H3) and compressor casing (C). The heat
trasnfer by conduction between the metal nodes is characterised by conductive
conductances. The conductive conductances can be obtained from CAD files of
the turbocharger using a FEM approach or from alternative methodologies as
the one proposed by [28].

The general correlations of the heat transfer properties in order to use the
lumped model must provide all the capacitances and conductances of Figure 4.1.
The work can be split in conductive and convective conductances, in addition
to a general procedure for accounting external heat transfer (convection and
radiation) and mechanical losses model constants determination. In Table 3.1
the main data of the turbochargers that will be used for correlation development
is presented.
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4. THEORETICAL DEVELOPMENT OF TURBOCHARGER MODEL

Figure 4.1: Lumped heat transfer model

Turbochargers T#2, T#5, T#6, T#7 have been used for the development of the
correlations while T#1 have been used to check the ability of the correlations to
predict heat transfer parameters in the next chapter. The selected turbochargers
have different external geometry, different rotor geometry and are used in
engines of different displacement. Moreover, three of the turbochargers are
water cooled while the remaining two are not. This variety of turbochargers will
allow getting more accurate correlations, i.e. better prepared to fit turbochargers
of different characteristics.

Convective heat transfer modelling

For convective conductances a correlation must be given in terms of dimension-
less numbers to give the value of the conductance (or heat flow) for any operative
condition of the turbocharger. The correlation must be general and unique for
any turbochargers giving satisfactory results for all of them. Four correlations
must be obtained (one for each convective conductance of the model shown in
Figure 4.1):

• GAS/T: corresponds to the heat flux from the hot gases entering the turbine
(fluid node GAS) to turbine casing (metal node T).

• C/A: corresponds to the heat flux from compressor casing (metal node C)
to the air leaving the compressor (fluid node A) or vice versa.
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4.2. Heat flow models

• H2/OIL: corresponds to the heat flux from central housing (metal node
H2) to the lube oil (fluid node OIL).

• H2/W: corresponds to the heat flux from central housing (node H2) to
coolant fluid (node W) for water cooled turbochargers.

Using the experimental metal thermal properties of each turbocharger (i.e. the
conductive conductances empirically obtained), the internal heat flow through
convective branches of the model can be obtained from experiments at hot
insulated conditions in the gas stand [3]. Indeed, the experimental convective
heat flows were calculated performing a heat balance in every node of the nodal
model shown in Figure 4.1.

To obtain general relationships the seven turbochargers must be tested in
different operative conditions. Then Nusselt number correlations for the con-
vective branches can be obtained in the form of equation 2.14 using additional
factors when needed [26]. These factors can take into account dynamic viscosity
of the corresponding fluids or the dependence of VGT position, if turbocharger
stator is not fixed. The values of the coefficients (a, b and c) from equation 2.14
must be fitted using the experimental data of heat fluxes. These coefficients can-
not correspond to typical values available in the general literature for internal
convection in ducts due to the complex internal geometry of the turbocharger.

For the definition of dimensionless numbers several additional external
geometrical parameters must be used. These are turbine inlet port diameter,
compressor outlet port diameter, and oil and coolant inlet port diameters. Com-
binations of these parameters with the lengths and diameters of Table 3.1 give
the proper effective geometry for the dimensionless numbers as explained in
detail in [69].

The correlation for GAS/T heat transfer has been improved compared to the
work of Reyes [26]. A new factor has been included to improve the correlation
depending on the size of the turbocharger. The expression used in this thesis
is shown in equation 4.1. The last term depends on the size of the turbine
making the correlation more flexible for different turbocharger applications.
Furthermore, the maximum efficiency of the VGT position has been included to
take into account the effect of the different VGT positions on the heat flow as
suggested in [66]. Figure 4.2 shows the agreement of the developed correlation
for the heat coming from the hot gases to turbine case.

NuGAS/T = a ·Reb ·Pr1/3 ·
(
µ

µw

)0.14
·
(
ηmaxVGT De f f

Le f f

)c
(4.1)

The same procedure holds for the determination of the correlations for
convective heat transfers in central housing, represented by Q(H2/Oil) (heat
to the oil) and Q(H2/W) (to the coolant). The form of the correlations for these
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Figure 4.2: GAS/T fitting

cases are provided in equation 4.2 and 4.3. In Figure 4.3 and Figure 4.4 the
agreement of the fitting is shown for these heat transfer branches. The branch
corresponding to C/AIR will be explained in the next section since the correlation
has been developed following a different testing procedure.

NuH2/OIL = a ·Re0.8 ·Pr0.3 ·
(
µ

µp

)0.14
(4.2)

NuH2/W = a ·Re0.8 ·Pr0.4 (4.3)
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Figure 4.3: H2/O fitting
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Figure 4.4: H2/W fitting

Water to compressor volute correlation

Taking into account the test campaign described in the previous chapter (Table
3.7) a convective correlation to model the heat transfer between compressor
volute and coolant has been developed.

In the first place, it is necessary to define the temperature at which coolant
thermal properties are evaluated. The average temperature between the inlet
and the outlet is used as it is shown in equation 4.4.

TW = TinW +ToutW

2
(4.4)

The heat flow transfer through the coolant duct can be calculated using
equation 4.5. This heat flow can be calculated directly from the measurements
as the variables of right hand side of equation 4.5 are measured values.

Q̇C/W = ṁW cW (ToutW −TinW ) (4.5)

Since the main heat transfer mode is the convection the heat flow, Q̇C/W , can
also be expressed in terms of Newton’s Law of cooling as it is shown in equation
4.6. The heat transfer coefficient hC/W between the coolant and compressor wall
can be calculated from that equation. The area of coolant duct AW has been
extracted from the CAD file of the turbocharger.

Q̇C/W = hC/W AW (TC −TW ) (4.6)

Once the heat transfer coefficient is calculated from the measured data
solving equation 4.6 the Nusselt number can be calculated using equation
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4. THEORETICAL DEVELOPMENT OF TURBOCHARGER MODEL

4.7. In this equation dW is the hydraulic diameter of coolant duct. Hydraulic
diameter is used since the duct section is not circular. The definition of the
hydraulic diameter of the coolant duct is given in equation 4.8. In this equation
Atrans

W is the mean transversal section of the coolant duct and lW is its perimeter.

NuW = hC/W ·dW

κW
(4.7)

dW =
4Atrans

W
lW

(4.8)

Other dimensionless numbers used to build the correlation are described in
equation 4.9 and equation 4.10.

PrW = cpW ·µW

κW
(4.9)

ReW = ṁW ·dW

µW · Atrans
W

(4.10)

In the same way as it has been done in the convective correlations described
in this chapter the ducts cannot be considered as smooth so Dittus-Boelter
correlation cannot be used in its original shape. Therefore the obtained Nusselt
numbers will be correlated to the expression of equation 4.11.

NuW = aReαW ·PrβW (4.11)

The values of a and α are fitted using experimental data while β can take
two values depending of the sign of the heat flow. When the water is cooling
the wall β= 0.4 while when the wall is cooler than the water β= 0.3. Using a
non linear fitting procedure the fitting coefficients have been obtained. Nusselt
number prediction is accurate as it can be observed in Figure 4.5. It can be
observed that the relative error for both signs of heat flow is similar and low.

Modelling the heat flow in the coolant duct, Figure 4.6 can be obtained. Again
the results are accurate for both signs of the heat flow. These results confirm
that the fitted coefficients offer sufficiently accurate results for modelling the
heat transfer between the coolant and compressor volute.

Extension of C/AIR correlation

Taking into account the test campaign described in the previous chapter a con-
vective correlation for the heat transfer between compressor air and compressor
will be developed in this section. The water cooling of compressor volute is used
to measure higher heat flows than in the work performed by Reyes [26].

94



4.2. Heat flow models

0 20 40 60 80 100
0

20

40

60

80

100

Numeas (-)

N
u
m
o
d
(-
)

Numod vs Numeas

εRMS(Q<0) = 7.61 (−)

εRMS(Q>0) = 6.81 (−)

 

 

Q<0
Q>0

Figure 4.5: NuC/W modelling results
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Figure 4.6: QC/W modelling results
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In the first place the interaction between the different walls and fluids is
presented in Figure 4.7. The water cooling is designed to cool the air of the
internal wall (TV ol) of the compressor (where the air is compressed). However,
the external wall (TV olExtW ) of the compressor is not affected by water cooling
what is confirmed by the measurements since the external wall has a higher
temperature.

Air 

𝑇𝑇𝑉𝑉𝑉𝑉𝑉𝑉𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸 

𝑇𝑇𝑉𝑉𝑉𝑉𝑉𝑉𝐸𝐸𝐸𝐸𝐸𝐸𝐴𝐴𝐴𝐴𝐴𝐴  

𝑇𝑇𝑉𝑉𝑉𝑉𝑉𝑉 

Figure 4.7: Schematic of sensors location on the compressor

Due to the reasons explained above and the testing condition from the
previous chapter the thermal network of Figure 4.8 is established. It can be
observed that the compressor walls have been divided in two parts. The cold
compressor wall (CC) is cooled by water while the hot compressor wall (CH) is
not affected by water cooling.

The heat flow between the compressor walls and the air is expressed by
equation 4.12. In this equation it has been assumed that the heat transfer
coefficient with both the hot and the cold compressor wall and the air are equal
(hCC /A = hCH /A).

Q̇C/A = Q̇CC /A + Q̇CH /A = hC/A
[
ACC

(
TCC −TA

)+ ACH

(
TCH −TA

)]
(4.12)

Taking into account the thermal network of Figure 4.8 it is deduced that
the enthalpy of the water (ḣW ) must be equal to the heat transfer between
compressor walls and air (Q̇C/A). Moreover, taking the total area of the volute
(AT ) and defining the parameter α= ACH /AT it is possible to rewrite equation
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Figure 4.8: Thermal network of the cooled compressor

4.12 into equation 4.13.

ḣW = hC/A AT
[
(1−α)

(
TCC −TA

)+α(
TCH −TA

)]
(4.13)
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Figure 4.9: QC/AIR modelling results

Using the Nusselt number to model heat transfer coefficient (equation 3.11)
it is possible to combine the expression given by equation 4.11 with equation
4.13 obtaining equation 4.14. Furthermore, in equation 4.14 the exponent 0.8
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4. THEORETICAL DEVELOPMENT OF TURBOCHARGER MODEL

has been used for Reynolds number as it has been done in the work of Reyes
[26]. The exponent of Prandtl number has also been fixed depending on the sign
of the heat flow. For positive QC/A 0.3 is used while c = 0.4 is used for negative
heat flow. Therefore, only α and a constants were fitted in equation 4.14.

ḣW =
(

aRe0.8Prck
L

)
AT

[
(1−α)

(
TCC −TA

)+α(
TCH −TA

)]
(4.14)

Equation 4.14 can be directly fitted using the experimental values of water
enthalpy drop flow. Figure 4.9 is obtained after the fitting procedure. It can be
observed that the results are accurate for both signs of the heat flow. Therefore,
the fitted coefficient provide a correlation with enough accuracy for heat flow
modelling.

External heat transfer modelling

As it has been stated in the introduction of this chapter an external heat transfer
model has been developed in this thesis. This model represents a new feature
that is not found in the literature that covers the different approaches of heat
transfer modelling in turbochargers. for the external heat transfer, two different
mechanisms are considered: radiation and convection. The proposed models for
each one are explained in the following sections

External radiation

The heat radiation between two gray surfaces (as the turbocharger can be
considered [47]) can be calculated as [65], using Equation 4.15

Q̇r =
σ · (T4

1 −T4
2
)

1−ε1
A1·ε1

+ 1
A1·F1→2

+ 1−ε2
A2·ε2

(4.15)

where: Q̇r is the net heat flux due to radiation, T is the absolute temperature
of each of the surfaces, σ = 5.67 ·10−8 W ·m−2 ·K−4 is the Steffan-Boltzman
constant, ε is the emissivity of the surface, A is the Area and F is the view factor
(ratio of radiation leaving the surface and reaching another surface).

The exact calculation of the view factors is possible to be performed in some
simple geometries (in other case, they are estimated by different mathematical
algorithms such as Monte Carlo method).

In the case of a turbocharger 1D modeling programs (as GT-POWER™, ..)
using mathematical methods is computationally unfeasible (even simplifying
the complex geometry). For this reason, the turbocharger has been geometrically
simplified as three cylinders (turbine, Housing and compressor) as shown in
Figure 4.10 (where the external dimensions needs to be known)
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Figure 4.10: Simplification of turbocharger geometry

Three different surfaces are considered in both compressor and turbine:

1. Interior surface. Disc that can interchange radiative heat transfer with
the center housing.

2. Exterior surface: Disc in the opposite side of central housing, it would only
exchange heat to the environment (ambient, engine, . . . ).

3. Lateral surface of the cylinder, it would exchange heat with the outside of
the turbocharger (ambient, engine, ...).

The central housing is divided in three surfaces or nodes as it has been
explained in the previous chapter. Therefore it is necessary to have three
radiant exchange surfaces. As a first approach it was decided that this division
would be the provided in equation 4.16, where α represents the quotient of a
given housing surface with the total housing area.

αH1 =αH2 =αH3 =
1
3

(4.16)

According to this division, the mathematical model is composed of 10 sur-
faces: three for the compressor, three for the turbine, three for central housing
and one for ambient. This fact means that 90 view factors must be calculated
although only for few of them a direct calculation is needed due to the following
facts:

• Nodes pertaining to the same cylinder (compressor, turbine or housing)
cannot radiate to each other, removing 18 view factors due to this fact.
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4. THEORETICAL DEVELOPMENT OF TURBOCHARGER MODEL

• The external surfaces of compressor and turbine can only radiate to ambi-
ent being impossible the radiation to any other surface, removing 22 view
factors.

• The lateral surfaces of compressor and turbine cannot radiate to the three
housing surfaces, removing 12 view factors.

• Since only the view factors of the different nodes to ambient are needed
for the model, the reciprocal values can be removed, eliminating another
9 view factors.

• The lateral surfaces of compressor and turbine cannot radiate to each
other, removing 2 view factors.

• Since in both turbochargers compressor and turbine diameters are not
identical, the bigest inner surface will radiate to the smallest lateral
surface, but not vice versa, eliminating 2 view factors.

After all these considerations the surfaces that can exchange heat by radia-
tion are the following:

• Turbine (inner surface) with H1, H2, H3, C (inner surface) and environ-
ment, where 9 view factors must be considered.

• Compressor (inner surface) with H1, H2, H3, T (lateral surface) and
environment, where 9 view factors must be considered.

• H1, H2, H3, C (external surface), T (external surface), C (lateral sur-
face), T (lateral surface) with environment, where 7 view factors must be
considered.

Summarising, from the 90 possible connections between the considered
surfaces there are 65 connections in which radiative heat transfer is impossible
or irrelevant for the model and 25 connections that must be calculated. This
fact forces the evaluation of 25 view factors, that has been performed using the
expressions and properties described below.

Calculation of view factors for each surface

In the literature, the analytic expressions of the view factors provided in Table
4.1 can be found for the following cases (shown in Table 4.2):

• Between two concentric discs separated by a concentric cylinder [123].

• Between a ring and the lateral surface of a cylinder [124].
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4.2. Heat flow models

• Between a disc and a lateral surface of separated coaxial cylinder [125].

The different view factors of the simplified geometry (Figure 4.10) can be
calculated using the analytic expressions of Table 4.1 and the properties of the
view factors [65]: reciprocity (equation 4.17), summation (equation 4.18) and
subdivision (equation 4.19),

F1→2 A1 = F2→1 A2 (4.17)

∑
j

Fi→ j = 1 (4.18)

F j→i =
∑n

k=1 AkFk→i∑n
k=1 Ak

(4.19)

So the 25 necessary view factors of the turbocharger can be calculated using
the following methodology:

View Factors of turbine inner surface:

1. FT−C: The view factor between turbine and compressor can be calculated:

a) If turbine diameter, φT , is smaller than compressor external diameter,
φC, using directly the analytic expression of view factor between
two concentric discs separated by a concentric cylinder, using the
equations of Table 4.1

b) Otherwise, the same expression can be used to calculate the view
factor between compressor and turbine, FC−T , and then applying the
reciprocity property of view factors (Equation 4.17), one can lead to:

FT−C = FC−T · AC

AT
= FC−T

φ2
C −φ2

H

φ2
T −φ2

H
(4.20)

2. FT−H1: The view factor between turbine and H1 nodes can be calculated
in two steps methodology:

a) Using the analytic expression of view factor between a ring and a
cylinder lateral surface (ie: obtaining FH1−T ) from Table 4.1

b) applying the reciprocity property (Equation 4.17):

FT−H1 =
FH1−T · AH1

AT
= FH1−T

4 ·αH1 ·LH ·φH

φ2
T −φ2

H
(4.21)
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3. FT−H2: in this case the methodology is:

a) Applying the subdivision property (Equation 4.19) by defining a
surface composed by H1 and H2 external surfaces:

FT−H2 = FT−H1+H2 −FT−H1 (4.22)

b) Now, the view factor FT−H1+H2 can be calculated as FT−H1 with
different geometrical length, i.e.:

FT−H1+H2 =

= FH1+H2−T
AH1+H2

AT
=

= FH1+H2−T
4 · (αH1 +αH2) ·LH ·φH

φ2
T −φ2

H

(4.23)

where FH1+H2−T is calculated as the view factor between a ring and
a cylinder lateral surface (Table 4.1)

4. FT−H3, the methodology is similar to the one explained for FT−H2:

a) Apply the subdivision property by defining a surface composed by
H1, H2 and H3 external surfaces, so:

FT−H3 = FT−H1+H2+H3 −FT−H1+H2 (4.24)

being:

• FT−H1+H2+H3 = FH1+H2+H3−T
AH1+H2+H3

AT

• FH1+H2+H3−T is calculated as the view factor between a ring and
a cylinder lateral surface (Table 4.1)

• the ratio between the areas is: AH1+H2+H3
AT

= 4·LH ·φH

φ2
T−φ2

H

5. Finally, the view factor between turbine and the ambient is calculated
using the summation property (Equation 4.18) as:

FT−amb = 1− (FT−H1 +FT−H2 +FT−H3 +FT−C) (4.25)

The reciprocal view factors can be evaluated using Equation 4.17, with the
exception of the ambient view factor, so the 9 view factors corresponding to
turbine inner surface are computed with these considerations.

View Factors in Compressor side:

1. FC−T(LS): in the case the compressor external diameter, φC is greater than
the turbine external diameter, φC, this view factor is calculated using the
expression of the third case of Table 4.1
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2. FC−H3. The view factor between compressor and H3 nodes can be calcu-
lated in two steps:

a) Using the analytic expression of view factor between a ring and a
cylinder lateral surface (i.e: obtaining FH3−C) (from the expressions
of Table 4.1)

b) Applying the reciprocity property (Equation 4.17):

FC−H3 =
FH3−C · AH3

AC
= FH3−C

4 ·αH3 ·LH ·φH

φ2
C −φ2

H
(4.26)

3. FC−H2: in this case the methodology is:

a) Applying the subdivision property (Equation 4.19) by defining a
surface composed by H2 and H3 external surfaces:

FC−H2 = FC−H2+H3 −FC−H3 (4.27)

b) Now, the view factor FC−H2+H3 can be calculated as FC−H3 with
different geometrical length, i.e.:

FC−H2+H3 =

= FH2+H3−C
AH2+H3

AC
=

= FH2+H3−C
4 · (αH2 +αH3) ·LH ·φH

φ2
C −φ2

H

(4.28)

where FH2+H3−C is calculated as the view factor between a ring and
a cylinder lateral surface (Table 4.1)

4. FC−H1, the methodology is similar to the one explained for FT−H3 (see
point 4 in the turbine view factors section)

a) Apply the subdivision property by defining a surface composed by
H1, H2 and H3 external surfaces, so:

FC−H1 = FC−H1+H2+H3 −FC−H2+H3 (4.29)

being:

• FC−H1+H2+H3 = FH1+H2+H3−C
AH1+H2+H3

AC

• FH1+H2+H3−C is calculated as the view factor between a ring and
a cylinder lateral surface (Table 4.1)

• the ratio between the areas is: AH1+H2+H3
AC

= 4·LH ·φH

φ2
C−φ2

H
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5. Finally, the view factor between compressor and the ambient is calculated
using the summation property (Equation 4.18) as:

FC−amb = 1− (FC−H1 +FC−H2 +FC−H3 +FC−T ) (4.30)

Table 4.1: View factor equations

Case View factor equation Parameters

1

1
π·A

[
A
2 cos−1 Rc

R2
+ B

2 cos−1 Rc
R1

+2Rc
(
tan−1 Y − tan−1 A1/2 − tan−1 B1/2

)
−[(

1+C2)(
1+D2)]1/2

·tan−1
[

(1+C2)(Y 2−D2)
(1+D2)(C2−Y 2)

]1/2

+{[
1+ (R1 +Rc)2][

1+ (R1 −Rc)2]}1/2

·tan−1
{

[1+(R1+Rc)2](R1−Rc)
[1+(R1−Rc)2](R1+Rc)

}1/2

+{[
1+ (R2 +Rc)2][

1+ (R2 −Rc)2]}1/2

· tan−1
{

[1+(R2+Rc)2](R2−Rc)
[1+(R2−Rc)2](R2+Rc)

}1/2
]

R1 = r1
h

R2 = r2
h

Rc = rc
h

A = R2
1 −R2

c
B = R2

2 −R2
c

C = R2 +R1
D = R2 −R1
Y = A1/2 +B1/2

2

B
8RH + 1

2π

{
cos−1

(
A
B

)
− 1

2H

[
(A+2)2

R2 −4
]1/2

cos−1
(

AR
B

)
− A

2RH sin−1 R
}

R = r1
r2

H = h
r2

A = H2 +R2 −1
B = H2 −R2 +1

3

(
R2H
πR2

1

){
cos−1

[
(1+H)2−R2

1+R2
2

(1+H)2+R2
1−R2

2

]
−cos−1

[
1−R2

1+R2
2

1+R2
1−R2

2

]}
−

(
H
πR2

1

){ {
[(1+H)2+R2

1+R2
2]

2−4R2
1R2

2

}1/2

2(1+H)

·cos−1
{(

R2
R1

)[
(1+H)2−R2

1+R2
2

1+R2
1−R2

2

]}}
+

(
H
πR2

1

){ [
(12+R2

1+R2
2)

2−4R2
1R2

2

]1/2

2

·cos−1
[(

R2
R1

)(
1−R2

1+R2
2

1+R2
1−R2

2

)]}
+

(
H2

2πR2
1

){
cos−1

(
R2
R1

)
−

( (R2
1−R2

2)
1+H

)[
π
2 +sin−1

(
R2
R1

)]}

R1 = r1/z
R2 = r2/z
H = h/z
R1 > R2

The reciprocal view factors can be evaluated using Equation 4.17, with the
exception of the ambient view factor, so the 9 view factors corresponding to
compressor inner surface are computed with these considerations.
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Table 4.2: View factor equations

Case Description Figure

1
Two concentric discs separated
by a concentric cylinder

𝐴𝐴
2  𝑟𝑟𝑐𝑐  

𝑟𝑟1  𝐴𝐴
1  

𝑟𝑟2  
ℎ 

2 Ring and cylinder lateral sur-
face

𝑟𝑟1 

𝐴𝐴1 

𝐴𝐴2 
𝑟𝑟2 

ℎ 

3
Disc and separated coaxial
cylinder lateral surface

𝐴𝐴1 𝐴𝐴2 

𝑟𝑟2 𝑟𝑟1 

𝑧𝑧 ℎ 

View Factors in ambient:
For radiation to ambient Equation 4.15 is simplified to:

Q̇r =
ε1 ·F1→2

ε1 · (1−F1→2)+F1→2
A1 ·σ · (T4

1 −T4
amb

)
(4.31)

The different view factors can be calculated as follows:

1. The view factor between housing nodes and the ambient are calculated
using the summation property (Equation 4.18) as:

FH1−amb = 1− (FH1−C +FH1−T ) (4.32)

FH2−amb = 1− (FH2−C +FH2−T ) (4.33)

FH3−amb = 1− (FH3−C +FH3−T ) (4.34)

2. The view factor between external surfaces of turbine and compressor
and ambient is equal to unity since these surfaces only exchange heat by
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radiation with the ambient. The same conslusion holds for the lateral
surface that do not exchange ratiative heat with the opposite inner surface.

3. The view factor between the lateral surface that radiates to the opposite
inner surface and the ambient can be calculated using the summation
property as follows:

FLS−amb = 1−FLS−C (4.35)

With these consideradtions the 7 view factors to the ambient can be calcu-
lated.

Radiation shield
In the case that one of the surfaces had a radiation shield (typical in turbine

side, when the turbocharger is mounted on an engine) a procedure has been
developed in order to avoid the inclusion of additional nodes. The methodology
consists on changing the view factor between the shielded surface and the others,
which has been possible assuming that the external surface of the shielded
surface is the same as the non-shielded. Comparing the heat fluxes between two
gray surfaces with (Equation 4.36) and without shield (Equation 4.15) and after
some calculations one can led to equation 4.37:

Q̇r =
σ · (T4

1 −T4
2
)

1−ε1
A1·ε1

+ 2
A1·F1→2

+2 · 1−εs
A1·εs

+ 1−ε2
A2·ε2

(4.36)

F1s→2 =
F1→2

2

(
εs

F1→2 +εs (1−F1→2)

)
(4.37)

External Convection

In the case of external convection, three cases are considered: free, forced and
mixed convection, depending on the external conditions:

Free convection
The geometric simplification is the same that in external radiation (see Fig-

ure 4.10). The calculation of the convective conductances between the ambient
air and each of the five metal nodes is calculated as:

KCN = hCN · Anode (4.38)

The coefficient of heat transfer by free convection, hCN , is calculated from
the correlation of Churchill and Chu [126]:

NuD,CN =
{

0.825+
0.387 ·Ra1/6

D[
1+ (0.559/Pr)9/16]8/27

}2

(4.39)
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where: RaD = Gr ·Pr is the Rayleigh number, Gr = g·β·(Tw−Tamb)·φ3

υ2 is the
Grasshof number; β= 1

(Tw+Tamb)/2 and υ is the kinematic viscosity.
All the properties in Equation 4.39 are calculated at mean temperature

between wall, Tw, and fluid, Tamb

Forced convection
In the case of forced convection, the used correlation [127] correspond to the

perpendicular flow through a horizontal cylinder:

NuD,CF = 0.3+
0.62 ·Re1/2

D ·Pr1/3[
1+ (0.4/Pr)2/3]1/4

[
1+

(
ReD

282000

)5/8
]4/5

(4.40)

All the properties in Equation 4.40 are calculated at mean temperature
between wall, Tw, and fluid, Tamb and it is valid for ReD ·Pr ≥ 0.2

Mixed Convection
In the case that there is no predominant kind of convection (forced or free) a

mixed of both is used. Therefore Equation 4.41 is used:

0.1≤ GrD

Re2
D

≤ 10→NuD
3 =NuD,CN

3 +NuD,CF
3

(4.41)

After the calculation of the different Nusselt numbers the heat transfer
coefficient corresponding to external convection can be calculated using Nusselt
number definition given in Equation 3.11. Knowing the heat transfer coefficient
it is possible to compute the convective conductance.

Conductive heat transfer modelling

Capacitances determination

In order to calculate steady and transient heat transfer of the turbocharger con-
ductive conductances and capacitances must be determined. Both parameters
are assumed to be constant for any operative condition of the turbocharger. In
order to provide general correlation of these parameters several steps must be
performed.

The division of the turbocharger must correspond to the node definition of
the lumped model. In Figure 3.1 a scheme of the turbocharger is given where
the lengths and diameters of each component and plane are shown.

The capacitance of each node, in first approximation, can be calculated as
the product of the mass of the node and the specific heat capacity of the material
of the node given in Table 4.3, as shown in equation 4.42. It must be noted that
if detailed data of turbocharger materials is available the information of Table
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4.3 should not be used. When the information of the materials is not available
Table 4.3 represents a good estimation of material properties.

Ci = mi · ci = ρ i ·Vi · ci (4.42)

Table 4.3: Turbocharger material data

Part Material c (Jkg−1K−1) ρ (kgm−3) k (Wm−1K−1)
Turbine SIMO cast iron 460 7100 36
Housing FT200 cast iron 525 7059 48.4

Compressor Aluminium 860 2670 205

However, the division of the housing in three nodes does not allow the
usage of the above expression directly. The capacitance of housing casing
must be distributed between the three nodes. Furthermore, the division of the
turbocharger in nodes is rather artificial so small contribution of the turbine
node capacitance to the capacitance of the adjacent housing node (H1) can
exist, as well as in the case of the compressor to the H3 node. Assuming linear
contribution in each case the capacitance determination can be done using
equation 4.43, where four fitting constants (α,β,γ and ε) must be calculated.
The constraints for the constants which avoid contributions higher than unity
or lower than zero are given in equation 4.44. In the case of central housing to
avoid zero contribution β+γ must be inferior to unity. The same sum must be
superior to zero to avoid node H2 to take the contribution of the whole physical
housing of the turbocharger, which must be necessarily distributed between the
three housing nodes.

CT =α ·mT · cT

CH1 = (1−α) ·mT · cT +β ·mH · cH

CH2 = (1−β−γ) ·mH · cH (4.43)

CH3 = (1−ε) ·mC · cC +γ ·mH · cH

CC = ε ·mC · cC

0≤α,β,γ,ε≤ 1 (4.44)

0≤β+γ≤ 1

The mass of each part of the turbocharger can be accounted using a simplified
geometry. A cone frustum is assumed for the housing and flat cylinders for
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the compressor and turbine. Equations 4.45 and 4.46 give the mass using
these simplified geometries, the density of the materials (Table 4.3) and fitting
constants (θi) to correct the geometry simplification. Those constants take into
account that the geometry is not a solid cone or a solid cylinder because of the
fluid passages inside the turbocharger. For that reason a unity value for these
parameters will correspond to a perfect solid body, and due to the presence of
holes inside turbocharger parts, the values of θi must be between zero and one.

mH = θH ·ρH · π
12

·LH · (D2
T +D2

C +DT DC
)

(4.45)

mT/C = θT/C ·ρT/C ·
(
π ·D2

T/C

4
·LT/C

)
(4.46)

Summarizing seven constants; three for the geometry (θT ,θH and θC) and
four for the capacitance distribution (α,β,γ and ε) must be fitted using the capac-
itance data of the four turbochargers (20 capacitances) from the thermohydraulic
test bench. Using a non-linear optimization tool to minimize the root mean
square difference between the measured and the modelled capacitances the
value of the seven constants can be determined. Considering the uncertainties
of such a long and intensive testing procedure and the inherent simplifications
of equations 4.45 and 4.46; the agreement between modelled and measured
data is acceptable as it can be observed in Figure 4.11. As it has been stated
previously Turbocharger #5 is used for validation purposes and its data has not
been used in the minimization procedure. However, the modelled capacitances
of this turbocharger show good accordance with measured values. This fact
supports the proposed capacitance determination procedure based on the first
four turbochargers.

In Table 4.4 the values of these fitting constants are shown. In the case
of turbine and compressor capacitances the coefficients θT and θC are close to
0.6 what means that 60% of a solid cylinder mass is used for compressor and
turbine nodes. For bearing housing nodes the values of β, γ and 1−β−γ are
close to one third so the whole bearing housing division is close to an equitable
case. While θH is close to 0,5 (about 50% of a solid cone frustum mass should be
used for bearing housing).

Conductive conductances determination

For the simplified case, based on the assumptions of the developed model, the
equation for conductive conductance corresponds to a one dimensional case of
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Figure 4.11: Capacitance fitting for each turbocharger

Table 4.4: Capacitance fitting constants values

Constant Value
α 0.78
β 0.40
γ 0.32
ε 1
θT 0.60
θH 0.51
θC 0.59

conduction between two adjacent planes [65], i.e. as shown in equation 4.47.
This equation is based on two conductances connected in series.

K i j = (ki ·k j)/(e i ·k j + e j ·ki) · A i j (4.47)

In order to be able to calculate the conductive conductance, it is necessary
to know the conductivity of the materials (ki), the distance between the planes
(equivalent width, e i, as shown in Figure 4.12) and the contact areas (A i j).

Conventionally, turbine and central housing are made of cast iron while the
compressor is made of aluminium. In Table 4.3 some data of conductivity of
the turbocharger materials (ki) is given, where a distinction in the cast iron of
turbine and housing is made.

The width of each plane can be measured externally for compressor and
turbine but not for the housing. The reason is that compressor and turbine
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Figure 4.12: Nodes equivalent width

casing correspond to a node in the model but the bearing housing case is divided
in three parts. Therefore the external length of the housing (available value
in Table 3.1) must be distributed among its three nodes (H1, H2 and H3) as
sketched in Figure 3.1. Furthermore, the values of contact area cannot be
calculated directly from the simple external geometry values of Table 3.1. The
passages for the flow of the different fluids inside the turbocharger do not allow
the simplification of contact areas to circumference areas. Therefore, a closer
analysis of these parameters is performed, as follows.

For a given turbocharger the bearing housing length must be divided accord-
ingly to the node divisions of the model. The final width for equation 4.47 will
be half of the plane length, as shown in Figure 4.12, because the lumped model
node is located in the centre of each plane.

The fitting constants for distributing the capacitances of the housing nodes
can be used to make a correct division of the housing length for conductances
determination. So, the length of housing is divided using the previous coefficients
from equation 4.43 as shown in equation 4.48.

LH1 =β ·LH

LH2 = (1−β−γ) ·LH (4.48)

LH3 = γ ·LH

Finally, an assumption for contact area must be done to use equation 4.47.
The contact area between the planes is assumed to be circumferential (A i j

e f f =
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π/4·(D i j
e f f )2) due to the assumption of cylinders and cone frustum for turbo parts.

However, as turbocharger real geometry is not solid an effective diameter (De f f )
of the circumference must be determined. This diameter must be between the
values of the corresponding turbocharger external geometry (turbine, bearing
housing or compressor). This is shown in equation 4.49, where two fitting
constants have been used to account for the contribution of the diameter of
adjacent planes.

D i j
e f f = δi ·D i +ξ j ·D j (4.49)
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Figure 4.13: Conductive conductances fitting for each turbocharger

The diameters of turbine, compressor and bearing housing correspond to
direct geometric measures of a turbocharger given in Table 3.1. For the conduc-
tances KT/H1 and KH1/H2 turbine and housing diameters are involved, while for
KH2/H3 and KH3/C compressor and housing diameters must be used. Summariz-
ing, two constants (δi and ξ j) must be fitted for each conductive conductance.
However, the effective contact areas of water cooled turbochargers should be
different from those of non-water cooled turbochargers (due to the additional
water passages inside the housing). Moreover, the design of non-water cooled
turbochargers should be less solid because proper temperatures at compressor
casing must be assured without water at the bearing housing. For that reasons
different fitting must be done for water cooled (δc

i and ξc
j) and non-water cooled

(δnc
i ξnc

j ) turbochargers.
Using an optimization tool to minimize the root mean square difference

between measured and modelled conductances and distinguishing between
water and non-water turbochargers the constants can be determined. In Figure
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4.13 the results of the fitting are shown giving acceptable accuracy, validating
the approach.

4.3 Gas flow models

In this section a VGT extrapolation model will be developed and a discharge
coefficient model in two stage turbocharger valves. The validation of the models
will be done in the next chapter based on the experimental data of the previous
chapter.

The gas flow modelling of the compressor has been left outside of the contents
of this thesis. The compressor gas flow model that has been used in the thesis
is presented in previous works of Torregrosa [128]. Moreover, the recent model
proposed by Galindo [129] has been used for compressor map extrapolation.

Extended model for VGT performance maps extrapolation

As it is showed in [30], during engine transient and partial load design con-
ditions for the ICE the turbocharger turbine works at off-design conditions.
In these off-design conditions the turbine works at high blade to jet speed ra-
tios (σ) or low pressure ratios and low power outputs as shown in [86] due to
turbocharger wheel inertia and pulsating flow in the exhaust of the ICE. Tradi-
tional measurements of turbine maps in gas stands are unable to capture this
behaviour [87]. Only a narrow range turbine map is provided by manufacturers
as a standard practice. For this reason it is necessary to develop a model capable
of extrapolating turbine mass flow parameter and efficiency.

Sub-model for Mass flow parameter prediction

Model development and main hypotheses
The extrapolation procedure is based on modelling the turbine as a single

equivalent nozzle. In that way, an equation of the throat area of that equivalent
nozzle must be deduced and it must depend only on easy measurable geometry
of the turbine and on the information available in a standard map. In Figure
4.14a this procedure is sketched, where it is shown that the equivalent nozzle
covers from station 0 to 4 of the radial turbine. Continuity equation can be
applied to stator, rotor and equivalent nozzle, as shown in equation (4.50). The
velocity of the equivalent nozzle in that equation can be obtained comparing
the enthalpy drop of the stages (stator and rotor) with the enthalpy drop of the
equivalent nozzle [94]. Figure 4.14b shows the ratio of pressure drop in the rotor
to total pressure drop in the VGT, measured for T#6 in [27] plotted on a reduced
mass flow map. From this comparison equation (4.52) can be obtained, where
the velocities v2′ and w4 have been introduced as function of mass flow using
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equation (4.50). For the derivation of the equation (4.52) it has been assumed
that p3 = p2′ and that the flow is incompressible (ρ3 = ρ2′) due to the small size
of the vaneless space. Solving for the mass flow and substituting in equation
(4.51) it is possible to find the expression for the equivalent nozzle area shown in
equation (4.53). Equation (4.51) has been obtained comparing the enthalpy drop
of the equivalent nozzle with the enthalpy drops of the stator and the rotor [26].
After this steps it is necessary to transform equation (4.53) into an equation
where only the variables available in turbine maps appear, as well as some
global geometrical definitions.
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Figure 4.14: (a) Reduction of a radial turbine to an equivalent nozzle and
stations distribution. (b) Measured ratio of pressure drop in the rotor to total

pressure drop in the turbine (’d’) in the VGT map [27] of T#6

ṁT = A2′ρ2′v2′ = A4ρ4w4 = ANeqρ4vNeq (4.50)

v2
Neq = v2

2′ +u2
3 −u2

4 +w2
4 −w2

3 (4.51)

v2
Neq =

(
ṁT

A2′ρ2′

)2
+u2

3 −u2
4 +

(
ṁT

A4ρ4

)2
−w2

3 (4.52)

ANeq = A4

√√√√√√1+
(

u4
vNeq

)2
−

(
u3

vNeq

)2
+

(
w3

vNeq

)2

(
A4
A2′

)2 (
ρ4
ρ2′

)2
+1

(4.53)

The model must have the capability to compute the geometrical throat
section of the stator vanes (Ageom

2′ ) based on VGT position and geometry of the
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turbine. Equation (4.54) shows how the throat length of the stator (l th2′) can be
obtained, making use of Figure 4.15a and of equation (4.55).

l th2′ = 2r2 · sin (δ/2) · cos
(
ϕmetal

2

)
(4.54)

r2 =
√(

r2a −LTE · cos
(
ϕmetal

2
))2 + (

sin
(
ϕmetal

2
) ·LTE

)2 (4.55)
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Figure 4.15: (a) Geometrical relations of a VGT stator vanes (b) Linear relations
between stator vanes angle and VGT opening

In order to get the necessary ϕmetal
2 value for equation (4.54) the VGTs

corresponding to turbochargers T#1, T#2 and T#6 from Table 3.1 have been
characterised. If detailed vanes geometry was available, a more accurate geomet-
rical characterisation would be possible, as the one described in [130]. Figure
4.15b shows empirically obtained relations between stator blades average angle
(ϕmetal

2 ) and VGT position for the three tested turbines (T#1, T#2 and T#6).
In the case that this information was not possible to be obtained, the average
values of slope and y-intercept of the mean line shown in Figure 4.15b can be
used. The angle of the stator vanes can then be calculated using equation (4.56),
obtained from Figure 4.15b for any VGT position percentage.

ϕmetal
2 (deg)=−0.004 ·VGT +79.36 (4.56)

It must be taken into account that the relations shown in Figure 4.15b
come from cold conditions and variations at hot operational conditions, due
to metal thermal expansion and loading in the blades mechanism, must be
expected. These thermal expansions introduce further uncertainty in calculating

115



4. THEORETICAL DEVELOPMENT OF TURBOCHARGER MODEL

geometrical throat length (l th2′). Finally Ageom
2′ can be calculated as shown in

equation (4.57)

Ageom
2′ = l th2′ · t2 ·n2 (4.57)

Continuing with the simplifications of equation (4.53) and knowing the
diameters of turbine rotor it is possible to group the terms of u3 and u4. After
that, using the blade to jet speed ratio definition it is possible to introduce
the isentropic velocity css to replace the equivalent nozzle velocity (vNeq). An
additional approximation can be made in this point following the dimensional
analysis of equation (4.58).

v2
Neq

c2
ss

= ηts +
v2

4

c2
ss

=O[10−1]+O[10−4]⇒
v2

Neq

c2
ss

≈ ηts (4.58)

With this approximation it is now possible to introduce the blade to jet speed
ratio, defined in equation (4.59), in the equivalent nozzle area expression. At
this point the equivalent nozzle area can be approximated by equation (4.60),
where the term (w3/css)2 is lumped in ’b’ fitting coefficient.

σ= 2 ·π ·n · r3√
2 · c̄p ·T0t ·

[
1−

(
p4
p0t

) γ−1
γ

] (4.59)

ANeq = A4

√√√√√√√1+ σ2

ηts

[(
D4
D3

)2
−1

]
+ b

ηts(
A4
A2′

)2 (
ρ4
ρ2′

)2
+1

(4.60)

There is an inherent problem with equation (4.60). At certain conditions;
mainly at high reduced speeds and low pressure ratios; the term inside of
the square root may become negative, specially at very low values of ηts. To
avoid possible instabilities during extrapolations a constant average value
of efficiency is assumed (ηts = ηts = 0.8), relying on ’b’ coefficient to provide
sufficient numerical flexibility to the model.

Finally, it is necessary to find an expression for the density ratio shown in
equation (4.60). The hypotheses taken in [94] are not consistent enough for non-
measured VGT positions extrapolation. So, these hypotheses have been revised
and changed here with the objective of finding an expression for the density ratio
by using the equation of ideal gases and expressing the density ratio as a product
of pressure ratio (p4/p3) and temperature ratio (T3/T4). The temperature ratio
can be estimated using adiabatic efficiency of the rotor. However, rotor adiabatic
efficiency is not available in turbine maps so an additional assumption is made
in this point and for this single purpose: i.e. the efficiency of the rotor is
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equal to turbine total to static efficiency. This strong hypothesis is made for
the single purpose of getting a temperature ratio and it implies the following
thermodynamic assumptions:

• The polytropic index is equal in the rotor and in the stator.

• Absolute kinetic term at turbine inlet and relative kinetic term at rotor
inlet are neglected.

• Turbine inlet velocity is equal to the outlet velocity (v1 = v4).

Taking into account the previous assumption it is possible to express the
area of the equivalent nozzle using equation (4.61).

ANeq =
a · Ageom

4 ·

√
1+

σ2·
[(

D4
D3

)2
−1

]
+b

ηts√√√√√√√1+
(
c · Ageom

4
Ageom

2′

)2
·

(
1

Π2′ ,4

)2

1−ηts·
1−

(
1

Π2′ ,4

) γ−1
γ

2

(4.61)

In this equation a new constant (’d’) has been introduced (equation (4.62))
through the term Π2′,4 (equation (4.63)). Π2′,4 represents pressure ratio in the
VGT rotor and ’d’ term has been shown in Figure 4.14b on the VGT map of T#6.
This means another last assumption: the stator pressure drop to total pressure
drop ratio is constant for a VGT position. It is easy to obtain equation (4.63)
from that assumption introducing the ’d’ fitting coefficient.

d = p2′ − p4

p0t − p4
(4.62)

Π2′,4 = 1+d
[
Πts

0,4 −1
]

(4.63)

Analysis of the coefficients
Summarizing, both coefficients ’b’ and ’d’ of equation (4.61) have physical

meaning, as they come from theoretical considerations, even with simplifying
hypotheses. The validity of introduced hypotheses for mass flow parameter
extrapolation in radial VGTs will be further checked in the next chapter describ-
ing experimental validation of the model. Therefore their values must have a
coherent order of magnitude. The analysis of all the coefficients of equation
(4.61) is detailed below:

• Coefficient ’a’: it represents the discharge coefficient of the rotor (equation
(4.64)). As the rotor outlet geometrical area (Ageom

4 ) is independent of
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VGT position ’a’ can be considered constant for a given turbocharger. The
order of magnitude of this coefficient must be between 0 and 1 based on
the definition of discharge coefficient.

A4 = Ageom
4 ·a (4.64)

• Coefficient ’b’: it comes from velocity triangles [94]. It is a difficult pa-
rameter to be calculated experimentally but its order of magnitude can be
estimated as shown in equation (4.65). It can also be expected that more
open VGT positions must give higher ’b’ values than closer VGT positions;
due to the higher radial velocities at rotor inlet, for the same pressure
ratio and peripheral speed values.

b =
(

v0

css

)2
+

(
w3

css

)2
= ANeq

A0
·
(

1
ΠT

)(1/γ)
+O[10−1]=

= O[10−1]+O[10−1]→O[10−1]≤ b ≤O[100] (4.65)

• Coefficient ’c’: it represents the quotient between rotor discharge coeffi-
cient (coefficient ’a’) and the stator discharge coefficient (CDs as shown in
equation (4.66)), which in case of VGT should be dependant on stator vanes
position (equation (4.54)). For more open VGT positions Ageom

2′ is high so
’c’ is expected to be low. In addition ’c’ must fulfil always inequation (4.67)
since in spite of the effect of throat variation in the stator, effective section,
introduced through the discharge coefficient (CDs), must be always below
1.

A2′ = Ageom
2′ ·CDs (4.66)

CDs =
a
c
≤ 1 (4.67)

• Coefficient ’d’ (equation (4.62)): from experimental measurements of pres-
sure in the space between stator and rotor in a VGT, it is possible to
estimate the order of magnitude of the coefficient ’d’ [27] and to confirm
that the assumption of constant value for a given VGT position is coherent
for small radial VGTs. Figure 4.14b shows that the coefficient increases
with VGT opening with a variation in the range of [0.35,0.6].
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Once the equivalent nozzle area (equation (4.61)) is known, the reduced
mass flow can be calculated using the expression of flow through an orifice with
isentropic expansion, equation (4.68).

ṁred = ANeq

√
γ

R

 1

Π(ts)
0,4

 1
γ

√√√√√√ 2
γ−1

1−
 1

Π(ts)
0,4


γ−1
γ

 (4.68)

As it has been already explained, the extrapolation model discussed above is
evolved from a previous model described in [94]. That model had the problem of
being unable to extrapolate to non-measured VGT positions. Their hypotheses
have been revised and improved here. Nevertheless, in order to get the new
extrapolation capabilities the following procedure is also needed.

The main approach to develop the possibility of extrapolation to VGT posi-
tions is based on the analysis of the physical meaning of the fitting coefficients
of the model. These coefficients are constant for a given VGT position, i.e. they
are independent of turbine speed and of pressure ratio.

Table 4.5: Coefficient ’a’ values

Average T#6 T#1 T#2
a± sd 0.40 ± 0.07 0.41 0.47 0.33

Using the turbochargers T#1, T#2 and T#6 from Table 3.1, it is possible to
provide a first approach for the behaviour of the fitting coefficients that give good
precision in terms of reduced mass flow prediction compared to experiments. So
fitting the coefficients of equation (4.61) for several VGTs it is possible to survey
their behaviour with VGT position. The fitting is performed using the available
data of the map in which the reduced mass flow is known. Previously described
physical trends have been imposed in the fitting procedure, for instance the ’b’
coefficient of more open VGT position is imposed to be higher or equal than for
the closer position. Significance test have been performed to check the necessity
of the different coefficient proving each of them to be statistically significant
with a p-value lower than 0.05.

In Figure 4.16 the obtained results for the fitting coefficients that vary with
VGT position (’b’, ’c’ and ’d’) are shown for the turbochargers T#1, T#2 and T#6.
This results were used to detect the trends in the coefficients. For the coefficient
’b’ an increasing trend is obtained, according to the expected behaviour. Figure
4.16a shows that the values of this coefficient are close to a linear behaviour of
positive slope. For ’c’ coefficient the trend with VGT position must be decreasing;
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this has been confirmed in Figure 4.16c, obtained from the fitting of several
VGTs and several positions after imposing such a negative trend. Again ’c’
trend is close to linear behaviour but now with a negative slope. Coefficient ’d’
behaviour is in accordance with experimental results from Figure 4.14b and
shows similar positive trend than constant ’b’, as it is shown in Figure 4.16e. In
that way, coefficients dependence on VGT position has been obtained.
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Figure 4.16: Reduced mass flow coefficients dependence with VGT position (a, c
and e) and final fitted coefficients (b, d and f)

Using the previous information it is possible to provide an imposed trend for
the global map fitting. Only one fitting will be now needed for each turbocharger
in which ’a’ will be constant and a linear trend with VGT position for the other
three coefficients will be imposed. In that way, seven coefficients must be fitted
using a non-linear fitting procedure for each VGT. The values of the discharge
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coefficient of the rotor (’a’), for the three turbochargers, are summarised in Table
4.5. It can be observed that for T#2 rotor discharge coefficient (’a’) is lower than
for T#6 and T#1, probably due to lower wheel diameter. As initial values for the
fitting, average values from the dependence study have been used and the upper
and lower bounds are 3 times standard deviation. Furthermore it is necessary to
add the condition of equation (4.67) to make ’c’ coefficient to be fully physical, as
the discharge coefficient of the stator cannot be higher than unity. In that way
the results of Figure 4.16b, Figure 4.16d and Figure 4.16f have been obtained
for the three coefficients and the three VGTs. The linear fitting of the ’b’, ’c’ and
’d’ constants is shown for the three VGTs as well as the average value and the
boundaries for the fitting of new turbochargers. Lower boundary of ’b’ coefficient
is zero instead of using standard deviation in order to avoid negative values,
which are not physically possible. Lower boundary of ’c’ is calculated to avoid
stator discharge coefficient values higher than one (equation (4.67)).

In that way, for extrapolating a new turbine reduced mass flow map using
this approach a first fitting of seven coefficients must be done using the data
from the map. After that fitting the reduced mass flow for any VGT position and
pressure ratio or reduced speed can be calculated.

Total to static efficiency model

Model development and main hypotheses
In order to improve efficiency fitting model it is necessary to extrapolate both

in rotational speeds and in VGT position. As the model constants developed
in [94] are dependant on both variables new revision and analysis must be
performed. The procedure to develop the model is based on the analysis of the
available data of the turbines used to refine the models.

As described in [94] the efficiency extrapolation is based on using the Euler
equation of turbomachinery and assuming constant meridional component ve-
locities. In that way in equation (4.69), which represents the definition of total
to static adiabatic efficiency, it is possible to express the numerator in terms of
velocities using Euler equation and turbine enthalpy drop as shown equation
(4.70). The tangential velocities in that equation can be expressed in terms
of meridional velocity using equation (4.71) and equation (4.72). Using them
now in equation (4.69) and taking into account the isentropic evolution in the
denominator it is possible to obtain equation (4.73).

ηts =
T0t −T4t

T0t −T4ts
(4.69)

Ẇ = ṁcp (T0t −T4t)= ṁ (u3vθ3 −u4vθ4) (4.70)
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vθ3 = v0 tanα3 (4.71)

vθ4 = u3

(
r4

r3

)
−v0 tanβ4 (4.72)

ηts =
u3v0 tanα3 −

[
u3

(
r4
r3

)
−v0 tanβ4

]
u3

(
r4
r3

)
cpT0t

(
1−

(
1
Π(ts)

0,4

) γ−1
γ

) (4.73)

From these assumptions it is possible to obtain equation (4.74) for constant
tip speed maps using the definition of σ. It is worth noting the dependence of
equation (4.74) on ANeq term that must be calculated using equation (4.61). In
equation (4.74) the tangent of rotor inlet angle (α3) is a numerically unstable
term since due to the behaviour of the tangent function. However, a trans-
formation can be used to convert rotor inlet angle into stator outlet angle as
shown in equation (4.75), using mass flow and angular momentum conservation
equations [30]. Coefficient zgeom

3 is a geometrical coefficient that can be obtained
theoretically from Figure 4.15a, as shown in equation (4.76), where l th2′ can be
obtained from equation (4.54) and ϕmetal

2 for equation (4.56) respectively and
’c’ coefficient is defined in equation (4.67). In that way the dependence with
VGT position has been also introduced here. The coefficient ’c’ has been fitted
previously along with the rest of the reduced mass flow coefficient using the
available data of the map.

ηts = (4.74)

= −2
(

r4

r3

)2
σ2 +2

ANeq

Ageom
0

(
tanα3 +

r4

r3
tanβ4

) 1

Π(ts)
0,4

 1
γ

σ

tanα3 = zgeom
3 sinϕmetal

2 (4.75)

zgeom
3 = c · r2 ·2π · t3

t2 · l th2′ ·nb
·

Ageom
0

Ageom
3

(4.76)

From all the previous steps, equation (4.77) can be written for the extrapola-
tion, where some terms have been lumped into K i coefficients for simplification
(equations (4.78), (4.79) and (4.80)). In equation (4.77), K∗

2 coefficient, shown
in equation (4.80), plays an important role as a fitting constant (’z’) has been
added multiplying the sine function. The rest of the parts of efficiency equation
(4.77) are related to physical values from turbine geometry or from the map as
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Figure 4.17: Difference between fitted and geometrical zgeom
3 coefficient (a) and

modelled ’z’ versus fitted ’z’ (b)

it has been already described in [94]. ϕmetal
2 and βmetal

4 assumes that there are
negligible deviation angles in expansion stages, what is usually accepted at high
pressure ratios [30].

ηts =−K1σ
2 +K∗

2

(
1− K3

σ2

) 1
γ−1

·σ (4.77)
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The reason for using a fitting coefficient ’z’ lies in the various simplifications

made to obtain equation (4.77) that make impossible a good fitting of the effi-
ciency, specially if off-design conditions must be covered. For example, assuming
radial velocity equal to the axial one, assuming incompressible flow between
stator and rotor stages and negligible flow deviation in stator and rotor blades
Indeed, comparing the zgeom

3 coefficient using equation (4.76) and fitting it to
match experimentally obtained adiabatic efficiency gives different results as
shown in Figure 4.17a.

Model calibration procedure
There is a fitting ’z’ coefficient for each point of turbine map. If this coeffi-

cient is calculated and plotted against blade to speed ratio and reduced speed,
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different planar surfaces appear one for each VGT position. From these surfaces
the most simple approach is to use linear decreasing trend for blade to speed
ratio, being the slope and the y-intercept values linearly dependant on reduced
speed. As the normal vector of the surfaces is similar the VGT dependence
can be added directly in the independent term of the surface equation. This is
done considering that the ’z’ coefficient tends to increase until the maximum
efficiency VGT position is reached and decrease later on. Therefore a parabolic
trend with VGT position is proposed since maximum efficiency is reached around
60% of VGT opening. All these considerations lead to equation (4.81) for the ’z’
coefficient where nred is in (rpm/K1/2) and VGT is in (%). In this equation, six
constants must be fitted for a given turbocharger using the data of the whole
map (all available positions). In Figure 4.17b the level of correlation between
fitted ’z’ values and modelled ’z’ values using equation (4.81) is shown. It can be
observed that modelled values correlate with the fitted ones as proved by the R2

and R2
ad j values. Significance test have been performed to check the necessity

of the different coefficient proving each of them to be statistically significant
with a p-value lower than 0.05. The standard deviation of the six coefficients
are shown in the third column of Table 4.6. It is advised to use three times
the standard deviation for new calibrations boundaries. For initial values the
average values of the coefficients of Table 4.6 can be used.

z =−(
a′ ·nred +b′) ·σ+ (

c′ ·nred +d′ ·VGT2 + e′ ·VGT + f ′
)

(4.81)

Table 4.6: Efficiency coefficients average and standard deviation

Coefficient Average sd
a′ 1.47 ·10−4 3.58 ·10−4

b′ 3.33 3.34 ·10−1

c′ 3.59 ·10−4 3.21 ·10−4

d′ −7.67 ·10−5 9.05 ·10−5

e′ 2.73 ·10−2 9.45 ·10−3

f ′ 1.68 2.38 ·10−1

In Figure 4.18 a flowchart of the procedure used to extrapolate mass flow
and efficiency is presented. Following the flowchart, the extrapolation procedure
starts with the input of the available map data. Using this information the
equivalent nozzle area can be solved from equation (4.68) and used in a non-
linear fitting procedure in order to calibrate the coefficients ’a’, ’b’, ’c’ and ’d’. For
that purpose the boundaries of the different coefficients for the fitting procedure
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Figure 4.18: Procedure for mass flow parameter and efficiency extrapolation

are taken from Table 4.5 and Figures 4.16b, 4.16d, 4.16f. Using the fitted
’c’ value and the information from the map the efficiency fitting coefficients
are calibrated. After this step all the necessary coefficients are calibrated so
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the system of equations composed of equation (4.61) and equation (4.77) can be
solved with an iterative procedure to obtain the extrapolated values of equivalent
nozzle area and efficiency. Finally, the extrapolated mass flow parameter is
obtained from equation (4.68) substituting the extrapolated equivalent nozzle
area.

Discharge coefficient modelling in valves

In this section the analysis of discharge coefficient modelling of the two stage
turbocharging system described in the previous chapter is studied. The by-
pass valve between the two turbines, the waste gate valve of the HPT will be
analysed.

Using the experimental data from the previous chapter a model will be
fitted in order to predict the mass flow through the valves. This model can be
used in 1D simulations in order to improve the predictions of overall engine
performance. In order to characterise the discharge coefficient the theoretical
mass flow through each valve is calculated for each measured point using
Equation 4.82.

ṁtheoretical =
p00√
T00

Ageom

√
γ

R

(
1
πt/s

) 1
γ

√√√√ 2
γ−1

(
1−

(
1
πt/s

) γ−1
γ

)
(4.82)

By-pass valve

From the analysis of the measurements described in the previous chapter
Figure 4.19 can be plotted. In this figure the real mass flow (measured) is
represented against the theoretical mass flow given by equation 4.82 for different
closure positions of the valve. By-pass valve positions have been averaged with
maximum standard deviation of 1%. It can be observed that a single discharge
coefficient for each position can be fitted since there is a linear behaviour in
most of the points, what is in correspondence with equation 2.22.

Calculating the slope of each line (that represent the discharge coefficient of
each position) in Figure 4.19 it is possible to obtain a trend that can be fitted to a
third order polynomial as shown in Figure 4.20. The polynomial expression form
is provided in equation 4.83. It is important to state here that this expression is
only used for values of the valve closure above 30% since for lower closures the
flow in the valve is choked and therefore the discharge coefficient is constant.
This fact is confirmed by the behaviour of the points between 0% and 60%
closures in Figure 4.20.

CBPV
D = a

(
1− %BPV

100

)3
−b

(
1− %BPV

100

)2
+ c

(
1− %BPV

100

)
(4.83)
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Figure 4.19: Real mass flow against theoretical mass flow for by-pass valve

It must be observed that averaged discharge coefficient was obtained for
averaged positions. In order to improve the precision of the fitting the third
polynomial expression coefficients were fitted using all the measured points
individually. Equation 4.84 to calculate the real mass flow from the theoretical
one was obtained, taking into account the definition of 2.22. In Figure 4.21 the
modelled mass flow through by-pass valve is compared to the measured one. A
root mean square error of 29.704 kg/h in the mass flow prediction is observed
what represents sufficiently accurate model for 1D modelling.

ṁBPV
mod =

(
a′

(
1− %BPV

100

)3
−b′

(
1− %BPV

100

)2
+ c′

(
1− %BPV

100

))
ṁBPV

th (4.84)

Waste-gate valve

To model the discharge coefficient of the waste-gate valve of the LPT the same
approached used in the by-pass valve have been used. The averaged discharge
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Figure 4.20: Average CD versus average by-pass valve polynomial fitting
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Figure 4.21: Modelled by-pass valve mass flow against theoretical mass flow

coefficient does not present any clear trend against the averaged valve closing.
However, a strong dependency on the by-pass valve position is presented as
it can be observed in Figure 4.22. That dependency appears because of the
place that each valve occupy in the turbocharger. A more open by-pass valve
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directs the flow towards turbine inlet while a more closed position directs the
flow towrds the waste-gate orifice. In that way, the position of the by-pass valve
affects the flow that enters in the LPT and therefore impacts the flow that
passes through the waste-gate valve.

Figure 4.22: Averaged waste-gate valve CD against by-pass valve position

In Figure 4.22 it can be observed that the dependence of the CD is expo-
nential with the by-pass valve. In order to obtain an expression that can be
used for predictions it is also necessary to take into account that at fully closed
waste-gate the discharge coefficient must be zero. For that reason a logarithmic
expression is used multiplied by the exponential function. Finally a constant
dependant on the waste-gate position must be used to predict the CD at lower
percentages of by-pass valve closing (Figure 4.22). This constant is different for
each waste-gate position and it is modelled using a logarithmic expression in
order to simplify the final equation to fit. In equation 4.85 all these effects have
been combined. It can be observed that the valves positions have been divided
by one hundred in order to obtain fitting coefficients with orders of magnitude
around unity.

ṁWGV
mod =

(
a

(
ln

(
2− %WGV

100

))b
+ c ·exp

(
d · %BPV

100

)(
ln

(
2− %WGV

100

))e
)

ṁWGV
th

(4.85)

As it can be observed in Figure 4.23 the equation is consistent since the
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discharge coefficient is inferior to unity for the whole range of both valves closing
and at fully closed WGV the discharge coefficient is zero.

Figure 4.23: Modelled discharge coefficient of the waste-gate valve
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Figure 4.24: Modelled waste-gate valve mass flow against theoretical mass flow
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In the same way as it has been done in the by-pass valve in order to improve
the model a global fitting without averaging was done using the full expression
of equation 4.85. In Figure 4.24 the modelled mass flow through waste gate
valve is compared to the measured one. A root mean square error of 6.32kg/h
in the mass flow prediction is observed what represents sufficiently accurate
model for 1D modelling.
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5.1 Introduction

In this chapter the models described in the previous chapter are validated
against experimental results. The validation is mainly done using a gas stand
and engine 1D models. However, the external heat transfer model and the
VGT extrapolation procedure are analysed in the first place using additional
experimental data.

5.2 Experimental analysis and validation

In this section the turbine maps extrapolation model and the external heat
transfer model are analysed and compared with the experimental information
from gas stand tests.

External heat transfer model set-up

In order to validate the turbocharger external heat transfer model described in
the previous chapter, exposed measurements in the gas stand test rig, explained
in the second chapter were performed and used. However, engine test bench
tests are also useful for validation. Turbochargers number 1 and 2 have been
used, since engine test bench measurements at high temperature are available
for these turbochargers (see Table 3.1).

External heat transfer estimation from experimental data

In exposed tests, turbocharger can exchange energy with environment. In order
to obtain external heat transfer an energy balance has been performed [71],
i.e. the measured energy unbalance is assumed to be equal to external heat
transfer. The advantage of this approach is the simplicity (equation 5.1) but
its main disadvantage is that only global behaviour can be determined (that is,
the contribution of the different nodes to external losses can not be determined
directly neither the possible interactions among them). Nevertheless, the most
important contribution to external heat transfer to the environment will be the
turbine, due to its higher temperature (radiative contribution) and big contact
area.

Q̇ext ≈ Q̇unb =
∑

i
ṁi ·∆hi =

= ṁgas ·∆hgas + ṁair ·∆hair + ṁoil ·∆hoil + ṁcool ·∆hcool =
= ṁT · cp,T · (TIT −TOT )+ ṁC · cp,C · (TIC −TOC)+

ṁoil · cp,oil · (TIO −TOO)+ ṁcool · cp,cool · (TIC −TOC)

(5.1)
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Adjustment external heat transfer model

Figure 5.1 shows the comparison between unbalance results and the estimation
by the external heat transfer model (see previous chapter) where the emissivity
values are shown in Table 5.1 and air velocity in the benches has been imposed
to 1 ms−1 after some measurements performed. The values of Table 5.1 have
been proven to be consistent for different turbochargers, so they have been used
for both T#1 and T#2.

0 200 400 600 800 1000 1200
0

200

400

600

800

1000

1200

Q̇unb (W)

Q̇
ex
t,
m
o
d
(W

)

T#1−40%

T#2−15%

T#2−30%

Figure 5.1: Comparison between measured external heat transfers and model
prediction

Table 5.1: Emissivity values for turbocharger zones

Parameter Zone SourceT H C

ε 0.93 0.93 0.64 [47] and thermographic measurements

As Figure 5.1 shows, there is some deviation between modelled and exper-
imental data (it must be pointed out that the model means a high geometric
simplification and no adjustment constant has been used), resulting that the
proposed external heat transfer model underestimates the experimental values.
However, this deviation is small compared with turbine enthalpy drop as can
be shown in Figure 5.2 where the dimensionless difference between measured
external heat transfer and the one obtained directly with external heat transfer
model are presented. As Figure 5.2 shows, the main differences come at low
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turbine enthalpy drops, being in this case below than 10 % while it is lower than
a 3 % at high turbine powers, i.e. NT > 3kW.
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Figure 5.2: Difference, in dimensionless form, between measured external heat
transfer and model results

The difference between experimental and model results has the same trend
for all the measured range (the model underpredicts experimental values). This
fact means that the deviation cannot be originated by measurement errors and
may be corrected using a constant parameter in the model. The real geometry of
the turbine is complex and therefore the estimated external surface is possibly
higher than the estimated one using the cylinder approximation. To take into
account this effect a multiplying coefficient on the external diameter of the
turbine is proposed. This coefficient, shown in equation 5.2, will be adjusted
using experimental data.

φT =ψT ·Dt (5.2)

Results of the adjustment are shown in Figure 5.3 where, for both tur-
bochargers, ψT = 1.25, which means an increment of effective surface respect
to the proposed cylinder used for turbine simplification. It is justified watching
at Figure 4.10, where turbine flanges were not included inside the proposed
simplification of turbine geometry.
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Figure 5.3: Comparison between external heat transfers: adjusted external
model and unbalance method
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Figure 5.4: Comparison between external heat transfers: adjusted external
model and unbalance method in engine

External heat transfer prediction under engine conditions

In order to validate the model, both turbochargers were installed on an engine:
the external heat transfer has been obtained as explained in the experimental
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chapter. Figure 5.4 shows the same data of Figure 5.3 but including the data
from engine test measurements, where a good agreement is observed.

Maximum turbine inlet temperature was about 450°C in gas stand tests
used for model elaboration, but around 900°C in engine tests used for proposed
model validation.
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Figure 5.5: Importance of modelled external heat fluxes compared to turbine
enthalpy drop

Model application

Once the external heat transfer model has been validated, it has been used in
order to estimate the different heat flows among turbochargers nodes. Figure 5.5
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shows the external heat (absorbed or lost) by each of the five nodes compared to
the total enthalpy drop in the turbine, the following conclusions can be extracted:

• The main important external heat losses comes from turbine node (they
can reach up to a half of the turbine enthalpy drop. This fact can be
explained by two main reasons: on one hand the high temperature of the
turbine external surface and, on the other, the high exposed area.

• In compressor side, in most of the cases, heat is absorbed by the compressor
case (negative values), indicating that compressor case is receiving a
higher heat quantity from turbine side by radiation than the heat lost to
the ambient (both convective and radiative).

• External heat fluxes at housing nodes is almost negligible compared to
the turbine enthalpy drop. They are about two order of magnitude lower
than heat losses from turbine node.

Due to the previous results a deeper study on heat transfer in turbine and
compressor side has been performed.

0

1000

2000

3000

4000

Q̇
ex
t,
m
o
d
(W

)

Radiation

T#1

T#1−Engine

T#2

T#2−Engine

0

30

60

90

120
Convection

T#1

T#1−Engine

T#2

T#2−Engine

0 1000 2000 3000 4000
0

1000

2000

3000

4000

Q̇t (W)

Q̇
ex
t,
m
o
d
(W

)

Radiation all nodes

T−amb

T−H1

T−H2

T−H3

T−C

0 1000 2000 3000 4000
0

50

100

150

200

Q̇t (W)

Radiation internal nodes

T−H1

T−H2

T−H3

T−C

Figure 5.6: Analysis of modelled external heat transfer in turbine side
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Figure 5.7: Analysis of modeled external heat transfer in compressor side

Turbine side
Figure 5.6 shows the external heat flows obtained in the turbine side for both

turbochargers, where it is observed that the radiation heat flux is almost equal
to the total heat lost by the turbine (left top of Figure 5.6), while convective heat
losses (right top of Figure 5.6) are negligible in comparison.

The different radiation losses in turbine are shown in the left bottom of
Figure 5.6 where the most important contribution is due to ambient losses, but
right bottom of Figure 5.6 shows a zoom of left bottom of Figure 5.6 where it is
shown that the radiation to compressor is quite more important that radiation
to the other nodes.

Compressor side
In compressor side, external heat fluxes can be reversed, i.e. compressor

can absorb some heat from the enviroment (mostly from the turbine case). Top
left of Figure 5.7 shows that, as in the case of the turbine, the whole external
heat to/from compressor is almost equal to the radiative part, while top right of
Figure 5.7 indicates that convective heat losses has no any clear relationship
with total external heat of compressor. Finally, bottom of Figure 5.7 indicates
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that the most important radiative heat flux comes from turbine side, but due to
the smaller quantities the other fluxes cannot be neglected.

VGT maps extrapolation model adjustment to a real turbine
map

The values of the fitted coefficients of the extrapolation model of the previous
chapter correspond to the mass flow parameter fittings shown in Figure 5.8. In
Figure 5.8 the dots correspond to measured reduced mass flow and the lines
to interpolated and extrapolated values for the different VGT positions of T#1
and T#2. Figure 5.8 shows that the errors in modelling reduced mass flow are
small enough to consider valid the procedure developed in the previous chapter.
Figure 5.8 also shows the calculated values of ANeq that range between 1/3 and
1/10 of Ageom

0 (refers to station 0 in Figure 4.14a), depending on VGT position,
mass flow and turbo speed. It is important to point out that in case of T#2,
Figure 5.8b, the values of the most open VGT position (80%) have not been
used for model fitting but extrapolated. Therefore these results have been fully
generated by the model.

After fitting both the reduced mass flow coefficients and the efficiency coeffi-
cients using the data of the map, the model can be used for extrapolations. As
the efficiency appears in the equivalent nozzle area (equation (4.61)) and the
equivalent nozzle area appears in the efficiency expression (equation (4.77)) both
equations must be solved at the same time. It can be done using an iterative
procedure as defined in [26]. In Figure 5.9 the modelled efficiency is plotted
against the measured one for the whole map of each turbocharger and the root
mean square error is shown. In Figure 5.9 the solid line indicates perfect fit, the
dashed line indicates 2.5 efficiency points deviation and the dash and dotted line
indicates 5 efficiency points deviation. In Figure 5.10 the model is extrapolating
in blade to jet speed ratio using all the available experimental data to fit the
coefficients of the model. Exception is made for the 80% VGT position in T#2
that has been fully extrapolated (Figure 5.10f) while the rest of the cases were
interpolated between measured points. Good agreement between experimental
data (dots) and extrapolated results (lines) can be observed as deduced from
Figure 5.9.

Figure 5.10f shows that for 4874 rpm/K1/2 the measured efficiency is equal
to the corresponding to 5814 rpm/K1/2 what makes no sense. The model ex-
trapolation is showing a more coherent behaviour and probably correcting
measurements errors.

Figure 5.11 shows the model results against the experimental data for T#6
corresponding to the extrapolation results for reduced mass flow rate. Figure
5.11 shows the experimental data as points and the model results as solid lines.
In Figure 5.11, the model is fitted using only five points per speed line, the ones
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Figure 5.8: Fitted equivalent area and reduced mass flow for T#1 (a) and for
T#2 (b) and measured versus modelled ANeq (c)

of maximum pressure ratio (minimum σ) corresponding to the full points in
Figure 5.11. Indeed, neither the maximum nor the minimum rotational speeds
for each VGT have been used during the fitting process, so Figures 5.11a and
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Figure 5.9: Root mean square error of efficiency fitting for the different
turbochargers

5.11f show only extrapolated results. In this way the model has to extrapolate in
both σ and turbine reduced speed. Therefore, 1706 rpm/K1/2 and 6679 rpm/K1/2

have been fully extrapolated.
The model shows very good agreement with the experimental data when

extrapolating at both lower and higher reduced speeds. At extremely low ex-
pansion ratios (high σ), the error starts to grow: it occurs at points where the
adiabatic efficiency of the turbine is lower than zero and it consumes power
instead of producing it, so very off-design flow patterns should take place in the
turbine at those conditions [89]. Biggest errors appear at VGT 80% and VGT
10% at reduced speed of 4874 rpm/

p
K (figure 5.11d)

Figure 5.12 shows the model extrapolation results for efficiency against
blade to jet speed ratio. Filled points correspond to the data used for model
fitting and empty points correspond to data used for blind checking. The mean
square error of the whole extrapolation in this case is εRMS = 0.02(−). Only the
experimental data corresponding to central reduced speeds and low σ were used
for model fitting (bold points in Figure 5.12). In Figure 5.12d VGT 80 % position
was fully extrapolated by the model (all experimental points are empty). In this
case the model is able to reproduce with good precision an entire VGT position,
up to very high σ. The differences between the model and the experimental
data are maximum at the reduced speed of 4874 rpm/

p
K and a VGT position of

60 %. This might be explained by the experimental error, caused by the very
low enthalpy drops measured in the turbine at high σ [89]. They are affected
by the residual heat transfer effects since at high σ uncertainty is introduced,
even when measuring in almost adiabatic conditions and when compensating
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Figure 5.10: Efficiency extrapolation in blade to jet speed ratio for different
VGT positions of T#6, T#1 and T#2 (dots correspond to experimental data and

solid lines to model results)

these effects. In general turbine adiabatic efficiency experimentally obtained
is affected by the relatively high combined uncertainty of the turbine enthalpy
drop, residual heat transfer and isentropic power at very low speeds. At other
speeds, the worst results have an error of 5% to 7% points of efficiency. However,
the general quality of the prediction is high and, the model is able to produce
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good extrapolations very far from the points to which it was fitted.
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Figure 5.11: Reduced mass flow rate extrapolation results where extreme
rotational speeds were fully extrapolated (dots correspond to experimental data

and solid lines to model results)
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lines to model results)

5.3 Model validation in gas stand conditions

In this section the simplified model of the gas stand is developed to validate
the different models. The results using the externally programmed library
containing the models described in the thesis are compared with standard 1D
simulations in which look up map method is used.

Turbocharger model integration in a 1D modelling software

The main objective of the model is the easiness to be used coupled with a general
purpose models like GT-POWER™. All the provided data from the models
described in the thesis make possible the correct computation of the model
parameters in order to use it coupled with a 1D modelling software, in a similar
way to the work done in [2] in which only gas stand data have been analysed.
The procedure is outlined in Figure 5.13, which shows that the heat transfer and
mechanical losses (proposed turbocharger) model is built on the basis of thermal
properties and heat transfer correlations for convection. Those correlations have
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5.3. Model validation in gas stand conditions

been obtained from test campaigns on both thermohydraulic test bench and
gas stand and from turbocharger simple geometrical data (detailed geometry is
not needed). The model for a given turbocharger is programmed in an external
library for further use. It is important to take into account that the turbocharger
model coupled with the engine model uses adiabatic compressor and turbine
performance maps previously extrapolated by the presented procedure. These
maps can be obtained from direct adiabatic measurements or from supplier
(or hot) maps using the heat transfer model in the inverse form, i.e. removing
the heat from the measured hot map [26]. For that inverse use additional
information about map measurement conditions (temperatures, mass flows, etc.)
is needed. Using the described arrangement, simulations in GT-POWER™ can
be performed taking into account the turbocharger heat transfer and mechanical
losses model and using on engine test data for boundary conditions definition.

ThermalgPropertiesg
andgCorrelations

Geometricalgandg
ExperimentalgData

HT&MLgModelg
ExternalgLibrary

GT-Powerg1Dg
EnginegModel

Geometricalgandg
PreliminargEngineg

TestgData

AdiabaticgMap

SuppliergMap
+

MapgMeasurementg
Conditions

ExtrapolationgModel

Figure 5.13: Modelling procedure

Reduced model: gas stand

In order to check the model prediction ability for different turbocharger variables,
hot exposed tests (without thermal insulation) measured with steady flow at gas
stand have been modelled. This kind of verification has the advantage compared
to a whole engine model of eliminating spurious effects due to the complex
engine model and pulsating flow characteristics. The model of turbocharger test
bench used in GT-POWER™ is sketched in Figure 5.14.
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5. MODELS VALIDATION

The geometry values of a given turbocharger must be used in order to
correctly simulate the behaviour of the model. In order to perform a simulation
using the model the following variables are imposed:

• Compressor and turbine inlet temperature.

• Compressor and turbine inlet pressure.

• Turbine outlet pressure.

• Back-pressure valve position in the compressor line.

• VGT position.

• Oil inlet temperature and mass flow.

• Water inlet temperature and mass flow (if exists)

• Ambient temperature.

Figure 5.14: GT-POWER™ model of turbocharger test bench

Using these inputs it is possible to calculate turbine and compressor outlet
temperatures, compressor outlet pressure, turbine and compressor mass flow
and turbocharger speed.

In order to check the thermal model predictability two sets of simulations
have been used. In the first, the externally programmed library is not used,
so the predictions made by the gas stand model correspond to a look up maps
technique. In the second set, the turbocharger model developed on the basis
of the previous sections is used coupled with GT-POWER™ code, so all the
correlations and thermal properties come into play.

In the first set up the turbocharger maps used in the simulation were
obtained from hot exposed measurements while in the second case an adiabatic
(cold map) is used because the heat transfer model actuates adding the heat
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5.3. Model validation in gas stand conditions

transfer to the map. In the first case, heat transfer and aerodynamic phenomena
are mixed in the map and in the second case the aerodynamic phenomena are
separated from heat transfer. Adiabatic map is constructed on the basis of the
heat transfer correlations applied to the same hot exposed map of the look up
method using the same heat transfer model but subtracting the heat from the
map, as explained by Reyes in [26].

Generalised heat transfer model validation

In Figure 5.15 a comparison of the prediction of compressor and turbine outlet
temperatures is shown for three different simulations for T#2 (Table 3.1).
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Figure 5.15: Turbine (a) and compressor (b) outlet temperatures for T#2

First, when no heat transfer model (no HTM) is used two main results can
be observed. On one side, at low pressure ratios (i.e. low total temperature delta)
the difference between measured and modelled temperatures is high due to the
higher impact of heat transfer phenomena. On the other side, when pressure
ratio (or total temperature delta) increases the error in temperature prediction
tends to decrease for compressor outlet temperature (Figure 5.15b) but not
for turbine outlet temperature (Figure 5.15a). In the second simulations set,
empirical correlations specifically obtained for T#2 are used (HTM Spec.) what
means specific values for the different conductive conductances and convective
correlations of T#2 obtained in thermohydraulic bench and gas stand. This
type of correlations were used in Reyes [26]. The results are similar for the
compressor with a little improvement at low pressure ratios and with more
stable behaviour. In the case of turbine outlet temperature the prediction of the
heat model is up to 20 K better than using the original simulations without any
model. These improvements can be crucial when engine aftertreatment, two
stage turbocharging or exhaust energy recovering devices have to be modelled.
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5. MODELS VALIDATION

Finally, it can be observed that using the HTM based on the general correlations
developed in this work gives very similar results to the specific ones. Only 1 K
or 2 K differences can be observed in turbine outlet temperature between those
two configurations.

Those results state the validity of the approach for the improvement of the
estimation of turbine and compressor outlet temperature. Furthermore, the
results prove that the general correlation provide a model with accurate outlet
temperature predictions without the need of experimental characterisation of
the turbocharger in different test benches.

Ability to extrapolate to other turbochargers

The extrapolation ability to other turbochargers that have not been used in
the correlation determination is here checked. To prove that the described
procedure is able to improve the prediction of outlet temperatures of non-tested
turbochargers, T#1, which has not been used for general correlation, is simulated
and compared to experimental data.
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Figure 5.16: Turbine (a) and compressor (b) outlet temperatures for T#1

The results of compressor and turbine outlet temperatures for T#1 are
shown in Figure 5.16 with the three different configurations of the simulation
as in Figure 5.15. The results with respect to not using any HTM give a 15 K
improvement in turbine outlet temperature. For compressor outlet temperature
in the case of this turbocharger the general correlations are always within
±5 K difference respect to measured values while in some cases without HTM
this difference is much higher. Finally it can be observed that even using a
turbocharger that has not be used in general correlations development the
difference between specific correlations and general ones is small.

These results show that the methodology can easily be used for other tur-
bochargers different form the ones used to obtain the generalized correlations.
If the data of T#1 are introduced to re-elaborate general correlations the results
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Figure 5.17: Turbine (a) and compressor (b) outlet temperatures for T#1 using
re-elaborated correlations
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Figure 5.18: Transient evolution compressor and turbine outlet temperatures
for T#1

may be little better for T#1. In Figure 5.17 the results using T#1 data are shown
compared to four previous turbochargers correlation. Only a slight improvement
is observed for both outlet temperatures. This fact proves that additional data
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may improve the correlations accuracy but the learning curve is approaching the
asymptotical region concerning the ability for outlet temperature predictions.

Thermal transient tests in gas stand can be simulated and compared to
experimental values in order to check the validity of the procedure for transient
operation of the turbocharger. Those tests impose a temperature rise (from
minimum to maximum value of the gas stand capability) in the gas at the turbine
inlet and record the evolution of turbocharger parameters until stabilization.
In Figure 5.18 the evolution of compressor and turbine outlet temperatures
can be observed for the temperature rise and temperature drop tests for T#1.
These evolutions are compared to simulations using HTM with the properties
calculated from the general correlations. It can be observed that the differences
between measured and modelled temperatures are small in both cases. Such
results confirm that capacitances determination using general correlations is
adequate for predicting turbocharger outlet temperatures in transient operation.

5.4 Model validation in engine conditions

The whole engine modelling work has been divided in three parts. In the first
part the turbocharger model developed in this thesis has been integrated in
a commercial code for engine simulations (GT-POWER™). Then, an engine
model has been developed and validated in GT-POWER™ environment. Finally,
simulations with and without the proposed turbocharger model have been
performed in order to analyse the benefits and drawbacks of this model in
engine simulations. In the configuration without the proposed model, original
GT-POWER™ model has been used. This model does not include a turbocharger
heat transfer and mechanical losses model and the maps are extrapolated using
a purely mathematical approach and not a physically based model as it was
done in this thesis.

Engine 1D model

A general scheme of the engine model in GT-POWER™ is shown in Figure 5.19.
The proposed turbocharger model has been introduced in the engine model
acting on the compressor, turbine and shaft variables in order to take into
account the heat transfer and mechanical losses phenomena in the turbocharger
during the simulation.

In order to assure correct turbine inlet conditions the in-cylinder instanta-
neous variables values provided by the model have been analysed. As it had been
described in the previous chapter, heat release laws obtained by an in-house
combustion diagnosis tool (CALMEC) have been imposed in the cylinder, so GT-
POWER™ inbuilt heat release models have not been used. Moreover, in-cylinder
heat transfer coefficients have been fitted in order to meet in-cylinder measured
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Turbocharger 

Model

Figure 5.19: Engine Model in GT-POWER™
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Figure 5.20: In-cylinder pressure and temperature for T#1 at 2500 rpm and full
load (2.0 litres engine)
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Figure 5.21: In-cylinder pressure and temperature at EVO for T#1 (2.0 litres
engine)

values. In Figure 5.20 instantaneous in-cylinder pressure and temperature
are shown comparing the modelled values with instantaneous experimental
values for a given engine speed. The differences are small, a fact that validates
in-cylinder heat transfer coefficients adjustment. It can be observed, in Figure
5.21, that in-cylinder pressure at exhaust valve opening is also very similar for
all the modelled engine speeds, being the errors within ±5%. The same holds
for temperature, where errors are in the range of ±20K , using the same set of
in-cylinder heat transfer coefficients for all calculated engine speeds. Identical
results from in-cylinder variables have been obtained using the turbocharger
model or not (for that reason only one curve for modelled values is shown in
Figures 5.20 and 5.21), meaning that in-cylinder conditions are not affected by
the proposed turbocharger model in the modelled cases, what indicates that any
difference in cylinder outlet variables (primary the turbine inlet temperature),
cannot be caused by the use of the new turbocharger model.

Steady simulations: Full and partial loads

All the previous engine characterisation is used in both the original 1D model
and the model that includes heat transfer and mechanical losses. However, in
the proposed turbocharger model the turbocharger heat transfer and mechanical
losses sub-models are included in the same way as it has been done for the gas
stand simulations of the previous section. The boost pressure value provided by
the engine model has been controlled using a PID to impose the experimental
value.
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Full loads

Figure 5.22 and Figure 5.23 compare the results of the models with the experi-
mental data in torque and air mass flow. Good agreement has been achieved
using both configurations (with and without the proposed turbocharger model)
compared to experimental data. As it can be observed, from the point of view
of these two parameters, related with the engine behaviour, the differences
between both configurations are insignificant. At steady conditions the heat
transfer model has a small effect on these variables since thermal inertia effects
does not exist. Furthermore the boost pressure has been imposed, what implies
good prediction of the torque.
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Figure 5.22: Engine variables T#1. Actual 2.0 litres engine
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Figure 5.23: Engine variables T#2. Emulated 1.6 litres engine
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Figure 5.24 and Figure 5.25 show compressor parameters for both tur-
bochargers. From the point of view of pressure ratio the proposed turbocharger
model offers similar results to those calculated without using it. Both models
present a good agreement between modelled pressure ratio and experimental
data due to the fact that a PID controller is used to impose experimental boost
pressure. It must be reminded that original model uses the compressor map
measured in hot conditions while in case of proposed turbocharger model the
compressor map used is the adiabatic one, i.e. it does not include the effect of
the heat transfer that will have to be provided by the proposed turbocharger
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Figure 5.24: T#1 Compressor pressure ratio and temperature increment
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Figure 5.25: T#2 Compressor pressure ratio and temperature increment

model. Pressure ratio against mass flow maps are identical with and without
proposed turbocharger model [2] and the effect of heat transfer is reflected in
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the compressor efficiency [62] i.e. in the air temperature increment across the
compressor. Compressor outlet temperature is related with the compression
ratio (both cases have the same value) and the efficiency, so this parameter is
affected by heat transfer and must be used properly. In the case of the origi-
nal model the heat transfer effects are included in the map efficiency which is
only valid when simulation conditions are similar to the conditions during map
measurement. In the case of the new approach (using a proposed turbocharger
model), the employed efficiencies are adiabatic, so point ’20a’ in Figure 2.3a
can be obtained. Furthermore, heat transfer in the compressor is computed
using proposed turbocharger model taking into account simulation conditions so
adding that heat flow makes possible the calculation of the final COT (point ’20’
in Figure 2.3a).

As it has been discussed in chapter 2 the definition of efficiencies for the
compressor in adiabatic and diabatic maps are presented in Equations 2.10 and
2.11, where the temperature definitions are shown in Figure 2.3a.

The hot map includes the effect of the heat transfer and mechanical losses
in the turbocharger for the map measurement conditions. For this reason,
the prediction of a model using hot maps, in principle, will be accurate if the
conditions of turbine inlet temperature and oil inlet temperature are similar
between the modelled and the experimental ones when the maps were measured.
Since T20 can be derived from the diabatic compressor efficiency (ηc,diab.) by
using Equation 2.11.

The simulations of this section for the original model use a hot map, where
the map measurement temperatures were similar to those measured at full
load engine conditions. If the map conditions were different, the measured
diabatic efficiency would be also different. Then compressor outlet temperature
prediction would be worse than the results shown in Figures 5.24b and 5.25b.

On the contrary, proposed turbocharger model uses adiabatic map, i.e. consid-
ering that the air is only heated due to the compression process and the internal
irreversibilities. The heat transfer model estimates the heat to or from the
compressor (Q̇C/Air) for each operating condition and this heat is added/removed
at the compressor outlet as can be observed in Figures 4.1 and 2.3a. So, the
same T20 is obtained in both cases: using a hot map measured with identical
temperature conditions than in engine measurements and using the evolution
given by ηc,diab. and using a two step evolution given by the efficiency ηc,adiab.
of an adiabatic map and the additional heat power (Q̇C/Air) of the proposed tur-
bocharger model. For this reason, the differences observed between the results
obtained using the proposed turbocharger model and those obtained with the
original model are small. However, when the conditions of the map are not
similar, proposed turbocharger model would still give the correct value while
the original model may underpredict or overpredict COT.

In spite of this, proposed turbocharger model shows better results, specially
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at the low speed range (below 2000 rpm) as in Figure 5.24b and 5.25b. It is due
to the fact that generally the heat transfer in the compressor is very small in
comparison to the compressor power except for very low turbocharger speed,
as it has been studied in [63]. Despite of these small differences, up to 10 K
improvement is observed using proposed turbocharger model which is more
relevant for the higher power water cooled turbocharger (T#1).

Figure 5.26 and Figure 5.27 compare modelled pressure ratio and tempera-
ture drop at the turbine versus experimental data for both turbochargers. Once
again, significant differences have not been detected between both configurations
from the point of view of pressure ratio. Only in the case of the lowest engine
speed (1000 rpm) and T#2 (Figure 5.27), some improvements are obtained.
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Figure 5.26: T#1 Turbine pressure ratio and temperature drop
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Figure 5.27: T#2 Turbine pressure ratio and temperature drop

162



5.4. Model validation in engine conditions

The most significant differences between both models appear in tempera-
tures. Supplier turbine map, used by the original model includes the effect of
the heat transfer and the mechanical losses as has been shown in Equation 2.9.
Furthermore, in the case of using ETE the isentropic power does not correspond
to the pure adiabatic efficiency definition as it can be observed in Figure 2.3b.
On the contrary, proposed turbocharger model calculates the heat transfer and
mechanical losses for every simulated engine conditions, for that reason it uses
an adiabatic map where the efficiency, expressed in Equation 5.3, represents
only the internal irreversibilities in the turbine flow. The heat (Q̇GAS/T ) is
extracted from the gas before it is expanded in the turbine stator (see Figure 4.1
and Figure 2.3b). Additionally, the turbocharger mechanical loses are removed
directly in the shaft.

ηt,adiab. =
T30a −T4a

T30a −T4as
= Ẇt

Ẇtsa
(5.3)

In both simulation sets, the predicted turbine inlet temperature shows
similar values due to the fact that this parameter is almost independent of the
model used as it has been explained in the previous chapter. The most important
difference is observed in turbine outlet temperature. Figure 5.26b and Figure
5.27b show that without proposed turbocharger model turbine temperature
differences arrive up to −70K at low end torque conditions and original model
never get differences below −20K . These errors contrast with the accurate
results obtained with the proposed turbocharger model where maximum errors
are around 5K . Using the hot map, the gas undergoes an enthalpy drop related
with the isentropic turbine enthalpy drop and the ETE mapped efficiency. This
process is represented in Figure 2.3b between points ’30’ and ’4’ where W

′
t =

W
′
c +Wmech. Using the proposed turbocharger model, the heat losses (QGAS/T )

have been also considered , consequently, the enthalpy drop undergone by the
gas is higher and much more realistic, following the points ’30’, ’30a’ and ’4a’ in
Figure 2.3b, where the evolution between ’30a’ and ’4a’ is given by the efficiency
of an adiabatic map. As it can be observed the proposed turbocharger model is
able to predict correctly the temperature in the turbine outlet. This result is
very important in order to model the different after-treatment elements placed
in the exhaust line or any exhaust energy recovery device, like second stage
turbochargers and bottoming ORC.

Figure 5.28 shows a comparison of turbocharger speed for both turbochargers.
Good agreement has been obtained for both configurations due to the fact that
boost pressure and mass flow through the compressor are controlled. Differences
in this parameter can appear due to errors in the compressor map used or in the
volumetric efficiency estimated by the engine model. The differences between
both models are negligible, fact that will be recalled in the discussion of results
section.
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Figure 5.28: T#1 and T#2 turbocharger speed

Aditional features of the proposed turbocharger model
The developed model provides additional analysis capabilities which allows

a deeper understanding of the different energetic transformations in the tur-
bocharger. For example, Figure 5.29 compares the compressor efficiency for
the full load test using different definitions. On one hand, adiabatic efficiency
(Equation 2.10) can be provided by the proposed turbocharger model and it
compares mechanical compressor power versus isentropic compressor power.
On the other hand, the diabatic efficiency can obtained from the temperature
drops in the compressor and it includes the effect of the heat transfer. It must
be taken into account that the powers are instantaneous variables obtained as
a result of a non-linear calculation and the temperatures are weighted with
instantaneous mass flow as shown in Equation 5.4. When the model is used,
the adiabatic efficiency is interpolated in the adiabatic map and the diabatic
efficiency is obtained from the modelled temperatures.

ηmodel
c,diab. =

∑
Ẇ i

cs∑
Ẇ i

c
=

∑
ṁi

c ·∆T i
s∑

ṁi
c ·∆T i

(5.4)

Using T#1, which is water cooled, both compressor efficiencies are very simi-
lar from 2000 rpm in advance due to the small heat transfer in the compressor
compared with mechanical power, proving that water-cooling makes a thermal
barrier from turbine to compressor as it was also pointed in [47]. At low engine
speed, as the relative heat transfer effect increases, the compressor diabatic
efficiency decreases. In the case of T#2, for all engine speeds the compressor
receives heat power coming from the turbine. This phenomenon is much more
important at low engine speed. In these conditions, the compressor outlet tem-
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Figure 5.29: T#1 and T#2 compressor efficiency

perature increases due to heat transfer and, as a consequence, the diabatic
efficiency decreases.

Similar analysis can be performed for the turbine. In this case four different
definitions for the turbine efficiency can be used. The first efficiency definition
is the most used in turbine maps provided by suppliers and it compares total
compressor power with the turbine isentropic power. This definition, called
ETE (Effective Turbine Efficiency), includes the effects of the heat transfer in
turbine and compressor and the mechanical losses in the shaft, as it has been
stated previously (Equation 2.9). It is important to note that ETE definition
uses Wts instead of Wtsa, since Wtsa is unknown without a HT model, as shown
in Figure 2.3b. The second definition for turbine efficiency compares mechanical
power of the turbine versus isentropic power and is called adiabatic efficiency
(Equation 5.3). If the mechanical efficiency is included in the definition, the
result is given in Equation 5.5. Finally, the last definition can be obtained from
the temperatures at turbine inlet and outlet. It is called diabatic efficiency which
is shown in Equation 5.6 weighted with instantaneous mass flow. This definition
is not commonly used since, in some cases, it can provide values higher than one
or even lower than zero [2]. It includes the effect of heat transfer in the turbine
that can be very important. When this effect is important T4a can become lower
than T4s giving values higher than one. For that reason when heat losses are
important compared to turbine power the diabatic efficiency does not represent
the actual aerodynamic efficiency of the turbine.

ηmodel
t,adiab. ·ηmodel

mech = Ẇt

Ẇtsa

Ẇc

Ẇt
= Ẇc

Ẇtsa
=

∑
ṁi

t · ci
p,c · (T20a −T10)i∑

ṁi
c · ci

p,t · (T30a −T4as)i (5.5)
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ηmodel
t,diab. =

∑
ṁi

t · (T30 −T4a)i∑
ṁi

t · (T30 −T4s)i = Ẇt + Q̇GAS/T

Ẇts
(5.6)
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Figure 5.30: T#1 and T#2 turbine efficiency

Figure 5.30 compares the four turbine efficiencies for the full load engine
tests, where obtained values for diabatic efficiency higher than 80% have been
removed. It shows that diabatic efficiency is very high (in some cases higher
than one), the reason is the lower turbine outlet temperature caused by the
heat transfer in the turbine. This effect is more noticeable at lower speeds
because turbine heat losses are higher, in relative terms, compared to turbine
power. The difference between adiabatic (Equation 5.3) and adiabatic times
mechanical (Equation 5.5) represents the turbocharger friction losses, and
hence the adiabatic efficiency is always higher. In general, the effect of the
friction losses in the turbocharger is more important at low engine speed (i.e.
low turbocharger speeds). Comparing ETE (Equation 2.9) with the product of
adiabatic and mechanical efficiencies (Equation 5.5), the differences are caused
by the inclusion of the heat in the compressor (Q̇C/Air) and the different turbine
isentropic power used in both definitions (Ẇtsa or Ẇts). As can be observed
the differences between these two definitions are more important when the
turbocharger is not water-cooled (T#2), what increases the transfer of heat
power from bearing housing to the compressor. In the case of T#1, due to water
cooling, only at 1000 rpm appears a big difference between the three definitions.

Finally, an important parameter to analyse is turbocharger efficiency because
of its influence on engine performance. If proposed turbocharger model is used,
the turbocharger efficiency is calculated according to Equation 5.7, while for
simulations without proposed turbocharger model, this efficiency is given by
Equation 5.8. In the first case, an adiabatic map is used to compute turbocharger
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efficiency, whereas, in the second case, a hot map is used for the purpose. For
both of these parameters, the calculations of the values from the models are
obtained averaging the pulsating power.

ηmodel
TG,adiab. = ηmodel

t,adiab. ·ηmodel
c,adiab. ·ηmodel

mech = Ẇt

Ẇtsa

Ẇcs

Ẇc

Ẇc

Ẇt
= Ẇcs

Ẇtsa
(5.7)

ηmodel
TG,map = ETE ·ηmodel

c,diab. =
Ẇc + Q̇C/Air

Ẇts

Ẇcs

Ẇc + Q̇C/Air
= Ẇcs

Ẇts
(5.8)

It is worth noting that the simplification given in Equation 5.8 is possible
only if compressor heat Q̇C/Air is equal in ETE and compressor diabatic efficiency.
This fact occurs only when turbine and compressor maps are measured at the
same time without disassembling the turbocharger. With this assumption, the
difference between both turbocharger efficiency definitions is just the turbine
isentropic power (Ẇtsa or Ẇts). As it can be deduced from Figure 2.3b, at high
pressure ratios the relative difference between both isentropic powers will be
small. Pressure ratio increases when engine speed (and also turbocharger speed
increases), so at high speeds both turbine isentropic enthalpy drops will be
similar. Figure 5.31a shows clearly this situation at high engine speeds and
full load. That is when the difference between the values given by Equation 5.7
and Equation 5.8 will be small. Consequently, this effect of turbocharger heat
transfer (Ẇtsa vs Ẇts) on turbocharger efficiency (defined in Equations 5.7 and
5.8) is low at high engine speeds.
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Figure 5.31: T#1 and T#2 turbocharger efficiency

In addition to this analysis, the proposed turbocharger model also makes
possible the evaluation of an energy balance between the different parts of the
turbocharger distinguishing between heat flows and mechanical power. When
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the turbocharger is working on the engine, heat and mechanical energy is
transferred between the different elements. Using the information provided by
the model, energy balances in the turbocharger can be computed from the point
of view of heat power exchanged.

Figure 5.32 represents this heat balance for all full load working points. For
the compressor the sign of heat flow depends on the operating conditions. For
T#2 (Figure 5.32b) the comparison is easier since, in this case, only the turbine
losses heat. This behaviour occurs only when the compressor absorbs the heat
coming from the turbine for all operating points. For the oil it is a predictable
behaviour as it works as a heat sink in the absence of water cooling.
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Figure 5.32: T#1 and T#2 heat power balance

For full load operating points, the maximum temperature of the turbocharger
always corresponds to the turbine. Therefore, the heat will always flow from the
turbine to the rest of the turbocharger. The water and the oil act like coolants
(heat sinks) due to their low temperature. In the case of the compressor it can
act as both a heat sink or a heat source depending of the operating point and
the easiness of heat flow through central housing.

At high pressure ratios, the compressor can lose heat that will be absorbed
by the oil, ambient or the water (as shown in Figure 5.32a for T#1 when the
engine is running at 3500 rpm and 4000 rpm). Figure 5.32b also shows how
the heat is distributed in T#2. More than 50% of the heat losses in the turbine
go to the ambient and this percentage increases at higher engine speeds. This
result extracted from the proposed turbocharger model is in concordance with
different studies of other authors such as [71]. The compressor receives similar
heat power for all engine speeds in absolute value only slightly higher at low
engine speeds. Nevertheless, this heat in relative terms and at high engine
speed is negligible in comparison to compressor power. In Figure 5.32a for T#1,
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each engine test is represented by two different bars. The left bar is the sum of
all heats flowing to the metal parts of the turbocharger and right bar is the sum
of all heats flowing from the metal parts. In this case, turbine casing always
losses heat power that is always received it by the ambient, the water and the
oil. However, the heat flow in the compressor can change its direction (from/to
central housing) depending on the operating conditions, as has been stated
previously. In this case the ambient is again the node that receives a higher rate
of heat and the oil receive low heat quantity due to the water-cooling. However,
the compressor air at the engine speeds of 3500 rpm and 4000 rpm losses heat
(positive sign) since it works with high pressure ratios, while at lower engine
speeds (i.e. lower pressure ratios) the compressor air receives heat (negative
sign).

Using the proposed turbocharger model a turbocharger mechanical power
balance can be also performed. Figure 5.33 represents this balance where a
logarithmic y-axis has been used to remark the different orders of magnitude
among turbine and compressor mechanical powers and turbocharger friction
losses power. As can be observed in Figure 5.33, despite the fact that the
mechanical losses are higher at high engine speed tests, the effect of these losses
is much more important at low engine speed points because compressor and
turbine power decrease faster than mechanical losses at low engine speeds.
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Figure 5.33: T#1 and T#2 mechanical power balance

The comparison between the results of both kind of simulations and the
experimental data shows that COT and TOT prediction is the main substan-
tial improvement using a heat transfer and mechanical losses model for the
turbocharger. This improvement is crucial in inter-cooling [131], combustion
process [132] where there is no intercooler, aftertreatment [133], exhaust energy
recovery [134], exhaust heat transfer modelling [135] and two stage turbocharg-
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ing [136] modelling. Even the simulation of full load conditions can be improved
using proposed turbocharger model. However, the improvements of the model
result only in the prediction of COT and TOT and do not affect the engine per-
formance variables if the turbocharger map, used in the original configuration,
is chosen properly. This map must have been measured in similar conditions
to those desired to be modelled, so turbocharger manufacturer maps that hold
this condition are suitable to be used in order to predict well all the variables
associated to the engine excepting TOT. Cold maps can also be used but always
coupled with a proposed turbocharger model. In that case the prediction of
all variables, including TOT is precise. The turbo speed is not affected by the
different models as it has been shown in this work and it has been demonstrated
by the development shown in Equations 5.9, 5.10 and 5.11 showing turbocharger
speed increment, where K primarily depends on turbocharger shaft inertia and
time step. Previously in Equation 5.9 ETE definition is derived; where the
compressor mechanical power has been replaced by the product of mechanical
efficiency and turbine mechanical power. Since the only difference between Ẇts
and Ẇtsa is the turbine inlet temperature, it is possible to introduce turbine
adiabatic efficiency in the equation as has been done in Equation 5.9.

ETE = ηmech ·Ẇt + Q̇C/Air

Ẇts
=

(
ηmech ·ηt,adiab. +

Q̇C/Air

Ẇtsa

)
T30a

T30
(5.9)

In Equation 5.10, the turbo speed increment expression has been derived
using the proposed turbocharger model approach. The resulting equation is
function of compressor and turbine adiabatic efficiencies, turbocharger friction
losses efficiency and isentropic power of compressor and turbine.

∆N = K
(
Ẇt −Ẇmech −Ẇc

)=
= K

(
ηmech ·Ẇt −Ẇc

)=
= K

(
ηmech ·ηt,adiab. ·Ẇtsa −

Ẇcs

ηc,adiab.

)
(5.10)

In Equation 5.11, the turbo speed increment expression has been derived
using the original model approach, i.e using map efficiencies definitions (ETE
and ηc,diab.). Introducing Equations 2.11 and 5.9 it gives the same expression
as in Equation 5.10. It is important to underline that this equivalence between
both models is only valid when the compressor heat measured in the turbine
map (Q̇ t

C/Air) is equal to the heat measured in the compressor map (Q̇c
C/Air). This

conditions occurs when the turbine and compressor maps have been measured
at the same time. If the map of the compressor or the turbine is measured
independently using an external motor or a brake the Q̇C/Air will be different in
each case.
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∆N = K
(
Ẇ ′

t −Ẇ ′
c
)=

= K
(
ETE ·Ẇts −

Ẇcs

ηc,diab.

)
=

= K
(
ETE · T30

T30a
·Ẇtsa −

Ẇcs

ηc,diab.

)
=

= K
(
ηmech ·ηt,adiab. ·Ẇtsa + Q̇ t

C/Air −
Ẇcs

ηc,diab.

)
=

= K
(
ηmech ·ηt,adiab. ·Ẇtsa + Q̇ t

C/Air −
(
Ẇc + Q̇c

C/Air
))=

= K
(
ηmech ·ηt,adiab. ·Ẇtsa −

Ẇcs

ηc,adiab.

)
(5.11)

So, it can be concluded that the usage of ETE definition for turbine efficiency
without proposed turbocharger model is suitable if compressor and turbine outlet
temperature prediction is not important for simulations purposes and turbine
maps were measured at same time to cancel Q̇C/Air terms. As a drawback,
the prediction of turbine outlet temperature is not satisfactory. Concluding, if
a proposed turbocharger model with an adiabatic map is used every variable
prediction is satisfactory, while special care must be taken with turbine efficiency
definition if simulations are performed without using the proposed turbocharger
model.

Partial loads

The proposed turbocharger model has been also tested under engine partial load
conditions. A new representation has been used to show these results which
depend on two different parameters, speed and load. For that reason, the figures
of this section present the experimental data on the ’X’ axis versus the modelled
results on the ’Y’ axis. Accurate modelled results will appear plotted on the
diagonal. The different symbols used represent the engine speed and if the
symbol is filled it represents a full load test.

Figure 5.34 compares the modelled torque versus measured data. A good
agreement can be observed. Moreover, no significant differences can be found
between both models (proposed turbocharger model in blue and original look up
maps model in red). Only for the 1 bar of BMEP tests the models do not offer a
good agreement in percentage due to the small torque of this point that causes
important errors with very small variations in torque.

Good agreement is also reached in predicted air mass flow (Figure 5.35). Er-
rors lower than 2.5% is observed in most of the engine test modelled. Again, the
differences observed between both models in this parameter are insignificant.
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Figure 5.34: Modelled against measured torque for T#1 and T#2

Figure 5.36 and Figure 5.37 represent different parameter of the compressor
for the T#1 and the T#2. Compressor pressure ratio and temperature increment
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Figure 5.35: Modelled against measured air mass flow for T#1 and T#2

are represented. As it has been commented previously, a good prediction of
these parameters depends on the accuracy of the compressor map used. At high
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load tests (high outlet pressure and temperature) both models presents a good
agreement with the experimental data and the differences between both models
are not significant. The main discrepancies appear at low load tests. Observing
the results of T#1, proposed turbocharger model presents better results, mainly
for temperatures. With the same compression ratio the temperature drop in the
compressor is better predicted by the proposed model.

For T#2 both models show opposite errors as much in compression ratio as
in temperature drop. While the proposed model calculates a higher temperature
drop with a lower pressure ratio, the original model does the opposite. The
reason of this behaviour can be the fact that different compressor extrapolation
models are used in the proposed model and in the original one.

The comparison of the different parameters that describe the behaviour of
the turbine in the partial load test is shown in Figure 5.38 and Figure 5.39
for T#1 and T#2 respectively. Once again, in order to reproduce correctly the
behaviour of the turbine it is very important to impose the correct turbine
inlet temperature which depends highly on the heat transfer and combustion
processes in the cylinder.

As it was explained in the previous chapter the cylinder parameters have
been fitted in order to obtain a value of turbine inlet pressure as accurate as
possible. From the point of view of expansion ratio, both models show good
agreement with the experimental data with errors limited to 5% in most of
cases.

As it was observed in the results at full load, turbine outlet temperature is
the parameter where the differences between both models are more important.
As it is shown in Figure 5.38b and Figure 5.39b, the proposed model is able to
predict turbine outlet pressure while original model always overestimates it.
This difference between both models is clearer if the effect of the turbine inlet
temperature errors is removed as it has been done by comparing temperature
drop in the turbine. It can be observed that the proposed model is able to
predict that difference of temperatures but the original model calculates a lower
temperature drop. The reason for this difference is while the temperature
drop calculated by the original model is related with the mechanical power, the
proposed turbocharger model also include the reduction in temperature due to
the heat losses from the exhaust gas to the turbocharger walls.

Figure 5.40 compares the turbocharger speed calculated by the models
and the experimental data. The figure shows good agreement at high speed
but discrepancies between both models at low turbocharger speed. Here, it is
important to remark that the compressor maps used only provide information
for turbocharger speed higher than 70 krpm for T#1 and higher that 90 krpm
for the T#2. Below those values, the model needs to extrapolate the map.

The proposed model is also able to predict the temperature at the different
nodes of the turbocharger. Figure 5.41 and Figure 5.42 show the comparison
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Figure 5.36: Compressor pressure ratio and temperature increment for T#1

between the experimental data and the modelled results for T#1 and T#2 re-
spectively. The results are grouped by engine speed and each engine load test is
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Figure 5.37: Compressor pressure ratio and temperature increment for T#2

represented by a different symbol.
It can be observed that at lower loads nodes temperatures are also lower.
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Figure 5.38: Turbine pressure ratio and temperature drop for T#1

Moreover, the main differences versus the load appear near the turbine. Other
observed phenomenon is how with the T#1 (water cooled) the temperature
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Figure 5.39: Turbine pressure ratio and temperature drop for T#2

variations near the compressor are lower than for the T#1. It can be observed as
all these phenomena are predicted by the model.

178



5.4. Model validation in engine conditions

0
0.2
0.4
0.6
0.8

1
1.2
1.4
1.6
1.8

2
x 10

5

T
ur

bo
ch

ar
ge

r 
sp

ee
d 

m
od

el
 (

rp
m

)

 

 

1250 rpm
1500 rpm
2000 rpm
3000 rpm
Proposed
Orig. Model

0 20 40 60 80 100 120 140 160 180 200
−30
−15

0
15
30

Turbocharger speed measured (krpm)

D
iff

er
en

ce
 (

kr
pm

)

(a) T#1

0
0.2
0.4
0.6
0.8

1
1.2
1.4
1.6
1.8

2
2.2

x 10
5

T
ur

bo
 s

pe
ed

 m
od

el
 (

rp
m

)

 

 

1250 rpm
1500 rpm
2000 rpm
3000 rpm
4000 rpm
Proposed
Orig. Model

0 20 40 60 80 100 120 140 160 180 200 220
−30
−15

0
15
30

Turbo speed measured (krpm)

D
iff

er
en

ce
 (

kr
pm

)

(b) T#2

Figure 5.40: Turbocharger speed for T#1 and T#2

Transient simulations: Tip in and tip out

The capabilities of the model have been analysed in transient conditions simu-
lating tip in and tip out tests. The results obtained in these calculations have a
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Figure 5.41: Nodes temperatures for T#1
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Figure 5.42: Nodes temperatures for T#2

lot of uncertainties that have been minimized by imposing some parameters or
performing some previous analysis. The following information is not available
for the engine model:

• Control strategy used by the engine to decide the injected fuel.

• Control strategy used by the engine to move the turbine stator blades.

• Relation between the control signal used to move the VGT and the real
VGT position.

• Control strategy used by the engine to open the EGR valve and fix the
admitted air mass flow.
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• Wall temperatures of the engine and the manifolds and how they change
during the test.

• Heat transfer coefficient in the cylinder. Along with wall temperatures,
they are the most important parameter for determining the heat losses in
the engine. Imposed the correct fuel, it allows an accurate prediction of
the torque.

• Turbocharger wheel inertia.

To solve all these difficulties several actions have been carried out. The
evolution of the fuel versus time has been imposed. The experimental informa-
tion used has been provided by the engine control unit (ECU) but it has been
corrected by the unbalance parameter calculated by the combustion diagnostic
model (CALMEC) which gives an idea about the ratio between burned and
injected fuel. This parameter changes during the transient test and in the worst
cycles it can take the value of 70%.

The signal of the ECU for the VGT has been also used to fix the VGT
displacement versus time during the different transient test. Anyway this
value has had to be corrected to correlate the control signal with the real VGT
displacement. To perform this correction the full load test results have been
used. Figure 5.43 compares the real VGT position and the engine control unit
signal and the correlation used to correct the VGT displacement for the load
transients using T#2.
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Figure 5.43: Correlation between engine VGT position signal and real VGT
displacement

A similar correction was performed for T#1. To model the EGR valve a
discharge coefficient has been used in the recirculation circuit. The value of that
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discharge coefficient has been imposed proportional to the EGR control signal
provided by the ECU. This signal has been multiplied by a constant in order to
fit correctly the air mass flow during the period when the EGR valve is open.

The values of the wall temperatures calculated by CALMEC at the beginning
of the load transient have been imposed in the cylinder, the piston and the
cylinder head. This is not a critical problem due to the small variation of the
temperatures during the twelve seconds that have been calculated. Using these
temperatures, the heat transfer coefficient in the cylinder has been fitted to
obtain the same heat transfer as the one predicted by CALMEC.

Finally, an important parameter to fit correctly the engine tip in and tip out
load transients is the inertia of the turbocharger. The values provided by the
manufacturer have been used for both turbochargers.

Due to the difficulties and the strategies described above the modelled tests
cannot be compared with the experimental information. The high uncertain-
ties of the engine model make this comparison not useful. Moreover, special
thermocouples with very low thermal inertia had to be used to make proper
temperature comparisons. For these reasons, the results of both models (pro-
posed turbocharger model and original map based model) are compared between
them. The purpose of this comparison is the analysis of the effect of the pro-
posed model on transient calculations since this model includes heat transfer,
an important phenomenon in this kind of tests. Tip in and tip out load transient
have been modelled for 1250 rpm, 1500 rpm, 2000 rpm and 3000 rpm. A period
of 10 seconds after the moment in which the pedal changes has been chosen to
represent the results. Moreover, two seconds before that moment are used to
stabilize the model. Since the conclusions of the modelling are similar for the
different engine speeds only part of the results will be presented in the following
discussion.

The first parameter compared is the torque (Figure 5.44 and Figure 5.45).
In order to obtain accurate results for the torque, the most important parameter
is the fuel. As it has been commented before the same fuel is imposed for both
model from the ECU signal corrected by the results of CALMEC. The second
factor that affects the prediction of the torque is the heat transfer. Heat transfer
has been also fitted for both models comparing with CALMEC results. Finally,
the last parameter that has influence in the torque provided by the model are
the pumping losses, that reflect the efficiency of the scavenging process.

For the tip in load transient tests, the wall temperatures of the turbocharger
are low at the beginning. When the pedal is pushed, the exhaust gas temperature
suddenly increases due to a higher fuel mass burned and a high fuel to air ratio.
This hot gas passes through the turbocharger whose walls are still cool causing
high heat losses. These heat losses are much higher than in steady state
conditions and the supplier turbine maps do not include them. That energy
is used to warm up the turbocharger metal parts, reducing the efficiency of
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Figure 5.44: Torque during tip in and tip out tests for T#1 at 1500 rpm
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Figure 5.45: Torque during tip in and tip out tests for T#2 at 1000 rpm

the turbocharging system and increasing the pumping losses. For that reason,
during tip in load transient, mainly at low engine speed, the proposed model
predicts slightly lower torque compared to the map based model. At high speed
the influence on the torque of this effect is lower and both models predict similar
torque.

For tip out load transient tests, the opposite phenomenon happens. When
the fuel is cut off, the wall temperatures of the turbocharger are high. Then,
during a small period of time after, the turbine has more energy available due
to the fact that the exhaust gas does not lose heat power or even can receive
heat from the hotter walls. However, due to the low fuel flow after the cut off,
the torque is not significantly affected in these transient tests.

Figure 5.46 and Figure 5.47 represent the evolution for the admitted air
mass flow during tip in and tip out load transient tests. This parameter shows
more differences between the map based model and the model presented in this
thesis. For the tip in load transient test, supplier map does not consider the
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Figure 5.46: Air mass during tip in and tip out tests for T#1 at 2000 rpm
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Figure 5.47: Air mass during tip in and tip out tests for T#2 at 1600 rpm

high heat losses that exhaust gases undergo at the beginning of the acceleration.
This additional energy makes the turbocharger to have a higher increment of
the speed and as a consequence the air mass flow admitted is higher. During tip
out tests, higher wall temperatures that warm up the gases allow higher energy
disposal and higher mass flow during a period of time after the cut off.

Compressor outlet pressure is affected by the same phenomenon that the air
mass flow. This value depends on the energy available in the turbine. Therefore,
if heat losses are not considered, the evolution during tip in load tests is faster.
Regarding compressor outlet temperature the differences between the models
are higher as it can be observed in Figure 5.48 and Figure 5.49. The proposed
model must predict a more realistic evolution. During tip in load test the
increment of the air temperature is lower due to the warm up of the compressor
case. The opposite effect happens during tip out load tests. The thermal energy
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Figure 5.48: Compressor outlet temperature during tip in and tip out tests for
T#1 at 1500 rpm

1 2 3 4 5 6 7 8 9 10 11 12
260

280

300

320

340

360

380

400

420

440

Time (s)

C
O
T

(K
)

 

 

Orig. Model

Proposed Model

1 2 3 4 5 6 7 8 9 10 11 12
260

280

300

320

340

360

380

400

420

440

Time (s)

C
O
T

(K
)

 

 

Orig. Model

Proposed Model

Figure 5.49: Compressor outlet temperature during tip in and tip out tests for
T#2 at 1600 rpm

accumulated in the compressor case is released and the cooling down process is
also slower.

For the turbine outlet temperature, during the tip in load tests (Figure 5.50
and Figure 5.51), despite of higher turbine inlet temperature, the proposed
model provide a lower turbine outlet pressure. High temperature drop is pre-
dicted in the turbine due to the mechanical power produced and the heat power
transferred.

The opposite effect is predicted during tip out load tests. During the deceler-
ation, the gas receives heat from the turbocharger walls that are hotter due to
thermal inertia of the material.
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Figure 5.50: Turbine outlet temperature during tip in and tip out tests for T#1
at 1250 rpm
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Figure 5.51: Turbine outlet temperature during tip in and tip out tests for T#2
at 2400 rpm
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6. CONCLUSIONS AND FUTURE WORKS

6.1 Introduction

In the present thesis turbocharger heat transfer model have been improved
compared to the previous works available in the literature as the work done
by Reyes [26]. The improvements provide a more simple way of calculating
heat transfer properties and the ability to compute the heat transfer with the
ambient. Furthermore,

In order to develop the models experimental results from different tests
benches at different conditions (hot exposed, adiabatic...) have been used. The
models have been developed to be used coupled to 1D codes and have been
validated using this type of simulation.

In the validation task the effect of turbocharger heat transfer models on the
results provided by the whole engine 1D models have been analysed.

6.2 Main contributions

The main contributions of the thesis can be divided in two major categories heat
transfer modelling and air flow modelling. The first category includes gener-
alised heat transfer model, external heat transfer and effects of turbocharger
heat transfer modelling on engine 1D modelling. The second category includes
the VGT maps extrapolation model and the discharge coefficient prediction.

Heat transfer modelling

Traditionally, heat losses in small turbochargers has not been studied indepen-
dently and the behaviour of the machine has been predicted by direct use of
manufacturer maps. But at low loads, this energy transfer can reach values
even higher than mechanical power.

In this thesis a general procedure to determine heat properties of automotive
turbochargers is provided. The methodology is based on the usage of experimen-
tal information of eight different turbochargers, combining the information of
[26] and new measurements. This experimental information includes conductive
conductances and capacitances and convective conductances. With these exper-
imental data generic correlations for conductive and convective conductances
and capacitances have been obtained.

The turbocharger properties calculated by means of such correlations has
been used coupled to a 1D model of a turbocharger test bench for validation.
The results of the simulations show much better predictions in turbine outlet
temperature compared to the original model without heat transfer modelling.
Compressor outlet temperature prediction has been slightly improved, as well.
It has been also proved for both variables that the precision of the generic
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methodology is similar to the precision given by specific correlations based on
empirical data of a given turbocharger.

It must be stated that the described methodology provides a general proce-
dure for heat transfer account in turbochargers. The given correlations can be
used on different automotive turbochargers requiring only a limited set of geo-
metrical parameters as entry data. In that way, experimental characterisation
of the turbocharger in several test rigs can be avoided without losing precision
in compressor and turbine outlet temperature prediction.

This work also presents an external heat transfer model that takes into
account radiation and convective phenomena and all the possible heat paths
from turbocharger external surfaces. The model uses a simplified geometry,
based on cylinders, of the whole turbocharger that is suitable to be used in
whole-engine simulation software, requiring easy to obtain geometrical data
(detailed turbocharger geometry is not necessary).

The adjusted and validated external heat transfer model has been used to
perform an analysis of the different heat flows, showing that the most important
external heat fluxes comes from turbine external surface, due to its higher tem-
perature and its big areas. They can lead to be up to a half of turbine enthalpy
drop. External heat fluxes at the central housing are negligible compared to the
turbine enthalpy drop. In compressor side, external heat flow can be reversed,
i.e. it can be lost or absorbed depending on the running conditions. In this side,
the most important seems to be the heat radiated by the turbines side but the
other paths cannot be neglected.

For validation purposes the heat transfer model has been used in 1D sim-
ulations of the turbocharger test bench and of a whole engine. Comparing
simulations in standard one dimensional modelling software between tradi-
tional look up maps technique and the usage of turbocharger heat transfer
model it has been concluded that both offer almost the same prediction for the
main turbocharger variables at steady state conditions; except for turbine outlet
temperature. Variables such as turbocharger speed or mass flow, present the
same level of acceptance in both cases so no heat transfer model is needed if
turbine outlet temperature is not a priority and a hot map, measured in similar
conditions of the simulations, is available.

However, when the conditions to model are very different from those at
which the map was obtained, the error using a look up map method can be
considerable even for compressor outlet temperature prediction. In this case,
using a heat transfer model, even with an adiabatic map, gives precise results
whatever are the temperature conditions. In addition, using heat transfer model
with adiabatic maps eventual problems that may arise during the turbocharger
modelling task are avoided.

Finally, it has been stated in this work that the differences in turbine outlet
temperature are about 25 K, even with moderate temperatures at turbine inlet
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(about 600 K). The reason of this overprediction is in the definition of turbine
efficiency used in the maps. In measured hot turbine maps it is common using
ETE definition. The compressor and not turbine power is used in the numerator
of such definition, what does not represent real turbine efficiency (because of
mechanical losses).

In engine test bench full load tests for two different turbochargers have been
simulated using a commercial 1D software and the results have been compared
with the experimental data from an engine test bench. The main findings of
this comparison lay in the fact that manufacturer maps in hot conditions are
adequate in predicting all variables at engine full loads excepting COT and TOT.
This fact shows the actual importance of using a heat transfer model for the
turbocharger.

Compressor and turbine outlet temperatures are always well predicted using
a heat transfer model without disturbing the prediction of the rest of engine
parameters.

Contrary to the general view that heat transfer phenomena occurring in
turbochargers are only important at partial loads and transient engine evolu-
tions, in this work, it is shown that full load operating points are also affected
by these phenomena. The compressor and turbine outlet temperatures are
important variables to be predicted at these operating points. The importance is
in inter-cooler design (or combustion process), after-treatment, exhaust energy
recovery and two stage turbocharging modelling and design because accurately
predicted boundary conditions can be used in each case.

The work also shows that turbo speed prediction is not affected by heat
transfer when hot turbocharger maps in which compressor and turbine have
been measured at the same time are used. The reason is the cancellation of
compressor heat terms in this kind of maps. Only prediction of compressor and
turbine outlet temperatures is improved by the heat transfer model, if they are
compared to the model based on hot maps.

In partial load the same positive effects in the prediction of outlet tempera-
tures are observed using turbocharger heat transfer model.

Air flow modelling

Regarding air flow modelling a method for extrapolating radial turbine perfor-
mance in terms of VGT position, rotational speed and blade speed ratio has
been developed. In order to fully validate the model, results from a special tur-
bocharger gas stand have been used [89], which provides means for measuring
at very high blade to jet speed ratio.

The method uses thirteen calibration coefficients which are fitted using a
limited set of available turbine map data. Seven coefficients are fitted indepen-
dently for the reduced mass flow and six for the efficiency. The reduced mass
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flow calibration coefficients must be fitted in the first place since one of them,
the quotient between the rotor and the stator discharge coefficients (coefficient
’c’), is used in the efficiency model equation.

The reduced mass flow and the efficiency variables are interrelated since the
reduced mass flow appears in the efficiency equation and the efficiency appears
in the mass flow equation. As both variables appear implicitly, after fitting
the calibration coefficients, a system with the reduced mass flow and the effi-
ciency equations must be solved, using an iterative procedure, for extrapolation
purposes.

The model shows good agreement with the experimental data even when
it is calibrated with a very limited set of data. Both mass flow and efficiency
can be extrapolated beyond typical turbine map measured range in whatever
variable, i.e. VGT position, reduced speed and blade to jet speed ratio.

One of the main advantages of the model is that it can be used easily for
any radial VGT or FGT (fixed geometry turbine), as the geometrical parameters
are easy to measure and the initial conditions and boundaries for the fitting
procedure have been stated in the thesis. A good extrapolation is expected for
any energy conversion system using radial turbines since model self calibration
coefficients do not depend on turbine size and model is based on reduced or
non-dimensional parameters for representing turbines performance. It is only
necessary to have a standard turbine map measured in almost adiabatic condi-
tions (or adiabatized) and with at least two VGT positions to fit the necessary
coefficients for reduced mass flow and efficiency extrapolation. Nevertheless,
the higher the number of available VGT positions the better for the quality of
the extrapolation model.

The accuracy of the extrapolation model regarding mass flow parameter
is high in the intermediate expansion ratio range. At low expansion ratio the
model is still able to reproduce the behaviour of most of the experimental points,
even with negative turbine adiabatic efficiencies. The accuracy of the efficiency
model is high in the intermediate σ range. At high σ the model curves cross
most of the experimental points, mainly at intermediate turbine reduced speeds.
Good results for both variables are also obtained when extrapolating turbine
reduced speeds. Finally, the prediction of full VGT position maps is also accurate
in the whole expansion ratio range.

The main limitation of this approach is that the model has to be calibrated
for each turbine using turbocharger manufacturers map data or some operative
points tested a priori to get model maximum predictability. Since there are 13
coefficients (7 for mass flow parameter and 6 for efficiency), at least 7 turbine
operative points must be available for model self-fitting procedure. The higher
the number of points the better the fitting results. If no data are available the
predictions of the model will be less accurate but can still be possible by using
average values of the proposed model coefficients.
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Regarding discharge coefficient determination for two stage turbochargers
an experimental methodology has been developed in this work to make possible
a proper characterisation. The procedure is used to fit the discharge coefficient
of the different valves to mathematical expressions in order to be used in 1D
gas dynamic codes. The error in mass flow prediction using this procedure is
small if compared with the experimental results.

6.3 Future works

The proposed future works have also been divided in the two categories used in
the previous section.

Heat transfer modelling

Further research is needed to improve the resolution of the heat transfer model.
For oil coking problem a model that does not neglect radial heat transfer in
the housing must be developed. In the current state of the heat transfer model
the capability to predict oil coking is limited since only axial heat transfer is
considered. Furthermore a parametric study of the effect of each parameter of
the model must be carried out. The effect of those parameters on the different
turbocharger variables must be evaluated. In that way, the improvement in
prediction can be done by improving the estimation of most sensible heat transfer
parameters.

Some research is needed to make an improvement in the estimation of
conductive conductances of the model using FEM simulation with detailed tur-
bocharger geometry and material properties. In that way the thermohydraulic
test bench characterization can be avoided with the reduction of costs.

The combined effect of VGT extrapolation tools and heat transfer model
must be assessed in 1D engine simulations. The effect on engine variables such
as torque and BSFC can be assessed.

Air flow modelling

One possible future work is to use a CFD approach in a similar way to the
proposed in [137] in order to double check the validity of the proposed methods.
Furthermore, available experimental off-design measurements can be used for
validation.

Another way of improving the extrapolation model is developing a more
physical model based on the different losses of the turbine. In that way the num-
ber of fitting coefficients can be reduced and less information may be required to
fit the model with good precision.
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